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FOREWORD 
 
These Proceedings contain the Ninth Minsk International Seminars “HEAT PIPES, HEAT PUMPS, 

REFRIGERATORS, POWER SOURCES” (MIS) lectures and presentations. 
The Conference took place on September 07-10, 2015 in Minsk, Belarus with more than 100 attendants 

from 22 countries. Eight MIS Conferences were organized in Minsk on the base of the Luikov Heat and Mass 
Transfer Institute and NIS Countries Association “Heat Pipes” since 1993 up to 2011. This Seminar of 2015 is 
focused on the theory, experiments and applications of convective heat and mass transfer in two-phase flows, 
heat pipes, heat pumps, refrigerators, power sources and is aimed at enhancing the dialogue between the 
multiple group development, transfer and application of renewable energy technologies. The considerable 
potential impact on the energy systems is realized by wide application of heat pumps, fuel cells, and 
solid/liquid sorption systems of two and tri-generation of energy. A new stream of the Seminar is related with 
application of nanotechnologies. Nanofluids and nanocoatings application in miniature heat transfer devices 
are suggested to improve thermal characteristics of heat pipes, heat pumps, refrigerators and different power 
sources. The size and operating costs of such machines can be reduced using nano technologies. The 
nano-roughness of the heat transfer surfaces due to nano coating increase surface area and wettability 
vapor-liquid interface, evaporation heat transfer. Heat pipes with nano fluids and nano coating are easily 
implemented into the multistage adsorption systems and ensure the heat and mass recovery from one stage 
system to another. Such solid sorption machines are very compact, light and have a good potential to be used in 
the air-fuel cells, electronic thermal control, transport applications and space programs.  

All of papers accepted to the Seminar were reviewed rigorously by the experts, including the Int. 
Scientific members of the Seminar. Decision regarding acceptance for inclusion in the Proceedings was based 
on authors’ responses to the peer reviews. 

The IX Minsk International Seminar Proceedings incorporate more than 80 papers, including 9 invited 
Lectures.  

I am very grateful to the International Scientific Committee members for their valuable contribution in 
the reviewing of all the full papers. I am very thankful to the keynote lecturers: O. G. Penyazkov, S. Kakaç, 
R. Cotta, A. G. Fedorov, Yu. I. Aristov, B. B. Saha, B. Bonjour, Yu. F. Maydanik, V. V. Kuznetsov, 
A. A. Mahamad, M. Groll, V. V. Yagov, K. A. Goncharov, M. Mochizuki, M. Ohadi.  

I wish to express my sincere thanks to the Belarusian Honorary Scientific Committee and the 
Conference organizers: National Academy of Sciences of Belarus, Luikov Heat & Mass Transfer Institute, 
Belarusian Republican Foundation for Fundamental research, Belarusian National Technical University.  

The important Sponsorship of the Seminar is gratefully acknowledged, particularly International Centre 
for Heat and Mass Transfer, LG Electronics, Belarusian Republican Foundation for Fundamental Research, 
TAIS Ltd., THERCON-LHP Ltd. 

I gratefully acknowledge the help of the General Secretary of ICHMT, Professor Faruk Arinç, for his 
help in the organization of the Conference. We are also very grateful to all participants, who helped us in 
organizing this Conference and whose efforts made the conference a full success.  
 
 
 
September 2015, Minsk, Belarus 

Leonard L. Vasiliev 
IX MIS Conference Chairman 
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HEAT TRANSFER ENHANCEMENT WITH NANOFLUIDS –A REVIEW 
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Abstract 
Nanofluids have been investigated for their enhancements, advantages and potentials in improving convective 

heat transfer rates since they can be used as working fluids in various thermal systems. Thermal researchers have 
gained their attentions to focus on the nanofluids experimentally and numerically. This work provides nanofluid 
investigations of theoretically and experimentally.  In the numerical analysis, the thermal dispersion model is further 
investigated through a single-phase, temperature-dependent thermal conductivity with Brownian motion approach. 
Numerical analysis of hydrodynamically fully developed laminar forced convection of Al2O3(20 nm)/water nanofluid 
inside a circular tube under  various boundary conditions has been carried out. Results of the numerical solution are 
compared with the experimental data available in the literature. The experimental parts presented some measured 
viscosity and thermal conductivity values of nanofluids, as well as important correlations obtained from experimental 
data. The theoretical parts expressed into two main considerations as the single- phase modeling and the two - phase 
modeling; the former occupies steady properties of nanofluids and the latter distinguishes nano particle properties from 
base-fluid properties. 
 
KEYWORDS 
Nanofluids, heat transfer enhancement, convective heat transfer 
 
 
INTRODUCTION 

Enhancing heat transfer rates by utilizing nanofluids has drawn significant attentions from researchers 
around the world because of heat transfer enhancements caused nanofluids which are different from heat 
transfer coefficients of base fluids. Nanofluids combine nanoparticles and base fluids which are applied as 
working fluids in several technologies such as coolants in electronic devices, automotives, power generators 
and refrigerations. Typical solid nanoparticles, diameter scales of 1–100 nm with high thermal conductivities, 
are suspended in the base fluids which have low thermal conductivities. The nanofluids have shown that they 
can enhance effective thermal conductivities and the convective heat transfer coefficients of the original base 
fluid [1]. The thermal conductivities of the particles; metallic or nonmetallic materials such as Al2O3, Ag, 
CuO, Cu, SiO2 and TiO2, are particularly higher than the base fluids even at low concentrations, resulting in 
significant enhancements in the heat transfer coefficients [1,2]. Nanofluid selection is based on nanofluid 
properties, sizes, shapes, volume fractions and stabilities of the nanoparticles, as well as, thermophysical 
properties of nanofluids which play important roles on the heat transfer performances. Generally in nanofluid 
convective heat transfer modeling, the nanofluid simulations can be considered into two catagories; the 
single-phase modeling which the combination of nanoparticle and base fluid is considered as a single-phase 
mixture with steady properties (mixed properties between the nanoparticle and base fluid properties) and the 
two-phase modeling which the nanoparticle properties and behaviors are considered separately from the base 
fluid properties and behaviors. These two types of the nanofluid simulations were discussed in details later in 
this review.   

Sundar and Singh [3] and Li et al. [4] informed the nanofluid preparation which was very important task 
with the use of nanoparticles for improving the thermal conductivity of base fluids. Two methods were used 
for producing the nanofluids, (i) single-step method (ii) two-step method. In the single-step method was a 
process combining the preparation of nanoparticles with the synthesis of nanofluids, for which the 
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nanoparticles were directly prepared by physical vapour deposition (PVD) technique or liquid chemical 
method. In the two-step method, the nanoparticle-preparation step was separated from the nanoparticle-
dispersing step. They claimed that the disadvantage of this method was that only low vapour pressure fluids 
were compatible with the process. They also summarized three interesting works as; preparing copper 
nanofluids by Zhu etal. [5], Liu et al. [6] and Eastman and Choi [7].  

 
1.1 Nanofluid Density 

Wen and Ding [8] introduced the nanofluid density based on nanofluid volume fraction which can be 
obtained from 
 

(1 )nf p f      .                 (1) 

 
Sommers and Yerkes [9] measured the density of the Al2O3/propanol nanofluid at room temperature 

and found that the comparison of measured and calculated densities with the use of mixing theory which 
indicated that the differences between them increase with increase in concentration of particles, less than 5% 
when the weight concentration is up to 5%. Chandrasekar et al. [10] compared Sommers and Yerkes [9] with 
the mixing theory as shown in Figure 1. 

 

 
Fig. 1. Density comparison of the numerical results with experimental data of Sommers and Yerkes [10] 

 
1.2 Nanofluid Specific Heat 

Pak and Cho [11] and Xuan and Roetzel [12] demonstrated two expressions which were commonly used 
to determine the specific heat of nanofluids based also on nanofluid volume fraction, , as  
 

, , ,(1 )p nf p p p fc c c      and     (2) 

( ) ( ) (1 )( )p nf p p p fc c c          (3) 

 
Elias et al. [13] concluded in their experimental study that nanofluid specific heat was found to be 

decreased with the increase of nanoparticle volume concentrations and, by increasing the temperature, the 
specific heat was observed to be intensified. 

 
2. NANOFLUID VISCOSITY 

Nanofluid viscosity is one of the important thermophysical parameters for practical applications since it 
directly affects the pressure drop in forced convection. Generally, increasing in the viscosity by adding 
nanoparticles to base fluids is significant, the viscosity also depends on particle volume fractions, particle 
sizes, temperatures, and extents of clustering [14]. Most works reported experimental investigations more 
than the numerical investigations. 
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2.1 Experimental investigation of Nanofluid Viscosity 

Kakac and Pramuanjaroenkij [1,15] and Sundar et al. [16] summarized empirical viscosity correlations 
in their review works, where the viscosity correlations were proposed for different nanoparticles and base 
fluids. Chandrasekar et al. [10] tabled the experimental relative viscosity of nanfluids as in Table 1 which 
showed differences between base fluid viscosity and nanofluid viscosity [10,16].  

 
Table 1. The experimental relative viscosity of nanofluids and base fluids [10,16]. 

 
Base fluids Nanoparticles Volume fractions (%) Relative viscosity 

(max) 
Researchers 

Water 
0.00089 Pa s 
Sundar et al. 
[16] 
 

Al2O3 
Al2O3 
Al2O3 (36 nm) 
Al2O3 (47 nm) 
Al2O3 
Al2O3 (< 50 nm) 
Al2O3 (< 20 nm) 
TiO2 
 
Fe3O4 
Fe 
Ag 
CuO 
CuO 
SiC 

0.01 – 0.30 
0.00 – 5.00 

0.00 – 13.00 
0.00 – 13.00 
0.00 – 6.00 
0.13 – 2.90 
0.13 – 2.90 
0.20 – 2.00 

 
0.00 – 2.83 
0.00 – 4.00 

0.30/0.06/0.09 
1.00 – 6.12 
0.16 – 1.70 

4.00 

1.029 
2.36 
4.5 
5.5 

1.6 – 1.8 
1.3 
1.8 

1.15 
 

2 
11.25 

1.06 – 1.43 
4 

1.14/1.81 
1.8 

Lee et al. [17] 
Chandrasekar et al [18] 
Nguyen et al. [19] 
Nguyen et al. [19] 
Anoop et al. [20] 
Pastoriza-Gallego et al. [21] 
Pastoriza-Gallego et al. [21] 
Duangthongsuk and 
Wongwises [22] 
Li et al. [23] 
Li et al. [23] 
Godson et al. [24] 
Namburu et al. [25] 
Pastoriza-Gallego et al. [26] 
Timofeeva et al. [27] 

Ethylene 
Glycol (EG) 
0.0162 Pa s 

Sundar et al. 
[16] 
 

AIN 
TNT 
Al2O3 
CuO 
ZnO 
Diamond 

1.00 – 10.00 
0.10 – 1.80 
0.00 – 6.00 
0.00 – 6.00 
0.20 – 5.00 

1.00 

1.37  
1.7 

1.22 
1.24 
1.15 
1.01 

Yu et al. [28] 
Chen et al. [29] 
Anoop et al. [20] 
Anoop et al. [20] 
Yu et al. [30] 
Yu et al. [31] 

 
The nanofluid viscosities were observed by several research groups in their experimental investigations. 

Elias et al. [13] presented new findings on viscosity of Al2O3 nanoparticles, 0 to 1 vol.%, dispersed into 
water and ethylene glycol based coolant used in car radiator. They prepared nanofluids by using by the two-
step method. They found that thermal conductivity, viscosity, and density of the nanofluid increased with the 
increase of volume concentrations, diversely, and with the decrease of the temperature. 

Hachey et al. [32] experimentally investigated two surfactant-free nanofluid species, 10 nm γ-
Al2O3/water and γ-Al2O3/ethylene glycol, 1.0, 2.5 and 5.0% particle volume fractions. They found some 
unexpected results, in some cases, some samples presented exceedingly high dynamic viscosity. 

Sundar et al. [33] prepared a magnetic Ni/water nanofluid and experimentally determined thermal 
conductivity and absolute viscosity of the nanofluid as a function of particle concentration and temperature; 
they found that an absolute viscosity of Ni nanofluid increased with increase of particle concentrations and 
decreased with temperature. 

Halelfadl et al. [34,35] reported the shear-thinning behavior of nanofluids, the multi-walled carbon 
nanotubes/water nanofluid viscosity depended on the base fluid type in the Newtonian region and the relative 
viscosity of the stabilized carbon nanotubes nanofluids was affected by both the increase in nanoparticle 
volume fractions and shear rates. 

Saleh et al. [36] measured titanium dioxide nanofluids viscosity and indicated that the relative viscosity 
increased with increasing nanoparticle volume fraction. However, they concluded that in this case, the 
nanofluid viscosity was independent of temperature. 

Manikandan et al. [37] reported the viscosity of sand–propylene nanofluids decreased with nanoparticle 
concentration (0-2% vol.) and temperature (29-140C). They suggested that, in the well-dispersed 
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nanofluids, interactions between nanoparticles and propylene glycol through nanoparticles surface led to 
disturbance of hydrogen bonding network of propylene glycol, this was manifested as reduction in viscosity 
of dispersion in comparison to pure propylene glycol.  

Singh et al. [38] dispersed Cu in two commercial solar heat transfer fluids (TH59 and TH66). They 
measured dynamic viscosity and perceived that if good dispersion of nanoparticles was achieved, the 
composite fluids behaved in a Newtonian manner and the dynamic viscosities increased over the base fluid 
were minor at temperatures 125C and above. 

Einstein [39] and Drew and Passman [40] presented the dynamic viscosity expression for dilute 
suspensions that contain spherical particles with neglecting particles interactions, the well-known Einstein’s 
formula, 
 

(1 2.5 )nf f    .                                                         (4) 

 
and Einstein’s equation was extended by Brinkman [41] at the maximum particle volume fraction  
 

2.5

1

(1 )nf f 





.                                                         (5) 

 
Batchelor [42] extended the Einstein’s equation as; 

 
2

1 2(1 )nf fC C      ,                                                   (6) 

 
Chandrasekar et al. [18] modified Batchelor model and proposed 

 
2 3

1 2 3(1 )nf fC C C        ,                                           (7) 

 
which was obtained from an exponential model for volume fraction up to 35% in Ward and Renewed Ward 
models [43], as well as, C1, C2 and C3 were constant from the experimental study [18]. The correlations 
proposed for the viscosity of the Al2O3/water and CuO/water nanofluids were introduced by Nguyen et al. 
[44] as 
 

2(1 2.5 150 )nf f     
 
,                                                    (8) 

for 36nm-Al2O3/water nanofluid 
  

(1.125 0.007 )nf fT    ,                                                    (9) 

for 1-9.4%vol. Al2O3/water nanofluid  
 

2(2.1275 0.0215 0.0002 )nf fT T    ,                                     (10) 

for 1-9.4%vol. CuO/water nanofluid and 
 

0.148(0.904 e )nf f
   ,                                                         (11) 

for 47nm-Al2O3/water nanofluid and, for 0-6%vol. Al2O3/water nanofluid given by Maïga et al. [45] and Rea 
et al. [46], respectively, as 
 

2(1 7.3 123 )nf f       ,                                                      (12) 
4.91 0.2092( )nf fe     .                                                        (13) 
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Esfe et al. [47] observed that most conventional models such as Batchelor equation [42] or Eq. (6) and 
Wang et al. [48] failed to predict the dynamic viscosity of the (40 nm) MgO–water nanofluid flowing 
through a straight circular tube. Therefore, they proposed a new correlation as 
 

2(1 11.61 109 )nf f       .                                                 (14) 

 
for the dynamic viscosity of MgO (40 nm) by mean of the polynomial curve fitting based on the 
experimental data. 

Ghanbarpour et al. [49] confirmed that nanofluid exhibited Newtonian behavior. They found that 
Corcione and Krieger correlation [50] and Dougherty correlation [51] predicted their experimental results 
with higher accuracy and lower deviation; ±10% error in all concentrations. These equations were, 
respectively, as 
 

max

max

(1 )agg
nf f


 


  ,                                                           (15) 

0.3

1.03 1(1 34.87 )p

nf f
f

d

d
  




 

    
 

,                                             (16) 

 
2.2 Numerical investigation of Nanofluid Viscosity 

Pozhar and Gubbins [52-54] and Pozhar [55-56] presented the simplified Pozhar-Gubbins (PG) rigorous 
which was used to calculate the viscosity of fluids and claimed that the PG transport theory provided a 
reliable, conversely, all the heauristic approaches failed. Sundar et al. [16] mentioned that most investigators 
obtained viscosity enhancement with the dispersion of nanoparticles in the base fluid and the enhancement 
without exact theoretical mechanism or common empirical correlations with effect of volume fraction, size 
and temperature. Ghadimi et al. [14] reported that a categorization for the rheological behavior of nanofluids 
proposed by Chen et al. [57] into four groups as; (i) dilute nanofluids ( < 0.1%) without visible shear-
thinning behavior whose viscosity fitted the Einstein equation, (ii) semi-dilute nanofluids ( between 0.1–
5%) without obvious shear-thinning behavior whose viscosity fit ted the modified Krieger–Dougherty (K–D) 
equation, (iii) semi-concentrated nanofluids ( between 5–10%) with noticeable shear-thinning behavior 
whose viscosity fitted the modified K–D equation and (iv) concentrated ( > 10%) which was out of the 
normal concentration range of nanofluids [18,58]. 
 
3. NANOFLUID THERMAL CONDUCTIVITY 

The detailed literatures reviewing the thermal conductivity of nanofluids were presented by Kakaç and 
Pramuanjaroenkij [1], Chandrasekar et al. [10], Ghadimi et al. [14], Özerinç et al. [59] and Paul et al. [60] 
which summarized many theoretical models and the latter works compared their predictions with 
experimental data available in their literatures.  

Zhang et al. [61] experimentally measured effective thermal conductivity and thermal diffusivity of 
nanofluids; Au/toluene, Al2O3/water, TiO2/water, CuO/water and CNT/water, by using the transient short-
hot-wire technique. They found that the effective thermal conductivities of nanofluids had not shown any 
anomalous enhancements. They confirmed that Hamilton-Crosser correlation could predict the effective 
thermal conductivity of nanofluids with spherical particles at low volume fractions and Yamada and Ota 
correlation could predict the ffective thermal conductivity of CNT nanofluids 

Paul et al. [60] summarized three main nanofluid thermal conductivity measurement techniques as 
Transient Techniques (Transient hot-wire, Thermal Constant Analyzer, Temperature Oscillation and 3ω 
Technique), Steady State Technique (Steady state parallel plate and Cylindrical cell) and Thermal 
Comparator. The transient hot-wire technique was carried out dominantly [60]. Some experimental results 
obtained from these measuring techniques were concluded by Chandrasekar et al. [10] and Ghadimi et al. 
[14]. Table 2 presented some base fluid and nanofluid thermal conductivities.  
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Table 2. The experimental thermal conductivity of nanofluids and base fluids [1,10,14]. 

Base fluids Nanoparticles Volume fractions (%) Enhancement (%) Researchers 
Water 
0.613 W/m K 
[1] 

Al2O3 
Al2O3 
Al2O3  
TiO2 
 
TiO2 
Fe 
Ag 
CuO 
CuO 
SiO2 
SiO2 

0.01 – 0.30 
0.33 – 3.00 

0.40 
0.20 – 2.00 

 
0.20 – 2.00 
0.00 – 4.00 

0.30/0.06/0.09 
1.00 
0.30 

1.00 – 4.00 
1.00 

1.44 
9.7 
13 
7 
 

37 
14.9/25 

30 
5 

300 (3 times) 
23 
3 

Lee et al. [17] 
Chandrasekar et al [18] 
Wang et al. [62] 
Duangthongsuk and 
Wongwises [22] 
Paul et al. [60] 
Li et al. [23] 
Godson et al. [24] 
Hwang et al. [63] 
Lee et al. [64] 
Jahanshahi et al. [65] 
Hwang et al. [63] 

Ethylene 
Glycol (EG) 
0.253 W/m K 
[1] 

AIN 
Cu 
Al2Cu 
CuO 
Ag 
Diamond 

1.00 – 10.00 
0.30/0.50 

2.50 
1.00 

1000 – 10000 ppm 
0.10 – 1.00 

38.71 
46 

120 
9 

18 
17.23 

Yu et al. [28] 
Yu et al. [66] 
Chopkar et al. [67] 
Hwang et al. [63] 
Sharma et al. [68] 
Yu et al. [31] 

 
Maxwell offered the model expressed an effective thermal conductivity equation for nanofluids 

containing spherical nanoparticles [15,69] 
 

2 2( )

2 ( )
p f p f

nf f
p f p f

k k k k
k k

k k k k




  


  
,                                               (17) 

 
Noted that the effect of the size and shape of the particles and particle interactions were not included in 
Maxwell equation. 

Hamilton and Crosser [70] introduced the model which covered none spherical particles and introduced 
the shape factor, n, as experimental parameters for different types of nanoparticles [15];   
 

( 1) ( 1) ( )

( 1) ( )
p f f p

nf f
p f f p

k n k n k k
k k

k n k k k




    


   
,                                      (18) 

where n is defined as 
 

3
n


 ,                                                                  (19) 

where ψ is the sphericity. Sphericity is the ratio of the surface area of a sphere with the same volume as the 
particle to the surface area of the particle, so n = 3 for a sphere. 

Bhattacharya et al. [71] presented Brownian Motion model, Brownian motion was the random motion of 
particles suspended in nanofluids. Brownian dynamics simulation was used to determine the effective 
thermal conductivity of nanofluids as [15] 
 

(1 )nf p fk k k    ,                                                       (20) 

 
Koo and Kleinstreuer [72] proposed the thermal conductivity of nanofluids could be assumed as the 

combination of two parts 
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nf static Browniank k k  ,                                                         (21) 

 
where kstatic could be any thermal conductivity enhancement models such as the first two models and kBrownian 
took the effect of nanoparticles moving with nanoparticles around them as 
 

4
,5 10 B

Brownian f p f
p p

T
k c

d


 


  ,                                        (22) 

 
where B  is Boltzmann constant, 1.3807  10-23 J/K. Both   and β  were determined by utilizing available 

experimental data of Das et al. [73] for most nanofluids,   was taken as 1 [74], excepting for CuO 

nanofluids which was taken as 
 

( 134.63 1722.3 ) (0.4705 6.04 )T       ,                               (23) 

 
Finally, Koo and Kleinstreuer [72] also normalized the effective thermal conductivity as  
 

     
   

4
,

1 1

1

5 10

p f f p

nf f

p f f p

B
f p f

p p

k n k n k k
k k

k n k k k

T
c

d





 


      
     

 

,                               (24) 

 
Nan et al. [75], Wang et al. [76], Prasher et al. [77], He et al. [78] and Evans et al. [79] concerned about 

nanofluid clustering which resulted in the fast heat transportation along relatively large distances and the 
thermal conductivity ratio from clustering was  
 

( 2 ) 2 ( )

( 2 ) ( )
nf cl f cl cl f

f cl f cl cl f

k k k k k

k k k k k




  


  
                                            (25) 

 
Chandrasekar et al. [10], Ghadimi et al. [14], Paul et al. [60] and Prasher et al. [77] noted that excessive 

clustering of nanoparticles result in sedimentation, which adversely affects the thermal conductivity, 
therefore, there should be an optimum level of clustering for maximum thermal conductivity enhancement 
[59]. 

Xuan et al. [80] studied the thermal conductivity of nanofluids by considering both Brownian motion 
and clustering of nanoparticles and proposed an equation as  
 

,2 2 ( )

2 ( ) 2 3
nf p f f p p p p B

f p f f p f cl f

k k k k k c T

k k k k k k r

   
  

  
 

  
                                     (26) 

 
Yu et al. [81] and Yu and Choi [82] obtained Liquid Layering model; liquid molecules formed as layered 

structures surrounding solid surfaces were expected to enhance the effective thermal conductivity than the 
normal liquid matrix, their modified Maxwell model was  

 
3

3

2 2( )(1 )

2 ( )(1 )
pe f pe f

nf f
pe f pe f

k k k k
k k

k k k k

 
 

   


   
,                                           (27) 

3

3

[2(1 ) (1 ) (1 2 )]

(1 ) (1 ) (1 2 )pe pk k
   
  

   


    
 ,                                           (28) 
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l

p

k

k
   and 

p

t

r
                                                            (29) 

 
Xue and Xu [83] used Bruggeman’s effective media theory [84], the effective thermal conductivity of 

the nanofluid was alternatively determined by  
 

1
2

( )(2 ) ( )(2 )
0

(2 )(2 ) 2 ( )( )

nf f

nf f

nf l l p p l l nf

nf l l p p l l nf

k k

k k
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k k k k k k k k





 

    
    

 
    

                                (30) 

and 
3

p

p

r

r t


 
    

,                                                       (31) 

 
Yamada and Ota [85] presented a model for carbon nanotube (CNT), they proposed the normalized 

effective thermal conductivity for CNT nanofluid as  
 

 
 

1

1

p f p f

nf f

p f p f

k k n n k k
k k

k k n k k





    
      

and                                      (32) 

 0.22 p pn L d ,                                                          (33) 

 
Chon et al. [86] proposed a temperature dependent empirical correlation to determine the thermal 

conductivity, where VBr is Brownian velocity of nanoparticles, as 
   

0( )d p nf x pk C c u d r  .                                                         (34) 
0.3690 0.7476

0.7460 0.9955 1.23211 64.7nf f p

f p f

k d k
Pr Re

k d k


   
        

   
                                 (35) 

where 
f

f f

Pr

 

 , f Br p

f

V d
Re




  and 
3

B
Br

f p f

T
V

d


  

 .                                (36) 

 
Corcione [87] proposed as an empirical thermal conductivity correlation using the different data available 

from their literatures for nanoparticles (10-150 nm) between 20-50°C as  
 

10 0 03

0 4 0 66 0 661 4 4

.

nf p. . .

f fr f

k kT
. Re Pr

k T k


   
        

   
                                          (37) 

 
Elias et al. [13] found that, by increasing the temperature, thermal conductivity were observed to be 

intensified; therefore, the nanofluid could show better performances at higher temperatures. They claimed 
that they were the first group who performed the experimental work to measure the thermal conductivity of 
Al2O3/radiator coolant nanofluid at 30°C and compared their results with different empirical equations as 
shown in Figure 2. Their results indicated higher thermal conductivities than those of Maxwell [69] and 
Hamilton and Crosser [70].  
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Fig. 2. Comparison of Elias et al. results with Maxwell [69] and Hamilton and Crosser [70] [13].  

 
Hachey et al. [32] produced some unexpected results, such as most samples exhibiting thermal 

conductivity in an inverse proportion to concentration and the formation of parabolic regressions. They 
demonstrated the degradation of the samples by their exposure to heat. They believed that particle 
agglomeration was the cause of the hysteresis phenomenon observed for the thermal conductivity, dynamic 
viscosity and the nanofluid instability under heating effects. 

Saleh et al. [36] invedtigated TiO2/water nanofluids as working fluids in heat pipe and found that the 
relative thermal conductivity was significantly nonlinearly increased with the addition of nanoparticles and 
with temperature. They claimed that existing theoretical models could not explain the observed 
enhancements in the TiO2/water nanofluid thermal conductivity. 

Manikandan et al. [37] revealed the linear increase of thermal conductivity with nanoparticle 
concentration, 46.2% higher thermal conductivity enhancement at lower temperatures (at 10C with 2 vol% 
nanofluid), and emphasized the role of liquid layers toward thermal conductivity enhancement in the well-
dispersed nanosand–propylene glycol dispersion. 

Singh et al. [38] presented that the thermal conductivity of the copper with two synthetic high 
temperature heat transfer nanofluids; Therminol (TH) and found that Cu/TH59 and Cu/TH66 nanofluids 
increases with the increasing copper loading. They concluded that the Cu/TH66 nanofluids appeared to be 
more stable than the Cu/TH59 nanofluids. 

Halelfadl et al. [35] experimentally studied the influence of particle concentrations and temperatures on 
the thermal conductivity of the CNTs/water nanofluids and found that the relative thermal conductivity 
increased with nanoparticle volume fractions and temperatures. 

Esfe et al. [47] experimentally measured the thermal conductivity and found that the Hamilton and 
Crosser [70] and Yu and Choi [82] models underestimated the thermal conductivity ratio of MgO/water 
nanofluid due to the fact that both models do not take into account the effects of important factors such as the 
particle size, temperature and interfacial layer on the thermal conductivity of nanofluids. 

Ghanbarpour et al. [49] proposed a new correlation based on non-linear fitting of data to predict the 
thermal conductivity of Al2O3/water nanofluid, 3–50% mass concentration and 293–313 K, with less than 5% 
deviations from the experimental results as 
 

21 3 5 2 5nf

f

k
. .

k
                                                     (38) 

 
Ghozatloo et al. [88] studied effects on the thermal conductivity of different modified surface 

modification nanofluids and found that the basic treatment and SDS treated CNT/water nanofluids showed 
the highest conductivity which increases 24.9% of water. 

Lee et al. [89] studied the temporal changes of the nanofluid thermal conductivity, their five different 
nanofluids were generated as Al2O3/water, SiO2/water, Ag/water, Al2O3/EG, and ZnO/EG. Their measurement 
results exhibited that the particles underwent sedimentation, aggregation + sedimentation and aggregation in 
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time order. They confirmed that a higher volume concentration and a smaller particle size increased the 
thermal conductivity of nanofluids. 

Nine et al. [90] carried out an experimental analysis of Cu/water and Ag/water nanofluids in a single 
loop oscillating heat pipe (OHP) with 2.4 mm inner diameter. They reported that nanofluid thermal 
properties in heating up and cooling down modes were different, metal nanofluids were found completely 
unstable in boiling heat transfer application and were more prone to be oxidized at even low temperature. 
They implied that the use of the nanofluid containing metal nanoparticles in any sensitive and expensive 
heating and cooling electronics and any heat exchangers might be detrimental to the whole system.  

Karami et al. [91] experimentally observed significant enhancement of f-CNTs/water nanofluid thermal 
conductivity in Direct Absorption Solar Collectors (DASCs). They saw that the thermal conductivity 
increased with increasing temperatures and f-CNT volume fractions.  

Madhesh et al. [92] experimentally studied the heat transfer and rheological characteristics of Cu–TiO2 
hybrid nanofluids in a tube-in-tube counter flow heat exchanger. Their conclusions showed that the surface 
functionalized and highly crystalline nature of the hybrid nanofluids improved thermal conductivity and heat 
transfer potential of nanofluids.  

Özerinç et al. [59] provided a detailed literature review of Al2O3/water nanofluid thermal conductivity 
and compared the predictions of thermal conductivity models with experimental data available in the 
literatures; Hamilton and Crosser [70], Yu and Choi [82], Koo and Kleinstreuer [72], Lee et al. [93], Das et 
al. [73], Wen and Ding [8], Oh et al. [94], Jang and Choi [95], Xie et al. [96], Xue and Xu [83] and Sitprasert 
et al. [97], as a function of particle volume fraction. All results were in good agreements.  

Ahmed et al. [98] identified effects due to uncertainties of thermal conductivity and dynamic viscosity 
of nanofluids (Cu/water, Ag/water, CuO/water, and TiO2/water). Their results indicated that the skin friction 
coefficient decreased as the Reynolds number and the suction/injection parameter increase. 

Zerradi et al. [99] preformed a numerical study based on the Monte Carlo (MC) simulations combined 
with the new Nusselt number correlations to predict the thermal conductivity of several nanofluids; 
Al2O3/water, CuO/water, TiO2/water and CNT/water, in good agreement with their existing experimental data 
as 
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They presented Figure 3 to show the thermal conductivity of Al2O3/water as function of temperature for 

three averaged nanoparticle and found a good agreement with the experimental values given by Chon et al. 
[86]. 
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Fig. 3. Comparison of the thermal conductivity of Al2O3/water from Zerradi et al. [86,99] 

 
Lamas et al. [100] presented a critical analysis which was a statistical analysis of the different models to 

evaluate the predictive models currently available for thermal conductivity of carbon nanotubes based 
nanofluids. Their statistical study highlighted a lack of confidence on the models available since there was no 
convergence on the results because of poor quality data resulting in limited generic models.  

Tso et al. [101] studied a semi-analytical model for calculating the enhanced thermal conductivity of 
nanofluids in spherical coordinates and focused on the effects of nanolayer thickness and the interfacial 
nanolayer on the effective nanofluid thermal conductivity. They found that their results were in good 
agreement with the experimental results and claimed that their prediction was much better than the Maxwell 
model and Bruggeman model. 
 
4. NANOFLUID CONVECTIVE HEAT TRANSFER MODELING 

A complete understanding about the heat transfer enhancement in forced convection in laminar and 
turbulent flows with nanofluids is necessary for their practical applications to enhance heat transfer rates.  

Kakaç et al. [15] presented the governing equations for fluid flow domains as  
 
Conservation of mass 

 v 0div                                                                     (41) 

Conservation of momentum 
  2v v P + vdiv grad                                                    (42) 

Conservation of energy 

   v c T Tpdiv div k grad                                                  (43) 

 
Özerinç et al. [74] considered the axisymmetric flow as shown in Figure 4, the energy equation for 

nanofluids becomes  
 

 
2

T T

1 T T

nf
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c u
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                                 (44) 

 
When the isotropical flow was assumed, D  was represented for the effective apparent thermal diffusivity, 
for laminar flow, as [1] 
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p eff

D
D

c
 


                                                 (45) 

 
and the apparent thermal conductivity became [1] 
 

effk k D                                                                  (46) 

 
For fully developed laminar flow in a tube, the velocity distribution is given as [15] 
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The energy equation to be solved under constant wall temperature and constant wall heat flux boundary 
condition was [74] 
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The effective apparent thermal diffusivity, D , for turbulent flow, which took Eddy diffusivity of heat, h  , 

into an account and the apparent thermal diffusivity becomes  
 

 eff h

p eff

D
D

c
 


                                                       (49) 

 
Özerinç et al. [74] solved Eq. (48) in a dimensionless form for two boundary conditions mentioned 

aboved. He also insert nanofluid properties into the classical correlations; Shah correlation [102] and Sieder 
and Tate [103]. Shah correlation [102] was the local Nusselt number enhancement ratio correlation for base 
fluid convective heat transfer in laminar flow regime inside circular tubes with constant heat flow boundary 
condition as 

 
Fig. 4. Schematic of hydrodynamically fully developed flow [74] 
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Sieder and Tate [103] provided the average Nusselt number of forced convection fluid flow inside a 
straight circular tube under constant wall temperature boundary conditions as 
 

0.141/3

1.86 b

w

d
Nu Pe

L




     
   

                                                     (51) 

 
Özerinç et al. [74] compared the predictions from Shah correlation [102] (the dashed lines on Figure 5) and 
the experimental data of Li and Xuan [104] (the markers on Figure 5); Shah correlation could not predict the 
average heat transfer coefficient enhancement ratio of Li and Xuan experimental results which slightly 
increased with Reynolds number. In Figure 6, Sieder and Tate [103] correlation (the dashed lines) 
underpredicted the experimental data of Heris et al. [105] (the markers); this underprediction was caused by 
inserting only nanofluid properties into two classical correlations. 
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Fig. 5. Comparison of the predictions of the correlations with experimental data 
as a function of Reynolds number [102,104,106]. 
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Fig. 6. Comparison of the predictions of the correlations with experimental data as 
a function of Peclet number under constant wall temperature [102,104-106]. 
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Kakaç et al. [15] applied the above governing equations and the classical Graetz solutions for the local 
Nusselt number can be obtained as 
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where  0x r Pe  ,  m nfPe u d  , and eigenvalues and coefficients could be found in the literature [15]. 

Özerinç et al. [106] used nanofluid properties with the above Graetz solutions and also found that the Graetz 
solutions underestimated the heat transfer enhancement the nanofluid enhancement. 
 
4.1 Empirical Correlation for Forced Convection with Nanofluids  

Godson et al. [107] and Chandrasekar et al. [10] collected some experimental investigations in 
convection heat transfer of nanofluids as in Table 3.  

Earlier literatures and new research groups have proposed the empirical correlations from as following: 
 

Correlation of Asirvatham et al.; the Nusselt number correlation for turbulent convective heat transfer of 
Ag/water nanofluid,  900 < Re < 12100  and 0 ≤  ≤ 0.9%, inside a tube was also introduced as [3,114] 
 

     

0.8 0.3

0.445 0.37 1.081 1.305

0.0023Re Pr

0.617 0.135 Re Pr

nf nf nfNu
   



 
.                                (55) 

 
Correlation of Li and Xuan; the Nusselt number correlation for the convective heat transfer of laminar 
Cu/water nanofluid, 800 < Re < 4000 and 0 ≤  ≤ 2.0%, inside a circular tube under constant wall 
temperature boundary condition was introduced as [3,11] 

 

 0.754 0.218 0.333 0.40.4328 1 11.258 Re Prnf d nf nfNu Pe  .                             (56) 

 
They also presented the Nusselt number correlation for turbulent convective heat transfer of Cu/water 
nanofluid, 1×104 < Re < 2.5×104  and 0 ≤  ≤ 2.0%, inside a tube as [3,115] 
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Table 3. The experimental thermal conductivity of nanofluids; water and propanol base fluids [10,107] 

Base fluids Nanoparticles Flow regime Experimental condition Researchers 
water Al2O3 

 
Al2O3 
 
Al2O3  
 
Al2O3 
 
Al2O3 
 
SiC 

Laminar and 
Developing flows 

Turbulent 
 

Laminar and 
Developing flows 

Laminar and 
Developing flows 

Turbulent 
 

Turbulent 

Constant wall 
temperature 

Constant Heat flux 
 

Constant Heat flux 
 

Constant Heat flux 
 

Constant wall 
temperature 

Constant Heat flux 

Heris et al. [105] 
 
Williams et al. [108] and Rea 
et al. [46] 
Anoop et al. [109] 
 
Hwang et al. [110] 
 
Fotukian and Esfahany [111, 
112] 
Yu et al. [113] 

Propanol Al2O3  Laminar and 
Turbulent 

Counter flow heat 
exchanger 

Sommers and Yerkes [9] 

 
 0.6886 0.001 0.9238 0.40.0059 1 7.6286 Re Prnf d nf nfNu Pe  .                                 (57) 

 
Correlation of Suresh et al.; the Nusselt number correlation for the convective heat transfer of laminar 
Al2O3-Cu/water hybrid nanofluid [116] and the friction factor [17] for Re < 2300 and 0 ≤  ≤ 0.1% were 
introduced as [3] 
 

   0.68 95.73
0.031 Re Pr 1nf nf nfNu   ,                                   (58) 

 156.230.873726.4 Re 1nf nff   .                                          (59) 

 
where the friction factor was defined by Choi and Cho [117] as 
 

22
h

nf

p D
f

LU
 

 .                                                     (60) 

 
The Nusselt number correlation for turbulent convective heat transfer of CuO/water nanofluid,  2500 < Re < 
6000  and 0 ≤  ≤ 0.3%, inside a helically dimpled tube and the friction factor for this turbulent flow were 
introduced as [3,41] 
 

 
2.089

80.780.984 0.40.00105 Re Pr 1 1nf nf nf

P
Nu

d
      

 
                                   (61) 

and 

 
4.463

107.890.970.1648 Re 1 1nf nf

P
f

d



    
 

.                                  (62) 

 
Correlation of Rea et al.; the Nusselt number correlation for the convective heat transfer of laminar 
Al2O3/water and ZrO2/water nanofluids, 431 < Re < 2000 and 0 ≤  ≤ 6.0% for Al2O3/water  
 
nanofluid, and 140 < Re < 362 and 0 ≤  ≤ 3.0% for ZrO2/water nanofluid, was introduced as [3,116] 
 

 1 3
1.619 ; 0.01nfNu x x   .                                         (63) 

where, 
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 2

Re Pr
inx D

x   . 

Correlation of Pak and Cho; the Nusselt number correlation for the convective heat transfer of turbulent 
Al2O3/water and TiO2/water nanofluids, 104 < Re < 105, 0 ≤  ≤ 3.0% and 6.54 ≤ Pr ≤ 12.33 for ZrO2/water 
nanofluid, inside a tube was introduced as [3,118] 
 

0.8 0.50.021 Re PrnfNu  .                                                     (64) 

 
Correlation of Sajadi and Kazemi; the Nusselt number correlation for the convective heat transfer of 
turbulent TiO2/water nanofluids, 5000 < Re < 30000 and 0 ≤  ≤ 0.25%, inside a circular tube was 
introduced as [3,119] 
 

0.71 0.350.067 Re Pr 0.0005 RenfNu   .                                          (65) 

 
Correlation of Sundar et al.; the Nusselt number correlation for the convective heat transfer of turbulent 

Fe3O4/water nanofluids and the friction factor for 3000 < Re < 22000, 0 ≤  ≤ 0.6% and 3.72 ≤ Pr ≤ 6.50, 
were introduced as [3,120] 

 

 0.51810.8 0.50.02172 Re Pr 1nfNu   .                                          (66) 

 0.15170.250.3491Re 1nf nff   .                                             (67) 

 
Correlation of Vajjha and Das; the Nusselt number correlation [3,39] for the convective heat transfer of 
turbulent nanofluids, Al2O3, CuO and SiO2 nanoparticles with water and ethylene glycol where 3000 < Re < 
16000, 0 ≤  ≤ 0.06% for CuO and SiO2 nanofluids and 0 ≤  ≤ 0.1% for Al2O3 nanofluid, as well as, the 
friction factor [3] were introduced as  
 

   0.65 0.15 0.5420.065 Re 60.22 1 0.0169 PrnfNu    .                                   (68) 

0.707 0.108

0.250.3164 Re nf nf

nf nf
f f

f
 
 


   

       
   

.                                          (69) 

 
Several research groups focused on the free convection, some samples of experimental works as shown 

by Abouali and Ahmadi [121] who classified Nusselt number for different enclosure configurations as in 
Rectangular cavity [122,123] 
 

0.29 0.13
0.29 Pr

0.18
0.2 Pr

H
Nu Ra

L
          

                                           (70) 

 

for 3 51 2 ,10 Pr 10
H

L
     and 

3
3 0.2 Pr

10
PrH

H
Ra

L

    
 

. 

 
 Inclined square cavity [124], for 810HRa   and Title angle is equal to 45 degree, 

 
 0.2580.231Nu Ra .                                                            (71) 

 
Horizontal annulus [125,126], for 37.1 10HRa    and Title angle is equal to 45 degree, 
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1 40.2Nu Ra .                                                                 (72) 

 
Vertical annulus [127] for 2 15 ,1 10K A    and 3 63 10 10LRa   , 

 
 0.329 0.340.278 0.1220.18 kNu Ra K A                                             (73) 

 
Rayleigh-Bénard convection [128], for 5 82.76 10 1.05 10Ra     and Pr is about 7, 
 

0.2780.183Nu Ra                                                              (74) 

 
 

Right triangular enclosure [121], for 4.5 Pr 7   and 4 610 10Ra  , 

 
0.150.226Nu Ra                                                                 (75) 

 
Heris et al. [105] proposed the local Nusselt number enhancement correlation which was validated in 

the range of the experimental data of 2500 < Pe
nf 

< 3500 and 0.2% <  < 2.5%  

 0.75 0.72 0.333 0.40.37 1 58 Re Prnf d nf nfNu Pe  .                                       (76) 

 
From Figures 5 and 6, Özerinç et al. [106] also found that Li and Xuan correlation [104] on the solid 

lines in both figures correctly predicted the experimental data of Li and Xuan [104] and Heris et al. [105]. 
Özerinç et al. [106] solved the energy equation numerically by putting it in dimensionless form and using 
thermal dispersion model of Xuan and Roetzel [12] and the thermal conductivity model of Chon et al. [86]. 
The numerical results were presented in Table 4 and 5 [106,129] to show the associated results for the flow 
of pure water and Al

2
O

3
/water nanofluid at different Reynolds number, the effects from fluid velocity could 

be observed. In Figure 7; lines and markers indicated numerical results from Özerinç et al. [106] and 
experimental data Heris et al. [105], respectively, and dashed line was the numerical solution neglecting the 
thermal dispersion, the analysis performed by neglecting the thermal dispersion significantly underpredicts 
the experimental data. From Table 4 and 5, they also presented that, although, the Nusselt number 
enhancement was small but the heat transfer enhancement was larger because of the thermal conductivity 
effect. 

Zhang et al. [130] experimentally evaluated heat transfer and pressure drop of nanofluids containing 
multi-walled carbon nanotubes (MWNTs) in a horizontal circular tube. The effective thermal conductivity 
and friction factor of low-concentration MWNT nanofluids could be predicted by the Hamilton-Crosser 
model and the Hagen-Poiseuille flow theory, respectively. They concluded that that the enhancement in the 
convective heat transfer is not solely attributed to the effective thermal conductivity enhancement. 

Sundar et al. [33] experimentally evaluated the Nusselt number and friction factor of the nanofluid 
flowing in a tube under constant heat flux condition in forced convection apparatus, 3000 < Re < 22000 and 
0 ≤  ≤ 0.6%, The results indicated that both Nusselt number and friction factor of the nanofluid increased 
with increasing particle volume concentration and Reynolds number. They verified that the classical 
Gnielinski and Notter–Rouse correlations underpredicted the nanofluid Nusselt number proposed of new 
generalized correlations. 
 

Table 4. Nusselt number and heat transfer coefficient obtained from the numerical solution for 
pure water and Al

2
O

3
/water nanofluid with different particle volume fractions [106]. 

Fluid Nufd 

Nu 
Enhancement Ratio 

(Nufd,nf / Nufd,f) 
hfd 

h 
Enhancement 

Ratio 
(hfd,nf / hfd,f) 
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Pe
f 
= Pe

nf
= 6500 

Pure water 
Nanofluid 
1.0 vol.% 
1.5 vol.% 
2.0 vol.% 
2.5 vol.% 

3.66 
 

3.77 
3.82 
3.86 
3.91 

-- 
 

1.030 
1.044 
1.057 
1.069 

480 
 

562 
594 
624 
653 

-- 
 

1.172 
1.238 
1.300 
1.361 

Pe
f 
= Pe

nf
= 12000 

Pure water 
Nanofluid 
1.0 vol.% 
1.5 vol.% 
2.0 vol.% 
2.5 vol.% 

4.36 
 

4.41 
4.45 
4.48 
4.51 

-- 
 

1.011 
1.019 
1.027 
1.035 

588 
 

655 
697 
737 
776 

-- 
 

1.115 
1.187 
1.255 
1.320 

 
Table 5 Average heat transfer coefficient of Al

2
O

3
/water nanofluid according to the numerical 

study and the numerical study of Bianco et al. [129], Re
nf

= 250 [106]. 

h [W/m2 K] 
Study of Bianco et al. [129] Al

2
O

3
/water 

nanofluid 
Numerical 
study [106] Single-phase, 

constant k 
Single-phase, 

variable k 
Two-phase, 
constant k 

Two-phase, 
variable k 

1.0 vol.% 
4.0 vol.% 

385 
450 

364 
414 

398 
444 

396 
422 

421 
446 

 
Halelfadl et al. [34] evaluated the convective heat transfer properties with constant wall temperature for 

four different multiwall CNTs based nanofluids at 0.026%vol concentration in a coaxial heat exchanger 
under laminar regime, 500 < Re < 2500. They claimed that the average convective heat transfer of nanofluids 
increased with the aspect ratio of nanotubes and decreased when the thermal conductivity of the base fluid 
increases. 

Saleh et al. [36] studied the transport properties and thermal performance of TiO2 nanofluids as working 
fluids in a screen-mesh wick heat pipe. The experimental results demonstrated that the nanofluid enhanced 
the thermal performance and an inclination angle 45% and 60% charge volume ratio of working fluid yielded 
the best thermal performance for heat pipes.  

Halelfadl et al. [35] reported the efficiency of the nanofluids as coolants in both laminar and turbulent 
flow regimes as in energy systems and heat exchangers. They found that, in laminar regime, 180 < Re < 330, 
the efficiency of nanofluids was increased to higher range of Reynold numbers and, in turbulent regime, the 
efficiency of the nanofluids was dependant to both the decrease in particle volume fractions and the increase 
in temperatures. 
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Fig. 7. Comparison of the numerical results from Özerinç et al. 
[106] (solid lines) with experimental data of Heris et al. [105] 
(markers) under constant wall temperature [106]. 

 
Esfe et al. [47] studied convective heat transfer characteristics and pressure drop of the (40 nm) MgO–

water nanofluid flowing through a straight circular tube in fully developed turbulent flows. Their results 
showed that the maximum enhancement of heat transfer coefficient was about 35.93% for 1.0% volume 
fraction of nanofluid at Re = 7331. They compared their experimental results with Gnielinski correlation at 
low concentration and found a good agreement. Their experimental friction factor was compared with the 
theoretical values obtain using Blasius relation [123] for distilled water and noted that the friction factor 
relation for the single-phase flow could be extended to MgO/water nanofluids. This trend is in general 
agreement with the results of Xuan and Li [131], Kayhani et al. [132] and Pak and Cho [11] under turbulent 
flow. Esfe et al. [133] experimentally evaluated the effects of adding low concentrations of a new class of 
nantubes; COOH-functionalized double-walled carbon nanotubes (DWCNTs), under turbulent flow. Their 
results indicated that even using a very low quantity of COOH-functionalized DWCNTs led to remarkable 
enhancement in the heat transfer coefficient (on average 25%) and the average Nusselt number increased on 
average by 18% but the pressure drop increased up to 20%, even using 0.01% of nanotubes was not 
advantageous due to the unfavourable effects of raising in pressure drop. 

Ghanbarpour et al. [48] studied nanofluid experimental thermal properties in laminar and turbulent flow 
regimes. For thermally developing laminar flow, their results showed that the relative heat transfer 
coefficient increased almost 90% at 50% mass concentration at the same Reynolds number while the 
coefficient increased 50% and 20% at the same flow velocity and pumping power, respectively. For turbulent 
flow, the relative heat transfer coefficient decreased at the same pumping power because of the higher 
increment in viscosity of the nanofluid. Karami et al. [91] experimentally investigated f-CNTs/water 
nanofluids in DASCs and found that this NFs was interesting for increasing the overall efficiency of DASCs.  

Haghighi et al. [134] studied the convective heat transfer coefficients of water-based Al2O3, ZrO2 and 
TiO2 nanofluids in a 1.5 m long, 3.7 mm diameter tube. They confirmed that classical correlations such as 
Shah for laminar flow and Gnielinski for turbulent flow could predict heat transfer coefficients within 15% 
accuracy. They claimed that the same Reynolds number analysis which was the most common basis in their 
literatures might lead to the wrong decision according to the higher volumetric flow rate the higher viscosity 
causing higher pumping power.  

Hajipour and Dehkordi [135] investigated the Al2O3/water nanofluid mixed convective heat transfer 
inside a vertical channel partly filled with porous metal foam experimentally and numerically. They 
discovered that the nanofluids were stable and no sedimentation occuring in the porous foam and increasing 
the nanoparticle concentration did not show significant effect on the pressure drop in their work.  

Naik et al. [136] focused on the estimation of heat transfer and friction factor CuO/water nanofluid 
flowing in a plain tube with twisted tape and wire coil inserts, the enhancement with inserting the wire coil 
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WC-2 was higher that that of the twisted tape TT-2. They noted that inserted tubes occupied higher friction 
factors, the thermal performance factor for nanofluids with wire coil inserts was more effective than twisted 
tape inserts under same particle loading and flow rate and the enhancement in friction factor was negligible 
in this study. 

Abbassi et al. [137] observed the effect of TiO2/water nanofluid in a vertical annulus with non-uniform 
heat flux and found that, for low volume fraction (less than 1%), there were no major changes in heat transfer 
coefficient and Nusselt number but, for higher volume fractions, heat transfer coefficient and Nusselt number 
increased causing by the nanofluid dispersion. 

Madhesh et al. [93] experimentally discovered that the convective heat transfer coefficient of nanofluids 
increased with Cu–TiO2 hybrid nanofluid concentration and the Reynolds number. The new Nusselt number 
correlation as a function of the Reynolds number, Prandtl number and volume concentration of the hybrid 
nanofluid was proposed as 
 

0.333 0.0320.012 Re PrNu                                                       (77) 

 
which was valid under the transient flow regime, 4000 < Re < 8000 and 0.1 ≤  ≤ 2.0%, 17% average 
deviation respecting to the experimental data.  

Esmaeilzadeh et al. [138] experimentally studied convective heat transfer performance and pressure 
drop of γ-Al2O3/water nanofluid in laminar flow through a circular tube fitted with twisted tape inserts with 
different thicknesses under constant heat flux. They found that twisted tape inserts and the twisted tape 
thickness enhanced the average convective heat transfer coefficient. Unfortunately, they concluded that the 
twisted tapes increased friction factor due to larger contact surface and reduction of fluid free flow area 
causing high speed swirl flow, more the thickness of twisted tape more the increase of friction factor. They 
proposed two new empirical correlations for Nusselt number and thermal performance, η, of Al2O3/water 
nanofluid flowing through circular tube fitted with twisted tape inserts with different thicknesses under 
laminar flow, 150 < Re < 1600, with 15% maximum deviation as 
 

     *

*

*

4.36 0.001 ;

0.001 0.00468

b c x d

f

Nu a x e

t
x

d

   

        

                                     (78) 

 
where a = 46.39, b = 1.142, c = 12.37, d = 1.48, and f = 0.1796 and  
 

 Re 1 1
c

b dt
a

D
 

         
                                                  (79) 

 
where a = 0.155, b = 0.3017, c = 0.2214 and d = 0.710.  

 
Ghobadi and Muzychka [139] carried out an experimental study on the heat transfer inside mini scale 

coiled tubing for constant wall temperature condition with water and two low viscosity silicone oils and three 
categorized tube regions. They found that an empirical method could predict the heat transfer in high 
curvature region. They proposed an asymptotic model using the experimental results for blending the rest 
two regions as 
 

 
1 44

4 0.13.66 0.91375 PrNu De     
                                        (80) 

for 5 < Pr < 15, and 40 < De < 700 with the 10% deviation.  
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Ho et al. [140,141] examined the cooling performance of a minichannel heat sink using the water based 
with Al2O3 nanoparticles and/or microencapsulated phase change material (MEPCM) particles and proposed 
the correlations of the averaged Nusselt number as  
 

 
0.37

21.868 1 1.72 7.48f

p p
h

Pe
Nu

L D
 

 
   

 
                                      (81) 

 
They presented that the heat transfer effectiveness of incorporating the Al2O3/water nanofluid and/or 

MEPCM suspension in the minichannel heat sink depended on the flow rate, the particle fraction dispersed in 
water, and better effectiveness for the Al2O3/water nanofluid over the hybrid water-based suspensions at 
higher Reynolds number.  

Hussein et al. [142] measured the forced convection heat transfer enhancement by TiO2 and SiO2 
suspended in water inside the flat copper tubes of an automotive cooling system and found the significant 
heat transfer enhancement which associated with the concentration of the nanoparticles, 11% and 22.5% 
maximum Nu enhancements for TiO2 and SiO2 nanofluids. 

Utomo et al. [143] investigated the heat transfer coefficients of identical alumina, titania and CNT 
nanofluids independently at two universities, They discovered that their investigated nanofluids behaved like 
homogenous mixtures and, in laminar tube flow, the results followed classical correlations developed for 
single-phase fluids within ±10% deviation. Unfortunately, their results showed that the viscosity ratios of 
nanofluids to base fluids were higher than the thermal conductivity ratios as in their literatures [11,46,144-
146]. 

Gurav et al. [147] produced colloidal Cu nanoparticles in a batch process, then, they found that the 
Nusselt number and heat transfer coefficient increased with an increase in the Reynolds number in the 
laminar flow regime. 

Sun and Yang [148] focused on flow boiling heat transfer characteristics of nano-refrigerants; 
Cu/R141b, Al/R141b, Al2O3/R141b, and CuO/R141b in a horizontal tube and found that adding 
nanoparticles to the refrigerant enhanced the heat transfer and the heat transfer coefficient increased with 
increased nanoparticle mass fraction. Finally, they claimed that Cu nanoparticles had the best effect in 
enhancing the heat transfer performance. 

Waghole et al. [149] conducted an experimental study to investigate heat transfer enhancement of 
Ag/water nanofliud in an absorber by means of twisted tape inserts (inserted in absorber/receiver of parabolic 
trough collector). They concluded that, for absorber with tape inserts, the Nussult Number was enhanced. 
They endorsed that there was no significant increase in pressure drop or friction factor for silver Nanofliud at 
the same twist ratio. They introduced the generalized correlation functions of Nussult number and friction 
factor for turbulent flow of Ag/water nanofliud in plain absorber and with twisted tape inserts as,  
 

 0.0040.2843 0.41.2546 Re Pr 1Nu H D                                           (82) 

  0.17010.27290.0841Re 1f H D
                                             (83) 

 
and, for silver nanofliud with twisted tape inserts, 
 

   0.004 0.0080.2843 0.41.3167 Re Pr 1 1Nu H D                                  (84) 

   0.1701 0.50.27290.0841Re 1 1f H D                                        (85) 

 
which were validated for the range 500 ≤Re ≤6000, 0≤  ≤0.1 % and 0.577 ≤ H/D ≤1.732 where  =0 for 
water and H/D = 0 for plain absorber. 
 

Karami and Rahimi [150] worked on an experimental system which was a hybrid of microchannels 
cooling system, photovoltaic (PV)-thermal module and applying Boehmite/water nanofluid. They found the 
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enhanced heat transfer rate for the PV cell to achieve higher electrical efficiency and found that the flow 
regime in the microchannel is laminar.  

Sohel et al. [151] investigated the heat transfer performances of a rectangular minichannel heat sink 
using Al2O3/water nanofluid at different volume fractions and Reynolds number; a great performance and a 
significant improvement in the heat transfer coefficient (18%) of using Al2O3/water nanofluid as a coolant 
was obtained.   

Vermahmoudi et al. [152] applied Fe2O3/water nanofluid in a compact air-cooled heat exchanger to 
measure the overall heat transfer coefficient using the LMTD technique under laminar flow regime. Their 
measured coefficient demonstrated a very good agreement with the correlation of Xuan and Li [80] with 
average error of 3%. They conducted that the overall heat transfer coefficient and the heat transfer rate of 
nanofluid were improved with the enhancement in the nanofluid and air flow Reynolds numbers. 

Reddy and Rao [153] focused their study on the investigation of heat transfer and friction factor of EG-
water based TiO2 nanofluid flowing in a circular tube with and without helical coil inserts. The experimental 
investigations were concluded that the use of helical coil inserts was advantageous to enhance heat transfer 
on one hand and on the other hand it introduces undesirable pressure drop in the circuit. They introduced 
their Nusselt number and friction factor correlations from their investigation, for Reynolds number varied 
from 4000 to 15,000, as 

 
0.037

7.60.8 0.50.007523 Re Pr 1 1
P

Nu
d

     
 

                         (86) 

 
0.041

2.7230.23770.3250 Re 1 1
P

f
d

     
 

                             (87) 

 
 
Khairul et al. [154] focused on the benefits of using CuO/water nanofluids in a corrugated plate heat 

exchanger and revealed that CuO/water nanofluids increased the heat transfer coefficient and enhanced 
exergetic heat transfer effectiveness was found. 

Buschmann and Franzke [155] aimed to make nanofluids applicable for thermosyphons, they employed 
water based titanium dioxide and gold nanofluids with different concentrations and found that a maximal 
reduction of the thermal resistance was achieved but their long term experiments carried out with 0.3 vol. % 
gold particles indicated a massive aging of the porous layer built of nanoparticles on the evaporator surface. 

Heris et al. [156] experimentally studied the effect of electric field on thermal performance of two-phase 
closed thermosyphon by adding two different water based nanofluids; Al2O3 and CuO. Their results showed 
that the thermal performance, and the Nusselt number ratio of thermosyphon gradually increased by increase 
in electric field intensity and nanofluids concentration, Al2O3/water nanofluid improved thermal performance 
of thermosyphon more than CuO/water nanofluid. 
 
4.2 Numerical Analysis of Convective Heat Transfer of Nanofluids  
 

4.2.1 Single-Phase Convective Heat Transfer 
Since the nanofluid flow can be considered as a single-phase incompressible flow, the simplest approach 

for the single-phase assumption is the direct usage of the governing equations of pure fluid flow with the 
thermophysical properties of the nanofluid in consideration [15].  
 
a. Laminar flow with nanofluids  

Özerinç et al. [106] compared their numerical results for fully-developed laminar flow with 
experimental and numerical data as shown in Figures 7 and 8. In Figure 7, lines and markers indicated 
numerical results and experimental data, respectively, and dashed line was the numerical solution neglecting 
the thermal dispersion for 1 vol.% nanofluid. In Figure 8, Lines and markers indicate the numerical results 
and study of Heris et al. [157], respectively. They compared their numerical solutions obtained from the 
finite different method with experimental data obtained from Heris et al. [105] and with numerical results 
obtained from Heris et al. [157]. They noted that taking variable thermal conductivity and variable thermal 
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dispersion into account in nanofluid analysis significantly improved the numerical accuracy and claimed that 
the single-phase approach was able to provide an accurate prediction of heat transfer enhancement of 
nanofluids. 
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Fig. 8. Comparison of the numerical results with numerical data of Heris et al. [157] [106] 

 
Bianco et al. [129] considered the laminar flow of Al2O3/water nanofluid under constant wall heat flux 

boundary condition, the problem was analyzed by using both single phase and two-phase approaches and the 
results indicated that taking the variation of thermophysical properties with temperature into account resulted 
in higher enhancement values. In addition, they noted that the difference between the results of single phase 
and two-phase approaches was small, especially when temperature dependence of thermophysical properties 
was taken into account, an indication that the single phase assumption provides acceptable results [74].  

Tongkratoke et al. [2] proposed numerical study on the laminar Al2O3/water nanofluid flow with the 
mixing thermal conductivity model as Maxwell [69], Brownian motion [72], and Yu and Choi [82] models 
were considered as the effective thermal conductivity models and mixed alternately in the simulation 
domain. The mixing thermal conductivity models demonstrated their potential to improve single-phase 
model accuracy as shown in Figure 9. 

 

 
Fig. 9. Simulation results obtained from single and mixing thermal 
conductivity models and experimental data [2] 

 
Hussein et al. [158] were interested in the friction factor and laminar forced convection heat transfer 

enhancement of SiO2/water nanofluid. They performed a simulation and found that the friction factor and 
Nusselt number were highly depended on the volume concentration and Reynolds number. They claimed that 
the SiO2 nanofluid had high potential for hydrodynamic flow and heat transfer enhancement and were highly 
appropriate to industrial and practical applications.  

Hussein et al. [142] brought their input and output parameters from their laminar experimental work to 
develop statistical models of cooling system components using multiple linear regression methods and 
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factorial methodology (FM) or the analysis of variance (ANOVA) for Nusselt number for pure water, 
TiO2/water and SiO2/water, respectively, as 

 
1 69414 0 32529 0 0058446Nu . . Q . T                                      (88) 
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Malvandi and Ganji [159] theoretically investigated force convective heat transfer of alumina/water 
nanofluid inside a cooled parallel-plate channel in the laminar creeping flow regime and the presence of heat 
generation. They developed a modified two-component four-equation non-homogeneous equilibrium model 
with adiabatic bottom wall and no-slip condition of the fluid–solid interface on Fortran. Their results 
indicated that nanoparticles move from the adiabatic wall (nanoparticles depletion) toward the cold wall 
(nanoparticles accumulation) and construct a non-uniform nanoparticle distribution. Malvandi and Ganji 
[160] also studied mixed convective heat transfer of the same nanofluid inside a vertical microchannel by 
using a modified Buongiorno’s model. Their results indicated that nanoparticles moved from the heated walls 
causing nanoparticles depletion towards the core region of the channel causing nanoparticles accumulation 
and constructed a non-uniform nanoparticles distribution. 

Nield and Kuznetsov [161] conducted an analytical study of fully-developed laminar forced convection 
in a parallel-plate channel occupied by a nanofluid which was subjected to uniform-flux boundary 
conditions, constant heatflux boundaries and constant temperature boundaries. Their model incorporating the 
effects of Brownian motion and thermophoresis and found that the combined effect had the effect of 
reducing the Nusselt number. 

Selimefendigil and Öztop [162] performed a numerical study of laminar pulsating rectangular jet with 
nanofluids to investigate the effects of pulsating frequency, Reynolds number, volume fraction on the 
nanofluid flow and heat transfer characteristics by using FLUENT finite volume based code. From their 
results in the pulsating flow case, the combined effect of pulsation and inclusion was not favorable for the 
augmentation of the stagnation point. 

Kherbeet et al. [163] simulated the laminar mixed convective flow of SiO2/EG nanofluid over a 3-D 
horizontal microscale backward-facing step (MBFS) to explore the effect of step height on the flow and heat 
transfer characteristics by using a finite volume method. Their results showed that the Nusselt number and 
skin friction coefficient increased, while the Reynolds number and pressure drop decreased, with the increase 
of the step. 

Xu and Pop [164,165] presented their works on mixed convection flow of a nanofluid over a stretching 
surface with uniform free stream [164] and in a horizontal channel [165]. Their nanofluid contained both 
nanoparticles and gyrotactic microorganisms. The recursively analytical solutions with high precision in both 
works were obtained by the improved homotopy analysis method. 

Ting et al. [166] performed field-synergy analysis on the viscous dissipative alumina/water nanofluid 
flow in circular microchannel heat sinks to scrutinize the synergetic relation between the flow and 
temperature fields for both heating and cooling processes. For the heating process under the effect of viscous 
dissipation, they found that the degree of synergy deteriorated which led to a dwindled heat transfer 
performance of the nanofluid becaue the presence of two difference heat sources, the synergy angle and field 
synergy number for viscous dissipative flow. For nanofluid cooling process, they found that the viscous 
dissipation augmented the field synergy of the flow. 

Azimi and Kalbasi [167] simulated the forced convective heat transfer of nanofluid in the developing 
laminar flow (entrance region) in a circular tube and found that the dynamic part of nanofluid thermal 
conductivity due to the Brownian motion had a minor effect on the heat transfer coefficients, however, static 
part of thermal conductivity including nanolayer around nanoparticle played an important role in heat 
transfer. 
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Elias et al. [168] aimed to study the effect of different particle shapes (cylindrical, bricks, blades, and 
platelets) in laminar flow on the overall heat transfer coefficient of a shell and tube heat exchanger with 
different baffle angles and segmental baffle. They found that cylindrical shape nanoparticles showed best 
performance in respect to overall heat transfer coefficient and heat transfer rate. 

Minea [169] numerically analyzed the heat transfer performance for laminar fully developed forced 
convection of Al2O3/water in horizontal tubes with two zones: one adiabatic and one with uniform wall heat 
flux. In this work, the effect of the uncertainty in the values of the physical properties of γAl2O3/water 
nanofluid on their thermohydraulic performance for laminar fully developed forced convection in modeling 
nanofluids properties was noticed. 

Numerical studies of nanofluids with magnetic field influence increased gradually. Goharkhah and 
Ashjaee [170] simulated laminar forced convective heat transfer of Fe3O4/water nanofluid or ferrofluid in an 
alternating non-uniform magnetic field produced by eight line source dipoles imposed on several parts of the 
channel. They compared the results with zero magnetic field case and found that the heat transfer 
enhancement increased with the Reynolds number, the heat transfer enhancement due to the magnetic field 
was accompanied by a pressure drop penalty and the pressure drop increase was not as significant as the heat 
transfer enhancement. 

Servati V. et al. [171] utilized the Lattice Boltzmann Method to investigate the effects of uniform 
vertical magnetic field on the laminar flow pattern and Al2O3/water nanofluid heat transfer in a channel 
which was partially filled with porous medium and constant temperatures on top and bottom walls. They 
found that the increase the magnitude of magnetic field or Hartmann number led to the slow growth in the 
average Nusselt number. 

Sert et al. [172] numerically studied forced convection heat transfer characteristics of nanofluid 
incompressible transient laminar flow in a circular duct under step change in wall temperature and wall heat 
flux by assuming Al2O3/water nanofluid as a homogenous single-phase fluid. They found that the heat 
transfer coefficient values for a step change wall heat flux condition was higher than a step change wall 
temperature condition, however, the enhancement of heat transfer coefficient was almost same for both 
conditions. They concluded that the variations resulted from the step change in the wall temperature and heat 
flux were still significant only in short time interval.  

Said et al. [173] theoretically analysed entropy generation, heat transfer enhancement capabilities and 
pressure drop for a flat-plate solar collector operated with single wall carbon nanotubes (SWCNTs) using 
measurd data; They observed that the SWCNTs nanofluid reduced the entropy generation and enhanced the 
heat transfer coefficient, contrarily, nanofluid pumping power penalty of solar collector was found to be 
higher than that of the water. 

Nasrin and Alim [174] focused on a numerical study to investigate the forced convection through a flat 
plate solar collector using the alumina/water nanofluid as the working fluid inside the riser pipe of the solar 
collector. Their governing differential equations with boundary conditions were solved by finite element 
method using Galerkin’s weighted residual scheme. Their numerical results indicated that the highest heat 
loss rate was observed for both the largest Re and Pr and percentage of collector efficiency enhanced for 
growing Re and falling Pr. At the end, they proposed semi-empirical relation which was established from this 
correlation with experimental data found in the literature as 

 

   0.2120
2.2275 0.8849 0.2233Pr ReNu                                               (91) 

 
Lelea and Laza [175] presented their numerical simulations for nanofluid heat transfer and laminar flow 

in micro-heat sink with straight microtubes and multiple tangential inlet jets, constant heat sink of 50 W/cm2 
on the bottom surface and a fixed pumping power by using a finite volume method from the Ansys-Fluent 
commercial solver. They reported that the conclusions were strongly dependent on the analysis constraint 
and the surface temperature difference was not significantly improved by using the nanofluid. 

Li et al. [176] numerically studied the laminar flow and heat transfer characteristics of Al2O3/water 
nanofluids in the microchannel of compact heat exchanger and microchannel heat sinks with dimple and 
protrusion surface which was claimed to be the first time. They also mentioned that the proposed cases were 
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energy saving, as well as, the effects of inlet velocity and geometrical structure on the flow field and heat 
transfer performance were weakened due to the presence of nanofluids in the microchannel heat sinks. 

Parvin et al. [177] numerically investigated the heat transfer performance and entropy generation of 
laminar forced convection through a DASC with Cu/water nanofluid by using finite element method with 
Galerkins weighted residual technique. Their results showed the heat transfer performance enhancement and 
the entropy generation simultaneously reduced. 

Hatami and Ganji [178] investigated heat transfer of a fin shaped microchannel heat sink (MCHS), 
which was cooled by Cu/water nanofluid and temperature distribution in solid section (fin) and nanofluid 
section, numerically by porous media approach and least square method. Their conclusions were as, by 
increasing the nanoparticles volume fraction, Brownian motion of the particles increased and the optimum 
design of MCHS which the minimum point of the friction factor was obtained when channel aspect ratio = 
2.45. 

 
b. Turbulent flow with nanofluids  

Tongkratoke et al. [179] considered the governing equations for turbulent nanofluid flow as the three-
dimensional incompressible steady-state Reynolds-averaged Navier-Stokes equations;  
Conservation of mass 
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Tongkratoke et al. [179] compared results obtained from three turbulence models, Standard, RNG and 

Realizable combined with the wall function equations, to distinguished differences among them. In their 
work, the experimental data of Lee and Mudawar [180] were used for comparison in the case of the single 
phase heat transfer in a channel. The comparison of the predicted heat transfer coefficient using the standard, 
RNG and Realizable k - ε  turbulence models combined with standard wall function was presented in Figure 
10. It was seen that the Realizable k - ε  models could predict the heat transfer coefficient more accurately 
than the standard and RNG k - ε  turbulence models. Moreover, the computational time used the RNG k - ε  
turbulence model was about 1 to 1.5 times less than that of the Realizable k - ε  turbulence model and the 
longer flow distance, more errors in the numerical results. 

Maïga et al. [45] investigated laminar and turbulent nanofluid flow inside circular tubes. Al2O3/water 
and Al2O3/EG nanofluids as single phase fluids were considered under the constant wall heat flux boundary 
condition. This work assumed that the nanoparticle effect was taken into account only through the nanofluid 
thermophysical properties and concluded that Al2O3/EG nanofluid provides higher enhancement than that of 
Al2O3/water nanofluid.  
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Fig. 10. Comparison between the k - ε  turbulence models and 
experimental data in prediction of the heat transfer coefficient at the 
nanofluid volume fraction at 0.01 [179]. 
 

Behzadmehr et al. [181] numerically investigated the nanofluid flow in a circular tube at turbulent 
regime, under constant wall heat flux boundary condition and the difference between the nanoparticles and 
fluid velocities was taken into account. The numerical results were compared with a previous experimental 
study of Cu/water nanofluids [104] and good agreement was observed. The researchers also expressed that, 
in some cases, the single phase approach underpredicted the associated Nusselt number values.  

Selimefendigil and Oztop [182] introduced their numerical analysis of the heat transfer enhancement 
and fluid flow characteristics of a rotating cylinder under the influence of magnetic dipole in the backward 
facing step geometry using finite element method provided by COMSOL. They observed that the length and 
size of the recirculation zones were controlled with magnetic dipole strength (0 ≤ γ ≤ 16) and cylinder 
rotation angles (-75 ≤  ≤ 75), as well as, local Nusselt number increased and number of peaks in the 
presence of the magnetic field decreased as the Reynolds number (10 ≤ Re ≤ 200) increased.  

Abdolbaqi et al. [183] observed the nanofluids (CuO/water, TiO2/water and Al2O3/water) heat transfer 
enhancement under turbulent flow through a straight square channel with constant heat flux condition at the 
upper and lower walls by using the finite volume method in the CFD analysis by FLUENT software with 
boundary conditions; under constant heat flux of (5000W/m2), Reynolds numbers from 104 to 106 and a 
constant volume concentration from 1 to 4%. Their results showed that the heat transfer rates and wall shear 
stress increased by increasing the nanofluids volume concentration, the CuO nanofluid was significant 
enhance heat transfer, and the results showed good agreement with their literatures by 10% deviation. 

Sokhansefat et al. [184] numerically studied three-dimensional fully developed turbulent mixed 
convection heat transfer of Al2O3/synthetic oil nanofluid in a trough collector tube and absorber tube with a 
non-uniform heat flux obtained from the Monte Carlo ray tracing technique. Their governing equations were 
solved by using the FLUENT software and their results showed that the convection heat transfer coefficient 
had a direct dependency on the volumetric concentration of the nanofluid.  

Vanaki et al. [185] numerically investigated the effects of the SiO2/EG nanofluids on the thermal and 
flow fields through transversely wavy wall channels with different phase shifts between the upper and lower 
wavy walls within the turbulent range of 6000 ≤ Re ≤ 18,000 and a uniform wall temperature of 400 K. In 
this work, the CFD software, FLUENT 6.3, was used to solve the governing equations by using finite 
volume method. Their simulation results indicated that the wavy channel performance was greatly influenced 
by changing the phase shift and the wavy amplitude and the nanofluid with platelets nanoparticle shape gave 
the highest heat transfer enhancement compared with other tested nanofluids. 

Aly [186] numerically investigated the heat transfer and pressure drop characteristics of Al2O3/water 
nanofluid flowing inside coiled tube-in-tube heat exchangers by using the three dimensional realizable k–ε 
turbulent model with enhanced wall treatment from a computational fluid dynamics. This work showed that 
conventional correlations for predicting average heat transfer and friction factor in turbulent flow regime 
such as Gnielinski correlation and Mishra and Gupta correlation, respectively, for helical tubes were also 
valid for the tested nanofluids which suggested that nanofluids behaved like a homogeneous fluid. 
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4.2.2 Two-Phase Convective Heat Transfer 
Akbarinia and Laur [187] introduced the mixture model based on a single fluid two phase approach 

under steady-state and incompressible and the viscous dissipation was neglected because of fully-developed 
laminar flow as 
Continuity equation: 

  0
m m

   


                                                                    (95) 

Momentum equation: 

   

, ,

1

T

m m m m m m

n

k k dr k dr k

k

p     

   


        

 

  
 
 
 


   

                                                      (96) 

Energy equation: 

    
1

n

k k k k eff

k

h p k T  


       
                                                (97) 

Volume Fraction: 

,
( ) ( )

p p m p p dr p
         

 
                                                           (98) 

 
where the drift velocity of secondary phase, nanoparticle, and the mean velocity were given, respectively, as: 
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They occupied the relative velocity proposed by Manninen et al. [188] and the drag function given by Schiller 
and Naumann [189], respectively, as 
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Where Rep was the Reynolds number for particle, τp is the relaxation time for particle, dp is the diameter of 
secondary phase particle, μq is the dynamic viscosity of fluid and a

  is the acceleration: 
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Akbarinia and Laur [187] reported the results of the numerical studies on laminar mixed convection heat 

transfer in a circular curved tube with the 1 vol.% Al2O3/water nanofluid obtained from three dimensional 
elliptic governing equations by using two-phase mixture model and control volume technique. They 
validated their calculated fluid velocity, local heat transfer coefficient and calculated particle velocity with 
experimental results from Agrawal et al. [190], Wen and Ding [8] and Lareo et al. [191], respectively, all 
results were significant agreements. Their results showed that increasing the solid particles diameter 
decreased the Nusselt number and secondary flow. 

Sert et al. [192] occupied the nanofluid flow the mixture model governing equations and observed that, with 
increasing bulk temperature along the channel, higher heat transfer enhancement values were obtained with 

respect to the conductivity model temperature dependency [192]. They validated all three thermal conductivity 
models, Chon and Corcione models [86,87] and Koo and Kleinstreuer model [72], in Figure 11 with the 
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experimental results of Kim et al. [193] for the same geometry and boundary conditions. However, as the volume 
fraction increased, the results for Koo and Kleinstreuer model became more dominant compared to the results for 

other conductivity models because of the contribution of static conductivity which was not dependent on 
temperature [192]. 
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Fig. 11. Heat transfer coefficients results of different 
thermal conductivity models and comparison with Kim et 
al. [193] [192]. 

 
Sarafraz and Hormozi [194] performed the experimental investigation on subcooled flow boiling to find 

the heat transfer coefficient of CuO/water and reported that, in two distinguishable heat transfer regions 
(forced convective and nucleate boiling), the heat transfer coefficient values in the nucleate boiling zone 
were much higher than those reported in forced convection zone because two phase heat transfer occured 
while single phase heat transfer mechanism was the dominant phenomenon in forced convective region.  

Goodarzi et al. [195] numerically studied laminar and turbulent mixed convection heat transfer of 
Cu/water nanofluids in a rectangular shallow cavity by using FLUENT commercial code which utilized a 
finite volume method of a two-phase mixture model and was validated with works from Sharif [196], 
Goshayshi et al. [197] and Karimipour [198]. They presented that increasing the volume fraction of 
nanoparticles enhanced the convective heat transfer coefficient and consequently the Nusselt number while 
having a negligible effect on the wall shear stress and the corresponding skin friction factor. 

Göktepe et al. [199] focused on macroscopic modeling of hydrodynamic and thermal behavior of 
nanofluid flows at the entry region of uniformly heated pipe by using single-phase models with and without 
thermal dispersion effect as Euleriane Eulerian, and Euleriane Mixture two-phase and comparing predicted 
results with experimental results from their literature. They found that two-phase models predicted 
convective heat transfer coefficient and friction factor more accurately at the entry region, as well as, 
computational cost of Euleriane Eulerian two-phase model was reduced up to 50% by implementing full 
multiphase coupled scheme. 

Alinia et al. [200] numerically studied mixed convection of a SiO2/water nanofluid in an inclined 
enclosure cavity with different constant temperatures on the left and right walls and insulated upper and 
bottom walls by using two-phase mixture model solved by the finite-volume approach to investigate the 
thermal behaviors of the nanofluid for various inclination angles of enclosure and volume fractions. The 
results revealed that addition of nanoparticles enhanced heat transfer in the cavity remarkably and caused 
significant changes in the flow pattern, moreover, effect of inclination angle was more pronounced at higher 
Richardson numbers. 

Hadad et al. [201] investigated the thermal hydraulic attribution of Al2O3/water nanofluid as coolant in a 
VVER-1000 nuclear reactor core by using a CFD code based on finite volume method for single-phase and 
two-phase mixture models to find heat transfer coefficient and pressure drop. In their single-phase model, 
thermophysical properties of the nanofluid was occupied but, in the two-phase model, they assumed that the 
nanoparticles flowed in separate phase and had their own properties. Their results were validated with 
experimental results for fluid flow in circular tube from Xuan and Li [131] and indicated that the two-phase 
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model produced more realistic results due to inclusion of spacer grids which raised the turbulence and 
particle motions along the flow. 

Moraveji and Esmaeili [202] numerically investigated forced convection heat transfer with laminar and 
developed flow for Al2O3/water nanofluid inside a circular tube under constant heat flux from the wall by 
using CFD method for both single and two-phase models for either constant or temperature dependent 
properties. They also introduced a correlation  

 
0.314 0.6 0.30.716 Re PrNu                                                              (103) 

 
which based on the dimensionless numbers to predict the Nusselt number and the modeling results were in 
very good agreement with reference experimental data [203]. Then, Moraveji and Ardehali [204] expressed 
the CFD modeling for laminar forced convection on Al2O3 (33 nm)/water nanofluid in mini-channel heat 
sink by four individual models (single phase, volume of fluid, mixture, Eulerian). They discovered that the 
difference between the two-phase models results was marginal, and they were more precise and less CPU 
usage and run time by comparison with experimental reference data [205] than single phase model.  

Fard et al. [206] evaluated laminar convective heat transfer of Cu/water, CuO/water and Al2O3/water 
nanofluids in a circular tube under constant wall temperature condition numerically by using a CFD 
approach for both single-phase and two-phase models. They reported that two-phase model showed better 
agreement with experimental measurements reported by Zeinali et al. 

[105,207] and provided better predictions for heat transfer rate compared to the single-phase model.   
Ghaffari et al. [208] numerically investigated turbulent mixed convection heat transfer of Al2O3 (28 

nm)/water nanofluid throughout a horizontal curved tube with two-phase mixture model based on finite 
volume method. They compared the simulation results with previously published experimental and 
numerical data for a base fluid (very low volume fraction) [209,210] and found good agreement between the 
results. They also reported that the nanoparticle volume fraction effects on the thermal parameters and flow 
turbulent intensity were significant. 

Kalteh et al. [211] numerically investigated laminar forced convection heat transfer of a Cu/water 
nanofluid inside an isothermally heated microchannel by using an Eulerian two-fluid model based on the 
finite volume method. They claimed that the relative velocity and temperature of the phases were studied for 
the first time and found that the relative values were very small and negligible. They reported that the two-
phase modeling results show higher heat transfer enhancement in comparison to the homogeneous single-
phase model, only the latter model was compared with the average Nusselt number calculated by Ebadian 
and Dong [212].  

Mirmasoumi and Behzadmehr [213] investigated laminar mixed convection of an Al2O3/water nanofluid 
in a horizontal tube numerically by using two-phase mixture model based on the control volume technique. 
They validated their numerical works with previously published experimental results of Barozzi et al. [214] 
and found good agreements between the results. Their results showed that at the fully developed region the 
nanoparticle concentration did not have significant effects on the hydrodynamics parameters. 

Moghari et al. [215] focused on heat transfer enhancement of a laminar mixed convection Al2O3/water 
nanofluid flow in an annulus; with constant heat flux boundary condition, by employing two phase mixture 
model based on the finite volume method. The calculated results indicated that increasing volume fraction 
increased the Nusselt number at the inner and outer walls but it did not play an important role on the friction 
factor. They validated their simulations with numerical studies of Shah and London [102], Izadi et al. [216], 
Islam et al. [217] and Natarajan and Lakshmana [218]. 

Akbari et al. [219] presented CFD predictions of laminar mixed convection of Al2O3/water nanofluids 
by single-phase and three different two-phase models; volume of fluid, mixture and Eulerian, the elliptical, 
coupled, steady-state, three-dimensional governing partial differential equations for the convection in a 
horizontal tube with uniform heat flux were solved by using the finite volume approach. They found that 
single-phase and two-phase models predicted almost identical hydrodynamic fields but very different thermal 
ones, the two-phase models showed closer predictions of the convective heat transfer coefficient to the 
experimental data but, when the volume fraction increased, the two-phase models overpredicted the 
enhancement.  
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Kondaraju and Lee [220] developed a numerical Eulerian-Lagrangian two-phase flow model occupying 
to understand the mechanism of convective heat transfer enhancement and to distinguish their model from 
the rest of the available numerical models. They validated the simulations by using the Cu (100 nm)/water 
and Al2O3(80 nm)/water nanofluid properties with their model and showed a good agreement with the 
experimental data obtained by Xuan and Li [221] and Murshed et al. [222]. 

Lotfi et al. [223] numerically investigated forced convective of Al2O3/water nanofluid in horizontal 
circular tubes, a single-phase model and two-phase mixture models; Classical and Eulerian two-phase 
models. The simulated Nusselt numbers were compared with the equations given by Dittus and Boelter [203] 
and Gnielinski [224] formulas, they found good agreement of results.  

Since nanofluids can be considered to replace the base fluids, some specified conditions should be observed 
such as boiling conditions. Kakaç et al. [225] presented an approach for boiling two-phase flow as following 
Continuity equation: 
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Energy equation: 
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Momentum equation: 
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Where the mass flux, G, in the momentum equation and quality fraction, x, were defined as 
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p p p

p p p f f f

u A
x

u A u A


 




                                                    (108) 

 
Two-phase Frictional Pressure Drop.  
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6. APPLICATION WITH NANOFLUIDS AS WORKING FLUIDS 

There were numerous practical applications dealing with nanofluids. Wu and Zhao [226] reviewed the 
state-of-the-art nanofluid studies and critical heat flux (CHF) enhancement nanofluid heat transfer and 
critical heat flux enhancement as gap to engineering application. Saidur et al. [227] presented advantages in 
using nanofluids with heat exchangers, in electronics devices, with transformers, in chillers, in domestic 
refrigerator, as coolants for vehicles and thermal absorption systems, in machining and grinding processes by 
referring conclusions from their literatures. They also reported that nanofluids were applied to cool engine to 
increase thermal signal variations in detecting knock occurrence in a gas SI engine, in diesel combustion by 
shorting ignition delay and increasing energy density and high burn rates, as well as, there was a project 
targeting to reduce the size and weight of hybrid vehicle cooling system by using nanofluids as the working 
fluids, the nanofluids enabled to higher heat rejection in the vehicle [228]. Hussein et al. [229] expressed 
their review work in forced convection heat transfer in heat exchangers and other shapes of tubes which was 
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also carried on experimentally and numerically by other research groups, additionally, the inserted tubes in 
some heat exchangers were also reported by Sundar and Singh [3]. Godson et al. [107] reported several 
works applying nanofluids in heat pipes; a heat pipe, a disk-shaped miniature heat pipe, a grooved heat pipe 
and an oscillating heat pipe. Murshed et al. [231] performed investigations on boiling, droplet spreading, and 
convective heat transfer in order to exploit nanofluids as the next generation coolants. Saidur et al. [227] 
reported that nanofluids gave rise to an increase in the refrigerating coefficient of performance (COP) by 
5.15%, relative to a condition without nanofluids at the standard rating conditions but the pressure drop 
penalty of the addition of nanofluids was almost negligible. 
 
CONCLUSIONS 

Many scientist in the nanofluid field suggested topics to be considered as challenges of nanofluids; long 
term stability of nanoparticles dispersion which related with thermal conductivity enhancement, higher 
nanofluid viscosity than that of base fluids and increased pressure drop causing higher pumping power, 
unstable nanofluids thermal performance in boiling phenomena, turbulent flow and fully developed region, 
lower specific heat, thermal conductivity of new nanofluids including nanofluid thermo-physical property 
database, high cost of nanofluids and difficulties in production process [10,226,227]. Many researchers 
[1,3,4,14,16,107,226,229-237] concluded the common agreements according to their publications that 
Nusselt number and friction factor correlations of nanofluids flowing in applications, nanofluid characters in 
common phenomenas such as boiling, radiation, entropy generation and jet flows, experimental consistency, 
chemical nature, mass diffusion coefficients and properties of novel nanofluids have to be found.  

The updated literature survey showed that nanofluids significantly improved the heat transfer capability 
of conventional heat transfer fluids. Theoretical modeling and experimental works on the effective thermal 
conductivity and convective heag transfer enhancement have beem carried on to demonstrate several 
potentials of nanofluids. Most experimental and numerical results indicated that both Nusselt number and 
friction factor of the nanofluid increased with increasing particle volume concentration and Reynolds 
number, these relationships could play important roles in nanofluid applications, especially, nanofluid 
circulating pump. Even though, numerous experimental results and the theoretical understanding of the 
mechanisms of the particle movements have been proposed continuously, future and suggested works should 
also be needed. More treatments of nanofluids as a two-phase flow should be considered because slip 
velocity between the particle and base fluid plays important role on the heat transfer performance of 
nanofluids and nanofluid applications should be investigated to industry point of view.  

 
Nomenclature 
a   acceleration  

TA   total surface of all nanoparticles inside base 

fluid  

pc   heat capacity 

C    constant 
d  diameter 
D  thermal dispersion coefficient 

inD  inner diameter 

rD  thermal dispersion coefficient in radial 

direction 

xD  thermal dispersion coefficient in axial 

direction 

D  effective apparent thermal diffusivity 
De Dean number 
f  friction factor 
g  gravity 

Greek letters 
  thermal diffusivity 
  ratio between the nanolayer thickness and 

the original particle radius 

f   diameter of base liquid molecule for Eq. 

(X18/16) from Zerradi et al. [99] 

B   Boltzmann constant, 1.3807  10-23 J/K 
  Eigen value 

f   mean-free path of the base fluid molecules 

  viscosity 

  kinematic viscosity. 
  thermal performance 

  density 

  
x d

Pe for Eq. (42)  

  Particle volume fraction 

 ,  ,  ,    thermophysic coefficients for Eq. 
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G  empirical constant related to the thickness 
of the thermal boundary layer 

h   convection coefficient   
H   height of the enclosure   
k   thermal conductivity 
L   characteristic length or width or the gap of 

the enclosure 
n  empirical shape factor 
Nu   Nusselt number 
P  helical pitch  
Pe   Peclet number  
Pr   Prandtl number 
Q volume flow rate  

r   radius  

0r  radius of the channel  

Ra   Rayleigh number 
Re   Reynolds number 
t  nanolayer thickness 
T  temperature 

,u U   velocity  

u  average velocity  

mU   slug flow velocity  

v   velocity vector 
x   distance in axial direction  
z   axial variable 

(X18/16) from Zerradi et al. [99] 
Subscripts 
agg  aggregates 

b  bulk temperature 
bf  base fluid 

cl  cluster 
d  the contribution of hydrodynamic 
dispersion and irregular movement of the 
nanoparticles 
dr  drift condition 
eff  effective 

eq  equivalent 

f  base fluid 

fr  freezing point of the base fluid 
m  mean 
max  maximum particle packing 
n  nanomaterials 
nf  nanofluid 

p  solid particles 

pf  slip condition 

SP   single-phase 
TP two-phase 
x  axial variable 

 
References 

1. S. Kakaç, A. Pramuanjaroenkij, Review of convective heat transfer enhancement with nanofluids,  International 
Journal of Heat and Mass Transfer 52 (2009) 3187-3196. 

2. A. Tongkratoke, A. Pramuanjaroenkij, A. Chaengbamrung, S. Kakaç, Numerical study of nanofluid heat transfer 
enhancement with mixing thermal conductivity models, Computational Thermal Sciences 6 (1) (2014) 1-12. 

3. L.S. Sundar, M.K. Singh, Convective heat transfer and friction factor correlations of nanofluid in a tube and with 
inserts: A review, Renewable and Sustainable Energy Reviews 20 (2013) 23-35. 

4. Y. Li, J. Zhou, S. Tung, E. Schneider, S. Xi, A review on development of nanofluid preparation and 
characterization, Powder Technology 196 (2009) 89-101. 

5. H. Zhu, C. Zhang,S. Liu, Effects of nanoparticle clustering and alignment on thermal conductivities of Fe3O4 
aqueous nanofluids, Applied Physics Letters 89 (2006) 23123-23126. 

6. M.S. Liu, M.C. Lin, I.T. Huang, C.C. Wang, Enhancement of thermal conductivity with carbon nanotube for 
nanofluids, International Communication of Heat Mass Transfers 32 (2005) 1202-1210. 

7. J.A. Eastman, S.U.S. Choi, S. Li, W. Yu, L.J. Thompson, Anomalously increased effective thermal conductivity 
of Ethylene Glycol-based nanofluids containing Copper nanoparticles, Applied Physics Letters 78 (2001) 718-
720. 

8. D. Wen, Y. Ding, Experimental investigation into convective heat transfer of nanofluids at the entrance region 
under laminar flow conditions, Int. J. Heat and Mass Transfer 47 (2004) 5181-5188. 

9. A.D. Sommers, K.L.Yerkes, Experimental investigation into the convective heat transfer and system-level effects 
of Al2O3-propanol nanofluids, Journal of Nanoparticle Research 12 (2010) 1003-1014. 

10. M. Chandrasekar, S. Suresh, T. Senthilkumar, Mechanisms proposed through experimental investigations on 
thermophysical properties and forced convective heat transfer characteristics of various nanofluids – A review, 
Renewable and Sustainable Energy Reviews 16 (2012) 3917-3938. 

11. B.C. Pak, Y.I. Cho, Hydrodynamic and heat transfer study of dispersed fluids with submicron metallic oxide 
particles, Experimental Heat Transfer 11 (1998) 151-170. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

38 
S. Kakaç et al. 

12. Y. Xuan, W. Roetzel, Conceptions for heat transfer correlation of nanofluids, Int. J. Heat and Mass Transfer 43 
(2000) 3701-3707. 

13. M.M. Elias, I.M. Mahbubul, R. Saidur, M.R. Sohel, I.M. Shahrul, S.S. Khaleduzzaman, S. Sadeghipour, 
Experimental investigation on the thermo-physical properties of Al2O3 nanoparticles suspended in car radiator 
coolant, International Communications in Heat and Mass Transfer 54 (2014) 48-53. 

14. A. Ghadimi, R. Saidur, H.S.C. Metselaar, A review of nanofluid stability properties and characterization in 
stationary conditions, International Journal of Heat and Mass Transfer 54 (2011) 4051-4068. 

15. S. Kakaç, Y. Yener, A. Pramuanjaroenkij, Convective Heat Transfer, CRC Press, Boca Raton, 2013. 
16. L.S. Sundar, K.V. Sharma, M.T. Naik, M.K. Singh, Empirical and theoretical correlations on viscosity of 

nanofluids: A review, Renewable and Sustainable Energy Reviews 25 (2013) 670-686. 
17. J.H. Lee, K.S. Hwang, S.P. Jang, B.H. Lee, J.H. Kim, S.U.S. Choi, Effective viscosities and thermal 

conductivities of aqueous nanofluids containing low volume concentrations of Al2O3 nanoparticles, International 
Journal of Heat and Mass Transfer 51 (2008) 2651-2656. 

18. M. Chandrasekar, S. Suresh, B.A. Chandra Bose, Experimental investigations and theoretical determination of 
thermal conductivity and viscosity of Al2O3/water nanofluid, Experimental Thermal and Fluid Science 34 (2010) 
210-216. 

19. C.T. Nguyen, F. Desgranges, N. Galanis, G. Roy, T. Mare, S. Boucher, Viscosity data for Al2O3/water nanofluid-
hysteresis: Is heat transfer enhancement using nanofluids reliable, International Journal of Thermal Sciences 47 
(2008) 103-111. 

20. K.B. Anoop, S. Kabelac, T. Sundararajan, S.K. Das, Rheological and flow characteristics of nanofluids: influence 
of electroviscous effects and particle agglomeration, Journal of Applied Physics 106 (2009) 034909. 

21. M.J. Pastoriza-Gallego, C. Casanova, R. Páramo, B. Barbés, J.L. Legido, M.M. Piñeiro, A study on stability and 
thermophysical properties (density and viscosity) of Al2O3 in water nanofluid, Journal of Applied Physics 106 
(2009) 064301. 

22. W. Duangthongsuk, S. Wongwises, Measurement of temperature-dependent thermal conductivity and viscosity of 
TiO2-water nanofluids, Experimental Thermal and Fluid Science 33 (2009) 706-714. 

23. Q. Li, Y. Xuan, J. Wang, Experimental investigations on transport properties of magnetic fluids, Experimental 
Thermal and Fluid Science 30 (2005) 109-116. 

24. L. Godson, B. Raja, L.D. Mohan, S. Wongwises, Experimental investigation on the thermal conductivity and 
viscosity of silver-deionized water nanofluid, Experimental Heat Transfer 23 (2010) 317-332. 

25. P.K. Namburu, D.P. Kulkarni, D. Misra, D.K. Das, Viscosity of copper oxide nanoparticles dispersed in ethylene 
glycol and water mixture, Experimental Thermal and Fluid Science 32 (2007) 397-402. 

26. M.J. Pastoriza-Gallego, C. Casanova, JL. Legido, M.M. Pineiroa, CuO in water nanofluid: influence of particle 
size and polydispersity on volumetric behaviour and viscosity, Fluid Phase Equilibria 300 (2011) 188-196. 

27. E.V. Timofeeva, W. Yu, D.M. France, D. Singh, J.L. Routbort, Base fluid and temperature effects on the heat 
transfer characteristics of SiC in ethylene glycol/H2O and H2O nanofluids, Journal of Applied Physics 109 (2011) 
014914. 

28. W. Yu, H. Xie, Y. Li, L. Chen, Experimental investigation on thermal conductivity and viscosity of aluminum 
nitride nanofluid, Particuology 9 (2001) 187-191. 

29. H. Chen, Y. Ding, A. Lapkin, Rheological behaviour of nanofluids containing tube/rod-like nanoparticles, Powder 
Technology 194 (2009) 132-141. 

30. W. Yu, H. Xie, L. Chen, Y. Li, Investigation of thermal conductivity and viscosity of ethylene glycol based ZnO 
nanofluid, Thermochimica Acta 491 (2009) 92-96. 

31. W. Yu, H. Xie, Y. Li, L. Chen, Q. Wang, Experimental investigation on the thermal transport properties of 
ethylene glycol based nanofluids containing low volume concentration diamond nanoparticles, Colloids and 
Surfaces A: Physicochemical and Engineering Aspects 380 (2001) 1-5. 

32. M.A. Hachey, C.T. Nguyen, N. Galanis, C.V. Popa, Experimental investigation of Al2O3 nanofluids thermal 
properties and rheology - Effects of transient and steady-state heat exposure, International Journal of Thermal 
Sciences 76 (2014) 155-167. 

33. L.S. Sundar, M.K. Singh, I. Bidkin, A.C.M. Sousa, Experimental investigations in heat transfer and friction factor 
of magnetic Ni nanofluid flowing in a tube, International Journal of Heat and Mass Transfer 70 (2014) 224-234. 

34. S. Halelfadl, P. Estellé, T. Maré, Heat transfer properties of aqueous carbon nanotubes nanofluids in coaxial heat 
exchanger under laminar regime, Experimental Thermal and Fluid Science 55 (2014) 174-180. 

35. S. Halelfadl, T. Maré, P. Estellé, Efficiency of carbon nanotubes water based nanofluids as coolants, Experimental 
Thermal and Fluid Science 53 (2014) 104-110. 

36. R. Saleh, N. Putra, R.E. Wibowo, W.N. Septiadi, S.P. Prakoso, Titanium dioxide nanofluids for heat transfer 
applications, Experimental Thermal and Fluid Science 52 (2014) 19-29. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

39 
S. Kakaç et al. 

37. S. Manikandan, A. Shylaja, K.S. Rajan, Thermo-physical properties of engineered dispersions of nano-sand in 
propylene glycol, Colloids and Surfaces A: Physicochem. Eng. Aspects 449 (2014) 8-18. 

38. D. Singh, E.V. Timofeeva, M.R. Moravek, S. Cingarapu, W. Yu, T. Fischer, S. Mathur, Use of metallic 
nanoparticles to improve the thermophysical properties of organic heat transfer fluids used in concentrated solar 
power, Solar Energy 105 (2014) 468-478. 

39. A. Einstein, A new determination of the molecular dimensions, Ann. Phys. 324 (2) (1906) 289-306. 
40. D.A. Drew, S.L. Passman, Theory of Multicomponent Fluids, Springer, Berlin, 1999. 
41. H.C. Brinkman, The viscosity of concentrated suspensions and solutions, J. Chemistry Physics 20 (1952) 571-581. 
42. G.K. Batchelor, The effect of Brownian motion on the bulk stress in a suspension of spherical particles, J. Fluid 

Mech. 83 (1977) 97-117. 
43. N.S. Cheng, A.W.K. Law, Exponential formula for computing effective viscosity, Powder Technol. 129 (1-3) 

(2003) 156-160. 
44. C. Nguyen, F. Desgranges, G. Roy, N. Galanis, T. Maré, S. Boucher, H.A. Mintsa, Temperature and particle-size 

dependent viscosity data for water-based nanofluids – Hysteresis phenomenon, Int. J. Heat Fluid Flow 28 (6) 
(2007) 1492-1506. 

45. S.E.B. Maїga, C.T. Nguyen, N. Galanis, G. Roy, Heat transfer behaviours of nanofluids in a uniformly heated 
tube, Superlattices and Microstructures 35 (2004) 543-557. 

46. U. Rea, T. McKrell, L.W. Hu, J. Buongiorno, Laminar convective heat transfer and viscous pressure loss of 
alumina–water and zirconia–water nanofluids, International Journal of Heat and Mass Transfer 52 (2009) 2042-
2048. 

47. Mohammad Hemmat Esfe, Seyfolah Saedodin, Mostafa Mahmoodi, Experimental studies on the convective heat 
transfer performance and thermophysical properties of MgO–water nanofluid under turbulent flow, Experimental 
Thermal and Fluid Science 52 (2014) 68-78. 

48. X. Wang, X. Xu, S.U.S. Choi, Thermal conductivity of nanoparticle–fluid mixture, J. Thermophys. Heat Transfer 
13 (4) (1999) 474-480. 

49. M. Ghanbarpour, E.B. Haghigi, R. Khodabandeh, Thermal properties and rheological behavior of water based 
Al2O3 nanofluid as a heat transfer fluid, Experimental Thermal and Fluid Science 53 (2014) 227-235.  

50. I.M. Krieger, T.J. Dougherty, A mechanism for non-Newtonian flow in suspensions of rigid spheres, Trans. Soc. 
Rheol. 3 (1959) 137-152. 

51. M. Corcione, Empirical correlating equations for predicting the effective thermal conductivity and dynamic 
viscosity of nanofluids, Energy Conv. Manage 52 (2011) 789-793. 

52. L.A. Pozhar, K.E. Gubbins, Quasihydrodynamics of nanofluid mixtures, Phys. Rev. E56 (1997) 5367-5396. 
53. L.A. Pozhar, K.E. Gubbins, Transport theory of dense inhomogeneous fluids, J. Chem. Phys. 99 (1993) 8970-

8996. 
54. L.A. Pozhar, A master equation for dynamical systems with thermal disturbances, Ukrainian Phys. J. 34 (1989) 

779-788. 
55. L.A. Pozhar, K.E. Gubbins, Dense inhomogeneous fluids: functional perturbation theory, the generalized 

Langevin equation, and kinetic theory, J. Chem. Phys. 94 (1991) 1367-1384. 
56. L.A. Pozhar, Structure and dynamics of nanofluids: Theory and simulations to calculate viscosity, Physical 

Review E 61 (2000) 1432-1446. 
57. H. Chen, Y. Ding, C. Tan, Rheological behaviour of nanofluids, New J. Phys. 9 (2007) 367–1-367–24. 
58. H. Chen, Y. Ding, A. Lapkin, Rheological behaviour of nanofluids containing tube/rod-like nanoparticles, Powder 

Technol. 194 (1-2) (2009) 132-141.  
59. S. Özerinç, S. Kakaç, S. and A.G. Yazıcıoğlu, Enhanced thermal conductivity of nanofluids: A state-of-the-art 

review, Microfluid. Nanofluid. 8 (2) (2010) 145-170. 
60. G. Paul, M. Chopkar, I. Manna, P.K. Das, Techniques for measuring the thermal conductivity of nanofluids: A 

review, Renewable and Sustainable Energy Reviews 14 (2010) 1913–1924. 
61. X. Zhang, H. Gu, M. Fujii, Effective thermal conductivity and thermal diffusivity of nanofluids containing 

spherical and cylindrical nanoparticles, Experimental Thermal and Fluid Science 31 (2007) 593-599. 
62. X. J. Wang, X. F. Li, Influence of pH on nanofluids’ viscosity and thermal conductivity, Chin. Phys. Lett. 26 (5) 

(2009) 056601. 
63. Y. Hwang, H.S. Park, J.K. Lee, W.H. Jung, Thermal conductivity and lubrication characteristics of nanofluids, 

Current Applied Physics 6 (S1) (2006) 67-71. 
64. D. Lee, J.W. Kim, B.G. Kim, A new parameter to control heat transport in nanofluids: surface charge state of the 

particle in suspension, J. Phys. Chem. 110 (2006) 4323-4328. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

40 
S. Kakaç et al. 

65. M. Jahanshahi, S.F. Hosseinizadeh, M. Alipanah, A. Dehghani, G.R. Vakilinejad, Numerical simulation of free 
convection based on experimental measured conductivity in a square cavity using Water/SiO2 nanofluid. 
International Communications in Heat and Mass Transfer 37 (2010) 687-694. 

66. W. Yu, H. Xie, L. Chen, Y. Li, Investigation on the thermal transport properties of ethylene glycol-based 
nanofluids containing copper nanoparticles, Powder Technology 197 (2010) 218-221. 

67. M. Chopkar, S. Kumar, D.R. Bhandari, P.K. Das, I. Manna, Development and characterization of Al2Cu and 
Ag2Al nanoparticle dispersed water and ethylene glycol based nanofluids, Materials Science and Engineering B 
139 (2007) 141-148. 

68. P. Sharma, I.H. Baek, T. Cho, S. Park, K.B. Lee, Enhancement of thermal conductivity of ethylene glycol based 
silver nanofluids, Powder Technology 208 (2011) 7-19. 

69. J.C. Maxwell, Treatise on electricity and magnetism, Oxford University Press, London, 1904. 
70. R.L. Hamilton, O.K. Crosser, Thermal conductivity of heterogeneous two-component systems, Industrial & 

Engineering Chemistry Fundamentals 1 (1962) 182-191. 
71. P. Bhattacharya, S.K. Saha, A. Yadav, P.E. Phelan, R.S. Prasher, Brownian dynamics simulation to determine the effect 

thermal conductivity of nanofluids,  J. Applied Physics 95 (2004) 6492-6494. 
72. J. Koo, C.  Kleinstreuer, A new thermal conductivity model for nanofluids, J. Nanopart. Res. 6 (6) (2004) 577-588. 
73. S.K. Das, N. Putra, P. Thiesen, W. Roetzel, Temperature dependence of thermal conductivity enhancement of 

nanofluids, Transactions of the ASME, J. Heat Transfer 125 (2003) 567-574. 
74. S. Özerinç, Heat transfer enhancement with nanofluids, Master Thesis, Middle East Technical University, Ankara, 

Turkey, 2010. 
75. C. Nan, R. Birringer, D.R. Clarke, H. Gleiter, Effective thermal conductivity of particulate composites with 

interfacial thermal resistance, J. Appl. Phys. 81 (10) (1997) 6692-6699. 
76. B. Wang, L. Zhou, X. Peng, A fractal model for predicting the effective thermal conductivity of liquid with 

suspension of nanoparticles, Int. J. Heat Mass Tran. 46 (14) (2003) 2665-2672. 
77. R. Prasher, P.E. Phelan, P. Bhattacharya, Effect of aggregation kinetics on the thermal conductivity of nanoscale 

colloidal solutions (nanofluid), Nano Lett. 6 (7) (2006) 1529-1534. 
78. Y. He, Y. Jin, H. Chen, Y. Ding, D. Cang, H. Lu, Heat transfer and flow behaviour of aqueous suspensions of 

TiO2 nanoparticles (nanofluids) flowing upward through a vertical pipe, Int. J. Heat Mass Tran. 50 (11-12) (2007) 
2272-2281. 

79. W. Evans, R. Prasher, J. Fish, P. Meakin, P. Phelan, P. Keblinski, Effect of aggregation and interfacial thermal 
resistance on thermal conductivity of nanocomposites and colloidal nanofluids, Int. J. Heat Mass Tran. 51 (5-6) 
(2008) 1431-1438. 

80. Y. Xuan, Q. Li, W. Hu, Aggregation structure and thermal conductivity of nanofluids, AIChE Journal 49 (4) 
(2003) 1038-1043. 

81. C. Yu, A.G. Richter, A. Datta, M.K. Durbin, P. Dutta, Observation of molecular layering in thin liquid films using 
X-ray reflectivity, Phys. Rev. Lett. 82 (11) (1999) 2326-2329. 

82. W. Yu, S.U.S. Choi, The role of interfacial layers in the enhanced thermal conductivity of nanofluids: A 
renovated Maxwell model, J. Nanoparticle Research 5 (2003) 167-171. 

83. Q. Xue, W. Xu, A model of thermal conductivity of nanofluids with interfacial shells, Mater. Chem. Phys. 90 (2-
3) (2005) 298-301. 

84. D.A.G. Bruggeman, The calculation of various physical constants of heterogeneous substances. I. The dielectric 
constants and conductivities of mixtures composed of isotropic substances, Ann. Phys. 416 (7) (1935) 636-664. 

85. E. Yamada, T. Ota, Effective thermal conductivity of dispersed materials, Wärme- und Stoffübertragung 13 
(1980) 27-37. 

86. C.H. Chon, K.D. Kihm, S.P. Lee, S.U.S. Choi, Empirical correlation finding the role of temperature and particle 
size for nanofluid (Al2O3) thermal conductivity enhancement, Appl. Phys. Lett. 87 (15) (2005) 153107. 

87. M. Corcione, Empirical correlating equations for predicting the effective thermal conductivity and dynamic viscosity of 
nanofluids, Energy Conversion and Management, 52 (2011) 789-793. 

88. A. Ghozatloo, A.M. Rashidi, M. Shariaty-Niasar, Effects of surface modification on the dispersion and thermal 
conductivity of CNT/water nanofluids, International Communications in Heat and Mass Transfer 54 (2014) 1-7. 

89. J. Lee, K. Han, J. Koo, A novel method to evaluate dispersion stability of nanofluids, International Journal of Heat 
and Mass Transfer 70 (2014) 421-429. 

90. M.J. Nine, H. Chung, M.R. Tanshen, N.A.B.A. Osman, H. Jeong, Is metal nanofluid reliable as heat carrier?, 
Journal of Hazardous Materials 273 (2014) 183-191. 

91. M. Karami, M.A. AkhavanBahabadi, S. Delfani, A. Ghozatloo, A new application of carbon nanotubes nanofluid 
as working fluid of low-temperature direct absorption solar collector, Solar Energy Materials & Solar Cells 121 
(2014) 114-118.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

41 
S. Kakaç et al. 

92. D. Madhesh, R. Parameshwaran, S. Kalaiselvam, Experimental investigation on convective heat transfer and 
rheological characteristics of Cu–TiO2 hybrid nanofluids, Experimental Thermal and Fluid Science 52 (2014) 
104-115. 

93. S. Lee, S.U.S. Choi, S. Li, J.A. Eastman, Measuring thermal conductivity of fluids containing oxide nanoparticles, 
J. Heat Transfer 121 (2) (1999) 280-289. 

94. D. Oh, A. Jain, J.K. Eaton, K.E. Goodson, J.S. Lee, Thermal conductivity measurement and sedimentation 
detection of aluminum oxide nanofluids by using the 3ω method, Int. J. Heat Fluid Fl. 29 (5) (2008) 1456-1461. 

95. S.P. Jang, S.U.S. Choi, Role of Brownian motion in the enhanced thermal conductivity of nanofluids, Appl. Phys. 
Lett. 84 (21) (2004) 4316-4318. 

96. H. Xie, M. Fujii, X. Zhang, Effect of interfacial nanolayer on the effective thermal conductivity of nanoparticle-
fluid mixture, Int. J. Heat Mass Tran. 48 (14) (2005) 2926-2932. 

97. C. Sitprasert, P. Dechaumphai, V. Juntasaro, A thermal conductivity model for nanofluids including effect of the 
temperature-dependent interfacial layer, J. Nanopart. Res. 11 (6) (2009) 1465-1476. 

98. S.E. Ahmed, A.K. Hussein, H.A. Mohammed, S. Sivasankaran, Boundary layer flow and heat transfer due to 
permeable stretching tube in the presence of heat source/sink utilizing nanofluids, Applied Mathematics and 
Computation 238 (2014) 149-162. 

99. H. Zerradi, S. Ouaskit, A. Dezairi, H. Loulijat, S. Mizani, New Nusselt number correlations to predict the thermal 
conductivity of nanofluids, Advanced Powder Technology (2014), http://dx.doi.org/10.1016/j.apt.2014.02.020. 

100. B. Lamas, B. Abreu, A. Fonseca, N. Martins, M. Oliveira, Critical analysis of the thermal conductivity models for 
CNT based Nanofluids, International Journal of Thermal Sciences 78 (2014) 65-76. 

101. C.Y. Tso, S.C. Fu, Christopher, Y.H. Chao, A semi-analytical model for the thermal conductivity of nanofluids 
and determination of the nanolayer thickness, International Journal of Heat and Mass Transfer 70 (2014) 202-214. 

102. R.K. Shah, A.L. London, Laminar Flow Forced Convection in Ducts, Supplement 1 to Advances in Heat Transfer, 
Academic Press, New York, 1978. 

103. E.N. Sieder, G.E. Tate, Heat transfer and pressure drop of liquids in tubes, Ind. Eng. Chem. 28 (12) (1936) 1429-
1435. 

104. Q. Li, Y. Xuan, Convective heat transfer and flow characteristics of Cu–water nanofluid, Sci. in China Ser. E: 
Technol. Sci. 45 (4) (2002) 408-416. 

105. S.Z. Heris, M.N. Esfahany, S.G. Etemad, Experimental investigation of convective heat transfer of Al2O3/water 
nanofluid in circular tube, Int. J. Heat Fluid Flow 28 (2) (2007) 203-210. 

106. S. Özerinç, A.G. Yazıcıoğlu, S. Kakaç, Numerical analysis of laminar forced convection with temperature-
dependent thermal conductivity of nanofluids and thermal dispersion, International Journal of Thermal Sciences 
62 (2012) 138-148. 

107. L. Godson, B. Raja, D.M. Lal, S. Wongwises, Enhancement of heat transfer using nanofluids—An overview, 
Renewable and Sustainable Energy Reviews 14 (2010) 629-641. 

108. W. Williams, J. Buongiorno, L.W. Hu, Experimental investigation of turbulent convective heat transfer and 
pressure loss of alumina/water and zirconia/water nanoparticle colloids (nanofluids) in horizontal tubes, Journal of 
Heat Transfer 130 (2008) 042412/1–7. 

109. K.B. Anoop, T. Sundararajan, S.K. Das, Effect of particle size on the convective heat transfer in nanofluid in the 
developing region, International Journal of Heat Mass Transfer 52 (2009) 2189-2195. 

110. K.S. Hwang, S.P. Jang, S.U.S. Choi, Flow and convective heat transfer characteristics of water-based Al2O3 
nanofluids in fully developed laminar flow regime, International Journal of Heat Mass Transfer 52 (2009) 193-
199. 

111. S.M. Fotukian, M.N. Esfahany, Experimental study of turbulent convective heat transfer and pressure drop of 
dilute CuO/water nanofluid inside a circular tube, International Communications in Heat and Mass Transfer 37 
(2010) 214-219. 

112. S.M. Fotukian, M.N. Esfahany, Experimental investigation of turbulent convective heat transfer of dilute-
Al2O3/water nanofluid inside a circular tube, International Journal of Heat and Fluid Flow 31 (2010) 606-612. 

113. W. Yu, D.M. France, D.S. Smith, D. Singh, E.V. Timofeeva, J.L. Routbort, Heat transfer to a silicon 
carbide/water nanofluid, International Journal of Heat Mass Transfer 2 (2009) 3606-3612. 

114. T.K. Hong, H.S. Yang, C.J. Choi, Study of the enhanced thermal conductivity of Fe nanofluids, Journal of 
Applied Physics 97 (2005) 1-4. 

115. S.U.S. Choi, Z.G. Zhang, W. Yu, F.E. Lockwood, E.A. Grulke, Anomalous thermal conductivity enhancement in 
nanotube suspensions, Applied Physics Letters 79 (2001) 2252. 

116. S. Bobbo, L. Fedele, A. Benetti, L. Colla, M. Fabrizio, C. Pagura, Viscosity of water based SWCNH and TiO2 
nanofluids, Experimental Thermal and Fluid Science 36 (2012) 65-71. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

42 
S. Kakaç et al. 

117. M. Choi, K. Cho, Effect of the aspect ratio of rectangular channels on the heat transfer and hydrodynamics of 
paraffin slurry flow, International Journal of Heat and Mass Transfer 44 (2001) 55-61. 

118. N.R. Karthikeyan, J. Philip, B. Raj, Effect of clustering on the thermal conductivity of nanofluids, Materials 
Chemistry and Physics 109 (2008) 50-55. 

119. C.H. Lo, T.T. Tsung, L.C. Chen, Ni nano-magnetic fluid prepared by submerged arc nano synthesis system 
(SANSS), JSME International Journal, Series B: Fluids and Thermal Engineering 48 (2006) 750-755. 

120. C. Pang, J.Y. Jung, J.W. Lee, Y.Y. Kang, Thermal conductivity measurement of methanol-based nanofluids with 
Al2O3 and SiO2 nanoparticles, International Journal of Heat and Mass Transfer 55 (2012) 5597-5602. 

121.  O. Abouali, G. Ahmadi, Computer simulations of natural convection of single phase nanofluids in simple 
enclosures: A critical review, Applied Thermal Engineering 36 (2012) 1-13. 

122. A. Bejan, Convection Heat Transfer, third ed., John Wiley & Sons, Inc., Hoboken, New Jersey, 2004, p. 270. 
123. F.P. Incropera, D.P. Dewitt, T.L. Bergman, A.S. Lavine, Fundamentals of Heat and Mass Transfer, sixth ed. John 

Wiley & Sons, Inc., Hoboken, New Jersey, 2007, p. 589. 
124. R.A. Kuyper, T.H. Van Dermeer, C.J. Hoogendorn, R.A.W.M. Henkes, Numerical study of laminar and turbulent 

natural convection in an inclined square cavity, Int. J. Heat Mass Transfer 36 (1993) 2899-2911. 
125. T.H. Kuehn, R.J. Goldstein, Correlating equations for natural convection heat transfer between horizontal circular 

cylinders, Int. J. Heat Mass Transfer 19 (1976) 1127-1134. 
126. M. Itoh, T. Fujita, N. Nishiwaki, M. Hirata, A new method of correlating heattransfer coefficients for natural 

convection in horizontal cylindrical annuli, Int. J. Hear Mass Transfer 13 (1970) 1364-1368. 
127. R. Kumar, M.A. Kalam, Laminar thermal convection between vertical coaxial isothermal cylinders, Int. J. Heat 

Mass Transfer 34 (1991) 513-524. 
128. T.Y. Chu, R.J. Goldstein, Turbulent convection in a horizontal layer of water, J. Fluid Mech. 60 (1973) 141-159. 
129. V. Bianco, F. Chiacchio, O. Manca, S. Nardini, Numerical investigation of nanofluids forced convection in 

circular tubes, Appl. Therm. Eng.  29 (17–18) (2009) 3632-3642. 
130. J. Wang, J. Zhu, X. Zhang, Y. Chen, Heat transfer and pressure drop of nanofluids containing carbon nanotubes in 

laminar flows, Experimental Thermal and Fluid Science 44 (2013) 716-721. 
131. Y. Xuan, Q. Li, Investigation on convective heat transfer and flow features of nanofluids, J. Heat Transfer 125 

(2003) 151-155. 
132. M.H. Kayhani, H. Soltanzadeh, M.M. Heyhat, M. Nazari, F. Kowsary, Experimental study of convective heat 

transfer and pressure drop of TiO2/water nanofluid, Int. Commun. Heat Mass Transfer 39 (2012) 456-462. 
133. M.H. Esfe, S. Saedodin, O. Mahian, S. Wongwises, Heat transfer characteristics and pressure drop of COOH-

functionalized DWCNTs/water nanofluid in turbulent flow at low concentrations, International Journal of Heat 
and Mass Transfer 73 (2014) 186-194. 

134. E.B. Haghighi, M. Saleemi, N. Nikkam, R. Khodabandeh, M.S. Toprak, M. Muhammed, B. Palm, Accurate basis 
of comparison for convective heat transfer in nanofluids, International Communications in Heat and Mass 
Transfer 52 (2014) 1-7. 

135. M. Hajipour, A.M. Dehkordi, Mixed-convection flow of Al2O3–H2O nanofluid in a channel partially filled with 
porous metal foam: Experimental and numerical study, Experimental Thermal and Fluid Science 53 (2014) 49-56. 

136. M.T. Naik, Syed Sha Fahad, L. Syam Sundar, Manoj K. Singh, Comparative study on thermal performance of 
twisted tape and wire coil inserts in turbulent flow using CuO/water nanofluid, Experimental Thermal and Fluid 
Science 57 (2014) 65-76. 

137. Y. Abbassi, M. Talebi, A.S. Shirani, J. Khorsandi, Experimental investigation of TiO2/Water nanofluid effects on 
heat transfer characteristics of a vertical annulus with non-uniform heat flux in non-radiation environment, Annals 
of Nuclear Energy 69 (2014) 7-13. 

138. E. Esmaeilzadeh, H. Almohammadi, A. Nokhosteen, A. Motezaker, A.N. Omrani, Study on heat transfer and 
friction factor characteristics of γ-Al2O3/water through circular tube with twisted tape inserts with different 
thicknesses, International Journal of Thermal Sciences 82 (2014) 72-83. 

139. M. Ghobadi, Y.S. Muzychka, Fully developed heat transfer in mini scale coiled tubing for constant wall 
temperature, International Journal of Heat and Mass Transfer 72 (2014) 87-97. 

140. C.J. Ho, W.C. Chen, W.M. Yan, Correlations of heat transfer effectiveness in a minichannel heat sink with water-
based suspensions of Al2O3 nanoparticles and/or MEPCM particles, International Journal of Heat and Mass 
Transfer 69 (2014) 293-299. 

141. C.J. Ho, W.C. Chen, W.M. Yan, Experiment on thermal performance of water-based suspensions of Al2O3 
nanoparticles and MEPCM particles in a minichannel heat sink, International Journal of Heat and Mass Transfer 
69 (2014) 276-284. 

142. A.M. Hussein, R.A. Bakar, K. Kadirgama, K.V. Sharma, Heat transfer enhancement using nanofluids in an 
automotive cooling system, International Communications in Heat and Mass Transfer 53 (2014) 195-202. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

43 
S. Kakaç et al. 

143. A.T. Utomo, E.B. Haghighi, A.I.T. Zavareh, M. Ghanbarpourgeravi, H. Poth, R. Khodabandeh, B. Palm, A.W. 
Pacek, The effect of nanoparticles on laminar heat transfer in a horizontal tube, International Journal of Heat and 
Mass Transfer 69 (2014) 77-91. 

144. H. Masuda, A. Ebata, K. Teramae, N. Hishinuma, Alteration of thermal conductivity and viscosity of liquid by 
dispersing ultra-fine particles (dispersion of c-Al2O3, SiO2 and TiO2 ultra-fine particles), Netsu Bussei 7 (4) 
(1993) 227-233. 

145. M.N. Pantzali, A.A. Mouza, S.V. Paras, Investigating the efficacy of nanofluids as coolants in plate heat 
exchangers (PHE), Chemical Engineering Science 64 (2009) 3290-3300. 

146. E.V. Timofeeva, D.S. Smith, W. Yu, D.M. France, D. Singh, J.L. Routbort, Particle size and interfacial effects on 
thermo-physical and heat transfer characteristics of water-based a-SiC nanofluids, Nanotechnology 21 (21) (2010) 
215703-215713.  

147. P. Gurav, S.S. Naik, K. Ansari, S. Srinath, K.A. Kishore, Y.P. Setty, S. Sonawane, Stable colloidal copper 
nanoparticles for a nanofluid: Production andapplication, Colloids and Surfaces A: Physicochem. Eng. Aspects 
441 (2014) 589- 597. 

148. B. Sun, D. Yang, Flow boiling heat transfer characteristics of nano-refrigerants in a horizontal tube, International 
Journal of Refrigeration 38 (2014) 206-214. 

149. D.R. Waghole, R.M. Warkhedkar, V.S. Kulkarni, R.K. Shrivastva, Experimental investigations on heat transfer 
and friction factor of Silver nanofliud in absorber/receiver of parabolic trough collector with twisted tape inserts, 
Energy Procedia 45 (2014) 558-567. 

150. N. Karami, M. Rahimi, Heat transfer enhancement in a hybrid microchannel-photovoltaic cell using Boehmite 
nanofluid, Int. Commun. Heat Mass Transf. (2014), http://dx.doi.org/10.1016/j.icheatmasstransfer.2014.04.009. 

151. M.R. Sohel, S.S. Khaleduzzaman, R. Saidur, A. Hepbasli, M.F.M. Sabri, I.M. Mahbubul, An experimental 
investigation of heat transfer enhancement of a minichannel heat sink using Al2O3–H2O nanofluid, International 
Journal of Heat and Mass Transfer 74 (2014) 164-172. 

152. Y. Vermahmoudi, S.M. Peyghambarzadeh, S.H. Hashemabadi, M. Naraki, Experimental investigation on heat 
transfer performance of Fe2O3/water nanofluid in an air-finned heat exchanger, European Journal of Mechanics 
B/Fluids 44 (2014) 32-41. 

153. M.C.S. Reddy, V.V. Rao, Experimental investigation of heat transfer coefficient and friction factor of ethylene 
glycol water based TiO2 nanofluid in double pipe heat exchanger with and without helical coil inserts, 
International Communications in Heat and Mass Transfer 50 (2014) 68-76. 

154. M.A. Khairul, M.A. Alim, I.M. Mahbubul, R. Saidur, A. Hepbasli, A. Hossain, Heat transfer performance and 
exergy analyses of a corrugated plate heat exchanger using metal oxide nanofluids, International Communications 
in Heat and Mass Transfer 50 (2014) 8-14. 

155. M.H. Buschmann, U. Franzke, Improvement of thermosyphon performance by employing nanofluid, International 
Journal of Refrigeration 40 (2014) 416-428. 

156. S.Z. Heris, F. Mohammadpur, A. Shakouri, Effect of electric field on thermal performance of thermosyphon heat 
pipes using nanofluids, Materials Research Bulletin 53 (2014) 21-27. 

157. S.Z. Heris, M.N. Esfahany, G. Etemad, Numerical investigation of nanofluid laminar convection heat transfer 
through a circular tube, Numerical Heat Transfer, Part A 52 (11) (2007) 1043-1058. 

158. A.M. Hussein, R.A. Bakar, K. Kadirgama, Study of forced convection nanofluid heat transfer in the automotive 
cooling system, Case Studies in Thermal Engineering 2 (2014) 50-61. 

159. A. Malvandi, D.D. Ganji, Effects of nanoparticle migration on force convection of alumina/water nanofluid in a 
cooled parallel-plate channel, Advanced Powder Technology (2014), http://dx.doi.org/10.1016/j.apt.2014.03.017.  

160. A. Malvandi, D.D. Ganji, Mixed convective heat transfer of water/alumina nanofluid inside a vertical 
microchannel, Powder Technology (2014), doi:10.1016/j.powtec.2014.04.084. 

161. D.A. Nield, A.V. Kuznetsov, Forced convection in a parallel-plate channel occupied by a nanofluid or a porous 
medium saturated by a nanofluid, International Journal of Heat and Mass Transfer 70 (2014) 430-433. 

162. F. Selimefendigil, H.F. Öztop, Pulsating nanofluids jet impingement cooling of a heated horizontal surface, 
International Journal of Heat and Mass Transfer 69 (2014) 54-65. 

163. A.S. Kherbeet, H.A. Mohammed, K.M. Munisamy, B.H. Salman, The effect of step height of microscale 
backward-facing step on mixed convection nanofluid flow and heat transfer characteristics, International Journal 
of Heat and Mass Transfer 68 (2014) 554-566. 

164. H. Xu, I. Pop, Mixed convection flow of a nanofluid over a stretching surface with uniform free stream in the 
presence of both nanoparticles and gyrotactic microorganisms, International Journal of Heat and Mass Transfer 75 
(2014) 610-623. 

165. H. Xu, I. Pop, Fully developed mixed convection flow in a horizontal channel filled by a nanofluid containing 
both nanoparticles and gyrotactic microorganisms, European Journal of Mechanics B/Fluids 46 (2014) 37-45. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

44 
S. Kakaç et al. 

166. T.W. Ting, Y.M. Hung, N. Guo, Field-synergy analysis of viscous dissipative nanofluid flow in Microchannels, 
International Journal of Heat and Mass Transfer 73 (2014) 483-491. 

167. S.S. Azimi, M. Kalbasi, Numerical study of dynamic thermal conductivity of nanofluid in the forced convective 
heat transfer, Applied Mathematical Modelling 38 (2014) 1373-1384. 

168. M.M. Elias, I.M. Shahrul, I.M. Mahbubul, R. Saidur, N.A. Rahim, Effect of different nanoparticle shapes on shell 
and tube heat exchanger using different baffle angles and operated with nanofluid , International Journal of Heat 
and Mass Transfer 70 (2014) 289-297. 

169. A.A. Minea, Uncertainties in modeling thermal conductivity of laminar forced convection heat transfer with water 
alumina nanofluids,  International Journal of Heat and Mass Transfer 68 (2014) 78-84. 

170. M. Goharkhah, M. Ashjaee, Effect of an alternating non uniform magnetic field on ferrofluid flow and heat 
transfer in a channel, Journal of Magnetism and Magnetic Materials 362 (2014) 80-89. 

171. A.A. Servati V., K. Javaherdeh, H.R. Ashorynejad, Magnetic field effects on force convection flow of a nanofluid 
in a channel partially filled with porous media using Lattice Boltzmann Method, Advanced Powder Technology 
25 (2014) 666-675. 

172. I.O. Sert, N.S. Uzol, S. Kakaç, Numerical analysis of transient laminar forced convection of nanofluids in circular 
ducts, DOI 10.1007/s00231-013-1184-1. 

173. Z. Said, R. Saidur, N.A. Rahim, M.A. Alim, Analyses of exergy efficiency and pumping power for a 
conventionalflat plate solar collector using SWCNTs based nanofluid, Energy and Buildings 78 (2014) 1-9. 

174. R. Nasrin, M.A. Alim, Semi-empirical relation for forced convective analysis through a solar collector, Solar 
Energy 105 (2014) 455-467. 

175. D. Lelea, I. Laza, The water based Al2O3 nanofluid flow and heat transfer in tangential microtube heat sink with 
multiple inlets, International Journal of Heat and Mass Transfer 69 (2014) 264-275. 

176. P. Li, D. Zhang, Y. Xie, Heat transfer and flow analysis of Al2O3–water nanofluids in microchannel with dimple 
and protrusion, International Journal of Heat and Mass Transfer 73 (2014) 456-467. 

177. S. Parvin, R. Nasrin, M.A. Alim, Heat transfer and entropy generation through nanofluid filled direct absorption 
solar collector, International Journal of Heat and Mass Transfer 71 (2014) 386-395. 

178. M. Hatami, D.D. Ganji, Thermal and flow analysis of microchannel heat sink (MCHS) cooled by Cu–water 
nanofluid using porous media approach and least square method, Energy Conversion and Management 78 (2014) 
347-358. 

179. A. Tongkratoke, A. Pramuanjaroenkij, A. Chaengbamrung, S. Kakaç, Numerical study of turbulence nanofluid 
flow to distinguish models for in-house programming, AIP Conference Proceedings 1569, 384 (2013); doi: 
10.1063/1.4849299. 

180. J. Lee, I. Mudawar, Assessment of the effectiveness of nanofluids for single-phase and two-phase heat transfer in 
micro-channels, Int. J. of Heat and Mass Transfer 50 (2006) 452-463. 

181. A. Behzadmehr, M. Saffar-Avval, N. Galanis, Prediction of turbulent forced convection of a nanofluid in a tube 
with uniform heat flux using a two phase approach, Int. J. Heat and Fluid Flow 28 (2007) 211-219. 

182. F. Selimefendigil, H.F. Oztop, Effect of a rotating cylinder in forced convection of ferrofluid over a backward 
facing step, International Journal of Heat and Mass Transfer 71 (2014) 142-148. 

183. M.K.H. Abdolbaqi, C.S.N. Azwadi, R. Mamat, Heat Transfer Augmentation in the Straight Channel by Using 
Nanofluids, Case Studies in Thermal Engineering, http://dx.doi.org/10.1016/j.csite.2014.04.001. 

184. T. Sokhansefat, A.B. Kasaeian, F. Kowsary, Heat transfer enhancement in parabolic trough collector tube using 
Al2O3/synthetic oil nanofluid, Renewable and Sustainable Energy Reviews 33 (2014) 636-644. 

185. S.M. Vanaki, H.A. Mohammed, A. Abdollahi, M.A.Wahid, Effect of nanoparticle shapes on the heat transfer 
enhancement in a wavy channel with different phase shifts, Journal of Molecular Liquids 196 (2014) 32-42. 

186. W.I.A. Aly, Numerical study on turbulent heat transfer and pressure drop of nanofluid in coiled tube-in-tube heat 
exchangers, Energy Conversion and Management 79 (2014) 304–316. 

187. A. Akbarinia, R. Laur, Investigating the diameter of solid particles effects on a laminar nanofluid flow in a curved 
tube using a two phase approach, International Journal of Heat and Fluid Flow 30 (2009) 706-714. 

188. M. Manninen, V. Taivassalo, S. Kallio, On the Mixture Model for Multiphase Flow, VTT Publications 288, 
Technical Research Centre of Finland, Espoo, 1996, pp. 1-67. 

189. L. Schiller, Z. Naumann, A drag coefficient correlation, Z. Ver. Deutsch. Ing. 77 (1935) 318-320. 
190. Y. Agrawal, L. Talbot, K. Gong, Laser anemometer study of flow development in curved circular pipes, J. Fluid 

Mech. 85 (3) (1978) 497-518. 
191. C. Lareo, C.A. Branch, P.J. Fryer, Particle velocity profiles for solid–liquid food flows in vertical pipes, J. Powder 

Technol, 93 (1997) 23-34. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

45 
S. Kakaç et al. 

192. I.O. Sert, N. Sezer-Uzol, S. Kakaç, Numerical analysis of nanofluids convective heat transfer with mixture model 
approaches, in: Proceeding of the International Symposium on Convective Heat and Mass Transfer, Kusadasi, 
Turkey, 2014. 

193. D. Kim, Y. Kwon, Y. Cho, C. Li, S. Cheong, Y. Hwang, J. Lee, D. Hong, S. Moon, Convective heat transfer 
characteristics of nanofluids under laminar and turbulent flow conditions, Curr. Appl. Phys. 9 (2) (2009) 119-123. 

194. M.M. Sarafraz, F. Hormozi, Scale formation and subcooled flow boiling heat transfer of CuO–water nanofluid 
inside the vertical annulus, Experimental Thermal and Fluid Science 52 (2014) 205-214. 

195. M. Goodarzi, M.R. Safaei, K. Vafai, G. Ahmadi, M. Dahari, S.N. Kazi, N. Jomhari, Investigation of nanofluid 
mixed convection in a shallow cavity using a two-phase mixture model, International Journal of Thermal Sciences 
75 (2014) 204-220. 

196. M.A.R. Sharif, Laminar mixed convection in shallow inclined driven cavities with hot moving lid on top and 
cooled from bottom, Appl. Therm. Eng. 27 (2007) 1036-1042. 

197. H.R. Goshayshi, M.R. Safaei, Y. Maghmoumi, Numerical simulation of unsteady turbulent and laminar mixed 
convection in rectangular enclosure with hot upper moving wall by finite volume method, in: Proceeding of the 
6th Int. Chem. Eng. Congr. Exhib. (Ichec 2009), Kish Island, Iran, 2009. 

198. A. Karimipour, M. Afrand, M. Akbari, M.R. Safaei, Simulation of fluid flow and heat transfer in the inclined 
enclosure, in: Proceeding of the Int. Conf. Fluid Dyn. Thermodyn. (ICFDT 2012). Zurich, Switzerland, 2012. 

199. S. Göktepe, K. Atalık, Hakan Ertürk, Comparison of single and two-phase models for nanofluid convection at the 
entrance of a uniformly heated tube, International Journal of Thermal Sciences 80 (2014) 83-92. 

200. M. Alinia, D.D. Ganji, M. Gorji-Bandpy, Numerical study of mixed convection in an inclined two sided lid driven 
cavity filled with nanofluid using two-phase mixture model, International Communications in Heat and Mass 
Transfer 38 (2011) 1428-1435. 

201. K. Hadad, A. Rahimian, M.R. Nematollahi, Numerical study of single and two-phase models of water/Al2O3 
nanofluid turbulent forced convection flow in VVER-1000 nuclear reactor, Annals of Nuclear Energy 60 (2013) 
287–294. 

202. M.K. Moraveji, E. Esmaeili, Comparison between single-phase and two-phases CFD modeling of laminar forced 
convection flow of nanofluids in a circular tube under constant heat flux, International Communications in Heat 
and Mass Transfer 39 (2012) 1297-1302. 

203. F.W. Dittus, L.M.K. Boelter, Heat transfer in automobile radiators of the tubular type, University of California 
Publications in English, Berkeley, 2 (13) (1930) 443-461. 

204. M.K. Moraveji, R.M. Ardehali, CFD modeling (comparing single and two-phase approaches) on thermal 
performance of Al2o3/water nanofluid in mini-channel heat sink, International Communications in Heat and Mass 
Transfer 44 (2013) 157-164. 

205. C.J. Ho, W.C. Chen, An experimental study on thermal performance of Al2O3/water nanofluid in a minichannel 
heat sink, Applied Thermal Engineering 50 (2013) 516-522. 

206. M.H. Fard, M.N. Esfahany, M.R. Talaie, Numerical study of convective heat transfer of nanofluids in a circular 
tube two-phase model versus single-phase model, International Communications in Heat and Mass Transfer 37 
(2010) 91-97. 

207. S.Z. Heris, S.G. Etemad, M.N. Esfahany, Experimental investigation of oxide nanofluid laminar flow convective 
heat transfer, in circular tube, International Communication in Heat and Mass Transfer 33 (2006) 529-533. 

208. O. Ghaffari, A. Behzadmehr, H. Ajam, Turbulent mixed convection of a nanofluid in a horizontal curved tube 
using a two-phase approach, International Communications in Heat and Mass Transfer 37 (2010) 1551-1558. 

209. G.W. Hogg, The effect of secondary flow on point heat transfer coefficients for turbulent flow inside curved 
tubes, PhD Thesis, University of Idaho, USA, 1968. 

210. S.V. Patankar, V.S. Pratap, D.B. Spalding, Prediction of turbulent flow in curved pipes, Journal of Fluid 
Mechanics 67 (3) (1975) 583-595. 

211. M. Kalteh, A. Abbassi, M. Saffar-Avval, J. Harting, Eulerian–Eulerian two-phase numerical simulation of 
nanofluid laminar forced convection in a microchannel, International Journal of Heat and Fluid Flow 32 (2011) 
107-116. 

212. M.A. Ebadian, Z.F. Dong, Forced convection, internal flow in ducts, in: W.M. Rohsenow, J.P. Hartnett, Y.I. Cho 
(Eds.), Handbook of Heat Transfer. McGraw-Hill, New York, 1998, pp. 5.1-5.137. 

213. S. Mirmasoumi, A. Behzadmehr, Numerical study of laminar mixed convection of a nanofluid in a horizontal tube 
using two-phase mixture model, Applied Thermal Engineering 28 (2008) 717-727. 

214. G.S. Barozzi, E. Zanchini, M. Mariotti, Experimental investigation of combined forced and free convection in 
horizontal and inclined tubes, Meccanica 20 (1998) 18-27. 

215. R. Mokhtari Moghari, A. Akbarinia, M. Shariat, F. Talebi, R. Laur, Two phase mixed convection Al2O3–water 
nanofluid flow in an annulus, International Journal of Multiphase Flow 37 (2011) 585–595 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

46 
S. Kakaç et al. 

216. M. Izadi, A. Behzadmehr, D. Jalali-Vahida, Numerical study of developing laminar forced convection of a 
nanofluid in an annulus, Int. J. Therm. Sci. 48 (2009) 2119-2129. 

217. N. Islam, U.N. Gaitonde, G.K. Sharma, Mixed convection heat transfer in the entrance region of horizontal annuli, 
Int. J. Heat Mass Trans. 44 (2001) 2107-2120. 

218. N.M. Natarajan, S.M. Lakshmana, Laminar flow through annuli: analytical method of pressure drop, Indian 
Chem. Eng. 5 (3) (1973) 50-53. 

219. M. Akbari, N. Galanis, A. Behzamehr, Comparative analysis of single and two-phase models for CFD studies of 
nanofluid heat transfer, International Journal of Thermal Sciences 50 (2011) 1343-1354. 

220. S. Kondaraju, J.S. Lee, Two-phase numerical model for thermal conductivity and convective heat transfer in 
nanofluids, Nanoscale Research Letters  6 (2011) 239. 

221. Y. Xuan, Q. Li, Heat transfer enhancement of nanofluids, Int J Heat Fluid Flow 21 (2000) 58-64. 
222. S.M.S. Murshed, K.C. Leong, C. Yang, Thermophysical and electrokinetic properties of nanofluids-A critical 

review, Appl. Therm. Eng., 28 (2008) 2109-2125. 
223. R. Lotfi, Y. Saboohi, A.M. Rashidi, Numerical study of forced convective heat transfer of nanofluids: Comparison 

of different approaches, International Communications in Heat and Mass Transfer 37 (2010) 74-78. 
224. V. Gnielinski, New equations for heat and mass transfer in turbulent pipe and channel flow, Int. Chem. Eng. 16 

(1976) 359-368.  
225. S. Kakaç, M.R. Venkataraman, A. Pramuanjaroenkij, I. Kotcioglu, Modeling of two-phase flow instabilities in 

convective in-tube boiling horizontal systems, J. of Thermal Science and Technology (Isı Bilimi ve Tekniği 
Dergisi), 29 (1) (2009) 107-116. 

226. J.M. Wu, Jiyun Zhao, A review of nanofluid heat transfer and critical heat flux enhancement Research gap to 
engineering application, Progress in Nuclear Energy 66 (2013) 13-24. 

227. R. Saidur, K.Y. Leong, H.A. Mohammad, A review on applications and challenges of nanofluids, Renewable and 
Sustainable Energy Reviews 15 (2011) 1646-1668. 

228. S. Choi, Nanofluids for improved efficiency in cooling systems, in: Heavy vehicle systems review, Argonne 
National Laboratory; April 18–20, 2006. 

229. A.M. Hussein, K.V. Sharma, R.A. Bakar, K. Kadirgama, A review of forced convection heattransfer enhancement 
and hydrodynamic characteristics of a nanofluid, Renewable and Sustainable Energy Reviews 29 (2014) 734-743. 

230. W. Yu, D.M. France, E.V. Timofeeva, D. Singh, J.L. Routbort, Comparative review of turbulent heat transfer of 
nanofluids, International Journal of Heat and Mass Transfer 55 (2012) 5380-5396. 

231. S.M.S. Murshed, C.A. Nieto de Castro, M.J.V. Lourenc, M.L.M. Lopes, F.J.V. Santos, A review of boiling and 
convective heat transfer with nanofluids, Renewable and Sustainable Energy Reviews 15 (2011) 2342-2354. 

232. J. Sarkar, A critical review on convective heat transfer correlations of nanofluids, Renewable and Sustainable 
Energy Reviews 15 (2011) 3271- 3277. 

233. M. Molana, S. Banooni, Investigation of heat transfer processes involved liquid impingement jets: A review, 
Brazilian Journal of Chemical Engineering 30 (3) (2013) 413 435. 

234. H.A. Mohammed, G. Bhaskaran, N.H. Shuaib, R. Saidur, Heat transfer and fluid flow characteristics in 
microchannels heat exchanger using nanofluids: A review, Renewable and Sustainable Energy Reviews 15 (2011) 
1502-1512. 

235. H.A. Mohammed, A.A. Al-aswadi, N.H. Shuaib, R. Saidur, Convective heat transfer and fluid flow study over a 
step using nanofluids: A review Renewable and Sustainable Energy Reviews 15 (2011) 2921-2939. 

236. O. Mahian, A. Kianifar, S.A. Kalogirou, I. Pop, S. Wongwises, A review of the applications of nanofluids in solar 
energy, International Journal of Heat and Mass Transfer 57 (2013) 582-594. 

237. Ashrafmansouri, Mohsen Nasr Esfahany, Mass transfer in nanofluids: A review, International Journal of Thermal 
Sciences 82 (2014) 84-99. 

 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

47 
R.M. Gotta et al. 

EXPERIMENTAL-THEORETICAL ANALYSIS OF CONJUGATED HEAT 
TRANSFER  IN AERONAUTICAL SENSORS AND STRUCTURES WITH 

ANTI-ICING SYSTEMS 
 

Renato M. Cotta, Kleber M. Lisboa, José Roberto B. de Souza, Ali B. Allahyarzadeh,  
Juliana B. R. Loureiro, Carolina P. Naveira-Cotta, Átila P. Silva Freire 

 
Interdisciplinary Nucleus of Fluid Dynamics - NIDF 

Laboratory of Transmission and Technology of Heat - LTTC 
Department of Mechanical Engineering 

PEM/COPPE/UFRJ - Universidade Federal do Rio de Janeiro 
Cx. Postal 68503, Rio de Janeiro, RJ, Brazil, CEP21945-970 

Email: cotta@mecanica.coppe.ufrj.br 
 

 
 

Abstract 
The present lecture reviews theoretical-experimental studies undertaken at COPPE/UFRJ on conjugated heat 

transfer problems associated with the transient thermal behavior of heated aeronautical Pitot tubes and wing sections 
with anti-icing systems. The experimental analysis includes flight tests validation with the military aircraft A4 Skyhawk 
(Brazilian Navy) and wind tunnel runs (INMETRO and NIDF, COPPE/UFRJ), including the measurement of spatial 
and temporal variations of surface temperatures through infrared thermography. The aim is to demonstrate the 
importance of accounting for the conduction-convection conjugation in more complex models that attempt to predict the 
thermal behavior of the anti-icing system of such sensors and structures under adverse atmospheric conditions. The 
theoretical analysis first involves the proposition of an improved lumped-differential model for heat conduction along 
the probe, approximating the transversal temperature gradients within the metallic and ceramic (electrical insulator) 
walls. The convective heat transfer problem in the external fluid is solved using the boundary layer equations for 
compressible flow, applying the Illingsworth variables transformation considering a locally similar flow. The nonlinear 
partial differential equations are solved using the Generalized Integral Transform Technique in the Mathematica v7.0 
platform. In addition, a fully local differential conjugated problem model was more recently proposed, including both 
the dynamic and thermal boundary layer equations for laminar, transitional and turbulent flow, coupled to the heat 
conduction equation at the sensor or wing solid wall. With the aid of a single domain reformulation of the problem, 
which is rewritten as one set of equations for the whole spatial domain, via space variable physical properties and 
coefficients, the GITT is again invoked to provide hybrid numerical-analytical solutions to the velocity and temperature 
fields within both the fluid and solid regions. Then, a modified Messinger model is adopted to predict ice formation on 
either wing sections or Pitot tubes, which allows for critical comparisons between the simulation and the actual thermal 
response of the sensor or structure. 

 
KEYWORDS 

Conjugated problem, Hybrid methods, Integral transforms, Pitot tubes, Anti-icing system, Climatic 
wind tunnel, Infrared thermography 

 
 

INTRODUCTION 
The analysis of conjugated heat transfer problems is one of the classical contributions of Luikov and 

collaborators [1–2], who consolidated the physical interpretation and first analytical predictions of 
conjugated conduction-convection heat transfer, following the pioneering work of Perelman [3]. Since then, 
and whenever required, the numerical treatment of conjugated problems has been undertaken, in place of the 
simplified decoupled treatment through convective heat transfer correlations for idealized boundary 
conditions. The analytical treatment of such a relevant class of problems in heat transfer has, however, 
undergone a much slower progress, in light of the inherent difficulties in handling the coupled partial 
differential system of energy equations for the solid and fluid regions. Nevertheless, the Generalized Integral 
Transform Technique (GITT) [4-8] has been employed in the hybrid numerical-analytical solution of 
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conjugated problems, both in the context of internal and external flow applications [9-16]. The most recent 
contributions [12-16] have introduced the concept of a single domain reformulation of the conjugated 
problem, which allows for the representation of the energy equations in all involved solid and fluid regions 
as a single one, with space variable coefficients having abrupt transitions at the interfaces, which 
significantly simplifies the integral transformation process and provides a systematic approach for complex 
configurations and irregular regions [17-18]. In parallel, the GITT approach was consolidated into a general 
purpose open source code named UNIT (Unified Integral Transforms) [19-22] written in the symbolic 
computation platform Mathematica [23], version 7 and above, for disseminating its use among researchers 
motivated by analytical-type simulation. 

Among various other applications, aeronautical thermal protection systems are designed so that the 
solid be capable of rapidly responding to the external convection stimulus, due to sudden variations of 
atmospheric conditions, being thus essential to solve the conjugated conduction-convection in such cases. 
Ignoring this mutual influence could lead to erroneous results and physical conclusions that could induce the 
designer of such equipment to make wrong decisions. Icing of aeronautical surfaces and the consequent 
degradation in flight performance under high altitude and adverse atmospheric conditions is a well known 
and studied phenomenon since World War II. The main affected parts are the wings, empennages, engine 
intakes, frontal cone, landing gear compartment’s door and sensors [24-25]. Among these, the case of the 
Pitot tube is emphasized in this work since it is still a fundamental equipment for guidance and navigation of 
modern aeronautical systems. The icing of such probes can generate unreliable local velocity readings and 
compromise the flight control. The catastrophic effects of this kind of failure can be observed when 
analyzing the fairly recent accident occurred with the AF447 flight in 2009, in which the Pitot probes icing, 
complicated by deficient crew training in high altitude flights with abrupt loss of lift, was pointed out as the 
main cause of the disaster by the investigations conducted by the Bureau d'Enquêtes et d'Analyses pour la 
Sécurité de l'Aviation Civile (BEA), France. However, this was not the only accident in which the icing of 
the sensors were pointed as the main cause of an aeronautical disaster. In a brief survey conducted, a number 
of cases were found with very similar circumstances as that of the AF447, showing the importance of 
pursuing further analysis on the subject. 

The present lecture provides a review of the theoretical-experimental research undertaken at the 
Interdisciplinary Nucleus of Fluid Dynamics, NIDF, of COPPE-UFRJ, since 2010 and following the AF447 
tragedy, on the thermal analysis of Pitot tubes with anti-icing systems. In a series of fairly recent 
contributions [26-32], the conjugated heat transfer analysis of heated Pitot tubes and wing sections was 
modeled and solved through the GITT, together with a well accepted ice accretion algorithm, and 
experimentally validated with actual flight tests and wind tunnel experiments. This review work has the 
objective of consolidating such recent developments towards advancing analytical tools for understanding 
anti-icing systems for aeronautical velocity sensors and structures, through the proposition of the inherently 
required conjugated conduction-convection problem and a robust hybrid numerical-analytical solution 
methodology. The analysis of the thermal behavior that precedes the onset of ice formation, as well as the ice 
accretion process itself, can be used to modify the probe design, aimed at avoiding the freezing of the 
impinging supercooled droplets and at improving de-icing behavior under critical situations, in flights under 
adverse atmospheric conditions. 

 
SOLUTION METHODOLOGY 
 
Various classes of problems can be handled by the formal integral transforms procedure, known as 

GITT (Generalized integral transforms technique) [4-8] and widely available into the UNIT code [19-22] in 
the Mathematica platform. In order to offer an unified view, to a certain degree, a transient convection-
diffusion problem of n coupled potentials  is considered, defined in the region V, with boundary surface S 
and including non-linear coefficients and convective terms, incorporated into the source terms, as follows: 
 

 ,( ) ( , ) ( , , ),    ,   0,   1,2,...,k k t k k kw L T t G t V t n= ∈ > =x x x T x   (1a) 

 
where the t operator, ,k tL , for a parabolic or parabolic-hyperbolic formulation  is given by,  
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 ,k tL
t

∂
∂

≡    (1b) 

and 
 ( )( , , ) ( ) ( , ) ( ) ( , ) ( , , )k k k k k kG t K T t d T t g t= ∇ ⋅ ∇ − +x T x x x x x T   (1c) 

 
with initial and boundary conditions given, respectively, by 
 

 ( ,0) ( ),      k kT f V= ∈x x x   (1d) 

 ( ) ( ) ( ) ( , ) ( , , ),  , 0k k k k kK T t t S t∂α β φ
∂

 
+ = ∈ > 

 
x x x x x T x

n
  (1e) 

 
where n denotes the outward-drawn normal to the surface S, and where the potentials vector is given by 
 
 { }1 2, ,..., ,...,k nT T T T=T    (1f) 

 
Equations (1) are sufficiently general once all nonlinear and convection terms are grouped within the 

equations and boundaries source terms. For linear source terms, i.e., g≡g(x,t), and φ≡φ(x,t), exact analytical 
solutions are readily available via the Classical Integral Transform Technique [33]. Otherwise, this problem 
is not a priori transformable, and the ideas in the Generalized Integral Transform Technique [4-8] can be 
utilized to develop hybrid numerical-analytical solutions, as summarized below. 

The formal integral transform solution requires the proposition of eigenfunction expansions for the 
associated potentials. The linear situation mentioned above naturally leads to the eigenvalue problems to be 
preferred in the analysis of the nonlinear situation as well. They appear in the direct application of the 
separation of variables methodology to the linear homogeneous purely diffusive version of the proposed 
problem. Thus, the recommended set of uncoupled auxiliary problems is given by: 
 

 ( ) 2( ) ( ) [ ( ) ( )] ( ) 0,   k ki ki k k kiK w d Vψ μ ψ∇⋅ ∇ + − = ∈x x x x x x    (2a) 

 ( ) ( ) ( ) ( ) 0,   Sk k k kiK ∂α β ψ
∂

 
+ = ∈ 

 
x x x x x

n
   (2b) 

 
where the eigenvalues, kiμ , and related eigenfunctions, ( )kiψ x , are assumed to be known from exact 
analytical expressions obtainable through symbolic computation systems [23] or application of 
computational methods for Sturm-Liouville type problems [5]. In fact, Eqs. (1) already reflect this choice of 
eigenvalue problems, Eqs.(2), via prescription of the linear coefficients in both the equations and boundary 
conditions, since any remaining term is directly incorporated into the general nonlinear source terms without 
loss of generality. Eqs. (2) allow, through the associated orthogonality property of the eigenfunctions, the 
definition of the integral transform pairs: 
 

( ) ( ) ( ) ( , )dki k ki kV
T t w T t Vψ=  x x x ,          transforms                                                (3a) 

,
1

( , ) ( ) ( )k ki k i
i

T t T tψ
∞

=

=x x ,          inverses                                                       (3b) 

 
where the symmetric kernels ( )kiψ x  are given by 
 

 
( )

( ) ki
ki

kiN
ψψ = x

x ;   2

v
( ) ( )dki k kiN w vψ=  x x   (3c,d) 
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with kiN  being the normalization integral. 

The integral transformation of Eq. (1a) is accomplished by applying the operator ( )( ) dkiV
Vψ ⋅ x and 

making use of the boundary conditions given by Eqs. (1d) and (2b), yielding: 
 

2( )
( ) ( , ) ( , ),         ki

ki ki ki ki
dT t T t g t b t i=1,2,... , t>0, k =1,2,...,n

dt
μ+ = +T T                                  (4a) 

  

where the transformed source term ( , )kig t T is due to the integral transformation of the equation source term, 

and the other, ( , )kib t T , is due to the contribution of the boundary source term: 
 

 ( , ) ( ) ( , , )ki ki kv
g t g t dvψ= T x x T ;   

( , ) ( )
( , ) ( ) ( ) ( , )k ki

ki k ki kS

T tb t K T t dsψψ ∂ ∂ = − ∂ ∂ 
x x

T x x x
n n

               (4b) 

 
The boundary conditions contribution may also be expressed in terms of the boundary source terms, 

after manipulating Eqs. (1d) and (2b), to yield: 
 

 
( ) ( )

( )
( ) ( )

( , ) ( , , )

ki
ki k

ki kS
k k

K
b t t ds

ψψ
φ

α β

∂ − ∂=  + 


x
x x

nT x T
x x


   (4c) 

 

The initial conditions given by Eq. (1c) are transformed through ( )
v

( ) ( )k kiw dvψ ⋅ x x , to provide: 

 

 
v

(0) ( ) ( ) ( )ki ki k ki kT f w f dvψ= ≡  x x x    (4d) 

 
Equations (4) form an infinite coupled system of nonlinear ordinary differential equations for the 

transformed potentials, , ( ),k iT t  which is unlikely to be analytically solvable. Nevertheless, reliable algorithms 

are readily available to numerically handle this ODE system, after truncation to a sufficiently large finite 
order. The Mathematica system [23] provides the routine NDSolve for solving stiff ODE systems such as the 
one here obtained, under automatic absolute and relative error control. Once the transformed potentials have 
been numerically computed, the Mathematica routine automatically provides an interpolating function object 
that approximates the t variable behavior of the solution in a continuous form. Then, the inversion formula 
can be recalled to yield the potential field representation at any desired position x  and time t  (or equivalent 
space coordinate). 

The formal solution above derived provides the basic working expressions for the integral transform 
method. However, for an improved computational performance, it is always recommended to reduce the 
importance of the equation and boundary source terms so as to enhance the eigenfunction expansions 
convergence behavior [6]. The UNIT code for multidimensional applications allows for user provided filters, 
which depends on the user’s experience, but it is also implemented an automatic progressive linear filtering 
option [22]. The constructed multidimensional UNIT code in the Mathematica platform [21-22] 
encompasses all of the symbolic derivations that are required in the above GITT formal solution, besides the 
numerical computations that are required in the solutions of the chosen eigenvalue problem and the 
transformed differential system.  

An alternative solution strategy to the total integral transformation described above is of particular 
interest in the treatment of transient convection-diffusion problems with a preferential convective direction 
[22], which has also been explored in the realm of the present project. In such cases, the partial integral 
transformation in all but one space coordinate, may offer an interesting combination of relative advantages 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

51 
R.M. Gotta et al. 

between the eigenfunction expansion approach and the selected numerical method for handling the coupled 
system of one-dimensional partial differential equations that results from the transformation procedure. 

It is also of interest in the present context, to briefly describe the single domain reformulation strategy 
for solving convection-diffusion problems in complex configurations and irregular regions, recently 
introduced in the context of conjugated problems [9-16]. Consider now that the general transient diffusion or 
convection-diffusion problem of eqs.(1) is defined in a complex multidimensional configuration that is 
represented by Vn different sub-regions with volumes lV , 1,2,..., Vl n= , with potential and flux continuity at 
the interfaces among themselves, as illustrated in Figure 1a. We consider that a certain number of potentials 
are to be calculated in each sub-region, , ( , )k lT tx , 1, 2,...,k n= , governed in the corresponding sub-region 

through a fairly general formulation, such as in eqs.(1), with appropriate interface and boundary conditions, 
respectively at the interfaces, ,l mS , and external surfaces, lS . The GITT can be directly applied to solve this 

more involved system of equations, either by constructing an individual eigenfunction expansion basis for 
each potential, and then coupling all the transformed systems and potentials for each sub-region, or by 
constructing a multiregion eigenvalue problem that couples all of the sub-regions into a single set of 
eigenvalues, which in general involves cumbersome computations in multidimensional applications. 
However, in this case, one single transformed system and one single set of transformed potentials is obtained 
by employing the appropriate orthogonality property.  

Figures 1a-c provide two possibilities for representation of the single domain, either by keeping the 
original overall domain after definition of the space variable coefficients, as shown in Figure 1b, or, if 
desired, by considering a regular overall domain that envelopes the original one, as shown in Figure 1c. 
Irregular domains can be directly integral transformed [5,8] and, in principle, there is no need to consider the 
second representation possibility pointed out above. However, some computational advantages may be 
achieved by enveloping the original irregular domain by a simple regular region, especially in the context of 
automatic solution procedures, such as when using the UNIT algorithm and code [21,22], discussed above. 

 

 
 

Fig. 1. (a) Diffusion or convection-diffusion in a complex 
multidimensional configuration with nV sub-regions; (b) Single domain 
representation keeping the original overall domain; (c) Single domain 
representation considering a regular overall domain that envelopes the 
original one. 

 
Therefore, as already demonstrated in the analysis of specific conjugated problems [12-16], it is possible 

to rewrite the multi-region problem as a single domain formulation with space variable coefficients and 
source terms. Such space variable coefficients then incorporate the abrupt transitions among the different 
sub-regions and permit the system representation as a single domain formulation, such as in eqs.(1), to be 
directly handled by integral transforms. 

 
 

(a) 

(b) (c) 
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APPLICATION AND PROBLEM FORMULATION 
 
 In light of the opportunity offered by the Brazilian Navy in performing tests with their A-4 Skyhawk 

aircrafts, the Pitot tube model PH510 by Aero-Instruments, Co., shown in Figure 2.a, and with its main 
dimensions in Figure 2.b, was used as the basis for the modeling here developed, having essentially the same 
characteristics of modern velocity probes for commercial flights. It is important to mention that the Pitot tube 
in consideration is equipped with an anti-icing thermal protection system located in the central cylindrical 
part of its body (region between lines #2 and #3 in Fig.2b), which consists of a resistive metallic wire 
embedded in a ceramic electrical insulation. From the stagnation region at the conical tip until close to the 
leading edge of the support, which resembles a wing, where the heated region ends, the material used is 
copper (region between lines #1 and #3), while the rest is made of brass (after line #3 to the end of the 
support). The exception is the electrical insulation present in the heated region that is composed of porcelain 
which will be the subject of further discussions in what follows. The detailed knowledge of the flow and heat 
transfer processes over and within the probe itself is essential for its thermal management, specially near the 
stagnation region due to its functional importance, while the support region, holds little importance to the 
thermal behavior of the sensor as a whole [26]. 

 

 
Fig. 2a. Pitot probe PH-510 used as the basis for the 
proposed thermal model. 

 
 
 

 

 
 
 
Fig. 2b. Schematic drawing of the Pitot tube with main 
dimensions 

 
Aiming at developing a thermal model for the Pitot probe with anti-icing system, two physical regions 

are considered. The first one is the solid shell that comprises the body of the sensor which is modeled 
through the heat conduction equation with an energy generation term, due to the anti-icing heating. The other 
region is related to the mechanical and thermal boundary layers that are formed around the axisymmetric 
shape of the sensor, as depicted in general form in Figure 3 below. The boundary layers are then considered 
in two regions, laminar and turbulent, that are treated sequentially and, at the first modeling effort, with a 
sharp transition when the critical Reynolds number is reached. The flow external to the boundary layer is 
also required, where the influence of the viscosity is not relevant and an inviscid model can be invoked. 
Moreover, there are analytical relations for the potential flow over an axisymmetric body that are readily 
available from aerodynamics classical texts, due to its importance in calculations of fuselage bodies. With 
the velocity field and making the assumption that the flow is isentropic, the temperature, density and 
dynamical viscosity fields, using the Sutherland relation, easily follow [33]. The relations chosen in the 
present work are derived from [34], which is based on sources and sinks distributions to establish the 
velocity fields at the border of the boundary layer, a common approach in potential flow theory. However, 
the originally proposed equations apply strictly only to incompressible flows, but correction factors were 
developed in order to take advantage of the simplicity of such results. Here, the Prandtl-Glauert correction is 
adopted since, even though there are more accurate factors, it is explicit, straightforward, and sufficiently 

#1 
#2 

#3 #4 
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precise for our purposes. The interaction between the solid and fluid regions occurs through the continuity 
relations for the temperature field and heat flux at the solid-fluid interface.  

 

 
 

Fig. 3. Coordinates system for the axissymetrical 
configuration of a sensor with arbitrary geometry and its 
interaction with the external boundary layer 

 
The geometrical complexity of the probe initially posed difficulties in formulating a simplified model 

to the whole extension of the Pitot tube. However, a detailed local reproduction of the temperature field at 
the wing shaped support of the probe is not relevant, as observed in previous works [26,27], which allows 
simplification of the curvature effects in the transition from the conical-cylindrical portion towards the 
junction with the support. The mathematical model for heat conduction along the considered axisymmetric 
Pitot tube is presented in equations (5.a-f), employing cylindrical coordinates.  

 ( , ) = ( , ) + 1 ( , ) + ( , , ), 0 ≤ ≤ , ( ) ≤ ≤ ( ) 
 

                       (5.a) 
     ( , , 0) = 0( , )                              (5.b) 

   ℎ (0, , ) − (0, ) =0 = ℎ ; = = 0              (5.c,d) 

= ( ) = 0;     ℎ( ) ( , ( ), ) + ( ) = ( ) = ℎ( )               (5.e,f) 

 
In the above formulation, heat transfer from the probe support to the airplane structure is neglected, due to 

the minor importance of this region in the desired thermal analysis [26].  Also, Newton’s law of cooling at 
the boundary conditions is written for a more general conjugated problem with compressible flow, and for 
this reason the adiabatic wall temperature becomes important to the proposition of a model applicable in the 
whole envelope of applications desired. 

Knowing that metallic materials are predominant in the sensor structure and that the wall thicknesses are 
in general small, it is expected that the Biot numbers are sufficiently low allowing for the application of a 
lumping procedure in the radial direction, towards the simplification of the solid heat conduction model. 
Both the classical lumped and the improved lumped approaches [6] were considered in the present context 
and a comparison between the two approaches has also been conducted. The so called Coupled Integral 
Equations Approach (CIEA) [6] for reformulation of differential problems is based on the proposition of 
approximations for both the averaged potential and its gradient as a function of the average potential, as 
defined through the integration in one or more spatial variables. For our specific problem, the radially 
averaged temperature is defined as: 
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                    ( , ) = 22 − 2 ( , , )( )
( )  

                   (6) 

 
Applying the same averaging operator in the differential model under analysis, it is possible to make 

use of Hermite approximations for numerical integration and to reformulate the transient two-dimensional 
model (5.a-f) into a transient one-dimensional model [6]. Thus, applying the averaging operator in the radial 
direction to equation (5.a), using the definition of the radially averaged temperature, equation (6), and 
considering that the variation of the transversal section area with the longitudinal direction is mild, so as to 
approximate the normal derivatives by radial ones, it is possible to rewrite the partial differential model of 
equations (5.a-f) as:  

 ( ) = 1( ) ( ) ( ) + 2 ( )2 − 2 = ( ) + ( , ),       0 ≤ ≤  

(7.a) ( , 0) = 0 ( )                              (7.b) 
 ℎ (0, ) − (0) =0 = ℎ ; = = 0             (7.c,d) 
               

Using Hermite approximations to numerically integrate equation (6) and the known integral of the 
gradient over the domain, together with the boundary conditions in the radial direction, it is possible to relate 
the local term in eq.(7.a) that is evaluated at the surface of the probe, with the average temperature, which 
results in equations (8.a-c), consisting of the so called improved lumped approach [6]:   

 

     

( , , ) =
= 12 ( )( + ) ( , ) + ℎ( )( − ) 6( + ) ( , ) − (3 + )12 ( )( + ) + ℎ( )(3 + 5 )( − )             (8.a) 

 

   ( , , ) = + 12 ( )( + )( ( , ) − )12 ( )( + ) + ℎ( )(3 + 5 )( − )              (8.b) 

 

= ( ) = − 12ℎ( )( + )( ( , ) − )12 ( )( + ) + ℎ( )(3 + 5 )( − )              (8.c) 

 
As for the classical lumped analysis, the temperature of the surface is simply approximated by the 

average temperature in the boundary condition (5.f), also allowing for the association of the local term in the 
right hand side of equation (7.a) with the average temperature. In this case, the local temperatures at the 
internal and external surfaces of the probe, and the boundary condition at the external surface, are 
approximated as in equations (9.a-c): 
 ( , , ) ≅ ( , , ) ≅ ( , )              (9.a,b) 

= ( ) ≅ ℎ( )( ) − ( , )               (9.c) 

Eqs.(7.a-c) are in fact directly applicable only to the axisymmetric portion of the Pitot probe, within   0 
≤ x ≤ a, from the tip to line #4 in Fig.2b. However, for the wing-like support the use of the classical lumped 
approach is more easily applicable and sufficiently accurate for the present purposes. Therefore, as discussed 
above, neglecting the curvature effects on heat transfer to the support region, a ≤ x ≤ L, the complete 
improved lumped model for the Pitot probe becomes:  
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 ( ) = 1( ) ( ) ( ) − Ω( )( ( , ) − ) + ( , ) 
   (10.a) 

     

Ω( ) = 24ℎ( ) ( )12 ( )( 2 − 2) + ℎ( )( − )2(3 + 5 ) , 0 ≤ ≤
ℎ( ) ( )( ) , ≤ ≤  

                             (10.b) 
   ( , 0) = 0 ( )            (10.c,d) 

 ℎ (0, ) − (0) =0 = ℎ ; = = 0               (10.e,f) 

 
The probe materials and radial dimensions vary with the longitudinal direction and these changes in 

the effective thermophysical properties and transversal section are very important to the model response. It 
should be noted that there is a sharp step in the thermal capacity at the end of the cone portion of the probe, 
that is 16 mm apart from the stagnation point. This is due to the large heat capacity of the ceramic material 
used to electrically insulate the resistance from the probe along the heated portion. On the other hand, the 
influence of this ceramic material in the heat conductivity is less significant, as expected, since it has thermal 
insulating properties.  

The coupling of the heat conduction problem along the probe with the fluid flow over its body was 
initially investigated through the use of appropriate correlations for the heat transfer coefficients [26], at the 
stagnation point, along the probe length, and over the wing-like support. Then, the actual conjugated problem 
was tackled, by simultaneously solving the probe energy equation and the fluid flow and energy equations 
[27-30]. The solution of the flow and energy equations in the fluid is carried only in the axisymmetric part of 
the Pitot tube allowing for the use of a specific coordinate system for this case. The flow is considered to be 
compressible since it is desired to cover all the flight envelope of modern commercial aircraft. As for the 
transient response, it was shown [27] that the time necessary for the flow to reach steady state is markedly 
less than that necessary for the solid to reach the same regime. Therefore, only the quasi-steady state solution 
for the fluid will be considered here. 

Within the limits of the boundary layer theory and from the assumptions that the fluid is Newtonian, that 
the Boussinesq postulate holds and that the turbulent Prandtl number is constant [34], equations (11.a-h) for 
the fluid flow problem were considered. For the sake of brevity they are written in the form of Reynolds 
averaged equations, and for laminar flow the turbulent properties are set to zero. 
 ̅ + = + 1 ( + )  

   (11.a) 

     
(0) = 0, (∞) = , =∞ = 0         

           (11.b-d) 

   

̅ + = 1 ++ 1 1 − 1 + 1 − 1 22             (11.e) (0) = , (∞) = , =∞ = 0               (11.f-h) 

The governing equations for determining the ice accretion rates were implemented using the extended 
Messinger model [36-38]. At low temperatures and low liquid water contents, rime ice occurs, for which the 
ice shape is determined by a simple mass balance. At warmer temperatures and high liquid water contents, 
glaze ice forms, for which the energy and mass conservation equations are solved numerically. Once the ice 
and liquid water film thickness are obtained, the water height and the temperatures in the different layers 
may be calculated, through a quasi-steady one-dimensional heat conduction model. The mass and energy 
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balances employed in the analysis of ice accretion over wings can be directly applied to the study of ice 
formation on Pitot probes. However, the heat transfer by convection and the latent heat are the most 
important terms in the energy balance, as discussed in [31]. 

More recently [39], a fully local differential formulation was considered, adopting the single domain 
formulation strategy, to the solution of the conjugated conduction-convection problem as applied to the 
analysis of wing sections under ice formation conditions, which can be readily extended to the analysis of 
axisymmetric sensors. Figure 4 illustrates the representation of the single domain and the associated 
coordinates system.  

 
 

 
The solid and fluid energy equations are then given, respectively, by eqs.(12) and (13) below, with 

corresponding boundary conditions. However, in terms of the single domain representation, these equations 
are merged into the single system represented by eqs.(14) that follows, where the z variable coefficients 
incorporate the abrupt transition between the two sub-regions, as previously discussed. 

 2 12 + 2 12 + ( , ) = 0                                                  (12.a)

1 =0 = 0; 1 = = 0                                                    (12.b,c)
 − 1 =0 = ; − 1 = = − 2 =                               (12.d,e)
 ( , ) 2 + ( , ) 2 = 2 22 + 2 22 + 2 2                    (13.a)

2 =0 = 0; 2 = = 0                                             (13.b,c)

1( , ) = 2( , ); ( , ) = ∞                                           (13.d,e)
 ( , ) + ( , ) = ( ) 2 2 + ( ) + 2 + ( , )     (14.a)

=0 = 0; = = 0                                                 (14.b,c)− =0 = ; ( , ) = ∞                                             (14.d,e)
  

EXPERIMENTAL PROCEDURE 
 

 The first experimental results of the heated Pitot tube presented in this review were obtained in an 
aerodynamic wind tunnel at the Fluid Mechanics and Anemometry Division (DINAM), in the National 
Institute of Metrology, Standardization and Industrial Quality - INMETRO, Brazil, shown in Figure 5 below. 
It is an open circuit blower type tunnel and consists of a test section of 500 mm x 500 mm, 8 m long, and a 

ε 

δ 

re 

s z 

Fig. 4. Single domain representation for conjugated problem analysis of wing sections 
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12.5 HP fan with variable speed control from 0 to 23 m/s. The main components of this experimental setup 
are the infrared camera FLIR SC660, a high performance infrared system with 640x480 image resolution 
used to obtain the temperature field at the Pitot surface and the Particle Image Velocimetry (PIV) system, 
laser and camera, by DANTEC DYNAMICS with a pulse duration of nano seconds, wavelength of 1064 and 
532nm with a laser medium of Nd:YAG. The Pitot probe was fixed to the floor of the wind tunnel through a 
PVC support and in order to reduce uncertainty in the IR camera readings, its surface was painted with a 
graphite ink, which brought its emissivity to around 0.97ε = , as stated by the ink manufacturer. 
 

 
 

Fig. 5. Open circuit blower type wind tunnel of DINAM-INMETRO. 
 

The experimental procedure was initiated by imposing a velocity to the wind tunnel test section, 
followed by the application of a voltage difference to the Pitot´s electrical resistance. Voltage and current are 
simultaneously measured along the experiment. Due to space limitations, the infrared thermography camera 
and laser source of the particle image velocimetry are not installed simultaneously, since both were required 
to be placed perpendicularly to the Pitot tube. Therefore, first the infrared thermography measurements are 
taken along the transient process up to steady-state, and then the PIV measurements are performed. For the 
IR images acquisition the camera is connected to the acquisition computer by a fire-wire cable that makes it 
possible to achieve fast transfer of acquired data. Using the FLIR´s proprietary software, one can remotely 
operate the thermography camera, and monitor the temperature increase. Figures 6 illustrate the IR image 
produced by the FLIR SC660 camera of the heated Pitot tube in the beginning of the transient regime (Fig. 
6a) and after the steady-state is achieved (Fig.6b). One may clearly observe the temperature rise at the region 
of the Pitot heater and the temperature drop throughout the Pitot wing-shaped base (note that Fig. 6a is much 
less brighter than Fig. 6b).  

Once steady-state has been achieved, the IR câmera is substituted by the laser source of the PIV 
system and the second phase of the experiment is initiated. The region to be studied is illuminated by the 
laser light plane. As tracer particles are dispersed in the fluid, a digital CCD camera installed perpendicular 
to the laser plan, captures images from the illuminated particles. In Figure 7a one can observe the Pitot tube 
illuminated by a constant plane of laser during the PIV test and Figure 7b illustrates the average velocity 
field vector calculated by the PIV software, showing the boundary layer at the Pitot upper surface, for 20 m/s 
dry air speed in the wind tunnel, confirming that the flow is mostly laminar over the cone-cylindrical region 
at such free stream velocities. 
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(a) (b) 

Fig. 6. IR image of Pitot tube for an air flow free stream velocity of 10 m/s: a) few seconds after the heater is turned on; 
b) steady-state. 

 
 

 
 

Fig. 7a. Pitot tube illuminated by laser 
during PIV test 

 
Fig. 7b.  Average velocity field vector over upper 
Pitot tube surface calculated by PIV software 
(u∞=20 m\s) 

 
Next, experimental results for the transient thermal behavior of the heated Pitot tube were 

obtained from a A4-Skyhawk airplane of the VF-1 Squadron, in the Brazilian Aero-Naval Base, at São 
Pedro d´Aldeia, Rio de Janeiro, shown in Figs. 8.a,b. The A4 is a single seat, light weight, high 
performance attack aircraft with a modified delta planform wing. It is powered by a Pratt & Whitney gas 
turbine engine that produces a sea level static thrust of 11,200 pounds, making it possible to the aircraft 
to reach transonic speeds. The main components of this experimental analysis are the A-4 Pitot tube and 
the Testo Data Logger, model 177-T4. The data logger has four temperature channels which were used 
during the test flight, with type K thermocouples in a measuring rate of 3 s, and was switched on still on the 
ground, before the pilot powered the plane. The data logger was positioned in the front compartment of 
the plane, in a thermally insulated box. The thermocouples were fixed at increasing longitudinal distances 
from the tip of the Pitot tube, by a special glue made by Loctite, E-20NS Hysol Epoxy Adhesive, which is a 
long time curing, low viscosity structural adhesive. 
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During the flights, two redundant thermocouples were damaged, thus only the temperatures from 
the remaining two thermocouples were recorded along the whole test period. The thermocouple of major 
interest here was attached close to the end of the heated portion of the cylindrical body of the Pitot probe 
(x=80 mm). The second recorded thermocouple was attached to the wing-shaped base of the Pitot probe, 
and its sensing tip was exposed to measure the external atmospheric temperature. The pilot was then 
responsible for promoting a transient thermal behavior on the Pitot tube, by turning the heating system off 
for a few seconds and then on again, at different stable altitudes, for a few times in each altitude. 

 
 
 

  
 Fig.8.a. A4 Skyhawk airplane with tested Pitot 
probe. 

Fig. 8.b. Installation of the instrumented Pitot tube on the 
aircraft.  

  
 
The final step in the experimental analysis then consisted of the design and construction of a climatic 

wind tunnel at COPPE / UFRJ, for future thermal analysis of the anti-icing system of the Pitot probe under 
conditions conducive to icing. The final testing of the climatic wind tunnel included the analysis of velocity 
fields along its section tests and performing thermal experiments with the Pitot probe, similar to those 
reported in the previous experiments in the wind tunnel. Figure 9 provides an overall picture of the climatic 
wind tunnel of NIDF-COPPE, designed to achieve Mach numbers up to 0.3 at temperatures as low as -20ºC.  

 
 

 
 

Fig. 9. Overall view of the climatic wind tunnel, NIDF, COPPE-UFRJ. 
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RESULTS AND DISCUSSION 
 
 Validation for Incompressible Flow: Wind Tunnel Experiments 
In [26], experiments were conducted in the metrological wind tunnel of INMETRO (Instituto Nacional 

de Metrologia, Padronização e Qualidade Industrial), in order to validate the simple heat conduction model 
then proposed for the Pitot probe, as well as the conjugated convection-conduction model for incompressible 
flow conditions. The measurements available include the LDA velocity field for the flow around the Pitot 
tube and the transient temperature distributions over the Pitot tube surface generated by infrared 
thermography, as illustrated in figure 10.a. The model developed in [29] is here compared with the 
experimental results generated in [26]. Figure 10.b shows the comparison between the steady state results 
obtained with the simulation and the experiments, for the temperature distribution along the length of the 
probe, since the tip (x=0) up to the end of the support region (x=L). Lines #2, 3, and 4 of Fig.2b are also 
shown, to represent the heater region, between lines #2 and 3, and the beginning of the support, line #4. One 
may conclude that the adherence between the two sets of results is quite satisfactory, deviating only at the 
end of the support region, due to heat losses at the end of the Pitot tube support that were not accounted for. 
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Fig. 10a. Illustration of the infrared thermography results 
from the wind tunnel experiments  
(9.98 m/s, 68 V and 0.69 A in the resistor) 

 
 

Fig. 1b. Comparison between the steady state 
temperature fields: experimental, in red, and simulated, 
in black. 

 
As for the transient behavior, starting from the unheated probe in thermal equilibrium with the free 

stream air, and suddenly turning on the heating system, the measurements taken by infrared thermography 
are compared in Figures 11 with the simulation results for several positions along the longitudinal 
coordinate. The agreement between the two sets of results is again excellent, giving confidence that the 
conjugated model is perfectly capable of accurately describing the transient behavior of the temperature field 
along the Pitot tube. However, if the porcelain electrical insulation is not accounted for in the effective 
thermophysical properties, particularly in the local thermal capacity, significant deviations between 
experimental and theoretical results are observed, as discussed in [26,28]. 

Next, the climatic wind tunnel (NIDF-COPPE) was employed in the validation of the Pitot probe 
model, for a more challenging transient situation, by promoting successive step changes in the power 
generation of the probe heating system, corresponding to on-off cycles of about the same period. Both 
thermocouple and infrared thermography temperature measurements were recorded for comparison purposes. 
The results here reported correspond to a fan rotation of 800 rpm, which corresponded to a free stream air 
velocity of 22,87 m/s at the test section. In the beginning of the test, the air temperature was at 8.7ºC, 
increasing along the experiment to 10.8 ºC. Figure 12.a shows the applied electrical power applied to the 
heating system, for a maximum voltage difference of 52V, with a behavior that approximates the transients 
promoted by the pilot in the A4 flight tests that will be discussed in what follows. The temperature 
measurements at a position of 80mm from the probe tip are also presented. Figure 12.b then provides a 
comparison of the same temperature measurements at x=80mm, in red, and the theoretical predictions, for 
both the classical lumped and improved lumped models, in black and yellow, respectively. The air 

#2 #3 

#4 
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temperature within the test section is also provided in the lower violet curve. An excellent agreement 
between the theoretical curves is achieved, as well as with the experimental temperature evolution, with a 
slightly faster thermal response being predicted by the proposed model. 

 
 

 
 

Fig. 2. Comparison between the time evolution of measured (red) and simulated (blue) temperatures at different 
positions along the Pitot probe length, for the DINAM-INMETRO wind tunnel experiments. 

 
 
 

 
Fig. 12a. Transient power generation in probe and 
achieved measured temperature transient at 
80mm.Temperature of air in the tunnel, lower line 
purple. (800 rpm - 22,87 m/s ) 

 
Fig. 12b. Comparison between the theoretical and   
experimental transient temperature fields:  
experimental in red, and theory in black-yellow. 
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Validation for Compressible Flow: A4 Flight Tests 
 

In [28,32], flight tests were reported in a A-4 Skyhawk aircraft of the VF-1 Squadron, in the Brazilian 
Aero-Naval Base, at São Pedro d´Aldeia, Rio de Janeiro, in order to determine the thermal behavior of an 
instrumented Pitot tube under actual flight conditions and thus validate the models developed for 
compressible flow situations. In order to generate abrupt transient variations, the A4 pilot was required to 
repeatedly turn on and off the Pitot thermal protection system, thus allowing for the observation of the 
thermal response of the probe to sudden heat transfer perturbations. Two flights were here selected for 
analysis, the first with a Mach number of 0.5 and at 10000 ft of altitude, and the second one with a Mach 
number of 0.51 and at 15000 ft of altitude. 

Figures 13 show the predicted transient behavior of the Pitot probe temperature at a point located 80 
mm from the stagnation point, accounting for the influence of the porcelain’s heat capacity in the time 
response. Both the classical lumping (red curves) and improved lumped (black curves) procedures have been 
included in this comparison. The experimental thermocouple readings are plotted in blue, while the measured 
external air temperature is shown in green lines. It can be noticed that the model slightly under-predicts the 
time necessary to reach steady state after each switching cycle at the lower altitude, with a closer agreement 
in the higher altitude flight. Another worthy observation is that for the 10000 ft flight the two lumping 
approaches differ more noticeably, with the improved lumped approach yielding better results. This is due to 
the fact that the heat transfer coefficients are higher at the lower altitude flight, i.e., higher velocities and 
denser air, and thus the Biot numbers tend to be higher in this case, which favors the use of the improved 
lumped analysis for higher accuracy. 

Steady state theoretical results for the A4 flights have also been analyzed, by comparing the simple 
thermal model using correlations for the external heat transfer coefficient [26], against the complete 
conjugated problem here described. Figure 14 shows that the uncoupled model (in red) overestimates the 
probe surface temperatures at the stagnation and tip regions in both flight situations, to within 5ºC in 
comparison to the full conjugated model (in black). This result reconfirms the importance of taking into 
account the mutual influence between the solid and the fluid and the need for a conjugated model to more 
accurately describe the thermal behavior of the Pitot tube under critical conditions. 

 
 

 
(a) 

 
(b) 

 
Fig. 13. Time evolution of the temperature at the surface of the Pitot distant 80 mm from the stagnation point, 
considering the porcelain influence, with improve lumped, in black, with classical lumped, in red, and with 
experimental results, in blue: (a) flight at 10000 ft and Mach 0.5; (b) flight at 15000 ft and Mach 0.51. 
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(a) 

 
(b) 

Fig. 14. Temperature distribution along longitudinal position in steady state:  
(a) flight at 10000 ft and Mach 0.5; (b) flight at 15000 ft and Mach 0.51. 

 
Flight in Icing Conditions – Pitot Probe 

 
In the following simulation we have used the data relative to the PH510 but with conditions close to 

those for the AF 447 flight, as provided in the final report of the BEA, French Agency responsible for the 
accident investigation . The conditions adopted were altitude of 11 km and Mach number between 0.82-0.86 
(871-913 km/h). Here, the improved lumped model for the Pitot energy equation was solved with 
correlations for the heat transfer coefficients and the modified Messinger model for the ice accretion [31,41]. 
Figure 15.a illustrates the transient behavior of the temperature distribution along the surface of the Pitot 
probe, where clearly it is observed that the temperature at the stagnation region achieves values below 
freezing temperature during the time interval investigated. Figure 15.b shows the time evolution of the 
temperature at the stagnation region, which allows one to evaluate that after about 2000 seconds icing starts 
(about 33 minutes). This time is just over the 30 minutes that appear in the BEA report, pointed out as the 
time elapsed within the entrance into the cloud formation until the beginning of freezing the probes. These 
results considered only the liquid part of the water in LWC, with assumed values of , LWC=1.115 g/m3, 
MVD=45 µm. 

 

 
 

 

 
Fig. 15.a. Theoretical prediction of temperatures along the 
probe PH510 before and after starting icing  in situation of 
flight with ice formation (T∞=-54 0C, LWC=1.115 g/m3, 
MVD=45 µm, u∞=800 km/h) 

 
 
 
Fig. 15.b. Transient behavior of the temperature in the 
stagnation region of the Pitot probe in situation of 
flight with ice formation (T∞ = -54 0C , LWC = 1.115 
g/m3, MVD = 45 µm, u∞ =800 km/h) 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

64 
R.M. Gotta et al. 

Flight in Icing Conditions – Wing Section 
 

One of the difficulties encountered in the present effort on the analysis of anti-icing systems for Pitot 
probes, was the lack of previous works in the open literature for comparison purposes, in either simulation or 
experimentation of icing of Pitot tubes or any other aeronautical sensor. Therefore, it became essential to 
verify and validate the proposed fully local differential formulation, with the single domain formulation 
strategy and including the modified Messinger model for ice accretion, in the case of icing of airfoils, for 
which the literature is much richer. A substantial amount of information and studies about wing, empennage 
and engine intakes icing can be readily found in the open literature, in light of the commercial and strategic 
advantages that such knowledge can provide. Controlled distribution software were developed throughout 
recent years, such as LEWICE, ONERA2D, TRAJICE, CANICE and many others [42,43]. Even though the 
importance of studying the icing of Pitot tubes is well recognized for the reasons already discussed, very 
little information concerning this particular subject was found in the open literature, possibly due to 
commercial issues or to a minimized importance in comparison with icing problems on other more 
supposedly vital aircraft components.  

In order to validate the results obtained in [39] for ice formation over airfoils, the experimental results 
in [44] have been considered. This experimental work employs a NACA 0012 airfoil with chord of 0,27m, 
without any active anti-icing system, under appropriate conditions for ice accretion. Table 1 summarizes the 
relevant input data for this simulation, employing the fully local differential model for the conjugated 
problem discussed above, together with the modified Messinger model.  

 
Table 1. Conditions for test with ice formation over wing section [44]. 

Case  (m/s)   (K) LWC (g/m³) MVD (μm) Total time (s) 
C14 57.0 0° 267.6 1.04 27.73 247.2 

 
 For the conditions of case C14 from [44], the trajectories of the supercooled water droplets have 

been computed. Figure 16a shows the result of the Lagrangian simulation of the trajectories of 50 droplets, 
with the corresponding impact points over the airfoil surface. Figure 16b provides the collection efficiency 
calculated from these simulated trajectories, where fairly significant coefficients are obtained up to 10 cm 
away from the stagnation point, due to the fairly high values of the liquid water content (LWC) and of the 
mean value diameter  (MVD) of the droplets.  

 
After solving both the flow and conjugated heat transfer problems with the single domain formulation, 

the modified Messinger model [36-38] is employed to estimate the ice accretion process. Only then the ice 
layer profile predicted by the present model (external black curve) can be critically compared with the 

 
 

Fig. 16.a. Trajectories and impact points of subcooled droplets in 
case C14 [44]  

Fig. 16.b. Collection efficiency for 
case C14 [44] 
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experimental results in [44] (blue curve) and the simulation in [45] (red curve), as shown in Figure 17. It can 
be seen that the two simulations are fairly close to each other, along most of the airfoil length where the 
collection efficiency has representative values, and some deviation between the two simulations is noticeable 
only at the end of the wing section, possibly due to some slight differences in the calculation methodology 
for the collection efficiency. Both theoretical results have noticeable deviations from the experimental ice 
layer profile, though following the same overall behavior, possibly because the various impinging water flow 
regimen have not been considered. It should also be mentioned that the present model does not account for 
the influence of the ice layer or water film in the external convection, thus the heat transfer coefficient is not 
updated once ice accretion is observed.  

 
 

 
 

Fig.17. Ice layer profiles for case C14: airfoil profile (internal black 
curve); present model (external black curve); experimental [44] (blue 
curve); numerical simulation [45] (red curve). 

 
 
CONCLUSIONS 
The results here obtained and critically compared to both incompressible and compressible flow 

experiments, demonstrated that the developed conjugated model and associated solution methodology, are 
capable of accurately predicting the transient thermal behavior of aeronautical Pitot tubes with anti-icing 
systems, in both controlled laboratory wind tunnel experiments and in real airplane flights.  The model here 
validated by the wind tunnels and A4 flight experimental data, was then employed in the analysis of 
more severe conditions that may lead to ice formation, as the basic heat transfer formulation for the 
incorporation of a well accepted ice accretion model.  

Future work includes the validation of the complete model of conjugated heat transfer with ice 
accretion for the Pitot probe, under controlled tests in the climatic wind tunnel of NIDF-COPPE/UFRJ, due 
to the lack of experimental studies on this matter. Also, predictive tools for velocity estimation based solely 
on temperature measurements, through the use of particle filters within the Bayesian framework, have been 
recently proposed [46] and should now be improved and tested against actual wind tunnel data. The goal is to 
provide an alternative and concurrent velocity estimation procedure, sufficiently robust to provide reliable 
estimations even under icing, but employing the conventional Pitot probes with a single installed temperature 
sensor. In addition, on going research on icephobicity [47], should provide clues for the tailoring of 
nanostructured superhydrophobic surfaces for probes tips through scalable fabrication techniques [48]. 
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Abstract  
More than half of the world’s population currently lives in cities. An essential constituent of future sustainable 

cities is energy efficient and ecologically sound buildings which ensure high levels of comfort and convenience without 
reducing the standards of living. At present, a significant part of primary fossil fuels is spent for heating/cooling of 
buildings, thus, greatly contributing to total GHG emissions. Moreover, heat losses in building are still inacceptable and 
can reach 40-70% of the consumed heat. In this review, we consider typical heat losses in dwellings taking the United 
Kingdom and the Russian Federation as examples. The role of adsorption-based technologies for more rational use of 
heat in buildings is discussed. Basics of inter-seasonal adsorptive heat storage (AHS) are briefly considered. A tentative 
upper limit of the AHS storage density is estimated. Current practice of inter-seasonal AHS and novel smart adsorbents 
promising for this emerging technology are overviewed. Since a portion of the heat losses in ventilation system 
significantly increases in modern buildings, an adsorptive regeneration of heat and moisture in this system is discussed. 
Finally, we briefly consider drawbacks, perspectives and optimization trends of the AHS in buildings.  

 
KEYWORDS  

Sustainable city, low-energy building, adsorptive transformation of heat, waste heat, energy efficiency, 
heat storage, heat regeneration, nanotailoring new adsorbents, moisture recovery 
 
 

INTRODUCTION 
Past centuries are characterized by persistent growth of urban population. At present, more than half of 

the world’s population currently lives in cities [1]. It is predicted that by 2050 the urban population will 
reach 70% [2]. In this review, we mainly focus on energy efficient and ecologically sound buildings which 
are an essential constituent of future sustainable cities. In order such buildings to ensure high levels of 
comfort, an input of emerging low-carbon technologies aimed at rational use of thermal energy must be 
greatly increased.  

Indeed, at present, a significant part of primary fossil fuels is spent for heating/cooling of buildings, 
thus, essentially contributing to GHG emissions. In Europe, the heat consumption in buildings (heating and 
hot water production, HWP) is responsible for 24% of the total energy consumption of the UE-27 (2008) [3]. 
45% of total UK final energy consumption for 2012 was for heating purposes; it being known that more than 
half (24%) was used for domestic heating [4]. A one fourth of this amount is additionally used for domestic 
hot water [5]. In Germany, the share of households in total final energy consumption in 2011 reaches 25% or 
52 Mtoe (million tonnes of oil equivalent), space heating being dominated (72% of the final households 
energy consumption [6]. In the Russian Federation (RF), 43% of the produced centralized heat or 138 Mtoe 
is used for buildings [7]. This agrees well with the data of [8] that Russian residential, public, and 
commercial buildings in 2005 were responsible for 144.5 Mtoe of final energy use (Table 1), at that 75% of 
this heat is consumed in dwellings. Space heating is the leading heat end-user (73.7% in 2011), while the rest 
(26.3%) is used for HWP [9].  

Despite all systematic and active actions made, heat losses in buildings still remain enormous, hence, 
there is considerable potential for improving energy efficiency in residential buildings. According to the IEA 
report, the building sector can reduce energy consumption with an estimated energy savings of 1509 Mtoe 
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which can possibly mitigate 12.6 Gt (gigatonnes) of CO2 emissions by 2050 [10]. The UK Government has 
set an ambitious target to reduce national greenhouse gas emissions by at least 80% by 2050, and app. a half 
of this reduction is to be due to improved operation of buildings. Technical potential of energy saving in the 
Russian buildings sector exceeds 68 Mtoe or 47% of the total consumption, the largest potential being 
evaluated for residential buildings (Table 1) [8]. The major part (67%) of saving can be implemented through 
the reduction of district heating use for space heating and hot water. About 85% of the technical potential is 
economically viable, while 72% is market attractive with the 2010 energy prices [8].  

 
Table 1.  

Evaluation of the energy efficiency potential in buildings (Mtoe) (adapted from [8]). 
Type Consumption in 

2005 
Technical  
potential  

Economic  
potential 

Market potential,  
2010 prices 

Total buildings 144.54 68.61 58.59 49.70 
Residential 108.24 53.42 44.78 37.98 
Public and commercial 36.31 15.20 13.81 11.72 
 

1. HEAT LOSSES IN DWELLINGS AND THEIR STRUCTURE  
The UK has around 26.7 million domestic houses and flats, and this building stock is one of the oldest 

in Europe [11]. Old houses have significantly higher heat consumption: e.g. a typical Victorian house 
demands more than twice as much energy for space heating than a modern house. Much of the heat supplied 
to UK buildings is wasted, that is mainly due to poor buildings insulation, heating of unoccupied spaces or 
inappropriate occupant behaviour [11]. As seen from Fig. 1b, for an average dwelling, the main losses due to 
building fabric are related to heat fluxes through the walls (37%) and windows (19%) together with those 
associated with air infiltration in ventilation system (18%). Heating water for showers, baths and sinks 
demands around 87 TWh a year that are completely lost [11].  
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Fig. 1. a – Schematics of heat losses of building, b – share of heat losses in the average UK 
building and the whole building stock (adapted from [11]).   

 
By the end of 2012, the total floor area of dwellings in Russia reached 3.3 billion m2, 72.2% being 

related to urban development [9]. The value of Specific Energy Consumption (SEC) for space heating 
strongly depends on the year of dwelling construction: for buildings erected before 1990, in 1991-2000 and 
after 2000, the average SEC is estimated as 0.23, 0.13 and 0.09 Gcal/(m2year), respectively [9]. New, and 
much more severe, standards for thermal protection of buildings were set in 2003 by a new Russian building 
code (SNiP 23-02-2003 “Thermal Performance of Buildings” [12]. These standards are based on the total 
number of heating degree-days (HDDs) for particular climatic zone/city. The heating period h is fixed as a 
cold season with the mean daily outdoor temperature Tout  8 °С. For Moscow, h = 214 days and HDD(Tout  
8 °С) = 4.943 (°Cday)/yr, for Novosibirsk – 230 days and 6.601 (°Cday)/yr, and the average HDDs in 
Russia is 5.140 (°Сday)/yr. For comparison, in London the HDD(Tout  10 C) is 1.860 (°Сday)/yr. 
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Another important factor affecting the heating standards is the dwelling size or the number of storeys. 
Thermal performance of individual low-rise buildings (1–3 storeys) and multi-storied apartment buildings 
(4–25 storeys) differs essentially (Fig. 2). It is interesting to mention that the structure of heat losses in the 
Russian dwellings erected before 2000 (the left half of Fig. 2) is close to that reported for the average 
building in the UK (Fig. 1b).  
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Fig. 2. The structure of heat losses in individual, two-storied (top), and apartment, nine-
storied (bottom) buildings under climatic conditions of Moscow. Left - buildings erected 
before 2000, right – buildings erected according to the new standards of 2003 (re-plotted 
from [9]). Numbers denote the specific heat losses.   

 
Accordingly, the current strategic tendency is a decrease in heat consumption in dwellings by reducing 

heat losses. The consumption can also be reduced by applying inter-seasonal heat storage. During the 
summer period there is an excess of solar heat available that meets little or no heat demand which is shifted 
to the winter months. The inter-seasonal adsorptive heat storage (AHS) has been considered as a tool to 
harmonize the heat availability and demand, and, hence, to cover/reduce heating peaks in winter period (see 
2.1).  

An important tendency clearly seen from Fig. 2 is that, for modern dwellings with better fabric 
insulation, a portion of the heat losses due to air infiltration significantly increases and becomes dominant 
(almost 50%) in high-rise buildings. Therefore, a further improvement of the dwellings thermal efficiency is 
associated, first of all, with a decrease in heat losses due to air infiltration. This can be achieved by 
implementation of new emerging adsorption methods of indoor climate control (see [13, 14] and 2.2 below).  

Both in the UK and the RF, hot water demand is relatively constant between seasons and only weakly 
depends on the fabric insulation, therefore a percentage of heat used for HWP increases for better insulated 
buildings. Hence, energy saving for HWP is another important target that is expected to be reached, at least, 
partially by means of adsorption technologies (see brief discussion in 2.3).  

Finally, we also consider several other issues of rational use of heat in dwellings. Since in cities 
residential buildings can be in close vicinity to commercial and industrial facilities, there is a potential 
chance to use heat rejected from the latter units for heating dwellings (see discussion on heat transportation 
in 2.4).  

 
2. ADSORPTION TECHNOLOGIES FOR RATIONAL USE OF HEAT  

IN BUILDINGS  
Although there are many applications of adsorption technologies for rational use of energy [15, 16, 

17], we consider here those which focus mainly on the building sector.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

72 
Yu.I. Aristov 

2.1. Adsorptive inter-seasonal heat storage  
Inter-seasonal heat storage can be an effective tool to reduce heating peaks in dwellings in winter 

period [18, 19, 20]. Indeed, solar heating potential is high in summer and low in winter, what is just opposite 
to heat demand (see e.g. Fig. 1 in ref. [21]), therefore a long-term (several months) storage of excess simmer 
heat is needed. The inter-seasonal AHS can operate as closed (evacuated) and open (coupled to the ambient) 
cycles.  

 
2.1.1. The heat storage density. The density A of AHS is considered to lie between 100 and 

500 kWh/m3 or (0.36-1.8) GJ/m3 being larger than that of sensible (c.a. 50 kWh/m3) and latent (c.a. 100 
kWh/m3) heat storage [19]. If the annual heating demand is 25 kWh/(m2 year) that is typical for standards of 
low energy buildings in Europe a 100 m2 house consumes for heating app. 9 GJ per year. These heat needs 
can be, in principle, covered by solar energy, because even in the UK the amount of solar radiation incident 
on a correctly orientated roof of a typical house exceeds its energy consumption during a year [22]. 
Accordingly, efficient inter-seasonal heat storage is necessary in this case. The volume of a heat storage 
material is reasonable (2-10 m3) only if the storage density is above 1 GJ/m3 (270 kWh/m3). In actual 
practice, the volume of the heat storage unit is larger than the material volume itself by a factor of 2-3 due to 
volumes of heat exchangers, evaporator/condenser, pumps/fans, pipes, etc. For countries with colder climate, 
means, a larger HDD-value, like Russia, the adsorption storage alone can hardly cover the overall heat 
demand during winter. In this case, the heat storage systems need to work alongside a complementary space 
heating unit.  

It is worthy to make an estimation of tentative upper limit of the AHS storage density. Water has a 
large heat of evaporation ΔHev, and is considered as the most promising and ecologically clean working fluid 
for AHS applications. For making this estimation, let’s assume that the heat storage process is simply water 
evaporation. During this endothermic transition of water molecules from liquid to vapour state, the amount 
of heat consumed (stored) is A(H2O) = ΔHe = 2.25 MJ/kg = 2.25 GJ/m3 = 630 kWh/m3 (at 100 C). For AHS, 
the amount of heat needed for complete water desorption (or maximal heat storage density Amax) is  

 

max
masA  = ΔHdeswmax (per 1 g dry adsorbent)        (1) 

or    

max
volA  = ΔHdeswmax (per 1 m3 adsorbent),        (2) 

 
where ΔHdes is the average heat of water desorption, wmax is the maximal mass of water adsorbed per 1 g 
adsorbent, and  is the adsorbent apparent density. For adsorbents with high affinity to water vapour, like 
common zeolites, the ΔHdes-value can be 1.5-2 times larger than the heat of water evaporation ΔHe, wmax = 
(0.2–0.4) kg/kg and  = 600-800 kg/m3, hence, Amax(zeolites) = (0.67-1.80) MJ/kg = (0.35–1.45) GJ/m3 that 
is (0.2–0.7) A(H2O). Several new adsorbents (SWSs, FAMs, MOFs – see below) have an advanced water 

sorption capacity wmax = 0.7–1.8 g/g and the maximal heat storage density max
masA  can reach or even somewhat 

exceed the estimated storage density A(H2O). The heat max
volA  stored per unit adsorbent volume is always 

lower than A(H2O). Therefore, the above A(H2O)-estimation can be used as a reference value that delineates 
an upper limit of the heat storage density via adsorption process.  

Under real conditions the storage density is lower than the maximal one calculated by eqs. (1) and (2), 
because only a part of the adsorbed water is involved in the storage process. To realize how much water can 
be involved, a three temperature closed AHS cycle should be considered. This cycle consists of two isosters 
and two isobars (not presented). Three temperatures (those of evaporator Te, condenser Tc, and desorption 
Tdes) uniquely define the cycle [23]. For a model AHS cycle, we have fixed the following set of temperatures: 
Te = 10 C, Tc = 35 C, and Tdes = 90 C, and calculated the mass of water exchanged along such cycle Δw = 

wmax – wmin and appropriate cycle heat storage density max
volA  (Table 2) that appears to be lower than the 

maximal one by a factor of 2–12. Significant reduction of the storage density is especially typical for zeolites 
which need the regeneration temperature much higher than the set temperature Tdes = 90 C. Therefore, a 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

73 
Yu.I. Aristov 

high affinity of adsorbent and adsorbate to each other or/and a larger total sorption capacity are not important 
of themselves. The storage density is defined by the amount of adsorbate exchanged within the particular 
AHS cycle [17].  

Thus, the inter-seasonal heat storage can cover whole winter heating needs only for low-energy 
buildings and reasonable HDD-value. For less perfect buildings and colder climates, the heat stored during 
summer can yet be used in winter to reduce fossil fuel consumption, smooth heating peaks and decrease bills 
for heating.  

Table 2.  

Mass of water exchanged Δw and appropriate cycle heat storage densities Amax  
for a model AHS cycle (Te = 10 C, Tc = 35 C, and Tg = 90 C). 

Adsorbent Δw, g/g mas
cicleA , MJ/kg vol

cicleA , GJ/m3 

Silica gel Fuji RD  0.12 0.29 0.23 
Zeolite 13X  0.03 0.11 0.07 
SWS-1L  0.17 0.45 0.32 
SWS-9V*  0.43 1.15 0.45 
SWS-1V  0.33 0.76 0.21 
AQSOA-Z02  0.19 0.62 0.31 
AQSOA-Z02**  0.26 0.84 0.42 
MIL-125NH2  0.21 0.64 0.19 

*   Te = 10oC, Tc = 30oC and Tdes = 70oC 
** Te = 15oC, Tc = 28oC and Tdes = 90oC 

 
The analysis of the AHS cycle allows introducing other two parameters important for AHS:  
a) a minimal desorption temperature Tmin. If the two boundary temperatures Te and Tc are fixed, this 

temperature can be estimated from simple Trutoun’s rule [23]  

Tmin = (Tc)
2/Te .          (3) 

Evidently, if the temperature of external heat source Tg is lower than Tmin, it is not sufficient for adsorbent 
regeneration and the AHS cycle cannot be realized at all. A low Tmin – value helps in easier adsorbent 
regeneration that allows storage of heat with appropriately low temperature potential;  
b) a temperature lift L = (Tc – Te). A large temperature lift permits higher temperature level of heat released 
during heat rejection (discharging) stage. The temperature lift increases if adsorbent has high regeneration 
temperature, means, strong affinity to water vapour.  

 
2.1.2. New adsorbents promising for AHS. For advanced AHS performance, it is necessary to have an 

adsorbent with high heat storage density max
volA , large temperature lift L, and low regeneration temperature Tdes 

 Tmin. It is evident, that two last requirements are in a certain conflict. Indeed, the regeneration process is 
easier for adsorbents with low affinity to water vapour, whereas a large temperature lift, on the contrary, 
needs high affinity. Therefore, intelligent compromise between these tendencies is necessary.  

The largest overall storage density max
volA  (up to 1.55 GJ/m3) was documented for composites "salt in 

porous matrix" that are known as Selective Water Sorbents (SWSs) [24, 25]. Combination of high storage 
density of the salts and good mass transfer of the porous matrix allows the design of advanced materials and 
AHS units with high efficiency and specific power. Very important advantage of SWSs is an opportunity for 
nano-tailoring their sorption properties by varying the salt chemical nature and content, porous structure of 
the host matrix and synthesis conditions [25]. It is especially valuable for inter-seasonal AHS, because 
allows adaptation of a heat storing adsorbent to a particular climatic conditions at the location of AHS unit.  

Loose grains of clay mineral attapulgite impregnated with mixture of MgSO4 and MgCl2 hydrates were 
investigated for suitability as a heat storage material [26]. Systematic study of SWS-type composites for 
AHS was performed in refs. [21, 27]. The authors tested various hygroscopic salts (CaCl2, MgSO4, 
Ca(NO3)2, LiNO3, and LiBr) and host matrices (silica gel, zeolite, activated carbon and mineral 
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vermiculite) to obtain their combinations promising for open AHS systems and studied them by a 
variety of physico-chemical methods (BET, BJH, TG, DSC, SEM, EDX, etc). It was found that the 
sorption capacity of all composite materials is significantly higher (up to 1.9 g/g) compared to their 
raw host matrices alone suggesting the addition of the salt is beneficial for moisture and, hence, 
heat storage. Vermiculite with either lithium bromide or calcium chloride appears to have 
significantly larger AHS potential when compared to both the raw matrices and the other 
composites [21].  

A recent survey of the current-state-of-the art of the SWS materials can be found elsewhere [25]. In 
particular, the authors considered potential troubles that could impede an actual reduction of these new 
composites to practice. This is, first of all, a leakage of the salt solution formed during sorption out of the 
matrix pores, which can cause a corrosion of metal parts of AHT unit and emission of non-condensable gas. 
Several ways to avoid, or at least lessen, this shortcoming were considered in [25].  

Quite interesting storage parameters were obtained for new zeolite-like materials namely, 
pure and substituted aluminophosphates [28, 29]. Promising storage properties were revealed for 
SAPO-34, AlPO-18, AlPO-17, AlPO-5 [29]. The disadvantages of this class of materials are a 
relatively small pore volume and high cost. The main practical strength is an availability of several 
commercial adsorbents (AQSOA-Z01, AQSOA-Z02 and AQSOA-Z05) in the form of coated heat 
exchangers produced by the Mitsubishi Plastics Ltd.  

Among new AHS adsorbents, metal organic frameworks (MOFs) are attracting an increasing 
attention (e.g. MIL-125NH2 in Table 2) due to their unique combination of properties such as high 
surface area, crystalline open structure, tunable pore size and functionality [30]. These materials can 
exhibit large water adsorption capacity (up to 1.4 g/g) and low regeneration temperature, however, 
their affinity to water is usually too low to ensure sufficient temperature lift. The potential of MOFs 
for AHS has not been unveiled yet, and it is quite possible that modification or screening of MOFs 
will reveal novel working pairs highly efficient for AHS. 

The above analysis is mainly based on considering the storage density, temperature lift and 
regeneration temperature, and do not take into account other important practical requirements to adsorbent 
optimal for AHS. These are minimal or no adsorption/desorption hysteresis, low costs and easy availability, 
high cyclic stability, free from poison, non-combustibility, no environmental effects, low maintenance 
requirements, etc. Some of these issues have become clear during practical testing of the advanced 
adsorbents as reported below.  

 
 2.1.3. Current practice of inter-seasonal adsorptive heat storage. Since a large variety of adsorbents 

have already been tested for AHS, we consider here only several selected, mostly recent, examples of both 
open and closed AHS systems, and refer a Reader to appropriate review papers (e.g. [16, 18-21]).  

Among open AHS systems the most famous and well tested is an open heat storage system installed in 
a school building in Munich (Germany) and connected to the local district heating network [31]. It contained 
7,000 kg of zeolite 13X as beads. The unit was tested during the heating period 1997/98 under the following 
conditions: the air flow rate – 6,000 m3/h, desorption temperature – 130 C, and humidification pressure – 32 
mbar that corresponds to a dew-point of 25 C. For a large temperature lift of 40 °C, a maximal energy 
density is estimated to be 0.49 GJ/m3 (or 0.55 GJ/m3 if the sensible heat can be utilized), whereas in the 
experiments a lower value of 0.446 GJ/m3 was recorded, which is 81% of the theoretical one. Such a large 
storage density is due to a relatively high regeneration temperature of 130oC. It is worthy to remind that for 

the above model AHS cycle with lower regeneration temperature of 90 C, max
volA  = 0.07 GJ/m3 (Table 2).  

The authors of [27] analysed the performance of several candidate materials (1.5 dm3 of adsorbent) 
under experimental hygrothermal cycling tests together with energy and exergy analysis of the results 
obtained. They tested eight composites “salt in porous matrix” identified before in [21] as well as raw zeolite 
13X and mesoporous silica gel (Geejay Chemicals, UK) under typical conditions of open AHS cycle. The 
studied adsorbents were located in a test tray as a bed of loose grains. It was found that the zeolite provided 
the highest temperature lift, however, after the initial period (1–2h), the moisture adsorption rate and thus 
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heat generation decreased sharply. A sharp drop in performance over the four cycles was found for zeolite 
13X which requires a higher regeneration temperature (>180 C) than that used (100 C) for the research. 
The composite SIM-3a (vermiculite doped with CaCl2) was found to be the most promising candidate for 
open TES systems due to its larger heat generated (120–160 kWh/m3) and rapid mass uptake at higher RH 
levels. Moreover, SIM-3a is non-toxic material, has a low regeneration temperature, good cyclic ability, and 
low cost (∼0.48 $/kg) [27]. It is worthy to note that for inter-seasonal heat storage the material cost is far 
more important than for short-term heat storage.  

The authors of ref. [32] used as a host porous matrix another cheap mineral material, that was a 
Wakkanai siliceous shale (WSS). A new AHS composite was formed by inserting LiCl into the WSS pores. 
To overcome the problems of low heat and mass transfer and high hydrodynamic resistance in an open AHS 
system, the WSS was formed by adding a binder into a honeycomb ceramic element of 10 cm x 10 cm x 20 
cm with 36 cells/cm2 and a cell wall thickness of 0.28 mm (Fig. 3a). The composite containing 9.6 wt. % 
LiCl showed a good potential for storing heat with a volumetric heat storage density of 0.180 GJ/m3 and 
could supply air heated up to 53oC. No material degradation was observed during at least 250 cycles at a 
quite low desorption temperature of 60 C.  

An open-type AHS setup equipped with 40 kg of composite sorbent CaCl2/(mesoporous silica gel) was 
tested as a batch adsorber in [33]. The concentration of the CaCl2 impregnating solution was found to be an 
important factor affecting the storage properties of the composites. The composite prepared by impregnating 
silica gel with a 30 wt. % CaCl2 solution showed a high storage capacity of 1.02 MJ/kg (0.81 GJ/m3) that 
remained stable after 500 consequent sorption/desorption cycles. The heat discharging temperature varied 
from 47oC to 30 C and the sorbent can be charged at temperature 90оC or below.   

 
a 

 

b 

 
Fig. 3. Various configurations of “adsorber – heat exchanger” unit: a honeycomb ceramic 
element made of WSS [32] (a); overall view of the Ad-HEx with loose grains [35] (b). 

 
SWS-type materials were successfully used also in closed AHS systems [34]. For instance, lithium 

nitrate was inserted into silica gel [35] and vermiculite [34] matrices and tested in typical AHS cycle. LiNO3 
is a salt which bounds water less strongly than calcium chloride, lithium bromide or calcium nitrate already 
reported for AHS applications. Therefore, these composite sorbents were specifically developed to operate at 
low regeneration temperature (<65-70oC). The sorbent particles were embedded inside a compact heat 
exchanger of a finned flat-tube type (Fig. 3 b). The composite LiNO3/vermiculite (SWS-9V) exchanged 0.43 
(g H2O)/(g sorbent) in an exceptionally narrow temperature range, 33-36oC (heat rejection) and 62–65 C 
(adsorbent regeneration), corresponding to a remarkable heat storage capacity of 1.15 MJ/kg. If relate the 
storage capacity to the total volume of the Ad-HEx unit (Fig. 3b), it is equal to 0.45 GJ/m3. This is superior 
to common adsorbents and Ad-HEx units suggested for storage of heat with temperature potential  
of 60–70 C.  
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This brief overview of the current practice in inter-seasonal AHS shows that  
a) for several AHS systems tested the storage density are approaching a desired level of 1 GJ/m3;  
b) the composite sorbents "salt in porous matrix" demonstrated great potential to obtain a high AHS 

density and to reduce an AHS system size as compared to the other heat storage materials. The main 
advantages of these composites are as follows: i) low charging temperature (solar energy absorbed by flat 
receivers can be stored), ii) large storage capacity, and iii) possibility to controllably modify their sorption 
properties to match conditions of particular heat storage cycles (e.g. by variation of the salt nature, etc).  

To summarize, despite the significant progress in adsorbent synthesis and applications in various AHS 
cycles, still there is a big room for their further optimization and development of new adsorbents with 
advanced and pre-requested properties. 

 
2.2. Regeneration of heat and moisture in ventilation system of dwellings in cold climates  
As manifested above, an efficient way of further improvement of the dwellings thermal efficiency is 

associated with heat recovery from the ventilation systems. This is especially important for countries with a 
cold climate (typical of Russia, Canada, the North Europe and USA), where the difference between indoor 
and outdoor temperatures can reach in winter 60oC or even more. This leads to enormous heat losses, 
therefore efficient exchange of heat between the exhaust and supply air fluxes is absolutely necessary for 
reducing the heat losses. Numerous experimental and modelling studies have clearly demonstrated that up to 
a 90% heat recovery can be reached by using modern plate and regenerative air-to-air heat exchangers.  
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        a             b  

Fig. 4. a - Scheme of the regeneration process: the temperature and moisture profiles at various 
times t1 < t2 < t3. Reprinted from [14]; b – view of the VENTIREG unit (prototype IV). 

 
Another problem that appears during cold winter is continuous loosing of moisture through ventilation 

system [14, 36]. Indeed, the absolute humidity of supplied (outdoor) air is extremely low (e.g.  0.29 g/m3 at 
–30 C), that results in dramatic reducing the indoor relative humidity (down to 10–20 % or even below) in 
winter season that greatly disbalances the indoor thermal comfort. Therefore, in cold countries it is extremely 
important to organize not only heat exchange, but moisture exchange between the fluxes as well to maintain 
the indoor humidity within the reasonable range. A new approach (the so called VENTIREG) was suggested 
in [14] for simultaneous regeneration of both heat and moisture in ventilation systems for cold climate 
countries. This approach was deemed to ensure an efficient moisturizing of the supplied air to approach 
indoor conditions of human thermal comfort which is extremely important because people spend more than 
90% of their time in buildings [37]. 

The main principal of the VENTIREG method is as follows (Fig. 4a). To exchange the sensible heat 
between the inlet (fresh) and outlet (exhausted) air fluxes, a granulated layer (1) of heat storing material is 
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placed closer to the unit exit. Before this layer (closer to the room side), layer 2 of water adsorbing material 
is located. It serves as a water buffer. The unit operates in two modes:  

outflow mode: a warm and humid indoor air is blown by an extract fan through the relatively dry 
adsorbent, which captures and retains the indoor moisture. Dried and warm air enters layer 1 and heats it up. 
After that, the air flux switches;  

inflow mode: a dry and cold outdoor air is blown by a supply fan through the warm layer 1 and is 
heated up to the temperature close to that in the room Tin, thus, recovers the stored heat. Passing through the 
layer of the humid adsorbent, warm and dry air causes the retained water to be desorbed and come back to 
the room, thus, maintaining the indoor moisture balance.  

To study and optimize the heat and moisture recovery, four experimental units with the air flux up to 
25 (I), 40 (II) and 135 (III and IV) m3/h were built and tested. Both common (silica, alumina) and novel 
(SWS-1A = alumina impregnated with CaCl2) adsorbents were used as buffers of water. The composite 
sorbent SWS-1A was found to demonstrate better performance than the common commercial adsorbents. 
Owing to higher adsorption capacity of this composite, the adsorbent loading is less by a factor of 2–3 that 
leads to smaller unit size and much lower hydrodynamic resistance of the unit. This could allow the using of 
cheap blade-type fans instead of centrifugal ones and give a reduction of the electricity consumption. Units 
III and IV consume for air blowing 20–40 W of electric power and give the heating load of about  
600–1400 W that formally corresponds to a Coefficient of Performance of 25–35. So little electricity 
consumption is a very important advantage of the VENTIREG approach. Prototype IV (Fig. 4b) was 
constructed in a way to ensure a continuous operation, not intermittent as for units I-III [14].  

Thus, the tested VENTIREG units exchange stale, contaminated room air with fresh outdoor air, 
recovering up to 95 % of heat and 70–90 % of moisture from the exhaust air. Moreover, it prevents the 
formation of ice at the unit exit that is one more severe problem to be solved under real winter conditions 
[38]. According to the data of Table 3 of the recent review paper [39], the VENTIREG unit demonstrates the 
best properties among different heat and mass recovery systems tested under various cold climate conditions.  

 
2.3. Recycling heat from waste hot water  
As indicated above, c.a. 25 % of the overall heat consumed in dwellings is used for hot water 

production [9]. Energy saving for HWP can be reached by a) change in the occupant behaviour in order to 
reduce hot water consumption, b) increasing HWP by low carbon technologies, e.g. from solar receivers, and 
c) recycling heat from waste hot water. Although the latter task is very challenging and practically important, 
still there is a little progress achieved in its practical realisation. Here we mention only one of the possible 
ways of re-using the heat of waste hot water: during winter time, this heat can be applied to heat up the 
evaporator, thus increasing the vapour pressure during the heat rejection stage. This increase would allow 
significant enhancing the temperature level of released heat that makes this heat much more valuable.  

 
2.4. Usage of waste heat from industrial units for heating dwellings  
Cities present a large agglomerate of residential buildings with commercial and industrial facilities. 

Their relative vicinity potentially allows the usage of heat rejected from industrial and commercial units for 
residential heating. The most of the waste heat may come from power stations and industrial plants, like 
metallurgy, production of chemicals, cement, paper, etc.. Urban areas can significantly differ in this respect, 
that depends on many factors. Tentative profit from such heat re-use should be analyzed on a case-to-case 
base as performed in [40]. Practical implementation of this approach needs, first of all, an efficient storage of 
heat dissipated in one location and its transportation to another location when it is deemed to be consumed. 
Only initial efforts have been made for analyzing possible ways of transportation of low temperature heat 
that was thermochemucally stored before [41]. Much more R&D efforts towards reaching this goal are 
necessary.  

 
3. CONCLUSION  
In this paper we consider the role of adsorption-based technologies for more rational use of heat and 

better thermal comfort in buildings. Based on the structure of typical heat losses in modern dwellings, two 
adsorption technologies can be selected for reaching the mentioned goals, namely, the inter-seasonal heat 
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storage and the regeneration of heat/moisture in dwelling ventilation systems. Both technologies have not 
reached yet a degree of perfection that is needed for successful commercialization. The appropriate units 
have to be more robust, compact and provide better heat and mass transfer, whereas the adsorbents must 
exhibit larger heat storage capacity and lower cost. To reach two above mentioned targets and make the 
adsorption technologies better competitive with more mature technologies, like PCM or sensible heat 
storage, further R&D is required in the field of adsorbents, heat and mass transfer, and advanced 
components, namely,  
– development of new efficient adsorbents with the cycle heat storage density larger that 1.0 GJ/m3. Their 
adsorption properties have to be harmonized with boundary temperatures of appropriate heat storage cycles 
[17];  
– improvement of  heat and mass transfer in the unit “adsorbent – heat exchanger”. This can be obtained by 
using new advanced heat exchangers, heat pipes [42], coating a heat exchanger fins with an adsorbent, etc.;   
– improvement of AHS hardwire [43], first of all, an evaporator that operates at low pressure [15].  

We hope that this review will give new impulses to further consolidating international R&D activities 
in materials science and applied thermal engineering to obtain novel revolutionary adsorbents and 
technologies for improving energy efficiency and thermal comfort in buildings.  
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Nomenclature  

A – the density A of adsorptive heat storage, kWh/m3, GJ/m3 
h – the heating period, days 
H – the specific heat, kJ/g, kJ/mol, kJ/m3, MJ/kg 
HDD – the total number of heating degree-days, (°Cday)/yr  
L – the temperature lift  
SEC - Specific Energy Consumption, Gcal/(m2 year) 
T – temperature, K, oC 
w – the maximal mass of water adsorbed per 1 g adsorbent, g/g 
 
Greek symbols 
Δ – increment 
 – the adsorbent apparent density, kg/m3 
 
Lower indices 
c – condensation 
e – evaporation 
des – desorption 
in – indoor 
max – maximal 
out - outdoor 
0 – initial  
 
Upper indices 
mas – mass 
vol – volume 
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Abstract 

This article aims to consolidate the outcomes of a systematic investigation on the use of adsorption 
phenomenonforcooling and refrigeration applications.Adsorption isotherms and kinetics of promising 
adsorbent/refrigerant pairs have been investigated. Adsorbents used in the present study are (i) parent Maxsorb III, (ii) 
KOH-H2 treated Maxsorb III, and(iii) two types of phenol resin based adsorbents named as KOH4-PR and KOH6-PR. 
Adsorption isotherms and kinetics of the assorted pairs have been measured using magnetic suspension adsorption 
measurement unit. Experiments have been conducted across assorted adsorption temperatures that are useful for the 
operation of adsorption chillers. The Dubinin-Astakhov and the Dubinin-Radushkevich equationsare used to fit 
adsorption isotherms whilst adsorption kinetics are presented by the Fickian diffusion model. Experimental adsorption 
isotherm measurements show that the adsorption capacity of KOH4-PR/ethanol is as high as 1.43 kg kg-1 whilst one kg 
of KOH6-PR is able to adsorb nearly about 2 kg of ethanol. To the best of our knowledge, the studied phenol resin 
based adsorbents possess the highest ethanol uptake.` 
 
KEYWORDS 

Adsorption, cooling, kinetics, isotherms, refrigeration, phenol resin 
 
INTRODUCTION 

In the past few decades, adsorption cooling systems using alternative refrigerants of CFCs, HCFCs 
and HFCs received a considerable attention due to the increasing awareness of Ozone depletion and global 
worming problems. Thermally-powered adsorption systems have attractive features;(i) they have the ability 
to operate by low temperature driving heat sources typically below 100°C, (ii) they are environmentally 
friendly as natural refrigerants such as water or ethanol can be used, and (iii) almostno electricity usage. 
However, the main drawback of this technology is the poor system performance in terms of cooling capacity 
and COP. The system performance can be improved by using promising adsorbent/refrigerant pairs with high 
adsorption capacity and fast kinetics. Extensive studies have been conducted to investigate adsorption 
isotherms of various pairs [1-4].Aristov et al. [5]measured adsorption kinetics of vapor on loose grains of 
Fuji Davison RD silica gel using thermogravimetric (TG) differential method.  Experiments have conducted 
within a temperature range of 29-64°C and a pressure range from 6.5 to 34 mbar.  El-Sharkawy et al. [6] 
investigated adsorption kinetics of activated carbon fiber/ethanol pair by gravimetric method using TGA 
(CAHN TG 2121) unit. The authors proposed a new concentration profile that removes the restrictions 
between the overall mass transfer coefficient and the diffusion time constant and the model has been 
validated experimentally.Adsorption kinetics of ammonia onto composite adsorbent material 
(BaCl2impregnated into a vermiculite matrix) has been investigated under isothermal conditions and in a 
laboratory scale system [7] El-Sharkawy [8] addressed the effect of using classical Linear Driving Force 
(LDF) model onthe performance evaluation of adsorption cooling systems. A comparative study between the 
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LDFapproximation and the Fickian diffusion (FD) model has also been presented. Other related work can be 
found elsewhere [9-12].  
This paper aims to investigate adsorption isotherms and kinetics of ethanol onto highly 
porousadsorbentstowards the performance improvement of adsorption cooling and refrigeration systems. The 
studied pairs are expected to have high adsorption equilibrium capacity and fast adsorption kinetics. 
 
MATERIALS 

The adsorbents used in the present study areparent Maxsorb III which is a highly porous activated 
carbon powder provided by Kansai Coke & Chemicals Co. Ltd., Japan and a surface treated Maxsorb III 
(KOH-H2 Maxsorb III). The treatment procedure has been described in reference [13]. For the preparation of 
KOH4-PR and KOH6-PR adsorbents, spherical phenol resin samples, asprovidedBEAPS®series (Asahi 
Organic Chemicals Industry Co., Ltd.), have been used as a raw material. The BEAPS® which is a registered 
trademark of Asahi Organic Chemicals Industry Co., Ltd. has beencarbonized at 600°C for an hour in a flow 
of N2 using a vertical electric furnace. For the preparation of activated carbons, potassium hydroxide (purity 
> 85.0%, Wako Pure Chemical Industries, Ltd.) is used as an activating agent. Weight ratio of 
KOH/carbonized BEAPS has set to 4 or 6. The mixture of KOH and the carbonized BEAPS®has been put in 
a nickel container, and then the nickel container is located in a stainless steel container. After that, the 
stainless steel container is placed in an electric furnace vertically. The mixture is heat-treated up to 900 
oC at a heating rate of 5°C/min and maintained at 900°C for one hour under N2 flow. After the activation, the 
remaining KOH and salts formed during the heat treatment are removed by the washing with HCl solution 
for three times and deionized water once to adjust pH to be about 7. After washing, the collected samples are 
dried at 100°C for 3 hours in an air oven and dried again at 150°C for 12 hours in a vacuum oven. Figure 1 
shows the SEM pictures of both KOH4-PR and KOH6-PR.Thermo-physical properties of assorted 
adsorbents are given in Table 1 [14, 15]. 

 
Fig. 1.SEM picturesof KOH4-PR and KOH6-PR adsorbent samples. 

 
Table 1: Thermo-physical properties of the studied adsorbents. 

Sample 
Total surface area

 [m2g-1] 
Micropore volume 

[cm3g-1] 
Average pore 

width [nm] 

Parent Maxsorb III 3045 1.70 1.12 

KOH-H2-Maxsorb III 2992 1.65 1.11 

KOH4-PR 3060 1.85 1.25 

KOH6-PR 2910 2.37 1.78 
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EXPERIMENTAL APPARATUS AND PROCEDURE 
In this study, adsorption isotherms and kinetics of the assorted pairs have been measured 

gravimetrically using magnetic suspension adsorption measurement unit of type MSB-VG-S2 supplied by 
BEL Japan Inc. Schematic diagram of the experimental apparatus is depicted in Figure 2. Experiments have 
been conducted using the multi-step technique where adsorption temperature is kept constant and evaporator 
temperature increases stepwise until relative pressure of about 0.9. Experimental procedure of each isotherm 
measurement can be explained as follows; 
(i) The sorbent sample is heated at 120ºC  for 3 hours in a vacuum condition of about 3×10-5 Pa to remove 

any adsorbed gases from the sample. Adsorbent is then cooled down to the set adsorption temperature. 
(ii) Valve between the evaporator and adsorption chamber is opened to allow ethanol vapor to flow towards 

the adsorbent sample where adsorption process starts. Adsorption uptake is continuously measured 
using the magnetic suspension balance until reaching the equilibrium conditions corresponding to the 
set adsorption temperature and evaporator pressure. 

(iii) Valve between the evaporator and adsorption chamber is then closed and evaporator temperature 
increases to prepare for the next adsorption step. 

(iv) Processes (ii) and (iii) are repeated for each adsorption step. 
 

RESULTS AND DISCUSSION 
Adsorption Isotherms 

Plots of equilibrium adsorption uptake versus equilibrium pressure of parent Maxsorb III/ethanol, 
KOH-H2 treated Maxsorb III/ethanol,KOH4-PR/ethanol and KOH6-PR/ethanol pairs are presented in Fig. 
3(a), 3(b), 3(c), and 3(d), respectively.The Dubinin-Astakhov equation (Eq. 1) is used to fit adsorption 
isotherms of parent Maxsorb III/ethanol, KOH-H2 treated MaxsorbIII/ethanoland KOH6-PR/ethanol pairs 
whilst the Dubinin-Radushkevich equation (Eq. 2) is found to be more suitable for fitting of adsorption 
uptake of KOH4-PR/ethanol pair. Numerical values of adsorption isotherm parameters parameters are 
furnished in Table 2.  
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Fig. 2.Schematic diagram of the experimental apparatus. 
1. Magnetic suspension balance unit, 2.Sample cell, 3.Circulation oil jacket, 4.Isothermal oil 

bath, 5.Sheathed heater used during regeneration, 6. Rotarypump, 7.Refrigerant pool, 
8.Isothermal oil bath, 9.Diaphragm pump, 10. Nitrogen, 11.Helium;TMP- Terbo-molecular 

pump.T- Thermocouple. P- Pressure gauge. 
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It can be seen that one kg of KOH4-PR type adsorbent can adsorb 1.43 kg of ethanol whilst KOH6-PR has 
an adsorption capacity as high as about 2 kg kg-1. Repeatability of the experimental adsorption isotherm data 
is also confirmed. To the best of our knowledge, adsorption uptakes of ethanol onto the two studied spherical 
phenol resin based adsorbents are significantly higher than adsorption capacity of ethanol onto any other 
adsorbent.It can be also seen from Figs. 3(a) and 3(b) that, adsorption capacity of KOH-H2surface treated 
Maxsorb III is slightly lower than that of parent Maxsorb III/ethanol pair. However, adsorption kinetics is an 
important issue that will be discussed in the next section. 
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Fig. 3(b).Adsorption isotherms of KOH-H2 
treated Maxsorb III/ethanol pair. 

Fig. 3(a).Adsorption isotherms of parent 
Maxsorb III/ethanol pair. 

0.0

0.2

0.4

0.6

0.8

1.0

1.2

0 5 10 15 20 25 30 35 40

A
d

so
rp

ti
on

 U
p

ta
ke

 [
kg

 k
g-1

]

Pressure [kPa]

30 oC
50 oC

70 oC

Fig. 3(c). Adsorption isotherms of 
KOH4-PR/ethanol pair. 

0.0

0.2

0.4

0.6

0.8

1.0

1.2

1.4

1.6

0 5 10 15 20 25 30 35 40

A
ds

or
pt

io
n 

U
pt

ak
e 

[k
g 

kg
-1

]

Pressure [kPa]

30 ºC 40 ºC 50 ºC 60 ºC

70 ºC

0.0

0.5

1.0

1.5

2.0

0 10 20 30 40 50

A
ds

or
pt

io
n 

U
pt

ak
e 

[k
g 

kg
-1

]

Pressure [kPa]

30 ºC 40 ºC 50 ºC 60 ºC

70 ºC

Fig. 3(d). Adsorption isotherms of 
KOH6-PR/ethanol pair. 

Table 2: Isotherm parameters of assorted adsorbent/refrigerant pairs. 

Adsorbent/refrigerant pair 
Wo 

[kgkg-1] 
n 
[-] 

E 

[kJ kg-1] 

Parent Maxsorb III/ethanol 1.2 1.8 139.5 

KOH-H2 treated Maxsorb III/ethanol 1.0 1.9 152 

KOH4-PR/ethanol 1.43 2 128 

KOH6-PR/ethanol 1.98 1.5 90 
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Adsorption kinetics 
Figures4(a), 4(b), 4(c) and 4(d) show the plots of adsorption uptake and pressure versus time at 

adsorption temperature of 30°C for parent Maxsorb III/ethanol, KOH-H2 treated Maxsorb III/ethanol, 
KOH4-PR/ethanol and KOH6-PR/ethanol pairs, respectively.  As can be seen from Figs. 4(a)-4(d) 
adsorption uptake of ethanol onto parent Maxsorb III, KOH-H2 treated Maxsorb III and KOH4-PR 
increasessignificantlyat low relative pressure, however, it increasesmarginally at relatively higher relative 
pressures. On the other hand, the increase in adsorption uptake of KOH6-PR/ethanol pair is almost constant 
within the whole experimental relative pressure span. The diffusion time constant is evaluated using the 
Fickian diffusion model [16] for both pairs. The fractional uptake can be calculated using Eq. 3 below [17],  

2 2

2 2 2
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6 1
1 expin

nin p

w w n Dt
F

W w n R








 
       

        (3) 

Equation (3) can be simplified to Eq. (4) at longer adsorption time [18], 

Fig. 4(b). Temporal histories of adsorption 
uptake and pressure of KOH6-PR/ethanol 

pair at30ºC. 
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The diffusion time constant (D/Rp
2) can be estimated by the linear plots of ln(1-F) versus time. The 

diffusion time constant is evaluated at eachadsorption step and the average values are evaluated at conditions 
suitable for adsorption chiller operations. Arrhenius equation (Eq. 5) is used to investigate the effect of 
temperature on the diffusion time constant. Arrhenius plots of the studied pairs are presented in Figure 5.  
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Fig. 5. Arrhenius plot of the studied pairs. 
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Table 3:  Parameters of Arrhenius equation of studied adsorbent/refrigerant pairs. 

Adsorbent/refrigerant pair 
Dso/Rp

2 

[s-1] 

Ea 

[kJkg-1] 

Parent Maxsorb III/ethanol 1.61×10-2 225 

KOH-H2 treated Maxsorb III/ethanol 5.32×10-2 288 

KOH4-PR 6.83×10-3 162 

KOH6-PR 2.60×10-1 385 
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As can be seen from Fig. 5, the diffusion time constant of the KOH4-PR/ethanol pair is significantly 
higher than that of the KOH6-PR/ethanol pair at low adsorption temperature. Numerical values of (Dso/Rp

2) 
and activation energy of the studied pairs are furnished in Table 3.It can be observed from Table 3 that the 
KOH-H2 treated Maxsorb III/ethanol pair has the highest activation energy among the three studied pairs. 
This is might be due to the hydrogen bonds that formed between polar ethanol molecules and the 
functionalities nearby the adsorbent surface. 
 
CONCLUDING REMARKS 

Adsorption equilibrium and kinetics of ethanol onto parent Maxsorb III and two spherical phenol resin 
based adsorbents treated with different mass ratios of KOH have been measured gravimetrically. The 
Dubinin-Astakhov and the Dubinin-Radushkevichequations are used to fit adsorption equilibrium data of the 
studied pairs. Experimental results show that 1.0 kg of KOH6-PR can adsorb as high as 2.0 kg of ethanol 
whilst the maximum adsorption capacities of KOH4-PR/ethanol, Maxsorb III/ethanol and KOH-H2 treated 
Maxsorb III pairs are about 1.43, 1.2 and 1.0 kg kg-1, respectively.Results obtained from the present study 
show that adsorption capacity of KOH4-PR/ethanol and KOH6-PR/ethanol are higher than adsorption uptake 
of ethanol onto any other adsorbents available in the open literatures. It is also found that, the Fickian 
diffusion model can fairly present adsorption kinetics of assorted adsorbent/refrigerant pairs. Results of the 
adsorption kinetics show that KOH4-PR/ethanol pair has a higher kinetics compared to that of the other 
studied pairs at low adsorption temperatures. Results extracted from this study show that the newly 
developed adsorbents have promising adsorption characteristics with ethanol that may lead to the 
development of next generation of adsorption chillers. 
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Nomenclature 
D diffusivity (m2 s-1) 

Dso pre-exponential constant (m2 s-1) 

E adsorption characteristics parameter (kJ Kg-1) 

Ea activation energy (kJ kg-1) 

F fractional uptake (-) 

P equilibrium pressure (kPa) 

Ps saturated pressure (kPa) 

qst isosteric heat of adsorption  (kJ kg-1) 

Rg gas constant (kJ kg-1 K-1) 

Rp adsorbent particle radius (µm) 

T temperature (K) 

t time (s) 

W equilibrium adsorption uptake (kg kg-1) 

w instantaneous adsorption uptake (kg kg-1) 

win initial uptake (kg kg-1) 

Wo  maximum adsorption capacity (kg kg-1) 
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ABSTRACT 
Copper-water loop heat pipes (LHPs) are promising devices for providing an effective thermal link between a 

heat source and a heat sink in cooling systems of powerful objects having relatively small dimensions and operating in 
the temperature range from 50 to 100 °C. Thermophysical properties of water as a working fluid and high thermal 
conductivity of copper as a constructional material for a body and a wick as well as their good compatibility make it 
possible to achieve an extremely high heat flux and low thermal resistance of such LHPs. Today the obtained values of 
these parameters are close to 900 W/cm2 and 0.04 °C/W, respectively. However, making copper-water LHPs one has to 

overcome a serious contradiction between the high thermal conductivity of copper and the low value of 
T

P

d

d
 which 

water has at a temperature below 100 °C.  
Computer simulations and experimental investigations of copper-water LHPs have shown that despite the 

mentioned contradiction achievement of high performance characteristics is possible with optimal choice of design 
parameters of devices. 

The paper presents results of development, experimental and numerical investigations of LHPs made entirely of 
copper and supplied with a cylindrical and a flat evaporator with water as a working fluid. Examples of the use of the 
given devices in cooling systems of different electronics are shown here.  

 
KEYWORDS 
Loop heat pipe, copper, water, evaporator, condenser, working fluid. 

 
INTRODUCTION 
Loop heat pipes (LHPs) belong to passive two-phase heat-transfer devices operating on a 

closed evaporation-condensation cycle. A working fluid circulates in them by means of “the 
capillary mechanism” used in a special way, and the motion of vapor and liquid in the transport 
section is realized in separate smooth-walled pipelines [1]. The main advantages of LHPs are a high 
heat-transfer capacity which remains stable at different orientations in the gravity field and zero-
gravity, mechanical flexibility allowing almost all configurations of a device, high adaptability to 
various conditions of arrangement and operation as well as active control of operating temperature. 
Such LHP heat-transfer characteristics as a minimum and a maximum capacity, thermal resistance, 
working temperature as well as mass and dimensions parameters depend considerably on 
thermophysical properties of constructional materials and a working fluid. Copper-water loop heat 
pipes are particularly an attractive object for development, investigation and application. This is due 
to the fact that copper and water belong to well-compatible and relatively low-cost materials tried 
and tested for long in conventional heat pipes, millions of which today are used in different 
technical areas. Moreover, such thermophysical properties of water as large values of a surface 
tension coefficient and latent heat of vaporization develop good facilities for achievement of 
extremely high LHPs thermal characteristics. Another reason for this is high thermal conductivity of 
copper. Thus, for example, during tests of a compact copper-water LHP with a flat evaporator a 
maximum capacity of 1200 W, a heat-flux close to 900 W/cm2 and a thermal resistance of about 
0.04 °C/W were achieved [2, 3]. The most favorable conditions for achieving such results occur 
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when cooled objects have relatively small dimensions. These include, particularly, components of 
electronics, electrical technology and other equipment, which thermal contact area is usually within 
the range from 1 to 25 cm2. In these cases an LHP design can be simpler and relatively low-cost in 
mass production.  

It should be noted that quite a long time there was a stereotype that the “copper-water” 
combination was unsuitable for LHPs operating at a saturation temperature below 100 °C. At the 
same time the range from 50 °C to 100 °C is more typical for optimal thermal regimes of most of 
the above-mentioned objects requiring effective cooling. It was quite logically founded. The point is 

that high heat conductivity of copper on the one hand, and low values of 
T

P

d

d
 and vapor density 

which water has below 100 °C, on the other hand, impede creating special conditions required for 
maintaining an LHP operation.   

The formula describing these conditions in general terms can be presented in this way [4, 5]:  
 

P
T

P
T

sT 
d

d
,      (1) 

 
where T is the difference between the vapor temperature Тs1 in the evaporating zone and the vapor 
temperature Ts2 over the surface of the vapor-liquid interface in the LHP evaporator. If this 
temperature difference in the saturation line of a working fluid, which curvature is described by the 

derivative 
T

P

d

d
 at some average temperature, creates the corresponding value , then a start-up 

and operation of the LHP become possible. On the other hand, the value  is determined by 
pressure losses when a working fluid moves in the loop from the evaporating to the absorbing wick 
surface. In most cases the dominant value here is pressure losses in the vapor line appearing owing 
to a high speed of vapor motion at low temperature. It is directly resulted in problematic 
maintenance of a working vapor temperature in copper-water LHPs on a low level, as a rule, 
required for reliable operation of different semiconductor elements in the range of 60-80 °C at 
maximum heat loads. Different variants of this problem solution are considered, for example, in 
Ref. [6]. The simplest way to reduce the vapor temperature is to increase the diameter of a vapor 
line or shorten its length. But this way is not always available because in this case the possibilities 
for miniaturization and configuration of LHPs come strongly down which are often necessary for 
their arrangement in straitened conditions. This problem starts to arise even at the diameter of lines 
of more than 3 mm, but in the case when their diameter exceeds 6 mm, the given advantage of 
LHPs over conventional heat pipes smoothes over.  

Nevertheless, thanks to the previous experience obtained during development and research of 
loop heat pipes, in the beginning of the 2000s it has been able to develop sufficiently compact and 
efficient loop heat pipes made entirely of copper with water as a working fluid and supplied both 
with cylindrical [7] and flat evaporators [8]. 
 

LHPS WITH CYLINDRICAL EVAPORATORS  
The first LHP made entirely of copper with water as a working fluid was developed in 

miniature at the Institute of Thermal Physics. It is conditionally accepted to regard devices as 
miniature loop heat pipes (mLHPs) if the diameter of the evaporator does not exceed 8 mm and the 
diameter of the vapor and the liquid lines are below 3 mm. [7]. It was supposed that such adopted 
mLHPs could be used for cooling central processing units (CPUs) of mobile computers, which 
thermocontact surface measured 10×10 mm and a maximum dissipated heat flux did not exceed 40 
W. The device was supplied with a cylindrical evaporator, which capillary structure in the heating 
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area was placed on the wall as a thin layer as in a conventional heat pipe. The similar design of the 
evaporator was earlier used in loop heat pipes with a nickel capillary structure [9]. It is simpler and 
at the same time sufficiently effective in those cases, when the active zone of an evaporator has a 
short length and water is used as a working fluid which thermophysical properties make it possible 
to increase the size of the capillary structure pores. The scheme of the mLHP1 is shown in Fig. 1. 
Fig. 2 presents the external view of the given device. Its main design parameters are presented in 
Table 1.  

 

 

Fig. 1. Scheme of the mLHP1 with a cylindrical evaporator 
 
 

Fig. 2. External view of the mLHP1 
 

 
The main tests of the mLHP1 were carried out at a horizontal orientation at heat loads from 5 

to 70 W. A special electrical heater with controlled capacity and imitating a CPU, placed on the 
evaporator thermal interface, was used as a heat source. The condenser was cooled by means of 
forced air convection at a temperature of 23±1 °С. The test results are presented in Figs. 3 and 4 as 
the heat load dependence of the evaporator wall temperature , the vapor temperature  and the 
thermal resistance .  
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Table  1.  
Main design parameters of mLHPs with a cylindrical evaporator 

Value 
Parameter 

mLHP1 mLHP2
Evaporator diameter, mm 6 6 
Evaporator total length, mm 45 79 
Evaporator thermal interface, mm 10×17 20×20 
Vapor line diameter (OD/ID), mm 2/1.5 2.5/2 
Liquid line diameter (OD/ID), mm 2/1.5 2.5/2 
Vapor line length, mm 160 242 

Value 
Parameter 

mLHP1 mLHP2
Liquid line length, mm 160 217 
Condenser length/diameter, mm 90/2 62/2.5 
Condenser fins surface, cm2 270 412.5 

 
 

 
 

Fig. 3. Heat load dependence of the mLHP1 temperature 
 

 
Fig. 4. Heat load dependence of the mLHP1 evaporator thermal resistance 
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It is seen that at a heat load of 40 W the evaporator temperature does not exceed 75 °C and its 
thermal resistance reaches its minimum equal to 0.28 °C/W. It is quite a lot in spite of the fact that 
the heat-transfer coefficient in the evaporation zone was at the same time sufficiently high and 
equal to 38700 Вт/м2°С. This circumstance is due to fact that the heat exchange area in the zone of 
heat load supply, which is only 0.94 cm2, is very small. Nevertheless, the corresponding values of 
the vapor temperature and the evaporator wall temperature are on the level acceptable for CPUs 
operating at the maximum heat load.  

A whole series of 17 experimental examples of copper-water mLHPs equipped with 6 mm 
cylindrical evaporators was also developed and tested at the Institute of Thermal physics in 2003-
2004 [8]. But as distinct from the mLHP1, they had the design of an evaporator, traditional for loop 
heat pipes, with a central core and vapor-removal channels located at the wall. The main design 
parameters of one of these devices (mLHP2) are given in Table 1. Fig. 5 presents its scheme. 

 

 

 

Fig. 5. Scheme of the mLHP2 with a cylindrical evaporator 
 

These devices were tested under the same conditions as the mLHP1 but in the wider range of 
heat loads from 10 to 160 W. The mLHP2 thermal characteristics are presented in Figs. 6 and 7. 

The test results have shown that the mLHP2 could operate at considerably lower vapor 
temperatures which changed from 35.3 °С to 93 °С. Besides that, approximately the same 
maximum values of temperature, as the mLHP1 had, were achieved at a heat load of 80 W when the 
evaporator thermal resistance was 0.13 °С/W. But this due to that the heat exchange area in the 
evaporator was increased to 3.77 cm2. Besides, the vapor line diameter and the condenser finned 
area were increased.  

Other well-known papers dedicated to copper-water LHPs with cylindrical evaporators are not 
numerous and belong to considerably larger devices [10-12]. At the present time LHPs with flat 
evaporators are developing more intensively. 
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Fig. 6. Heat load dependence of the mLHP2 temperature 
 
 

Fig. 7. Heat load dependence of the mLHP2 and the evaporator thermal resistance 
 

 
 

LHPS WITH FLAT EVAPORATORS 
The main advantage of flat evaporators is that they, as a rule, do not require any additional 

thermal interfaces in the form of “cylinder-plane” reducers for thermal contact with flat heat 
sources. As a result, this allows decreasing the thermal resistance. Moreover, flat evaporators can be 
made thinner than cylindrical ones. Among the drawbacks there is high sensitivity of flat 
evaporators to the vapor pressure in LHPs, which may not exceed considerably the ambient 
pressure. Therefore LHPs with flat evaporators with water as a working fluid which vapor pressure 
is lower than the air pressure at a temperature up to 100 °C became wide spread. At present one can 
observe a clearly defined development of two main types of flat evaporators. [13]. “Evaporators 
with longitudinal replenishment” of a capillary structure (ELR) belong to one of them. The scheme 
of an evaporator of such type is presented in Fig. 8. 
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Fig. 8. Scheme of an evaporator with longitudinal replenishment (ERL) 

 

 
For the first time such an evaporator was used in a miniature copper-water LHP which main 

design parameters are given in Table 2 [8]. 
 

Table 2.  
Main design parameters of an mLHP with a flat evaporator (ELR) 

Parameter Value 
Evaporator length×width×thickness, mm 53×21.4×3.2 
Evaporator heating area, mm 20×20 
Vapor line diameter (OD/ID), mm 3/2.5 
Vapor line length, mm 220 
Liquid line diameter (OD/ID), mm 2.5/2 
Liquid line length, mm 230 
Condenser line length/diameter, mm 63/3 
Condenser fins surface, cm2 412.5 

 
 
Fig. 9 presents the scheme of an mLHP with an evaporator with longitudinal replenishment.  

 

 
 

Fig. 9. Scheme of an mLHP with an evaporator with longitudinal replenishment 
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The tests of the mLHP were carried out under the same conditions as for the mLHP2 at a 
horizontal orientation in the range of heat loads from 5 to 160 W at an ambient temperature of 
22.5±0.5 °С. Figs. 10 and 11 illustrate the results of thermal tests of the given device. 

 
 

Fig. 10. Heat load dependence of the evaporator and the vapor temperature 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 

 

Fig. 11. Heat load dependence of the mLHP and the evaporator thermal resistance 
 
 

 These results show that under the same test conditions an increase of the vapor line diameter 
by 0.5 mm allows to reduce the vapor temperature by 4-6 °С in the same range of heat loads. At the 
same time the minimum thermal resistance of the flat evaporator was equal to 0.05 °С/W, and the 
mLHP total thermal resistance dropped to 0.09 °С/W. These values are almost two times less than 
the similar ones obtained with in the case with the cylindrical evaporator at nearly the same heating 
surfaces. It is also significant to note that the evaporator temperature equal to 80 °C was achieved at 
a heat load of about 120 W.  
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Even higher results were achieved in testing a compact copper-water LHP with an evaporator 
with longitudinal replenishment which main design parameters are given in Table 3 [3].  
 

Table 3.  
Main design parameters of a compact LHP with an ELR 

 
Parameter Value 

Evaporator length×width×thickness, mm 80×42×7
Evaporator heating area, mm 30×30 
Vapor line diameter (OD/ID), mm 6/5.4 
Vapor line length, mm 120 
Liquid line diameter (OD/ID), mm 4/3.4 
Liquid line length, mm 180 
Condenser line length, mm 335 
Condenser diameter (OD/ID), mm 6/5.4 

 
 
The external view of this LHP is presented in Fig. 12. 

 

 
 

Fig. 12. External view of a compact copper-water LHP 
 
 

As in the previous cases the LHP was tested in the horizontal position. To achieve maximum 
results, the condenser was cooled by running water with a temperature of 20 °C. The heat load 
varied stepwise in the range from 5 до 1200 W. The vapor temperature was in the range from 26.5 
to 103.4 °С. Owing to the heat-transfer coefficient in the evaporation zone, which maximum value 
was close to 2×105 W/m2К, and the increase in the heating area, the minimum evaporator thermal 
resistance was 0.006 °С/W. The total thermal resistance of the LHP was equal to 0.044 °С/W. The 
very important circumstance here was that even at a heat load of 600 W the evaporator wall 
temperature in the heating zone did not exceed 80 °С. 

The given LHP was also tested at a heat load concentration of 900 W on a surface of 1 cm2 
[14]. It was seen that even “a dry spot” appeared in the heating zone at heat loads above 400 
W/cm2, the LHP continued to operate steadily, and the evaporator wall temperature did not exceed 
80 °С at heat loads up to 200 W/cm2. 

To the second type of flat evaporators belong “evaporators with opposite replenishment” 
(EOR) [13]. These evaporators may be both rectangular [15-17] and disk-shaped [18, 19]. A typical 
scheme of such an evaporator is shown in Fig 13. 

evaporator 
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Fig. 13. Scheme of a flat evaporator with opposite replenishment 
 
 

Evaporators with opposite replenishment are thicker than those with longitudinal 
replenishment due to the dimensions of the compensation chamber. As a rule, it varies in the range 
from 10 to 15 mm and its cross sectional dimensions or the diameter from 30 to 40 mm. Very good 
results were achieved in testing a compact copper-water LHP with an EOR [18]. The device had a 
rectangular evaporator measured 30×30×15 mm. The length and the inside diameter of the vapor 
and liquid lines were identical and equal to 120 mm and 5 mm, respectively. The LHP was tested in 
the vertical position, when the evaporator was located below. The heat source had a heating surface 
of 25×25 mm. The serpentine-shaped finned condenser was cooled by a 120-mm fan at an air 
temperature of 23.7±2.1 °С. The heat load varied from 10 to 600 W. The test results have shown 
that the evaporator wall temperature in the heating area did not exceed 80 °С at heat loads up to 300 
W. The LHP thermal resistance was at a level of 0.033 °С/W.  

 
APPLICATION OF COPPER-WATER LHPS 
In parallel with the development of copper-water LHPs experimental investigations aimed at 

the actual application of these devices for cooling electronics are actively carried out. One of the 
first was the work connected with a noiseless passive cooling system of an AMD Athlon XP 2500 
CPU dissipated 70 W and located in a personal computer [20]. It was made on the base of an LHP 
with a 10-mm cylindrical evaporator equipped with a thermal interface measuring 32×32 mm. The 
diameter of the vapor and liquid lines was 3 mm. The serpentine-shaped condenser made of a tube 
with the same diameter was conjugated with a light corrugated aluminum panel, replacing one of 
the side walls of the system unit which dissipated heat removed from the CPU. The fan and the 
radiator used earlier for cooling the CPU were removed from the computer. This cooling system has 
demonstrated its efficiency and reliability having worked in the PC for over 8 years. Its external 
view is shown in Fig. 14.  

Ref. [21] contains the results of development and tests of an active cooler for the CPU of a 
mobile computer on the basis of a copper-water LHP with a flat-oval evaporator 4 mm thick. An 
external view of this cooler is presented in Fig. 15. 
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Fig. 14. External view of a passive cooling system in a PC 

 

 
Fig. 15. External view of an active cooler for a mobile computer 

 
In testing a cooler with a CPU thermal simulator which had a heating surface of 20×20 mm, 

the heat load increased from 20 to 100 W. The simulator temperature in this case varied from 39 to 
87 °С. The minimum value of the total thermal resistance of the «simulator - ambient air» was 
reached in the range from 40 to 100 W and equal to 0.65 °С/W.  

Ref. [22] presents the development and test results of a powerful active cooler which can be 
used for cooling heat sources dissipating up to 500 W which permissible maximum temperature is 
100 °С. The cooler was made on the basis of a copper-water LHP with a flat evaporator with 
longitudinal replenishment measuring 64×42×7 mm. It was equipped with light copper fins with an 
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area of 3280 cm2. The mass of the cooler was equal to 112 g, and its overall dimensions were 
155×126×76 mm. An external view of the given cooler is shown in Fig. 16. 

 
 

 
Fig. 16. External view of a powerful active cooler 

 
 

The heat source, used for tests of the cooler, had a heating surface measuring 30×30 mm. The 
heat load varied from 50 to 600 W. The collector condenser was equipped with copper corrugated 
fins. The fins were blown by a 120-mm fan which created an air flow of 72.2 RPM at 1800 RPM at 
an ambient temperature of 22±0.5 °С. These tests have shown that at a heat load of 500 W the heat 
source temperature remained at a level of about 95 °С, and the “heat source-air” total thermal 
resistance was equal to 0.15 °С/W. Simple extrapolation of the test results allows to conclude that 
even at an ambient temperature of 45 °C, the heat source temperature will not exceed 100 °C at heat 
loads up to 200 W.  

Another example of use of a copper-water LHP is presented in Ref. [23]. The LHP with a flat 
rectangular evaporator with opposite replenishment measuring 30×30×15 and two parallel finned 
condensers was used for a LED (light-emitting diode) chip at natural air convection. Tests were 
carried out at a heat load of 50, 100 and 300 W. It had been shown that at a heat load up to 100 W 
the heat source temperature can be maintained below 75 °C at an ambient temperature of not higher 
than 15 °C. At a heat load of 50 W the temperature remains below 85 °C even though the ambient 
temperature reaches 45 °C.  
 

CONCLUSIONS 
Copper-water LHPs with the vapor and liquid lines 3-6 mm in diameter with sufficient 

flexibility make it possible to achieve extremely high thermal characteristics in the temperature 
range from 50 to 100 °C.  By now it has been demonstrated that it is possible to reach a heat flux 
over 100 W/cm2 on a heating surface of 9 cm2 and a heat flux close to 1000 W/ cm2 on a surface of 
1 cm2. The relatively low vapor pressure in the mentioned temperature range creates a favorable 
opportunity to use thin-walled flat evaporators with a thermal resistance below 0.01 °С/W. These 
devices have good prospects for application in coolers and cooling systems of powerful 
semiconducting components in electronics, electrical engineering, computer equipment and lighting 
engineering. The only restriction that may occur is connected with operation and storage of LHPs 
with water as a working fluid at negative temperatures when water expansion during freezing 
causes deformation and sealing failure of devices.  
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Abstract 
The non-stationary one-dimensional mathematical model of vaporization in capillary-porous media (CPM) 

evaporators of loop heat pipes is presented. The model contains the equation of skeleton CPM thermal conductivity, the 
equation of working fluid stream energy, the equations of liquid and vapor filtration and can be used for CPM with 
various distribution of pores size. Examples of calculations results are presented, the basic mechanisms of heat transfer, 
revealed during the settlement analysis are described. It is shown, that in case of CPM with inverted meniscus near to 
section of heat input there are the pulsations of the working fluid accompanied by periodic CPM drying and filling up to 
full filling of section by liquid. The analysis of CPM thermal conductivity influence on heat and mass transfer processes 
is carried out. Features of processes are defined at the heat flux close to the maximum. 

 
KEYWORDS 

Loop heat pipe, capillary-porous media, vaporization, heat and mass transfer 
 
 

INTRODUCTION 
The technology of loop heat pipes (LHP) is well fulfilled for last twenty years. LHPs taken strongly 

place in the thermal control systems for spacecraft and for ground application. At the same time successful 
design decisions and successes of technology are combined with an insufficient level of studying of the 
physical phenomena occurring in the LHPs. It concerns first of all the vaporization processes inside 
evaporator’s porous structure. One of the main features is inverted meniscus in LHP evaporators – it’s mean 
the vaporization going when the heat input and vapor output are made on opposites directions from one site 
of structures (scheme is presented on fig. 1). 

LHPs peculiarity consists also that it is autonomous heat-transfer device which realized self-regulation 
processes. Separate LHP components cannot work independently. This condition complicates essentially 
correct carrying out of experimental researches and corrects determination of boundary conditions for 
numerical modeling.  

Publications uniform not anough approaches to mechanisms of vapor generating in the porous 
structure. Parts of authors assume existence of an interpenetrating of vapor and liquid pores [3, 4], others 
authors consider, that exists vapor-liquid front [5, 6], which position can change at change of heat loading. 
Firsts consider, that the internal surface of a vapor pores is covered by a liquid film, others consider this 
surface dry. There are no uniform views at what parts of porous structure have the defining role in vapor 
generating, what possible modes and mechanisms of heat and mass transfer. 

Steady state model of heat and mass transfer in CPM with inverted meniscus was presented in previous 
paper [7]. Received solution achieve that the output cross section for vapor should be completely filled by a 
liquid (at least – periodically). On these hypothesis basis was put forward thesis about pulsing character of 
working fluid movement near to section of a heat input accompanied by periodic drying of CPM. For checking 
of this hypothesis it is necessary to consider non-stationary model of vaporization in CPM.  
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MATHEMATICAL MODEL 
The presented model develops on the basis of the stationary model presented in [7]. It is accepted, that 

the porous structure is continuous, the sizes of pores are small in comparison with thickness of structure. The 
porous structure is non-uniform on pores radiuses, the law of pores distribution is known. 

The base of one-dimensional non-stationary model contain: the traditional form the heat conductivity 
equation in a skeleton of porous structure (1), the equation of vapor working fluid energy (2), the equations 
of a liquid (3) and vapor (4) filtration, the continuity equations (5) and (6).  
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Let's traditionally believe, that a pores, which radius MRR   are filled by a liquid, pores with 

MRR   is filled by vapor. We will pass the normal law of distribution of radiuses pores:  
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The permeability of porous structure are equal for liquid and vapor parts from the theory of a 
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Separate and enough difficult task is definition of internal thermal transfer coefficient Vα . In the 

examples of calculations results, which are presented below, this value was accepted 810α V  W/m3/К, but 

for a part of two-phase area, where fw tt   and a part of an internal surface may be drying it was accepted 

 810αV . 
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Boundary conditions : 
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Parameters of an equilibrium condition or results of the previous calculations results are accepting as 
initial data. 

 
EXPLANATION OF HEAT AND MASS TRANSFER MECHANISMS  
IN THE POROUS MEDIA 

For example we use of ammonia vaporization in porous structure by thickness  = 3 mm, heat conductivity 

of 5 W/m. K, with normal pores distribution by a radius, average pores radius R  = 1 microns, maximum pores 
radius maxR = 1,25 microns, minimum pores radius minR = 0,75 m. The calculations results presented on Figs. 1 

and 2. From showed results follows, that exists four consecutive zones with different heat and mass transfer 
mechanisms (Fig.1):  
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Fig. 1. 1-D layout. Modeling results temperature distribution inside CPM, q = 105 W/m2  
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Fig. 2. Liquid-vapor quality distribution for different time moments inside CPM, q = 6104W/m2  
 
 

First zone content a single (liquid) phase of fluid only. In this zone there are not conditions for 
vaporization, such as  max2 Rptt lsf  ; 

Second zone content the counter flow of vapor and liquid. In this zone there is vapor condensation on 
local points (at fw tt  ) and evaporation of liquid on other (at fw tt  ). The gradient of vapor pressure has 

positive value. This zone usually named a zone of "micro heat pipes" and for CPM with low heat 
conductivity this effect makes essential impact on heat transfer process. 

Third zone is zone of vapor and liquid quasi-statically direct-flow.  
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Forth zone is a zone with working fluid pulsating. Periodically drying and filling CPM is going in this 
zone.  
This zone is visible on Figure 2 close the extremely right section.4.  

Existing models of vaporization in CPM with inverted meniscus includes usually the first and third 
zone. The processes realized in the second zone are known for other CPM types, however in CPM with a 
inverted meniscus these processes were not described. Different models of vaporization in CPM includes 
usually dry layer of CPM absolutely without a liquid. The present model exclude possibility this mode 
except heat fluxes higher, then qmax (section 5 see), the mode of vaporization with full drying of upper layer 
CPM is impossible.  

The fourth zone existing is received as a result of calculations by proposed model and earlier was not 
described in the literature. Considerable pressure losses in the fourth zone CPM reduce overall pressure 
difference between vapor and liquid line. Modeling results are showing, that the output cross section for vapor 
periodically is completely filled by liquid. After that pressure of vapor inside CPM increases very quickly, that 
leads to replacement of a liquid from output section to CPM inside. This conclusion correlated well with results 
of visual observation and photos of a liquid and vapor distribution in CPM, presented in [8].  

 
DYNAMICS OF VAPOR REMOVAL 

Liquid-vapor quality distribution presented for different time moments inside CPM on Figure 2. For 
calculation was accept heat flux density q = 6104W/m2. Presented diagram demonstrate the main deviations 
in the extremely thin outer CPM layer (three percent of CPM thickness). The periodic filling and drying of 
this zone leads to formation of opposite’s flows of a liquid. Liquid pulsations flow in this zone may 
outnumber evaporating of liquid many times. Outer CPM layer wetting realize not by average liquid flow in 
CPM, but by liquid fluctuation, and it is visible on Figure 2.  

Main parameters of outer CPM layer are presented on Fig. 3.  
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Fig. 3.  – liquid-vapor quality in outer CPM layer,   – average liquid-vapor quality in CPM,  

twδ  – wall temperatures, pvδ – vapor pressure, plδ – liquid pressure. x ;  q 6104 W/m2  

 
You can see that frequency of liquid fluctuation is about 100 cycles per second. The vapor pressure 

increases well after filling by liquid of output CPM cross section. Main reason for vapor pressure increasing in 
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CPM is absence of vapor flow rate, so pressure losses are absence to. Liquid evaporation continues but vapor 
evacuation from CPM is stopped. Vapor pressure varies slightly outside CPM. Vapor pressure deviation influence 
on liquid pressure, but it varies much less, than vapor pressure. Vapor pressure deviation change also saturation 
temperature and leads wall temperature of CPM. Essential liquid-vapor quality deviations are going in outer 

CPM layer only (  ). Average liquid-vapor quality ( ) are accompanied by small pulsations in CPM volume. It 
is connected by that the essential changes of heat and mass transfer parameters is observed near to outer layer 
CPM only (3 % of tickness), in general CPM volume  processes are close to the stationary (see Fig. 2). Besides, 
outer CPM layer wetting realize not by average liquid flow in CPM, but by liquid fluctuation.  

 
INFLUENCE OF CPM THERMAL CONDUCTIVITY 

Well-known, that CPM thermal conductivity ( w ) is important parameter essentially influencing to the 

LHP performance. Requirements to this parameter are contradictions. First of all, w  should be high for low 

thermal resistance providing in the evaporation zone. On the other hand, w  should be low for decreasing 
parasitic heat flux through CPM from heat input to compensation chamber. Parasitic heat flux through CPM 
leads the increasing fluids subcooling in condenser and, finally, to increase overall thermal resistance of LHP. 

Figure 4 present temperatures distribution in thickness CPM for two essentially differing values w : 

10 and 0.1 W/(mК).  
Considerable part of CPM thickness has practically constant temperature for w = 0.1 W/(mК). It is 

area described above like a zone 2 which thermal transfer process provide mainly by fluid vaporization and 
condensation (micro heat pipes zone).  

Ratio micro heat pipe effect to conductive heat flow is showed in figure 5, where dependence Q  from 
co-ordinate x – relations of the heat flux transferred by micro heat pipe effect to conductive heat flux.. From 
presented diagram is following, that thermal conductivity in CPM may be in times lower of two phase thermal 
transfer mechanisms. 

Temperature gradient on capillary structure (tw0 and twδ) is defining thermal transfer processes inside 
CPM. Like showed in figure 6, CPM thermal conductivity changing in hundreds times involve the essentially 
smaller changing of temperature difference (tw0 – tf0) and (twδ – tfδ). These changing’s of temperature difference 
are not identical. If (tw0 – tf0) changes in 20 times, (twδ. – tfδ) changes in 10 times only.  
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Fig. 5. Ratio micro heat pipe effect to conductive 
thermal transfer (λw = 0.1 W/(mК)) 
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MAXIMUM HEAT FLOW 
Maximum heat flow represents a special interest between other LHP performances. It defined by 

achievement capillary pressure and the sum of pressure losses in the loop.  
It is generally agreed that position of the vapor-liquid front go down till full CPM drying after critical 

is generally agreed that position of the vapor-liquid front go down till full CPM drying after critical 
increasing of heat flux density. What showed our model in this case?  

Calculations are showing that the period of pulsations of the working fluid increases sharply 
(frequency is decrease) near to critical heat flux density (Figure 7). The process of drying and filling of 
output meniscus cross section occur for the same relativistic time period – about 0.01 second shares, but we 
are observing long enough process quasi-stationary fluid circulation (some seconds) between these critically 
modes. It is well visible from comparison Figure 9 and Figure 3. Slowly wetting (filling) of output meniscus 
cross section is connected with the increased hydraulic resistance of fluid circulation in the LHP. The vapor 
output CPM cross section can not be filling quickly because of a liquid deficit.  

The stationary mode without the drying-filling crisis was received in output meniscus cross section for 
short range of heat flux density only, q from 1.068.105 till 1.072.105 W/m2. Outside this range was occurred 
or filling of output meniscus cross section or very fast drying of CPM accompanied by sharp temperature 
increasing. Dynamics of full drying CPM after critical heat flux density is presented on Figure 8.  
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Fig. 9. Fluctuation key CPM parameters near to critical heat flux density q = 1.065105 W/m2.  
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CONCLUSIONS 
One dimensional dynamic model of CPM was developed for LHP evaporator. This model showed new 

point of view to the processes in CPM. In the proposed model were accepted the fixed values of fluid 
temperature and pressure inside the CPM. These values will variable in real conditions and must be defined by 
modeling results of all components of a loop. The equations accepted in proposed model for description of 
permeability and heat exchange inside the structure can essentially depend from CPM type. These 
dependences are subject of especially research and comparison with experimental data. 

One-dimensional model of CPM is crude model of LHP evaporator. Actually the zone of heat flow 
input contains complicated net of vapor grooves which essentially modify the fourth zone configuration. The 
modeling task in this area is obviously not one-dimensional. Besides, the lateral liquid movement is playing 
essential role at filling of output meniscus cross section. Additional pressure losses (hydraulics friction) 
depended from lateral fluid movement is not considered in the proposed one-dimensional model. Their 
account can increase value of the pulsations period. 

Despite the listed disadvantages, the presented dynamic model has allowed to determinate the basic 
mechanisms of thermal and mass transfer in LHP evaporators CPM. There is shown, that the essential role is 
played thus by dynamic processes of filling - drying of output meniscus cross section.  

The model has allowed investigating of effective CPM thermal conductivity and the contribution of 
different mechanisms of thermal transfer. The model has predict micro heat pipe zone and approve that decreasing 
of thermal conductivity of capillary structure not give us well effect opposite height conductivity structure.  

There were analyzed the processes thermal and mass transfer in LHP evaporators proceed at critical heat 
flow achievement.  

Proposed model can be including any law of pores size distribution in the CPM thickness.  
Proposed model allows not only to explain features of various capillary structures, but also to optimize 

parameters of LHP evaporators CPM. 
 

Nomenclature 
A – constant, Pa/W2;  c – specific heat capacity, J/(kgК);  G – mass flow rate, kg/s;  Vj  – specific density 

of mass flow, kg/(sm3);  K – permeability factor, m2;  p – pressure, Pa;  Q – heat flow, W;  q – heat flux density, 
W/m2;  Vq – specific heat flux, W/m3;  R – radius of pore, m;  R0 – average radius of pores, m;  r – latent heat, 

J/kg;  S – relative root-mean-square deviation;  T – period, s;  t – temperature, С;  u – velocity, m/s;  х – 
coordinate, m;  α – thermal transfer coefficient, W/(m2К);  V – specific thermal transfer coefficient, W/(m3К);  
δ – thickness, m;   – thermal conductivity, W/(m К);  – dynamic viscosity, Pas;   – density, kg/m3;  σ – 
surface tension, N/m;  φ – vapor quality;  τ – time, s;  ω – surface of cross-section, m2. 
Indexes: f – working fluid; l – liquid; s – saturation; v – vapor; w – wall; δ – section x = δ; 0 – section x = 0.  
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Abstract 

Thermosyphons of the long length are of great interest for being used as heat exchangers for recuperation of 
alternative energy sources and upgrading their potential with the aid of heat pumps. In this presentation some examples 
of the use of two-phase thermosyphons in combating snow drifts and icing on the active parts of the railway transport 
track structure, air conditioning systems, foodstuff baking ovens and roasters, driers, etc. are given. It is concluded that 
thermosyphons for the ground heat exchangers and seasonal thermal storage systems connecting with solar thermal 
collectors, are extendable to more comprehensive applications 
 
KEYWORDS 

Thermosyphon,  ground; cooling, heating, railway transport, air conditioning systems, drying, baking 
ovens and roasters  
 
 
INTRODUCTION 

The effective use of low-potential ecologically pure alternative energy sources (ground, solar energy, 
bio fuels, etc.) is often associated with the development and application of heat exchangers as a long 
vertically or horizontally disposed tubes, since the heat flux density of the alternative heat sources is 
relatively small [1–4]. The most convenient heat exchangers in this case are two-phase thermosyphons. Let 
us consider two types of thermosyphons: vertical two-phase thermosyphons and horizontal vapordynamic 
thermosyphons (Fig. 1a,b). Two-phase thermosyphons represent a hermetic one-piece welded structure 
which is a thin-walled tubular casing whose cavity is partially filled with a working fluid (ammonia, 
propane, CO2, etc.). Its length can be from several to dozen meters and the diameter, from 20 mm to 300 
mm. Thermosyphons are fabricated from carbon steels (St20 or 09625), stainless steel, aluminum allows. 
Recently designed polymer composites having a high effective thermal conductivity (5–15 W/m deg) can 
successfully replace traditional metals in fabrication of thermosyphon or heat pipe casings [5].  
 
1. THERMOSYPHONS FOR COOLING AND FREEZING OF GROUND  

One of the important applications of vertical and inclined two-phase thermosyphons (Fig. 1a) is its 
ability of cooling and freezing the ground. In particular, this procedure is needed to realize for thermal 
stabilization of highways and railroads and for the freezing of ground in the permafrost zone. It is known that 
the maintaining of ground in frozen state and the elimination of unforeseen heat generation under the railway 
bed is an urgent problem in the building and usage of railroads in the North. All of the practical actions 
associated with the problem of controlling the temperature of pavement are reduced in winter to the removal 
of snow, freezing of a thawed ground, and cooling of frozen ones. The freezing of the ground to the desired 
depth and keeping it in a frozen state for the whole year is provided by the environmental cold air in winter 
or with partial application of additional cooling facilities. In winter thermosyphons are used for melting the 
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snow and ice on crucial parts of railroads, bridges, tunnel entries, etc. The thermal energy of the ground is 
transferred to its surface.  

This technique of ground heating has the following advantages:  
1) there is no need in using an organic fuel; 
2) reliability and long service life (15–20 years) of thermosyphons is ensured. As thermosyphons are 

installed in parallel, they can be used numerous to supply the needed amount of heat for snow 
thawing;  

3) highway pavement heated by thermosyphons do not fail under thermal stresses.  

 

                       
         а       b 

 
Fig. 1. Vertical two-phase thermosyphons (a) and horizontal vapor-dynamic thermosyphons (b) 

 
Such a means of heating roads can be recommended for those regions where the mean year temperature 

exceeds 10 C and in winter there are no strong winds with intense snowfalls and severe colds. The heat 
accumulating ability of the ground depends on its heat capacity and can be increased substantially if the 
additional underground heat accumulators are used contacting with thermosyphons. The thermal energy of 
the ground spent in the cold time of the year (winter) is recovered in the hot time (summer) due to the natural 
heat exchange with the air and solar radiation. The main advantage of thermosyphons is its independent 
operation, high heat transfer, and unidirectional heat flow transmission. The thermal efficiency of 
thermosyphons application depends on the ability to wet its inner surface by the falling liquid rivulets and 
organize its evaporation on the extended surface. To achieve a high evaporation rate a liquid film falling 
down to the lower part (evaporator) of the thermosyphon is required. The quality of liquid film depends on 
several properties of thermosyphon like the envelope material, surface roughness, angle of thermosyphon 
inclination, its length as well as the operating regime. The formation and structure of falling liquid films have 
been studied by various experimental methods [1]. Different characteristic of the liquid waves have been 
analyzed based on visual observations of such liquid films as water and isopropanol flowing down inside 
vertical, or inclined tubes under isothermal conditions  
[2, 3]. Special measures were taken for the improving the wetting of the entire inner surface of the long 
evaporator and provision of uniform liquid film distribution all over the thermosyphon perimeter [4]. To 
ensure the additional intensification of heat transfer inside thermosyphons the special inserts (such as screw, 
worm) were used to initiate the swirling vapor flow in the condenser and to swirl liquid rivulets in the 
evaporator [4]. This technology improves the wetting ability of the evaporator (Fig. 2). This technique of 
ground heating has the following advantages:  

1) there is no need in using an organic fuel; 
2) the reliability and long service life (15–20 years) of thermosyphons is ensured. As thermosyphons 

are installed in parallel, they can be used numerous to supply the needed amount of heat for snow 
thawing; 

3) the highway pavement heated by thermosyphons do not fail under thermal stresses.  
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Fig. 2. Thermosyphon with screw inside to enhance the heat transfer in the condenser and evaporator 
 

One of the methods to reduce the thermal resistance of a layer of non-condensible gases is based on 
turbulence artificially organized in the vapor flow. A typical feature of low-temperature thermosyphons is 
that they usually operate with laminar flow of vapor. Axial and radial Reynolds number Rv of the vapor flow 
does not exceed the value of 300. It is well known that the heat and mass transfer process is much more 
intensive in turbulent boundary layer than in laminar one. From this point of view, it is very tempting to 
produce artificial turbulence in the vapor flow and, hence, intensify heat transfer in the condenser and 
evaporator. A method for creating a swirl vapor flow by means of a worm placed into heat pipes and 
thermosyphons has been proposed in [5]. Turbulent mixing of the vapor in condensation zone offers a 
possibility to intensify condensation process in the presence of non-condensible gases, if, incidentally, it 
appears within thermosyphon volume.Non-condensing gases are pressed away from the condensing surface. 
Swirling of the vapor flow in the evaporator permits an improvement on boiling and evaporation heat 
transfer, as it facilitates partition of vapor from liquids drops formed by boiling of the liquid and ejects these 
droplets on the heated surface. Centrifugal forces throw liquid droplets again onto the heated surface thereby 
providing an increase in dryness of vapor of up to 99% at the evaporator outlet, and stimulate uniform 
wetting of the heated surface. Swirling of the vapor flow on the evaporator stabilizes growth of the bubbles, 
facilitates their compression, and intensifies evaporation and boiling.  

A disadvantage of thermosyphons with swirl vapor flow by means of a worm is somewhat increased 
pressure drop in vapor flow ΔPv. The worm not only serves as a turbulent-producing device and stimulator of 
evaporation and boiling enhancement, but it can be employed as a rigid armature, onto whose ribs give a 
possibility to use the flexible polymer envelopes of heat pipes and thermosyphons. The worm itself may be 
built of metal (aluminum, steel),porous ceramic, or flexible polymer composite. 

The temperature distribution along the HP in the vapor flow for conventional HP and HP with worm 
are shown in Fig. 3 (dashed lines for Q = 100 and 125 W). The experimental sample of such HP was 
constructed from stainless steel and was 190 mm long with inner diameter of 39 mm; thickness of HP walls 
was 0.3 mm, SS mesh of 0.16 mm and wire thickness of 0.12 mm was fastened in two layers over the inner 
HP walls to serve as a wick. The porosity of the wick was 70 %. Maximum height of capillary rise 5.1 cm 
and permeability K=1.35 10–9m2.  

A worm with variable pitch of threads, 187 mm long and 38 mm in diameter, was used as a turbulence 
producer and artery for the axial transport of liquid from condenser to the evaporator zones. Temperature 
fields along the HP with and without the worm and heat flow transferred up to 125 W along the HP are 
shown on Figs. 3 and 4. The dependence of the ratio of thermal resistance of conventional HP and HP with 
worm is shown in Fig. 4.  
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Fig. 3. Temperature distribution along conventional heat pipe and heat pipe with a worm. Q = 
100 W. 3 – HP without worm; 4 – HP with worm. Q = 125 W; 5 – HP without worm, 6 – HP 
with worm.  

 
 

 
Fig. 4. The ratio of thermal resistance R of HP and HP with worm Rw as the function of heat flow Q. 

 
The turbulent motion of vapor flow in the condenser intensifies the heat transfer especially in the 

presence of the remnants of non-condensed gases. The swirling vapor flow in the evaporator makes it 
possible to improve heat removal through the thermosyphon wall to the ground. It favors the separation of 
the vapor flow and liquid microdroplets in the evaporator. The heat transfer enhancement in the 
thermosyphon by screw allows one to decrease the thermal resistance of the thermosyphon down to 30–50 
%. The technique of determination of the main thermosyphon parameters consists of the following stages:  
 calculation of the external heat transfer intensity of thermosyphon condenser with the surrounding 

medium (air, water); 
 calculation of the heat and mass transfer parameters inside the thermosyphon condenser (vapor 

condensation on the inner surface of thermosyphon); 
 calculation of the working fluid hydrodynamics in the adiabatic (transport) zone of thermosyphon; 
 calculation of the heat and mass transfer parameters in the evaporator.  

When thermosyphons are immersed (inserted) into the ground, they need the protection from 
corrosion, since they are in direct contact with a moist soil. To ensure their long service life the special 
anticorrosive coatings are used. The full-scale tests of thermosyphons designed at the Luikov Heat and Mass 
Transfer Institute as season-operating cooling facilities were carried out under the conditions of the river 
Middle Ob’ area and demonstrated their good operation in freezing ground by means of natural cold. During 
the experiments the maximum depth of freezing ground was 3.5 m, with the width of the frozen zone being 
4–5 m [4].  

Q, W
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2. POLYMER THERMOSYPHONS  
Another interesting solution is to apply polymer thermosyphons insensitive to the moisture destructive 

action, Fig. 5. At the present time the application of horizontal flat polymer thermosyphons (Figs.5, 6) to 
apply the energy of alternative energy sources, cooling and heating of the buildings and storehouses has a 
good future. The second part of the experiments was devoted to the design of a polymer loop thermosyphon 
with a flat interface (for attaching heat-generating elements) and flexible transport lines between the flat 
evaporator and condenser. The evaporator and condenser of such thermosyphon have the form of slabs 
located horizontally inside the soil at different depth. The evaporator and condenser are connected by flexible 
polymer pipes used for the transmission of vapor and liquid streams [6].  

The distance between the evaporator and condenser can constitute several meters. It is recommended 
to use such thermosyphons for heating the floors of storehouses for vegetables and other agricultural 
products, heat exchangers contacting with ground heat pumps. The proposed system operates autonomously 
under the action of the gravity forces and under the temperature drop between the deep ground and the air. 
The prototype of thermosyphon used in the experimental set-up has rectangular mini grooves as a capillary 
structure inside the evaporator and condenser (Fig. 6a,b). Its frame (Fig. 6b) is made from the polyamide 
composite with carbon nanofilaments and nanoparticles to increase its effective thermal conductivity.  
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Fig. 5. Experimental setup with thermocouples attached to the evaporator, 
condenser, and the transport zone (vapor and liquid) of horizontal flat polymer 
thermosyphon  

 
The jacket of the polymer composite is formed around the core of carbon fibers to form a highly 

thermally conductive heat transfer device. The width and length of the experimental set-up (thermosyphon) 
is 50 and 250 mm, respectively. The width of the grooved surface inside the evaporator and condenser, where 
two-phase heat transfer occurs is 30 mm. The width and depth of the rectangular minigrooves inside the 
evaporator and condenser are 2.5 mm. The thickness of the evaporator and condenser is 10 mm. There are 
flexible vapor and liquid transport pipes (200 mm length, 5 mm diameter, respectively) made from pure 
polyamide to connect the evaporator and condenser, which are disposed in parallel one below the other. The 
width and thickness of the rectangular parts of frames are 10  mm, respectively. The working fluid of the 
thermosyphon is isobutene (R600). The experimental setup (Fig. 5) with temperature sensors located on the 
evaporator, condenser, vapor and liquid pipes of the thermosyphon was used during experiments.  

The heat flow enters at the bottom of the evaporator. The heat sink is located at the top of the 
condenser. The difference between the temperature of the external walls of the evaporator Tw and the 
saturated temperature of the adiabatic (vapor transport) zone Tsat, i. e., Tw  Tsat, was measured directly by 
four thermocouples, one junction of which was on the evaporator wall, while the other was placed in a 
thermally controlled liquid bath. The vapor saturation inside the thermosyphon was maintained using the 
liquid heat exchanger and thermostat. The total thermal resistance of the thermosyphon Rts was calculated as  
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where Te is the mean temperature of the evaporator (C), Tc is the mean temperature of the condenser (C), 
and Q is the heat flow (W).  

The experimental technique was used to perform some necessary operations including temperature 
measurements (Agilent Data Acquisition Agilent Data Loger HP-34970A with a set of thermocouples 
connected to the computer), measurements of the heat flow Q from the evaporator to condenser and of the 
effective thermal conductivity of the thermosyphon envelope.  
 
 

    
a       b 

Fig. 6. Flat loop thermosyphon made from polymer composite – polyamide reinforced with carbon 
nanofilaments and nanoparticles: a) structure of polymer composite, b) flat evaporator (cross section) 
with rectangular mini-channels with porous coating 

 
 

To cool the thermosyphon condenser (liquid loop) a Joulabo F12 recirculation thermal bath with 
temperature-regulated accuracy of 0.5 C was used. The heat flow was supplied by an electric cartridge 
heater located on the bottom surface of the evaporator. The heat sink (liquid heat exchanger) was attached to 
the top of the condenser. All measurements were performed in a steady-state regime for the heat flow range 
of 50–100 W. The temperature distribution along the evaporator, transport zone, and condenser as a function 
of the heat load is shown in Fig. 7a, b.  
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Fig. 7a. . Mean temperature distribution along the evaporator and condenser top surfaces 
 of the thermosyphon as a function of heat flux Q 
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Fig. 7 b. Mean temperature distribution along bottom surfaces (b) of the thermosyphon 
as a function of heat flux Q 

 
The mean temperature profiles on the top surface of the evaporator and condenser are shown in Fig. 

7a, while the temperature profiles on the bottom surface of the evaporator and condenser are shown in Fig. 
7b. The temperature of saturated vapor inside the thermosyphon was varied from 20 to 40  С with the help of 
thermostat thermal control. The thermal resistances of the evaporator and condenser as a function of heat 
input are shown in Fig. 8a,b.  

For the case (Fig. 8b), Rts is nearly two times higher as compared with the top surface heating (Fig. 
8a). It is important to note that the thermosyphon is sensitive to the mass of the working fluid charged. The 
design of such a thermosyphon guarantees a weak influence of the evaporator inclination to the horizontal 
axis in the limit of 0–20 .  
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Fig. 8. Thermal resistance of evaporator (Re), condenser (Rc), and of the entire thermosyphon (Rts) as a 
function of the heat input (top surface) (a) and of the heat load (bottom surface) (b) 
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3. VAPORDYNAMIC THERMOSYPHONS  
Vapordynamic thermosyphon (VDT), Figs. 9, 10, was patented in 1985 [7]. The first principal 

distinction of VDT from conventional thermosyphons of the same diameter and size is related with its 
horizontally oriented elongated annular condenser. VDT can transfer the heat flow in horizontal position over 
a long distance. Its condenser is nearly isothermal with the length of tens of meters, Fig. 1b. The VDT 
evaporators may have different form and length, Fig. 10. The second principal distinction consists in the fact 
that the vapor flow from the evaporator and two-phase liquid flow in condenser are separated spatially (tube 
in tube heat exchanger). This makes it possible to avoid a negative hydrodynamic interaction between the 
flows of the vapor and liquid typical for conventional thermosyphons.  

The heat transfer intensification in VDT is related with the porous coating of the heat loaded surface. 
The VDT with porous coating ensures a heat transfer enhancement up to 5 times compared to the plain tube 
thermosyphon. Furthermore it starts to work without a temperature overshoot typical for conventional 
thermosyphons. The vapor generated in the evaporator enters through the vapor pipe into the annular gap of 
the condensation zone, where it condenses. There is an intense radial heat transfer with phase change 
between the vapor pipe and the condenser envelope. 
 

 
 

Fig. 9. Vapor-dynamic thermosyphon: 1 – evaporator, 2 – liquid pipe, 3 – vapor pipe, 4 – compensation 
chamber, 5 – heat sink, 6 – condenser, 7 – annular channel with porous coating, ∆h– hydrostatic pressure 
drop  

 

 
 

Fig. 10. Vapor-dynamic thermosyphon with horizontal elongated evaporator and condenser, longitudinal cross  
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The experimental data obtained on a flooded and partially flooded vapor pipe in confined space 

(annular channel 0.2 to 2 mm thick) testify the phenomena of micro heat pipe inside a porous coating of the 
vapor pipe and mini heat pipe in the annular gap between the porous coating and the condenser envelope, 
Figs.11, 12. Visual analysis (glass condenser) and experimental results show, that such combination is 
favorable for the enhancement of the heat transfer in the VDT condenser [7]. The main VDT thermal 
parameters are: the maximum heat load maxQ , the heat flow in the evaporation zone Q and thermal resistance 
R. The VDT thermal resistance is determined as  
 

e cT T
R

Q


       (2) 

 
where eT  and cT  are the average wall temperatures of the evaporator and the condenser, respectively, and Q  
is the heat flow.  

 
 

 
 

Fig. 11. Visualization of the bubbles generation on the porous coating of vapor pipe in the 
annular gap of the condenser (Propane): 1 – vapor bubble, 2 – vapor cluster, 3 – glass tube, 4 – 
heat-transferring tube, 5 – coaxial annular channel 

 
 

The VDT condenser can be made flexible if fabricated from small-diameter polymer pipes. Such VDT 
is anticorrosive and can be placed in the ground for many years. One of the characteristic features of this 
device is the presence of an extended annular gap (mini-channel) between the vapor pipe and the external 
wall of the condenser. When a two-phase flow moves along the annular gap, the working fluid is cooled by 
the heat exchange with the environment and the concentration of vapor bubbles in it decreases gradually 
along the condenser. The formation of a two-phase flow in the annular gap of the condenser is the reason of 
the heat transfer enhancement and maintain the condenser surface temperature uniform close to the 
saturation one [8]. 

1 2 3 
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Fig. 12. Visualization of the bubbles generation in the lower part of the porous coating of vapor pipe 
immersed to the liquid pool (Propane) in annular gap: 1 – vapor pipe non-flooded part, 2 – glass tube, 3 – 
annular channel, 4 – vapor bubbles above the liquid – vapor interface, 5 – liquid – vapor interface, 6 – 
vapor bubbles on the flooded part of the vapor pipe 

 
 
The hydraulic diameter of the annular gap is usually smaller than the capillary constant of the working 

fluid of the VDT, therefore there occur alternations of vapor and liquid plugs in the gap. When the annular 
gap of the condenser has a hydraulic diameter greater than the capillary constant,  = [2σ/(ρliq – ρv) g]1/2, the 
stratification of the vapor and liquid in it is observed, Fig. 10b. Among the basic advantages of the VDT 
there are the large length of the heat release zone (condenser), the high heat transmitting ability (tens of kW), 
the low sensitivity to the refilling of the working fluid, and possibility to store non condensible gases in the 
heat sink, Fig. 7. VDTs are constructed in diverse forms including bent, flexible, or assembled elements. To 
confirm the efficient application of vapordynamic experimental specimens VDT were successfully tested in 
winter time for heating the railroad switches in the city of Minsk [1, 2], which made it possible to prevent 
their icing and ensured intense thawing of snow. Electric current was used as an energy source, as well as 
miniature gas burners of closed type. The heater for railroad switches had the length of 4.5–6 m, the outer 
diameter 16 mm, working fluid – ammonia. The transmitted heat flow amounted to 2 kW. At an 
environmental temperature of minus 10 C, the snow fall intensity being 100–150 mm per 24 h, and a wind 
velocity of 5–10 m/s the VDT-based heater ensures reliable operation of a switch. The temperature of the rail 
top is maintained at no less than 10–12 C. When a railroad switch is covered by a snow layer of thickness 
50-100 mm, the switches are free from snow and ice in 25–30 min after the turning-on of the thermosyphon 
heater. VDTs begin to be used as the basic components in the systems that utilize solar energy [1], the heat of 
exhausted gases, baking ovens, drying facilities, systems for warming up vessels with liquid and gaseous 
fuels, concrete, asphalt, etc. [4], as well as of the heat exchangers of heat pumps, heat and cold accumulators 
[5–8].  

It is interesting to compare VDT and conventional thermosyphon having the same form and size 
(Fig. 13, 14). Both are made from copper tube with the same diameter and length. The working fluid is R600. 
The VDT (Fig. 13, left) is less sensitive to the angle of its inclination (Fig. 14) to compare with the 
conventional thermosyphon (Fig. 13, right). VDT has low thermal resistance – R = 0.22 K/W (Fig. 14). The 
conventional thermosyphon (Fig.13, right) has its thermal resistance (R = 0.25–0.3) for the near horizontal 
position of the evaporator, and (R>0.5 K/W) for its negative inclination to horizon (Fig. 14). The heat flow 
Q = 100 W transferred by VDT is near 1.7 time more to compare with conventional thermosyphon 
(Q = 60 W) at the same mean temperature of the condenser (Fig. 14).  
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Fig. 13. VDT with horizontal 
evaporator and vertical condenser 
(left) and traditional thermosyphon 
with horizontal evaporator and 
vertical condenser (right) 

Fig. 14. Thermal resistance of thermosyphons as a function of the degree 
of its inclination.  VDT (Q = 100 W)   ,   – total thermal resistance of 
VDT; Conventional thermosyphon (Q = 60W);  

, ,– thermal resistance of its evaporator, condenser and total thermal 
resistance  

 
Heat pipe heat exchangers with two-phase closed thermosyphons have been widely applied as 

dehumidification enhancement and energy savings device in HVAC systems. In this way VDT 
thermosyphons based heat transfer panel as air-conditioning system (horizontally or vertically placed) 
represent a successful solution to be adopted to achieve high thermal comfort level and significant energy 
savings simultaneously. By wrapping VDT around a cooling coil (solid sorption cooler) we bypass a certain 
amount of heat, saving on the cooling load and giving free reheat, Fig.15. The HPHX evaporator section 
functions as a pre-cooler for the AC system and the condenser section as a reheating coil.  

Component of air-conditioning system based on vapor -
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Fig. 15 Schema of the air-conditioning system for the hot and humid air cooling and dehumidification 
based on VDT thermosyphons and solid sorption coolers  
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Condensation process on the evaporator of the solid sorption cooling coil, Fig.16 involves 

dehumidification and cooling. For many HVAC simultaneous cooling and dehumidification is desirable as it 
copes with both sensible and latent heat. The air often needs to be overcooled in order to remove the 
necessary moisture. The overcooling generates air which is lower than the temperature at which it needs to 
be supplied and the final stage in the dehumidification process involves reheating of the overcooled air to 
bring it back to the required sully temperature, while simultaneously reducing its relative humidity. Solid 
sorption cooler with VDT system of thermal control is a good addition to the VDT based heat panel [10]. 

 
 

Solid sorption cooling panel

Hot and humid air 
input

Condensing water

Cold humid air output,

 

Evaporator of the solid sorption cooler

Multichannel loop thermosyphon as the cooling panel

1 – thermosyphon condenser; 2 –multichannel evaporator;  
3 – sorbent bed of the solid sorption cooler 

 
Fig. 16 Solid sorption cooling panel for VDT air-conditioner  

 
 

On the basis VDT thermosyphon panels and solid sorption coolers application, it is recommended that 
for hot and humid climates countries as it is an important aspect of the maintenance of comfortable and 
healthy conditions within a controlled airspace HVAC systems can be recommended to install with VDT 
thermosyphon heat exchangers and solid sorption coolers for dehumidification enhancement and energy 
saving. 

 
4. CONCLUSIONS  

Different types of thermosyphons has been developed in the Luikov Institute as experimental 
specimens of the heaters for the runways of aerodromes, railroad beds on bridges and crucial portions of the 
railroads air-conditioning heat exchangers, house heaters, side-walk heaters, etc. Experimental investigations 
with long thermosyphons identical in construction operated with different working fluids (ammonia, 
propane, isobutene, water etc.) are carried out. It is shown that a thermosyphon thermal resistance can be 
lowered by employing screw placed inside, polymeric loop two-phase and VDT thernosyphons design. A 
significant lowering of the thermal resistance due to application of VDT is found for different angle  of 
thermosyphon inclination. New HVAC systems can be recommended to be installed with horizontal, or 
vertical VDT thermosyphon heat exchangers and solid sorption coolers for dehumidification enhancement 
and energy saving.  
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Abstract 
Heat pipe and microchannel heat sink are the high performance heat transmission devices with an extremely 

high thermal conductivity which strongly depends on two phase flow heat transfer. The regularities of capillary 
hydrodynamics and heat transfer during flow boiling, evaporation and condensation in the minichannels and 
microchannels with rectangular cross section, resulting from the experimental and theoretical studies, were discussed in 
this paper. The patterns of the two-phase gas-liquid flow and capillarity induced liquid flow distribution along the 
channel perimeter are presented for different channel orientations. The influence of forced convection, nucleate boiling 
and thin film evaporation on microscale flow boiling heat transfer in minichannels and microchannels is reviewed and 
analyzed based on the experimental data. The evaporative and condensing heat transfer model for the curved liquid 
microfilm in microchannels and rivulet flow on a hot surface is developed and discussed. New methods for calculating 
of the heat transfer with flow boiling and condensation, including the phenomena of nucleate boiling suppression and 
heat transfer enhancement during evaporation of extremely thin liquid film, were presented.  

 
KEYWORDS 

Micro-scale heat transfer, microchannel, minichannel, microchannels heat sink, gas-liquid flow 
pattern, boiling, condensing, nucleate boiling suppression, thin film evaporation. 

 
 

INTRODUCTION 
Heat pipe and microchannel heat sink are the high performance heat transmission devices with a 

thermal conductivity which strongly depends on capillarity induced flow in the mini- and microchannels. 
There are many variants of heat pipes and cooling systems as microchannel heat sink, but in all cases the 
working fluid must circulate, when temperature difference exists between the evaporator and the condenser, 
and capillary forces play the governing role in this circulation. Heat transfer under conditions of phase 
change in the microscale is the fast-developing field in recent years [1]. The reasons for this trend are the 
tendency towards miniaturization in various fields, giving landmark technologies and increased recognition 
of the determining value of microscale transfer at the effectiveness of macroscopic systems. If one reduces 
the size of a channel the wide variety of phenomena that are not typical for a large scale become apparent. 
The degree of their manifestation depends not only on the geometrical scale, but also on the shape of the 
channels, heat fluxes, pressure, etc. As the initial classification according to [2] all systems with size from 2 
mm and less are considered as systems with potential possibility of microscale effects. Identification of these 
phenomena and determination of the conditions, when their influence on the characteristics of gas-liquid 
flow and fundamentals of flow boiling and condensing heat transfer on microscale becomes determining is 
considered in this paper.  
 

CHANNEL SIZE CHARACTERIZATION 
In literature, the criterion of transition to microscale is not precisely defined. Existing definitions [3-5] 

are insufficient to determine the exact criterion of transition from macro to microscale behavior and give 
only a rough estimate of the channel size at which this transition occurs. The two-phase flow in channels 
with a gap less than capillary constant c=[2liq-gas)g]1/2 is significantly different from the flow in 
conventional tubes. Here is the surface tension,  is the liquid and gas density, g is the gravitational 
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acceleration. For this flow the capillary forces and flow tightness define the flow pattern and heat transfer 
with phase change. In order to show the influence of transverse size of a channel on flow pattern we will 
consider the elongated bubble flow in a small size channel. For this case the steady state laminar liquid flow 
in the system of coordinates associated with bubble nose will be described by the Navier-Stokes equations: 
as follows: 

                
2 , 0.liq liq liq liqp          u u u g u                   (1) 

 
Here u  is the liquid velocity, p is the pressure and liq is viscosity. The conjugation conditions at the 

interface include the equality of shear and normal stresses at the interface: 
 

 gasliq pp  , 1
2

1
1

  RR , 0jiij ne  ,         (2) 

 
where e is the stress tensor in the liquid, n  is unit normal vector directed to the gas,  τ is a unit tangent 

vector, is interface curvature and Ri is principal radii of curvature. With account of (2) the Eq. (1) can be 
reduced to dimensionless variables assuming a constant gas pressure in the bubble as follows:  
 

                )./(~~~~ 2 gBoCaWe guuu                            (3) 

 
Here velocity is scaled by the bubble velocity bu , the longitudinal, transverse coordinates and 

curvature were scaled by hydraulic radius of the channel 2hD . The dimensionless numbers in (3) are 

defined as follows: ),2/(2
liq  hb DuWe   ,/liq buCa  ).4/(2

liq  hgDBo   Fig. 1 shows the dependence of 

the Weber number and Bond number on bubble velocity for air-water flow in the channel with diameter of 
2 cm.  

When reducing transverse dimension of the channel an order of magnitude the Bond number becomes 
much less than unity and gravity force becomes negligible, see Fig. 2. For this case Eq. (3) can be converted 
to following equation: 

                                 uuu ~~~~ 2 CaWe                               (4) 

 
and the bubble motion is determined by inertial and capillary forces. For gas-liquid flow with Bo 1 and 

 

   

Fig. 1. Dependence of the Weber number and Bond 
number on bubble velocity for hD = 2 cm. 

 Fig. 2. Dependence of the Weber number and Bond 
number on bubble velocity for hD = 0.2 mm. 

We  1 in same range of bubble velocity the inertial forces will be significant and the channel may be called 
as minichannel. For this case the gas-liquid flow regularities will be significantly different from 
corresponding regularities in conventional channel because the gravity is not significant. At the same time 
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the inertial forces are small in another range of bubble velocities were Bo 1 and We 1, see Fig. 2. For 
this case gas-liquid flow pattern will be determined by the capillary and viscous forces and (4) can be 
converted to following equation: 
 

                                                    0~~ 2  uCa .                                  (5)  
 

According to solution of this equation the shape of elongated bubble nose has constant interface 
curvature and this channel is actually microchannels because the regularities of gas-liquid flow will be to 
differ substantially from the regularities both for conventional channels and for minichannel.  
 

GAS-LIQUID FLOW PATTERNS IN MINICHANNELS AND MICROCHANNELS 
For gas-liquid flow in minichannels three basic flow patterns such as isolated bubbles, elongated 

bubbles/slug and annular flow were observed in [68]. The view of periodic elongated bubble flow in 
vertical micro-channel 670 × 2000 mm2 is shown in Fig. 3 (a) for superficial velocity of air-water mixture 
equals to 0.33 m/c. It corresponds to Ca= 0.0057 and We = 1.18. This figure also shows the dynamics of the 
electrical signal from the photodiode, which correspond to intensity of a laser beam transmitted through the 
channel from [6].  Periodic elongated bubble flow in the channel of 670 × 2000 mm2 was observed in the 
ranges of superficial liquid velocities 0.066 ÷ 0.407 m/s and superficial gas velocities 0.04 ÷ 2.35 m/s.  
At low Weber numbers the capillary forces completely determine shape of the interface. The inertial forces 
become important at higher Weber numbers and the bubble nose in this case is similar to the traditional slug 
flow as shown in Fig. 3 (b).  

Fig. 4 shows a flow patterns map for vertical rectangular minichannel [6] which was obtained using 
dual laser scanning. The slug-bubble, slug, slug-churn, churn and annular flows have been identified. For the 
slug-churn flow the unstable liquid plugs appear in the flow and for the churn flow they are dominant. The 
lines in Fig. 4 show the boundaries of transition to the slug flow and the churn flow calculated via the 
Mishima and Ishii model [7]. The transition criteria from the slug to the churn flow was proposed as sl≥m, 
where m is average void fraction of the slug flow and sl is void fraction for the slug flow, based on the drift 
flux model. Taking into account that the churn flow in minichannel is kind on the slug one it was suggested 
that transition to the annular flow occurs when void fraction of the annular flow an based on the drift flux 
model [7] exceeds average void fraction of the slug flow an≥m. Right line in. 
 

 
 

Fig. 3. The view of upward flow in minichannel 670×2000 мкм2 and electric signal from photodiode:  
(a) 17.0jliq   m/s, 16.0jgas   m/s (Ca = 0.0057, We = 1.18); (b) 27.0jliq   m/s, 61.0jgas   m/s  

(Ca = 0.0152, We = 8.42). 
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Fig. 4. Upward flow gas-liquid flow pattern map for 
minichannel microchannel of 6702000 m.   

Fig. 5. Horizontal gas-liquid flow pattern map for 
microchannel of 370214 m cross-section. 

 
Fig. 4 shows the transition to the annular flow from this model, it corresponds to the experimental data 

well.  
Typical flow patterns for adiabatic air-water flow in the horizontal microchannel (We  1) are shown 

in Figs. 6, 7. The flow patterns were identified using dual-laser scanning of the flow [8]. For this channel the 
basic flow regimes are the elongated bubbles flow, non-periodic bubble flow (transition flow) and annular 
flow. The signal from photodiode for periodic elongated bubble flow at jliq = 0.035 m/s, jgas = 0.083 m/s is 
shown in Fig. 6. Dual laser scanning shows that the average length of the elongated bubbles increases 
continuously with an increase in the gas flow rate, and the bubble length distribution is very narrow. When 
the length of a liquid plug becomes less than the long size of the channel the amalgamation of bubbles leads 
to the transition flow. The annular flow with waves was observed for superficial velocities jgas higher 1 m/s. 
It differs from the other ones by chaotic bursts of optic signal amplitude due to large waves on the interface 
and absence of steady liquid plugs, see Fig. 7. The flow pattern map for microchannel is shown in Fig. 5. On 
this map the periodic elongated bubble flow (EB), transition flow (T), annular-wave flow (AW) and annular 
flow without waves (A) are presented. Thin lines show the prediction of the flow pattern transition lines 
according to Mishima-Ishii model [7]. This model singles out the flow patterns as bubble-slug, slug, churn, 
annular and annular-mist. One can see that the prediction of flow pattern by this model is far from the 
experimental observations. It shows that the gravity does not play important role in determining the flow 
pattern if the size of the channel is much less then the capillary constant.  
 

 
 

 
 

 
Fig. 6. The view of horizontal flow and signal from 
photodiode for the elongated bubble flow: jliq=0.035 
m/s, jgas=0.083 m/s. 

 Fig. 7. The view of horizontal flow and signal from 
photodiode for the annular wave flow: jliq=0.035 
m/s, jgas = 5.3 m/s.   
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It was suggested that in microchannel the transition to annular flow occurs, when the gas flow rate will 
be sufficiently high to move all liquid by shear stress along the flow. For elongated bubble flow the residual 
film thickness in a bubble can be determined using the “Taylor” law [9]:  

 
 3/23/2

sl 35.3167.0 CaCaD  ,           (6) 

 
where D is the tube diameter. For rectangular channel we propose to use the hydraulic channel diameter Dh 
in (6). Corresponding film thickness in the annular flow can be determined using the annular flow model [10] 
without liquid entrainment. We propose that transition to the annular flow occurs, if the film thickness in 
annular flow equals the film thickness behind a bubble nose sl.  The bold line in Fig. 5 shows the calculation 
results according to this assumption and they are in better agreement with the data than the Mishima-Ishii 
model.  

The pressure drop for horizontal flow is defined as ptot = pf + pm, where pf and pm are 
components of the pressure drop due to the friction and momentum change. It was found in [11] that the 
pressure drop in a microchannel is determined significantly by the capillary pressure jump on the bubble 
interface. According to this model, the total pressure drop in a single cell consisting of elongated bubble and 
liquid plug is defined as the sum of pressure drop in liquid plug and pressure drop across the gas bubble.  
 

HEAT TRANSFER WITH THIN FILM EVAPORATION AND CONDENSATION 
 

Heat transfer with evaporation and condensation in microchannel  
Experimental study of heat transfer during boiling of cryogenic fluids, hydrocarbons and refrigerants 

in the fin passage heat exchangers showed weak dependence of heat transfer coefficient on the heat flux [12]. 
Heat transfer at down flow condensation on plain fins at low flow rate of vapor was studied in [13] and it 
was shown that the data are in good agreement with the predictions for the vertical plate. 

In rectangular microchannel the capillary forces are crucial for liquid distribution. They move liquid 
into the corners forming a thin film on the walls. The model of the creeping flow [14] is based on the 
allocation of liquid flow in two zones of the flow: flow in a corner of a channel bounded by meniscus and 
thin film flow on the channel walls; and matching solutions for these zones with the conditions of their 
conjugation. In approximation of a thin layer  = 0/a  1 there is a small parameter, where 0 is the initial 
film thickness and a is the half width of the long side of the channel. For this approximation the Navier-
Stokes equation for the film downward flow can be reduced to the equation of the local thickness of a curved 
film with a last term which takes into account evaporation of liquid: 
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Here   gdxdp liqgas1   , galiq/  ,  /gaBo 2

liq , )a/(6AGa 2
0  , the dimensionless 

film thickness is scaled via initial film thickness m= longitudinal x and transverse y dimensionless 
coordinates are scaled via aBo/ and a respectively,   is shear stress at the interface, A0 is the Gamaker's 
constant, )ah/(TG fg*liq0  f and w,i=(Tw,i-Tsat)/T* are determined by temperature of the inner wall Tw,i, 

saturation temperature Tsat and characteristic temperature which is satTTT ew,*   for constant temperature of 

the external wall Tw,e, and 
liq

2
* /aHT   for the given volume heat density H, and hfg is the latent heat of 

vaporization. 
Eq. (7) is solved together with the equations for liquid flow in the meniscus and total liquid flow 

conservation. The boundary conditions are the symmetry conditions at the center of the channel and 
conditions my=0 и myy=1/(r) at the point of conjunction of interface solutions for the film and the meniscus 
where r=R/a. The singularity due to the fact that film thickness streams toward zero in the vicinity of the  
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(a)                        (b) 

 

Fig. 8 Liquid interface (a) and distribution of local heat flux (b) for R-21 evaporation in the 1.6x6.3 mm 
channel at H=60МW/m3, Reliq=60, Regas=9650.  

 
contact line is eliminated by the finite roughness of the wall. The inspection of the rivulet half-width 
corresponding to the current liquid flow is required to calculate the shape of the interface. If it is less than the 
distance from the center of the channel to the edge of the meniscus, the film is broken and new configuration 
of the flow is established consisting of rivulet, menisci and dry spots between them.  

The flow in meniscus becomes unstable at high gas velocity, which moves the liquid back from the 
meniscus to the film. The calculation of flow stability in a corner bounded by the meniscus gives the 
increments of the radius perturbation growth for meniscus and limit radius of the meniscus which is stable 
for the given gas velocity. Upon reaching the limit of the radius accumulation of liquid in the corners stops, 
and further liquid flow rate in the meniscus is determined by the evaporation rate and current velocity of 
vapor in the channel. When the interface shape is obtained, the Fourier equations for liquid area and the wall 
are solved together and the local heat transfer coefficient is determined taking into account heat transfer 
enhancement by the waves [15]. 

Fig. 8 shows calculation of the surface shape of liquid at Reliq=60 and Regas=9650 and distribution of 
the local heat flux over the perimeter of the inner wall at evaporation of refrigerant R-21 in 1.6x6.3 mm 
channel. Formation of dry spots and increasing of the heat transfer coefficient in a vicinity of the contact line 
are typical for evaporation in microchannels. Heat flux in a vicinity of the contact line is limited by the 
roughness of the wall. At condensation the establishment of limit radius of the meniscus curvature in the 
corners provokes alignment of the film thickness outside the meniscus, and lowers the coefficient of heat 
transfer in comparison with the curved film which is typical for the evaporation. Fig. 9 presents the 
comparison of measured in [16] and calculated heat transfer coefficient vs. equilibrium vapor quality for the 
downward condensation and evaporation in the fin passage heat exchanger with plain fins. Data were 
obtained for wall superheat and subcooling ranging from 1 to 5 K at mass flux of 50 kg/m2s. The mechanism 
of heat transfer for small wall superheat is evaporation of the curved liquid film, including evaporation near 
the liquid-vapor-wall contact line. For condensation the interface is nearly flat film due to limit radius of the 
meniscus establishment. One can see that heat transfer coefficients for the curved film higher than that for 
flat surface. 
 

Microscale heat transfer with evaporation in the vicinity of the contact line  
A change of the apparent contact angle due to microscale evaporation has a strong effect on the flow 

and heat transfer for a liquid film limited by the width and called “rivulet”. The model to predict heat transfer 
with evaporation in extremely thin films near meniscus based on the disjoining pressure, capillary pressure 
and the Clausius-Clapeyron concept was designed in [17]. Comparing the influence of the dynamic contact 
angle and overheating in prediction of local wall superheat it was shown in [18] that the heat flux,  
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Fig. 9. Heat transfer coefficients vs. vapor quality for 
R-21 downward flow condensing and boiling modes at 
mass flux 50 kg/m2s [23].  

 Fig. 10. Film thickness, local heat flux and liquid 
pressure in rivulet cross-section at 5cm distance from 
inlet, Reliq=2.5, wall superheat 0.5 К [26]. 

 
velocity of contact line and local overheating depend on the apparent contact angle. In study rivulet 
evaporation for refrigerant R-11 flowing down on a vertical wall in surrounding of its own vapor it was 
showed that evaporation of liquid in the vicinity of the contact line increases the apparent contact angle in 
[19]. The thermal apparent contact angle increased with the wall temperature and reaches 30 degrees, when 
temperature difference is 0.6 K. The contraction of liquid in the corners causes the rupture of the liquid film 
in semi-rectangular channel even if initially all surface was wet uniformly. 

The problem of rivulet evaporation on the vertical hot wall was considered in the frame of the integral 
flow model and creeping flow model [18]. Fig. 10 shows the calculated shape of the interface, pressure 
distribution and heat flux across the width of the rivulet under the temperature difference of 0.5 K. 
Numerical simulations showed that there is an abnormally high heat flux in the vicinity of the liquid-vapor-
solid contact line where the liquid film has a minimal thickness. Rapid evaporation of liquid in this region 
could not be compensated by the liquid flow caused by capillarity forces, so the interface is deformed in the 
vicinity of the contact line. As a result the thermal apparent contact angle is established which is higher the 
equilibrium contact angle. The rivulet width is shrunk by capillary forces, and its spreading stops which 
correspond to experimental observation [19]. 

 
FLOW BOILING HEAT TRANSFER 
The possible mechanisms of heat transfer in microchannels, namely nucleate boiling or forced 

convective boiling, were discussed in [2023]. It was showed that for refrigerants R-113, R-12, R-134a and 
RC318 flow boiling heat transfer coefficient depends on the heat flux, reduced pressure, roughness, and does 
not depend considerably on vapor-quality and mass velocity. For R-21 and R-141b flow boiling in 
rectangular microchannels the contribution of nucleate boiling into heat transfer is not dominant [24, 25]. 
Complex heat transfer behavior for R-134a flow boiling was observed in [26]. If vapor quality is less than 
0.2 nucleate boiling is predominant, while at high vapor quality deterioration of heat transfer was observed. 
This short review shows that it is doubtful to suppose that just one of these mechanisms will be determinative 
for flow boiling in microchannels. It can happen in a narrow range of flow and heat transfer parameters and 
the mechanism of heat transfer during flow boiling changes when these parameters are varied. 

The published models for calculation of heat transfer during flow boiling in microchannel based either 
on modification of models obtained for the conventional tube [22, 23, 27] or special-purpose models for 
calculation of heat transfer in microchannel [28, 29]. In [30] three-zone model for heat transfer with 
elongated bubbles was proposed, where transient evaporation of a thin film surrounding the elongated bubble 
is considered as a mechanism of heat transfer. Nevertheless Bertsch et al [29] noted that application of 
existing models to different modes of heat transfer in microchannel cannot be considered as successful.  
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(a)               (b) 
 

Fig. 11 Heat flux vs. wall superheat and flow patterns for RC318 flow boiling at pr = 0.12–0.19,  
We = 9–150 (a) [22]; and flow patterns for R-11 flow boiling at pr = 0.038, We = 0.2 (b) [31]. 

 
Flow pattern during flow boiling   
Flow boiling patterns provide important information on the mechanism of flow boiling. Diabatic flow 

pattern map for evaporating flow in microchannels was obtained in [32] and [33] for refrigerants R-134a and 
R-245fa. Comparing the flow patterns with heat transfer data, it was showed in [2] that the correlation is not 
so obvious. There are data that show deterioration of heat transfer at transition to the annular flow [26] and 
there are data that show an increase of heat transfer in this area [24]. Flow visualization [22, 31, 33] shows 
essentially different flow patterns at Weber numbers based on liquid mass velocity less and much more than 
1. Fig. 11 (a) shows the dependence of wall superheating on the heat flux for RC318 flow boiling in an 
annular microchannel with 950 mm gap and corresponding flow patterns at reduced pressure pr = 0.120.19 
and We = 9150 [22]. Boiling was observed in liquid plugs and the crests of waves on a liquid film.  

Boiling of refrigerants at small We number and low reduced pressure has another character. Fig. 11 (b) 
shows the time sequence of the images for R-11 flow boiling at reduced pressure pr = 0.038, We = 0.2 and 
heat flux 1.5 kW/m2 obtained in [31]. The bubble conformed by the channel walls and evaporation of liquid 
in the bubble occurs when it moves along the channel. 
 

Heat transfer at predominant nucleate boiling 
For the effective operation of microchannel cooling systems we need to predict the heat transfer 

coefficients in different conditions. The mechanism of flow boiling in microchannels was analyzed in [34] 
using the available experimental data, and the Liu and Winterton model [35] was extended to predict better 
the data for small size channels. In this model the heat transfer coefficient is calculated as superposition of 
boiling term and convection term. The important observation, performed in [34], is nucleate boiling 
suppression for extremely thin liquid films, when the diameter of active nucleus becomes comparable with 
the thermal boundary thickness. When nucleate boiling will be suppressed, evaporation on a film surface 
becomes a significant mechanism of heat transfer. This happens when liquid film thickness is small enough 
due to the capillary forces action in elongated bubble flow or high interfacial shear stress in annular flow. For 
this case the heat transfer model can be presented as follows: 
 

         222 2
con boil sup evh h F h S h             (8) 

Here hcon, hboil and hev are forced convection, nucleate boiling and liquid film evaporation heat transfer 
coefficients accordingly; F and S are the factors of forced convection enhancement and nucleate boiling 
suppression, which were proposed in [35]:  
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  ,          (9) 

 
andsup is boiling suppression factor introduced in [34]. For microchannel with all-liquid flow in the 
laminar region, corresponding convective heat transfer coefficient hcon should be calculated accounting 
channel geometry. In our calculations we have used the correlating equation for fully developed laminar flow 
and thermally developing flow in a rectangular channel with constant circumferential wall temperature and 
uniform axial heat flux [36]:  
 

   2 3 4 5
con 8.235 1 2.0421 3.0853 2.4765 1.0578 0.1861Nu             ,           (10) 

 
where = b/a is ratio of the length of short and long sides of the microchannel.  

The right selection of nucleate boiling model hboil in Eq. (8) is very important for heat transfer 
prediction especially for the case of dominant nucleate boiling. It is well known that boiling surface 
treatment influence noticeably nucleate boiling heat transfer. The model for nucleate boiling heat transfer on 
a copper surface, which was treated by sandpaper using regular lathe machine, was presented in [37]. This 
model was used for prediction of R-134a nucleate boiling heat transfer on the copper surface of 
microchannel heat sink: 
  

     0.800.45 0.2 0.5
boil cr cr100 lgmh q p p p p Ra M

   ,  2.03.09.0 rpm  .       (11) 

 
The nucleate boiling suppression for thin film was accounted in [34] using boiling suppression factor 

sup  as the multiplier for nucleate boiling suppression term S in Eq. (8). For rectangular microchannel it is 
necessary to account the absence of nucleate boiling suppression in the meniscus area. The size of this area 
can be approximated as a half of the width of the channel short side and boiling suppression factor sup 
should be selected as follows: 

     babba   2105.2tanh 2
sup

32
sup .          (12) 

 

Here   




  3

108.0
_

4.06.0
tansup Prliqallxvis WeBody , liqwliqvisy 5  is thickness of the viscous 

sublayer in a liquid film, Box is the Boiling number defined via local liquid flow rate, dtan is diameter of 
active nucleus based on the Hsu’s tangential criteria for nucleation. For calculation of shear stress w the 
model [10] without liquid entrainment can be used. 

Flow boiling heat transfer coefficients vs. heat flux in microchannel heat sink made from copper [38] 
are shown on Fig. 12 for mass flux of 420 kg/m2s. Points show experimental data, which were obtained at 
distance of 25 mm from leading edge of the heat sink. The line shows the result of calculations according to 
nucleate boiling model (11). One can see that for refrigerant R-134a flow boiling, the obvious impact of heat 
flux on the magnitude of heat transfer coefficient is observed. It occurs, when nucleate boiling is the dominant 
mechanism for heat transfer. Nevertheless calculated values are not in complete agreement with the experimental 
data and the nucleate boiling model cannot predict precisely the flow boiling heat transfer. 

Fig. 14 shows the effect of quality on heat transfer coefficient in copper microchannel heat sink [38] 
for mass flux of 300 kg/(m2s), saturation temperature 28 C and heat flux on internal channel surface 
115 kW/m2. The increasing of the mass flux doesn’t effect on the value of heat transfer coefficient, which  
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Fig. 12. Flow boiling heat transfer coefficient vs. heat 
flux for vapor quality less 0.4 and average mass flux 
420 kg/(m2s). Line shows the result of calculations 
according to Eq. (11). 

 Fig. 13. Heat transfer coefficient vs. quality for mass 
flux 300 kg/(m2s). Points show experimental data, 
lines show the result of calculations according to 
models [23, 39] and Eq. (8). 

 
obviously does not depend on vapor quality. To compare experimental data with predictions according to 
existing models of flow boiling heat transfer the calculations according to flow boiling models [23] and [39] 
are presented as lines on Fig. 13. The model [23] shows decreasing of the heat transfer coefficient when 
vapor quality increases. Heat transfer coefficients according to model [39] don’t depend on vapor quality but 
they are smaller than the experimental values. Thin black line shows the calculations according to Eq. (8).  
 

CONLUSIONS 
New achievements in study of flow and heat transfer with phase change in minichannels and 

microchannels were discussed in this paper. The experimental data on the flow pattern and dual-laser 
scanning of the gas-liquid flows showed that elongated bubbles and annular flows are the basic flow patterns. 
The influence of capillary forces, disjoining pressure, wall roughness and shear stress was accounted in the 
theoretical model of the evaporation and condensation in rectangular microchannel. At evaporation the 
enhancement of heat transfer occurs due to the curved surface of the film and dry spots formation. Rapid 
evaporation near liquid-vapor-solid contact line could not be compensated by capillarity induced liquid flow 
and as a result the thermal apparent contact angle is established which is higher the equilibrium contact 
angle. 

The mechanism of heat transfer with flow boiling in microchannels still poorly understood because of 
the large number of parameters determining the degree of effects such as forced convection, enhancement 
and suppression of nucleate boiling, heat transfer deterioration and stability of boiling in assembly of 
channels. The new model of flow boiling heat transfer, which account nucleate boiling suppression and 
liquid film evaporation, was discussed in this paper. This model predicts the reduction of heat transfer 
coefficients at high vapor quality if nucleate boiling suppression is predominant. If the interface shear stress 
at high mass flux is sufficiently high to produce extremely thin liquid film, the model predicts the 
enhancement of heat transfer at high quality for flow boiling in microchannel heat sink. Proposed model of 
the flow boiling heat transfer was tested for the microchannel’s gap higher 300 mkm. It is the range of 
dimensions where the results can be applied. 
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Nomenclature 
Bo – Bond number, Box – Boiling number, Ca – Capillary number, Dh – hydraulic diameter, g – gravity 
acceleration, m – dimensionless film thickness, p – pressure, Pr – Prandtl number, Re – Reynolds number, T 
– temperature, u – velocity, We – Weber number, x – vapor quality. Greek characters:  – channel aspect 
ratio, c – capillary constant, κ – curvature, λ – thermal conductivity,  – kinematic viscosity, – density, 
– surface tension, τ – shear stress. Subscripts: b – bubble, liq – liquid, w – wall, sat – saturation. 
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Abstract 
The objective of this study is to provide a simple mathematical model to predict the performance of the 

heat pipe such as - the maximum heat transfer, the equivalent thermal conductivity and the thermal resistance 
based on the experiences of industrial products.The maximum heat transfer calculation is based on the 
maximum capillary force provided by the wick against the total pressure drop associated in the heat pipe.The 
calculation for the capillary force of the wick and pressure drop in heat pipe are based on traditional pressure 
drop formulae for vapor and liquid flow.For heat pipe thermal resistance calculation, a new proposal of an 
additional parameter function f(Leff) which accounts for the vaporand fluid flow pressure drop dependent on 
the heat pipe length.  This function dictates that the thermal resistance of heat pipe increases when heat pipe 
length increases.  If without this additional function, the heat pipe thermal resistance would remain constant 
regardless of heat pipe length, and this assumption could be incorrect.   

Analysis results showed that the maximum heat transfer and thermal conductance (inverse of thermal 
resistance) of heat pipe decreases with heat pipe length increases.  The correspondence equivalent thermal 
conductivity increases with heat pipe length increases in the maximum heat transfer limit range.  Theoretical 
calculation will be validated against experimental results and are discussed in this paper.   Equivalent thermal 
conductivity of a heat pipe is very useful for CFD software input. 

 
KEY WORDS 
Heat pipe, Vapour chamber, Qmax,Thermal resistance, Equivalent thermal conductivity, CFD 
 

 
1. INTRODUCTION 

In the commercial CFD(Computational Fluid Dynamics)simulation software, heat pipe is usually 
modelled as a solid metal with a fixed value of thermal conductivity.  This is not a correct assumption 
because heat pipe is a 2-phase heat transfer device, not a solid heat conduction device which has a unique 
thermal conductivity value.  Due to the Two-phase heat transfer, heat pipe equivalent thermal conductivity 
varies depend on numerous parameters such as heat pipe dimensions, geometries, wick structures, heat 
transfer capability, and so on.  The objective of this study is to provide a simple mathematical correlation 
model to predict heat pipe maximum heat transfer(Qmax), equivalent thermal conductivity, and thermal 
resistance.The calculated equivalent thermal conductivity then can be used in the commercial CFD software. 

   
2. FORMULATION 

The pressure drop calculation in heat pipe is generally shown in the equation 1.  The notations dPcap is the 
capillary pressure of the wick; dPL is the pressure drop of the liquid; dPv is the pressure drop of vapor; dPg is 
the gravitational pressure loss; and dPe and dPc are pressure drop due to evaporation and condensation at 
liquid-vapour interface respectively.  dPe and dPcare usually small and will be neglected in this analysis.  For 
heat pipe to function properly, the dPcap must be larger or at least equal to the sum of all the pressure losses 
mentioned above. 
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dPcap ≥ dP
L
 + dP

v
 + dP

g
 + dP

e
 + dP

c         
(1) 

 
 The analysis in this paper is only for copper heat pipe with working fluid of water, and wick is assumed 
spherical copper powder.  As shown in the equation 2.1, to increase capillary pressure will require high 

liquid surface tension , low contact angle  (ie. high liquid wettability) and small powder size for low 

effective pore size radius Reff which is estimated in the equation 2.2, and R is the radius of the copper powder. 
 

dPcap =            (2.1) 
 

Reff = 0.41R             (2.2) 
 

The formula for calculation of the liquid pressure drop is shown in the equation 3.1.  The notation L, mL, 
ρL and µL are length of heat pipe, liquid mass flow rate, liquid density, and liquid dynamic viscosity 
respectively.  High permeability K and large cross sectional flow area Aw of the wick will give low liquid 
pressure drop.  To achieve high permeability required larger powder size, but this would effect on lower 
capillary pressure.  Therefore, iteration is required to achieve the optimum condition.  The permeability can 
be calculated using the equation 3.2, where E is the porosity and R is the radius of the copper powder.  The 
optimum condition achieved by experiment is copper powder radius approximately 50um and porosity 50%. 
 

dPL =            (3.1) 
 

K =           (3.2) 
 

The equation 4 is for the vapor pressure loss calculation.  The notation d, f, L, Vv and ρv are hydraulic 
diameter of vapor flow cross sectional area, friction factor, length of heat pipe, vapor velocity and vapor 
density respectively.  Usually, the vapor pressure loss is small in comparison to liquid pressure drop. 
 

dPv =            (4) 
 

Pressure drop due to gravity effect is shown in the equation 5, where gis gravitational acceleration, h is 
liquid height and pL is liquid density.  Heat pipe has lower capillary pressure when it operates against gravity 
(ie. heating section is upper location than cooling section), and vice versa it has higher capillary pressure 
when it operates with gravity assist (ie. heating section is lower position than cooling section). 
 

dPg =             (5) 
The formula for calculating the heat pipe thermal resistance is shown in the equation 6.  In the traditional 

formulation there was no parameter f(Leff).  This parameter is newly incorporated to account for the 
vaporandliquid flow pressure drop which are dependent on the heat pipe length.  If without this addition 
parameter, the heat pipe thermal resistance would be remained constant regardless of heat pipe length, and 
this assumption may be incorrect.  The surface areas of evaporation and condensation of heat pipe are 
denoted as Ae and Ac respectively, and the corresponding heat transfer coefficient of evaporation and 
condensation are he and hc.  Based on our experimental test data from various products, the average 
evaporation and condensation heat transfercoefficiaent is approximately 15,000 W/m2.K 
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Rhp =             (6) 

 
Figure 1 shows schematicpresentation of the heat pipe.  L, Lc, and Lerepresent length of heat pipe, 

condenser, and evaporator respectively.  dX or Leff is defined as an effective length.  For comparison of 
thermal conductivity between a heat pipe and a solidmetal, we defined the thermal resistance of solid metal 
as shown in the equation 7.  The notation A, k, and Rsolid are cross sectional area, thermal conductivity, and 
conduction thermal resistance of solid metal respectively.  When equating equations 6 & 7, ie. Rhp=Rsolid, the 
equivalent thermal conductivity of heat pipe k can be calculated. 

 

solid

dx
R =

kA
             (7) 

 

 
Fig.1. Heat pipe schematic model 

 
3. CALCULATION RESULTS 

Figure 2 shows an example of calculation result for heat pipe maximum heat transfer (Qmax) and thermal 
conductance (G) against heat pipe effective length (Leff) for horizontal orientation.  Heat pipe has diameter 
6mm, 300mm length, and sintered powder wick of thickness 0.75mm, and has average powder size of 
100um diameter, and porosity approximately 50%.  As predicted, Qmax and G decreases when Leff increases 
due to the liquid and vapor pressure drop along the length of heat pipe.  Similarly, heat pipe equivalent 
thermal conductivity (Keq) and thermal resistance (R) increases with Leff as shown inFigure 3.  In electrical 
model, R=ρL/A is used.  R is electric resistance, ρis electrical resistivity, L is Length, and A is cross 
sectional area.  ρis always constant value which depends on material property.   However heat pipe is 
different with electric model.  Heat pipe ρis not constant due to two phase heat transfer having both end 
resistance 
by evaporation and condensation and fluid flow pressure loss, which are not linear relation.   Therefore 
equivalent thermal conductivity is always different value and it becomes higher value when length is longer.  
It is recommended that thermal resistance of heat pipe should be calculated after fixing dimension, etc, then 
it can be converted to equivalent thermal conductivity for CFD model. 
 

 
 
Fig.2. Heat pipe maximum heat transfer and thermal 
conductance vs. heat pipe effective length for 
horizontal orientation 

 
 
Fig.3. Heat pipe equivalent thermal conductivity and 
thermal resistance vs. heat pipe effective length for 
horizontal operating condition 
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Figure 4 shows a summary of heat pipe performance at various operating condition – horizontal mode 

(heating and cooling position on the same level); bottom heat mode (heating is lower position than cooling 
area); and top heat mode (heating is upper position than cooling area).  It is evidently showed that Qmax and 
G is highest for bottom heat mode where gravity assist the condensed liquid flow from the condenser to the 
evaporator.  Similarly, Figure 5 shows Keq is highest for botom heat mode.  Note that the rate of Keq 
increases lower for top heat mode compare to other modes, and at a certain point it decreases due to a large 
increase in heat pipe thermal resistance. Figure 6 shows heat pipe performance for various heat pipe diameter.  
Calculation results show that larger heat pipe diameter will give larger Qmax, but lower Keq. 

 
 

 
 
Fig.4. Heat pipe maximum heat transfer and thermal 
conductance vs. heat pipe effective length for horizontal, 
bottom and top operating conditions 
 

 
 
Fig.5. Heat pipe maximum heat transfer and equivalent 
thermal conductivity vs. heat pipe effective length for 
horizontal, bottom and top operating conditions 

 

 
 
 
 
 
 
Fig.6. Heat pipe maximum heat transfer and equivalent 
thermal conductivity vs. heat pipe effective length for 
various heat pipe diameter 
 

 
 

4. EXPERIMENTAL RESULTS 
 

Table 1 shows heat pipe samples configuration for testing.  There are 4 types consisting of 2 wick 
thicknesses 0.75mm and 1.5mm, and 2 lengths 200mm and 300mm.  Figure 7 shows a schematic diagram of 
the thermal test set up.  T-type thermocouples are placed along and on the external surface of the heat pipe.  
Heat input to heat pipe is by means of electrical heating cartridges embedded in a copper block which is 
sandwiched the heat pipe at one end.  The other end of the heat pipe is cooled by water flow in and out of the 
liquid cooling jacket in which heat pipe is enclosed. 

Figure 8 and 9 show heat pipe thermal resistance against heat input for wick thickness 0.75mm and 
1.5mm respectively.  Experimental results show it is comparable to the theoretical calculation.  At the time 
of writing this paper, there is no conclusive on the results due to limited samples tested.  More heat pipe 
samples of different diameter, length and wick thickness are being making for more extensive testing. 
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In regarding to the maximum heat transfer, the calculation and the experiment results are well in 
agreement for the thin wick 0.75mm as shown in figure 10.  However, for thicker wick 1.5mm, data are very 
much difference between calculation and experiment.  The hypothesis for the discrepancy is that for thicker 
wick, boiling occurinside the wick and generating vapor which block the liquid returning from the condenser 
to the evaporator, and that will cause “dry-out” of evaporator, and consequently increase heat pipe thermal 
resistance.  Figure 11 shows heat pipe equivalent thermal conductivity derive from the heat pipe thermal 
resistance experimental data. 

 
Table 1 Heat pipe configuration 

 
Type A Type B Type C Type D

Heat pipe OD (mm) 6 6 6 6
Heat pipe ID (mm) 5.5 5.5 5.5 5.5
Wick thickness (mm) 0.75 1.5 0.75 1.5
Heat pipe length (mm) 200 200 300 300
Evaporator length (mm) 40 40 40 40
Condenser length (mm) 80 80 80 80  

 

 
 

Fig.7. Schematic diagram of the thermal test set up 
 
CONCLUSIONS 
 Proposal of a new parameter f(Leff) in the traditional formula of heat pipe thermal resistance calculation to 

take into account of the effect of the vapour and the liquid pressure drop which are dependent on the heat 
pipe length. Otherwise,without this additionalparameter, the heat pipe thermal resistance would remain 
constant regardless of heat pipe length, and this assumption may be incorrect. 

 The maximum heat transfer calculation is well correlate with experimental results for thin wick thickness 
0.75mm.  However, it is not correlate forthicker wick thickness 1.5mm.The hypothesis for the 
discrepancy is that for thicker wick, boiling may occur inside the wick and generating vapor which block 
the liquid returning from the condenser to the evaporator, and that will cause “dry-out” of the evaporator, 
and consequently increase the heat pipe thermal resistance 

 The thermal resistance calculation is comparable to the experimental results.However, more samples data 
needed in order to make a more conclusive judgement. 

 The calculation and experiment result shows that the maximum heat transfer and the thermal conductance 
of heat pipe decrease when heat pipe length increase.  

 Heat pipe equivalent thermal conductivity increaseswhen heat pipe length increasesup to the maximum heat 
transfer limit.  One would expect that the equivalent thermal conductivity should be constant regardless of 
length just like a heat conduction in a solid metal.  However, because heat pipe transfer heat mainly by a 2-
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phase of evaporation and condensation heat transfer, the temperature differential with length is very small 
compare to the increase in heat transfer length.  Therefore, heat pipe equivalent thermal conductivity always 
increases with length.  But note that this is only applicable up to the maximum heat transfer limit of heat 
pipe.  If the length is longer than the calculated maximum heat transfer limit, then heat pipe thermal 
resistance can degrade significant, causing significant reduction in heat pipe thermal conductivity. 
 
 

 
Fig.8. Heat pipe thermal resistance vs. heat input for heat 
pipe wick thickness 0.75mm 
 

 
Fig.9. Heat pipe thermal resistance vs. heat input for heat 
pipe wick thickness 1.5mm 

 
 
Fig.10. Heat pipe maximum heat transfer vs. heat pipe 
length for wick thickness 0.75mm & 1.5mm 

 
 
Fig.11. Heat pipe equivalent thermal conductivity vs. heat 
pipe effective length for wick thickness 0.75mm 

 
 Due to the simplicity of the formulation, a simple modelling can be created in Excel Spreadsheet toeasily 

and quickly estimate the heat pipe performance such as - maximum heat transfer, equivalent thermal 
conductivity, thermal conductance and thermal resistance of heat pipe.  The modelling can be used to 
optimize heat pipe design parameters for a given design specification.The calculated equivalent thermal 
conductivity then can be used in the commercial CFD simulation software.Maybe a better approach to 
model heat pipe in CFD is to use heat pipe thermal resistance instead of equivalent thermal conductivity 
which is supposed for solid heat conduction device. 
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Abstract 
In this paper, we first review the fundamentals and latest progress in applications of additive manufacturing to 

development of next-generation, high-performance heat exchangers/thermal management systems for diverse 
applications. Next, we discuss a case study in which additive manufacturing was applied to enhance air-side heat 
transfer, including application to high temperature heat exchangers. We performed design optimization studies to 
analyze the impact of additive manufacturing in fabricating a compact, light weight, cross-flow, air-to-air advanced 
micro heat exchanger with a manifold-microchannel design that would significantly enhance the air-side heat transfer. 
We compare our results with state-of-the-art traditional manufacturing technologies.The advanced manifold-
microchannel heat exchanger design considered in the case study consisted of a manifold that feeds the flow evenly on 
top of a microchannel surface, where the air flow is distributed into multiple segments within the microchannel surface 
and travels for a short length (keeping the flow regime in the hydro-dynamically developing stage) in the microchannels 
before it is guided out. The innovative design characteristics of this heat exchanger result in substantially higher heat 
transfer coefficients and lower pressure drops compared to state-of-the-art heat transfer augmentation technologies. A 
numerical optimization study was performed to calculate the maximum effectiveness of the manifold-microchannel heat 
exchanger manufactured as a single piece by direct metal laser sintering, an additive manufacturing technique, for a 
specified set of operating conditions. For comparison purposes, similar optimizations were conducted for heat 
exchangers with the manifold fabricated by 3-D metal printing and the microchannel surface fabricated by competitive 
manufacturing techniques such as photochemical etching and laser micro machining. As discussed in this paper, the heat 
exchanger with the additively manufactured manifold and microchannel surface showed improved effectiveness with a 
smaller volume, compared to heat exchangers fabricated using other advanced manufacturing techniques.  
 
INTRODUCTION 

There is an active interest in the aerospace industry, among others, to develop lightweight, high 
temperature (~ 650 °C), high-performance air-to-air heat exchangers which can serve in aircraft environment 
control systems as well as other energy exchange components in the aircraft. New additive manufacturing 
technique shave shown tremendous potential for fabrication of complex geometries that can be assembled 
into a single piece, eliminating subsequent steps such as brazing and diffusion bonding that are currently 
used to assemble individually fabricated parts. However, with regards to heat and mass transfer applications, 
this promising technology is still in its nascent stage, and substantial research and development is required to 
address various challenges, including improving surface finishes, reproducing surface evenness, increasing 
speed of fabrication, applying additive manufacturing to common engineering materials of interest, and 
reducing fabrication cost.  

Several researchers, described here, have realized the importance of high temperature heat exchangers 
with operating temperatures of 550–1000 °C in a wide area of applications including aircraft systems, gas-
turbine recuperators, and gas-cooled reactors. As mentioned by Whittenberger et al. [1], one of the main 
functions of a high temperature heat exchanger is to recover waste heat from a hot exhaust stream, typically 
500–1000 °C, and to transfer the recovered heat for heating cold inputs to the system, such as fuel, air, or 
steam. One application of such high temperature heat exchangers is on aircraft, where they are used to cool 
compressor bleed air and the environmental control system air cycle outlet air, whose operating temperature 
is about 650 °C [2]. High temperature heat exchangers can also play a role in increasing gas turbine 
efficiency, as discussed by McDonald and Wilson [3].They predicted that the first decade of the 21st century 
would be an era for recuperated and regenerated gas-turbine engines. As reviewed by Min et al. [4], high 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7-10 September, 2015  

142 
X. Zhang et al. 

temperature recuperators usually have an operating temperature of about 580 °C in gas turbines. Gas cooled 
nuclear reactors are another example where high temperature heat exchangers are used [5]. In this application 
an intermediate gas-gas heat exchanger transfers heat to secondary systems that generate electricity or 
hydrogen [6]. Hada et al. [7] studied an intermediate heat exchanger required to transfer heat from about 800 
°C to the utilization process, and developed a helium-to-helium intermediate heat exchanger that operates at 
temperatures above 900 °C.  

As noted by Arie et al. [8], plate fin heat exchangers are widely used for heat recovery and energy 
conversion-based applications. However, plate fin heat exchanger technologies are a few decades old, and 
such designs have a limited scope for performance improvement. This points to a need for a new heat 
exchanger surface that can deliver better performance. One such advanced heat transfer surface is the 
manifold-microchannel. The manifold-microchannel was first studied by Harpole and Eninger in 1991 [9]. 
Since then numerous studies have been reported in the literature which have argued for the superior potential 
of this technology compared to conventional technology for multiple applications[8, 10–21]. In this work, 
the application of manifold-microchannels for high temperature applications was studied numerically.  
 
HEAT EXCHANGER SURFACE 

Conventional heat exchangers for high temperature applications consist of two plate fin surfaces in a 
cross flow configuration [2]. One of the most commonly used plate fin surfaces is the plain plate fin surface 
as shown in Fig. 1, which consists of a set of fins in parallel where the flow is passing along the channel in 
between the fins. The main disadvantages of such a surface is that since the air flow travels along the full 
length of the channel, the pressure drop is usually high, and flow becomes fully developed. 

The idea of the manifold-microchannel surface is to add a set of manifolds on top of the microchannels 
as shown in Fig. 2. Air flow enters the manifold channels, gets distributed into multiple segments within the 
microchannels and travels for a short length in the microchannel before it is guided out. Since the flow travel 
path is shorter, the flow remains in the hydro-dynamically developing stage, potentially resulting in higher 
heat transfer rates.  

 

  
 

Fig. 1. Plain plate fin surface  
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Fig. 2. Manifold-microchannel surface  
 
POTENTIAL FABRICATION TECHNIQUES 

There exists a limited number of polymer and metal heat exchangers constructed by additive 
manufacturing in the open literature. Therefore, the present literature review includes examples of heat 
exchangers constructed with additive manufacturing as an integral component of the fabrication process, but 
not necessarily the sole source of construction. Manufacturing methods including but not strictly utilizing 
additive methods will be referred to as “semi-additive” methods.  

Harris et al. [22] used LIGA (the German acronym for lithography, electroplating, and molding) to 
fabricate a poly(methyl methacrylate) (PMMA) heat exchanger for air to liquid applications [23]. A solid 
pattern was made by exposing a PMMA sheet to x-ray radiation through a patterned optical mask. The solid 
PMMA structure was then electroplated in a nickel sulfamate bath. Several machining operations were 
performed on the nickel structure to form the final mold insert. Finally, the nickel mold insert was used to 
emboss the two halves of the heat exchanger in PMMA. The completed heat exchanger was 5.1 cm square, 
and utilized channel widths on the order of hundreds of microns. The polymer heat exchanger design showed 
about three times higher heat transfer per volume compared with contemporary conventional heat exchangers 
for automotive cooling, showing the utility of a moderately scalable lithographic technique in the production 
of polymer heat exchangers with high heat transfer density. Harris et al. [24] later used the LIGA method to 
construct a nickel heat exchanger. Again, PMMA sheets were lithographically exposed to create a structure. 
The structure was then electroplated with nickel. Finally, the polymer was dissolved and the internal 
passages of the heat exchanger remained where the polymer had originally been. The nickel heat exchanger 
had seven times greater heat transfer per volume than conventional contemporary automotive heat 
exchangers [24]. Although the application of the nickel heat exchanger was not a particularly high 
temperature, the relatively high operating temperature of nickel conceivably makes this semi-additive 
manufacturing method capable of producing high temperature heat exchangers. 

Maloney et al. [25] similarly used micro-scale lattice structures formed from self-propagating 
photopolymer waveguides to make a liquid-liquid heat exchanger [23]. In this semi-additive method, 
collimated UV light was directed though an optical mask into a monomer bath to selectively cure it. 
Simultaneous illumination from multiple angles caused the light columns to intersect, curing the polymer in 
the form of a micro-scale lattice. Subsequently, the lattice was electroplated with nickel. Finally, the polymer 
was dissolved in a KOH solution, leaving only the nickel structure for the internal tubing of an HX. The 
construction was completed by soldering the exterior face sheets to the internal structure. The completed HX 
was about 2 cm long and 1cm in width and height. Tested with water-water heat exchange, the heat transfer 
per volume proved to be superior to Harris et al. [24].This manufacturing method demonstrates the utility of 
modern, scalable polymer AM methods in creating precise, complex geometries for enhanced heat transfer 
density. Since this heat exchanger was also constructed with nickel, it could conceivably be used for high 
temperature applications, although a high temperature bonding method would need to be implemented to 
fasten the external face sheets to the internal lattice structure.  

Liu et al. [26] used stereolithography to construct a mold for gel casting a silicon carbide micro heat 
exchanger. Stereolithography is also a common method of additively manufacturing polymer components. In 
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this method, a photopolymer bath is selectively cured by laser illumination. SLA can have high component 
accuracy, but often requires integrated supports to reduce thermal creep during manufacture. Photopolymers 
may also be inkjet printed and cured to additively construct polymer components (commonly referred to by 
licensed name PolyJet™). Similar to other methods, components made with this method are anisotropic, and 
build orientation strongly affects strength and fatigue life [27]. Fatigue life is not a significant consideration 
for gel casting silicon carbide, though, since the polymer mold was removed by firing after casting. The final 
heat exchanger was about 6 cm wide with channels 600 μm wide, 6 mm tall, and 3 cm long. Although heat 
exchanger performance was not reported, this report shows that precise geometries in compact heat 
exchangers can be manufactured with polymer additive manufacturing. Silicon carbide is well known for 
high temperature stability, as well as high thermal conductivity (although thermal conductivity is highly 
temperature dependent).  

Wang et al. [28, 29] used spin-coating of polyimide to make the first Joule-Thompson microcyrogenic 
cooler from wafer-level processes [23]. This manufacuring method requires a number of deposition, curing, 
masking, and etching methods, and as such the following is a brief overview of the process. Layers of 
polyimde were spin-coated onto a silicon wafer and cured. Sacrificial copper channels were then 
electroplated onto the polyimide structure. Polyimide was then spin-coated over the channels, and the 
process was repeated. In the final steps of precessing, the copper was etched out to form the heat exchanger 
channels. The completed HX was about 1.7 cm long, 5 mm wide, and 100 μm tall. Although the heat 
exchanger (one of the world’s smallest J–T cold stages) was not fabricated from strictly AM processes, and 
this is not a practically scalable method, it illustrated polymer AM as an enabling technology in the future of 
thermal management. It should be noted that polyimide has an exceptionally wide range of operation 
temperatures, ranging down to cryogenic temperatures and up to at least 450 °C with brief excursions to 
higher temperatures. 

Cevallos [30] tested a polymer heat exchanger built with AM processes as a proof of concept [23]. The 
test HX utilized a webbed tube design, as suggested by the work of Abdelazizand Radermacher [31]. This 
webbed tube design consisted of a planar array of tubes linked by a web of polymer, all of which were 
formed with pure polymer or polymer composite. Several polymer heat exchangers were built with fused 
deposition modeling (FDM) from neat polycarbonate and a polycarbonate-carbon fiber composite. Fused 
deposition modeling (FDM) is another common additive manufacturing method in which the polymer is 
extruded from a computer-controlled mobile nozzle and deposited layer by layer to form a part. FDM is 
currently a popular method for polymer additive manufacturing. It is commercially available with a variety 
of thermoplastic polymers [32] and may also be compatible with thermoset polymers [33]. FDM components 
have limited feature resolution due to bead width and a high degree of anisotropy from melted bead 
deposition onto cooled beads, in the case of thermoset polymers. Reduced anisotropy is a focus in the 
development of FDM, and recently it has been shown that exposing polymers blended with radiation 
sensitizers to radiation can significantly reduce anisotropy via covalent crosslinking between beads [34]. In 
the work of Cevallos [30], several polymer heat exchangers with the same geometry and materials were also 
injection molded. The final design was built for a gas-liquid heat exchanger and was about 6cm tall, 8 cm 
wide, and 12 cm long. Although performance-testing data were limited, the performance of the FDMed 
polycarbonate HX was comparable to the similar injection molded unit. This was the first reported work on 
manufacturing PHXs with common, scalable additive processes, and proves the utility of AM in heat and 
mass transfer devices.The polymer matrix material this heat exchanger was constructed from (polycarbonate) 
is not particularly well-suited for high temperature applications, but it should be noted that the carbon fiber 
filler increases thermal conductivity and also tends to increase thermal stability of the polymer. There is 
ongoing research to investigate the utility of carbon fiber in polymer additive manufacturing processes [35].  

Denkenberger et al. [36] also developed and tested a novel additive manufacturing method for polymer 
heat exchangers similar to the webbed tube design [23]. The unconventional additive manufacturing method 
consisted of adding a polymer film to a stack, then preferentially bonding the films. This “forward 
conduction welding” was controlled such that the depth of the bond only penetrated the desired layers. With 
precisely controlled depth and width of bond, the layers were bonded in such a way that passages were 
formed. Once fluid pressure was applied to the inlet(s) of the bonded sheets, the passages expanded to form 
microchannels. The heat exchanger was tested with liquid-liquid crossflow and showed an effectiveness of 
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72 %, as the 28 µm thick polyethylene channel walls (film thickness) and small hydraulic diameter (2 mm) 
provided very low thermal resistance. This process may be utilized for even smaller channel diameters, as the 
laser welding accuracy can be as high as 2 µm for a 100 µm weld width. The method is also applicable to 
other polymers, metals, and pre-ceramic polymers. This process can readily be configured for mass 
production of PHX construction, and is a very promising method for producing lightweight, low cost, 
corrosion/scaling/fouling resistant heat exchangers for a variety of applications. This manufacturing method 
is in some ways similar to laminated object manufacturing (LOM), another method for additive 
manufacturing currently under research. In LOM, layers of material are sequentially glued together and cut 
into shape with a knife or laser. There is also ongoing research in metal LOM [37]. 

The polymer heat exchanger concept developed by Denkenberger et al. [36] was further explored by 
comparing the performance of the design in gas-liquid heat exchange for power plant cooling to optimized 
(methods detailed in Arie et al. [8]) conventional heat exchangers for this application [23]. For a 12.2 MW 
unit, the computationally modeled polymer heat exchanger required 35 % more volume due to additional 
required surface area due to the lower thermal conductivity of the polymer in the polymer heat exchanger 
compared to a conventional stainless steel unit of equal capacity, effectiveness, and flow rate. In contrast, the 
polymer heat exchanger required 85 % less mass. The reduced mass increased the heat transfer per unit 
mass-inlet temperature difference, or gravimetric heat transfer density, (Q/m(Tin,air–Tin,water) by 556 %. 
Further, the coefficient of performance was increased by 27 % due to the decreased pressure drop in both the 
air and water side. This modeling effort shows that additive manufacturing of polymers can provide a new 
direction for the future of high-performance heat exchange devices. This manufacturing method may also be 
compatible with more thermally stable polymers, such as polyphenylsulfone, polysulfone, polyether ether 
ketone (PEEK), or poly (ether ketone) (PEK).  

Although no examples of heat exchanger construction with polymer laser sintering (LS) were found in 
the literature, the manufacturing method should be discussed because it is ubiquitous in polymer and metal 
additive manufacturing. In this method, a powder bed is selectively sintered with a laser such that the powder 
particles fuse together. Subsequently, another layer of powder is spread over the bed and the process 
continues. This straightforward approach to part formation makes this method compatible with many 
polymers and metals [38]. One of the advantages of selective sintering is that the underlying bed of powder 
supports overhanging features, reducing or eliminating the need for integrated scaffolding to prevent creep 
during solidification [38]. 

The most popular laser sintered polymer is currently polyamide 12 (PA12), occupying 95 % of the 
current market [38], due to its highly favorable properties for this manufacturing process [39], but there is 
also ongoing research on the use of laser sintering with higher performance, high thermal stability polymers. 
Berretta et al. [40] investigated the particle shape and size distribution of PEEK for LS applications, in 
addition to the effects of fillers on particle flow behavior in an effort to increase the practicality of additively 
manufacturing from the robust material. One of the key challenges in laser sintering a polymer with a high 
melting temperature is providing enough power to melt the material; this challenge has been addressed by 
spark plasma sintering PEEK with pulsed electrical current [41]. PEK, a member of the same polymer family 
as PEEK, has also been studied for manufacturing with laser sintering. The melting and glass transition 
temperature of PEK is substantially higher than PEEK [42], making it even more challenging to sinter. Using 
high temperature laser sintering, Ghita et al. [43] studied the mechanical and shrinkage characteristics of 
PEK, showing it is a viable polymer material for this process. Because of high material cost, there have also 
been efforts to test the reuse of PEK [42] and PEEK [44].  

Metal laser sintering uses a comparable method to polymer laser sintering, in which a powder is 
spread across a bed and selectively sintered with a geometrically controlled laser. Subsequently, a layer of 
powder is spread across the bed and the process is repeated until the part is complete. Hutter et al. [45] used 
selective laser sintering to fabricate precisely tunable metal foams and compared them to commercially 
available metal foams. The geometry of the sintered stainless steel foams were shown to increase the 
convective heat transfer compared to the commercial metal foam, with volumetric heat transfer reaching 
4.5 MW/(m3⋅K) at empty tube liquid Reynolds numbers ranging from 600 to 7600. Surface roughness, which 
can be produced by laser sintering of an AlSiMg alloy, has further shown to increase convective heat transfer 
by 73% in forced air convection over flat (rough) surfaces [46].  
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It should be noted that sintered parts are typically not fully dense because the powder particles are not 
fully melted, and thus form necks to adjacent particles, leaving air voids between particles. Increased laser 
power can be used to more densely melt the powders together, and is commonly referred to as a “laser 
melting” method. Metals that have been processed by laser melting include titanium alloys, nickel-based 
alloys including Inconel, iron-based alloys including stainless steel, aluminum alloys, and cobalt-based 
alloys [47]. One of the earliest reported heat exchangers fabricated by laser melting was a simple cross-flow 
design constructed of stainless steel [48]. The heat exchanger was approximately cubic with about 15 mm 
per side. The individual channel hydraulic diameters were 0.9 mm. This design produced a volumetric heat 
transfer coefficient of 3.14 MW/(m3⋅K) at a log mean temperature difference of 36 °C and hot water pressure 
drop of 3 bar. The same research group later developed more radical heat exchanger designs which would be 
difficult or impossible to manufacture with conventional, non-additive, manufacturing methods [49]. Five 
heat exchanger designs were constructed from aluminum 6061. The five designs consisted of a circular pin-
fin, a rectangular pin-fin, a rounded-rectangle pin fin, an elliptical pin fin, and a lattice structure. Although 
none of the geometries was optimized, it was shown that laser melting can be a highly useful tool in the 
design and rapid testing of complex heat exchanger designs.  

Metal layers can also be added by successively “electron beam melting” (EBM) powder layers. 
Electron beam melting and laser melting require different environments and processing parameters [50], but 
are quite similar regarding the general process. Electron beam melting additive manufacturing is newer than 
laser-based methods, and may have advantages including energy efficiency, high scan speeds, and moderate 
operation costs [51, 52]. Metals processed with EBM include aluminum alloys, tool steel, and cobalt-based 
superalloys [51]. Recently, open-cellular copper structures have been fabricated with EBM [52]. The 
structures were not used as heat transfer devices, but the quality and grain structure of the copper were 
analyzed, and it was suggested that these structures could be useful for higher operating temperatures than 
aluminum, with the further advantage of higher thermal conductivity. Most recently, components constructed 
from copper of 99.94 % have been reported with EBM 53.  

There exists a class of additive manufacturing methods in which the powder is selectively deposited 
from a mobile nozzle and the deposited material is then melted as a successive layer. Metal deposition 
methods include direct metal deposition, shaped metal deposition, and laser engineered net shaping [47]. 
Currently, metal deposition methods are not as commercially common as powder bed methods, perhaps due 
to the additional complexity of metal deposition. The major advantage of powder-bed methods is that 
overhangs and internal volumes can be created, since there is always a volume of powder surrounding the 
sintered/melted areas—this may not be the case for metal deposition methods. Conversely, a disadvantage to 
powder-bed methods is that all powder must be removed once the part is completed. There is further a class 
of powder bed methods in which the part is not sintered in-place, but in which each layer of powder is 
selectively bound in place. Then, the “green” part is removed, cleaned and sintered in an oven. License 
names for these technologies include 3DP™ and Prometal.  

In the current work, the implementation of additive manufacturing (3D metal printing) for a cross-
flow, air-to-air, high temperature manifold-microchannel heat exchanger was investigated. The fabrication 
technique assessed for manifold manufacturing is direct metal laser sintering (DMLS), which was developed 
as the first commercial rapid prototyping method to produce metal parts in a single process [54]. For the 
microchannel surface, several fabrication techniques, including DMLS, photochemical etching, and laser 
micromachining, were evaluated. However, when the manifold and microchannel surfaces were both 
manufactured by DMLS, the heat exchanger core could be fabricated as a single piece, thereby eliminating 
secondary processing stages such as brazing and diffusion bonding. In other alternative techniques 
(photochemical etching and laser micromachining) evaluated for the microchannels, the 3D printed 
manifolds were assembled with the microchannels by diffusion bonding. 

Photochemical etching is a process by which a concentrated acid is used to remove material to shape a 
desired structure [55]. However, since etching on metals is isotropic, it is hard to fabricate microchannels 
with rectangular cross sections.  

Laser micromachining of metallic materials is a manufacturing process where the material is removed 
via melting and vaporization to form the desired shape [56]. A gas or fluid often assists to improve the cut 
quality, expel molten metal, and minimize the heat affect zone. 
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Diffusion bonding is a solid-state joining process by which two nominally flat surfaces are joined at an 
elevated temperature using an applied interfacial pressure for a period ranging from a few minutes to a few 
hours [57]. This process is a secondary process used to bond together manifolds and microchannel surfaces 
into stacks which form a heat exchanger core. However, for certain materials a thin bonding aid layer such as 
an Ni-layer is required, which may add additional thermal interfacial resistance to the assembly core.  
 
OPTIMIZATION CONSTRAINTS AND METHODS  

 
Optimization was performed to calculate the highest performance of the manifold-microchannel heat 

exchanger for given operating conditions. The manifold-microchannel heat exchanger consists of a manifold-
microchannel surface on both hot and cold sides. The optimization objective is to maximize effectiveness (ε) 
of a cross-flow heat exchanger. The optimization was performed for three different manufacturing 
constraints: direct metal laser sintering, photochemical etching, and laser micromachining. The geometrical 
and flow constraints for all three manufacturing methods are shown in Table 1 for both the hot and cold side. 
The geometrical constraints were based on the practical heat exchanger size and manufacturing limit as 
recommended by the manufacturers [58–60]. The geometry was normalized by a frontal area length scale 
(Lfront) of 0.127m. The frontal area length scale was calculated based on the maximum possible heat 

exchanger size (Lfront = 3
totV ). The heat exchanger volume (Vtot) was 2 dm3. In addition to the geometrical 

constraints, there wereperformance constraints that needed to be imposed, as shown in Table 1, where Refront 
is Reynolds number calculated based on the frontal area as  
 

( )μ= frontalfrontfrontfront ARe mL   (1) 

 

and the performance constraints are adopted based on the typical performance of a high temperature heat 
exchanger mentioned in the aircraft application [2].  

Approximation-assisted optimization was employed to calculate the maximum heat capacity and the 
dimensions that yield such performance. The main advantage of such method is that it can reduce 
computational time significantly by using a metamodel to predict the performance of the heat exchanger 
using the known information of the system. The optimization process was divided into four stages. The first 
stage was Design of Experiment (DOE), where initial sampling was performed using the space filling 
method developed by Aute et al. [61]. The performance of the sampling points was then evaluated 
individually. The second stage was to create a metamodel using sampling points as input. Dace, a Kriging-
based metamodel toolbox developed by Lophaven et al., was used for this purpose [0]. The third stage was 
the optimization process, which utilized genetic algorithm method. The basic principle of the genetic 
algorithm is to use a concept like natural selection to eliminate inferior solutions and retain high performance 
solutions. The last stage was to validate the metamodel by calculating the actual performance of the heat 
exchanger and comparing it to the one predicted using the metamodel. If the error between the prediction and 
actual values is small, the process concludes. Otherwise, the metamodel is recreated using the validation 
points as additional sampling points. The process is repeated until sufficiently low metamodel error is 
obtained.  
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Table 1. Optimization Constraints 

 3D Metal Printing 
Photochemical 

Etching 
Laser Micro-

machining 

Geometrical Constraints (Hot and Cold sides) 

Remnd 100–16,000 
Lchn/Lfront 0.00197–0.0328 Wchn/1.1 >0.00328 
Wchn/tfin 0.5–5 

Wchn/Lfront 0.00131–0.00656 0.000525 0.00131–0.00656 
Wmnd–chn/Lfront  0.0262–0.0656 
Hmnd,top/Lfront  0.00656–0.656 

n 30–1000 
Win/Wmnd–chn  0.1–0.9 

Tfin/Lfront >0.000984 0.000525 >0.000328 
Hmnd,bottom/Lfront 0.00197 

Wmnd/Lfront 0.00328 
Hbase/Lfront 0.00197 

(Hchn,hot+ Hchn,hot+Hbase)/Lfront N/A 0.0000853–0.0133 N/A 
Performance Constraints 

Tin,hot 40° C 
Tin,cold 650°C 
Δphot 4.2 % of system pressure on hot side 

Δpcod 2 % of system pressure on cold side 
Refront,hot 18,000 
Refront,cold 18,000 

 
NUMERICAL METHOD TO EVALUARE MANIFOLD-MICROCHANNEL 
HXPERFORMANCE  

The pressure drop and heat transfer performance of the manifold-microchannel heat exchanger were 
evaluated using the modified hybrid method developed by Arie et al. [8]. The method involved using single 
manifold-microchannel CFD simulation to calculate heat transfer coefficient and pressure drop in the 
microchannels. The manifold pressure drop, on the other hand, was calculated by solving a 1-D differential 
equation of mass and momentum balance in the manifold-channel. The detailed description of the method 
can be found in Wang et al. [8]. 

The combined heat capacity (Qtot) of the cross-flow heat exchanger was evaluated by first calculating 
the heat capacity in each stack (Q1 stack). To do the calculation, first a single stack heat exchanger needs to be 
divided into Nhot sections on the hot flow direction and Ncold  sections on the cold flow direction, each 
consisting of a single manifold-microchannel pass. An example is shown in  for a single-stack cross flow 
manifold-microchannel heat exchanger with two passes in both the hot and cold sides (Nhot = 2 and Ncold = 2), 
which are subdivided into four components each with a single manifold-microchannel pass. Heat flow rate 
for each section can then be calculated by performing an energy balance on that section. The detailed steps 
for Qtot calculation are as follows:  
1. Set the temperature boundary condition: 

Thot,in,(i,1) = Thot,in  for i = 1 to Ncold 
Tcold,in,(1,j) = Tcold,in for j = 1 to  Nhot  

2. Set i = 1 and j = 1 
3. Perform an energy balance on the section i,j by solving Eqs. (2) –(5) to solve for heat capacity (Qi,j), 

cold-side exit temperature (Tcold,out,(i,j)), hot-side exit temperature (Thot,out,(j,i)), and base temperature (Tb,.(i,j)) 
where hhotand hcold  are known variables hot-side and cold-side heat transfer coefficients, calculated using 
the hybrid method, and Abase  is total base area of the heat exchanger evaluated as Abase = Ltot,hot×Ltot,cold.  
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4. Set Thot,in,(i,j) = Thot,out,(i,j)   
and Tcold,in,(i+1,j) = Tcold,out,(i,j)  

5. Update i value: i = i+1 
6. Repeat step 3–5 until i = Ncold  

7. Update j value: j = j+1 and re-set i = 1 

8. Repeat step 3–7 until j = Nhot  

9. Calculate the total capacity of each stack as  = =
= hot cold

1 1 ,stackstack1

N

j

N

i jiQNQ   

10. Calculate the total capacity of the heat exchanger as stack1stacktot QNQ = , where stackN  is the total number of 

stacks.  
 

 
 

(a) (b) 
Fig. 3. Computational domain: (a) full model, (b) subdivided models  

 
The main assumption for each computational domain (i, j) is that the base temperature remains 

constant. This is a fair assumption because for the case of single manifold-microchannel pass, a uniform inlet 
temperature in all microchannels is expected, as the flow is forced from the top of the microchannels. 
Because both the hot and cold flows have uniform inlet temperature, a constant base temperature is expected.  

 
RESULTS AND DISCUSSION 

The optimization results for all three manufacturing constraints are shown in Table 2 for effectiveness 
(ε) and heat exchanger solid density (Vsolid/Vtot). Comparing the results, the heat exchanger with microchannel 
and manifold both fabricated by DMLS provided the highest effectiveness and lowest heat exchanger solid 
density. An 18 % effectiveness improvement and a 37 % solid density reduction are possible compared to the 
heat exchanger manufactured by photochemical etching, and 8 % effectiveness improvement and 20 % solid 
density reduction are possible compared to a heat exchanger manufactured by laser micro machining. Since 
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the build material for all three heat exchangers is assumed to be the same, a lower solid density implies a 
lower mass of the heat exchanger design. 

Besides higher effectiveness and lower heat exchanger solid density, there are also other benefits of 
heat exchangers manufactured by DMLS. First, DMLS of the entire heat exchanger core as a single piece 
eliminates the necessity of subsequent steps. Second, the DMLS technique is quite efficient, saving 
fabrication time and reducing material wastage as compared to other conventional techniques. Third, additive 
manufacturing is highly effective in fabricating extremely complicated and compact geometries, which can 
aid in developing minute feature sizes that will potentially yield higher performance using a variety of 
materials as compared to any of the current conventional fabricating techniques. 

 
Table 2. Optimization Results 

Microchannel Surface Manufacturing 
Process 

Manifold Manufacturing Process Optimized Results 

3-D Metal Printing 3-D Metal Printing 
ε = 0.582  

Vsolid/Vtot = 0.179 

Photochemical Etching 3-D Metal Printing 
ε = 0.492  

Vsolid/Vtot = 0.286 

Laser Micromachining 3-D Metal Printing 
ε = 0.538  

Vsolid/Vtot = 0.225 

 
CONCLUSIONS 

A numerical-based optimization study was performed to calculate the maximum effectiveness of a cross flow 
manifold-microchannel heat exchanger with both manifold and microchannel surface manufactured by direct metal 
laser sintering for a specified set of operating conditions. For comparison purposes, similar optimizations were 
conducted for heat exchangers with the manifold fabricated by direct metal laser sintering and the microchannel surface 
fabricated by manufacturing techniques such as photochemical etching and laser micromachining. The optimization 
results show that the heat exchanger with the additively manufactured manifold and microchannel surface as a single 
piece provides the highest effectiveness and lowest heat exchanger solid density when compared to the designs built 
using other advanced fabrication techniques for the same mass flow rate, pressure drop, and overall size volume. The 
results indicate 18 % heat transfer capacity improvement and 37 % solid density reduction compared to 
photochemically etched microchannels, and an 8 % heat capacity improvement and 20 % solid density reduction 
compared to laser micro machined microchannels.  
 

Nomenclature  
A – area of the microgroove surface base [m2];  Cp – specific heat [J/(kg⋅K)];  D – hydraulics diameter 

[m];  f – friction factor [-];  k – thermal conductivity [W/(m⋅K)];  Hchn – microchannel high [m];  Hbase – 
microgroove surface base high [m],  Hmnd,top  – manifold wall high [m]; Hmnd,base  – manifold base high [m];  h 
– heat transfer coefficient [W/(m2⋅K)];  Lchn – microchannel length [m];  Lfront  – frontal area length scale [m];  
m – mass [kg];  m  – mass flow rate [kg/s];  n – total number of microchannels [–];  Nu – Nusselt number [–
];  Ncold – total number of manifold-microchannel passes on cold side [–],  Nhot – total number of manifold 
microchannel passes on hot side [–];  Nst – total number of stack [–];  p – pressure [Pa];  Δp – pressure drop 
[Pa];  Q – heat transfer rate [W];  Refront – Reynolds number based on frontal area, 
( ( )μ= frontalfrontfrontfrontRe AmD  ) [–];  Remnd – Reynolds number based on manifold channel, cross section 

area, ( ( )μ= mndmndmndmndRe AmD  ) [–];  T – temperature [°C];  ΔT – inlet temperature difference [°C];  tfin  – 

fin thickness [m];  U – overall heat transfer coefficient [W/(m2⋅K)];  v – velocity [m/s];  Vsolid – solid volume 
[m3];  Vtot – overall-size volume [m3];  Win – width of the microchannel entrance [m];  Wchn – microchannel 
width [m];  Wmnd – manifold wall thickness [m];  Wmnd–chn – manifold channel width [m].  
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Greek Symbols  
μ – dynamic viscosity [kg/(m⋅s)], υ – kinematic viscosity [m2/s], ρ – density [kg/m3], ηfin – fin 

efficiency [%], ε – heat exchanger effectiveness [–].  
Subscripts 

chn – microchannel, cold – cold side flow, f – flow, front – frontal, hot  – hot side flow, HX – heat exchanger, 
in – inlet, out – outlet, mnd – manifold, stack – stack.  
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Abstract 
Investigation of the evaporation dynamics in a liquid layer under agas flow was conducted. Correlation 

dependences of the evaporation rate from the gas flow rate and temperature for "ethanol - air" system were obtained. 
Comparisons to existing experimental data are presented.The dependence of the evaporation rate growth with increasing 
the temperature is observed to have virtually the same tendency for the experimental two-phase systems and not to 
depend on the thermophysical properties of the liquid and gas.  

 
KEYWORDS 

Liquid layer, two-phase system, evaporation rate, gas flow rate, “ethanol-air” system, “HFE-7100-
nitrogen” system. 

 
 

INTRODUCTION 
One of the most challenging technical decision for heat engineering equipment cooling with high local 

heat generation is an usage ofthe intensive evaporating liquid layer streamlined by the gas flow[1, 2]. 
Nowadays there is a development in the field of heat exchangers with small dimensions. Such exchangers are 
capable of removing heat fluxes of up to 1000 W/cm2.In spite of increasing interest in the two-phase flow in 
mini- and microchannels, numbers of the experimental [3, 4] and theoretical studies [5-7] are not enough for 
modelingthe heat and mass transfer processes duringblown by the gas flowliquid layer evaporation from the 
local surface. 

The purpose of the present work is determining experimentally the effect of the temperature and flow 
rate of the gas moving along stationary liquid layer on the evaporation rate under conditions of stable plane 
interface “liquid-gas” formation. 

 
RESEARCH METHOD 

The research was conducted on the experimental rig (Figure 1) under atmospheric pressure in the test 
cell circuit. The concept of the experiment involves the use of previously tested [4] methods for studying 
convection, currents and heat transfer formation in the horizontal stationary liquid layer under the influence 
of the gas flow. New rig (Fig. 1) differs from the known [4] by implementing moving liquid layer along the 
gas flow in the test cell, using more accurate control and measurement systems, widening the variation range 
of the gas and liquid parameters (temperature – from 10 to 70 °C, gas flow rate – from 100μl/min to 
1000μl/min (Re = 30–3000), liquid flow rate –from 0.03μl/min to 100μl/min). Using the condensation-
separation system allowed to monitor the vapor concentration in the vapor-gas mixture, and using the 
pressure regulator and the vacuum pump allowed to change the pressure in the "gas-liquid" from 0.05 to 
0.1 MPa. 

When performing experiments the gas from cylinder 1 flows into a closed circuit and then it is filled. 
The vapor-gas mixture(depending on the setting of the condensation-separation system 2)circulates through 
the test cell 3 by the gas circulation pump 4. The gas flow rate entering the test cell is controlled by the flow 
controller 5, the output is measured by the flow meter 6. The vapor portion (vapor-gas mixture) flowing to 
the condensation-separation system 2is condensed. Condensed vapor is drained by the peristaltic pump 
7through the separator into the container 8 with initial liquid. The pump 7 is used to maintain a constant level 
of the evaporating liquid layer in the evaporation zone 9. An evaporated liquid returns to the container 8. 
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When closing the valve 10 an operation mode with a stationaryliquid layer is activated.The gas pressure is 
measured by the sensor 11, the temperature of the gas and liquid is measured by the thermistors 12-13 and 
14-15 (upstream and downstream of the test cell, respectively). The gas temperature is kept constant by 
distilled water,pumped through the channels 17 by the thermostatic bath 16.  
 
 

 
 

 
Fig. 1. A schematic view of the experimental rig: 1 – gas bottle, 2 – condensing separation system, 3 – 
test cell, 4 – gas compression pump, 5 – flow controller, 6 – flow meter, 7 – peristaltic pump, 8 – 
container, 9 – evaporation zone, 10 – valve, 11 – pressure sensor, 12, 13/14, 15 – gas and liquid 
temperature sensors at the inlet/outlet of the test cell respectively, 16 – thermostatic bath, 17 – 
channels, 18 – thermoelectric module, 19 – copper plate, 20 – pressure controller, 21 – vacuum pump, 
22 – shutter of pressure controller, 23 – gas reservoir, 24 – optical shadowgraph technique, 25 – liquid 
chamber, 26 – gas channel, 27 – stainless steel wafer with a hole for liquid and gas contacting, 28 – 
slot nozzle, 29 – draining zone 

 
The thermoelectric module 18, heating the copper plate 19 provides the necessary temperature 

difference between the gas and the evaporating liquid. The pressure controller 20 and the vacuum pump 21 
are used to monitor the gas pressure. By lowering the pressure in the closed circuit below a maintained value 
the shutter of pressure controller 22 opensautomatically, and the gas from the reservoir 23 enters to the test 
cell.Shadow method 24 [4] was used to control the interfaceposition.  

The test cell consists of the liquid chamber 25 (40mm wide and with variable height from 1 to 10mm) 
and the gas channel 26 of rectangular cross section (3mm high, 40mm wide, 150mm long). The upper wall of 
the liquid channelis the stainless steel wafer (200 mm wide) with square hole for liquid and gas contacting. A 
local evaporation region is formed in this hole. The wafercan be fitted with different sizes of the hole. Liquid 
is supplied through the slot nozzle 28, passing through the chamber 25, evaporates and enters to the draining 
zone 29. 

The steam flow rate from the liquid layer surface blown by the gas flow was controlled by two 
independent methods, proven in [4] (by calculating the average flow rate and by measuring the difference of 
thegas flow rates at the inlet and outlet of the test cell). 

Experiments were conducted underthe atmospheric pressure in the test cell.The stationary liquid layer 
3 mm thick and gas used were ethanol (95 % wt.) and air. The evaporation surface was constant (100mm2). 
Two series of experiments were conducted. The first series was hold at the constant gas flow rate – 500 
μl/min.It corresponds of its average velocity 0.06 m/s. The equality of liquid layer and gas temperatures was 
varied from 20 to 40 °C in increments of 5 °C with an accuracy of no more than 0.1 °C. At the second series 
the gas flow rate was varied from 100 to 500 μl/min in increments of 100μl/min.It corresponds of the 
average velocity from 0.0139 to 0.0694m/s. The liquid and gas temperatures were constant (25 °С).  
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RESULTS AND DISCUSSION 
Figure 2 presents the dependence of the mass evaporation ratefrom the temperature at constant average 

gas velocity for “ethanol-air” system (the first experimental series – trend line 1) and results [4] for “HFE-
7100-nitrogen” (trend line 2). Mass evaporation rate is found to grow at increasing liquid and gas 
temperatures. To the best of our knowledge, it happens because of increasing the kinetic energy of the 
molecules with increasing temperature. Dependencesof the mass evaporation ratefrom temperature Ql 
(T)(Figure 2) are close to linear and well described by power functions: 

 

“ethanol-air” system: 1.22
1lQ C T= ⋅      (1) 

“HFE-7100-nitrogen” system: 1.17
2lQ C T= ⋅     (2) 

 
where lQ  – is the mass evaporation rate, kg/m2·s; T is the liquid and gas temperature, ˚С; 1 2C ,C  – 

coefficients 5
1C 2.0 10−= ⋅  and 3

2C 1.0 10−= ⋅  for ethanol and HFE-7100, respectively, kg/(m2·s˚·С). 
Comparing the expressions (1) and (2),relatively close values of the power exponents should be noted. Their 
difference is less than 5%. Accordingly, the inclination of lines 1 and 2 in Fig. 2 are also close in value. It 
can be concluded that the dependence of the mass evaporation rate on the gas and liquid temperatures for 
different liquids has almost identical character. 

 

 
Fig. 2. Mass evaporation rate as a function of the temperature: 1 – ethanol (95 % wt.) and 
air; 2 – HFE-7100 liquid and nitrogen (99.8 % wt.)[4].Gas velocity is 0.06 m/s. Symbols 
indicate the experimental data for different working liquids and gases. 

 
Figure 3 presents the dependence of the mass evaporation ratefrom the average gas flow (at the same 

temperatures of the liquid and gas) for “ethanol-air” system (the secondexperimental series – trend line 1) 
and results [4] for “HFE-7100-nitrogen” (trend line 2). lQ is found to increase with increasing the gas 
velocity.  

Dependences of QlfromUg (Figure 3) are described by the following power approximation: 

    “ethanol-air” system: 0.54
1l gQ B U= ⋅      (3) 

    “HFE-7100-nitrogen” system: 0.176
2l gQ B U= ⋅     (4) 

where gU  is the average gas velocity, m/s; 1 2B ,B arecoefficients 3
1B 4.0 10−= ⋅  and 2

2B 6.0 10−= ⋅  for 

ethanol and HFE-7100 respectively, kg/m3. 
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The power exponents in Eq. 3 and 4 differ by more than 65 % because of different inclination of lines 
1 and 2 (Fig. 3). It indicates that the evaporation rate grow that increasing the average gas velocity depends 
essentially on the properties of the working liquids. 
 

 
 

Fig. 3. Mass evaporation rate as a function of the average gas velocity: 1 – ethanol (95 % wt.) 
and air; 2 – HFE-7100 liquid and nitrogen (99.8 % wt.)[4].Gas and liquid temperature is 25 °C. 
Symbols indicate the experimental data for different working liquids and gases. 

 
The latent vaporization heat of HFE-7100 liquid is known to be greater in eight times than one of 

ethanol. Therefore, dependences Ql(T) and Ql(Ug) (Figures 2, 3) for “HFE-7100-nitrogen” system is placed 
higher than for “ethanol-air” system. In addition, the boiling temperature of HFE-7100 (61 °С) at the 
atmospheric pressure is less than that of ethanol(78 °С). Accordingly, at the same conditions of heat supply 
from the substrate HFE-7100 evaporates more intensive. It can be concluded that the constants in power 
functions (1)–-(4) depend only on the liquid and gas thermophysical parameters. 

After conducting the experiments on the experimental rig (Fig. 1) the effect of the interface area on the 
evaporation rate was found. The gas flow was ranged from 100 to 1000 ml/min. It corresponds of the 
average velocity from 0.0139 to 0.139 m/s. The experiment was repeated at gas and liquid temperatures in 
the range of 10–50 °C in increments of 10 °C. The interface area was equaled to 100 mm2, 400 mm2,900 
mm2. Dependences of the liquid evaporation dynamics on the gas velocity at the interface area of 100 mm2, 
400 mm2, 900 mm2are presented in Fig. 4.  

It is found that the maximum evaporation rate is achieved at a gas velocity about 0.125 m/s 
independentlyof the contact area between gas and liquid. Increasing the gas velocity does not lead to an 
increase of theethanol mass evaporation rate.  

 
CONCLUSION 

The investigation of the evaporationdynamics in the liquid layer under the influence of the gas flow 
was performed. Correlation dependences of the evaporation rate from the gas flow rate and temperature for 
"ethanol - air" system were obtained. Comparisons to existing experimental data are presented. The 
dependence of the evaporation rate growth with increasing the temperature is observed to have virtually the same 
tendency for the experimental two-phase systems and not to depend on the thermophysical properties of the liquid and 
gas.Dependences of the mass evaporation rate from the temperature are well described by power functions as 
well as dependences of the mass evaporation rate from the average gas flow.  

 
The work was realized within the research state assignment “Science” №13.1339.2014/K (Code of 

Federal Target Scientific and Technical Program 2.1410.2014). 
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Fig.4. Mass evaporation rate as a function of the gas velocity at varying gas and liquid 
temperatures: (a) – with interface size of 10×10 mm; (b)– with interface size of 20×20 mm; 
(c) – with interface size of 30×30 mm. 
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Abstract 
Nanofluids are terms representing combinations of nanoparticles and base fluids and used as working mediums 

in heat transfer technologies. The nanoparticles possess high thermal conductivity property; they can improve overall 
heat transfer properties of the base fluids (low thermal conductivity) mixed with the particles. In the nanofluid flow, the 
nanoparticles flowed together with the base fluid and the particles could be assumed to distribute themselves uniformly 
throughout the base fluid, the nanofluid flow could also be assumed as the fluid flow through the uniform porous media 
with nanofluid properties. This work presented a mathematical model of the nanofluid flow which has been developed 
as the steady flow of the base fluid through the porous medium of the Al2O3 nanoparticles. The simulated nanofluid 
flow was to be under fully developed laminar flow condition through a rectangular pipe. The governing equations 
written in terms of the 3-D dimensionless variables were solved through an in-house program by using the finite 
volume method with the SIMPLE algorithm. Since the Al2O3/water nanofluid flow was simulated as the flow through 
the porous media, so effects of the porous media characteristics; porosity and thermal conductivity, were studied. The 
porosity values of 0.98 were considered for the nanofluid volume fraction of 0.02% as relationships between the 
porosity and the volume fraction. The mixing thermal conductivity model; Yu and Choi model coupled with Maxwell 
model, was applied for the thermal conductivity model of the porous media. From results, the assumed relationships 
between the porosity and the volume fraction could be proved to be satisfied; this implied that the particles were 
distributed uniformly throughout the fluid and the nanofluid flow could be taken as the fluid with the nanofluid 
properties flowing through the porous media. The developed model using the mixing thermal conductivity model with 
the porous media assumption could improve the model performance and supported its excellent potential in the 
nanofluid simulation as the porous media. 

 
KEYWORDS 

Nanofluids, Fully developed laminar flow, Mathematical modeling, Porous media, Al2O3 nanoparticles  
 
 

INTRODUCTION 
Nanofluid is a new type of working fluid to enhance heat transfer rates. Combinations of nanoparticles 

and base fluids are applied as working fluids in heat exchanger technology; coolants to increase heat transfer 
performance in electronic devices, automotives, air conditioning and power generators. Since thermal 
conductivities of the solid nanoparticles are high and typical particle diameter scales of 1–100 nm can be 
suspended in the base fluids (low thermal conductivities), the nanofluids have shown their enhancements in 
the effective thermal conductivities and the convective heat transfer coefficients. The thermal conductivities 
of the particles; metallic or nonmetallic materials such as Al2O3, CuO, Cu, SiO, TiO, are typically order of 
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magnitude higher than the base fluids even at low concentrations, resulting in significant enhancements in 
the heat transfer coefficients [1, 2]. 

There are several approaches which can be used to simulate fluid flow with solid particles such as 
single-phase flow, two-phase flow and fluid flow through porous media. In the single-phase approach, the 
combination is considered as one homogeneous fluid or no slip condition. Although several numerical and 
experimental studies concerning the heat convection in heated enclosures containing nanofluids were 
published, most of them concentrated on the nanofluids in cavities and only few of them considered the 
nanofluid as a porous medium [3]. 

Özerinç et al. [4] compared their results which were obtained from the single-phase model by the finite 
different method with different the Al2O3 nanofluid volume fractions at 1, 1.5, 2 and 2.5 % with the 
experimental data of the heat transfer coefficients in the Al2O3 fully-developed laminar flow. Their numerical 
results, at 2 % volume fraction, was in very good agreement with the experimental data at the same nanofluid 
volume fraction. They presented that taking variable thermal conductivity and variable thermal dispersion 
into account in nanofluid analysis significantly improved the numerical accuracy. Since the single-phase 
model is simple, easy to understand, and less complicated, one can developed the single-phase model easily 
and widely when the nanofluid is assumed to flow similar to other fluid, therefore, they should flow as the 
single-phase flow. They proved that the simple assumptions and flow model could be used to estimate the 
heat transfer coefficients of the new nanofluids efficiently [3]. 

Tongkratoke et al. [5] applied the single-phase  model as the numerical method to analyze the heat transfer 
performance of the Al2O3/water nanofluid, based on the theoretical models. The nanofluid was assumed to flow 
under laminar fully developed flow condition through a rectangular pipe as in the circuit application.  This work 
also studied the effects of the Maxwell and Yu and Choi models as the thermal conductivity models. The models 
were used in the simulation domain alternately, named the mixing models, which were different from the works 
done before which used only one effective model in each simulation. From their calculated results, applying 
only the Yu and Choi model [6] gave similar results to the mixing thermal conductivity models (Yu and Choi 
model [6] coupled with Maxwell model [7] at the wall boundary) in  Peclet number (Pe) between 4000 and 
6000. But, in Pe between 2500 and 4000, the mixing thermal conductivity models provided closer results to 
the experimental results than those of the single model. They noticed that the thermal conductivity models at 
the wall boundary affected the accuracy of the calculation in the low Pe range. The lower errors of these 
mixing models in the low Pe range (from 2500 to 4000) may be caused by heat accumulation, which were 
calculated, and the errors affected the heat transfer coefficients directly [3]. 

Tongkratoke et al. [8] developed the single-phase  model as the numerical method to analyze the heat 
transfer performance of the Al2O3/water nanofluid flow as the base flowing through a porous media. In this 
study, the effects of the porous media model, the permeability and the effective mixing thermal conductivity 
model were conducted for the Al2O3/water nanofluid flow. Firstly, the digit numbers of the porosity values 
did not affect the heat transfer coefficients. The different permeability occurred in materials, which were 
manufactured differently and in different shapes, influenced the heat transfer coefficients differently, the 
more permeability the closer heat transfer coefficients to the experimental ones. Finally, the mixing thermal 
conductivity model which could improve the simulation performance in the previous work was examined 
and coupled with the porous model. The final results showed that the mixing thermal conductivity model 
could improve the numerical results to be closer to the experimental results trivially; by the forth digit. From 
this study, the developed mathematical model was found to demonstrate excellent potential in the nanofluid 
simulation as the porous media [3].  

 As seen from the literatures [1, 5], most of the experimental studies on the thermal properties of the 
nanofluids proved that the thermal conductivities of nanofluids depended upon the nanofluid properties such 
as volume fractions and Brownian motion effect. In our previous works [1, 8] which related to the nanofluid 
flow as the working fluids flowing through the porous media, the porous model was proved to be used in the 
Al2O3/water nanofluid flow simulation. In our current work, we also considered the nanofluid flow as the base 
fluid flowing through a porous media and analyzed the heat transfer performance of the Al2O3/water nanofluid 
with the numerical method based on the theoretical models from the literatures. The mathematical model of the 
nanofluid flow has been developed as the steady flow of the fluid with nanofluid properties through the 
porous medium of the Al2O3 nanoparticles. The simulated nanofluid flow was under fully developed laminar 
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flow condition through a rectangular pipe as in electronic applications. The effects of the grid independence, 
the effects of the porous media (φ ) characteristics; porosity (ε ) is 1=+ εφ  [8] and thermal conductivity, 

were studied. The porosity values of 0.98 were considered for the nanofluid volume fraction of 0.02% as 
relationships between the porosity and the volume fraction. This work also focused on studying the mixing 
thermal conductivity model; Yu and Choi model [6] coupled with Maxwell model [7]. The governing 
equations written in terms of the three-dimension dimensionless variables were solved through an in-house 
program by using the finite volume method with the SIMPLE algorithm. The developed model using the 
mixing thermal conductivity model coupled with the porous media and the suitable permeability [9] 
assumption were concluded [3].  

 
MATHEMATICAL MODELING 
 
Modeling  

The rectangular pipe used in the simulations had a width and a height of 6 mm and a length of 1 m. The 
fluid was assumed to enter the pipe with a constant inlet temperature, inT , of 300.15 K, Reynolds number (Re) 

ranging from 400 to 900 as shown in Fig. 1 and thermophysical properties of water as the base fluid and the 
Al2O3 nanoparticles taken at T equaled to 293.15 K were shown in Table 1.   

 

 
 

Fig. 1. Geometry of the rectangular pipe. (not to scale pictures)    
 

Table 1. Thermophysical properties of water and Al2O3 nanoparticles at T  = 293.15 K [9] 
 

PC  ρ  k  Thermophysical 
properties 

 (J/kg.K) (kg/m3) (W/m.K) 

water 4181.90 998.20 0.598 

aluminum oxide 880.00 3920.00 42.340 

  
The dimensionless governing equations 
 The dimensionless governing equations of the steady, laminar flow, forced convection flow in the porous 
medium expressing as the continuity, momentum, and energy equations in three dimensional forms for the 
Al2O3/water nanofluid flow in the rectangular pipe were written as following:  
Continuity Equation; 
 

0=
∂
∂+

∂
∂+

∂
∂

Z
W

Y
V

X
U

                                                                  (1) 

 
Momentum Equation; 

 X-component 
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Energy Equation; 
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Where the dimensionless parameters are defined as 
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Thermophysical properties of nanofluids 

Thermophysical properties of nanofluids can be calculated by using the following equations; 
Density;  

The effective density of the nanofluid containing suspended particles can be evaluated through the 
following equation [11]; 
 

fpnf ρφφρρ )1( −+=                                                             (5) 

 
Specific Heat;  
 Pak and Cho [12] also proposed an equation to calculate the specific heat of nanofluids based on the heat 
capacity concept; 
 

fppPnfP CCC ,,, )1( φφ −+=                                                         (6) 

 
Dynamic Viscosity;  
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 The nanofluid viscosity is an important parameter for practical applications since it directly affects the 
pressure drop in the forced convection. Therefore, to enable the usage of nanofluids in practical applications, the 
increasing viscosity of nanofluids with respect to pure fluids should be thoroughly investigated. In this paper the 
effective dynamic viscosity of Al2O3/water nanofluids was calculated by using following model [5].  
 

fnf μφμ )5.21( +=
                                                          

   (7) 

 
The above expression for determining the dynamic viscosity of dilute suspensions that contain spherical particles 
had been proposed by Einstein [12] and, in the model, the interactions between the particles are neglected as [3].  
Thermal Conductivity; 
 In this work, the effective thermal conductivity models of the Cu-water nanofluids were calculated by 
using following two models; Yu and Choi [6] correlation and Maxwell [7] correlation.  
 Maxwell [7] proposed an equation to calculate the effective thermal conductivity of solid-liquid 
mixtures consisting of spherical particles [3].  
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Noted that the effect of the size and shape of the particles and particle interactions were not included 

in Maxwell equation [3]. 
Yu and Choi [6] presented a model to determine of the effective thermal conductivity of nanofluids 

by modifying Maxwell model [7]. In the modification, the effect of the liquid nanolayers formed around 
nanoparticles was taken into account. The nanoparticle and the layer around it were considered as a single 
particle and the thermal conductivity of this particle was determined by using effective medium theory [6]. 

 

f
fpfp

fpfp
nf k

kkkk
kkkk

k
φβ
φβ

3

3

)1)((2

)1)((22

−−−+
+−++

=
                                             

   (9) 

 
In Eq. (9), β  is the ratio of the nanolayer thickness to the original particle radius and β  = 0.1 was 

taken to calculate the nanofluid e�ective thermal conductivity [6]. 
All thermophysical properties of the Al2O3/water nanofluid at the volume fractions 0.00 and 0.02 were 

calculated and shown in Table 2 [3]. 
 

Table 2. Thermophysical properties of the Al2O3/water nanofluid  
at different volume fractions; 0.00 and 0.02 [3]. 

 
Thermophysical 

properties 
 

φ   = 0.00 
 

φ   = 0.02 

hfk (W/m.K) 0.598 1056.6 

hfρ (kg/m3) 998.20 4115.862 

hfμ (kg/m.s) 5.98 × 10-4 0.000953  

nfpC , (J/kg.K) 4181.90 0.637 

 
The Effective Mixing Thermal Conductivity Models; 

Tongkratoke et al. [5] introduced the mixing effective thermal conductivity models, mixing models, 
or combinations of the two effective thermal conductivity models in only one considered domain. The 
combinations consisted of the following: (1) the Maxwell [7] model (at the channel nodes) coupled with the 
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Brownian motion model [13] at the wall boundary; (2) the Maxwell [7] model (at the channel nodes) coupled 
with the Yu and Choi [6] model at the wall boundary; (3) the Bownian motion model [13] (at the channel 
nodes) coupled with the Maxwell [7] model at the wall boundary; (4) the Bownian motion model [13] (at the 
channel nodes) coupled with the Yu and Choi [6] model at the wall boundary; (5) the Yu and Choi [6] model 
(at the channel nodes) coupled with the Maxwell [7] model at the wall boundary; (6) the Yu and Choi [6] 
model (at the channel nodes) coupled with the Bownian motion model [13] at the wall boundary. From their 
results, the combinations which consisted of the Yu and Choi [6] model (at the channel nodes) coupled with 
the Maxwell [7] model at the wall boundary as shown in Fig.2 provided the best calculated results when this 
couple was compared with other (coupled) mixing effective thermal conductivity model. The results were 
caused by the Maxwell [7] model which was a static model and suitable for the flow part with low velocity 
as the channel wall nodes and the Yu and Choi [6] model which was a dynamic model considering Brownian 
motion and suitable for the flow part with high velocity as the inside nodes of the channel [3].  
 

 
                                                                          

Fig. 2. Geometry of the rectangular pipe for the effective mixing thermal 
conductivity models from Tongkratoke et al. [5] (not to scale pictures). 

 
NUMERICAL METHOD 

The governing equations were discretized by using the finite volume method.  In this technique, the 
governing equations were integrated over the finite control volumes and their results in a set of algebraic 
equations can be solved numerically. Staggered grids have been used where the velocity components were 
calculated at the centre of the volume interfaces while the pressures including as well as other scalar quantities 
such as temperatures were computed at the centre of the control volumes. The algebraic discretization equations 
had been solved sequentially and iteratively throughout the physical domain by combining the line-by-line 
procedure and the well-known TDMA technique. The pressure and the velocity were coupled using Semi Implicit 
Method for Pressure Linked Equations or SIMPLE (Patankar, 1980). Convergence of the iterative solutions was 
ensured when the residuals of all variables were less than 10-6 and the grids used in the computations consisted of 
60 × 60 × 500 and 120 × 120 × 1000 grid nodes in the yx, and z  directions, respectively. Moreover, we have 

used the personal computer (PC), operating with Intel Core i7, 2.67 GHz and 2.79 GHz, 6 GB Memory and 64 
bit operating system [2, 3, 5, 8].  

 
RESULTS AND DISCUSSION 

This work focused on the nanofluid flow as the base fluid flowing through the Al2O3 porous media. 
The in-house computer code has been developed continuously and its numerical results were validated with 
the experimental results from  Zeinali Heris et al. [10], which performed an experimental study on the fully 
developed laminar flow of an Al2O3/water nanofluid in a rectangular pipe. In the in-house code, the density 
correlation from Pak and Cho [11], the specific heat correlation from Pak and Cho [11], the viscosity 
correlation from Einstein [12], the mixing thermal conductivity model; Yu and Choi model [6] coupled with 
Maxwell model [7] as shown in Fig. 2 and nanofluid volume fractions at 0.02, were investigated [3]. 

 
Validation of simulation model. 
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Zeinali Heris et al. [10] who performed an experimental study on the fully developed laminar flow of 
Al2O3/water nanofluid. The thermophysical properties of Al2O3/water nanofluid can be obtained with the 
same procedures as written of thermophysical properties of nanofluids. Fig. 3 showed the calculated heat 
transfer coefficients which were obtained from the governing equations and compared with the experimental 
heat transfer coefficients from Zeinali Heris et al. [10] in Reynolds number ranged 400 to 900 and the 
Al2O3/water nanofluid volume fraction at 0.02. From Fig. 3, in the high Reynolds number range (from 600 to 
900), the simulation results were close to the experiment results, the calculated coefficients were different 
from the experimental coefficients in an average error of 1.55%. But, in the low Reynolds number range 
(from 400 to 600), the calculated values situated away from the experimental values noticeably, and this 
error may be caused by the effect of the boundary layer thickness for nanofluid flow [3].   
                                                                                                                                                                                  

 
Fig. 3. Comparison between the simulated results and the experimental data [10] in the 
prediction of the heat transfer coefficients of the Al2O3/water nanofluid [3]. 

 
The effect of the grid independence  

Fig. 4 showed comparison between the simulated results with three different grid nodes (6× 6× 100, 
60× 60× 500 and 120× 120× 1000) and experimental data [10] in the prediction of the heat transfer 
coefficients for the Al2O3/water nanofluid volume fractions at 0.02. The results from the 60× 60× 500 and 
120× 120× 1000 grid sets provided similar trends of the results, they were closer to the experimental results, 
but they used different time consumptions, the (60× 60× 500) set consumed less time. Since the 
(120× 120× 1000) was the grid-independent and the time consumption was considered, so the (60× 60× 500) 
was chosen to be carried on in the next examinations [3]. 
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Fig. 4. Comparison between the simulated results with different grid nodes and the experimental 
data [10] in prediction of the heat transfer coefficients of the Al2O3/water nanofluid [3].  

 
The effects of the porous media characteristics 

Fig. 5 showed the calculated heat transfer coefficients, which were compared with the experimental 
heat transfer coefficients from Zeinali Heris et al [10], in Reynolds number ranged 400 to 900 and the 
Al2O3/water nanofluid volume fraction at 0.02. At this volume fraction 0.02, the numerical results were close 
to the experimental result, the porosity equals to 0.98 and the results were also close to the experimental 
results obtained from Zeinali Heris et al [10]. From results, the assumed relationships between the porosity 
and the volume fraction could be proved to be satisfied; this implied that the particles were distributed 
uniformly throughout the fluid and the nanofluid flow could be taken as the fluid with the nanofluid 
properties flowing through the porous media.   

 
 

 
Fig. 5. Comparison between the simulated results with the porosity, the volume fraction and 

experimental data [10] in prediction of the heat transfer coefficient of the Al2O3/water nanofluid  
 
CONCLUSION 
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The in-house program used to model the flow through the porous media has been developed to 
improve the nanofluid flow simulation accuracy. The fully developed laminar flow of the Al2O3/water 
nanofluid in a rectangular pipe was studied. In this study, the relationships between the heat transfer 
coefficients and channel Reynolds number ranging from 400 to 900 were discussed. The effects of the grid 
independence, the effects of the porous media characteristics; porosity and thermal conductivity, were 
studied. The porosity values of 0.98 were considered to be equal to the nanofluid volume fraction of 0.02% 
as the relationship between the porosity and the volume fraction. 

The grid dependent implied that the 60× 60× 500 grid set was suitable to be used in this channel 
configuration with less time consumption at the same accuracy as the 120× 120× 1000. The simulated results 
obtained from the effective mixing thermal conductivity model; the Yu and Choi model (at the channel 
nodes) coupled with the Maxwell model (at the wall nodes) which could improve the simulation performance 
in the previous work [5] still improved the calculated results when it was applied with the porous model. 
From results, the assumed relationship between the porosity and the volume fraction could be proved to be 
satisfied; this relationship implied that the particles were distributed uniformly throughout the fluid and the 
nanofluid flow could be taken as the fluid with the nanofluid properties flowing through the porous media. 
The developed model using the mixing thermal conductivity model with the porous media assumption could 
improve the model performance and supported its excellent potential in the nanofluid simulation as the 
porous media. 
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Nomenclature 

pC   specific heat, (J/kg.K) 

hD  hydraulic diameter, (mm) 

h   heat transfer coefficient, (W/m2.K) 
k   thermal conductivity, (W/m.K) 
κ   permeability 
L   length of pipe, (m) 
P   pressure, (Pa) 
Pe  Peclet number, PrRe⋅=Pe  
Pr  Prandtl number, kC p μ=Pr  

Re  Reynolds number, μρUD=Re  

T   temperature, (K) 
WVU ,,  velocities in each coordinate, (m/s) 

wvu ,,  velocities, (m/s) 

ZYX ,,  coordinates 

 
Greek symbols 
 
β  ratio of the nanolayer thickness to the original particle radius

 
ε   porosity of porous medium 
ρ   density, (kg/m3) 

φ   nanofluid volume fractions 

μ   dynamic viscosity, (kg/m.s) 

Subscripts 
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eff   effective 

f   fluid 

i    inlet 
nf  nanofluid 

p   nanoparticle 
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Abstract  
Second law analysis fetched significance in analysing thermal energy systems as it locates and quantifies the 

irreversibilities in the system. This paper analyses the thermoelectric generator systems through exergy analysis. Four 
thermodynamic models for thermoelectric generator considering internal and external irreversibilities were developed 
in the MATLAB Simulink environment with temperature dependent material properties and analysed with various 
operating temperatures. Analytical formulas for exergy efficiencies and irreversibilities in the thermoelectric generator 
for all thermodynamic models were derived. The result shows that the exergy efficiency of the thermoelectric generator 
is higher than the energy efficiency. For a typical operating condition in irreversible thermoelectric generator with 31 
thermocouples and with TH and TC of 453K and 303K respectively, the maximum energy and exergy efficiency 
obtained are 4.23% and 12.78% at same optimum current of 7.02A. The result also shows that the effect of internal 
irreversibilities is more pronounced in the performance of thermoelectric generator system when compared with the 
external irreversibilities. The effects of irreversible heat transfer and contact resistance in the exergy efficiency is also 
studied. This study will be helpful in designing the actual thermoelectric generator systems. 

 
KEYWORDS  

Exergy analysis, thermoelectric generator, irreversibilities, exergy efficiency  
 

INTRODUCTION 
Title of the article and information about the authors are printed left-aligned indented from the left 

margin of 1 cm. The name of the first author's surname is removed in one interval. Thermoelectric devices 
are solid state direct energy conversion devices for converting heat into electricity and vice versa [1–4]. It 
operates on the combination of Seebeck, Peltier and Thomson effects. Thermoelectric generator works as a 
heat engine operating between the two heat reservoirs as shown in Figure 1, but its actual energy efficiency 
is lower than the ideal Carnot efficiency because of the irreversibilities  induced by the electrical, thermal  
 

 
Fig.1. (a) Heat engine, (b) Thermoelectric generator 
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and the thermoelectric properties of the thermoelectric materials. Thermoelectric devices have numerous 
advantages of being solid state device with no moving parts and require no maintenance. It provides 
noiseless operation and offers light weight, compactness and hence occupies small space [5]. 

The thermoelectric devices have better efficiencies at lower power levels compared with conventional 
thermodynamic devices for power generation and space conditioning. Therefore, the thermoelectric devices 
are best suited for low power applications [6]. The power output of single thermoelectric couple is low and it 
can be increased to required level by adding several thermoelectric couples in series-parallel combination. 

The efficiency of the thermoelectric devices depends on electrical conductivity (σ), thermal 
conductivity (k), and seebeck coefficient (α) of the thermoelectric material. The combination of these 
material properties of a thermoelectric material is defined as figure of merit (FOM) Rowe [3]. It has the unit 
of (1/K) as shown in Equation (1). FOM is often defined as dimensionless figure of merit by multiplying it 
with mean operating temperature (Tm). 
 

2

Z α σ
κ

=             (1) 

2

m mZT T
k

α
ρ

=           (2) 

where, 
2

H C
m

T TT += . 

To understand the reversible and irreversible effects in thermoelectric systems, one can classify them 
thermodynamically into four categories based on the irreversibilities in the system such as ideal (or) 
reversible system, exoreversible system, endoreversible system, and irreversible system as shown in Figure 
2. Any thermoelectric systems always have internal irreversibilities because of the intrinsic material 
properties. Super conductors have very low electrical resistivity but its electrical/thermal conductivity is 
high, and its seebeck coefficient is also very small so its figure of merit will be very low and hence they may 
not be potential thermoelectric materials. Therefore, the term “ideal thermoelectric system” may not be 
thermodynamically possible. However, in this study the authors studied four thermodynamic models of 
thermoelectric generator system, so that the internal and external irreversibilities in the system can be easily 
identified/ differentiated and can be quantified. So the exergy analysis of thermoelectric generator can be 
done without any complexity. 

Cvahtet and Strnad [7] thermodynamically analysed the ideal thermoelectric heat engine and heat 
pump and compared it with the actual systems. Nuwayhid et al. [8] have analysed the thermoelectric 
generator system based on entropy generation minimization method. Sharma et al. [9] have done exergy 
analysis on single and multi stage exoreversible thermoelectric cooling system and stated that the exergy 
efficiency is lower than the energy efficiency. Tipsaenporm er al. [10] have done thermodynamic analysis in 
thermoelectric cooler and found out second law efficiency is less than the energy efficiency.  

 

 
 

Fig. 2. Types of thermodynamic thermoelectric systems 
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Exergy analysis provides the true measure of efficiency since it take into considerations of first and 
second law of thermodynamics. With this technique one can pin point where the actual exergy destruction is 
taking place in the system so that the avoidable exergy losses can be reduced by taking corrective actions 
[11-15].  

From the literature survey, it is found that exergy analysis in thermoelectric generator systems is not 
done and the effect of contact resistance and irreversible heat transfer in exergy efficiency is also not been 
studied. Therefore, we intended to fill these gaps in the present paper. 
 
THERMODYNAMIC MODELLING OF THERMOELECTRIC GENERATOR SYSTEMS 

The thermodynamic models of the thermoelectric generator system were modelled in MATLAB 
Simulink environment. The detailed thermodynamic modelling of thermoelectric generator is discussed in 
detail in following sub sections.  
Exergy Analysis  

Consider the heat engine shown in Figure 1(a) then by the first law of thermodynamics the energy 
balance can be given as follows [14] 

H C outQ Q P− =           (3)  

  
Following the second law of thermodynamics the entropy generation is given by  

 

( ) 0gen system surroundingS S S= Δ + Δ ≥        (4) 

or 

0CH
gen

H C

QQS
T T

= − + ≥          (5) 

 
Combining first and second law of thermodynamics, the exergy balance in any thermodynamic system 

at steady state can be given as  

in out lostEx Ex Irreversibilities Ex= + +        (6) 

 
In the above equation, Exin is exergy input to the system, Exout is the exergy output of the system, 

Exlost is the exergy lost in the output stream (if present) and Irreversibilities are the exergy destroyed in the 
process. The exergy lost have two quantities, which are recoverable exergy waste and non recoverable 
exergy waste. In the thermoelectric system we can classify the irreversibilities into two categories, which are 
internal and external irreversibilities as discussed in Section 2.2.  
The exergy input to the system is the thermal exergy (EQh). The exergy output is the electrical power which 
is (Pout) and it is 100% exergy. Whereas EQh is defined as follows  
 

1 o
Qh H

H

TE Q
T

 
= − 

 
         (7) 

 
where To is the environment temperature, then the exergy balance becomes 
 

1 1o o
H out C

H C

T TQ P Irr Q
T T

  
− = + + −  

   
      (8) 

 

o o
C H C H out

C H

T TIrr Q Q Q Q P
T T

= − − + −       (9) 

By substituting Pin in Equation (9) and solving for irreversibilities, we get 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

172 
S.C. Kaushik et al. 

C H
o

C H

Q QIrr T
T T

 
= − 

 
        (10) 

 
Comparing Equations (5) and (10), irreversibilities (Irr) becomes 
 

o genIrr T S=          (11) 

 
Therefore, it is clear that the irreversibilities in the system are dependent on the environmental 

temperature. In the thermoelectric generator system, cold side temperature TC is the environment temperature 
To. Then the exergy efficiency can be defined as 

 

 
1

 
C genout

Qh Qh

T SPExergy Out
Exergy in E E

Ψ = = = −     (12) 

 
Therefore, by knowing the irreversibilities in the system one can find the exergy efficiency of a 

thermoelectric system. This procedure is followed by the authors in finding the irreversibilities in all four 
thermodynamic models of thermoelectric generator systems. 
The temperature dependent properties of thermoelectric material used in this study are given below as 
provided by Xuan et.al. [16].  
 

( )2 9( ) 2 22224.0 930.6 0.9905 10  p n m mT Tα α α − = − − = × + − ×   (13) 

 

( )2 105112.0 163.4 0.6279 10  n p m mT Tρ ρ −= = + + ×      (14) 

 

( )2 462605.0 277.7 0.4131 10  n p m mk k T T −= = − + ×      (15) 

 
Certain assumptions are made in the thermodynamic modelling of the thermoelectric generator 

systems that are as follows: 
• There is no other mode of heat transfer from the hot junction to cold junction of the thermoelectric 

generator other than the Fourier’s heat conduction phenomena by the inherent thermal conductivity 
of thermoelectric materials.  

• Thomson effect is not considered for the analysis.  
 

THERMODYNAMIC MODELLING OF THERMOELECTRIC  GENERATOR 
The block diagram of irreversible thermoelectric generator is shown in Figure 1(b). Number of 

thermocouples in a thermoelectric system (n) is 31 and all the thermocouples are connected electrically 
series.  

Ideal Thermoelectric Generator Systems 
The ideal thermoelectric generator system is one which does not possess internal and external 

irreversibilities. Therefore, by first law of thermodynamics the energy balance at hot and cold junction of 
ideal thermoelectric generator is given as follows 

 

( )1HQ n ITα=           (16) 
 

( )2CQ n ITα=           (17) 
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In case of the ideal thermodynamic system the heat source temperature and hot junction temperature 
are same (TH = T1) and the heat sink temperature and cold junction temperature are same (TC = T2). For the 
ideal thermoelectric generator entropy generation Sgen is zero. 
By substituting Equations (16) and (17) in (10), the irreversibilities in the ideal thermoelectric generator can 
be derived and written as 

0C H
o

C H

n IT n ITIrr T
T T

α α 
= − = 

 
        (18) 

 
Then the first law efficiency (energy efficiency) and the second law efficiency (exergy efficiency) of 

ideal thermoelectric generator can be written as 
 

( )
,

H Cout H C
I g

H H H

I T TP T T
Q IT T

α
η

α
− −= = =        (19) 

 

( )
,

1 1

H Cout out H C
I g

in Qh o o
H H

H H

n I T TEx P T T
Ex E T Tn IT T

T T

α

α

− −Ψ = = = =
   

− −   
   

     (20) 

 

,
, 100%

1

I g
I g

C

H

T
T

η
Ψ = =

 
− 

 

        (21) 

 
It can be seen from the Equations (19) that, the Carnot efficiency is the limit of energy efficiency in 

the ideal thermoelectric generator. It can also be noted that the ideal efficiency of thermoelectric system is 
only the function of temperatures and not dependent on the material property and it can be greater than 
100%.  

The exergy efficiency of the thermoelectric generator is also the function of the junction temperature 
only and not dependent on the material properties. The exergy efficiency of thermoelectric generator for 
ideal thermodynamic conditions is 100% and this is the highest limit of efficiency of any hypothetical 
thermoelectric generator. It should be noted that the power output of the thermoelectric generator is a 
function of material property (α) only. Seebeck effect is a reversible phenomenon therefore, the 
irreversibilities in the ideal thermoelectric system is zero. 

Endoreversible Thermoelectric Generator System 
The endoreversible thermodynamic system is one which is internally reversible and externally 

irreversible. Therefore, in the endoreversible thermoelectric system the internal irreversibilities are absent but 
the external irreversibilities due to irreversible heat transfer at hot and cold sides of thermoelectric generator 
is present. 

Therefore, by first law of thermodynamics, the energy balance at hot and cold junction of 
endoreversible thermoelectric generator can be given as follows 

 

( )1HQ n ITα=           (22) 

 

( )2CQ n ITα=           (23) 

 
In the endoreversible thermoelectric generator the external irreversibilities are caused by the 

irreversible heat transfer because of the finite thermal resistance of the ceramic layer, which is used as the 
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electrical insulator at the hot and cold junctions. Therefore, the heat transfer from the hot and the cold 
junction QH and QC also can be written as follows: 

 

1( )H h h HQ U A T T= −          (24) 

 

2( )C c c CQ U A T T= −          (25) 

 
In case of the endoreversible thermodynamic system, heat source temperature is TH, the hot junction 

temperature is T1, the heat sink temperature is TC and the cold junction temperature is T2. The actual hot 
junction and cold junction temperature of the endoreversible thermoelectric generator system can be 
analytically derived by substituting Equations (22) and (23) in Equations (24) and (25) and it can be written 
as follows.  

( )1
h h H

h h

U A TT
U A n Iα

=
+

         (26) 

 

( )2
c c C

c c

U A TT
U A n Iα

=
−

         (27) 

 
By solving the above equation for constant TH and TC, we get T1<TH and T2>TC. From Equation (6) 

the exergy output of the endoreversible thermoelectric generator system can be calculated. The 
irreversibilities in the endoreversible thermoelectric generator system can be calculated from Equation (10) 
and it is finite and non zero. The entropy generation Sgen can be calculated as per the entropy balance 
obtained from the second law of thermodynamics in the endoreversible thermoelectric generator systems.   

 

2 12 1 ( )
0H C

o
C H H

I T T TTn IT n ITIrr T n
T T T

αα α   −= − = >   
  

     (28) 

 
Therefore, the first law efficiency and the second law efficiency of the endoreversible thermoelectric 

generator can be given as 

( )1 2 1 2
,

1 1

out
en g

H

n I T TP T T
Q n IT T

α
η

α
− −= = =        (29) 

 
In the endoreversible thermoelectric generator the power input Pout can be given as follows 
 

1 2( )out H CP Q Q n I T Tα= − = −         (30) 

 
Then the exergy efficiency of endoreversible thermoelectric generator can be given as  
 

, 1Qh C genout out
en g

in Qh Qh Qh

E I T SEx P
Ex E E E

−
Ψ = = = = −       (31) 

 

2 1

, 1

H C

H
en g

Qh

T T TTn I
T

E

α
  −
  

  Ψ = −  
  
 

       (32) 
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1 2

,1
,

,

en g
en g

I gH C

H

T T
T

T T
T

η
η

 −
 
 Ψ = =
 −
 
 

        (33) 

 
It can be seen from the Equation (29) that the COP of the endoreversible thermoelectric generator is 

lower than the ideal thermoelectric generator since T1 <TH and T2 > TC. It is also to be noted that the 
irreversibilities in the thermoelectric generator is finite and caused because of the irreversible heat transfer in 
the system. Therefore, the irreversibilities in the endoreversible thermoelectric system can be called as 
external irreversibilities. The external irreversibility can be reduced by reducing the thermal resistances at 
hot and cold side of thermoelectric generator. The exergy efficiency of endoreversible thermoelectric 
generator is less than the ideal case because of added irreversibilities in the system.  

Exoreversible Thermoelectric Generator System 
The exoreversible thermodynamic system is one which is externally reversible and internally 

irreversible. Therefore, in the exoreversible thermoelectric system the internal irreversibilities due to the 
material properties and the contact resistance between the metal and the thermocouple are present but the 
external irreversibilities due to irreversible heat transfer is absent. 
Therefore, by first law of thermodynamics, the energy balance at hot and cold junction of exoreversible 
thermoelectric generator is given as follows 

( )
2

1 1 2( )
2H

I RQ n IT K T Tα 
= − + − 

 
       (34) 

( )
2

2 1 2( )
2C

I RQ n IT K T Tα 
= + + − 

 
       (35) 

 
In case of the exoreversible thermodynamic system, heat source temperature and the hot junction 

temperature are same (TH = T1), and the heat sink temperature and the cold junction temperature are same (TC 
= T2).  
The thermal conductance (K) of the thermocouple in exoreversible and irreversible thermoelectric generator 
is defined as 

 
p pn n

conducting meteal
n p

k Ak AK K
L L

 
= + + 
  

       (36) 

 
For the exoreversible and irreversible thermoelectric generator, the electrical resistance of 

thermocouple (R) is defined as  
 

p pn n
contact conducting metal

n p

LLR R R
A A

ρρ 
= + + + 
  

      (37) 

 
In the exoreversible thermoelectric generator, the overall heat transfer coefficient between the heat 

source and cold junction and between the heat sink and hot junction of the thermoelectric generator is 
infinity as given by Equation (38). Therefore, the thermal resistance between the heat source and the cold 
junction and the thermal resistance between the heat sink and the hot junction of the thermoelectric generator 
is zero.  

 

c c h hU A U A= = ∞          (38) 
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From Equation (6) the exergy output of the exoreversible thermoelectric generator system can be 
calculated. The irreversibilities in the exoreversible thermoelectric generator system can be calculated from 
Equation (10) and it is finite and non zero because of the thermoelectric material properties and the contact 
resistance. The entropy generation Sgen can be calculated as per the entropy balance obtained by the second 
law of thermodynamics.   

 
2 2( ) ( )

0
2 2

C H C H CH
o

C C C H H H

IT K T T K T TITI R I RIrr nT
T T T T T T

α α    − −= − − − + − >        
  (39) 

 
2 2( )

0m H C
o

H C H C

I RT K T TIrr nT
T T T T

 −= + > 
 

      (40) 

 
The energy/exergy output (Pout) of exoreversible thermoelectric generator can be given as  
 

2( )out H CP I T T I Rα= − −         (41) 

 
Then the optimum current for maximum power output (Ipout) can be given as  
 

( )

2
H C

pout
T TI

R
α −=          (42) 

 
Then the first law efficiency and the second law efficiency of the exoreversible thermoelectric 

generator can be given as 

( )

( )

2

, 2

( )
2

H Cout
ex g

H
H H C

n I T T I RP
Q I Rn IT K T T

α
η

α

 − − = =
 

− + − 
 

     (43) 

 

, 1Qh C genout out
ex g

in Qh Qh Qh

E I T SEx P
Ex E E E

−
Ψ = = = = −       (44) 

 
2 2

,

( )

1

1

m H C

H H
ex g

C
H

H

I RT K T T
T T

TQ
T

  −+  
  Ψ = −   

−     

      (45) 

 

( ) 2

, 2

1 1 ( ) 1
2

H C
ex g

C C C
H H C

H H H

n I T T I R

T T TI RIT K T T
T T T

α

α

 − − Ψ =
     

− − − + − −     
     

   (46) 

 
The optimum current at maximum exergy efficiency (Iexergy) can be obtained by differentiating the 

above equation with respect to current I, thus the optimum current of exoreversible thermoelectric generator 
at maximum exergy efficiency is obtained as given below 
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( )

(1 1 )
H C

exergy energy
m

T TI I
R T Z

α −= =
+ +

       (47) 

 
The above equation is same as the equation for optimum current at maximum energy efficiency 

(Ienergy). Therefore, the exergy efficiency and energy efficiency will be maximum at same current (Ienergy).  
Then by substituting Iexergy in Equation 46, the maximum exergy efficiency of thermoelectric generator is 
derived by the authors as given in Equation 48. This equation is same as the exergy efficiency of 
thermoelectric generator given by Wisniewski et al. [17]. 
 

,

1 1 1 1

1 1

m mH C H
ex g

C CH H C
m m

H H

ZT ZTT T T
T TT T TZT ZT
T T

    
    + − + −  −    Ψ = =   −       + + + +        

  (48) 

 
It can be seen from Equation (48) that the exergy efficiency of the thermoelectric generator is less than 

the endoreversible case and it is a function of material properties and the junction temperatures.   
Irreversible Thermoelectric Generator System 
The irreversible thermodynamic system is one which is internally and externally irreversible. 

Therefore, in the irreversible thermoelectric system the internal irreversibilities due to the material properties 
and the contact resistance between the metal and the thermocouple are present with the external 
irreversibilities caused by the irreversible heat transfer between the heat source and cold junction and 
between the heat sink and hot junction. Therefore, the irreversible thermoelectric generator is the closer 
approximation of the actual thermoelectric generator system. 

By the first law of thermodynamics, the energy balance at hot and cold junction of irreversible 
thermoelectric generator is given as follows 

( )
2

1 1 2( )
2H

I RQ n IT K T Tα 
= − + − 

 
       (49) 

 

( )
2

2 1 2( )
2C

I RQ n IT K T Tα 
= + + − 

 
       (50) 

 
The heat flow from the hot and the cold junctions (QH and QC) in irreversible thermoelectric generator 

can also be written as follows 

1( )H h h HQ U A T T= −          (51) 

 

2( )C c c CQ U A T T= −          (52) 

 
By solving the Equations (49), (50), (51) and (52) for the hot (T1) and cold junction (T2) temperatures 

of irreversible thermoelectric generator, the expression for T1 and T2 can be written as follows as derived by 
the authors 

 

( )( ) ( )
( )( ) ( )

2 2 2

1 2 2

0.5 0.5h h H c c c c C

c c h h

U A T nI R A U nK n I n KRI nKU A T
T

nK A U n I A U nK n I n K

α

α α

 + + − + + =
 + − + + − 

  (53) 
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( )( ) ( )
( )( ) ( )

2 2 2

2 2 2

0.5 0.5c c C h h h h H

c c h h

A U T nI R A U nK n I n KRI nKU A T
T

nK A U n I A U nK n I n K

α

α α

 + + + + + =
 + − + + − 

  (54) 

 
In case of the irreversible thermodynamic system, heat sink temperature and the hot junction 

temperature are different (TH > T1) and the heat source temperature and the cold junction temperature are 
different (TC < T2).  

In the irreversible thermoelectric generator, the heat transfer coefficient between the heat source and 
the cold junction is finite because of the finite thermal conductivity of the ceramic layer as given by Equation 
(55).  The value of Uc and Uh is assumed as 170W/m2K as given by Chen et al. [17]. 

 

ce c
c c

ce

k AU A
L

=           (55) 

 
where, kce is the thermal conductivity of the ceramic layer. The heat transfer coefficient between the hot 
junction and the heat sink (UhAh) also follows the same notation of Equation (55). 

From Equation (6) the exergy output of the irreversible thermoelectric generator can be calculated. 
The irreversibilities in the system can be calculated from Equation (10) and it is finite and non zero. The 
entropy generation Sgen can be calculated as per the entropy balance obtained by the second law of 
thermodynamics.   

2 2
2 1 2 1 1 2( ) ( )

0
2 2o

C C C H H H

IT K T T IT K T TI R I RIrr nT
T T T T T T

α α    − −= − − − + − >        
   (56) 

 
2

1 2 1 2( ) ( )( )
0C H m H C

o
H C H C H C

I TT T T I RT K T T T TIrr nT
T T T T T T

α − − −= + + > 
 

   (57) 

 
The energy/exergy output (Pout) of irreversible thermoelectric generator can be given as  
 

2
1 2( )outP I T T I Rα= − −         (58) 

 
Then the optimum current for maximum power output (Ipout) for irreversible thermoelectric generator 

can be given as  

1 2( )

2pout
T TI

R
α −=          (59) 

 
Therefore, the first law efficiency and the second law efficiency of the irreversible thermoelectric 

generator can be given as 

( )

( )

2
1 2

, 2

1 1 2( )
2

out
ir g

H

n I T T I RP
Q I Rn IT K T T

α
η

α

 − − = =
 

− + − 
 

      (60) 

 

, 1Qh C genout out
ir g

in Qh Qh Qh

E I T SEx P
Ex E E E

−
Ψ = = = = −       (61) 
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( ) 2

, 2
1 2 1 2
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And by simplifying the above equation we get the exergy efficiency of irreversible thermoelectric 

generator as follows 
2
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    (63) 

 
The optimum current at maximum exergy efficiency of irreversible thermoelectric generator (Iexergy) 

can be obtained by differentiating the above equation with respect to current I, thus the optimum current in 
the irreversible thermoelectric generator at maximum exergy efficiency can be given below as derived by the 
authors 

1 2( )

(1 1 )
exergy

m

T TI
R T Z

α −=
+ +

        (64) 

 
The above equation is same as the equation for optimum current at maximum energy efficiency (Ienergy) 

for irreversible thermoelectric generator but the mean temperature (Tm) is the mean of T1 and T2. Therefore, 
the exergy efficiency and energy efficiency of irreversible thermoelectric generator is maximum at same 
current (Ienergy = Iexergy).  Then by substituting Iexergy in Equation (63), the maximum exergy efficiency of 
irreversible thermoelectric generator can be written as derived by the authors is as follows. Note that ƞir,hp is 
the maximum energy efficiency of irreversible thermoelectric generator. 
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    (65) 

 
It can be seen from Equation (65) that the exergy efficiency of the irreversible thermoelectric 

generator is less than the ideal, endoreversible and exoreversible thermodynamic case and it is a function of 
material properties, junction temperatures and the heat source and heat sink temperatures.  This expression 
for the exergy efficiency of thermoelectric generator may closely approximate the actual exergy efficiency of 
the thermoelectric generator. 

 
RESULTS AND DISCUSSION 

The energy and exergy analysis of the thermoelectric generator systems for all possible 
thermodynamic models have been carried out for various operating conditions in MATLAB Simulink 
environment. 

The thermodynamic models of thermoelectric generator explained in section 2.2 were analysed with 
fixed hot and cold junction temperatures. The cold side temperature (TC) is fixed at 303K in all the cases and 
the hot side temperature (TH) is fixed at 453K, 428K and 403K to calculate the performance parameters. ΔTg 
is the temperature difference between the hot and cold side of the thermoelectric generator. 

The power output of the ideal and endoreversible thermoelectric generator increases linearly because 
the internal irreversibilities are absent in these cases. These two cases will be impractical because the thermal 
and electrical resistance of thermoelectric material is finite and non zero. 
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The power output of the exoreversible thermoelectric generator is shown in Figure 3 for different ΔTg 
with fixed TC of 303K. The figure shows that the there is an optimum power output for a particular ΔTg. The 
optimum current at maximum power can be calculated from Equation (42). There is an optimum power 
output because the effect of nonlinear Joule heating is more prominent at higher currents than Ipout. For a 
typical operating condition for ΔTg of 150K in exoreversible thermoelectric generator the optimum power 
output occurs at Ipout of 10.1 A.  

The power output of the irreversible thermoelectric generator for different ΔTg with fixed TC of 303K 
is presented in Figure 4. The power output of irreversible thermoelectric generator is less than the 
exoreversible thermoelectric generator. This is because the hot junction temperature T1 is lower than heat 
source temperature TH and the cold junction temperature T2 is higher than the heat sink temperature TC, 
thereby lowering the effective temperature difference between the hot and cold junction of irreversible 
thermoelectric generator (T1-T2 < TH-TC). It also shows that the current at optimum power is less than the 
exoreversible case. For a typical operating condition for ΔTg of 150K in irreversible thermoelectric 
generator the optimum power output occurs at Ipout of 7.8A 

 

 
 
Fig. 3. Power output of exoreversible 
thermoelectric generator for different ΔTg 

  
 
Fig. 4. Power output of irreversible 
thermoelectric generator for different ΔTg 

 
 The energy efficiency of thermoelectric generator for the ideal case is dependent on the temperature 

only as stated by Carnot theorem and it is well known. In the ideal case of thermoelectric generator the 
energy efficiency is constant for all currents. The energy efficiency of endoreversible thermoelectric 
generator decreases with increase in current. The energy efficiency of exoreversible thermoelectric generator 
is lower than the endoreversible case because of the internal irreversibilities induced by thermal and 
electrical properties of thermoelectric materials. The energy efficiency of the exoreversible thermoelectric 
generator is maximum at optimum current Ienergy. The energy efficiency of exoreversible thermoelectric 
generator is maximum at Ienergy of 8.6A for ΔTg of 150K. 

The energy efficiency of irreversible thermoelectric generator is presented in Figure 6. It shows that 
the energy efficiency of irreversible thermoelectric generator is less than the exoreversible case. The current 
at optimum energy efficiency for ΔTg of 150K is 6.8A and it is lower than the exoreversible case. This is 
because of the lower temperature differential between the hot and cold junction of irreversible thermoelectric 
generator compared with exoreversible thermoelectric generator (T1-T2 < TH-TC). Lower temperature 
differential is because of irreversible heat transfer between the hot junction and heat sink and between cold 
junction and heat source of thermoelectric generator.  

Exergy analysis gives the true efficiency of the thermal energy system since it consider second law of 
thermodynamics combined with first law of thermodynamics to analyse the thermal energy systems. The 
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exergy analysis in all four thermodynamic models of thermoelectric generator can give the complete picture 
of external and internal irreversibilities occurring in the system.  

The exergy efficiency of ideal thermoelectric generator is 100% since internal and external 
irreversibilities are absent in ideal thermodynamic systems. The exergy efficiency of exoreversible 
thermoelectric generator is shown in Figure 7. This shows the exergy efficiency of thermoelectric generator 
is higher than the energy efficiency because of the loss of exergy due to internal irreversibilities. The energy 
and exergy efficiency has its maximum at Iexergy as seen from Equation (47). It also shows that the exergy 
efficiency of thermoelectric generator increases with increase in ΔTg but the increment is very low. This is 
because the exergy input (thermal exergy) decreases with decrease in TH as shown in Equation 7 and 34.  

 

 
 
Fig. 5. Energy efficiency of exoreversible thermoelectric 
generator for different ΔTg 

 
 
Fig. 6. Energy efficiency of irreversible thermoelectric 
generator for different ΔTg 

  

  
 
Fig. 7. Exergy efficiency of exoreversible thermoelectric 
generator for different ΔTg 

  
 
Fig 8. Exergy efficiency of irreversible thermoelectric 
generator for different ΔTg 
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The exergy efficiency of the irreversible thermoelectric generator is presented in Figure 8. It shows 
that the exergy efficiency of the irreversible thermoelectric generator is less than the exoreversible case. This 
is because of added external irreversibilities with the internal irreversibilities in the thermoelectric generator 
system. This figure shows that the maximum energy efficiency and maximum exergy efficiency occurs at 
same current.  

The exergy efficiency of thermoelectric generator is higher than the energy efficiency. This can only 
be observed/ explained by the exergy analysis and not on the basis of energy analysis. The exergy efficiency 
of thermoelectric generator is high since it uses low exergy heat source (low temperature heat source) as the 
input. This makes the thermoelectric generator superior than other conventional power convertors. The 
greatest advantage of thermoelectric power generator compared with other power generators is it can utilize 
low grade waste heat to produce work output with comparable exergy efficiency.  

 

  
 
Fig. 9. Irreversibilities in different thermodynamic modes 
of thermoelectric generator 

 
 
Fig. 10. Power output and exergy efficiency of 
thermoelectric generator for variable heat transfer area 

 
The irreversibilities in the thermoelectric generator system for constant ΔTg of 150K for different 

thermodynamic cases are presented in the Figure 9. It shows that the irreversibilities in the irreversible 
thermoelectric generator system are higher than the exoreversible case which is higher than the 
endoreversible case. It is also clear from the Figure 9 that the internal irreversibilities are high when 
compared with the external irreversibilities. With the help of the method presented in this paper, one can 
quantify the internal and external irreversibilities in the thermoelectric generator systems. 

The internal irreversibilities in the thermoelectric generator systems cannot be controlled by external 
means, but the external irreversibilities can be controlled by decreasing the overall thermal resistances at hot 
and cold junction of thermoelectric generator. The internal irreversibilities can only be reduced by increasing 
FOM of the thermoelectric material and also by reducing the contact resistances.   

The effect of irreversible heat transfer at the hot and cold side of the thermoelectric generator in the 
exergy efficiency is also studied and it is presented in Figure 10. It shows that the decrease in the total 
external heat transfer area decreases the power output and maximum exergy efficiency because it decreases 
the hot junction temperature and increases the cold junction temperature thereby decreases the effective 
temperature difference (T1-T2) between the hot and cold junction of the thermoelectric generator and thus 
reduces the power output and the exergy efficiency. It also shows that the exoreversible case is the maximum 
limit of power output and efficiency in any actual thermoelectric generator system. 

The irreversibilities in the thermoelectric generator for different heat transfer area are shown in Figure 
11. It shows that the irreversibilities decreases with decrease in heat transfer area. This may leads to wrong 
conclusion about the irreversibilities occurring in the thermoelectric generator system. The decrease in 
irreversibilities is because when the heat transfer area decreases the effective temperature difference (T1-T2) 
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between the hot and cold junction of the thermoelectric generator also reduces. This reduces the effective 
heat input QH needed to the thermoelectric generator and hence the irreversibilities, but if we consider the 
ratio of irreversibilities to the heat input, it becomes clear that the percentage of irreversibilities increases if 
the heat transfer area decreases and the exoreversible case have lesser irreversibilities. This is shown in 
Figure 12. 
 

 
 
Fig. 11. Irreversibilities in thermoelectric generator for 
variable heat transfer area 

 
 
Fig. 12. Dimensionless irreversibilities in thermoelectric 
generator for variable heat transfer area 

 
The dimensionless irreversibilities in the thermoelectric generator for different heat transfer area are 

shown in Figure 12. It shows that the decrease in heat transfer area increases the irreversibilities in 
thermoelectric generator and the irreversibilities in the exoreversible thermoelectric generator is lower than 
the other cases. This makes the exergy efficiency of exoreversible thermoelectric generator higher than the 
irreversible cases.  

The effect of contact resistance Rcontact between the thermoelectric couples and metal contact in the 
exergy efficiency has been studied since it is one of the important parameter affecting the heating power and 
efficiency of the thermoelectric devices. Figure 13 shows the effect of contact resistance in the generator 
power output and exergy efficiency and it shows increase in contact resistance decreases the exergy 
efficiency of the thermoelectric generator. The irreversibilities in the thermoelectric generator for different 
contact resistance are shown in Figure 14. It shows that the increase in contact resistance increases the 
internal irreversibilities in thermoelectric generator.  

It can be seen from Figure 12 and 14 that the decrease in heat transfer area and increase in contact 
resistance increases the irreversibilities in the thermoelectric generator systems. It is also proved that at 
higher currents the effect of contact resistance is more in the performance than the irreversible heat transfer 
because the irreversibilities are more with the increase in contact resistance. Therefore, care must be taken 
during the assembling/designing of the thermoelectric generator systems. 

The internal irreversibilities in the thermoelectric generator system is very high compared to the 
external irreversibilities and once the thermoelectric material with higher FOM is found then the 
energy/exergy efficiency of the thermoelectric generator can be made higher and this will be possible in near 
future. Table 1 aggregates the results obtained in this study for a typical operating condition. Table 1 shows 
that the irreversibilities in the exoreversible thermoelectric generator are higher than the irreversible case. 
The actual reason for the same is explained with the help of Figure 11 and 12 in the text. The exergy 
efficiency of the thermoelectric generator system for typical operating conditions obtained in this study is 
compared with the exergy efficiency of solar photovoltaic generator as per the data available from Sahin et 
al. [19].  It shows that the exergy efficiency of irreversible thermoelectric generator is almost same as the 
solar photovoltaic generator. But the energy efficiency of thermoelectric generator is very low when 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

184 
S.C. Kaushik et al. 

compared with the crystalline silicon solar cells. Therefore, the freely available solar heat can also be used to 
generate electrical energy (exergy) by using solar thermoelectric generator considering the economics, land 
requirements, temperature and other practical aspects of the power generation systems.   
 

 
 
Fig. 13. Power output and exergy efficiency of 
thermoelectric generator for variable contact resistance 

 
 
Fig. 14. Irreversibilities in thermoelectric generator 
for variable contact resistance 

 
Table.1. Comparison of performance parameters of exoreversible and irreversible 

thermoelectric generator for ΔTg of 150K 
 

Sl.
No 

Performance parameters Exoreversible 
thermoelectric generator 

Irreversible 
thermoelectric generator 

1 Maximum energy efficiency  5.16% 4.23% 
2 Maximum exergy efficiency  16.60 % 12.78 % 
3 ICOP, Iexergy  8.6 A 6.8 A 
4 Ipout 10.1 A 7.8 A 
5 Power output at maximum energy 

efficiency 
10.70 W 7.08 W 

6 Maximum power output  10.94 W 7.18 W 
7 Irreversibilities at maximum 

energy/exergy efficiency  
58 W 48.32 W 

8 Irreversibilities at maximum power 
output  

60.5 W 50 W 

 
 

CONCLUSIONS 
Exergy analyses of all possible thermodynamic models of thermoelectric generator have been carried 

out. This study provides complete details of the irreversibilities in the thermoelectric generator system.  
• Analytical expressions for the exergy efficiency and irreversibilities in all possible thermodynamic 

models of thermoelectric generator system have been derived. 
• The results show that the exergy efficiency of thermoelectric generator is higher than the energy 

efficiency. 
• The exergy efficiency of all the thermodynamic models of thermoelectric generator is lower than the 

energy efficiency. e.g., In irreversible thermoelectric generator the maximum energy efficiency is 4.23% 
and the maximum exergy efficiency is 12.78% for the same operating temperatures. 
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• The first law and second law efficiency of the exoreversible and irreversible thermoelectric generator are 
maximum at same current. e.g., The first law and second law efficiency of the irreversible thermoelectric 
generator is maximum at same current of 6.8A. 

• The exergy output of thermoelectric generator increases with increase in ΔTg.  
• The increase in total contact resistance decreases the exergy efficiency of the thermoelectric generator.  
• The decrease in total external heat transfer area at hot and cold side of thermoelectric generator decreases 

the exergy efficiency.  
• The effect of internal irreversibilities in the performance of thermoelectric generator is more when 

compared with the external irreversibilities. 
The above studies will be very helpful in designing of actual thermoelectric generator systems and 

give better understanding about the thermodynamic modelling, irreversibilities and entropy generation in the 
thermoelectric generator systems. 
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Abstract 
The aim of this study is to analyze, by means of experimental infrared thermography, the heat transfer involved 

in the motion of a semi-infinite slug flow (one liquid slug followed by one single vapour bubble) in a heated capillary 
copper tube. The deposited liquid thin film is responsible for intense heat transfer at the wall by evaporation, leading to 
a very significant decrease of the external wall temperature. Post-processing of this temperature field allows identifying 
the equivalent heat transfer coefficient of the fluid inside the tube, in transient conditions, between the liquid slug and 
the dry vapour bubble. In this paper, the experimental methodology and tests results will be presented for water and N-
pentane as working fluids, together with a description of the main physical phenomena that occur during this process. 
In particular, a study of the vapour flow, in the long pipe linking a tank at saturation state to the test section, will be 
held by modeling approach (using mass and momentum balances in transient conditions), reproducing the experimental 
operative conditions. The purpose is to check if the local vapour pressure downstream the meniscus remains almost 
constant, not changing the saturation conditions at the evaporation interface (case of N-pentane), or if its increase, due 
to the emergence of vapour from evaporation, is momentary not compensated by the big volume of the back tube (case 
of water). If this happens, the evaporation process will be delayed, and then the transfer shall be modified and 
influenced by this phenomenon. The results obtained allow better understanding of the physical phenomena involved in 
the experimental study. 

 
KEYWORDS 

Thin film, evaporation, pulsating heat pipes, infrared thermography. 
 
 

INTRODUCTION 
Among efficient two-phase thermal control systems, Pulsating Heat Pipes (PHP) can be described as 

heat transfer devices composed of a single capillary tube wound between one or several hot and cold sources. 
They can passively transfer heat from one source to another through the evaporation/boiling/condensation 
phenomena occurring at both ends. They are partially filled with a working fluid at saturation state, which 
will distributes into liquid plugs and vapour bubbles naturally separated thanks to capillary forces. This in 
the particular heated zones that will occur, among other phenomena, the evaporation process of thin liquid 
films that have been deposited by receding menisci separating the flowing liquid and vapour phases [1]. This 
process has a major impact on heat and mass transfers in the evaporator zone of PHP [2, 3]. 

Figure 1 shows the thin liquid film deposition from a receding meniscus, flowing from left to right, on 
the internal wall of a capillary tube. Physics of thin liquid film deposition, and their initial thickness δ0 can 
be found in papers of Aussilous and Quéré [4], concerning visco-capillary flow regimes (Taylor’s law: 
δ/R ≈ Ca2/3/(1 + Ca2/3)) and visco-inertial flow regimes, or of Han and Shikazono [5] who experimentally 
observed that the inertial forces tend to increase the film thickness for high Reynolds numbers. 

When the tube is subjected to heat flux, the thin film evolves differently according to the wettability of 
the fluid on the wall: on the one hand, for a perfectly wetting fluid, the triple line remains hung at the wall 
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and the thin film evaporation process corresponds to a continuous decrease of its thickness linked to the 
progressive evaporation; on the other hand, subjected to high local heat flux density, a dewetting 
phenomenon can be observed, with the triple line following the receding meniscus and tending to re-thicken 
the liquid film. In the latter case, it becomes impossible to predict the evolution of the thin film thickness 
without taking into account this phenomenon so as to the hydrodynamics occurring in the thin film. 

In the following study, experimental wall temperature infrared measurements will be presented for two 
fluids: water and N-pentane. In the region corresponding to the thin film evaporation, focus will be made on 
determining the vapour pressure in the heated tube thanks to a 1D modeling of the generated vapour 
counterflow from the meniscus into the upstream tank at saturation state. The purpose is to observe by means 
of calculations a vapour pressure/temperature increase that could explain the slight wall temperature increase 
during evaporation as explained hereinafter. Otherwise, this temperature rise could be due to an increasing 
thin film thickness phenomenon. 

 

 
 

Fig. 1. Schematic view of the fluid zone distribution in the tube 
 
1. EXPERIMENTAL APPARATUS 

The experimental device (Figure 2) consists of a capillary copper tube, of 200 mm long and 2 mm-
inner- and 2.4 mm -outer- diameters, heated by Joule effect thanks to an electric power supply (XANTREX 
XDC-20-300). Intensity is controlled by the power supply, whereas voltage is measured with high accuracy 
(±1 μV) at both ends of the tube, giving VI the electric power supply. Note that the copper tube is covered 
with a black paint with an emissivity value of 0.95±0.01 in order to measure accurately the external wall 
temperature and to control the outside boundary conditions (natural convection and radiation). 

An infrared camera (FLIR SC7200) is disposed above the tube to sense the outside wall temperature 
field of the capillary copper tube. Its wavelength band ranges from 1.5 to 5.1 μm (accuracy of ±1 K in 
absolute temperature, thermal sensitivity, lower than 25 mK and frame rate up to 7700 Hz). The sample 
window range is 64 mm long, made up of 320 pixels length and 12 pixels width (corresponding to the edge 
line along the top of the tube) giving a space resolution of 0.2 x 0.2 mm² for every pixel. 

A massive stainless-steel two-phase tank has been designed to control the saturation condition of the 
fluid, large enough to avoid any modification of the thermodynamic state of vapour leaving the tank. It is 
instrumented by a pressure transducer (UNIK 5000 GE, ±80 Pa) and two calibrated thermocouples (type K, 
12 μm diameter) located on its upper part, in the vapour phase. The saturation state of the fluid can be 
checked using fluids liquid/vapour equilibrium diagram. Note that the overall loop, including lines and 
reservoir, is hermetically sealed in order to remain at saturation state during tests: leakages have been  
checked using a vacuum pump associated with helium leak detector (ASM 142, Adixen / Pfeiffer Vacuum). 

The liquid flow is ensured by a volumetric pump (MICROPUMP GA X21) moving fluid from the 
tank. A Coriolis flowmeter (EMERSON CMFS010, ±0.01%) allows measurement of the liquid mass flow 
rate. Starting from a pure single phase liquid flow from the reservoir (at imposed temperature), the three-way 
valve located above it permit the transition to a liquid slug flow, ended by a meniscus and followed by an 
infinite vapour bubble. The flow in a capillary tube at imposed velocity of a meniscus separating an upstream 
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liquid plug from a vapour bubble, both of semi-infinite lengths, is thus established. Both tubes downstream 
and upstream the copper tube test section are made up of transparent vinyl allowing visualizations in order to 
make sure that there is no perturbation on the meniscus and liquid slug flows. 

 

 
Fig. 2. Schematic view of the experimental set-up 

 
2. FIRST RESULTS AND DISCUSSIONS 

In a previous paper [6], a validation of the method is presented involving comparison with 
experimental results for the empty tube (heat flux evacuated only by natural convection and radiation heat 
transfer with ambient) and for the tube through which a laminar single-phase liquid flows. A comprehensive 
study with water as working fluid is then presented, for varying operative conditions, particularly the 
Capillary number and the volume heat flux applied. Some results are gathered in the following section (with 
Ts the saturation temperature, vl the liquid slug velocity and q’w the equivalent heat flux density at the inner 
wall). Let us mention that, thanks to preliminary copper oxidation preparation, water wettability on its inner 
surface became closed to perfect. 

A classical representative case is presented in Figure 3a-b for water as a working fluid for the 
specified operative conditions: one can see the thermograms roughly obtained with the infrared camera on 
Figure 3a for four consecutive times, on which the liquid/vapour front transition is clearly distinguishable by 
the accentuated gradient of greyscale, from clearer to darker tube, corresponding to higher and lower 
temperatures, respectively. Figure 3b shows the corresponding wall temperatures, as functions of the abscissa 
along the tube, the fluid flowing from left to right. The passage of the meniscus is clearly noticeable for the 
three first time steps, corresponding to the sharp decrease of temperature between the right part (liquid flow) 
and the left part (thin liquid two-phase flow). At t = 7.184 s, the meniscus is out from the visualization 
window: the triple line is situated at around x = 0.05 m, at the abscissa of slope variation, between the thin 
film zone on the right side, and the downstream vapour flow with a very low heat exchange coefficient on 
the left side corresponding to a progressive temperature increase from right to left. 

Figure 3c represents wall temperature Tw as function of time for two abscissa (10 mm and 50 mm), 
corresponding to the test case of Figure 3a-b. Both experimental curves can be divided into four zones, 
involving different heat transfer rates inside the tube, as can be seen in Figure 1: on the left side, one can 
notice a classical convective cooling inside the tube by single-phase liquid flow (liquid plug) during the 
initial heating phase. Let us mention that the experimental curve at x = 50 mm is compared to a 3D 
numerical finite elements resolution with only liquid flow inside the tube [6]: there is a real correspondence 
between the experimental and the numerical curves. Moreover, it is noteworthy that the temperature is far 
from reaching its steady state. The second zone, close to the meniscus, begins when the experimental and 
numerical curves are separated from each other (after 3.6 s): the lower experimental temperature tends to 
prove that the Nusselt number increases in the region near the meniscus. These findings are consistent with 
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those of Majumber et al. [7] who attributed the heat transfer improvement to the recirculation patterns 
upstream the meniscus. The third zone corresponds to the liquid thin film evaporation phase: in that case 
there is a sudden drop in wall temperature curves (linked to heat storage release) due to the intensification of 
heat transfer, by conduction across its thickness, of few tens of micrometers only, and evaporation at its 
interface; in this area, the temperature seems to be almost constant as a function of time, at its minimal value 
closed to the vapour saturation temperature Ts. Finally, the last zone corresponds to the sharp linear increase 
of temperature (dried zone, right-hand side of the curves). It starts when the thin film is completely 
evaporated, namely when the triple line passes through the corresponding abscissa. After that, the tube is 
dried out, exchanging heat with vapour only at heat transfer coefficient of several orders of magnitude lower 
than that of thin film. 

 
 

 
 

(a) (b) 

(c) (d) 
 

Fig. 3. (a) Infrared visualizations and (b) corresponding wall temperatures Tw for water (Ts 
≈ 42°C, vl = 69 mm⋅s-1, q’w = 17200 W⋅m–2); and Tw as function of time for: (c) water (Ts ≈ 42°C, 

vl = 69 mm.s–1, q’w = 17200 W⋅m–2); (d) N-pentane (Ts ≈ 27°C, q’w = 13500 W⋅m–2) 
 

Curves of Figure 3d are presented for N-pentane as working fluid, for several liquid plug velocities at 
x = 0.032 m, with behaviour noticeably different than that of water: if the transfer characteristic zones 
described above (liquid plug / meniscus / thin film / dried zone) are well distinguishable, the temperature 
drop corresponding to the wall heat storage release is much slower than for water, and the thin film 
evaporation process involves with a pronounced increase in wall temperature. Two main reasons can be 
assigned for this phenomenon: either it reflects a heat transfer rate diminution linked to a resupply of the thin 
film (increasing its thickness δ) during the evaporation phase (hf ≈ λl/δ), owing to the dewetting of the triple 
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line subjected to heat flux; or it can be due to the fact that, during evaporation, the vapour generation causes 
a momentary increase of its pressure in the heated tube, Pv, thus a corresponding increase of its saturation 
temperature, Tv = Tsat(Pv). Note that, for lower velocities / lower deposited thin film thicknesses, no nearly-
constant temperature level is observed as soon as the thin liquid film is almost instantaneously evaporated by 
the only wall heat storage energy, sometimes at temperatures very far from the saturation one, here at 27 °C. 
The aim of the next section is therefore to determine the pressure/temperature levels achieved by the vapour 
phase in the heated tube by means of a 1D numerical model, in order to ascertain whether the effects of the 
temperature increase during evaporation can be attributed to the pressure rise or to the film increasing 
thickness, for decoupling the origins of this phenomenon. 

 
3. MODELING OF VAPOUR FLOW BEHIND THE MENISCUS 

The vapour flow has been modelled, considering motionless nodes i (from 1 to N = Lad / Δx) in the 
tube upstream the heated tube, and a single growing node H representing the latter. Thus, the growing 
volume VH of this node is given by the meniscus velocity vm, starting from t0 = 0 at the heated zone inlet: 

 

( ) ( )44 22
iomiHH D)tt(vD)t(L)t(V ππ −==  (1) 

  
Model assumptions 
The assumptions of the model are the following: 
 

• vapour flow is 1D, considered as isothermal; 

• vapour is assumed to be a perfect gas, giving, with previous condition: CteAPP
sat

sat ===
ρρ

; 

• the viscous stresses along dx are given by )/v)(D/Re)(/( i 2164 2ρτ −= ;     

• in the heated zone, there is an additive mass flow ( lvHiwv htLDqm /))((' π= ); 

• the vapour in the tank (x = 0) is at saturation conditions (Psat, Tsat); 
• in Navier-Stokes momentum equations, the advective term is neglected; 
• at t0 = 0, P is imposed all along the pipe and is given by linear pressure losses from the tank; 
• at t0 = 0, the momentum term )v( ρ  is equal to 0 all along the pipe. 

 
Equations 
Navier-Stokes equations. In a node i of the domain, Navier-Stokes equations give, for the mass and 

momentum (Eq. (2) and (3) respectively) balances: 
 

( ) isii xvt ,ρρρ =∂∂+∂∂  (2) 

 
( ) iii xPtv τρ +∂∂−=∂∂  (3) 

 
In Eq. (2), i,sρ  corresponds to the volume vapour mass flow rate injected in the node (giving 0=i,sρ  

in the upstream tube – i = 1 to N - and )(/)(, tVtm HvHs  =ρ  in the heated zone node). )t(mv  represents the 

equivalent vapour mass flow rate calculated from the thin film evaporation of the heat flux during the 
passage of the meniscus, in a given experimental case. τi represents the viscous stresses given by classical 
laminar flow (see assumptions above). 

 
Boundary conditions. Two kinds of boundary conditions (at x = 0 and Lad + LH) are imposed: 

 
• at x = 0: the vapour in the tank is at saturation conditions (Psat, Tsat) (see above); 
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• at x = Lad + LH: the meniscus velocity is set equal to vm, given by experimental data. 
 

Discretization of the problem. The general discretization scheme is depicted in Figure 4: k and i 
respectively represent time and space steps. 

 

 
Fig. 4. General discretization scheme of the problem at a given time step k 

 
 

Momentum terms (ρv) are calculated in the center and pressures P at the edges of every mesh. The 
general discretized mass and momentum equations are consequently (for i = 2 to N–1), using implicit 
numerical scheme: 
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Eq. (4) is obtained by combining equations (2) and (3). For the mesh H, the volume vapour mass flow 

H,sρ  has to be taken into account. And, for the mesh m (see Figure 4), the boundary condition is: (ρv)(k,m) = 

ρ(k,m)×vm. Combining equation (4) and (5), equations (6) and (7) are finally obtained: 
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( )( ) ( )( ) ( ) ( )1,21,12,1, ++−+ −=− ikikikik PCPCvv ρρ  (7) 

 
where: ( )),1(1,1 1 ikik CA −− += ρβ , xtC ΔΔ=1 , )(2 tAxC ΔΔ=  and )2(64 2

iDtΔ= μβ . 

 
4. RESULTS AND DISCUSSIONS 

The spatiotemporal evolution of the vapour pressure has been calculated using the operative 
conditions of the tests cases presented in Figure 3a-b (meniscus velocity vm, heat flux density wq' , thin film 

length, saturation temperature Ts) and taking into account the heat storage released from the wall associated 
with the sudden temperature drop as the meniscus passes through a given abscissa. The corresponding 
saturated temperature, Tv = Tsat(Pv), is plotted together with wall temperatures of Figure 3c-d as functions of 
time, for water (Figure 5a) and for two bulk velocities of N-pentane (Figure 5b). It is shown here that Tv 
increases for water, simultaneously with Tw in a first step, whereas it remains strictly constant for N-pentane, 
proving at least that for this fluid, the wall temperature increase during evaporation is only due to the re-
thickening of the thin film (as for water at the end of the process). At first order, in that specific experimental 
case, the fluid thermophysical properties which influence the vapour temperature rise are gathered in the 
following factor: Fv = (∂T/∂P)satμv/(hlvρv). This latter reflects the temperature evolution due to pressure one 
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which depends on its mass generation (through hlv) and its viscous losses that prevent from its evacuation 
(through μv/ρv). Figure 5c clearly indicates that this factor is at least two orders of magnitude lower for N-
pentane than for water, explaining such constant vapour temperature curve depicted in Figure 5b. 

 

(a) (b) 

 
(c) 

 
Fig. 5. Tw and Pv as functions of time corresponding to cases of Figure 3: (a) water (Ts ≈ 
42°C, vl = 69 mm⋅s–1, q’w = 17200 W⋅m–2); (b) N-pentane (Ts ≈ 27°C, q’w = 13500 W.m-2); 
and (c) Fv as function Tv for the two fluids 

 
 

CONCLUSIONS 
In this study, an experimental analysis of the heat and mass transfer involved in evaporation of a thin 

liquid film deposited downstream a semi-infinite slug flow in a heated capillary copper tube is presented. 
Infrared thermography permits temperature measurements on the outer wall of the tube. Operation of the 
temperature field led to analyse the heat transfer occurring between the inner tube wall and the fluid, through 
separation of the latter into four consecutive zones: the liquid plug flow, the meniscus zone, the thin film 
region and the dried vapour zone. Water and N-pentane have been tested as working fluids with controlled 
operating conditions including liquid plug velocity, volume heat flux and saturated temperature in the tank. 
Furthermore, a 1D modeling of the vapour phase flow occurring between the heated zone downstream the 
meniscus and the tank, including the mass generation due to the thin film evaporation, has been performed in 
order to determine the saturated vapour temperature correlated to its pressure increase. It is shown here that 
the temperature of the saturated vapour phase increases for water, whereas it remains constant for N-pentane. 

Thin 
film 

rethickening

Thin 
film 

rethickening
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These results will allow decoupling the effects of vapour temperature increase and thin film thickness 
increase as causes of wall temperature rise during evaporation. 

 
Nomenclature 

Latin symbols   
A,C  constants 
D diameter, m 
F factor, Km3W–1 
hlv latent heat, J kg–1 
L length, m 
m  mass flow rate, kg⋅s–1 
P pressure, Pa 
q' heat flux density, Wm–2 
R radius, m 
Re Reynolds number 
t time, s 

T temperature, °C 
v velocity, m s-1  
V volume, m3 

x abscissa, m 
 
Greek Symbols 
β constant 
δ thickness, m 
λ thermal cond., Wm-1K-1 
μ dynamic viscosity, Pa s 
ρ density, kg m-3 
ρ  volume mass flow, kg⋅m–3⋅s–1 

τ  viscous friction, Pa⋅m–1 

 
Subscripts 
ad adiabatic 
H heated zone 
m meniscus 
0 initial 
v vapour 
sat saturation 
w wall 
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Abstract  
In this study, we fabricateda reverse-loopthermosyphon (RLT) with a large preheat accumulator foreffectively 

andstably moving thermal energy downwards to a constant temperature liquid-cooled heat exchanger.The RLT is a 
passive device, such as a heat pipe without a wick structure and valves, driven by thermal energy and 
possessesextremely high thermal conductivity.This study analysed the operationof an RLT and obtained thepressure 
versus heat fluxgraph. The heated portion is 1.1 m higherthan the cooled portion, and a 95 concentration of ethanol 
liquid with 45% fill ratios was used as the working fluid inside the thermosyphon loop. The experiment used nine 
power inputs to observe the temperature variation with time.Given an actual heating flux of 27.33 kW/m2, the steady 
temperature of the heat source was approximately 147°C, the liquid-cooled heat exchangerhad a steady temperature of 
30°C, and the thermal resistance was 0.26°C/W. This study successfully predicted the pressure inside the RLT; the 
minimum startup accumulator pressure mustbe higher than 0.2 kg/cm2.  
 
 
INTRODUCTION  

Heat transfer is a challenge that is ideally realised by using high heat intensitiesoverlong distances 
with small temperature differences. In many terrestrial applications, heat transfer requirements are 
completely satisfied by flow loops in which a fluid’s heat is transferred between the heating zone (heat 
source) and the cooling zone (liquid-cooled heat exchanger)using a circulation exchanger. The heat transfer 
circulation exchanger may be spontaneous or driven by electronic pumps.  

However, system reliability is higher when the circulation is spontaneous. A tsunami followed the 
earthquake in Fukushima, Japan, on 11 March 2011, causing a serious nuclear reactor meltdown. 
Themeltdown occurred because of the loss of electrical power to the reactor’s active cooling system. At the 
10th International Heat Pipe Symposium, Mochizuki et al. presented several designs for spontaneous heat 
pipe heat exchangers thatcanreplace the conventional nuclear power plant cooling systems [1]. 

The conventional thermosyphon in a closed system, also referred to as a bottom-heat-type 
thermosyphon, depends on the natural upwards movement of hot liquids and downwards movement of cold 
liquids. According to Faghri, such thermosyphonshavebeen widely used because of theirhigh efficiency, 
reliability, simplicity, and cost effectiveness, and is used where heat must be transported from a low to a high 
position [2]. Kang et al. demonstratedan high thermal performance of a loop thermosyphon by using 
methanol and water as the working fluids [3]. A boilingenhancement structure and different charging rates 
were analysed in their study. Two types of conventional thermosyphons, two-phase single and loop, are 
illustratedin Figure 1. However, thesethermosyphons usually work only when the heat source is situated 
below the heat sink. Ensuring spontaneous downwards heat transfer is difficult; nevertheless, these devices 
have the potential to be extremely useful insolar heating systems, thermal storage, waste recovery, 
geothermal energy exploitation, warm water storage, and solar refrigeration.  
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Fig. 1. Conventional two-phase single and loop thermosyphons  
 
Far fewer studies have been conducted on spontaneous downward heat transfer than on heat pipes, 

loop heat pipes, and thermosyphons.Roberts proposed 10 technical solutions, out of which only oneis widely 
used [4]. Dobriansky and Yohanis described a reverse thermosyphon action consisting of a self-acting and 
self-controlled liquid circulation loop with downwards heat transfer [5]. Dobriansky reviewed self-acting 
circulation loop concepts for downwards heat transfer for energy conversion and management [6]. 
Dobriansky developed many achievable methods for designing effective devices to transfer heat. 

Ippohshi et al. conducted considerable research on top-heated two-phase RLT [7, 8]. Tsai et al. built a 
prototype of an RLT to demonstrate its high-power energy storage applications [9]. Li et al. presented a 
feasibility analysis of an RLT for ground heat exchanger applications [10]. By referring to their experimental 
apparatus, we fabricated the cyclical two-phase RLT. This study tested the operational characteristics of an 
RLT with a large preheat accumulator (also called a condensing accumulator).  
 
1. EXPERIMENTAL APPARATUS AND PROCEDURE  
 
1.1. Fabrication of aCyclical Two-Phase RLT  

Figure 2 shows the schematic of an RLT with a large preheat accumulator and temperature 
measurement points. It consists of an evaporator, a liquid-cooled heat exchanger, a large preheat 
accumulator, and pipes connecting these components. The heat transport height from the evaporator to the 
bottom of the cooling coil was 1,100 mm, and the total height of the apparatus was 1,450 mm. The 
evaporator was fabricated using a copper column (80-mm diameterand 150-mm height), in which 10 holes 
(13-mm diameter) were drilled for placing 5 electronic iron heater coils with a total electronic resistance of 
80 ohms and a maximum power of 600 W in a low-temperature environment. A hole was drilled straight 
through the centre, and the heater column was connected using a1/2″ copper tubing with a wall thickness of 
1 mm;the heating surface area was 11,970 mm2. The preheat accumulator (3 L) consisted of a 3½″ stainless 
steel tube with a height of 200 mm and 2 50-mm-high caps. A single 1/2″stainless steel tube passes through 
the preheat accumulator to exchange thermal energy from the vapour and preheat the working fluid. The 
liquid-cooled heat exchanger is a heat exchanger fabricated by coiling a 3/8″, 1,900-mm-long copper column 
with a wall thickness of 1 mm; 95 % ethanol liquid was the working fluid inside the RLT. A water pool and a 
thermostatic bath were used for storage and cooling of the RLT in the liquid-cooled heat exchanger, 
respectively.  

 
1.2. Experimental Setup and Methods  

Figure 3 shows the images of the experimental apparatus. Type-T thermocouples (Omega®-TT-T-
040) were installed as shown in the Figure, and all temperature outputs were connected to a continuous data 
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logger. The temperature measurement uncertainty was ± 0.1 C. To guarantee thermal insulation, an 
insulated fibreglass foam (k <0.04 W/mk) was used to cover the evaporator, the accumulator, and the entire 
liquid-descending pipe line. The experiment used AC power and a digital power regulator to supply nine 
input powers at a 45 % working fluid filling ratio in the RLT. The cooling coil was immersed in the pool 
bath filled containing6 L of liquid water. A refrigeration cooling system maintained a constant cooling 
temperature. The water flowed into the pool bath through a 30-mm-diameter tube at 20.5 L/min, and a 50-
mm-diameter tube passed through the refrigerator to dissipate the thermal energy.  

 

 
 

Fig. 2. Schematic and equipment of RLT with a large preheat  
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Fig. 3. Experimental setup  

 
1.3. RLT Operation Methods and Thermodynamic Diagram  

During the heating process, the minimum pumping pressure, which accumulates in the saturated 
vapour in the accumulator, required to drive the liquid cycle and can be calculated using equation (1):  
 

     (1) 

 
Because of the buoyancy in the evaporator the bubbles do not easily flow back into the accumulator. The 

maximum pressure in the condensing accumulator must be higher than the boiling force and static tubing 
pressure. When the vapour pressure in the condensing accumulator is PAmax, the bubbles can flow back into the 
accumulator. The calculation of the maximum saturated vapour pressure is given by equation (2):  
 

  (2) 

 
Combining equations (1) and (2), the working region of the saturated vapour pressure, which completes the 
working fluid thermal cycle, is given by equation (3).  
 

 (3) 

 
The steam explosion force can follow the correlation equation of heat flux (4) proposed by Collier and 

Thome [11] as  

  (4) 
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Fig. 4. Schematic of operation method in RLT  
 
2. RESULTS AND DISCUSSION  

When heat was supplied by the electronic heater to the heating section, circulation occurred and the 
fluid temperature in the evaporator and accumulator gradually increased. Figure 5 shows the temperature 
variations over time; the evaporator was supported using a 27.33 kW/m2 heat flux input at a 45 % filling 
ratio. As anticipated, the heater surface temperature in the evaporator (T1) was higher than temperatures 
elsewhere.T2 was the saturation temperature of the vapour steam. During heating, temperatures rose rapidly 
in the evaporator (T1) and stabilised at approximately 4,000 s. The vapour steam condensed in the preheat 
accumulator and saturated hot liquid flowed out of the preheat accumulator (T3) and the liquid-cooled heat 
exchanger (T4 and T5).The cool liquid flowed through T6, and the temperature affected by the preheat 
accumulator heating rose to a constant value higher than that of the liquid-cooled heat exchanger. The 
temperature of T7 was preheated using the vapour steam inside the inner tube of the preheat accumulator to 
support an initial movement power before heating. Figures 6 and 7 illustrate that the heater surface 
temperature (T1) lies within the evaporation and liquid cooled heat exchanger temperature (average 
temperatures of T4 and T5), respectively, when the heat flux increased from 4.96 to 27.33 kW/m2, according 
to the time step. Figure 6 shows that the temperature rose with an increase in the heat flux, and was closer 
after the 24.26 kW/m2 power input. Figure 7 shows the condensation temperature variations during heating. 
The thermal resistance of RLT with a large preheat accumulator in this study was calculated using equation 
(5). Figure 8 depicts the thermal resistance of the two-phase RLT when 9 heat fluxes ratios were employed. 
The heat flux with a 27.33kW/m2input power density exhibited the lowest thermal resistance of 
approximately 0.26 C/W.  
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   (5) 

 

 
 

Fig. 5. Temperature variations over time  
 

 
 

Fig. 6. Heater surface temperature (T1) variations over time for different heat fluxes 
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Fig. 7. Liquid cooled heat exchangertemperature variations over time for different heat fluxes 
 

 
 

Fig. 8. Thermal resistance variations over time for different heat fluxes 
 
Figure 9 depicts the steady temperature at each measurement point over different heat fluxes.By 

analysing the temperature evolutions in Figure 9, it can be noted that T5 and T8 kept constant and all theother 
temperatures in the loop except for the temperature in the accumulator (T6)have very similar qualitative 
shapes at various input heat fluxes. The temperature T6 increased at first and had a slowdown in temperature 
rise and then decreased when the heat flux increased to 12.13 W/m2.The figure shows that a higher heat flux 
yields superior performance. Figure 10 is a plot of the predicted pressure (Pmin, Pmax, and Pb) calculated 
using equations (1), (2), and (5) compared with the observed gauge pressure (P6,gage) and temperature (T6).In 
Figure 10, temperature T6increasedsharply at first and had a slowdown in temperature rise and then 
decreasedafter P6,gage exceeded Pmin, i. e., 0.2 kgf/cm2,because a mass of cold liquid returned to the 
accumulatorwhich indicated that the heat transfer started. Pmax was 1.40 kgf/cm2

, and Pb was 
1.22 kgf/cm2

,while the heat flux was 12.13 kW/m2.  
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Fig. 9. Steady temperature for each measurement point overdifferent heat fluxes  

 
 

Fig. 10. Relationship of the startup pressure and accumulator temperatureT6 overdifferent heat fluxes  
 
3. CONCLUSION  

RLT s are a unique type of automatic reverse circulation loops capable of transferring heat 
downwards. In this study, a prototype of an RLT with nine power capacities was developed, fabricated, and 
tested. Operating methods were examined, and the experimental results can be summarised as follows:  
1. The input power density affected the thermal performance of the thermosyphon when ethanol was 

employed as the working fluid. The lowest thermal resistance, 0.26 °C/W, was observed when the filling 
ratio was 45% and heat flux was 27.33 kW/m2.  
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2. The RLT transferred more than 27.33 kW/m2 thermal heat flux of heat downwards from a height of 1,100 
mm. 

3. The temperature, pressure, and flow directions inside the loop varied cyclically without valve operation; 
the heat was transported downwards continuously from the evaporator to the liquid-cooled heat 
exchanger.  

4. The two-phase RLT was reliable, exhibiting antigravity capability and the potential to perform efficiently 
in high-power energy transport applications, such as solar energy installations. 

5. This study successfully predicted pressure (Pmin, Pmax, and Pb) using equations (1), (2), and (4). The 
minimum start up pressure must be higher than 0.2 kg/cm2.  

 
Nomenclature 

PAmin Minimum pressure required inside the 
preheat accumulator [kgf/cm2] 

Pb Operation pressure—steam explosion force 
of the liquid-phase-change process inside the 
evaporator[kgf/cm2] 

PAmax Maximum pressure inside the preheat 
accumulator [kgf/cm2] 

Tx Excess temperature of the evaporator, which 
isthe temperature difference between T1 and 
T2 [°C] 

H1 Height from the top to the vapour–liquid 
interface inside the preheat accumulator 
[m] 

Pcr Critical pressure, assumed to be equal to the 
saturation pressure of the preheat 
accumulator temperature T2 [kgf/cm2] 

H2 Height from the top of the vapour line to 
the vapour–liquid interface inside the 
evaporator tube[m] 

C,L Cold liquid density formed in the liquid-
cooled heat exchanger[kg/m3] 

H3 Height from the top to the vapour–liquid 
interface inside the evaporator tube[m] 

E,V Vapour steam density formed in the 
evaporator[kg/m3] 

t Temperature [°C] q* Heat flux [W/m2] 
g Gravitational acceleration [m/s2] P1–8 Pressure points from P1 to P8 
RRLT Thermal resistance of RLT [°C/W] T1–8 Temperature points from T1 to T8 
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Abstract 
Many problems remain for further improvement of the PEFC performance and popularization of 

PEFCs, although the polymer electrolyte fuel cells (PEFCs) have become commercially available. The 
control of water behaviors in PEFC is closely related to cell performance. In the range of high current 
density, water generated accumulates in gas diffusion layer (GDL) and in gas channels at cathode-side, and 
the excess water is resistant for oxygen transfer. The cell performance considerably decreases by blocking 
the oxygen transfer. To enhance the cell performance, it is necessary to remove effectively the water 
generated. In this study, in order to improve the water control in gas channels, novel gas channel with micro-
grooves, which are manufactured inside channel walls, is applied. The generated water from GDL is 
removed through the micro-grooves to facing-side of gas channel by the forces of capillary and shearing 
acted by air flow. The performance of the PEFC with and without micro-grooves was examined in various 
experimental conditions. Therefore, the cell performance was examined by changing the cell temperature, 
relative humidity of gas and air velocity. It was shown that the PEFC with micro-grooves showed higher 
performance than the conventional PEFC without grooves. In particular, value of current density increased 
by approximately 23% when the air velocity was 8.0 m/s. 

 
KEYWORDS 
Polymer electrolyte fuel cell, Micro-grooves, Water management, Flooding, Gas channel 
 
INTRODUCTION 

Moisture management is very important for improving the performance of polymer electrolyte fuel 
cells (PEFCs). In particular, at a high current density, the generated water increases and accumulates in the 
gas diffusion layer (GDL) and gas channel at the cathode side. The cell performance decreases significantly 
because of the generated water, which blocks the oxygen transport. To improve the cell performance, it is 
necessary to efficiently remove the generated water. 
Many attempts have been made to improve the moisture control and removal performance of water at the 
cathode side; that is, the application of a surface treatment or finish in the GDL or on the inner surface of the 
gas channel wall has been tested for water management in PEFCs. For example, studies concerning GDL and 
micro-porous layer (MPL) were investigated [1-3]. In addition to the hydrophobic treatment of the GDL and 
coating on the MPL, moisture control using the GDL perforated with laser-cut holes [4] and the multi-layer 
of hydrophobic and hydrophilic MPLs [5] have been examined. Moreover, to enhance oxygen gas diffusion, 
the control of water movement using the GDL with planar-distributed wettability has been proposed and 
examined [6, 7]. Furthermore, the effects of the gas channel and various flow channels, such as parallel, 
serpentine, interdigitated, and hybrid, have been investigated [8-11]. Considering the special configuration of 
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the flow channel, passive water removal by capillary droplet actuation [12] and the effect of channel wall 
wettability [13] have also been investigated. 
 
RESULTS OF PREVIOUS REPORT AND OBJECTIVE OF THIS STUDY 

To reduce the accumulation of water on the GDL surface, Okabe and Utaka [14] proposed a method in 
which thin micro-grooves, with an axis tilted at an angle with respect to the air flow, are arranged at both 
side walls and at the upper wall inside the gas channel composed of the GDL surface and separator walls, 
and excluded its effect. Figure 1 shows the schematic view of water distribution in the case of the proposed 
method. As shown in Fig. 1(a), in the case of a normal separator, a liquid–gas two-phase flow is formed. 
Water tends to accumulate on the GDL surface with a large amount of water generation. To reduce the 
accumulation of water on the GDL surface, the water on the GDL surface and from upstream of the gas 
channel moves through the opposing surface of the micro-grooves to the GDL owing to the capillary and 
shear forces of the air flow; that is, as shown in Fig. 1(b), micro-grooves with an axis tilted at an angle 
toward the gas flow direction were arranged inside the walls and the upper wall of the gas channel, which is 
composed of separator inner walls and the GDL surface. The experimental apparatus, which simulates water 
production by chemical reaction, is shown in Fig. 2. In this apparatus, micro-grooves, with a tilted axis, were 
arranged toward the gas flow direction on the side walls and the upper wall of the gas channel. The gas 
channels with a square cross section of 1.0 mm were prepared. The micro-grooves at both side and upper 
walls were used with a square cross section with a width and depth of 0.2 mm, respectively. The crossing 
angle between the micro-grooves and the gas flow direction were 3 patterns. Experiments were performed 
under inclination angles of 20, 30, and 45° The surface velocity of water flow in the micro-grooves was 
measured to clarify the water behavior in micro-grooves using the laser-induced fluorescence method (LIF). 
Figure 3 shows the surface velocity of the water in the micro-grooves. The positive velocity indicates that the 
water was removed from the GDL surface. The surface velocity of the water was measured at a total length 
of 200 mm at a tilt angle of 20° in the case of a water supply rate Q I = 2.0, which denotes that I is 2.0 A/cm2 
for PEFC power generation. Therefore, the arrangement of the micro-grooves was confirmed to be effective 
throughout the gas channel at a total length of 200 mm, which shows that it is possible for micro-grooves to 
be used for actual stack dimensions of PEFCs. 

However, because these investigations were focused on the effect of water movement, it is necessary to 
confirm the effectiveness of micro-grooves on the performance of an actual PEFC, in which various 
phenomena such as generation of water by an electrochemical reaction around the catalyst layer, water 
evaporation in air at the gas channel, and anode side reaction occur. Therefore, the objective of this study is 
to confirm the effectiveness of the microgroove arrangement on the enhancement of the power generation of 
an actual PEFC. 

 
 
 
 

Fig. 1 Schematic of water behavior through micro-grooves from GDL [14]. 
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EXPERIMENTAL APPARATUS AND METHOD 
 
Schematic of experimental system 

Figure 4 shows a schematic of the experimental system. Pure hydrogen gas and air (approximately 
79% nitrogen, approximately 21% oxygen, and approximately 1% argon) were supplied from each gas 
cylinder to the anode and cathode, respectively. The flow rates of hydrogen and air were controlled by a 
mass flow controller. Subsequently, they were humidified in a moisture chamber and flowed to the PEFC. To 
avoid condensation in the pipe between the moisture chamber and PEFC due to cooling, the pipe was heated 
and covered by an insulator. The temperatures of the separators at the anode and cathode were controlled by 
water circulated from a constant-temperature bath. For data acquisition of the PEFC performance, the cell 
voltage and cell resistance were measured by a data logger and an LCR meter, respectively, while the current 
loaded on the PEFC was kept constant and changed step by step using the electrical load. Finally, the current 
voltage characteristic and the cell resistance via the current density were obtained. 

Fig. 3 Variation of water velocity in micro-grooves against distance (I = 
2.0 and 4.0 A/cm2) [14]. 

Fig. 2 Details of micro-groovestructure [14]. 
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Figure 5 shows the components of the PEFC. In this study, to investigate the difference between PEFC 

performances with or without micro-grooves, separators with relatively long gas channels were 
manufactured, considering the application to an actual PEFC. The gas channel has a square cross section 
with a width and height of 1.0 mm and a length of 200 mm. 11 gas channels were arranged parallel to the 
reaction area of 42 cm2 (21 mm × 200 mm) in membrane electrode assembly (MEA). The carbon paper GDL 
(Toray Industries, Inc. TGP-H-060) with hydrophobic treatment and MPL application was used. The silicone 
rubber sheet was used at the anode side and the silicone sponge sheet was used at the cathode side as the 
gaskets. 

 
 
Configuration of gas channel with micro-grooves 

Figure 6 shows a schematic of the gas channel with micro-grooves. Micro-grooves, with a 20° axis of 
tilt angle to the air flow, were arranged on both side walls and the upper wall at 0.4 mm intervals 
perpendicular to the groove axis. Additionally, these micro-grooves were connected to the single groove 
axially arranged at the center of the upper wall. The width and depth of micro-grooves are the same: 0.2 mm. 
Considering that the water generated accumulates less upstream of the gas channel, the micro-grooves were 
arranged from 50 mm downstream of the gas channel. In addition, the gas channel with micro-grooves was 

Fig. 4 Schematic of experimental system. 

Fig. 5 Electrolyte fuel cell apparatus. 
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applied only to the cathode separator, and the gas channel without micro-grooves was used at the anode side. 
The separator is made from gold-plated brass with a hydrophilic surface. 
 

 
 
Experimental conditions 

Table 1 lists the experimental conditions. To evaluate the performance of PEFCs with micro-grooves, 
experiments were performed by changing the cell temperature, relative humidity of the supply gas (both the 
same for the anode and cathode), and air flow velocity of the supply gas (air). The standard conditions, as 
shown in boldface text in Table 1, are the cell temperature of 70°C, relative humidity of 70%, and air flow 
velocity of 6.0 m/s. The standard conditions were kept except for a varied parameter. Air velocity was 
calculated using the air flow rate before humidification. Furthermore, the rates of utilization and 
stoichiometry were calculated based on the flow rate of the supply gas at a current density of 2.0 A/cm2. 

 
 

 
Determination of clamping pressure 

Because the power generation of PEFCs depends remarkably on the clamping pressure [15], 
determination of the appropriate clamping pressure is essential for the purpose of this study. To investigate 
the effect of the clamping pressure on the characteristics of power generation, experiments were conducted 
by changing the clamping pressure under the standard conditions of the cell temperature of 70°C, relative 
humidity of 70%, and air flow velocity of 6.0 m/s for comparison. The effect of the clamping pressure on 
cell performance is shown in Figs. 7. Figures 7(a) and (b) show the relations between the current density and 
cell voltage and the power density curve. Figure 7 shows that the upper limit of the current density increases 
with increasing clamping pressure up to approximately 0.96 MPa and then decreases. The clamping pressure 

Flow design Parallel 
Gas channel width (mm) 1 
Gas channel depth (mm) 1 
Rib width (mm) 1 
Active electrode area (geometric) (cm2) 2.1 × 20 
Clamping pressure (MPa) 0.96 
Cell temperature (°C) 50, 70, 80, 90 
Relative humidity (%) 20, 50, 70, 100 
Gas velocity (flow rate)  

Hydrogen, m/s (mL/min) 1.1 (730) 
Hydrogen stoichiometry 1.15 

Air, m/s (mL/min) 5.0 (3300), 6.0 (3960), 7.0 (4620), 8.0 (5280) 
Air stoichiometry 5.0 m/s: 2.17, 6.0 m/s: 2.60 

 7.0 m/s: 3.04, 8.0 m/s: 3.47 

Fig. 6 Schematic of gas channel with micro-grooves. 

Table 1 Experimental conditions 
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of 0.96 MPa, at which maximum current density is obtained, was set as the standard condition to examine the 
effects of cell temperature, relative humidity, and air flow velocity. 

 

 
EXPERIMENTAL RESULTS AND DISCUSSION 
 
Effect of cell temperature on cell performance 

Experiments were performed after changing the cell temperature from 50 to 90°C. For comparison, 
two kinds of cathode-side separators, with and without micro-grooves, were used. Figures 8(a) and (b) show 
the variation of the current density against the cell voltage and the power density curve, respectively. 

 

 Fig. 8 Effect of cell temperature on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 

Fig. 7 Effect of clamping pressure on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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Figure 8 shows that the qualitative tendency was similar with or without micro-grooves, and the power 
density reached maximum at a cell temperature of 70°C. In addition, it was found that the limit of the current 
density increased and the effect of the concentrated overvoltage could be reduced by the addition of micro-
grooves. It was confirmed that the addition of micro-grooves inside the gas channel enhanced the removal 
performance of the water accumulated on the GDL surface, as shown in Okabe and Utaka [14]. 
 
Effect of relative humidity of supply gas on cell performance 

The effect of the relative humidity of the supply gases was investigated, as shown in Fig. 9. Two kinds 
of cathode-side separators with and without micro-grooves were used. Figures 9(a) and (b) show the 
relations between the current density and cell voltage and between the power density and current density, 
respectively. The qualitative tendencies were similar despite the arrangement of the micro-grooves, and there 
were appropriate conditions of relative humidity on the power density and current density. The power 
density increased with increasing relative humidity, and the maximum was reached at 70%; then, this 
decreased at 100% relative humidity because it was easily influenced by the concentrated overvoltage owing 
to lack of room for vaporization in the supplied saturated air. In the range of relatively lower humidity from 
20 to 50%, the maximum power densities with micro-grooves were slightly lower than those without micro-
grooves because it was likely that the proton conductivity was reduced by the enhancement of the drying 
PEM. 

 
 
Effect of air velocity in cathode-side gas channel on cell performance 

Figure 10 shows the effect of air velocity in cathode-side gas channels varying from 5.0 to 8.0 m/s on 
cell performance for two kinds of cathode separators, with and without micro-grooves. Figures 10(a) and (b) 
show the variations in current density and power density against the cell voltage, respectively. The maximum 
current density and power density increased with increase in air velocity for both cases. Additionally, it was 
found that in the case of a normal cell without micro-grooves, the variation of power density was relatively 
small with the variation of air velocity for the case without micro-grooves. In contrast, the effect of air 
velocity was significant, and the increasing rate of power density increased with increasing air velocity for 
the case with micro-grooves. Therefore, the water removal due to the arrangement of the micro-grooves was 
enhanced because increasing the air velocity augmented the movement of water by shearing force due to air 
flow. The addition of micro-grooves for an air velocity of 8.0 m/s improved the current density at cell 
voltage of 0.2 V by 18.5% from 1510 to 1790 mA/cm2 and increased the maximum power density by 7.1 % 
from 590 to 632 mW/cm2. 

Fig. 9 Effect of relative humidity on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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Effect of micro-grooves on fluctuation of cell voltage  

Because it is possible for micro-grooves to rapidly move water, they can be expected to reduce the 
fluctuation of power density, which is caused by unstable water behavior on the GDL. Experiments were 
conducted to validate the effect of micro-grooves. Figure 11 shows the variation in cell voltage when the 
stepwise change in current density was given for the cases with and without micro-grooves. Experiments 
were performed under the conditions of a clamping pressure of 0.96 MPa, a cell temperature of 70°C, 
relative humidity of 70%, hydrogen velocity of 1.1 m/s, and air flow velocity of 6.0 m/s, at which maximum 
power density was obtained. Figure 11 shows little difference in the fluctuations between the cell voltages 
with and without micro-grooves. However, the fluctuation of the cell voltage was suppressed drastically 
because of the addition of micro-grooves. Figure 12 shows the ratios of voltage fluctuation to those of the 
average value for the separators with and without micro-grooves shown by the error bars. The voltage 
fluctuations are defined as (Vmin − Vave)/Vave ×100 (%) and (Vmax − Vave)/Vave ×100 (%), where Vave is the 
average cell voltage, Vmin is the minimum cell voltage, and Vmax is the maximum cell voltage. It was 
confirmed that the addition of micro-grooves improved the reduction of voltage fluctuation and stabilized the 
output of cell voltage. Therefore, it is possible that the generated water can be rapidly stabilized by the liquid 
removal of micro-grooves from the GDL surface. 

 

Fig. 10 Effect of air velocity on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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CONCLUSIONS 

To improve water management in gas channels, the configuration of a novel gas channel with micro-
grooves, which are manufactured inside the gas channel walls, was proposed. This structure was applied to 
the gas channel of an actual PEFC 200 mm in effective length, and improvement of the PEFC performance 
was examined experimentally. As a result, the following conclusions were obtained: 
[1] The maximum current density and the maximum power density improved because of the reduction in the 

concentrated overvoltage using the gas channel with micro-grooves. In particular, it was found that the 
increase in the air velocity was more effective for the improvement of water removal by micro-grooves. 
The densities of the maximum current and power increased by approximately 18.5% and 7.1%, 
respectively, when the air velocity was 8.0 m/s.  

[2] The voltage fluctuations caused by unstable water behaviors in the cell were reduced drastically and the 
stability of the cell output was improved because it was possible to quickly move water inside the gas 
channel by the addition of micro-grooves. 

 

Fig. 12 Variation of voltage fluctuation. 

Fig. 11 Time variation of cell voltage with variation of current density in 
unsteady state. 
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Abstract  
This work describes the development of copper oxide multilayered porous media with 30 vol% of charcoal, used 

as space holder material, which was milled during different time periods, 5 – 45 minutes. A previews work developed 
with different space holder concentration showed that 30 vol% presents the best properties of mechanical resistance and 
porosity for the desired application and that each concentration presents a different percentage of retraction. In the 
present work, to be able to develop multilayer porous media, the concentration was maintained constant and the 
charcoal particle size was modified. The rheological behavior of the mixture was studied through constant rate curves. 
The ceramic bodies were produced in different layer combinations through aqueous colloidal processing, using slip 
casting as molding technique. The each layer final bodies were heat treated and characterized to obtain its porosity, 
pore size distribution, permeability and effective thermal conductivity. The sintered samples presented porosity of 
60.2±2,0 %, bimodal pore size distribution, permeability 10–14–10–13 1/m2 (depending of the space holder average 
particle size) and effective thermal conductivity of 5,6 W/(m⋅K). The multilayer porous media interface was 
characterized through scanning electron microscope images.  
 
KEYWORDS 

Slip Casting, Porosity, Space Holder  
 
INTRODUCTION 

The heat pipe porous media fabricated by powder sinterization usually presents monomodal pore 
distribution. However, more efficient heat pipes can be obtained for bimodal pore distribution media, which 
would facilitate the vapor release in the evaporator section [1, 2]. This work describes the development of 
copper oxide multilayered porous media produced though aqueous colloidal processing of copper oxide, 
using charcoal as space holder and slip casting as conformation technique.  

Many space holder materials are used with ceramic and metallic powders in the fabrication of porous 
media [3–13]. In the present work, based on a previous work [14], where samples with increasing 
concentrations of commercial charcoal as space holder material were fabricated and characterized showing 
good results specially in the 30 vol %, the charcoal milling times effect on the performance of porous media 
was studied. Samples were fabricated and their thermal and physical properties were analyzed through 
different techniques.  

 
EXPERIMENTAL PROCEDURE 

The samples were fabricated from suspensions made of commercial copper oxide II (CuO) 
(Colorminas Colorifíco e Mineração S/A), with average particle diameter d50 of 8.0 μm and density of 
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5.8 g/cm3. In the present work, the charcoal used as space holder material was milled during different times 
(5, 15 and 45 minutes), in an alcohol solution to achieve the desired particle size. This work is actually a 
completion of a previous study, where different space holder concentrations showed that 30 vol % charcoal 
volume percentage resulted in the best performance porous media [14]. After milling, the charcoal was left 
for 24 hours, to allow the solvent evaporation in an oven at 50 °C.  

The suspensions were developed with 35 vol% of solids [14], 1.0 wt % of active dispersant (PAA – 
Duramax D-3005, Rohm and Hass), 1 wt % of binder (Polyvinilic Alcohol – Vetec/Sigma Aldrich) and 
30 vol % charcoal concentration. To maintain the stability, the suspension pH was adjusted to 10 using KOH 
1M (Lafan Química Fina LTDA). Each suspension was prepared by 5 minutes of mechanical agitation and 
the homogenization was carried out using ball milling for 3 hours, with the binder addition in the last hour. 
The rheological behavior of the slurries was measured using a rheometer (Thermohaake, model VT550) with 
rotational concentric cylinders, operated with controlled shear rate conditions. Measurements were 
performed at constant temperature by increasing the shear rate from 0 to 1000 s–1 in 180 seconds, 
maintaining at 1000 s–1 during 60 seconds and returning to 0 s–1 in 180 seconds. The slurries were casted into 
a plaster flat plate using stainless steel cylinders of 20 mm in diameter and the pieces were left drying in air 
for 24 hours and, then, removed from the mold. Each composition was characterized and three two-layered 
samples were constructed, from media fabricated from 45 and 15 min charcoal milling times, 45 and 5 min; 
15 and 5 min. These multilayered samples were developed by casting one composition over the other in the 
same cylinder. Heat treatment, for charcoal removal and particle sintering, was performed. It consisted of 
heating the pieces at a rate of 1.0 °C/min, using atmospheric air at 550°C for 1 hour, followed by 900 °C for 
1.0 hour, as determined previously [14] by Thermogravimetrical Analysis (SDT Q600 TA Instruments).  

The porous ceramics fracture and microstructure of the green and sintered pieces, as well as the 
interface between the layers, were analyzed by scanning electron microscopy (SEM) (JEOL JSM-6390LV). 
The sample densities were determined through geometrical measurements. The linear shrinkage was 
determined by the height change between the green and sintered piece. The pore size distribution was 
determined through the image analysis software, IMAGO by ESSS Company, using five different images, 
treated with a mask 4 median filter to eliminate the image noises. After the binarization of the image, the 
pore size distribution was obtained through the d 3-4 metric, [15–17]. The permeability was obtained through 
an experimental technique, which applies Darcy´s law principles for isotropic media, considering the 
pressure gradient and the velocity as parallel vectors [14].  
 
RESULTS  

The copper oxide and charcoal SEM images are shown in Figure 1 and 2, respectively. Figure 1 a) 
shows a SEM image with less magnification, which highlights the round morphology with large particle size 
distribution. When the magnification is higher, Figure 1 b), a rough surface is observed with rod shaped 
agglomerates. Figure 2, shows charcoal images for different times of milling. The charcoal presents an 
acicular morphology with smooth surface and large distributions of particle sizes and forms. It can be 
observed that the charcoal milled during 45 minutes presented small particle agglomerates. The charcoal 
particle size distribution was statistically analyzed, resulting in the plots shown in Figure 3. The average 
particle size of the charcoal decrease significantly with the milling time until 30 minutes, afterwards the 
particle size is not modified in this process, as shown in previews studies [14].  

Zeta potential was measured for the copper oxide and charcoal. The copper oxide without dispersant 
presented high pH dependence and the best dispersion condition is reached for pH 10. The isoelectric point is 
achieved in pH ≈ 7.5. The copper oxide had a great affinity with the used dispersant, moving the isoelectric 
point in pH ≈ 2.0. Good dispersion conditions were obtained after pH 8.0. As the charcoal presented an 
isoelectric point in pH ≈ 3.0, it is possible to obtain stable suspensions in pH 8–12.  

The CuO and charcoal mixtures rheological behavior are shown in Figure 3. Figure 3 a) exhibits flow 
curves of the CuO-charcoal slurries, all curves adjusted to the Herschel-Bulkle rheological model [15]. The 
CuO suspension presented a considerable viscosity. The lowest viscosity presented was in the slurry with 15 
min charcoal milling, this slurry presented the best particle packing which causes viscosity decrease in 
comparison to the others. The 5 and 45 minutes curves show that the particles where not completely covered 
with dispersant, increasing the slurries´ viscosity. Figure 3- b) corresponds to the CuO – charcoal slurries 
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correlation between the viscosity and shear rate. The charcoal 30 vol % present a shear-thinning behavior 
due to a good combination between the matrix and space holder. In Figure 3- b), it is possible to observe the 
low viscosity of the 15 min charcoal milling in relationship with comparison to the other slurries.  
 

  

Fig. 1. CuO SEM images of the raw materials. (a) Low magnification; (b) high magnification. 
 
 

  

Fig. 2. Charcoal SEM images for different milling times. (a) 5 min.; (b) 45 min. 
 

 
Fig. 3. a) CuO-charcoal 30 vol% slurries Constant Rate curves. b) Correlation between CuO-charcoal 
slurries viscosity x shear rate. 
 
Figure 4 shows the green body dilatometry analysis. This sample suffers an expansion after 200 °C 

followed by a retraction after 500 °C, the expansion occurs due to the amount of gases that are released 
during the burnout step. According to the obtained results, the chosen sintering temperature was 900 °C to 
prevent high densification and ensure the production of porous materials. The linear shrinkage graph shows 
the retraction for the individual pieces. All the pieces presented shrinkage between 10 – 12 %. The greatest 
shrinkage occurred in the pieces with bigger charcoal particle size.  
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Fig. 4. CuO-charcoal green body 
dilatometry in flowing air atmosphere. 

 

 

 

Fig. 5. SEM images from surface fracture with different charcoal milling times a) green piece 5 min 
charcoal milling; b) sintered piece 5 min charcoal milling; c) green piece 45 min charcoal milling;  
d) sintered piece 45 min charcoal milling   

 
 

Figure 5 shows SEM images obtained from observation of the fracture surfaces of the green and 
sintered body with charcoal milled during 5 and 45 min. It can be observed that at the chosen sintering 
temperature, a low percentage of copper oxide sintering occurs. The green bodies show a significant 
difference in the charcoal particle size with the milling time increase, as one can observe by comparing Figs. 
5 and 6. The 45 minutes milling present particle sizes of the same order of the CuO particles. In the sintered 
bodies it is possible to observe the difference between the pore size and connectivity depending on the 
particle size. The pieces developed with bigger space holder particle sizes (5 min milling) present larger and 
more interconnected pores than the pieces developed with smaller particle size (45 min milling). 
The final microstructure for 5 and 45 minutes charcoal sintered samples are showed in Figure 6. The porosity 
of all the pieces was similar due to the same concentration of space holder material, but it is possible to 
observe a difference in the porosity distribution depending on the particle size. Comparing Figure 6 a) with 6 
b), one can see that Fig. 6 a) presents more agglomerated pores, while Fig. 6 b) shows a big number of 
smaller pores. These images were used for the permeability measurements, which are dependent on the pore 
size distribution. The permeability results are shown in Fig. 7, where one can see that the charcoal particle 
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size has large influence in the sample permeability and that the highest permeability was observed in the 
sample fabricated with 15 minutes milling charcoal. The sintered pieces presented porosity of 60.2 ± 2.0 %, 
permeability 10–14–10–13 1/m2 and effective thermal conductivity of 5.6 W/(m⋅K) (see [14] for details of 
thermal conductivity measurements).  
 

   

Fig. 6. SEM microstructure with different charcoal milling time 

a) 5 min. charcoal milling; b) 45 min. charcoal milling. 
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Fig. 7. Permeability analysis results of the individual sintered bodies.  
 
Figure 8 presents the pore size distribution, obtained from the image analysis. A large range of pore 

radius is obtained, as a combination of the processing techniques with the space holder material used  
[16–18]. All the milling times presented bimodal distribution with different frequencies. The larger charcoal 
particle size samples (5 minute milling), presented a large amount of pores with radius larger than 6 µm, and 
an isolated peak with radius ≈ 16 µm. The samples made from 45 minutes milling charcoal, presented more 
narrow distribution of pore sizes, mainly between 2 and 6 µm.  

Multilayered porous media were obtained from a combination of the porous media just described. The 
characteristics of the multilayered media was also a combination of the individual layer characteristics. Each 
layer slurry should be developed with great care, because the formation of bubbles in the slurry difficult the 
layer adhesion. It is not possible to develop pieces with more than two layers, because the slurry doesn´t get 
to dry well, affecting the adhesion of the layers. During the sintering of the multilayered samples, it was 
observed that the sample position influenced the resulting material, due to the difference in the outer layer 
permeability necessary for gases releasing from the sample, during its fabrication process. The best result is 
obtained with the layer that contains the larger charcoal particle size on the top.   

The SEM images of the multilayered samples interface are shown in Figure 9, where it can be 
observed that the layer adhesion depends on the time interval in which each layer is slip casted. The 15 min 
and 5 min charcoal milling layers, Figure 9 a), were slip casted with a one hour interval and presented a 
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small line interface, very different from the 45 min and 5 min milling casting interface, in which the time 
interval was 24 hours.  
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Fig. 8. 900 °C Sintered bodies pore size distribution.  

 
 

  
 

Fig. 9. Multilayer CuO porous media interface. a) 15 min and 5 min milling interface, slip casted 
within 1 hour interval. b) 45 min and 5 min milling interface, slip casted within 24 hour interval.  

 
 
CONCLUSIONS  

Copper oxide multilayered porous ceramics were developed using different charcoal particle size. The 
porosity, pore size distribution, effective thermal conductivity and permeability were analyzed for the 
developed suspension composition. It could be observed that the space holder material particle size 
influences the pore size distribution and the permeability of the porous media. Several samples where 
characterized and different multilayered samples where successfully fabricated. The largest challenges in the 
development of multilayered samples is the linear retraction of each layer and the layers adhesion process.  
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Abstract 
There is an initial part of drying processes physical imagination overview. It is based on the prof. Burdo’s book 

analysis. The authors are trying to do some new steps to develop this processes imaginations and theoretical 
prescriptions. The key authors’ idea is the minimum two forms of decelerations exist during drying processes. The first 
one is appearing, when moisture on the dried surface external part is beginning to disappear. The second one is 
appearing, when moisture starts to vaporize from the seeds internal volume, including the liquid - vapor phase border 
deepening inside internal channels. The deceleration in the first form is connected with last elements of the moisture are 
beginning to get deeper in the some corners in the contact seeds places. As the result, it is leading to the surface tension 
pressure increasing and correspondingly decreasing of acting pressure, which ensures the vapor removing. The authors 
took some significant propositions, which can be undergone serious discussion; they sincere recognize it. However, 
they are considering that it is more important to understand: Is it right to account these forms of the drying processes 
deceleration, or not? Their comparison of the calculation results with experimentation data, shown qualitative 
correspondence. It means that this approach has a sense and can be used in the future as the base for the next steps of 
the approach development.    

 
KEYWORDS 

Drying, simulation, thermal siphon, drying deceleration, mass transfer, heat transfer. 
 

INTRODUCTION 
As soon as some theoretical positions are required on the comparison with experiments, the authors 

decided to use the experimental results, obtained in prof. Burdo researching team eng. Voskresenskaya E.V. 
connected with experimentation study of the drying different agriculture seeds, including wheat, peas, rye 
etc. layers in the dryers with the rotating thermal siphons. The drying processes main investigations were 
earlier observed and presented in Prof. Burdo O.G. some publications [1–3 etc.]. His team experimentation 
of these processes for the rotating thermal siphon conditions detailed prescription was given in [4, 5]. Here, 
the authors are going to concentrate their and readers attention on their physical ideas and results following 
from them. As soon as, there were selected the grain drying as the experimentation object, it was needed to 
take the same for the real theoretical analysis. The same conditions selection were related to the design dryer 
forms, including the physical properties of drying media and the seeds layer sizes and movement velocity 
values. The mixed grain layer size was taken about 0.03÷0.06 m; its conventional diameter –- 0.022÷0.044m. 
The specific surface inside grain layer for wheat was 1/m; and for pea, it was 

1/m. The parameters of porosity and permeability will be the next: 
 

 
 

It was noted, that real porosity values are unknown. Therefore, it means, it is necessary to investigate 
the problem by changing the different porosity values. The second moment, what has to be taken into 
consideration is the grain layer was rotated and as result it porosity was significantly increased by this 
movement. The next parameters were related to the rotation conditions. The rotation speed during the 
experiments was 14 and 40 turns per minute. The rotation layer velocities were:   
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The liquid supply mass inside the thermal siphon was equal 1.5 kg, the thermal siphon mass was equal 
2.5 kg. The grain layer whole thickness could be defined by the next equation: 

 
 
THE MOVING DRYING GRAIN LAYER HEATING DYNAMIC PROBLEM. 

It was taken into consideration, that the key aspects in drying process development were the layer 
heating process and the temperature dynamic distribution inside the layer. So, it means, it is necessary, first, 
to determine these temperature changes and connected with them partial pressures in the heating zone, as the 
base of drying process “moving force” and the local mass transfer intensity. So, it was taken as the initial 
step the average grain layer temperature dynamic determination by using the next equations:  

 
   +   +   (1) 

 
The simple theoretical analysis showed that it is possible to neglect the last and the second items in the 

right part of the equation (1). The next assumption has to be connected with the heating zone of the whole 
grain layer thickness. This value can be presented in the eq. 2 and eq. 3 was obtained:   

 

       (2) 
 

    (3) 
 
It was taken into consideration, that essential role in the common heat balance have to play thermal 

loss in environment. The corresponding item has to be added at (3); it is leading to the next: 
 

   (4) 
 
So, it was discovered, that the grain layer heating is essential non-uniform process. The key role in the 

drying has to play phenomena in the grain layer part inside “moving” heating zone. It was taken as the base 
for the next steps in the drying process prescription. The simple form of the eq. 4 can be presented as:  

 

    
      (5) 

 
The numerical calculations gave the next result for average temperature dynamic of grain layer:  

 

 
Fig.1 The average temperature dynamic of the grain layer in K on time in seconds 
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THE STATEMENT, ALGORITM AND DRYING PROCESS SOLUTION. 
The above presented information gave the base for the next step of our analysis. It is taken that the 

heating process is initial one, which has to precede a drying process. In the first turn, this is an increase of the 
heating part of grain layer. This part is moving; as soon as the heating process is non – stationary heat 
conductivity, one and the corresponding value can be determined on the un-stationary heat conductivity 
inside any semi-closed solid media theoretical solution. The important aspect in this case is the temperature 
conductivity value of this part. It is necessary to take into consideration that the layer is intensive mixed. The 
authors assume, that it can be accounted using the known concept about the same phenomena in the 
condensation on the turbulent jet surface [6]. It is presumed to take the next equation for the heated moving 
zone thickness determination: 

 

 
 

Following the mentioned example, (turbulent jet at condensation) eq. 6 was got: 
 

     (6) 
 

The empirical coefficient was accepted 0.1·10-3. The real temperature conductivity coefficient was 
accepted 0.92·10-7 [7]. The next important action is connected with drying process analytical prescription. 
The heating process development solution presented in eq. 5 and Fig.1 gives the grain layer average 
temperature. As soon as, it was necessary to use the value of the temperature in the part of “moving” heating 
zone, it was considered to suggest, that in the first approximation, it is possible to accept it as linear law. So, 
it meant, that the average drop of temperature was necessary to multiply on the next value: δ30/δe with goal to 
get the real temperatures values and corresponding to them vapor partial pressures on the internal surface 
when the evaporation and the drying began. The “moving” heating zone thickness dependency on time is 
presented lower in Fig. 2.  
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Fig.2. The “moving” heating zone thickness in “m” dependency on time in seconds. 
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The “moving” heating zone temperatures determination gave possibility to go to the drying process 
parameters definition, including mass transfer increase and mass of removing water or the grain layer 
moisture essential decreasing. As soon as the “driving forces”, as it is known, are partial pressures 
differences between partial pressure on the heating zone external surfaces and the same value in the grain 
layer heating part, it is necessary to determine the mentioned values at the next step in the common 
procedure of the mass transfer parameters calculations. So, the typical view of these results is presented in 
the graphic form in the next Fig. 4. 
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Fig. 4. The partial pressure (in Pa) on the surface of the grain layer part 
of the “moving” heating zone dependency on time (in seconds).  

 
The drying process fundamental base was connected with water evaporation on the external surface of 

the “moving” heating zone, from one side; from the other side, it was necessary to take into account the 
water vapor removing from this volume through the whole grain layer to the environment. The last process 
authors suggested to calculate as filtration over the mixed porous layer with respect of the layer porosity 
pores sizes and permeability. The calculation base were the relation for permeability determination, used the 
known Kozeny – Karman formulas, and linear form of Darcy law for filtration. It was taken into 
consideration, that water vapor mass accumulation inside heating zone internal volume was leading, from 
one side, to the internal pressure increasing, it is leading to the vapor removing, from the other side, it has 
negative influence on the mass transfer “driving force”, as soon as, it is decreasing the mentioned value. 
These circumstances were taken into account and main calculations results were presented lower. 

Taking into account, that when the moisture mass on the grain external surface becomes smaller, it 
appears inside some of the corners of the separate grains contacts it leads to the formation in these places 
some phase border curatives, as the result the evaporation will take place from it and it will be connected 
with appearance of the capillary pressure and corresponding decreasing of the mass transfer “driving force”, 
or other saying it leads to deceleration of the drying intensity. It is suggested to account it before the phase 
border curvilinear radius becomes approximately equal the same value of the capillaries inside separate 
grains. The pointed imaginations lead to the next correlations: 1.The intensity of internal mass transfer 
process can be calculated, using traditional form of it: 

 

   (7) 
 
As soon as the necessity to account how to determine Po.c. had arisen, it was suggested, that the water 

internal volume partial pressure had approximately linear distribution. The suggestion led to the next 
correlation:     

 

  (8) 
 
It was suggested also, that mass transfer coefficient βp could be found on base of correlations for it 

proposed in [8] in the next view:  
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   (9) 
 

The suggestion was based also on the assumption about the possibility to use empirical correlation 
from [8], which was get for heat transfer, for the mass transfer in the same conditions.  

The important moment the prescription of the drying deceleration, connected with external grain layer 
surface drying, was determined by the formation of the phase border in the numerous contact places of the 
grain layer volume. It was proposed, that if the liquid water reminders could be find, using, for example total 
mass balance, it would be sufficient to go from mass to it volume and then the total water volume existing in 
the corners of the grains contacts places was considered. These considerations led to next correlations for 
phase border curve line radius definition:  

 

  (10) 
 
It was suggested, that this process would has finished before moment, the mentioned radius would 

equal to the grain internal capillary average value. As the authors consider, after this moment the drying from 
the grains internal capillaries starts. The internal evaporation processes are considerable more complex, 
including these processes modeling and detailed prescription. Authors are going to continue these 
imaginations next development later. The main results of the modeling in the graphic forms are presented 
lower. The authors have worked out the necessary algorithm and programming means for the approach 
realization for different initial data. There was discovered by the first step the key calculations equation as a 
cubic equation in the next view:  

 
  (11) 

 
This equation was obtained without respect of the diffusion air from the environment into the grain 

layer internal volume. The authors made the next step at their analysis and took into consideration the 
mentioned position, than they obtained as the other key calculation equation as any quadratic equation in the 
next view:  

 
 (12) 

 
Many results of its solutions commonly on the programming base are presented in the next graphic 

forms:  
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Fig. 5. The phase curved boundary radius (in m.) is changing on the time (in sec) for different porosities.  
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Fig. 6. The capillary pressure (in Pa) is increasing on time (in sec.) for different initial porosities.  
It is following from the previous Fig.5 results. 

 

0,00E+00

1,00E+02

2,00E+02

3,00E+02

4,00E+02

5,00E+02

6,00E+02

0 1000 2000 3000 4000 5000 6000 7000 8000 9000 10000

0,95
0,5
0,1
0,01

 
Fig. 7 The “driving force” mass transfer is changing (in Pa) on time (in sec) for different initial porosities. 

 
They can see from these figures, the water amount decreasing on external media surface results the 

phase border curvature radius decreasing and it is followed by the capillary pressure increasing and the 
corresponding “driving force” mass transfer considerable decreasing at this moment. It leads in turn to abrupt 
drying mass productivity decreasing. The authors consider that it is presented the direct explanation of the 
known drying process phenomenon, including the forms of the drying curves.  
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Fig. 8. The external moisture amount decreasing (in kg) on time (in sec) for different initial porosities. 

 
CONCLUSIONS 

1. The suggested approach is any new step in the drying internal mechanisms prescription. It has a 
sense for deeper internal drying mechanism analysis.  

2. The approach is needed to be developed, including the drying processes, connected with 
evaporation inside some internal mini or even micro channels inside solid media (at the grain 
media case, it is some micro channels inside seeds). If the drying process studying for other 
media, which have no connection with agriculture or food technology, these channels formation 
can be the reason of some destructions or something else. 

3. The different problem of this approach development and improvement require the special 
experimentation statement. It can be connected, for example, with the next: one of important 
problem is the moisture quantity distribution determination (especially what part of the whole 
amount water is on the media internal surface?); the second one is belong the internal micro 
channels sizes and distribution determination; the third one is relating to the mass transfer main 
regularities inside and outside whole media and so on. 

4. The approach main goal not to give the engineering problems calculations formulas, but to help 
with better understanding of many drying processes peculiarities and on this base to find the 
process characteristics improvement and so on. 

5. The authors consider also, that this approach is a new way of the different drying processes some 
total theory buildings. 

 
 

Nomenclature 
α3 - the heat transfer coefficient from the external 

thermal siphon surface to the environment; 
βp- mass transfer coefficient;  
δ3 - the thickness of heated layer;  
δ30 - the total mixed layer thickness,  
δe - given calculation element size (thickness) 
ε  - porosity  
εx - the empirical coefficient of turbulent mixing 

influence 

ρ0 - the water density 
ρ2 - water vapor density;  
ρ3 - grain layer density; 
τ - time value; 
a - the real temperature conductivity coefficient 
a3  - specific temperature conductivity coefficient;  
aekv- the effective temperature conductivity 

coefficient with respect of the turbulent 
mixing 
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C0 - the approximation constant;  
C1 - specific heat capacity of water; 
C2 - specific heat capacity of thermal siphon 
C3 - specific heat capacity of grain layer; 

- single wheat seed main size  
D0 - the diffusion mass transfer coefficient, 
Dt - the main size of this mass transfer external 

thermal siphon diameter;  
dMa - any small water mass evaporated during the 

drying process development.  
F - the element total surface of the evaporation,  
Je1 - the total mass flow; 
Kf - permeability  
L - the heating thermal siphon length;  
M0 - initial total mass water in the grain layer; 
M1 - supply water mass;  
M2 – mass of thermal siphon; 
M2j - the part of the water mass inside seeds 

internal capillaries;  
Σ0

iΔMi - the sum of the previous steps of the 
evaporation from the external seeds surfaces; 

Ni - number seeds in the seed layer volume unit;  
 - Nusselt number for moving seed layer;  

Penv- partial pressure of water vapor in the 
environment; 

Poc- partial pressure of water vapor in the volume 
of the element;  

Pw - partial pressure of water vapor on the 
evaporation surface;  
 - diffusion Pecle number;  

Q - thermal siphon power input to the external it 
surface;  

R1i - phase border curve line radius  
= 0.04m. –the thermal siphon radius  

r -water phase latent heat;  
S3 -  heating surface value;  
S32- the external surface value, 
Si- the grain layer external surface. 
t1 - the thermal siphon average temperature; 
t3 - average temperature of the grain layer ;  
toc- the environment temperature;  
(t1-t3)0 - is the temperature drop value at the initial 

time moment near the heating surface 
V1i - the reminder liquid volume;  
Vi- the grain layer volume.  
W1l  - the rotated layer velocity 1 
W2l – the rotated  layer velocity 2 
Wcл  - the mixed seed layer average velocity;  
WxS1 - the layer velocity average value;  
W1-rotating speed 1 
W2-rotating speed 2 
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Abstract 
We propose to formulate an absolutely new paradigm for the solid-state power engineering in the field of the 

electricity conversion into cold based on the “Freezing Chip” technology. It is the creation of the novel thin-film 
materials (electro freezing/heating foil) based on the nanostructured dielectrics and semiconductors with the preset 
optimal parameters and changing a cooling process into a heating process simply by switching the polarity of the 
supply voltage. We have developed nanostructured semiconductors with a non-conventional mechanism of electron 

conductivity  σ = 10 - 103 Ohm-1⋅cm-1. In this case the material heat conduction is of a purely lattice type and is λ = 

0,1- 1,0 W/(m⋅K). Actually, we have developed some kind of an electron heat pipe, but in a nanostructured solid. It 
allows the principal constraint imposed by the Wiedemann-Franz’s law on the efficiency in Peltier effect-based thermo 
electrical refrigerators to be eliminated. The heat conduction of nanostructured semiconductors having the same 
electrical conductance as that in the best Bi:Te:Se:-based electrical refrigerators is more than 10-100 times less that 
offers promise to achieve the energy efficiencies 50%-70 %  at 100-300 K and 15-50 % at 10-100 K temperature ranges 
per one refrigerator stage. 

 
KEYWORDS 

Solid state power engineering, electro freezing/heating foil, electron heat pipe, nanostructured 
dielectrics and semiconductors 

 
 

INTRODUCTION 
We propose to formulate an absolutely new paradigm for the solid-state power engineering in the field 

of the electricity conversion into cold based on the “Freezing Chip” technology.  
The “Freezing Chip” technology is based on novel thin-film nanostructured dielectric and 

semiconductor materials (electrofreezing/heating foil) with the preset optimal parameters for each specific 
application. Atomic-molecular engineering methods are using for the construction of electronic heat pipes for 
air conditioners, household refrigerator and recuperators, infrared sensors, effective freezing of the very-
large-scale integration circuits and so on to achieve the efficiencies up to 50–70 %.  

We assume that the proposed "Freezing Chip" technology can play a key role in the future world 
refrigeration market. This technology fundamentally solves the problem of protecting the ozone layer by 
eliminating CFCs. It also solves the problem of energy efficiency by reducing a power consumption in 1.2–
1.6 times as compared with compression refrigerators and in 5–6 times in comparison with the 
semiconductor Peltier coolers. It is important to note that the “Freezing Chip" technology  allows to change  
a cooling process onto a heating one by simply switching of the supply voltage polarity because the anode 
and the cathode are equivalent. 

We are currently exploring the possibility to increase the coefficient of performance (COP) of 
electronic heat pipes from 4–6 to 10– 12. 

The "Freezing Chip" technology can conserve all existing household air conditioners, refrigeration and 
recuperator equipment. Only compressors manufactures need to be replaced by ones, producing the solid-
state thermoelectric converters of electricity to cold on the base of "Freezing Chip" technology.  

The “Freezing Chip” technology results from the patent of A.Ilyanok “Quantum-size electronic 
devices and operating conditions thereof” [1]. This patent is one of the key invention in the field of 
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nanotechnology, which determines limit characteristics of nanoelectronic elements, operating regimes 
thereof and methods of parameters analysis. 

A new definition of the mechanism of motion, paring and storing of a single electron and groups of 
electrons in nanosized elements have been discovered. The patent covers fundamental limits of temperature, 
speed and lifetime of nanodevices on a substrate depending on the resonance length, i.e. on the radius of the 
ring wave of an electron r = 7.25 nm. This characteristic size is the fundamental limit for any nanoelectronic 
device operating at high temperatures. The existence of characteristic size of 7.25 nm has been confirmed in 
many studies, for example in [2]. 

 

1. PROBLEMS AND PROSPECTS OF ELECTRICITY-INTO-COLD CONVERSION 
The problem of a cold producing has been investigated for a long time. Several basic methods are 

available in this field to produce low temperatures (Fig. 1): 
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Fig.1. Carnot’s efficiency 

 
1. Mechanical. Based on the first-kind phase transition by expanding/compressing gas   or by 

evaporating liquid (for example, based on CFC or HCFC - freons, ammonia). 
2. Adsorption. Based on the first-kind phase transition when heat is absorbed through gas desorption 

(for example, hydrogen from metal hydrates or freons from silica gels). 
3. Electrochemical. Based on endothermic and chemical reactions proceeding by applying an electric 

current (for example, in tin chloride, ferric chloride and etc.). 
4. Magnetocaloric. Based on the change in entropy of magnetic materials in the second-kind phase 

transition point under the action of a strong alternating magnetic field (for example, ammonium alloys with 
rare-earth metals). 

5. Electrocaloric. Based on the change in polarization-entropy of piezoelectric in the second-kind 
phase transition point under action of a strong alternating electric field (for example, based on 
barium/strontium titanate, lead scandium tantalates). 

6. Thermoelectric. Based on the disturbance of heat equilibrium in the flux of current carriers (for 
example, based on the Peltier or Thomson effect in narrow-band gap semiconductors of bismuth telluride-
selenide and etc.) (Fig.2). 

7. Inverse Thermoelectric - "Freezing Chip" technology (Fig.2). 
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Fig. 2. Principle of thermoelectric operation 

 
We consider only the thermoelectric way. Thermoelectric converter on the Peltier effect is produced 

by many countries. For example, in Russia there are more than 10 factories. Unfortunately, thermoelectric Q-
factor of these converters do not exceed 3⋅10–3 К–1, so one cannot obtain the efficiency of electrical energy 
conversion into the cold more than 10 %. As a result, it does not allow to use them in mass production of 
refrigeration appliances. Besides, Peltier elements usually include environmentally harmful elements such as 
Te, Se, St etc. This limits their production and use in developed countries. 

Despite great efforts of researchers worldwide, a huge number of publications and patents in this most 
important field of a human activity, there is no radical solution to the problem. The total global financial 
research costs of semiconductor Peltier elements amounted to at least $ 1 billion in all these years. 

It is obvious, that this deadlock cannot be overcome using the available expertise and technologies. 
This is due to the fact that for increasing the efficiency of a Peltier element it is necessary to increase the 
conductivity of semiconductors, while reducing the thermal conductivity. Increasing the thermal conductivity 
requires a simultaneous increase in the number of free carriers (electrons or holes) and their mobility. This in 
turn leads to increased thermal conductivity. That is, come into force limitations imposed by the 
Wiedemann-Franz law.  

2. TECHNOLOGICAL INNOVATIVENESS  
Innovation of our approach is to move from models using classical drift-diffusion mechanisms of 

carrier motion in solids and plasmas to quantum mechanical models with local control parameters of the 
medium due to its nanostructure. This will: 

• to completely refuse from all types of freons, to actually protect the environment and to 
eliminate the expenses related to the change-over from CFC-freons to less active HCFC-freons which will 
not allow the ozone conservation problem to be solved in general; 

• to refuse from movable mechanisms - compressors and thermal switches that would improve 
reliability and reduce operating costs; 

• to achieve efficiency more than 30 % for consumer and industrial air conditioners, refrigeration 
and recuperator engineering, that would also help conserve electric energy and really protect the 
environment from the power plants’ emissions; 

• Effective freezing of the very-large-scale integration circuits.  
Basing on our theoretical and experimental results we have arrived at the conclusion that functions of 

a cooling element and a thermal switch may be actually combined. With this aim in mind, we have 
developed nanostructured semiconductors with a non-conventional mechanism of electron conductivity with 
σ = 10–103 Ohm-1⋅cm-1. In this case the material heat conduction is of a purely lattice type and is  
λ = 0.1–1.0W/(m⋅K). Actually, we have developed some kind of an electron heat pipe, but in a 
nanostructured solid (our know-how) showing in Fig. 3. 
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Fig.3. Design of electronic heat pipes on the basis of electro freezing / heating foil. 

 
The combination of a unique electrical conductance and heat conduction allows the principal 

constraint imposed by the Wiedemann-Franz’s law on the efficiency in Peltier effect-based thermo electrical 
refrigerators to be eliminated. The heat conduction of nanostructured semiconductors having the same 
electrical conductance as that in the best Bi:Te:Se:-based electrical refrigerators is more than 10-100 times 
less that offers promise to produce an energy efficiency of 50–70 % in the 100–300 K temperature range and 
of 15–50 % in the range of 10–100 K per one refrigerator stage (Fig. 3). 

Preliminary estimates indicate that 1–3 kg of a nanostructured material and metal electrodes at an 
average cost of $100–$200/kg will be required per 1 kW of refrigerating output. 

The only way to increase the thermoelectric Q-factor is to reduce the cross section of electron 
interaction with short-wave phonons and infrared photons of the device material. The material essentially 
must be a dielectric or a wide-band gap semiconductor.  

It is well known that dielectrics have low thermal conductivity. Multilayered or porous dielectrics 
have an even lower thermal conductivity. Materials with such thermo physical parameters were perfectly fine 
to convert electrical energy in the cold. However, they have a fundamental disadvantage – they do not 
conduct electricity. Therefore, as it seems, they are absolutely not suitable for converting electrical energy to 
the cold. We found a way to solve this problem.  

Under the influence of high-voltage electric field causes irreversible dielectric breakdown that is it is 
formed a channel from degraded dielectric. A sharp jump of electrical conductivity takes place in this 
channel. We found the conditions for the creation of a reversible breakdown. In other words, we found the 
conditions when dielectric recovers from the dielectric breakdown.  

It is important that the restored breakdown occurs in a constant electric field, and the low-frequency 
variable field. These results allow the effects of a completely new approach to the creation of elements that 
convert electrical energy into the cold. We have shown that in certain materials one can artificially create a 
resonance condition of electron motion by external influences and/or by nanostructuring environment 
(tunneling gap of 7.25 nm). It allows to increase the conductivity and to reduce the thermal conductivity at 
normal temperatures (Fig. 4).  

 
 
 

 
 

Fig. 4. A multi-layered freezing chip for cryogenic temperatures and electro-freezing / 
heating foil for air-conditioning and heat recuperation 
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3. CONCLUSIONS 
The main result of the investigations is the creation of thin-film solid thermoelectric converters 

electricity in the cold/heat with the help of quantum size effects ("Freezing chip" technology) for the mass 
production of refrigerators, air conditioners and recuperators, electron heat pipe etc. with an efficiency about 
55–70 % (depending on temperature). They will work directly from a network (~127, ~220 or ~380 V) or 
battery without transformers and galvanic isolation.  

Advantages of "Freezing Chip" technology:  
1. Decreasing of an electric energy demand approximately in 1.2–1.6 times in comparison with 

compression refrigeration equipment and 5-6 times in comparison with the semiconductor Peltier coolers at 
the cost price in the range of $0.3–$ 1.0 per 1 W of the expended electrical energy.  

2. Invers working of hot /cold that allows to stabilize quickly the temperature. 
3. Environmentally acceptable product due to take-over Freons and observance of all inter-national 

standards.  
4. Silence in operation. 
5. High performance reliability and low operating costs due to take-over mechanical units. 
6. High patent protection. 
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Abstract 
Adsorption cooling systems (ACS) are a viable alternative to vapor compression refrigeration cycleswhere low-

grade waste heat is abundant. When using water as a refrigerant in an ACS, the operating pressure is quite low (<5 kPa) 
and the performance of the system is severely affected when using conventional evaporators. This problem can be 
addressed by using capillary-assisted evaporators. In this study, a new capillary-assisted evaporator testbed is designed 
and built, and three enhanced tubes with different fin geometries (fin spacing and fin height) and a plain tube are tested 
under different chilled water inlet temperatures. The results show that enhanced tubes provide 1.65-2.23 times higher 
total evaporation heat transfer rate compared to the plain tube. Under equal inner and outer heat transfer surface area, 
the results also show that the enhanced tube with parallel continuous fins and higher fin height (Turbo Chil-26 FPI) has 
13% higher evaporation heat transfer coefficient than that of a tube with lower fin height (GEWA-KS-40 FPI). 

 
KEYWORDS 

Capillary-assisted evaporation, enhanced tube, low-operating pressure, adsorption cooling system. 
 
 

INTRODUCTION 
A vapor compression refrigeration cycle (VCRC) in vehicle air conditioning (A/C) system can add up 

to 5-6 kW peak power draw on an internal combustion engine (ICE). Also, in an ICE of a light-duty 
vehicleabout 40% of the fuel’s energy is wasted in the form of exhaust gas and about 30% of the fuel’s 
energy is dissipated through the engine coolant [1]. To reduce vehicle fuel consumption and recover some of 
this waste heat, a waste-driven ACS can replace a conventional VCRC of light-duty vehicles. A portion of 
the waste heat of an ICE is sufficient to run the ACS and generate the cooling power required for the vehicle 
A/C applications. The substitute forthe compressor of a VCRC is an adsorber bed in which a refrigerant 
(adsorbate), such as water or methanol, is adsorbed at the surface of an adsorbent, such as zeolite, silica gel, 
or activated carbon. Most of these materials are non-toxic, non-corrosive, and inexpensive [2], which makes 
ACS a safe and environmentally friendly technology. Among the existing refrigerants, water has the thermo-
physical properties of a suitable refrigerant, such as the highest enthalpy of evaporation (latent heat). 
However, the saturation pressure of water at temperatures below 100°C, where the evaporator of an A/C 
system operates, is below atmospheric pressure. Accordingly, an ACS that uses water as the refrigerant 
operates under vacuum pressure and is known as low-operating pressure (LP) evaporator. 

Accumulation of liquid water in a LP evaporator creates a water column, which results in a static 
pressure difference between the liquid water-vapor interface and the bottom of the water column. This static 
pressure changes the saturation temperature and pressure of the water. As a result, cooling power generation 
of an ACS is drastically reduced. To have a uniform water saturation temperature, the static pressure of the 
water in the LP evaporator should be minimized. A practical approach to resolve this issue is capillary-
assisted evaporation. Capillary-assisted flow and evaporation inside circumferential rectangular micro-
grooves were studied by Xia et al.[3,4]. They immersed finned tube with outside circumferential micro-
grooves into a pool of liquid to investigate the effects of immersion depth, evaporation pressure, and 
superheating degree on the performance of the evaporator. Their experimental results showed that the 
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evaporation heat transfer coefficient has a positive correlation withthe evaporation pressure, and a negative 
correlation with the superheating and immersion depth. Wang et al.[5] developed an evaporator for a silica 
gel-water ACS based on the work shown in[3,4]. They claimed that the evaporation heat transfer coefficient 
might be about 5,000W/(m2·K). Lanzerath et al.[6] studied a combination of finned tubes and thermal 
coating for capillary-assisted evaporation at low pressures. Their investigation showed a strong dependency 
of the total heat transfer coefficient on the water filling level. Their study also established that the 
combination of macroscopic fin structures and micro porous coatings yielded an evaporation heat transfer 
coefficient of 5,500 W/(m2·K),which is 11 times higher than that of a plain tube [6]. 

High evaporation heat transfer coefficients (4,000-8,000 W/(m2·K)) can be achieved from capillary-
assisted evaporation due to the water phase change on the outer surface of the tubes. To generate cooling, 
this heat has to be transferred from the chilled liquid water flowing inside the tube, to the tube wall, and 
finally, to the refrigerant. In this process, the main thermal resistance to heat transfer is due to the low single-
phase heat transfer coefficient inside the tube which is a bottle-neck in improving the overall performance of 
LP evaporators. Therefore, this study is focused on the overall heat transfer coefficient of LP evaporators. 
Three enhanced heat exchanger tubes with different fin geometries were tested under various operating 
temperatures and pressures to find the achievable cooling capacities and overall heat transfer coefficients, 
and to determine the mostsuitable tube for use in the LP evaporator of ACS. 
 
EXPERIMENTAL DETAILS 

A representation of capillary-assisted evaporation is shown in Fig. 1. An enhanced tube with small fin 
spacing on its outside surface is in contact with a pool of liquid. Due to capillary action, the liquid rises 
upward and covers the entire outside surface of the tube. Chilled liquid water provided by a temperature 
control system (TCS) is circulated inside the tube and heat is transferred to the thin liquid filmon the outside 
of the tube, leading to evaporation. 

A capillary-assisted LP evaporator was designed and built as shown in Fig.2. The evaporator tube 
consisted of a four-pass arrangement with a total length of 1.54 m. Capillary evaporation took place at the 
free surface of the tube helping to maintain the evaporation heat transfer rate as the water level decreases. 
The tube was placed horizontally at the bottom of the box to minimize the water height as shown in Fig.2b. 
Type T thermocouples (Omega, model #5SRTC-TT-T-36-36) with accuracy of ±0.1°C, and a pressure 
transducer with 0-34.5 kPa operating range (Omega, model #PX309-005AI) and ± 0.4 kPa accuracy were 
used to monitor and record the temperature and pressure variations at the locations shown in Fig.2. 
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(a) (b) 
Fig.2. Capillary-assisted evaporator built for testing different enhanced tubes: (a) top view, and (b) side view. 
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Fig. 1. Capillary-assisted evaporation: (a) side view, and (b) cross-sectional view. 
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A schematic diagram of the experimental setup is shown in Fig.3. The experimental test bed was 
designed to measure the cooling capacity and overall heat transfer coefficient of the evaporator. The setup 
consisted of a TCS and a variable speed pump to provide a constant temperature chilled water to the 
evaporator at different mass flow rates. A control valve was used to regulate the pressure inside the 
evaporator. A vacuum pump and cold trap were used to mimic the adsorber bed of ACS. The cold trap, filled 
with a dry ice and isopropyl alcohol solution, was used to protect the vacuum pump from the water vapor 
coming from the evaporator. The operating conditions during the experiments are summarized in Table 1. 
Once the evaporator was evacuated using the vacuum pump, the evaporator was filled with the makeup water 
(1,200 g) to immerse the evaporator tube in water. When all the temperatures and pressure inside the 
evaporator became constant, the control valve was opened and adjusted until the evaporator pressure reached 
the specific value listed in Table 1. No water was added during the course of the experiment, so the water 
level dropped until all of the water in the chamber evaporated.The tests were conducted for three types of 
enhanced tubes with different fin structures and one plain tube as a benchmark as listed in Table 2. 
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Fig.3. (a) Schematic of the experimental setup and (b) the actual setup. 
Table 1. Operating conditions for the experiments. 

Parameter Values 
Chilled water inlet temperatures 10°C/ 15°C/ 20°C 
Chilled water flow rate 2.4-2.7 kg/min 
Evaporator pressure 0.5 kPa @ 10°C 

0.6 kPa @ 15°C 
0.8 kPa @ 20°C 

Amount of water filled inside the 
evaporator for each experiment 

1200 g 
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Table 2. Geometric details of the enhanced tubes used for the experiments. 
Tube name and details Fin structure 5x zoom view 
Turbo Chil-26 FPI (Wolverine Tube Inc.)  
OD: 19.05 mm (3/4”) 
Fin Height: 1.422 mm 
Min. wall under fins: 0.737 mm 
Inside surface area: 0.049 m2/m 
Outside surface area: 0.193 m2/m   

Turbo Chil-40 FPI (Wolverine Tube Inc.)  
OD: 19.05 mm (3/4”) 
Fin Height: 1.473 mm 
Min. wall under fins: 0.635 mm 
Inside surface area: 0.051 m2/m 
Outside surface area: 0.263 m2/m   
GEWA-KS-40 FPI (Wieland Thermal Solutions) 
OD: 19.05 mm (3/4”) 
Fin Height: 0.9 mm 
Min. wall under fins: 0.7 mm 
Inside surface area: 0.0489 m2/m 
Outside surface area: 0.194 m2/m   
Plain Tube 
OD: 19.05 mm (3/4”) 
Inside surface area: 0.0547 m2/m 
Outside surface area: 0.0598 m2/m 

 

 

 
 

DATA ANALYSIS 
The chilled water inlet and outlet temperatures, Tchilled,iand Tchilled,o and mass flow rate were used to 

calculate the heat flow rate is as follows: 
 

 (1)

 

The total evaporation rate, , is calculated by time averaging the heat flow rate given in Eq.(1): 

 

 
(2)

where t1andt2are the beginning and end of the time when the temperatures in the evaporator are 
constant value. Finally, the overall evaporator heat transfer conductance,UevapAevap, is given by: 

 

 (3)

 
where the logarithmic mean temperature difference between the chilled water circuit and the 

refrigerant is given by: 
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chilled,i chilled,o
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T T
T T

−
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 −
  − 

 
(4)

 
WithTevap the average of Tevap,1 and Tevap,2. Aevap is chosen as the outside heat transfer surface area of the 

plain tubein order to have a reference (nominal) surface area for the calculation of Uevap for all tubes. 
 
RESULTS AND DISCUSSION 

Fig. 4 shows the operating pressure and temperature of the evaporator versus time for a Turbo Chil-40 
FPI tube at a constant chilled water inlet temperature of 15°C. In Fig. 4a, it can be seen that the evaporator 
pressure reduces once the control valve is opened and remains constant until the evaporator runs out of 
water, at which time it drops to zero. 

 

 

Tchilled,i

Tchilled,o

Ttube1,2

Tevap1,2

 
(a) (b) 

Fig. 4. The behavior of evaporator with Turbo Chil-40 FPI at the chilled water inlet temperature of 15°C vs. time: (a) 
evaporator pressure and (b) temperature at different locations in the evaporator. 

 
It can be seen inFig. 4b that all of the thermocouples have the same reading at the beginning of the test 

(equilibrium state). After opening the control valve, the evaporation temperature is set by the evaporation 
pressure. To calculate the total evaporation heat transfer and the overall evaporator heat transfer coefficient, 
data are extracted from the steady state region demarcated in grey in Fig. 4. 

Fig. 5shows the effect of capillary phenomenon on the performance of an evaporator built with Turbo 
Chil-40 FPI tube compared with the one built with the plain tube. As shown in Fig. 5a, using Turbo Chil-40 
FPI tube results in an almost constant evaporation heat transfer rate and, consequently, constant evaporator 
heat transfer coefficient over time. Even as the height of the liquid decreases, the capillary action ensures that 
the entire outside surface of the tube remains covered and the heat transfer rate and evaporation heat transfer 
coefficient are maintained. Fig. 5b shows that the plain tube fails to maintain the heat transfer rate and, 
consequently, the evaporation heat transfer coefficient drops as the height of the liquid water inside the 
evaporator drops. 
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(a) (b) 
Fig. 5. Heat transfer rate achieved by using (a) Turbo Chil-40 FPI tube, and (b) plain tube. 

 
The total heat transfer rate and overall evaporation heat transfer coefficient are shown in Fig. 6 for all 

four tubes. As shown in Fig. 6a, the enhanced tubes result in an average heat transfer rate increase of 65%, 
123%, and 96% compared to the plain tube at chilled water inlet temperatures of 10, 15, and 20°C, 
respectively. The Turbo Chil-40 FPI tube provides the highest total evaporation heat transfer rate of 422 W 
at the chilled water inlet temperature of 20°C, followed by Turbo Chil-26 FPI. Calculating the overall 
evaporation heat transfer coefficient is useful for selecting the best enhanced tube. Fig. 6b depicts the overall 
heat transfer coefficient of enhanced and plain tubes under different chilled water inlet temperatures. An 
overall evaporator heat transfer coefficient as high as 888 W/(m2·K)can be achieved by using Turbo Chil-40 
FPI under chilled water inlet temperatures of 20°C. While, the plain tube has an overall evaporator heat 
transfer coefficient of only 365 W/(m2·K), which is 2.4 times lower than that of the Turbo Chil-40 FPI.  
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Fig. 6. (a) The total evaporation heat transfer rate, and (b) the evaporator heat transfer coefficient for three 
different enhanced tubes and one plain tube. 

 
Comparing the evaporator heat transfer coefficients provided by the enhanced tubes, as shown in Fig. 

6b, and fin structures shown in Table 2 indicates that the two most important parameters in the design of 
capillary-assisted evaporators are to have continuous parallel fins, such as Turbo Chil-40 FPI and Turbo 
Chil-26 FPI, and high heat transfer surface area. Comparing the results of the Turbo Chil-26 FPI and 
GEWA-KS-40 FPI which have the same heat transfer surface area (both internal and external), and similar 
continuous parallel fins indicates that Turbo Chil-26 FPI with lower fin density has 13% higher evaporation 
heat transfer coefficient. This is because it has a higher fin height (58%) as shown in Table 2. Thus, the main 
features of an enhanced tube designed for capillary-assisted evaporator are: i) continuous parallel fins and ii) 
high fin height. As a result, it can be concluded that the evaporator built with Turbo Chil-40 FPI for ACS 
provides the highest cooling power compared with the other enhanced tubes. 
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CONCLUSION 
A flat low-operating pressure evaporator with capillary-assisted tubes was proposed for the ACS with 

the applications in vehicle A/C systems. The evaporator consisted of horizontal capillary-assisted tubes 
which were in contact with a pool of water while the pressure in the evaporator was maintained between 0.5 
-0.8 kPa. In this study, the effects of three different tubes with various surface geometries on the evaporation 
heat transfer coefficient and evaporation cooling power were experimentally investigated. The experimental 
results indicated that the Turbo Chil-40 FPI, i.e., Tube with 40parallel fins per inch onthe outer 
circumference with a surface area of 0.263 m2/m, assisted in high capillary effect and therefore provided 
highest cooling power. 
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Nomenclature 

A heat transfer surface area (m2) 

pc  heat capacity at constant pressure (J/(kg.K)) 

LMTΔ  log mean temperature difference (K) 

FPI fins per inch 
 mass flow rate (kg/s) 

P pressure (Pa) 
 total heat transfer rate (W) 

 heat transfer rate (W) 
T temperature (°C) 
t time (s) 
U overall heat transfer coefficient (W/(m2·K)) 
Subscripts 
chilled chilled water 
evap evaporator 
i in 
o out 
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Abstract 
In this experimental study, a specific multi-sources refrigerator designed for Telecommunication onboard 

electronic cooling is presented. The overall loop is composed of three parallel evaporators, four parallel condensers, 
three expansion valves and one single compressor. The specifications give an overall heat power to be extracted into 
space of 11 kW, including the working power consumption of the compressor. Here, the refrigerating loop, filled with 
R245fa as working fluid, has been designed at scale 1, with three evaporator panels simulating the real 
Telecommunication satellites panels composed of several electronic devices. The condenser radiative panels have been 
replaced by a convective cooling loop with secondary fluid controlled at fixed temperature. In this paper, a presentation 
of the experimental loop is done, and is followed by some previous tests results, involving the optimal mass of fluid 
found empirically, results with single evaporator operating loop and with two evaporators in parallel. These tests show 
that, in a first step, this kind of cooling system can be available for the thermal management of an entire 
Telecommunication Satellite. 
 
KEYWORDS 

Refrigerator, parallel multi-sources, satellite, phase change  
 
 

INTRODUCTION 
The amount of electronic components in communication satellites is constantly increasing, as well as 

their thermal dissipation. The actual cooling systems, such as grooved heat pipes or two-phase capillary 
loops, are no longer sufficient to maintain the temperature of electronic components below a threshold value. 
In fact, starting from a current condenser geometry and heat pipe conductance, increasing the heat power 
implies an increase of the evaporator temperature. Thus, two new technical solutions have been imagined: 
the first one is to increase the surface area of the radiating panels, using existing cooling systems in order to 
limit the condenser temperature; the second is to increase the temperature of the radiant panels by using a 
refrigerating machine. For the first solution, the surface of the radiating panels is limited by the satellite 
launcher; a system with deployable panels is generally used. For the second, which is the framework of this 
study, a refrigerating machine has been developed for the space environment. The project was initially 
launched by Thales Alenia Space (TAS, Cannes, France), especially in the design of satellites for 
telecommunications. This refrigerator must be able to evacuate the heat dissipated by the onboard electronic 
equipment.  

The principle is to remove heat of the electronic devices by evaporation at a saturation temperature of 
about 40°C, then condensing the vapour previously pressurized by the compressor (corresponding to a 
saturation temperature of about 80°C). Note that the overall heat power to evacuate (including the 
compressor working power) is of 11 kW. Within the loop, the working fluid is compressed and driven 
mechanically by a compressor. 

The development of the different components of the loop was treated by a consortium of several 
French research laboratories in collaboration with TAS: IMFT (Toulouse), CEA / LETh (Grenoble), 
LAPLACE (Toulouse), CETHIL (Lyon) and P’ Institute (Poitiers). Two types of evaporator have been 
designed: rectangular and cylindrical geometries. CETHIL and CEA laboratories have designed a rectangular 
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geometry by entropy generation minimization approach [1]. The task of IMFT was to characterize and test 
experimentally a smooth cylindrical geometry evaporator, under normal and microgravity, dimensioned by 
TAS. CEA has determined the working fluid, R245fa, and the corresponding thermodynamic cycle, using 
literature review [2-3]. The condenser zone was developed by LAPLACE, after providing an experimental 
study on heat transfer and flow distribution in a multichannel micro-condenser tested under normal and 
microgravity [4]. Expansion valves have been provided by TAS and the compressor by the latter in 
collaboration with ULG (Liege).  

The study presented here, developed by P’ Institute, consists in assembling all parts of the loop, at 
scale 1 for a Telecommunication satellite, and to test and characterize the system. Here, after a sensitivity 
analysis on the mass of working fluid to be introduced in the system, first experimental results with one and 
two evaporators will be presented, showing the availability of such system for satellite dissipative electronic 
cooling. 

 
EXPERIMENTAL SETUP 

Figure 1 shows a schematic view of the multi-source refrigerator loop: it is composed of three parallel 
evaporators, four parallel condensers, six expansion valves (three thermostatic, Honeywell TMVL 9 0004, 
and three electronic expansion valves, Alco Controls EX4) in order to test the best solution, among 
electronic and thermostatic expansion valves, for this kind of loop, and, finally, one single compressor. All 
connecting lines are made of stainless steel and have an inner diameter between 12 and 20 mm. The entire 
loop has been insulated (130 mm of Rockwool for evaporators, 40 mm for the vapour lines and 20 mm for 
the liquid lines). The working fluid is R245fa. 
 

 
 

Fig. 1. Schematic view of the refrigerator loop  
 

Two hundred T-type thermocouples of 0.1 mm diameter instrument different locations along the loop 
(liquid and vapour lines, evaporators, condensers, secondary fluid at both ends of the condensers, 
compressor...). Six Coriolis mass flowmeters (Emerson CMF025 at expansion valves inlets and Emerson 
F025 at condensers outlets) have been inserted between condensers outlets and expansion valves inlets (see 
Fig. 1). Nine differential pressure transducers are located along a condenser branch and six absolute pressure 
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transducers (GE UNIK 5000 Premium) along the loop (see Fig. 1). Wattmeter (NORMA D6000) and Torque 
meter (TM 211 and Torque Transducer Display MAGTROL 6400) permit the measurement of the 
compressor mechanical power consumption in order to determine the COP (Coefficient Of Performance) of 
the system. Each part of the loop is described in the following paragraphs. 

 
EVAPORATORS 

Two of the three evaporators (profiles 1 and 2) have the same rectangular profile geometry with eleven 
micro channels; these tubing are placed horizontally. The schemes of manufactured EV1 and EV2 tubing 
profiles are shown on left side of figure 2. They are all in horizontal orientation, positioned in parallel. The 
third evaporator tube (EV3, figure 3, left) is composed of three smooth cylindrical channels, and is placed in 
vertical orientation. All evaporators are made of aluminum. Note that the maximum total power that can be 
applied to the three evaporators in parallel is of about 10 kW. 

 

No. Parameters Measurement, mm 
1 A 12.3 
2 B 10.8 
3 C 39.9 
4 D 37.8 
5 E 2.9 
6 F 0.3 
7 G 1.08 
8 H  <10  μm 
9 L 0.38 

10 M 0.23  
 

Fig. 2. Cross-section of evaporators EV1-2 profiles (left) and corresponding manufactured 
dimensions (right) 

 
 

No. Parameters Measurement, mm 
1 A 40.4 
2 B 40 
3 C 14 
4 D 1 
5 E 0.8 
6 F 11.9 
7 G 13.50 
8 J 2.30 
9 L 3.65 

10 M 1.10 
11 N 7 
12 O 0.21 
13 P 1 
14 Q 1  

 
Fig. 3. Cross-section of evaporator EV3 profiles (left) and corresponding manufactured 

dimensions (right) 
 
 

The evaporators are positioned on panels of actual dimensions of telecommunication satellites. Each 
evaporator is composed of a unique line whose elements are combined to one another thanks to several 
aluminum bends and flexible connections (see Fig. 4). Each line is heated by a set of several imitators that 
simulate the real heat dissipation of electrical devices on Telecommunication satellite panels. Size 
dimensions of imitators have been chosen in order to adequately fit the main thermal physical properties and 
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heat transfer rates of real electronic units: the most important parameters are heat capacity (by means of mass 
M), heat load (by means of heat flux Q) and heat transfer surface (by means of surface F) between these units 
and cooling lines of evaporators. As an example, the layout of evaporator EV1 hydraulic part is shown 
together with the imitators on left side of Fig. 4 (with TWT: Travelling Wave Tube; EPC: Electronic Power 
Conditioner; OMUX: Output Multiplexer; DTP: Digital Transparent Processing). EV1 hydraulic part is fixed 
on vertical panel, and its outer surface is covered by 3 mm aluminum composite plates. Imitators are fixed to 
composite plate by screws with clamping torch (3–6 Nm). Between every imitators and tubing profiles, a 0.5 
mm graphite pad has been added in order to provide contact conductivity up to 5000 W⋅m-1K-1. A 
photographic representation of assembled EV1 evaporator is shown on right side of figure 4.  

 

 
 

Fig. 4. Layout of heat sources imitators on EV1 (left) and photographic view of assembly 
EV1 (right) 

 
 

     
 

Fig. 5. Cross-section of condenser tubing profile (left) and of one condenser block (right) 
 
 
CONDENSERS 

In this loop, there are four similar condenser blocks in parallel. The manufactured scheme of a 
condenser tube profile is shown on left side of figure 5. Each condenser block consists of fifty parallel 
condensers tubing profiles, combined to one another thanks to several aluminum bends, like for the 
evaporators, giving an overall length of 21.3 m. Moreover, a 1.5 L accumulator with valves is situated above 
each condenser block, as shown on right side of figure 5. The secondary cooling fluid, controlled at fixed 
temperature by means of three chillers and industrial mains water, is water-glycol mixture. 

 
COMPRESSOR 

A prototype of compressor has been supplied by University of Liege (ULB, Belgium). This is a scroll 
type compressor, without lubricating oil because the loop singularities trap and stop the oil return into the 
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compressor; it is thus lubricated by air. Its cubic capacity is of 123 cm3. This compressor is contained in a 
leak-proof enclosure. Mechanical work power is transmitted thanks to a magnetic coupling. 

 
EXPERIMENTAL RESULT: SENSITIVITY ANALYSIS 
 
TEST OPERATIONS WITH ONE EVAPORATOR 

Before performing the tests with several evaporators in parallel, a sensitivity analysis has been 
performed on the loop operating with a single evaporator and two condensers. In the first time, the filling 
mass of working fluid has been determined empirically. For this, the filling mass has been increased until 
attaining the subcooling of the refrigerant liquid flow at the condenser outlet (ΔTev = 6°C). During this mass 
evaluation, it has been observed that the saturation temperature and the subcooling both increased with 
increasing filling mass of fluid. Figure 6 illustrates this phenomenon, which can be attributed to the fact that 
some liquid fluid remained more and more stored in the condenser outlet zones, therefore diminishing the 
effective surface for condensation and increasing the surface for liquid sensible heat cooling. 

 

 
 

Fig. 6. Influence of the filling mass of working fluid on the temperature profiles along the 
condenser (Pev = 3100 W, Tsec = 73°C, ΔTev = 6°C) 

 
For each tested evaporator (one evaporator and two condensers), the optimal mass of fluid has been 

found ranging from 7 to 7.5 kg. In order to verify the system correct operation and to compare its 
performances, each evaporator has been tested in a typical configuration (one evaporator and two 
condensers, secondary fluid temperature at the condenser Tsec = 73°C). On one hand, left side of figure 7 
presents some resulting Coefficients Of Performance (COP = Pev/Pcomp) for tests led with constant boundary 
conditions (heat power applied, mass of fluid and secondary fluid temperature) and with increasing heat 
power Pev. For all the evaporators, the COP seems so slightly decrease with Pev. On the other hand, right side 
of figure 7 presents the corresponding measured pressure losses inside the overall loop, measured at both 
ends of the compressor. Here, the pressure losses logically increase with Pev. In spite of the different 
evaporator geometries, figure 7 shows that the resulting COP and the measured overall pressure losses along 
the loop are of the same order of magnitude whatever the evaporator tested. Nevertheless, these results 
permitted to have a rough estimation of the filling mass of fluid to be introduced for several evaporators. 
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Fig. 7. Coefficient Of Performance (left) and overall pressure losses (right) as functions of 
heat power applied (mf = XX kg, Tsec = 73°C) 

 
 
TEST OPERATIONS WITH TWO EVAPORATORS 

The following part concerns some representative tests results involving two evaporators working in 
parallel with two condensers. For this case, the optimal mass of fluid has been found equal to 11.5 kg. The 
first test presented here concerns some heat power levels relatively close to each other for the two 
evaporators (Pev1 = 2100 W and Pev2 = 2650 W). Steady state results can be seen on figure 8, on the left side 
for temperatures and right side for the mass flow rates. Despite the low difference between heat power 
applied on EV1 and EV2 (around 500 W), the evaporators inlet temperatures are very close (blue curves), as 
well as outlet temperatures (green curves). One can also notice on left side of figure 8 that the condenser 
outlet temperature remains close to and always below the secondary fluid temperature. This can be attributed 
to some heat losses in the overall lines, which could be evaluated. 
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Fig. 8. Temperatures (left) and mass flow rates (right) as functions of time (Pev1 = 2100 W, 

Pev2 = 2650 W, mf = 11.5 kg, Tsec = 73°C) 
 

On right side of figure 8, the evaporators inlets mass flow rates follow the same trend, and the slight 
difference between them corresponds to the difference between their respective heat powers applied. The 
condensers outlets mass flow rates also follows the same trends but with some instabilities, present in both of 
them, whose causes are not yet identified. 

Let’s now consider a test case with two different heat power levels applied at the evaporators 
(Pev1 = 3100 W and Pev2 = 1800 W), but with approximately the same overall heat power level that previous 
case. In this case, one can notice on left side of figure 9 that evaporators inlet temperatures are different 
(around 4 K), but the overheat temperature differences between inlets and outlets of both evaporators remain 

Evaporators 
inlets 

Evaporators 
outlets 
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equal. Indeed, the latter are controlled by means of expansion valves, giving for both the same value. On 
right side of figure 9, one can see that mass flow rate of EV1 is logically higher than that of EV2 (PEV1 > 
PEV2) and this mass flow rate difference involves higher pressure losses in EV1 than in EV2. Let us mention 
that both evaporators have the same outlet pressure. This condition means that the saturation 
temperature/pressure difference between both evaporators can be found in the evaporators inlet pressures. 
This thus explains the difference found in the evaporators inlet temperatures. Regarding the mass flow rates 
on right side of figure 9, they are in this test case very stable, without the fluctuations levels found in the 
previous case. Note finally that the overall mass flow rate is distributed equally in the two condensers, giving 
an overall mass flow rate in the condensers equals to that in the evaporators. 
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Fig. 9. Temperatures (left) and mass flow rates (right) as functions of time (Pev1 = 3100 W, 

Pev2 = 1800 W, mf = 11.5 kg, Tsec = 73°C) 
 
CONCLUSIONS 

In this paper, a specific Refrigerator Prototype System, designed for the thermal control of 
Telecommunication satellites, is presented. The experimental bench is at scale 1, and has been provided for 
removing around 8 kW heat power applied at the evaporators, and around 11 kW at the radiative panels 
cooling the condensers, using R245fa as working fluid. The first tests presented in this paper, in 
representative configurations, permitted to define the optimal filling mass of fluid and performances of each 
evaporator. In a second step, tests have been made with two evaporators operating in parallel and two 
condensers. It appeared that the loop functions in a satisfactory manner. Indeed, even with different levels of 
heat power applied on every evaporator, the average temperatures of these latter remain equal. Results in this 
configuration are very promising before considering the next test case, with four condensers and three 
evaporators in parallel. This is the next step to be performed, and it should help to validate this new method 
as a promising thermal control system to be considered for Telecommunication Satellites. 

 
Nomenclature 

Latin symbols   
m mass, kg 
P  electrical power, W 
T temperature, °C 

Subscripts 
comp compressor 
EV,ev evaporator 
f fluid 
sec secondary cooling fluid 
 

Acknowledgments 

Evaporators 
inlets 

Evaporators 
outlets 
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Abstract  
This paper addresses the optimization of dynamic performance of adsorptive chillers (ACs) utilizing loose grains 

of commercial adsorbent AQSOA™-FAM-Z02. The dynamic data were measured by a Volumetric Large Temperature 
Jump method under typical conditions of isobaric ad/desorption stages of real AC cycle. N flat layers of the loose ad-
sorbent grains were placed on a metal support and subjected to a temperature jump/drop. The effects of number of the 
adsorbent layers (N = 2, 4, and 8), and the grain size (0.2–0.9 mm) were studied. The most notable observations are: 1) 
the initial part of all kinetic curves is exponential and can be described by a single characteristic time τ; 2) at equal 
values of the ratio (S/m) = (heat transfer surface)/(adsorbent mass) the dynamic curves are very close regardless the 
adsorbent grain size R; 3) the maximal specific power Wmax is a linear function of the (S/m)-ratio: Wmax = A·(S/m). Ap-
propriate recommendations on improving the AC cycle dynamics that concern the optimal conversion degree, grain size 
and (S/m)-ratio are made.  

 
KEYWORDS  

Adsorption Chillers, Heat and Mass Transfer, Adsorption Dynamics, Large Temperature Jump 
Method, AQSOA™-FAM-Z02, Dynamic Optimization, Specific Cooling Power 
 
 
INTRODUCTION 

Despite a significant progress in adsorptive chillers (ACs) achieved, still there is a much room for fur-
ther improving these systems, first of all, for increasing the AC Specific Cooling Power (SCP) [1, 2, 3]. The 
SCP is expected to depend mainly on the rate of heat and mass transfer in an "adsorbent bed – heat ex-
changer" (Ad-HEx) unit. Two basic configurations of the Ad-HEx were considered in the literature [4, 5, 6], 
namely, a) a bed of loose adsorbent grains that contacts with the HEx surface, and b) a consolidated adsorb-
ent layer attached to the HEx surface.   

A systematic experimental and numerical study of the loose grains configuration was performed in a 
set of papers surveyed in [7]. The main experimental methodology was a Volumetric Large Temperature 
Jump (V-LTJ) method which was specifically developed to study the adsorption dynamics under real condi-
tions of isobaric stages of AC cycle [8]. N flat layers of the loose adsorbent grains were placed on a metal 
support that represents a heat source/sink. The support is subjected to a jump/drop of temperature between 
the cycle boundaries as it takes place in real AC cycles. The study was performed mostly for two adsorbents 
promising for ACs, namely, silica gel Fuji RD and composite SWS-1L under various boundary conditions of 
AC cycle driven by low temperature heat (≤ 90oC). It was found that the loose grains configuration can en-
sure a quite encouraging SCP (5-10 kW/(kg adsorbent)) in spite of prevailing modern trend that acceptable 
SCP can be obtained only by using consolidated layers.  

A very useful direct comparison of the two mentioned concepts was made in [9] . The authors meas-
ured the Coefficient Of Performance (COP) and the SCP of a lab AC consisted of a flat tube finned HEx 
with either granulated bed or consolidated layer of a novel adsorbent SAPO-34 (AQSOA™-FAM-Z02) spe-
cifically developed for ACs. It was clearly demonstrated that both the COP and SCP related to the HEx total 
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volume were significantly larger for the loose grains configuration: COP = 0.4 and 0.24; SCP = 212 and 93 
kW/m3, respectively [9].  

This important result has stimulated us to make a further step on the dynamic optimization of real ACs 
utilizing the AQSOA™-FAM-Z02 material. In this paper, we have performed a systematic V-LTJ study on 
how a number of the adsorbent layers (N = 2, 4 and 8), and the grain size (0.2-0.9 mm) affect the water ad-
sorption dynamics.  

  
1. EXPERIMENTAL PROCEDURE 

The detailed V-LTJ procedure was described in ref. [8] whereas an experimental test rig used in this 
study was presented in ref. [10]. The LTJ method allows measuring the uptake curves for adsorbent layer 
located on a metal holder (fin) subjected to a fast temperature jump/drop. For these experiments the jump 
was from the minimal desorption temperature T2 = 46oC to the maximal desorption temperature THS = 90oC 
(run 46oC → 90oC) at the almost constant vapour pressure P ≈ 42.4 mbar that corresponds to the condenser 
temperature Tc = 30oC (Fig. 1). The temperature drop was from the maximal adsorption temperature T4 = 
66oC down to the minimal adsorption temperature Tc = 30oC (run 66oC → 30oC) at the almost constant va-
pour pressure P ≈ 12.3 mbar that corresponds to an evaporator temperature of 10oC. This basic set of bound-
ary temperatures (Te = 10oC, Tc = Ta = 30oC, THS = 90oC) was used because it presents a typical AC cycle. 
The specific uptake change Δq along this cycle was 0.22 g/g.  

 
 

 
 

Fig. 1. Determination of the initial desorption (T2) and adsorption (T4) temperatures detailed 
on the isosteric chart of the “AQSOA™-FAM-Z02 – water” working pair. 

   
Data of the pressure evolution P(t) required for calculating the water uptake q(t) were recorded each 1 

s by a data acquisition system. The dimensionless uptake was calculated as 
 

0)P(t)P(t
0)P(tP(t)

0)q(t)q(t
0)q(tq(t)

Δq
qt

=−∞→
=−=

=−∞→
=−==χ       (1) 

 
The accumulated error in the absolute water loading was ±10-3 kg/kg.  

The adsorbent grains were tested as fractions 0.20-0.25, 0.4-0.5, and 0.8-0.9 mm that are typical for 
ACs. In the all experiments, the dry sample weight was maintained constant (0.314 g); the diameter D of the 
circle covered by the layer and the heat transfer surface S = πD2/4 were changed accordingly (Fig. 2, Table 
1).  
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Table 1. Diameter D [mm] of the area covered by N layers of the AQSOA™-FAM-Z02 grains 
and appropriate values of the ratio (S/m) [m2/kg] (in brackets). 

 
    Number of layers N 
Grain size d, mm 

2 4 8 

0.20-0.25 37.2 (3.5) 26.3 (1.75) 18.6 (0.87) 
0.4-0.5 26.3 (1.75) 18.6 (0.87) 13.2 (0.44) 
0.8-0.9 18.6 (0.87) 13.2 (0.44) - 

 

 
Fig. 2. Schematics of the loose grains configurations with N = 2, 4 and 8, and a constant adsorbent mass. 

 
2. RESULTS  

For optimization of water sorption dynamics, it is necessary to know how the specific ad/desorption 
rate (or power) depends on the process time, the adsorbent mass mounted on 1 m2 of a HEx, and the size of 
loose adsorbent grains.  

 
2.1. Ad-/desorption dynamics   

The first important finding is that a major part of the experimental uptake and release curves can be 
satisfactorily described by the exponential equation (Fig. 3) 

 
)/(1 τχ te −−=            (2) 

 
with a single characteristic time τ. For many cases, this approximation is excellent, e.g. for grains of 0.8-0.9 
mm size at N = 2 and 4 in Fig. 3e, d. For other kinetic curves, only the initial part can be described by eq. (2) 
to obtain the τ-value, the rate constant K = 1/τ and the maximal specific power Wmax [W/g adsorbent] gener-
ated during ad/desorption in evaporator/ condenser (Table 2)  
 

τ
qHW ΔΔ=max ,                  (3) 

 
where ∆H is the heat of water evaporation at 10oC (2477 J/g water) for adsorption runs or the heat of water 
condensation at 30oC (2430 J/g water) for desorption runs.  
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Fig. 3. Dimensionless uptake/release curves for N = 2 (○), 4 (Δ) and 8 (∇) for water 
adsorption (a, c, e – solid symbols) and desorption (b, d, f – empty symbols) runs as well as 
evolution of the support temperature (e – ◊). Grain size – 0.2–0.25 mm (a, b), 0.4–0.5 mm 
(d, c) and 0.8–0.9 mm (e, f). Solid lines present exponential approximation. 

 
 

The tail of the experimental kinetic curves can be slower than exponential, and the deviation tends to 
increase for smaller grains and thicker layers (Fig. 3). The characteristic times and specific powers that cor-
respond to various conversion degrees (0.5, 0.8 and 0.9) of the water ad/desorption process are present in 
Table 2. As expected, both adsorption and desorption become faster for smaller grains (at fixed N, Table 2) 

and thicker layer (at fixed d, Fig. 3). The dependences ( ) N constdτ =  and ( ) d constNτ =  are further consid-

ered and analyzed below.  
 
 
 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

252 
I.S. Girnik et al. 

 
Table 2. Characteristic times τ, τ0.5, τ0.8, τ0.9 and specific powers Wmax, W0.8, 8.0W for various d and N. 

 

Grain size, 
mm 

Run, °C N τ, s τ0.5, s τ0.8, s τ0.9, s Wmax, 
kW/kg 

W0.8, 
kW/kg 

8.0W , 
kW/kg 

S/m, 
m2/kg 

2 44 33 89 141 12.4 4.9 2.9 3.5 

4 84 61 158 228 6.5 2.8 1.5 1.75 66=>30 

8 165 136 330 451 3.3 1.3 0.7 0.87 

2 35 26 62 97 15.6 7.0 2.9 3.5 

4 83 58 143 212 6.6 3.1 1.4 1.75 

0.2-0.25 

46=>90 

8 160 137 331 458 3.4 1.3 0.7 0.87 

2 85 66 173 240 6.4 2.5 1.4 1.75 
4 170 154 406 597 3.2 1.1 0.6 0.87 66=>30 
8 290 295 746 1047 1.9 0.6 0.3 0.44 
2 85 58 141 202 6.4 3.1 1.4 1.75 
4 170 135 359 530 3.2 1.2 0.6 0.87 

0.4-0.5 

46=>90 
8 230 245 600 831 2.4 0.7 0.3 0.44 
2 210 146 321 432 2.6 1.4 0.8 0.87 

66=>30 
4 370 259 624 887 1.5 0.7 0.4 0.44 

2 155 111 248 342 3.5 1.8 0.8 0.87 
0.8-0.9 

46=>90 
4 270 203 472 659 2.0 0.9 0.4 0.44 

 
 

3. DISCUSSION 
 

3.1. Durations of adsorption vs. desorption stages  
The initial part of the uptake/release curves is linear and the maximal water ad/desorption rate can 

reach 0.002-0.006 (g H2O)/(g adsorbent)/s that corresponds to a high initial (maximal) specific power of 5-15 
kW/kg (Table 2), that is very promising for designing compact ACs. Then, the sorption rate is gradually de-
creasing with the process time and a tail of the experimental kinetic curves can be rather slower, especially 
for smaller grains and thicker layers (Fig. 3 and Table 2). For any Ad-HEx configuration and boundary con-
ditions tested, a ratio of the characteristic times τ0.9/τ0.8 is typically 1.3-1.7. This prompts one to restrict the 
duration of AC isobaric stages by time τ0.8 or even lesser. This would allow avoiding a dramatic drop of the 
cycle SCP at longer times at the expense of a reasonable reduction of the cycle COP.  

 
3.2. Effect of the layer thickness  

For all experimental runs, a gradual rise of the characteristic ad/desorption time with increasing the 
number of layers N (or the effective layer thickness L, Fig. 2) is observed (Fig. 3). This prompted us to com-
pare the dynamic curves at a fixed effective layer thickness and consider certain adsorbent bed configura-
tions for which the ratio (S/m) ~ 1/L = const. They can be selected based on the data of Table 1: e.g. two 
layers of (0.8-0.9) mm grains, four layers of (0.4-0.5) mm grains, and eight layers of (0.20-0.25) mm grains, 
all correspond to the value of (S/m) = const = 0.87 m2/kg or an effective layer thickness L of c.a. 1.85 mm 
(see the Introduction). Another two configuration sets, that we analyze here, correspond to (S/m) = 0.44 and 
1.75 m2/kg (Table 1 and Fig. 4).  
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Fig. 4. Dimensionless uptake/release curves of water sorption for the grain size 0.2–0.25 

mm, 0.4–0.5 mm and 0.8–0.9 mm size. а – adsorption, b – desorption. 
 

Data of Fig. 4 unambiguously demonstrate that the ad/desorption runs become faster at larger (S/m)-
values and the uptake/release curves are very similar at a fixed (S/m)-value. Indeed, their initial parts (and 
appropriate exponential characteristic times) almost coincide, however, certain deviation can be observed at 
longer times, especially at low (S/m) (Fig. 4). Therefore, in the first approximation, one can consider that, for 
multilayer configuration of the adsorbent bed, the ad/ desorption dynamics is invariant with respect to the 
ratio (S/m) regardless the AQSOA™-FAM-Z02 grain size. This “grain size insensitive" (or "lump") regime 
is revealed for all configurations of the flat adsorbent bed with the (S/m)-values between 0.44 and 1.75 m2/kg 
and the grain size 0.20 mm ≤ 2R ≤ 0.9 mm. At least, within these limits, it is not important, what is the size 
of loose grains of which the adsorbent bed is composed that is very convenient from practical point of view.  

 
3.3. Specific power  

The primary kinetic data (Figs. 3 and 4) can be used for calculating the maximal specific power Wmax 
generated at the beginning of ad/desorption process (eq. (3)). If plotted the power against the (S/m)-ratio, a 
linear dependence  

 
  )/(max mSAW =              (4) 

 
is revealed for both adsorption and desorption (Fig. 5), so that the configurations corresponding to the same 
(S/m)-value and different size of the FAM-Z02 grains exhibit almost equal initial powers. The slope A equals 
(3.6 ± 0.5) and (4.2 ± 0.5) kW/m2 for adsorption and desorption, respectively.  
Similar estimations can be performed for the specific cooling power W0.8 that corresponds to 80% of the final 

conversion W0.8 = (0.8∆Hev∆q)/τ0.8 and its cycle average value 8.0W  (Table 2)  

 

desads
evHqW

8.08.0
8.0

8.0

ττ +
ΔΔ= .           (5) 

 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

254 
I.S. Girnik et al. 

The cycle average specific power 8.0W is found to be a linear function of the (S/m)-ratio as well (not 

presented): 
8.0W [kW/kg] = (0.8 ± 0.1) (S/m) [m2/kg]. It is smaller than the maximal specific power at short 

times by a factor of 4-5, being, however, still very promising for chillers employing the "AQSOA™-FAM-
Z02 – water" working pair.   

According to eq. (4), to maximize the specific power it is necessary to organize a flat bed of loose 
AQSOA™-FAM-Z02 grains in a way to ensure a large surface S through which the heat is transferred 
to/from 1 kg of the adsorbent, means, to have a large ratio (S/m). This ratio is naturally limited from above 
by the value of 5-7 as thermal masses of the metal should not be too large with respect to the mass of adsorb-
ent, otherwise, the lowering COP occurs.  

 
 

 
Fig. 5. The maximal specific power Wmax against the (S/m)-ratio for adsorption (a) and de-

sorption (b) runs. Grains of 0.2–0.25 mm (○), 0.4–0.5 mm (Δ), and 0.8–0.9 mm (∇). 
 
 
4. CONCLUSIONS  

This paper addresses the optimization of dynamic performance of ACs utilizing loose grains of com-
mercial adsorbent AQSOA™-FAM-Z02 which is one of the most promising materials for adsorptive chillers. 
The effects of number of the adsorbent layers (N = 2, 4, and 8), and the grain size (0.2–0.9 mm) were stud-
ied.  

The most notable observations described for the water ad/desorption dynamics are: 1) the initial part 
of all kinetic curves is exponential and can be described by a single characteristic time τ; 2) at equal values 
of the ratio (S/m) = (heat transfer surface)/(adsorbent mass) the dynamic curves are very close despite of the 
adsorbent grain size R (the "grain size insensitive" regime observed at 0.44 m2/kg ≤ (S/m) ≤ 1.75 m2/kg); 3) 
the maximal specific power Wmax is a linear function of the (S/m)-ratio: Wmax = A·(S/m).  

Appropriate recommendations on improving the adsorptive chilling cycle dynamics that concern the 
optimal conversion degree, grain size and (S/m)-ratio are made.  
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Abstract 
The limiting case of uniform distribution of heat transfer fluid over the cross-section of adsorbers of an 

adsorption refrigerator is considered. The heat transfer between the fluid and the sorbent is close to ideal. In this case, 
the characteristics of refrigeration attain their maximal values. The appropriate model of the refrigeration that includes 
new sub-models of composite sorbents and phase transitions of working fluid in pores of low-temperature sorbents is 
developed. The mathematical model is conceptually one-dimensional and allows thorough investigation of effects of 
various parameters and optimization of refrigeration process. The advantage of reverse heat-transfer fluid flow in the 
low-temperature adsorber at a low-pressure stage of refrigeration is demonstrated. It is shown by similarity analysis that 
the most important parameter of the process is the ratio of the adsorber length to the flux of heat-transfer fluid. The 
second parameter, the volume fraction of heat-transfer fluid, playsa minor role. Basing on this result, for the given 
sorbents and heat reservoirs temperatures, the universal dependence of specific cooling production on the mean cooling-
temperature drop was found.  

 
KEYWORDS 

Adsorption refrigeration, phase transition, mathematical model. 
 
 

INTRODUCTION 
The key factor constraining specific power and thermal effect of adsorption thermal energy convertors 

is the heat transfer between sorbent and heat transfer fluid [1], and, to a lesser extent, filtration and diffusion 
of a working gas in sorbent. It is possible to intensify the processes of heat transfer by optimal composition 
and structure of the sorbent itself and the adsorber design as a whole, and a lot of attempts were undertaken 
to use this opportunity to minimize the duration of adsorption cycles and to increase SCP (see reviews [1–3] 
and particular study [4]). On the other hand, the opportunities to enhance the intensity of gas diffusion in 
meso- and micropores of sorbent are limited.  

One of the ways to intensify heat transfer during adsorption/desorption is to use consolidated 
composite sorbents with high thermal conductivity and diffusivity. Different approaches to this problem are 
analyzed in [1]. However, a negative effect of sorbent consolidation is the reduction of its permeability, 
which hampers the gas transport. Good results were obtained with “busofit”-composite sorbent made of 
carbon fibers and salts (metal chlorides) [5]. However, optimization of the adsorber design can be carried out 
by other ways: by increasing heat transfer surface with the use of thin finning or placing large number of 
small-diameter heat transfer fluid pipes in the adsorber [6]. In so doing, it is also necessary to provide 
unrestricted filtration of working gas, for example, by arranging distributed input/output in the reactor. 

Hereinafter we do not restrict ourselves to a specific technical solution but consider a conceptual 
limiting case when there is almost uniform distribution of heat-transfer fluid over the cross-section of 
adsorber. So, the problem of adsorber modeling becomes one-dimensional because distribution of all 
physical parameters over the reactor depend only on the coordinate directed along the adsorber axis as heat 
transfer fluid is filtrated.  

Passage to a 1D problem reduces the number of parameters determining the processes in the adsorber 
and allows finding optimal conditions for its operation. These parameters are: the adsorber length, L; the 
specific heat-transfer fluid flux(related to the unit cross-section area of adsorber), jf; the volume fraction of 
the adsorber space occupied by heat-transfer fluid, εf. The effective specific (related to the unit volume of 
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adsorber space) heat-exchange coefficient between sorbent and heat transfer fluid, αV, is an important 
parameter, too, but in the limit of a developed heat-exchange surface its value becomes so large that the 
problem reduces to one-temperature one and further growth of αV does not affect the process. It should be 
noted that the physical properties of sorbent, heat-transfer fluid and the temperatures of heat reservoirs are 
considered constant. Thus, the aim of the work is to investigate this 1D limiting case because it should 
provide highest efficiency of adsorption thermal-energy conversion. In particular, this study is intended to 
find conditions for the highest power efficiency and temperature output of a specific adsorption refrigerator 
with composite sorbents, which features phase transitions of working fluid in pores of low-temperature (LT) 
sorbent [7].  

1D processes occurring in a long cylindrical adsorber filled with a sorbent and a filtrating heat-transfer 
fluid possess wave features, which have much in common with 1D adsorption waves considered by Critoph 
[8, 9] for the case when a sorption gas simultaneously works as a heat-transfer fluid. Nevertheless, the 
present consideration differs essentially from the Critoph’s approach in several aspects. First, we retain the 
approach of separate heat carrier line because of difficulties related to inducing high-pressure flow of the 
working gas in the reactor. Second, we intend to take advantage of phase transition of the working medium 
in pores of LT-sorbent, which makes the situation much more complex and, in some cases, does not allow 
forced convection of working gas at all.  

In the 1D case, when heat transfer restrictions in transverse direction are eliminated, the interaction of 
thermal effects caused by adsorption/desorption and phase transitions bears complex nature and plays a 
central role in the present work. It appears that combination of desorption and evaporation in a one adsorber 
can amplify cooling effect. Then the aim of the present study is to investigate how main characteristics of 
adsorption refrigerator depend on the adsorber length and its operating regime. When a waste heat source is 
used to drive adsorption refrigerator, the coefficient of performance (COP) is not a main point and the 
relations between the cooling temperature and the specific cooling power (SCP) become the most important 
issue.  

 
CONTINUAL 1D MODEL OF ADSORPTION REFRIGERATOR  
WITH PHASE TRANSITIONS IN THE PORES OF A SORBENT 

Our approach is based on a model of refrigerator described earlier [7]. The refrigerator includes one 
adsorber with LT-sorbent and several (from one to five) similar adsorbers with high-temperature (HT) 
sorbent. Multiple HT-adsorbers are used to provide sufficient amount of working fluid for its condensation in 
the LT-adsorber. The composite sorbents are busofit + MnCl2 for HT-adsorber and busofit + BaCl2 for a 
low-temperature one, the working gas is ammonia. Two heat reservoirs with temperatures TH and TL serve to 
drive the refrigeration. The regimes of refrigeration with condensation and evaporation of ammonia in the 
LT-adsorber are considered. As usual, the thermodynamic cycle of adsorption refrigerator consists of high-
pressure and low-pressure stages. Switching between the stages is determined by a criterion related to the 
preselected value of retardation of mass exchange between adsorbers. 

The initial conditions for refrigerator operation are: the pressure of ammonia in both adsorbersis1 bar, 
the initial temperature T0is uniform, the content of ammonia in LT-adsorber corresponds to the 
thermodynamic equilibrium, and the high-temperature adsorbers is underloaded, i.e.the relative content of 
ammonia in the salt xH,0<1. As was pointed earlier, the target characteristics of refrigeration are the mean 
cooling temperature <ΔTf> and SCP (notice that the latter relates to the mass of sorbent in LT-adsorber). 

The specific feature of this work is an assumption that a heat-transfer fluid is uniformly distributed 
over the cross-section of a cylindrical adsorber (this is attained, for example, by the use of small-diameter 
heat-transfer fluid pipes uniformly spaced in the adsorber) and filtrates along the longitudinal axis. We 
suppose also that the pressure differences of a working medium over the adsorber are small with respect to 
the mean pressure in it.So,the equilibrium properties of gas and sorbent over the reactor can be described 
using the total reactor pressure. 

Consider 1D heat and mass transfer in the cylindrical adsorber blown with heat-transfer fluids along 
the axis. The model of two self-penetrating continua is employed, where one continuum is a sorbent filled 
with a working medium and the second continuum is a heat-transfer fluid. These two media, featuring 
different temperatures, are present in each elemental volume of the internal space of adsorber. The volume 
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fraction occupied by the heat-transfer fluid is εf, so the porous sorbent occupies the remaining volume εs=1-εf 
and the volume fractions of meso- and macropores in the latter are εmeso and εmacro, correspondingly.  

The energy equations for sorbent and heat-transfer fluid can be written as 
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where z is the direction along the adsorber’s axis.  

Notations in Eqs.1-2 are the following: Ts and Tf are the temperatures of sorbent and heat transfer 
fluid;αV is the internal heat exchange coefficient (per unit volume of adsorber); λs is the effective thermal 
conductivity of sorbent (treated as 
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rate of phase transition in meso- and macropores; Qch, Qph and Qliq,g are the heat of chemical and physical 
adsorption and phase transition; a0 is the maximal relative mass of sorbate in sorbent; x is a relative content 
of sorbate with respect to a0;Wph is the physical adsorption rate; ρs is the sorbent density; jf is the specific 
mass flux of heat-transfer fluid; ρf and cf are the density and specific heat capacity of heat-transfer fluid. 

The particular values of thermodynamic and kinetic constants for physical and chemical adsorption as 
well as for kinetics of ammonia condensation and evaporation in the pores of sorbent are given in [7].  

The density of working gas within the pores of sorbent is determined by the ideal gas equation and the 
pressures in adsorbers are found from the mass balance relationship for the gas phase: 
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over the reactors; NH is the number of high-temperature adsorbers; S is the cross section of reactors and Kdr
-1 

is the throttle resistance between them.  
 
Main Parameters, Space and Time Scales, Similarity  

The set of parameters describing the operation of adsorption refrigerator even in a 1D case is rather 
wide. Restricting our consideration to given physical-chemical properties of the system, these parameters are 
the length of adsorbers, L, the heat transfer fluid flux, jf, the relative volume occupied by heat-transfer fluid, 
εf, the initial loading of ammonia in the salt of HT-adsorber, xH,0, and, finally, the number of adsorbers.  

It is possible to reduce the list of essential parameters by scaling the problem. For this purpose, we use 

the length and time scales ( )LHff

ch0,H0ss
H,     ,

TTcj
QxaL

ttLl
−

ρε
=== ∗∗∗ , where the characteristic time t* is the time of 

desorption of the initial working fluid from the high-temperature adsorber under the action of hot convective 
flux.  
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Quantitative estimations have shown that thermal conductivity along the axis of adsorber is negligible. 
Also, it should be noted that one-temperature formulation of energy equation appears a very good 
approximation due to high values of αV. For these reasons, only the following dimensionless combination of 
parameters in differential equations remain essential: the dimensionless coefficient at the convective term, 

( )LHs

ch0,H0
s TTc

Qxa
A

−
= ; a set of ratios of t* to the time of different kinetics processes 

kini,t
t ∗ . Thus, if the sorbents 

and heat reservoir temperatures are unchangeable, all characteristics of refrigeration will depend mainly on 

the complex parameter 
( )

ff

0,Hf1

cj
xL ε−

=Ω ,which follows from the definition of t*, on the number of high-

temperature adsorbers NH, and, to a smaller extent, on the individual values of εf and xH,0. This 
circumstances greatly simplify the analysis of results obtained from numerical modeling of the considered 
process.  

 
RESULTS OF MODELING AND THEIR DISCUSSION 
 
Effect of Working Fluid Phase Transition in LT-Adsorber  

The most important feature of the system under investigation is a possibility of condensation and 
evaporation of the working fluid in meso- and macropores of a low-temperature sorbent. The latter can 
reduce the minimal refrigeration temperature if the pressure at the charging (high-pressure) stage is sufficient 
to ensure condensation, so the amount of initially adsorbed ammonia in a high-temperature adsorber should 
be appropriate. For this purpose, we introduce multiple high-temperature adsorbers in the refrigerator design, 
each of them having the same size as the low-temperature adsorber. 

Numerical modeling shows that salts in composite sorbents play the main role in the ammonia 
exchange between adsorbers because the activated carbon (busofit) does not change significantly the 
ammonia content within the operation range of temperature and pressure, which is typically used for salts. 
Due to strong slowdown of adsorption processes in salt when the concentration of sorbate is close to 
equilibrium, the initial content of ammonia in HT-adsorbers should be not very high. Otherwise, the low-
pressure stage of the refrigerator cycle will last too long, which reduces its efficiency. For this reason, the 
initial relative concentration of ammonia in HT-adsorbers, xH,0, was set equal to 0.7 in all the calculations. 

There is also a choice for the direction of heat-transfer fluid filtration at the low-pressure stage of the 
thermodynamic cycle, i.e. the heat-transfer fluid can flow in the same direction as it was at the high-pressure 
stage, or in the reverse direction. As follows from modeling, reverse filtration of the heat-transfer fluid at the 
low-pressure stage increases the temperature efficiency of refrigeration in the case of a long adsorber and 
low heat transfer fluid flux (Table 1). Thus, the results presented below were obtained for regimeswith 
reversing heat-transfer fluid flux. 
 

Table 1 
Dependence of refrigeration characteristics on the direction of heat-transfer fluid filtration  

in the LT-adsorber at low-pressure stage  
L = 0.5 m, jf = 0.1 kg/(m2s), εf = 0.2, NH = 4, xH,0= 0.7 

direction COP SCP, W/kg <ΔTf>, K 
forward 0.20 44.0 31.5 
reverse 0.23 51.0 36.8 

 
Table 2 presents quantitatively the role of phase-transition processes and shows a very pronounced 

growth of mean cooling temperature during evaporation of the working fluid. We note that here the SCP 
value is calculated relatively to the mass of LT-adsorber. Hence, it should be kept in mind that if the SCP is 
related to the mass of the whole device then an increase of SCP with adding new HT-adsorbers, which is 
seen in Table2, will occur only for two or three HT adsorbers. Nevertheless, as can be found from Table 2, 
addition of one HT-adsorber leads to a considerable increase in the cooling efficiency. 
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Table 2 
Increase in cooling temperature  due to phase transitions  in LT-adsorber.  Initial concentration  

of ammonia in the HT-adsorber isxH,0 = 0.7 (related to the maximal ammonia concentration in it) 

L = 0.3 m, jf = 0.4 kg/(m2s), εf = 0.4 
NH COP SCP, W/kg <ΔTf>, K θme θma 
1 0.21 66.0 3.1 0 0 
2 0.19 115.0 5.8 0.66 0.03 
3 0.17 145.8 7.9 0.99 0.24 
4 0.16 170.0 9.8 1.0 0.53 
5 0.15 184.6 11.2 1.0 0.83 

 
L = 0.4 m, jf = 0.2 kg/(m2s), εf = 0.2 

NH COP SCP, W/kg <ΔTf>, K θme θma 
1 0.30 45.3 8.9 0 0 
2 0.28 76.7 16.2 0.51 0.05 
3 0.25 91.4 21.2 0.85 0.25 
4 0.23 98.5 24.7 0.98 0.54 
5 0.23 103.9 27.6 1.0 0.84 

 
Figure 1 illustrates how adding HT-adsorbers elevates the pressure at a high-pressure stage and 

provides phase transitions in the LT-sorbent. This induces changes in the ammonia profiles and temperature 
distributions. When evaporation of ammonia and its desorption proceeds sequentially, the final output 
temperature of heat-transfer fluid becomes much lower. The advantage of successive execution of two heat-
consuming processes can develop fully in the above-mentioned regime with reverse filtration of heat-transfer 
fluid in the LT-adsorber at a low-pressure stage. In this regime, the zone with condensate locates farther 
downstream, in colder temperature region. Thus the heat absorbed by evaporation of condensate in 
macropores provides additional lowering of temperature of the heat-transfer fluid, which was previously 
cooled due to desorption.  

Adsorption in mesopores of the LT-sorbent does not play a pronounced role in the considered case 
because the volume of mesopores in activated carbon is small as compared with the volume of macropores. 

Although phase transitions in the LT-adsorber can enhance the refrigerator efficiency, there arecertain 
restrictions to this effect. If the initial concentration of ammonia in HT-adsorbers is too high, the 
refrigeration efficiency reduces because of the following mechanism. At the low-pressure stage, when 
ammonia intensively evaporates in the LT-adsorber but its adsorbtion in the HT-modules is too slow, the 
pressure in the system can increase up to values when re-adsorption in the LT-adsorber begins, which leads 
to undesirable additional heat release in the latter.  

It is virtually impossible to avoid re-adsorption completely during entire low-pressure stage, but the 
right choice of parameters can help minimize it.  
 
Effect of L/jf Ratio and εf on the Efficiency of Refrigeration 

For practial applications, the relation between SCP and the refrigeration temperature drop is of main 
interest. Numerical data confirm the results of similarity analysis, i. e. the strongest dependence of 

refrigeration characteristics on parameter 
( )

f

f1

j
L ε−

 (at fixed values of xH,0, NH and the given 

physicochemical properties of the system). From a designer viewpoint, it is preferably to express SCP 
vs.<ΔTf>for a set of L/jf and εf, as is shown in Figure 2.  
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Fig. 1. Dynamics of profiles of sorbate and condensate in meso- and macropores, and temperature 
in LT-adsorber during low-pressure stage. L = 0.5 m, jf = 0.1 kg/(m2⋅s), εf = 0.2, NH = 4, xH,0 = 0.7. 
Revers filtration of heat transfer fluid (from right to left)  
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Fig. 2. Relations between SCP and the mean refrigeration temperature <ΔTf> for various 
L/jfratios and εf atxH,0 = 0.7. 

 
 
As follows from Fig. 2, there is only one main parameter L/jf; the influence of εf is weak, so that 

dependence of SCP on <ΔTf> is rather general and the mean values of SCP for chosen <ΔTf> can be used 
for estimation of maximal cold productivity of the adsorption refrigerator. At given <ΔTf> the greater SСP is 
attained for lower volume fraction of heat-transfer fluid. The general dependence of SCP on <ΔTf> has a 
clear thermodynamic origin because attaining a greater thermal drop at refrigeration means conducting the 
processes closer to a thermodynamic equilibrium, closer to a quasi-static mode, that is more slowly. Hence in 
this case the power output should decrease.  

 
CONCLUSIONS 

The developed 1D model of adsorption refrigeration with uniform distribution of heat-transfer fluid 
over the cross-section of adsorbers and high internal heat exchange surface allows determining maximal 
attainable characteristics of thermal energy conversion for given sorbents. The maximal refrigeration 
temperature drop corresponds to long adsorbers and low heat-transfer fluid flux, while maximal cooling 
power output can be attained for short adsorbers and high flow rates of heat-transfer fluid. A designer of 
adsorpition refrigerator always have to look for a compromise between characteristics related to producible 
power and to cooling temperature of a prospective device.The obtained results can be useful for finding a 
better solution for this problem. 

The use of condensation and evaporation of working fluid in the low-temperature adsorber in 
combination with reverse heat-transfer fluid filtration in the latter at a low-pressure stage gives significant 
advantages in the refrigeration temperature drop and, to a smaller degree, in cooling power production. To 
gain these benefits, an appropriate ratio of capacity of high-temperature and low-temperature adsorbers 
should be chosen.  
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Abstract 
For designing adsorption heat pumps, quantifying heat and mass transfer resistances in adsorbents is crucial. 

However, heat and mass transfer occur as two resistors in series and can therefore not be separately identified in 
conventional setups. In this work, we present an approach to separate and quantify heat and mass transfer resistances in 
adsorbents. For this purpose, we extended the Large-Temperature-Jump method (LTJ) with an infrared camera (IR) and 
combined the new IR-LTJ method with dynamic modeling. The IR camera determines the surface temperature of the 
adsorbent, allowing us to distinguish the heat and mass transfer resistances. Subsequently, the data from the IR-LTJ 
setup is used in dynamic models to quantify heat and mass transfer coefficients. We conducted experiments for one 
layer of granulated silica gel 123 and determined the heat transfer coefficient to 165 W/(m2·K) for adsorption and 
to 255 W/(m2·K) for desorption. For mass transfer, the effective diffusion coefficient is 2 to 3·10-7 m²/s for adsorption 
and 7.5·10-8 m²/s to 2.5·10-7 m²/s for desorption. The IR-LTJ method allows to identify the limiting effects for heat and 
mass transfer in adsorption heat pumps. 

 
Keywords 

Adsorption Chiller, Large-Temperature-Jump Method (LTJ), Adsorption Kinetics, Adsorption 
Dynamics, Coupled Heat And Mass Transfer, Diffusion, Silica Gel 123 - Water 

 
INTRODUCTION 

A potentially sustainable alternative to conventional compression heat pumps and chillers are 
adsorption heat pumps driven by thermal energy from waste heat or the sun [1]. However, compared to 
compression heat pumps, adsorption heat pumps exhibit a lower performance. In particular, the specific 
cooling power is lower [2].  

The performance of adsorption heat pumps depends highly on the kinetic processes in the 
adsorbent [3]: Water vapor has to diffuse into the porous adsorbent before being adsorbed; heat released in 
the adsorbent has to be transferred through the adsorbent to the heat exchanger. Both processes, diffusion 
and heat transfer, can limit adsorption and consequently the performance of an adsorption heat pump. 
Therefore, knowledge about the limiting processes is important to improve performance of adsorption heat 
pumps [3]. 

The kinetic processes are typically described by heat transfer and diffusion coefficients [3]. Heat 
transfer and diffusion coefficients are often determined using the Large-Temperature-Jump Method (LTJ) 
proposed by Aristov et al. [4]: By forcing a temperature jump on an adsorbent sample, the adsorbent adsorbs 
or desorbs water vapor. The kinetics of the water vapor sorption process are usually fitted with an 
exponential function. The fit parameter is called characteristic adsorption/desorption time and is an indicator 
for the kinetic processes [5, 6]. The characteristic time can be used to compare adsorbents or 
configurations [7]. However, kinetic properties for heat and mass transfer cannot be determined directly from 
the fitting. 

Still, in addition to the characteristic time, an average heat transfer coefficient can be estimated from 
the LTJ experiment: By calculation of the mean heat released during adsorption from equilibrium data of the 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

 
S. Graf et al. 

 

265

adsorbent, the measured time for adsorption and the given temperature jump, the average heat transfer 
coefficient is estimated [8]. Various research groups used this estimation approach, e.g. Gordeeva et al. for 
loose grain configurations [6, 7] or Santamaria et al. for representative adsorber parts [9]. 

Alternatively, the experimental data from the LTJ experiment has been used to fit heat transfer and 
diffusion coefficients of dynamic models [10, 11]. The models show very good agreement between 
simulation and experiment and deliver values for the heat transfer and diffusion coefficients. However, 
Okunev et al. [10] found that more than one combination of heat transfer and diffusion coefficients resulted 
in good agreement of experiment and simulation. The reason lies in the measurement setup of the LTJ 
experiment. The LTJ experiment gives no direct information on the adsorbent: The adsorption/desorption of 
water vapor is determined by measuring the pressure change pv of the vapor phase above the adsorbent, cf. 
figure 1. The temperature change is actually measured for the sample carrier with its temperature Tcar below 
the adsorbent. Neither the temperature Tad nor the pressure pad of the adsorbent are measured. Without 
information from the adsorbent itself, the heat transfer resistance and diffusion in the adsorbent occur as two 
resistors in series. With the two resistors in series, the heat transfer coefficient αeff and diffusion coefficient 
Deff are not independent from each other. Therefore, the heat transfer coefficient αeff and diffusion 
coefficient Deff cannot be determined separately. Fitting of dynamic models leads to multiple combinations 
of heat transfer and diffusion coefficients as observed by Okunev et al. [10]. 

 

 
 

Fig. 1: Scheme of the heat flow Q  and mass flow m  in the adsorbent with temperature Tad 

and pressure pad . The pressure pv and the temperature of the sample carrier Tcar are measured 
in the LTJ experiment. The heat transfer coefficient αeff and diffusion coefficient Deff occur 
as resistors in series.  
 
 

Without distinct values for heat transfer and diffusion coefficients, the limiting kinetic effect in 
adsorption heat pumps cannot be identified. To separate the heat transfer and diffusion coefficients, 
information on the adsorbent is necessary. For this purpose, we extend the existing LTJ experiment by an 
infrared (IR) camera in this work. The IR camera measures the surface temperature of the adsorbent Tad. 
With the additional information on the temperature of the adsorbent, heat and mass transfer coefficients can 
be distinguished. 

To determine the heat transfer coefficient αeff, we use an energy balance inserting the adsorbent 
temperature data. To describe the diffusion process and evaluate the effective diffusion coefficient Deff, we 
use the Glueckauf approach [12]. The actual modeling and solving of the transient energy and mass balances, 
we perform in the Modelica [13]. The object-oriented and equation based modeling language Modelica 
allows the implementation of our DAE system and time-resolved determination of the heat transfer and 
diffusion coefficients.  

The paper is organized as follows: First, the extended LTJ setup with the IR camera is described. 
Subsequently, we present the model-based approach for the determination of the heat transfer and diffusion 
coefficients. Hereafter, we present and discuss our results and conclude the paper with a summary. 

 
 

THE INFRARED-LTJ METHOD (IR-LTJ) 
The Infrared-Large-Temperature-Jump method (IR-LTJ) extends the standard LTJ method by an 

infrared (IR) camera. With the IR camera, the temperature of the adsorbent is directly measured. Combining 
the temperature of the adsorbent Tad with the temperature of the sample carrier Tcar and the pressure of the 
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vapor phase pv allows to determine separately the heat transfer and diffusion coefficients of the adsorbent. 
This section describes the setup for the IR-LTJ experiment, in particular the extension by the IR camera, and 
the measurement procedure. A detailed description of the standard LTJ setup can be found elsewhere [4].  

 
Apparatus 

Figure 2 shows a scheme of the IR-LTJ setup. The IR-LTJ setup consists of an evaporator, a vapor 
vessel, a measuring cell and the IR camera. The evaporator provides water vapor at a predefined pressure. 
The evaporator is connected to a thermal bath (TB evap), which controls the evaporation temperature.  

 

 
 

Fig. 2: Scheme of IR-LTJ setup: The adsorbent is placed on a sample carrier in the 
measuring cell. The measuring cell is connected to an evaporator, vapor vessel and thermal 
baths (TB). The IR camera measures the surface temperatures of the adsorbent Tad  and the 
sample carrier Tcar. A PT100 resistance thermometer also measures the carrier temperature 
for calibration of the IR camera. 

 
 

The vapor vessel (cf. figure 2) provides a large vapor volume (V= 21.7 l). In the vapor vessel, the 
vapor temperature Tv is measured with a thermocouple (type K, measurement uncertainty 1.5 K). To prevent 
water vapor being condensed, the temperature of the wall of the vapor vessel is controlled by a thermal bath 
(TB vapor). Also, the wall temperatures of all other components including the measuring cell are controlled 
by the thermal bath (TB vapor). 

The adsorbent is placed on a sample carrier (cf. figure 1) in the measuring cell. The measuring cell is 
connected to two thermal baths (TB start and TB end), which provide the start and end temperature levels for 
the temperature jump, cf. figure 2. The temperature jump is induced by switching the connection of the two 
thermal baths to the measuring cell.  

The vapor pressure in the measuring cell pv is measured with an ABB 265AS pressure transmitter with 
a measurement uncertainty of 10 Pa.  

 
IR camera  

The temperatures of the adsorbent Tad and of the sample carrier Tcar are measured with an IR camera, 
cf. figure 3. For this work, we used an optris PI 400 IR camera with a resolution of 382 x 288 pixels and a 
measurement uncertainty of 1.5 K.  

To improve the measurement accuracy, we calibrated the IR camera with a PT100 resistance 
thermometer (four-wire connection, measurement uncertainty 0.3 K) at the beginning and the end of an 
experiment. At the beginning and end of an experiment, the temperatures of the adsorbent Tad, the sample 
carrier Tcar and the PT100 TPT are identical and do not change significantly, cf. figure 3. The recorded 
temperatures of the IR camera during the actual experiment are linearly interpolated between the two 
calibration points. 
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Fig. 3: Infrared image during experiment of the adsorbent with temperature Tad  and of the 
sample carrier with temperature Tcar. The PT100 resistance thermometer is used for 
calibration at the beginning and end of the experiments. 

 
 

During an experiment, measured temperatures of the adsorbent Tad and of the sample carrier Tcar are 
homogeneous over their respective measurement areas, cf. figure 3. Hence, we reduced the measurement 
noise of the IR camera by using average temperatures of the adsorbent and sample carrier. For this purpose, 
we averaged over the temperatures of each pixel for the adsorbent and sample carrier areas. Use of the 
average temperatures leads to a measurement noise of 0.1 K, being in the same range as the measurement 
uncertainty of the PT100 resistance thermometer. 

As a result of the calibration and the use of average temperatures, we estimate the measurement 
accuracy of the IR camera to 0.3 K. 

 
Experimental procedure 

In this work, we investigate 200 mg (msor) granulated silica gel 123, with a mean particle size 
of 0.9 mm. We place approximately one layer of adsorbent on a circular area of A = 268.5 mm² on the 
sample carrier, cf. figures 1 and 3. 

The experiments are conducted for an evaporation temperature of Tevap = 10 °C, a condensation and 
adsorption temperature of Tcond = Tads = 35 °C and a desorption temperature of Tdes = 90 °C. This 
temperature set represents typical working conditions of an adsorption chiller for air conditioning 
applications [14, 15]. For this temperature set, the ideal adsorption cycle is shown in the isosteric chart of 
silica gel 123 - water, figure 4 [16]: isobaric adsorption and evaporation of water (4 to 1), isosteric heating 
(1 to 2), isobaric desorption and condensation of water (2 to 3) and isosteric cooling (3 to 4) [4]. 

 

 
 

Fig. 4: Isosteric adsorption chart for working pair silica gel 123 - water [16] for temperature 
set 10/35/90 and resulting start and end temperatures for adsorption Tads,start and Tads,end and 
desorption Tdes,start and Tdes,end in IR-LTJ setup. 
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With help of the isosteric chart, the start and end temperatures Tstart and Tend for the adsorption and 
desorption experiment can be determined: The temperature jump for adsorption is performed from  
Tads,start = 60.1 °C to Tads,end = 35 °C and for desorption from Tdes,start = 62.6 °C to Tdes,end = 90 °C. 

Before the experiment starts, the evaporator is disconnected from the LTJ setup. Hereby, the total 
amount of water in the system is fixed. By switching the connection of the thermal baths from TB start 
to TB end to the measuring cell, cf. figure 2, the sorption process is induced. Adsorption/desorption of water 
vapor then leads to a pressure change in the constant volume of the vapor phase. Nevertheless, the volume of 
the vapor phase is sufficiently large to consider the experiment quasi-isobaric and close to the ideal 
adsorption cycle with isobaric adsorption and desorption, cf. figure 4. 

From the experiment, the measured temperatures of the adsorbent Tad and sample carrier Tcar as well as 
the pressure pv and temperature Tv of the vapor are used to determine the heat transfer and diffusion 
coefficient as described in the following section. 

 
 

MODELING OF HEAT TRANSFER AND DIFFUSION 
For determination of the heat transfer coefficient αeff and diffusion coefficient Deff, we use the 

modeling language Modelica [13]. Modelica allows an object-oriented and equation-based modeling of the 
IR-LTJ experiment. The models of the adsorbent and for the heat and mass transfer are based on our 
adsorption systems library [17]. For modeling of the fluid properties of water, we use the TILMedia library 
provided by TLK-Thermo GmbH [18]. 

To describe the adsorption equilibrium, i.e. the loading of the adsorbent w and the internal energy of 
the adsorbed phase uad, we use the Dubinin model [19] with equilibrium data from Schawe [16]. The total 
changes in loading determined in our experiment and calculated with the Dubinin model [16] differ by 
approximately 10%. Therefore, we adjusted the equilibrium loading of the Dubinin model to the 
experimental data of the IR-LTJ setup. For this purpose, we scaled linearly the equilibrium loading of the 
Dubinin model to the total loading determined from the experiment between the start and end points of a 
measurement. 

In the following section, the determination of the heat transfer coefficient and diffusion coefficient 
from the experimental data is described. 

 
Determination of the heat transfer coefficient 

The heat transfer coefficient αeff is determined as a time-resolved quantity from the following heat 
transfer model:  

 

 ( )caradeff TTαQ −⋅=  (1) 

 

The heat flow Q  between the adsorbent and the sample carrier results from heat being released during 
adsorption or heat taken up during desorption by the adsorbent, cf. figure 1. The resulting heat transfer 
coefficient αeff is considered to be an effective value: It combines the heat transfer between the sample carrier 
and the adsorbent surface as well as heat conduction in the adsorbent itself [6]. 

With only one thin layer of adsorbent, cf. section Experimental procedure, we assume one 
homogeneous temperature Tad for the adsorbent. Therefore, the measured temperature on the top surface of 
the adsorbent is considered to be the mean temperature of the adsorbent itself. In addition, we assume the 
measured temperature of the sample carrier Tcar to be homogeneous throughout the whole sample carrier, 
including the surface covered by the adsorbent, cf. figure 3. With these assumptions, the temperature 
difference between the adsorbent Tad and the sample carrier Tcar is measured directly in the experiment. 

The heat flow Q  between the adsorbent layer and the adsorbent carrier is determined from the energy 
balance of the adsorbent: 
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The change of internal energy tU d/d  results on the one hand from the change in temperature of the 
adsorbent tT d/d ad  with the given heat capacities of the adsorbent csor = 1000 J/(kg⋅⋅K) and adsorbate cad 

and the actual loading w. The heat capacity of the adsorbate cad  is considered to be the heat capacity of liquid 
water. On the other hand, change of internal energy results from the internal energy of the adsorbed 
phase uad(Tad, w), calculated with the Dubinin model, with the change in loading tw d/d . The change in 
loading tw d/d  is calculated from the vapor mass flow m  with the dry adsorbent mass msor:  

 

 m
mt

w ⋅=
sor

1

d

d
 (3) 

 
The enthalpy of water vapor hv(T, pv) is determined with TILMedia as a function of the vapor 

pressure pv and the temperature T. The temperature T depends on the direction of the mass flow rate m . 
During adsorption, water from the vapor phase with the temperature Tv is being adsorbed; during desorption 
water is released from adsorbent with the temperature Tad. 

The calculation of the loading w and of the mass flow m is described in the following section. With 

the determination of the heat flow Q , the heat transfer coefficient αeff can be identified, cf. equation (1). 
 

Determination of the diffusion coefficient 
The diffusion coefficient Deff is determined with a linear driving force (LDF) approach [12]:  

 

 ( ) ( )[ ]adadadv2
ads

soreff ,,
15 TpwTp*w

r
mDm −⋅⋅⋅=   (4) 

 
The vapor mass flow rate m adsorbed/desorbed (cf. figure 1) is proportional to the difference in 

equilibrium loading w* and actual loading w. The proportionality factor 2
adssoreff /15 rmD ⋅⋅  comprises the 

diffusion coefficient Deff, the radius of the adsorbent rads and the dry adsorbent mass msor. The diffusion 
coefficient Deff  is an effective mass transfer coefficient, as it combines not only diffusion of water vapor in 
the adsorbent, but also all other mass transfer resistances, e.g. convection in the vapor phase. We still prefer 
the name diffusion coefficient in line with the literature in the field [3]. 

The vapor mass flow rate m is determined from change in density of the vapor phase td/dρ  and the 
constant vapor volume of the measuring cell and the vapor vessel V:  

 

 ( )
t

Tp
d

,d vvρ  (5) 
The density of the vapor phase ρ is a function of the vapor pressure pv and the vapor temperature Tv.  
The actual loading w(pad, Tad) is calculated from the start loading w0 at the beginning of the experiment 

and the vapor mass flow m : 
 

 += tm
m

ww d
1

sor
0   (6) 

The start loading w0 is calculated with the start pressure pv,0 and start temperature Tad,0 from the 
equilibrium data. The equilibrium loading w*(pv, Tad) from equation (4) is calculated from the scaled 
equilibrium data. With equation (4), the diffusion coefficient Deff can be determined as a time-resolved 
quantity. 
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Influence of measurement uncertainties on modeling 
We conducted a sensitivity analysis on how the measurement uncertainties affect the determination of 

the heat transfer and diffusion coefficient. For this purpose, we varied the measured temperatures and the 
pressure each in the range of their specific measurement uncertainty. Then, we determined the difference 
between the heat transfer and diffusion coefficients with and without the variation.  

The measurement uncertainty of the adsorbent temperature Tad and of the carrier temperature Tcar is 
considered to be the measurement uncertainty of the PT100 resistance thermometer (0.3 K), cf. section IR 
camera. A variation of the adsorbent or carrier temperature by 0.3 K changes the heat transfer coefficient by 
22.4 % and the diffusion coefficient by 8.4 %. Both temperatures Tad and Tcar directly influence the heat 
transfer coefficient, cf. equation (1). A temperature change of the adsorbent temperature also changes the 
equilibrium loading w* by 1.5 %, leading to another diffusion coefficient cf. equation (4). 

Variation of the pressure pv by 10 Pa changes the diffusion coefficient by 6.9 % and variation of the 
vapor temperature Tv by 1.5 K changes the diffusion coefficient by 5.8 %. Both variations of pressure and 
vapor temperature affect the heat transfer coefficient only slightly (<1 %). The exact knowledge of the state 
of the vapor phase is important for the determination of the density and with it the mass flow rate m , cf. 
equation (5). The mass flow rate m affects directly the determination of the diffusion coefficient, cf. 
equation (4). 

We also compared the effects of the scaled and unscaled equilibrium data on the determination of the 
heat transfer and diffusion coefficient: The unscaled equilibrium loading differs by 10 % from the scaled 
equilibrium loading. Use of the unscaled equilibrium loading leads to a heat transfer coefficient that differs 
up to 24 % compared to the heat transfer coefficient determined from the scaled equilibrium loading. The 
diffusion coefficient differs entirely. This is due the difference in equilibrium loading and actual 
loading (w*- w), cf. equation (4): For the unscaled equilibrium loading, the difference does not equal zero at 
the end of an experiment. Thus, the diffusion coefficient becomes smaller over time, leading to a systematic 
error. 

In summary, the determination of the heat transfer and diffusion coefficient requires low measurement 
uncertainties for all measuring instruments. Also the equilibrium data has a strong influence on the 
determination of the heat transfer and diffusion coefficient. Thus, very accurate equilibrium data is necessary 
to avoid systematic uncertainties. 

 
 

RESULTS AND DISCUSSION 
For the conducted LTJ experiments, figures 5a and 5b show the typical evolution of the pressure in the 

vapor phase pv (1) and the temperatures of the adsorbent Tad and the sample carrier Tcar (2). Experiments are 
conducted each for adsorption (figure 5a) and desorption (figure 5b). During adsorption, the vapor pressure 
decreases, as water is adsorbed from the constant volume of the vapor phase (a1); during desorption, the 
vapor pressure increases as water is released to the vapor phase (b1). For adsorption and desorption, the 
temperature of the sample carrier Tcar changes accordingly to the temperature jump (a2 and b2). The 
temperature of the adsorbent Tad  follows the temperature of the sample carrier. 

For determination of the heat transfer and diffusion coefficients, derivatives of the adsorbent 
temperature tT d/d ad  and of the vapor pressure tp d/d v  are required, cf. equations (2) and (5). The 

derivatives are strongly influenced by the measurement noise of the IR camera and the pressure transmitter. 
Therefore, we fitted the temperature of the adsorbent Tad and the vapor pressure pv to polynomial functions. 
The maximum deviation between the polynomial functions and the experimental data is 0.15 K for the 
temperature and 0.01 Pa for the pressure, respectively. Subsequently, the derivatives of the polynomial 
functions, along with the information on the vapor pressure and the temperatures, are used for determination 
of the heat transfer and the diffusion coefficient αeff and Deff. 
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Fig. 5a: Measured pressures pv (1) and temperatures Tad and Tcar (2) in IR-LTJ setup for 
adsorption experiment. 

 
 

 
 

Fig. 5b: Measured pressures pv (1) and temperatures  Tad and Tcar (2) in IR-LTJ setup for 
desorption experiment. 

 
 

Discussion of the heat transfer coefficient 
Figure 6 presents the time-resolved heat transfer coefficient αeff for the adsorption experiment (left) 

and desorption experiment (right). Small pressure changes tp d/d v and low temperature differences between 

the adsorbent and the sample carrier (Tad - Tcar) at the beginning and end of each measurement lead to high 
measurement noises, cf. figure 5. Therefore, at the beginning and the end of each measurement, the 
determination of the heat transfer coefficient is not meaningful. 

During adsorption (figure 6, left), the heat transfer coefficient is relatively constant  
around 165 +/- 25 W/(m2·K). After 250 s, the temperature difference between the adsorbent and the sample 
carrier (Tad - Tcar) is decreasing (cf. figure 5, 1b), leading to an increasing noise of the heat transfer 
coefficient. Still, the heat transfer coefficient is relatively constant and shows no dependencies on the 
temperature of the adsorbent Tad or the loading w. 

During desorption (figure 6, right), the heat transfer coefficient decreases from 289 W/(m2·K)  
to 223 W/(m2·K) after 90 s. Hereafter, the heat transfer coefficient increases again to a value of  
around 290 W/(m2·K) before measurement noise becomes very high. We identified an overall mean heat 
transfer coefficient of 255 +/- 35 W/(m2·K).  

The heat transfer coefficient varies during desorption in a wider range as for adsorption. However, the 
variations of the heat transfer coefficient for adsorption and desorption lie within the measurement 
uncertainty of the calibrated IR camera. The heat transfer coefficient for desorption is notably higher as for 

a2 a1 

b2 b1
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adsorption. This effect was expected as desorption is known to proceed faster than adsorption due to a higher 
mean temperature and a higher pressure in the adsorbent [20]. 
 

 
 

Fig. 6: Time-resolved heat transfer coefficient αeff for adsorption (left) and desorption (right). 
 
 

Glaznev et al. (2010) determined a heat transfer coefficient of 100 W/(m2·K) for adsorption and 
of 200 W/(m2·K) for desorption for a similar adsorbent (silica gel pellets with diameters between 0.8 mm 
and 1 mm) [20]. Also, Aristov et al. (2012) determined a heat transfer coefficient of 120 +/- 20 W/(m2·K) for 
adsorption for silica gel pellets [8]. Compared to our findings, the values from literature are lower by 
approximately 50 W/(m2·K). Lanzerath investigated for the same adsorbent in an adsorption heat pump a 
heat transfer coefficient between 110 and 220 W/(m2·K) [21]. 

Glaznev et al. and Aristov et al. determined the heat transfer coefficient as an average over time for a 
very fast temperature jump. For calculation, the start and end temperatures of the sample carrier are taken 
into account, while, in this work, we used the temperature difference between the adsorbent and the sample 
carrier (Tad - Tcar). Use of the start and end temperature of the sample carrier leads to a higher temperature 
difference and thus lowers the heat transfer coefficient. In addition, Glaznev et al. and Aristov et al. used the 
times of adsorption and desorption for calculation of the heat transfer, which also can lead to an 
underestimation of the heat transfer coefficient for long adsorption times. 

The investigated heat transfer coefficient by Lanzerath is slightly lower than our findings. However, 
the investigated adsorber has a more complex geometry with more than one layer of adsorbent, which can 
lead to a smaller heat transfer coefficient.  

Overall, our findings are in good agreement with literature. The heat transfer coefficient is found to be 
relatively constant during adsorption. During desorption, the heat transfer coefficient varies over time. 
Further experiments are necessary to determine the cause for the variations. The heat transfer coefficient for 
desorption exceeds the one for adsorption, as the mean temperature of the adsorbent and the pressure in the 
adsorbent are higher throughout desorption. 

 
Discussion of the diffusion coefficient 

The findings on the time-resolved diffusion coefficient Deff are presented in figure 7, for adsorption 
(left) and desorption (right). Similar to the determination of the heat transfer coefficient, high measurement 
noise at the beginning and the end of each measurement (cf. figure 5) prevents the determination of the 
diffusion coefficient at these time ranges. 

For adsorption (figure 7, left), the diffusion coefficient ranges between 2·10-7 m²/s and 3·10-7 m²/s. 
After 100 s, the diffusion coefficient can no longer be determined: The difference between the pressure of 
the adsorbent pad and the pressure of the vapor phase pv becomes very small. This small difference leads to a 
small difference of equilibrium loading and actual loading (w*- w), cf. equation (4), resulting in unphysical 
values of the diffusion coefficient (not shown here).  

For desorption (figure 7, right), the diffusion coefficient decreases from around 2.5·10-7 m²/s at the 
beginning to a constant value around 7.5·10-8 m²/s at the end of the experiment.  
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Fig. 7: Time-resolved diffusion coefficient Deff for adsorption (left) and desorption (right).  
 
 

Aristov et al. (2006) investigated for Fuji silica gel a diffusion coefficient in the range of 3.7 to 4.7·10-
7 m²/s [22]. For SWS-1L, a composite sorbent silica gel with CaCl2, a value for the diffusion coefficient of  
2 · 10-7 m²/s is given in [23]. For adsorption and for the first 40 s of desorption, these values from literature 
are in good agreement with the determined diffusion coefficients in this work. 

As the adjustment of the equilibrium data has a high influence on the determination of the diffusion 
coefficient (see section: Influence of measurement uncertainties on modeling), our findings have to be 
treated with caution. Very accurate equilibrium data and very low measurement uncertainties are necessary 
to reliably determine the diffusion coefficient. 

 
 

CONCLUSIONS 
In this work, we presented a new method to determine the heat transfer and diffusion coefficients for a 

sample of adsorbent. For this purpose, we extended the standard LTJ setup with an IR camera (IR-LTJ). The 
IR camera gives additional information on the surface temperature of the adsorbent. The information from 
the LTJ experiment is used to determine time-resolved heat transfer and diffusion coefficients, with dynamic 
modeling of the experiment performed in Modelica 

We conducted experiments for one layer of granulated silica gel 123 (mean particle size 0.9 mm) for 
an evaporation temperature of 10 °C, a condensation and adsorption temperature of 35 °C and a desorption 
temperature of 90 °C. We determined the heat transfer coefficient to 165 +/- 25 W/(m2·K) for adsorption and 
to 255 +/- 35 W/(m2·K) for desorption. Both values are slightly higher than investigated values in literature. 
This deviation was expected since the extended IR-LTJ method allows to determine the heat transfer 
coefficient directly in this work, compared to a calculation of mean values over time in literature.  

The measured effective diffusion coefficient varies between 2·10-7 m²/s and 3·10-7 m²/s for adsorption 
and between 7.5·10-8 m²/s and 2.5·10-7 m²/s for desorption. The determined diffusion coefficients are in good 
agreement with literature. However, the diffusion coefficient still depends strongly on the equilibrium data 
for the chosen measurement conditions. 

In summary, the presented IR-LTJ experiment in combination with dynamic modeling of heat transfer 
and diffusion allows for the independent and time-resolved determination of heat transfer and diffusion 
coefficients. Thereby, the IR-LTJ method allows to understand the limiting effects of heat transfer and 
diffusion in adsorption heat pumps. 
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Abstract 
Mobile storage of gaseous fuel is the design bottleneck in a commercialization of vehicles powered by natural 

gas and hydrogen. This paper is devoted the questions of development of the effective system of safe storage of 
methane and hydrogen in a coupled state by solid adsorbent. A theoretical and experimental study was conducted to 
determine the methane adsorption by activated carbon fiber based on commercially available "Busofit TM-055" at the 
full-scale experiment under steady-state conditions. Original experimental setup was developed for carrying out 
experimental investigation of the processes of adsorption of hydrogenous gases in the different carbon adsorbents and 
for simulation of gas charging/discharging of a storage cylinder. The experimental data for methane equilibrium 
adsorption in a wide temperature range between 233 and 313 K and pressure up 5 MPa are obtained and analyzed from 
the standpoint of the theory of volume filling of micropores and the linearity of the adsorption isosteres. In the 
supercritical temperature region modified thermal coefficient of limiting adsorption and Dubinin–Astakhov equation 
are proposed for the prediction of the adsorption isotherms. The adsorption equilibrium data is used to determinate the 
isosteric heat of adsorption. 
 

Keywords 
Adsorption equilibrium data, activated carbon fiber, cylinder, methane, adsorption storage, Dubinin-

Astakhov, modeling  
 
INTRODUCTION 

Usage of natural gas as an energy carrier allows to survey and to work out power problems in close 
connection with ecological ones. Mobile storage is a major barrier to the widespread use of non-petroleum 
fuels (natural gas and hydrogen) in power systems and transportation. Because of the gaseous nature of these 
fuels, it must be stored onboard a vehicle in either a compressed gaseous or liquefied state. Natural gas (NG) 
is made up of about 95%  methane – a gas that cannot be liquefied at ambient temperature. It is liquefied 
under pressure of 1-2 MPa at 111.65 K. Liquefied NG requires the use of complex and expensive 
liquefaction equipment, thermos-like tanks and significant energy consumption for the liquefaction and 
degasification. Compressed NG is currently the prevailing storage technology.limiting both efficiency and 
safety. Compressed NG is stored at a high pressure, usually 20–25 MPa and demands very robust specially-
designed cylindrical tanks, which use a lot of space and are heavy. In addition, gas compression requires 
expensive multi-stage high-pressure compression technology.  

Adsorbed NG storage technology is a viable alternative to compressed gas having higher energy 
density, less extreme operating conditions and less danger of explosions. It has quite a few promising 
advantages over existing methods. New systems provide the pressure level decrease up to 2–6 МPа without 
appreciable reducing of the gas storage capacity. In case of the microporous solid adsorbent utilization the 
necessity for bulky, heavy, and metal-consuming vessels is disappeared. Projects on application of natural 
gas in an adsorbed state for transportation are intensively conducted in the USA (AGLARG), Japan (Honda 
Motors), Italy (EU FP5 LEVINGS), Brazilia (Brazilian Gas Technology Center), China (University of 
Petroleum) and et. al in the nineties of the previous century [1–4]. Traditional carbon materials because of 
their low cost and weight are considered for a long time as the suitable environment for reversible storage of 
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methane at the expense of physical adsorption. The principles of NG adsorption have been around for 
decades however no one had succeeded to develop commercially viable technology until now. 2000 target 
DOE for methane is 180 V/V or 117 g/L at 3.5 MPa and 298 K. In spite of the DOE has not generated new 
goal for the storage of methane since 2001 adsorbed NG storage technology remains an area of interest to the 
small businesses and consumers. The phenomenon of physical adsorption is essentially accumulation of the 
undissociated gas molecules on a surface of microporous carbon fibers or particles. This property is due to 
the fact that the carbon could be prepared in a very fine powdered or fiber form with highly developed 
porous structure and due to specific nature of the interactions between carbon atoms and gas molecules. The 
total amount of the adsorbed hydrogen or methane strongly depends on the pore geometry and pore size 
distribution as well as the storage pressure and temperature levels.  

Development of hydrogen power engineering had promoted to the revival of interest in the systems of 
the adsorption storage of NG. In the early 21st century (from 2004), a number of research centers were 
established by DOE to develop effective hydrogen adsorbents [4, 5]. It was found that the same class of 
materials (activated carbon) has great potential, both for the storage of hydrogen and methane. Two 
distinctive characteristics of activated carbons are the large amount of micropores and the resulting large 
surface areas (1500–3500 m2/g). Both of these attributes make activated carbon attractive as a gas storage 
media. During recent years in the ALL-CRAFT project over 100 different carbons from waste corncob 
(variable activation procedures) and over 300 monoliths for test tank were produced [4, 5]. The novel 
nanoporous carbons have sub-nm (<1 nm) and supra-nm (1-5 nm) pore volumes, surface areas of up to 3500 
m2/g, porosities of up to 0.8 and store exceptional amounts of methane and hydrogen. The best gravimetric 
and volumetric storage capacities among carbons (laboratory investigations), produced in a multi-step 
process from corncob, are 0.25 kg/kg and 199-202 V/V (for methane) at 3.5 MPa and 293 K; 0.08 kg/kg 
adsorbent at 47 MPa, 77 K (for hydrogen). This is the first time the DOE methane storage target has been 
reached and exceeded.  

 Currently, advanced systems are being considered for hydrogenous gas storage: adsorption on 
different nano- and microporous carbon materials or metal and complex hydrides, metal organic frameworks. 
Perspective materials used as fillers in storage systems must conform to the requirements of reversibility and 
durability, moderate adsorption enthalpy, fast gas kinetics and affordability. To reach a high adsorption 
capacity on a volumetric basis condition, carbon adsorbents must have the optimized and balanced 
characteristics. Some of these characteristics include [6]: 1) elevated microporosity, since micropores are 
responsible for most of the adsorption of small molecules like methane; 2) a high compactness, which 
contributes to increase the bulk density and, consequently, the volumetric storage capacity; 3) a narrow pore 
size distribution centered around 0.8–1.1 nm, which optimizes the density of the adsorbed phase; 4) a 
relatively low mesoporosity, since mesopores reduce the bulk density but they facilitate the kinetics of the 
adsorption processes. Therefore the sorption technology of storing is closest to the practical realization for 
both methane and hydrogen. The thermal effects of the adsorption processes are closely related to the  
thermophysical properties of structural materials and to the organization of heat transfer in the sorbent bed. 
The key for the success in finding an efficient storage system is the selection of a suitable adsorbent and 
thermal management.  

This paper introduces a part of the running joint project (between Luikov Heat and Mass Transfer 
Institute and King Abdulaziz of City for Sciences and Production engineering), directed on development of 
the safe storage of methane and hydrogen in the coupled state by solid adsorbents. The original experimental 
setup and prototype of cylinder/adsorber for gaseous fuel storage were developed, which give a possibility to 
pilot research adsorption properties of the carbon fibrous material/filler under realistic operating conditions 
on a laboratory scale. The assemblage of the adsorption isotherms and isosteres of methane on the activated 
carbon fiber (based on commercially available "Busofit TM-055") was obtained. The isosteric heat of 
adsorption was evaluated with utilizing experimental data.   
 
1. EXPERIMENTAL SETUP AND TEST CYLINDER  

The schematic diagram of the experimental setup is shown in Fig.1. It is intended for carrying out 
experimental investigations of steady-state and dynamic regimes of the processes of adsorption of the 
hydrogenous gas on the carbonaceous materials.  
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The setup consists of the following functional blocks: 
‒ a block for holding high-pressure cylinders (~20 MPa) with tested gases. It is a metal cabinet for 

standard high-pressure cylinders with tested gases and a cylinder with helium; 
‒ a calibration block of calibrating cylinder with an air heat exchanger for thermostatting, a system of 

valves for manual and automatic filling of cylinder, temperature and pressure sensors; the calibrating unit 
ensuring preliminary storage of a specified amount of tested gas; 

‒ a block of flow meters which consists of a system of cocks and valves, two Flow-Lo and Flow-Hi 
devices for different measurement ranges and for controlling the volumetric and mass flow rates of the 
adsorbed and desorbed gas; 

‒ a vacuum pumping block consisting of an oil-free spiral and turbomolecular pumps with cocks and 
an exhaust line (into the ventilation); it is intended for removing air and other gases from the setup; 

‒ a block of adsorption that includes a test cylinder with a cut-off cock, a pressure sensor Ps, 
thermocouples, joints, and a HL85 thermostat. The cylinder filled with a adsorbent is equipped with a 
double-pipe heat exchanger, and a thermostatic system; a separate detachable electric heater is mounted to 
perform desorption on its outside wall; 

‒ a system of acquisition and analysis of experimental data with an Agilent HP3497OA multimeter, 
an Agilent N670A power source with two 300W channels, communication cables, and a computer. 

 

 
 

Fig. 1. Schematic diagram of the experimental setup 
 

The combination of the positions of the switches of cocks ensures the pumping out of the setup loop, 
of the adsorbent-filled cylinder, performing adsorption and desorption that correspond to gas charging into 
the adsorbent-filled cylinder and its discharging. The values of temperature in different zones of the test 
cylinder and of the calibrating volume are controlled by 15 copper-constantan thermocouples, made from a 
special thermocouple wire manufactured in England. The accuracy of temperature measurement was ± 0.1˚K. 
The total amount of introduced or extracted gas is measured by two methods: using the volume method and 
proceeding from the reading of the flow meter and adder. During all this process, inlet mass flow, the 
pressure at the bottom of the adsorber and the pressure at the calibration cylinder and the temperature-values 
at the locations of the thermocouples are recorded with subsequent processing on a computer. The ballast 
volumes of pipelines, cocks, valves and the free volume of the test cylinder Vs,void (including macropores, 
mesopores and the void fraction inside the adsorber) are the characteristics of the setup. They were 
experimentally determined previously by helium expansion method, provided helium adsorption could be 
neglected at room temperature and not very high pressures. 
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The test cylinder of interior volume 2.2 L is shown in Fig. 2.  It contains the preliminarily determined 
amount of adsorbent equal to 679.3 g. The adsorbent, filler of the cylinder, was compressed so that a bed 
density of 484 kg/m3 could be achieved. Although this compression might have led to fiber deformation, it is 
assumed that the increase in density did not affect the structure of the fiber and was achieved mainly by 
reducing the interparticle volume. The adsorbent, used in the experiments, is fibrous activated carbon based 
on commercially available "Busofit TM-055" (the properties are given in Table 1). It is fabricated in Belarus 
from impregnated cellulose and has such advantages as high rate of adsorption and desorption, uniform surface 
pore distribution. It being known, that micropores with diameters (0.6-2 nm), capable of adsorption of 
hydrogenous gas molecules, are situated on the surface of monofiber (diameter is about 7 μm). 

 

 
 

Fig.2. The general view of the test cylinder/adsorber with temperature sensor and the heater installed 
 

The steel casing of cylinder had the following geometrical characteristics: the outside radius equal to 
0.051 m and the thickness of 0.006 m. The annular adsorbent bed with radii 0.001 m and 0.041 m is 
adjacent to the heat exchanger shell of thickness 0.0002 m. The adsorbent bed is surrounded by a  

 
Table 1. Textural characteristics of commercially available "Busofit TM 055" 

 

Specific surface, m2/g Volume of micropores, ml/g 
Sample 

BET Langmuir D-R D-R t-graph α-method 
Busofit TM 055, woven industry-

defined 
1605.7 2982.9 2411.1 0.86 0.522 0.408 

 
thin perforated brass tube with a thickness 0.063 mm The aluminium fins with a width of 0.5 mm  are attached 
to the outer wall of the heat exchanger (the step of finning is about 0.013 m). The height of the finning 
disks was in line with the external boundary of the cylindrical adsorbent layer. There is the channel  
between the perforated tube and the adsorber wall through which the gas moves along the cylinder. The gas 
flow rate is maintained constant with the help of the mass flow controller. The temperature in the adsorbent 
bed was monitored by nine thermocouple probes placed in radial (25, 30 and 35 mm) and axial (54 mm, 168 
and  and 282 mm) directions.  

 
2. DETERMINATION OF THE ADSORPTION OF METHANE 

The goal of the test series is determination of dependences of the form of a = f(P) at constant 
temperature over a wide range of pressures. The adsorption isotherm is obtained point-by-point by admitting 
to the adsorbent successive known volumes of a gas and measuring the equilibrium pressure. Before the 
experiments the activated carbon fiber sample were several times ‘‘filled’’ with methane. Then gas was 
removed from the adsorber by its heating up to 513 K for the adsorption properties restoring and for the 
admixtures removal. Simultaneously with the heating the long pump-down of gases from volume was carried 
out with use of the vacuum system. The criterion of the completed regeneration of the adsorbent was the 
attainment of the needed vacuum in the adsorber. After this procedure was accomplished and adsorber was 
cooled up to a room temperature the experimental set-up is ready for the tests. 

At first step, the calibrating cylinder is filled with methane gas at a definite pressure. Then, gas from 
the calibrating cylinder is supplied to the adsorber by opening the connecting valves. The HL85Plus 
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thermostat makes it possible to maintain the needed level of the adsorbent temperature. After thermal 
equilibrium is reached, the mass change of methane in the calibrating cylinder is calculated with the gas law: 

 

( ),c,i c,i c c im = P V / Z R Tμ                                                              (1) 

 

( ),c eq c s,eq c c,eqm P V / Z R Tμ−=                                                          (2) 

 
Here, ,c iP  and ,c s eqP −  are the initial pressure of the calibrating cylinder and the equilibrium pressure of the 

calibrating cylinder after integration with adsorber, respectively; cV  is the volume of the calibrating cylinder. 

Also ,  ,c,i c eqm m  and ,  , .c i c eqZ Z represent the mass and compressibility factor of methane in the calibrating 

cylinder before and after integration. The total amount of gas stored into the adsorber may be considered as 
the difference of mass of methane before and after equilibrium in the calibrating cylinder: 
 

, , ,
total
s stored c i c eqm m m= − .                                                             (3) 

 
The mass of adsorbed methane ,

total
s adm  can be found by subtracting the amount of pressured gas ,s voidm  

occupied the void volume inside the adsorber from the total stored amount of gas in the adsorber: 
 

, , ,
total total
s ad s stored s voidm m m= −                                                                (4) 

 
The amount of methane occupied the void volume of the adsorber can be calculated as: 

 

           = ,
,

s s void
s void

s s

P V
m

z R Tμ

                                                               (5) 

 

where , ,, ,s void s s voidm P V  are the mass of methane, trapped in the void volume of the adsorber, the equilibrium 

pressure of gas in the adsorber, and the volume of free gas, respectively. 
The value of equilibrium adsorption or the mass ratio of adsorbed gas (kg) to adsorbent (kg) is 

calculated by dividing the mass of adsorbed methane by the mass of the adsorbent, filled the adsorber: 
 

,( , )
total
s ad

ad s s
sorbent

m
a P T

m
=                                                           (6) 

 
Each adsorption cycle was repeated at different methane gas pressures from 0.1 MPa to approximately 

5 MPa. While changing to another adsorption isotherm (next temperature level) the adsorber was heated and 
degassed. This means that each storage value is obtained independently from the previous isotherm. 
Desorption isotherm can be determinate by measuring the quantities of gas removed from the adsorber as the 
pressure is lowered. The total amount of gas extracted from the adsorber may be considered as the sum of 
two parts. One part of the gas supplied from the micropores of adsorbent bed is the so-called desorbed gas 
and the residual gas that extracted from the void volume inside the adsorber is a free gas. Figure 3 shows the 
assemblage of isotherms of methane adsorption on the used Busofit-type activated carbon fiber in a wide 
temperature range between 243 and 293 K and pressure up 5 MPa. The curves obtained as results of the 
processing the data of equilibrium experiments have smooth shapes and belong to the type I of the Brunauer 
classification. Type I physisorption isotherms are exhibited by microporous solids having relatively small 
external surfaces. The limiting uptake of adsorbate is governed by the accessible micropores volume rather 
than by the internal surface area. 
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3. EVALUATION OF THE HEAT OF ADSORPTION BASED ON ISOSTERES   
The isosteric heat of adsorption is a valuable thermodynamic property, which provides useful 

information about the interactions between the adsorbent and the adsorbate. It corresponds to the energy 
released during the adsorption process, and depends on the temperature, pressure and surface area. The heat 
of the phase transition of adsorption can be calculated using Clausius-Clapeyron equation with some 
corrections. For the ideal gas ( gz ~1, Va << Vg), the isosteric heat is determined by the formula [7] 

 

 
 

Figure 3. The adsorption isotherms of methane on the Busofit-type activated carbon fiber 
(filling material of adsorber): points – experiment, lines – calculation 

 

1

ln
( / )st g

a const

Pq z R
Tμ

∂
∂

=

 = −  
 

.                                                         (7) 

 

where qst is the isosteric heat of adsorption, Rμ, is the gas constant, T is the temperature, P is the pressure and 
a (adsorption, kg/kg; ) is the adsorbed amount, Va and Vg are the partial molar adsorption volume and molar 
gas-phase volume, zg, coefficient of gas compressibility. This equation (7) relates the adsorption heat effects 
to the temperature dependence of the adsorption isotherm. For this purpose, the data in Figure 3 were plotted 
as plots of lnP, (P, MPa) versus 1/T (T, K) in the form of an isosteres for a series of adsorption amount. It 
can be seen that the all adsorption isosteres are practically line and is well described by the following linear 
relation: 
 

1ln( ) ( / )isP a T C= + ,                                                                   (8) 

where /( )is st ga q z Rμ= ⋅  

The isosteric heats of adsorption for methane were calculated from the slopes of the plots (see Figure 
4) against the inverse temperature according to Eq. (7). Its average value in the measured range was 1.03 
MJ/kg. The isosteric heat of adsorption for methane was evaluated by comparing it with the values in the 
mentioned literature, and it has been reported to range from (1.06 and 1.25) MJ/kg. This difference may be 
related to the calculation method; our value was calculated from the slope of the isosteric plots. 

 
4. MODELING OF ADSORPTION ISOTHERMS  

For carbonaceous adsorbents with microporous homogeneous structure thermal equation of 
adsorption, based on the theory of volume filling of micropores (TVFM), is written as [8] 
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( )0 exp( / )nW W A E= − .                                                    (9) 

 
where E is the characteristic energy of the system, n - the heterogeneity parameter. Here, W=Neqva, Neq is 
amount adsorbed moles per unit mass of the adsorbent and va=M/ρa - the volume of mole of the adsorbed 
substance. W0 is the limiting volume of adsorption corresponding to the volume of the micropores.  
  

 
Fig. 4. Isosteres of the methane adsorption on the test sample and there linear approximation by the 

Eq. (7). The numbers above each line indiate the amount adsorbed gas (in kg/kg) 
 
 

A is the differential maximal molar work of adsorption or the change of the Gibbs free energy taken with the 
minus sign and defined by (Ps - the pressure of the saturated vapor) 
 

ln sPA RT
P

= ,                                                              (10) 

 
In the supercritical region where the concept of vapor pressure no longer holds, the use of 

pseudovapor pressure has been proposed. For adsorption temperatures (T>Tcr) the pseudovapor pressure is 
calculated by Dubinin’s method [9, 10] 
 

2

s cr
cr

TP P
T


= 
 

.                                                      (11) 

 

The thermal equation of adsorption (9) corresponds to the equation of the adsorption isotherm 
 

0
eq exp

n

a

W AN
v E

 = −  
   

.                                                           (12) 
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The density of the adsorbed phase in the temperature range Tb<T<Tcr is given by the Nikolaev - 
Dubinin relation [11]: 
 

( )( )
a

b cr
a b b

cr b

T T T
T T
ρ ρρ ρ −= − −

−
.                                                        (13) 

 
Here, ρb is the density of the liquid at the boiling point Tb; /a

cr M bρ =  is the density of the adsorbed 

phase at the critical temperature. The constant of the van der Waals b is related to the critical parameters by 
the following relations: 3b = Vcr  and 8b = RTcr/Pcr. Note, for T<Tb value νa is taken from the tables.  

The concept of the limiting adsorption N0=W0/va, was introduced in the TVFM. The limiting 
adsorption corresponds to the complete filling of the entire adsorptive space of adsorbed molecules. It is 
characterized by thermal coefficient of the limiting adsorption  
 

0

0

1
t

dN
N dT

α =                                                                     (14) 

 
Thermal coefficient of the limiting adsorption is analogy to the coefficient of thermal expansion of 

bulk liquid. The quantity N0 obviously depends on the temperature. To calculate the adsorption of 
supercritical temperatures and pressures the linearity of the adsorption isosteres is used: 

 

( )0
0 0exp  [ ]0 tN (T) = N -a T - T ,                                          (15) 

 
where 0

0 0 0( )N N T=  - the limiting adsorption, determined experimentally at a temperature 0T  for the initial 

isotherm, which serves for finding of the characteristic energy of adsorption and evaluation of the index of 
power n. 

Adsorption isosteres are very interesting for the analysis of the thermodynamic functions of 
adsorption. Adsorbed gas is under the impact of the field of adsorption forces of the microporous adsorbent, 
and it is in a special state that is different from the known states of the bulk phases. This is confirmed by the 
fact that the slope of the adsorption isosteres in the transition from vapor to nonideal gas phase of the 
supercritical state (T> Tcr) has remained virtually unchanged [12].   

Thermal coefficient of the limiting adsorption can be calculated according to the scheme [11] proposed 
by Nikolaev and Dubinin and based on the two characteristic points: 

 
( )
( )

( )
( )

0
0 0ln / ln /cr a

b b cr
t

cr b cr b

N N
T T T T

ρ ρ
α = =

− −
,                                                   (16) 

 
When the bulk liquid phase in equilibrium with saturated vapor, is taken as the standard state of the 

adsorbate, the expression for the limiting adsorption can be written  
 

( )0
0 exp  [ ]0 b t bN (T) = N -a T - T ,                             .                     (17) 

 
where 0

0 0 0( ) /b b bN N T W v= = . 

More general equation of the adsorption isotherm which describes the equilibrium gas adsorption on 
the carbonaceous adsorbents with microporous structure has the following form:  

 

0
eq exp ( )

n

t b
b

W AN T T
v E

α
   = − + −   

     
;                                     (18) 
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For most activated carbonaceous materials [13] the heterogeneity parameter n is equal to 2 and Eq. 
(18) can be re-written for value adsorption eq eqa N M= , kg/kg  

 
2

2

cr
eq 0

cr

exp ln ( )b t b
PRT Ta W T T

E P T
ρ α

       = − ⋅ + −           

                                (19) 

 
On the one hand thermal coefficient of the limiting adsorption has been calculated by means of Eq. 

(16) and for methane its value tα =0.00167 1/K. On the other hand it is obvious that the density of the 

adsorbate at the critical temperature must satisfy the inequality 
 

cr cr cr
a a liqρ ρ ρ> >, mod  , where  3cr cr

a liqρ ρ= .                                                                                .  (20) 

 
One can assume the adsorbed phase density at critical temperature to be equal to the doubled critical 

density of the bulk liquid and then thermal coefficient of the limiting adsorption becomes 
 

2cr cr
a liqρ ρ=, mod                                                                  (21) 

 

( )
( )

2 cr
b liq

t
cr bT T

ρ ρ
α =

−,mod

ln /
.                                                       (22) 

 
In the supercritical region for the methane this coefficient is estimated to be tα =0.00341. Note, for 

high pressure gas adsorption Ozawa et al. [14] suggested the following empirical expression considering the 
thermal expansion of the adsorbate molecules: 
  

[ ]av exp ( )b v bv T Tα= − .                                                          (23) 
 

The thermal expansion is assumed independent of the species of the adsorbate and the coefficient has 
an average value of 0.0025 1/K, while Basmadjian et al. [15] had proposed another value that is inverse of 
temperature (1/T) for the supercritical region. 

The above four approaches have been used to correlate our experimental equilibrium data in a wide 
temperature range between 243 and 293 K and the pressure range up 5 MPa. . As follows from received 
results of the comparison and the plots of the Fig. 3 the experimental points are better allocated on the 
curves, calculated according to the Eq. (19) at αt = αt,mod=0.00341. The parameters for the initial adsorption 
isotherm T0=243.15 K were obtained by the least square fit of the adsorption model to the experimental data 
collected in this study: a0(T0)=0.149 kg/kg and (R/E)2=0.97 10-6. On the basis of the TVFM the structural-
energy characteristics of the used adsorbent were estimated: the specific volume of micropores W0 =0.549 
ml/g; the characteristic adsorption energy E =8443 J/mol. 

Therefore, the expression for the adsorbed phase density Eq. (21) is incorporated with the D–A 
isotherm model (19) and it has been used successfully for high-pressure adsorption of methane on 
carbonaceous sorbent based on "Busofit TM-055" in the supercritical region in this case, the thermal 
coefficient of the limiting adsorption (see Eq. 23) was assumed to equal 0.00341 K–1. 
 
CONCLUSIONS 

1. The experimental setup (developed at the Heat and Mass Transfer Institute for King Abdul Aziz 
City for Sciences and Technology) allows one to carry out investigations of effects of heat and mass transfer 
in microporous adsorbent on the performance of a storage system of hydrogenous gas in coupled state.  
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2. Methane adsorption (on the filling material of cylinder/adsorber) was studied at the full-scale 
experiment under steady-state conditions. The experimental data in a wide temperature range between 233 
and 313 K and pressure up 5 MPa were analyzed from the standpoint of the theory of volume filling of 
micropores and the linearity of the adsorption isosteres. Main results: 
‒ Adsorption isotherms were obtained and verified with the data following the improoved D–A equation (the 
expression for the adsorbed phase density was incorporated with the D–A isotherm model) with good 
accuracy. 
‒ In the supercritical region adsorbed gas of microporous is in a special state. Modified thermal coefficient of 
the limiting adsorption is proposed.  
‒ The isosteric heats of adsorption for methane were defined from the slopes of the isosteres against the inverse 
temperature. It is shown that the average heat of adsorption in the measured range is 1.03 MJ/kg  
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Abstract 
Adsorbed Natural Gas (ANG) storage technology is a viable alternative to compressed gas having higher energy 

density, less extreme operating conditions and less danger of explosions. One of the central problems in extensive 
application of the adsorption storage systems of a gaseous fuel consists in improving the efficiency of fueling process. 
The perspective device to perform a adsorbent bed thermal control during its charging/discharging is heat piper. In this 
work CFD model (ANSYS Fluent) of the cylindrical adsorber with internal finned heat pipe is suggested and used for 
the parametric study of dynamic behavior of methane storage system. The fueling characteristics will be presented for 
constant mass flow rate and constant pressure of the methane at the inlet of the adsorber. In the supercritical 
temperature region modified thermal coefficient of limiting adsorption and Dubinin–Astakhov equation are proposed 
for the prediction of the isotherms and isosteric heat of adsorption.  
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INTRODUCTION 
Safety issues of a mobile storage of the gaseous fuel (hydrogen, methane and their mixtures) are of 

critical importance. The potential alternative to well-known storage technologies like cryogenic liquid and 
compressed gas limiting both efficiency and safety is gaseous fuel storage based on an adsorption process 
[1–3]. These storage systems, however, are submitted to intrinsic thermal effects that can significantly 
influence the system behavior [4–6]. The thermal effects of the process of adsorption are closely related to 
the external heat transfer of the storage system, thermophysical properties of structural materials, and to the 
organization of heat transfer in the adsorbent bed. The adsorption occurring in the course of cylinder 
charging with a hydrogenous gas is an exothermal process [7–9]. An increase in the adsorbent bed 
temperature, caused by release of the latent heat of phase transition and by the low thermal conductivity, 
leads to a decrease in the quantity of gas stored under dynamic conditions as against the expected quantity. 
As follows from the investigations performed in [10–12], the temperature of the storing system is an 
important factor that determines the kinetics and thermodynamics of the processes of filling and extraction of 
gas. This causes the necessity of regulating the supplied and removed heat fluxes with the help of a special 
thermal controlling system based on the heat pipe.  

The objective of the present work is to develop tools (based on CFD modeling) able to predict the 
thermal effects that occur in the system using adsorbent and heat pipe, and to propose solutions for 
hydrogenous gas storage in manifold conditions. Potentials of the fibrous activated carbon material and 
cylinder design in the region of supercritical temperature and moderate pressure (3–6 MPa) are evaluated 
through a combination of the modeling of the methane isotherms and isosteric heat of adsorption and 
parametric study of different charging scenarios. Success is expected to have important impact on large 
manufacturers, small businesses and consumers through safe and eco-friendly transport applications.  

 
1. STORAGE CYLINDER DESIGN AND CFD MODELING 

The schematic of the computational domain corresponding to a cylinder using HP thermal control is 
given in Fig. 1a. In essence, it is a pressurized reservoir filled with a microporous adsorbent and provided 
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with an inlet valve combining heat transfer and adsorption unsteady-state processes. In one of its ends there 
is a hole for supplying/tapping a gas, with the second end face being blind. To decrease the negative 
influence of adsorption heat and axial temperature gradients, a finned HP is mounted in the adsorbent bed at 
its center. HP can easily be implemented inside the adsorption storage system due to their flexibility, high 
heat transfer efficiency, cost effectiveness, reliability, long operating life, and simple manufacturing 
technology. The metal fins on the HP surface serve for intensification of heat transfer in the adsorbent bed. 
The adsorbent bed is surrounded by a thin, perforated tube. There is a small annular gap between the 
adsorbent bed and the cylinder wall. It acts like a gas collector through which the gas moves along the 
cylinder to the pressure regulator.  

2D axisymmetrical mesh geometry for the half-cylinder has been handled (Fig. 1b). The finning HP is 
made part of the computational cell. Mesh boundaries coincide with the boundaries of the computational 
domain. The grid consists of quadrilateral 6749 cells and 8432 nodes.  

 

 

 
 

Fig. 1. Schematic of the computational domain (a) and mesh (b) for the cylinder using HP thermal 
control: ■) cylinder casing; ■) annular gas channel, formed by the perforated tube and the cylinder 
casing; ■) adsorbent; ■) HP shell (outer diameter 0,02 m); ■) vapor channel of HP; ■) free gas volume 
located before the adsorbent bed; ■) HP fins; ■) flange of the HP suspension; ■) ■) flanges of the cylinder  

 
Several assumptions were made to simplify the model: 
— the gas phase is considered as an compressible ideal gas;  
— the temperature of the solid phase is equal to the temperature of the gas phase at each point, 

because of the high coefficient of the volumetric heat transfer between them;  
— the porous medium is assumed homogenous and isotropic and characterized by the hydrodynamic 

porosity ε and the effective thermal conductivity, which is determined by the formula 
 

( )1ef g sλ ελ ε λ= + − ,                                                     (1) 

 
where λg- thermal conductivity of gas, λs - thermal conductivity of the solid adsorbent. 

 The hydrodynamic porosity ε  (the porosity of the packed layer or adsorbent bed) is always less the 
total porosity tε , which is calculated from the bulk density ρ and so-called "helium" density adsorben t sρ : 

 
1 /t sε ρ ρ= − ;                                                                (2) 

 

t με ε ε= + ,                                                                  (3) 

 
where με  characterizes closed pores, ε - open pores and interstices between the fibers or granules 

available for gas passage; 
— thermal conductivity and specific heat capacity of the solid phase are considered to be independent of 

pressure and temperature;  

a

b
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— actual phase-change process inside the HP is simplified and quantified by using a one-dimensional heat 
conduction analogy in a solid rod with a high conductivity (greater than the thermal conductivity of 
copper in hundred times). 
Ansys Fluent 14.5 was used to formulate and solve of the problem of heat and mass transfer in the gas 

storage vessel using carbon fiber and finned heat pipe. The model is based on the governing mass, 
momentum and energy conservation equations for flows in porous media with the mass and energy source 
terms due to adsorption phenomena [13–15]:  

 

( )g
g m= S

ερ
ρ

τ
∂

+ ∇ ⋅
∂

v ,      (4) 

 

( ) ( )g g 2P C
K
μρ ρ

τ
∂ + ∇ ⋅ = −∇ + ∇ ⋅ − + ∂  

stv vv τ v v v ,   (5) 
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∂
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The source Sm is the mass added to the continuous phase: 
 

( )
4m s CH1 t

NS Mε ρ
τ

∂= − −
∂

.                                                       (7) 

 
The energy source term is given by  

4H is CH/mS H S M= −Δ ⋅ ,                                                          (8) 

 
where ΔHis – isosteric enthalpy of adsorption or isosteric heat of adsorption. 

CFD model is supplemented with user-defined subroutine (UDS), which include approximate kinetic 
equation and modified Dubinin–Astakhov’s equation of isothermal adsorption 
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where the limiting adsorption value ( 0

0N ) corresponds to the initial adsorption isotherm temperature T0. 
The evaluation of the energy source term requires the determination of the heat of reaction due to the 

change in energy level of the gas molecules during the adsorption process. It may be obtained from the 
known Clausius-Clayperon equation using the modified Dubinin–Astakhov’s equation (10) for isothermal 
adsorption of ideal gas-phase adsorbate 

 
1/ (1 ) /

0 0
0 0

st 0 0
eq eq

ln ( ) ln ( ) 2

n n n

t
g t t g

N T NH Ez T T T T Rz T
N n N

αα α
−   

 Δ = − − + − − +         
             (11)  

 
According to the expressions for the differential maximal molar work of adsorption or the change of the 
Gibbs free energy A (see Eq. 2, part I) the Eq. 11 is written as:  
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For most activated carbonaceous materials the heterogeneity parameter n is equal to 2 and Eq. (12) can be re-
written as  

2

st 2
2
t

g
T EH z A RT
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α 

Δ = + + 
 

.                                                 !  (13) 

 
Note that all of the equations were used in axisymmetrical unsteady-state formulation. The 

thermodynamic properties of the gas phase are specified by the equation of state of a compressible ideal gas 
(this assumption is valid below 20 MPa): 
 

( )
4g CH g = zPM RTρ .                                                                      (14) 

 
Equation (6) takes into account that the total heat capacity of the adsorbent bed unit volume includes not 
only the heat capacity of the gaseous and solid phases, but also the heat capacity of the adsorbed gas [16]: 

 
( ) ( )

4

*
g s s g s CH a s s1 1 (1 / )g gC C C NM C C Cερ ε ρ ερ ε ρ+ − = + − +                              (15) 

 
In the case of the adsorption above the critical temperature the specific heat of adsorbed methane is 
considered [16] to be equal to the specific heat of free gas at a pressure of 80 MPa (tabular data [17]), The 
viscous dissipation in Eq. (6) may also be neglected. 

We make use of the compressible pressure-based solver, the user-defined scalar (UDS) and also 
adaptive time stepping algorithm to solve these equations. The C programming language has been used to 
write the codes in the User’s Defined Functions (UDF) file for customizing the UDS equation. For a free gas 
in the free space of the cylinder, in the gas channel where the porosity is equal to unity, the energy and mass 
balance equations are solved together with the Navier–Stokes equations. In the metal elements of the 
construction that have zero porosity, we consider the heat conduction equation 

 
2. RESULTS AND DISCUSSION  

The suggested CFD model was used to analyze the influence of charge mode on the characteristics of 
methane filling of the of the test cylinder, described above (see part 1). At statement of the problem, it was 
considered that the reducer holds constant the charge rate of gas to vessel or specified value of pressure inlet. 
The pressure inlet can change in the process of gas charging of the storage vessel within several 
minutes, and then becomes practically constant (with time) after the establishment of the nominal 
value. The conditions of regulation of the pressure inlet were modelled by exponential changing its 
value for 90 and 180 sec from the initial value 0.1 MPa to the stationary value 5 MPa.  Also calculations 
were carried out for the some variants of gas charging, when methane intake occurs with a fixed mass flow 
(G=0.03; 0.05 g/s) up to the moment of attainment of a nominal pressure of 5 MPa. Then the pressure did not 
undergo a change and the mass flux at the inlet tended to zero asymptotically. Mathematically this is 
expressed by the replacement of the boundary condition of a constant mass flow rate with the condition of 
constant pressure at the inlet.  

The main characteristics of adsorbent, used for the parametric study, are based on properties of the 
adsorptive filler (the Busofit-type activated carbon fiber) of the developed test cylinder/adsorber. The 
hydrodynamic porosity, ε, is equal to 0.6; the total porosity - 0.78 and the bulk density - 484 kg/m3. The 
initial and boundary conditions were corresponded to the cooling of adsorbent bed on both sides.  
The storage vessel (T0 = 293 K) was cooled by the heat pipe and the convective heat exchange (αenv = 50 
W/(m2K) with the surroundings on the external surface of the vessel casing down to 243 K. The fixed 
temperature Thp, was maintained at the external surface of the heat pipe due to the contact of its condensation 
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zone with a massive cooled body with a temperature of 243 K. In addition, vessel gas inlet temperature was 
243 K. The numerical results corresponding to the time distribution of the volume-average characteristics of 
various charging processes of identical duration of 3000 s are generalized in the graphs (Fig. 2).  

 

 
 

          

Fig. 2. Characteristics of charging of a cylindrical vessel cooled by HP for various modes of gas supply: constant 
pressure inlet (5 MPa) and mass flow inlet: (a) flow rate of methane, (b) mean pressure and (c) temperature of 
adsorbent bed; (d) volumetric storage density of methane and the dynamic coefficient of filling 

 
From Fig. 2 it can be concluded that nonsteady temperature and pressure variations take place in the 

system during charging. The pressure increases, whereas the temperature can both increase and decrease, 
depending on the size of the thermal source due to the adsorption and heat exchange conditions at the 
adsorbent bed borders. The equilibrium adsorption aeq(P,T) increases with pressure growth and temperature 
reduction. To charge the cylinder fully, it is necessary that the pressure and temperature in the adsorbent 
could reach their nominal values, and the parameters should be sustained during a certain time needed for the 
adsorption reaction. This reaction is slow enough, and for its full realization one should remove the heat 
generated in the adsorbent in the course of charging. The nonequilibrium adsorption tends to its equilibrium 
value, but with a considerable delay. It is obvious that the adsorbent temperature is decreasing, despite 
adsorption heat release, and the rate of cooling is dependent on heat output. At the end of charging the 
average temperature in the adsorbent bed has decreased by about 45 K above its initial value (Fig. 2c). The 
convective heat exchange with surroundings and heat flow, transferred by heat pipe, determine of the mean 
adsorbent temperature, the degree and time of the vessel charging. It is possible to see that for the constant 

a b

dc
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pressure mode the mass rate of gas flow entering through the vessel inlet (Fig. 2a) quickly reaches a 
maximum value at the time of the establishment of the nominal pressure, and then asymptotically falls, and 
the adsorbent temperature begins to decrease down to the HP temperature. The maximum value of mass flow 
rate is dependent on the period of pressure rising. The volumetric storage of methane and the dynamic factor 
of filling are directly proportional to the stored gas amount. These factors of vessel filling are chosen as the 
ordinates of a graph (Fig. 2d). The dynamic coefficients of filling (the ratio of current gas amount in the 
vessel to its value at storage pressure and storage temperature) are above 0.91 at the end of charging. As a 
result, the volumetric storage density of gas in the vessel increases to 138 vSTP/v. Despite the distinctions in 
the temperature and pressure variations, the charging characteristics for these variants (P=5 MPa) are close to 
each other.  

As follows from the dynamics of the pressure variation in the adsorbent bed (see Fi. 2b) during the 
charging of the vessel, the time of the achievement of a nominal pressure of 5 MPa is increased significantly( 
from some minutes to near hour) for the charge mode with a fixed mass flow. Also the decrease of mass flow 
rate from 0.05 to 0.03 g/s promotes to the pressure reduction of the adsorbent bed almost in 2.5 times. When 
the methane uptake occurs with low-flow (eg, 0.03 g/s) the pressure in the adsorbent bed can does not reach 
the nominal value of 5 MPa for a specified period of time. The surface plots in 2D visualize (Fig. 3) show the  
temperature and adsorption value as a function of cell position after 300 and 3000 s of vessel filling with a 
fixed flow rate of methane 0.05 g/s. The clear difference in the colour charts demonstrates the influence of the 
duration of the gas intake and the enhancement of the heat transfer by the high heat-conducting inserts (radial 
fins of the heat pipe) in the sorbent bed.  

It should be noted that the charging of system of methane storage in accordance with the DOE should 
be five minutes. It is seen in Fig 2d, "one-stage" refuelling (the constant pressure inlet mode) is provided the 
reserve of methane about 70 v/v within five minutes. For the mode of constant mass flow this value is equal 
to 30 v/v. The advantages of this type of charging are obvious at a gradual increase in pressure and a low gas 
flow rate. It is technically possible to realize a sharp building-up of pressure in the vessel at the moment of 
its connection with the high-pressure tank. As to the temperature variation, it has a slower character in view 
of the substantial heat capacity of structural materials. Therefore, it is hardly improbable that a sharp 
decrease in the adsorbent temperature is realized. Even though such a temperature drop could occur, it would 
cause a rise in the reaction rate and, as a result, an increase in temperature, i.e., a negative feed-back. A sharp 
pressure rise in the vessel (pressure jump) is inexpedient for a variety of reasons. First, it can cause fatigue 
and failure of the construction parts, which is especially dangerous in combination with a low temperature of 
charging. Second, such a process is nearly adiabatic, the heat removed from the adsorbent has not managed 
to decrease its temperature, and the reaction is nearly suspended in view of the heat release. For a short time, 
the reaction can even change its sign, and, instead of adsorption, desorption will occur. It should be 
considered in designing and exploitation of the adsorption-based storage systems.  

 
CONCLUSIONS 

CFD-model is developed to simulate thermal and mass behaviour of heat-pipe based vessel for 
gaseous fuel (methane) storage in the coupled state. The model takes into account the temperature 
dependence of the heat capacity of the adsorbed methane and the adsorption heat, which is calculated using 
adsorption isotherms at various temperatures. 

The dynamic charging is analyzed with CFD model used real properties of adsorbent and storage 
vessel design. It gives a possibility to model the process that take place in real adsorber with heat pipe of the 
storage system of gaseous fuel.  

The results of numerical simulation of methane charging of vessel filled fibrous material confirmed 
the time of charging is determined by the reaction rate of gas adsorption, heat transfer through adsorbent bed 
and mode of gas supply (constant pressure or fixed mass flow inlet).  

The proposed thermal regulation system based on a heat pipe shows a good thermal response and 
could be used to cool down the porous adsorbent bed to the predetermined temperature.  

The results of this work can be used in designing systems for storage of bound hydrogen and methane 
that are of interest for power engineering, transport, and private usage  
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Fig. 3. Two-dimensional surfaces of temperature and specific amount of adsorbed molecules in the 
cylindrical vessel with finned HP at a changed time of 300 and 3000 seconds for a mass flow rate 
0.05 g/s and double sided cooling of adsorbent  bed (Thp = 243 K; αenv = 50 W/(m2K), Tenv = 243 K) 
 

Nomenclature 
 

C – specific heat capacity, J/(kg·K);  C2 – inertial resistance factor, 1/m;  
Ea – activation energy, J/mol;  Eg – total gas energy, J;  
Es – total energy of solid sorbent, J;  G – inlet mass flow rate, kg·s–1;  
zg – the compressibility factor;  K – permeability, m2;  
Ks0 – pre-exponent constant in the equation  
        of adsorption kinetic, s;  

MCH4 – molecular mass of methane, kg/mol;  

m – dynamic coefficient of filling;  n – exponent or structural heterogeneity 
parameter;  

N – specific amount of adsorbed molecules (amount 
      of adsorbed molecules per unit mass  
      of adsorbed bed), mol/kg;  

P, – pressure, MPa;  

ΔHst –  isosteric heat of sorption, J/mol;  R –  universal gas constant, J/(mol·K);  
SDR – specific surface area determined by  
         the Dubinin–Radushkevich method, m2·g–1;  

T – temperature, K;  

V – volume, m3;  v – superficial velocity vector, m·s–1; 
νа –  specific volume of adsorbed medium, m3·kg–1;  W0 – maximum microporous specific volume,  

         m3·kg–1;  
x, coordinate along the length of the sorbent bed, m;  α – heat transfer coefficient, W/(m2·K);  
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αt –thermal coefficient of the limiting adsorption; ε – porosity;  
λ ef – effective conductivity, W/(m·K);  μ  –  dynamic viscosity, Pa·s;  

ρ – density, kg·m–3;  ρv,s, – volumetric storage density of gas  
          in adsorbent bed, VSTP/V (m3

STP/m3);  
τ – time, s;  stτ  – stress tensor, Pa.  

Subscript: 
a – adsorbate;  cr – critical state;  
g – gas;  DR – Dubinin–Radushkevich method;  
end – finite value;  eq – equilibrium conditions; env –  environment;  
0 – initial value. s –  solid adsorbent;  

Abbreviations: 

CFD – computational fluid dynamics;  HP – heat pipe;  
STP – standard of temperature and pressure.  
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Abstract 
In this paper, the realization and preliminary testing of a novel graphite heat exchanger for utilization in 

adsorption heat pumps. The design principles and process are described, leading to the final layout of the adsorber. This 
is made up of graphite plates with a zeolite side, where a SAPO-34 coating has been deposited, and a process side, 
studied by means of CFD software. Assembly process is also presented, consisting of the bonding of plates by means of 
an epoxy resin. Finally, preliminary testing as for hydraulic and vacuum leakage identification and performance 
assessment have been described. 
 
KEYWORDS 

Zeolite, graphite heat exchanger, adsorption chiller, novel adsorber 
 
 
INTRODUCTION 

During the last years, adsorption chillers have been proved to be a viable and environmentally friendly 
alternative to vapour compression chillers in different fields, from space heating and cooling to automotive 
applications, from waste heat recovery to solar-driven applications. Technological maturity of adsorption 
technology reflects in the increasing number of small-sized and medium-sized chillers on the market [1]. 
Despite the significant progress, effort is still needed to obtain better performance, especially in terms of cost 
reduction and power density enhancement. To this aim, R&D activity is being carried out for the realization 
of thermally efficient adsorbers; recent trends are aiming towards the increment of heat transfer efficiency by 
focusing on two elements: the adsorbent material and the heat exchanger material. Regarding the search for a 
material suitable for the employment in adsorption heat pumps, i.e. regenerable at low temperature (80–150 
°C) and having high water adsorption capacity, zeolites belonging to the alumino-silicon-phospur family, 
like SAPO-34, represent an optimum choice for the realization of adsorbers [2]. However, the low thermal 
conductivity of zeolites has a negative impact on the heat transfer efficiency of the entire heat exchanger; to 
compensate for such problem heat exchangers have been developed with a thin layer of adsorbent material 
coating [3].  

Further improvement might be obtained by using a substrate with high thermal conductivity and low 
density and heat capacity, such as graphite. In the past, some authors proposed a composite made by 
compressing graphite grains with hygroscopic salts or zeolites [4] to improve the thermal conductivity of the 
adsorbent bed. Such a combination, however, despite leading to a better thermal conductivity, resulted in an 
excessive rise in resistance to the water vapor mass transfer [5]. An alternative solution was proposed by the 
direct synthesis of SAPO-34 on porous carbon supports, like carbon papers [6] or graphite foams [7], to 
combine the needed vapor diffusivity with the thermal properties of carbon materials. 

In this paper, the design, realization and preliminary testing of a novel adsorber realized by means of 
SAPO-34 zeolite coating on a graphite heat exchanger, is presented. The substrate is realized with high 
density graphite plates which can be easily milled to provide opportune configurations for the design of an 
advanced heat exchanger for solar cooling or automotive applications.  
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1. THE PROPOSED HEAT EXCHANGER 
 

1.1. Concept of the graphite adsorber 
The advanced heat exchanger here proposed has been developed with the idea of obtaining high 

efficiency and high specific power adsorption chillers. Therefore, a modular heat exchanger made of 
composite graphite has been designed by a using a 3D CAD modelling software. It consists of assembled 
graphite plates and a water distributor manifold. Each plate is composed of a process side, coated with 
zeolite, and a heat transfer fluid (HTF) side where water flows to remove heat during adsorption and provide 
thermal energy for desorption.  

Bonding of the plates and assembling of the heat exchanger have been thought with the aim of 
reducing the number of elements possessing high thermal capacity, detrimental for the performance of an 
adsorption heat pump. Hence, connecting bolts have been placed only in the upper and lower part of the 
plate; instead, a calibrated gasket spacer has been considered for the sealing of the HTF manifolds, 
contemporarily allowing for adsorption/desorption of vapour onto zeolite. 

The described concept is depicted in Figure 1, where both assembled and exploded view are visible.  
 
1.2. Choice of materials 

The material employed for the realization of the heat exchanger is an iso-molded graphite commonly 
used in the fuel cell field, which is obtained by iso-statically cold pressing graphite; such kind of composite 
is ideal for machining and, furthermore, possesses uniform characteristics regardless of directions. 
Characterization of graphite has been performed as to gain information for the thermo-mechanical design of 
the plates. The most relevant characteristic of the substrate measured in the preliminary part of the research 
activity are summarized in Table 1.  
 

Table 1.  
The characteristics of graphite used in the design of the heat exchanger  

Characteristic Unit Value 

Thermal conductivity W/(m⋅K) 50 
Flexural strenght MPa 49 
Compression strenght MPa 153 
Density  g/cm3 1.76 

 
As for the coating material, SAPO-34 zeolite has been proved to present excellent characteristics for the 
utilization in adsorption chillers and heat pumps. Coating technique consists in the realisation of heat 
exchangers on which a thin layer of adsorbent material [3] is deposited. The most promising coating methods 
are in-situ zeolite crystallization [8–10] and dip (or spray) coating processes [11, 12]. Zeolite direct 
crystallization offers the clear advantage of a high coating stability and a perfect thermal contact between 
zeolitic crystals and substrate surface. However, the process can be complex and expensive. Alternatively, 
dip coating methods offer the potential benefit of mild reaction conditions, easily variable coating thickness 
(up to 0.5 mm) and, in general, easier implementation in serial production lines, accordingly this method was 
chosen for the realization of the prototype.  
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a

b

 
 

Fig. 1. Concept of the advanced heat exchanger: assembled (a) and exploded view (b)  
 

The coatings were characterized by means of mechanical tests (pull-off test), wettability test and 
measurement of water adsorption capacity. The most relevant characteristic of the substrate are summarized 
in Table 2, while Figure 2 presents the water adsorption capacity of the coated samples obtained by the 
MacBain test. All the curves present the typical s-shape of zeolite, with a slight reduction in water adsorption 
capacity for samples with lower concentration of zeolite. 
 

Table 2.  
The characteristics of coating used in the design of the heat exchanger  

Characteristic Unit Value 

Pull-off strenght MPa 0.82 
Wettability angle degree 120 

 
1.3. Design of zeolite side  

The optimisation of the geometry of the graphite plates on the zeolite side was carried considering 
different geometries of graphite and calculating zeolite load for each geometry in terms of mass and total 
exchange area. For each sample, coatings made up of both 1 layer or 2 sequentially deposed layers were 
evaluated, in order to identify the regularity in the deposition of the adsorbent material, the presence of 
imperfections in the coating and the total surface coverable. It was found that a geometry made up of “pins” 
with 2x2mm sizes allows to obtain high exchange surface, high regularity in the deposition and good 
adherence to the substrate. Hence, it was chosen to adopt such a geometry, with a number of 2544 pin 
distributed on a rectangular surface of 415 cm2. This design facilitates heat transfer from HTF to process side 
and confers to the zeolite layer a good adherence on the plate surface. 
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Fig. 2. Water adsorption isobar (10 mbar) of the coated samples  
 

 

1.4. Cooling path design  
Uniform distribution of temperature of the zeolite bed is fundamental to assure similar thermo 

dynamical condition for the adsorption/desorption water vapor phenomenon. For the same reason slight 
temperature difference between coolant inlet and outlet are highly desirable. In the attempt to accomplish 
such requirement, Computational Fluid Dynamics have been used to design the coolant flow path of the plate 
heat exchanger. Two different flow field designs have been investigated with a conjugate heat transfer 
condition at steady-state using the commercial CFD code ANSYS Fluent 14.5. Parallel channels (PC) design, 
a conventional configuration in plate heat exchangers, has been compared to a mirrored double serpentine 
(MDS) flow field that is more usual in fuel cell cooling plate.  

The number of parallel serpentines have been designed to maintain the coolant pressure drop as 
minimum as possible.  

Obtained results, in terms of temperature distribution are showed in Figure 3. In case of parallel 
channels such distribution is very uneven in both longitudinal and transverse direction compared to the 
mirrored double serpentine were only the longitudinal temperature gradient is appreciable. Moreover the 
maximum temperature difference is 2 K for MDS and 5 K for PC. 

This indicates the MDS flow field is able to better transfer/remove the heat from the zeolite surface 
and allows a more uniform use of the adsorbing/desorbing material.  

 

  
 

Fig. 3. Temperature distribution in parallel channels and mirrored double serpentine  
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1.5. Main features of the designed adsorber 
The characteristics of the designed adsorber are summarized in Table 3. A total load of zeolite of 

about 50 g/plate is expected: profiting of the modularity of the system, achievable power can be modulated 
accordingly to the demand by increasing or reducing the number of plates of the exchanger. Further studies 
have been conducted to determine the appropriate total thickness of graphite plates: to this aim, a FEM 
analysis with commercial software has been employed. Boundary conditions have been defined considering 
the bonding of two semi-plates, while loading stress has been imposed by taking into account internal 
pressure of water on the channels and the operating conditions of the adsorbent bed under vacuum. Minimum 
resistant section calculated was around 2 mm2, considering also the depth of channels and pins, total 
thickness of the semi-plate has been increased to 6 mm. 

 
Table 3. 

Features and geometrical details of designed plates  

COOLING SIDE ZEOLITE SIDE 

Exchange area 112 cm2 Exchange area 100 cm2 
Flow path Mirrored double serpentine 

(MDS) 
flow path Pin type 

Coolant Water Zeolite load 200 mg / cm2 
Channels design 2.4 mm width 

0.9 mm depth 
1.4 mm channels space 

Channels 
design 

2 mm width 
2 mm depth 

 
2. EXPERIMENTAL  
 
2.1. Bonding of the plates 

Contrarily to plate heat exchangers made by metal, that can be easily and conveniently bonded 
together by welding or brazing, the graphite cannot be brazed or welded, thus bonding of half plates have to 
be obtained by adhesives. The use of bonded plates is very efficient in terms of system mass/volume 
reduction, because eliminates the needs of external clamping system that are generally heavy and bulky. The 
main features that the adhesive should guarantee are mechanical strength at 2.0 barabs , which represents the 
operating condition of the adsorber, low outgassing to prevent the formation of volatiles that can negatively 
affect operation into sub-atmospheric pressure conditions, good adhesion to graphite and adequate viscosity 
to allow for impregnation of plates without filling the fluid path on the inside. The chosen adhesive is a 
commercial epoxy paste adhesive, namely Araldite 2014-1, whose characteristics are shown in Table 4. 
 

Table 4.  
The characteristics of epoxy adhesive used to join the semi-plates  

Characteristic (at 23 °C) Unit Value 

E-Modulus GPa 4 
Tensile strenght MPa 26 
Elongation at break % 0.7 

 
The semi-plates were bonded by means of a rolling technique, thus applying the epoxy paste adhesive 

on both the surface and joining them with the use of a specific-shaped guide. Cure was then realized at room 
temperature for 24 hours, and a post-cure treatment has been performed in oven at 50 °C for 6 hours in order 
to increase the mechanical properties of the joint and remove any residual solvent. The bonding technique is 
shown in Figure 4.  
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Fig. 4. Bonding of the semi-plates (a) and bonded graphite plates (b)  
 
2.2. Coating of the plates  

Coating of the plates has been achieved by using a small nozzle to fill in the spaces among the pins 
accurately, as shown in Figure 5. Total average zeolite load is 50 g/plate, thus fitting theoretical calculated 
value. 

 
 

Fig. 5. Coating of the plates. 
 
 

2.3. Preliminary testing of the plates  
To evaluate both mechanical strength and sealing efficiency of the adhesive, a leakage test has been 

performed by pressurizing the samples with air and monitoring the pressure over the time, with a pressure 
transducer (WIKA CPT6200) and a data logger (WIKA CPH6200-s1), as shown in Figure 6. Purposefully, a 
pressure of 1.5 bar has been applied on the plates to simulate internal loading conditions and has been 
maintained for at least 10 minutes. What clearly emerged from the test is that bonding process is a critical 
issue, which has to be performed accurately: in fact, some of the joined plates evidenced small leakages due 
to imperfection or too thin adhesive film at the distributor manifold hooking. The leakage test was then 
repeated on the assembled exchanger 
 
2.4. Assembly of the heat exchanger  

The prototype of the heat exchanger has been assembled by superimposing the different plates, 
interposing some Viton seals realized by means of CO2 laser cutter and PMMA spacers. The accessories 
needed for the completion of the prototype are shown in Figure 4b. It is worth noticing that, after some 
hydraulic tests, it has been decided to realize the terminal spacers with a 10 mm PMMA block having an O-
ring gland for the use of this kind of seal, which assures greater resistance even to different compression 
stresses and wide range of pressures. Moreover, the tightening torque has been calculated to guarantee no 
pressure nor hydraulic leakage to a value of 2 Nm. The assembly procedure is depicted in Figure 8. 
 

b 
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Fig. 8. Assembly of the prototype  
 
2.5. Preliminary testing of the adsorber 

Current activity is aimed at gathering information on the performance achievable by the prototype. 
Testing is being carried out in a specific test rig, consisting of a single bed adsorption machine, described in 
[13]. Water flow tightness has been checked at different feeding temperature (60–90 °C) and the pressure 
drop at different flow rates has been measured: values obtained are in good accordance with the design 
boundaries. At the end of those preliminary activity, aimed to verify key mechanical and thermal aspects, 
simple adsorption cycles will be performed in different operating conditions. Stability to several 
adsorption/desorption cycles will be evaluated and both cooling power and efficiency will be measured. 
Picture 9 shows the prototype installed in the test bench and the testing apparatus.  
 

  
 

Fig. 9. Prototype under testing (a) and testing bench (b) 
 

3. CONCLUSION  
In this paper, the design of a graphite heat exchanger for application in sorption systems has been 

presented. Material of the adsorber is iso-molded graphite, chosen because of high diffusivity, low weight 
and ease of machining with CNC units. Semi-plates having a zeolite side and a HTF side have been studied, 
designed and realized. Bonding of the plates has been accomplished through the use of a commercial epoxy 
resin, and proved to be a critical point affecting hydraulic and mechanical properties of the heat exchanger. 
Plates have been coated with a SAPO-34 zeolite by dip coating technique for a total load of 50 g zeolite/plate 
and assembly has been completed with the use of low weight PMMA spacers and plastic manifolds.  

Preliminary testing for the identification of hydraulic and vacuum leakages has been performed by 
pressuring the assembled adsorber with air and simulating operating conditions. Testing is currently ongoing 
at a dedicated test bench located at CNR ITAE to assess its performance. 

a b 
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Abstract 
Hygroscopic salts supported by a mesoporous matrix for improved mass transport are promising sorbents for 

water-based sorption cycles that operate at low pressure. In this study, loose grain composites of CaCl2 supported by 
mesoporous silica gels with four distinct pore size distributions were prepared and compared with AQSOA FAM-Z02, a 
silicoalumuninophospate zeolite desiccant.  A salt silica sorbent consolidated with graphite flakes and binder was also 
analyzed. The sorbents were evaluated with a volumetric nitrogen physisorptionporosimeter and thermogravimetric 
water vapor sorption analyzer.  The hygroscopic salt filled 56–60 % of the open pore volume of the mesoporous silica 
gel supports.   Water uptake capacity of the CaCl2/silica gel sorbent was up to 0.33 g per gram of dry sorbent at 12 mbar 
and 35˚C, and sample performance was consistent through 200 wetting-drying cycles.   

 
KEYWORDS 

Calcium chloride, sorption cooling, water isotherm 
 

INTRODUCTION 
The vapor compression systems commonly used for air conditioning and refrigeration consume 

significant amounts of electrical power and employ environmentally harmful refrigerants. The power used by 
HVAC systems to provide thermal comfort in residential and commercial buildings amounts to 10–20% of 
the total energy consumed in the developed world [1–3]. Efficient, sustainable cooling technologies are 
presently the focus of significant research and development efforts. In adsorption cooling systems, 
evaporative cooling power is created as aporous sorbent material, which can be regenerated with thermal 
energy, adsorbs or absorbs a refrigerant, such as water. 

Sorption cooling systems that utilize materials with low regeneration temperatures can be powered by 
low-grade heat sources, including solar thermal and industrial waste heat [4].The selection of an effective 
sorbate-sorbent working pair for a specific adsorption system depends on the intended operating conditions, 
particularly the temperatures and working pressures for adsorption and desorption. Zheng et al. [5] and 
Aristov [6] reviewed solid desiccants for sorption cooling systems andcompared salt in a host matrix 
composites with other the classes of sorbents, including silica gels, zeolites, aluminophosphates, porous 
polymeric metal-organic frameworks, and porous carbons.Both reviews conclude that salt in porous matrix 
sorbents are strong candidate materials with properties that can be tuned through selection of the host 
material and the salt.  

The focus of this research is the preparation and evaluation of sorbent materials for water sorption 
systems with a target regeneration temperature of 80˚C, particularly CaCl2-silica gel sorbents. This sorbent 
type was chosen for its uptake capacity and uptake rate under the desired operating conditions. Glaznev et al. 
compared SWS-1L, a CaCl2 in SBA-15 silicate composite with microporous silica and AQSOA FAM-
Z02silicoalumuninophospate by the large-temperature jump method and determined it had a superior 
instantaneous specific cooling power[7]. The sorbent choice is also motivated by the availability of 
affordable salts and silica gels, and the ease of synthesis of batches ranging from grams of material for 
characterization to kilograms of material for testing in a lab-scale sorption chiller.  

Water-based sorption chillers operate at low pressures and sorption dynamics have proven to be very 
sensitive to the presence of even a fraction of a millibar of background gas, as was demonstrated by Glasnev 
et al. in tests of silica gel, CaCl2 in silica gel and Z02 [8]. Sorbents containing CaCl2can contribute to the 
corrosion of metal heat exchangers, particularly mixed metal heat exchangers susceptible to galvanic 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

302 
C. McCague et al. 

corrosion. In our lab-scale sorption chiller tests, we observed performance loss due gas released by the 
corrosion of a copper-aluminumsorber bed heat exchanger after a single desorption cycle and the restoration 
of performance with the evacuation of this background gas between cycles. However, a sorption chiller with 
CaCl2 in mesoporous silica gel coated on an aluminum alloy heat exchanger was run for 100 cycles by Freni 
et al. without any trace of corrosion or performance loss [9]. 

For loose grain sorbent-heat exchanger designs, sorption kinetics studies have revealed that for grain 
sizes below 0.5–0.8 mm the kinetic curves do not change appreciably, for example, one layer of 0.8 mm 
silica gel grains can deliver the same specific cooling power as four layers of 0.2 mm grains[10–12]. The 
sorption rate depends on the transport of water vapor in the porous matrix and the dissipation of the heat of 
adsorption.  In the case of salt in silica gel composites, absorption of water vapor by the salt dispersed in the 
porous matrix creates a solid hydrate, and then an aqueous solution [13].  The solution formation complicates 
sorption kinetics compared to water sorbed by silica gel or zeolite surfaces.   

The salt confined in the support matrix undergoes water absorption, dissolution and dilution. The 
density of the solution depends on the temperature and the mass fraction of CaCl2.The enthalpy of adsorption 
is also concentration dependent. Condereviewed the properties of aqueous solutions of CaCl2 and LiCl to 
generate and validate equations for the solubility boundary, vapor pressure, surface tension, dynamic 
viscosity, thermal conductivity, specific thermal capacity, density and differential enthalpy of dilution [14]. 

There is a pore filling threshold where the salt solution leaks from the pores and forms a film on the 
surface of the silica particles. Tanashev et al. measured the change in the thermal conductivity of salt in silica 
composites as a function of adsorbed water and observed a steep rise when the salt solution leaked from the 
pores, connecting the silica gel particles and enhancing heat transfer [15]. They found that for CaCl2 and the 
other salts tested a steep increase of thermal conductivity occurred when the calculated volume fraction of 
the pores occupied with salt solution was 0.60-0.64. As salt solution leakage is detrimental to performance 
sorption chillier performance, systems should be designed to avoid this regime of operation [16]. 

This paper presents porosimetry and water sorption measurements of CaCl2 confined in silica gels 
with mean pore diameters ranging from 4 to 16 nm.  The results are compared to the water uptake properties 
of commercial sorbent material AQSOA FAM-Z02.  
 
EXPERIMENTAL  

Chromatography-grade commercial silica gels with four distinct pore size distributions and 0.2–0.5 
mm irregular-shaped grains were acquired from Silicycle, Inc. (Quebec, Canada). Concentrated salt solutions 
were prepared with oven dried CaCl2 (Fisher Scientific).  The silica gels, in 100 g of 500 g batches, were 
wetted with ethanol, and then aqueous CaCl2 solution was added to the silica such that complete deposition 
of the salt into the mesoporous silica would produce the desired product.   The mixtures dried for 24 hours in 
a fumehood, and 500 g batches were further warmed on a hot plate to accelerate drying. The damp material 
was baked at 200 °C until judged dry by consistent successive weight measurements. The mesoporous silica, 
SiliaFlash types B40, B60, B90 and B150, will be referred to hereafter as S4, S6, S9 and S15, while the silica 
supported salt composites will be referred to as CaCl2-S4, CaCl2-S6, CaCl2-S9 and CaCl2-S15. The 
composites were 28 wt% CaCl2with the exception of CaCl2-S4 (30 wt%).  

Salt in silica gel samples consolidated with organic binder polyvinyl pyrrolidone (PVP) (40,000 MW, 
Sigma Aldrich) and graphite flake(+100 mesh, <150 μm, Sigma Aldrich),as a thermally conductive additive, 
were prepared in small batches. The components were combined in an aqueous solution that was dried on a 
hotplate, and then heated to 180 °C to cross-link the polymer. The product, CaCl2-S15G, was 30% CaCl2, 
30% silica, 15% PVP and 25% graphite flake by weight.Silicoalumuninophospate desiccant AQSOA FAM-
Z02 was acquired fromMitsubishi Plastics. This zeolite, referred to hereafter as Z02, was in the form of  
1.8–2 mm diameter pellets containing 6–17 wt% silicon dioxide binder. 

Nitrogen isotherms at 77 K were collected with a volumetric gas adsorption analyzer, (ASAP 2020, 
Micromeritics Instrument Corp., USA) to determine the textural characteristics of the silica gels and 
composites. The samples were degased under vacuum at 150 °C for one hour, followed by two hours at 
200 °C prior to the measurements. The Brunauer, Emmett and Teller (BET) model was used to calculate the 
specific surface area, SBET [17]. Incremental pore volume per pore width distributions were calculated from 
the adsorption branch of the isotherm using the Barrett, Joyner and Halenda (BJH) model [18]. 
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Water sorption isotherms were collected with a thermogravimetric analyzer (TGA) (IGA-002, Hiden 
Isochema, UK). The samples were dried under vacuum at 200 °C for six hours to determine their dry weight.  
Multiple isotherms were collected for each sample without repeating the drying process. That is, each 
isotherm ended with a final desorption, outgassing step at the isotherm temperature, and the next isotherm 
began after the automated system adjusted the sample temperature. The kinetic data for each pressure step 
were analyzed by a real time processor and successive pressure steps were taken when water sorption was 
98.5% of the predicted equilibrium. The water uptake was calculated either as  

 

( ) drysorbentOH mmggw =
2

   or   ( ) ( )
2

2 2

2

H O
H O CaCl

dry CaCl

m M
N mole mole

m C M
=

⋅
, 

 

where the molar masses, M, of H2O and CaCl2 are 18.15 g/mol and 110.98 g/mol, respectively, and C is the 
wt% of salt in the composite. Short term durability studies of the CaCl2 – S15 composite were conducted 
with the TGA through 200 pressure swing cycles at 35 °C, whereby the sample was exposed to alternating 
12 mbar H2O and vacuum outgassing conditions.  

 
RESULTS 

The N2 adsorption/desorption isotherms of the silica gels and CaCl2/silica composites were Type IV 
with H1 hysteresis loops, typical of mesoporous materials. The isotherms for the CaCl2 – S4 and CaCl2 – S15 
composites and their pure silica gel supports are shown in Fig. 1, and the calculated textural characteristics 
are summarized in Table 1. Consistent with previous reports, the results indicate that CaCl2 fills the silica gel 
pores and decreases the specific surface area and pore volume. The high uncertainty in pore size distributions 
calculated from the adsorption branch of N2 isotherms by the BJH method has been recently discussed by 
De Lange et al. [19].  The incremental pore volume per pore width curves in Fig. 1 provide a qualitative 
indication of the change in the pore size distribution of CaCl2 – B6 relative to B6, specifically the decrease in 
pore volume and change in the pore size distribution due to the preferential filling of small pores. The 
qualitative relative differences in the pore sizes distributions of the different silica gel salt composites 
prepared for this study are also shown. CaCl2 – S4 and CaCl2 – S15, the samples with the greatest difference 
in pore size distribution, were selected for detailed comparison of their water sorption characteristics.  
 

Table 1. Textural characteristics of samples calculated from N2 adsorption isotherms 
 

No. 
SBET 

(m2 g-1)  
Pore vol. 
(cm3 g-1) 

Mean pore 
diam.(nm) 

No. 
SBET 

(m2 g-1)  
Pore vol. 
(cm3 g-1) 

Mean pore 
diameter (nm) 

S4 574± 2 0.58 4 CaCl2-S4 146.7 ± 0.5 0.27 7 
S6 487 ± 2 0.75 6 CaCl2-S6 134.5 ± 0.4 0.37 9 
S9 406 ± 0.4 0.83 8 CaCl2-S9 148.3 ± 0.4 0.58 10 
S15 276 ± 0.8 1.10 16 CaCl2-S15 136.3 ± 0.4 0.60 18 

 
The water adsorption branch of the complex isotherms of CaCl2 – S4 and CaCl2 – S15 collected at 

temperatures from 25 to 80 °C are shown in Fig. 2. The initial transition from CaCl2 to CaCl2·2H2O 
(~10 wt%), is most clearly shown in the 50 °C and 80 °C curves, occurring near 2 mbar and 11 mbar, 
respectively.  The transition is steeper for CaCl2 – S15 compared to CaCl2 – S4, as is the next increase in 
curvature occurring at ~ 12 mbar on both of the 50 °C curves. This distinctive difference between the 
adsorption of CaCl2 in S4 versus S15 is seen more completely in the 35 °C curves, as a bulge on the  
CaCl2 – S4 isotherm from 4–14 mbar. The equivalent features are subtler in the CaCl2 – S15 isotherm, but 
the end of this region is visible as a single point divot at 10.1 and 12.6 mbar in the 25 °C and 35 °C curves, 
respectively.  This difference is further illustrated by the plots of N (mole H2O per mole CaCl2) as a function 
of relative pressure, P/P0, for CaCl2 – S4 and CaCl2 – S15 at 25 °C are shown in Fig. 2c. When plotted as a 
function of relative pressure, P/P0, the isotherms collected at different temperatures were parallel with 
slightly lower sorption capacity with increasing temperature. The offset reflects the strong CaCl2-water 
interactions, however, we have not yet ruled out the possibility of a contribution from instrumental 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

304 
C. McCague et al. 

systematic error, such asan imperfect buoyancy correction.The complex shape of thesorption-desorption 
isotherm to ~ 0.9 P/P0 at 35 °C for CaCl2 – S15 is shown in Fig. 2d.  
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Fig. 1 Comparison of the N2 isotherms for a) S4 and CaCl2 – S4, and b) S15 and CaCl2 – 
S15. Comparison of qualitative incremental pore volume per pore width for c) S4 and 

CaCl2 – S4, and d) CaCl2 supported by different silica gels 
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Fig. 2. Water sorption isotherms from 25 to 80 °C for a) CaCl2 – S4 and b) CaCl2 – S15. c) 
Water sorption of isotherms of CaCl2 in S4 and S15 in mole H2O per mole CaCl2 at 25 °C. d) 

Water sorption isotherm of CaCl2 – S15 to high partial pressure at 35 °C 
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As the salt absorbs water, it transforms into solid CaCl2·2H2O, and then deliquesces. The bulk melting 
point of CaCl2·4H2O is 45 °C [20], however the melting point of salt confined in silica is known to be 
depressed. Following the equations of Conde [14], the density of aqueous CaCl2 solutions can be calculated 
as a function of the mole fraction of the salt relative to the water. In Fig. 3, the weight of water adsorbed as a 
function of pressure and the weight of salt in the composite are used to estimate the volume of solution in the 
composite at various vapor pressures. However, the capillary forces between the solution and porous matrix 
are known to affect the solution density. On each curve, the vapor pressure at which the upper closure of the 
hysteresis loop occurs in the water sorption isotherms is marked. At this point, the pores are filled with 
solution, and the change of curvature of the isotherm above this point reflects the transition to sorption into 
the salt solution that has leaked into the interparticle space between the silica gel grains (Fig. 2d). The upper 
closure point of the hysteresis loops for CaCl2 – S4 and CaCl2 – S15occurred at 16 mbar and 40 mbar H2O, 
respectively, when the calculated volume fraction filled wasonly 0.8 and 0.74.  
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Fig. 3. Comparison of measured pore volume for a) S4 and CaCl2 – S4 and b) S15 and CaCl2 – 
S15 from N2 isotherms with H2O isotherm “pores filled” point (), and calculated volume of 

CaCl2 (), CaCl2 – 2H2O ()and CaCl2 solution (Δ) calculated from the mass of sorbed water 
as a function of pressure and associated CaCl2 molar fraction 

 
The upper dashed lines in the plots in Fig. 3 show the pore volume of silica gel host matrices, S4 and 

S15, and the lower dashed lines indicate the measured fraction of that pore volume filled by CaCl2 in the salt-
silica composites. Both these values were determined by nitrogen porosimetry. It is shown that the volume 
filled by salt far exceeds the volume calculated from the weight of CaCl2 and its bulk density, 2.15 g cm–3. 
The measured volume filled by dry CaCl2 suggests that the density of the deposited CaCl2 is low, even 
comparable to the density of concentrated aqueous CaCl2 solutions. Alternatively, CaCl2 could be blocking 
but not filling some of the pores, resulting in the lower pore volume of the composite.  

The water sorption, pressure and temperature for 12 mbar pressure swing tests of CaCl2 – S15G and 
Z02 are shown in Fig. 4. During tests, a water bath at 35 °C surrounds the reactor cylinder and the 
temperature readings are from a thermometer directly adjacent to the sample. From these curves, near 
equivalent specific cooling powers for cycles to 80% of the sorption capacity, Δw0.8, were calculated as 
W0.8 = Δw0.8·ΔHvap/τ0.8 where τ0.8 is the uptake time and ΔHvap is the heat of vaporization of water, 
2478 kJ/kg). Under these test conditions, the specific cooling power of CaCl2 – S15G, containing 25 wt% 
graphite flakes and 15 wt% binder, was 0.54 kW/kg compared to 0.60 kW/kg for the benchmark material, 
Z02. The sorption performance of CaCl2 – S15 was tested for 200, 20 min pressure swing cycles at 35 °C 
and found to be consistent with and initial and final Δwcycle of 0.196 and 0.195 g/g. Review of the detailed 
data indicated that the both the adsorption step final weight and desorption step final weight increased 
slightly during the 200 cycle run, the difference in these increases created the 0.001 drop in Δwcycle. The 
water sorption isobars for CaCl2 – S15 and Z02 are presented in Fig. 5 along with the equilibrium adsorption 
times for 0–12 mbar pressure swings at each temperature. It is of note that the uptake rate for Z02 declines 
significantly at ~ 40 °C, ahead of the temperature where there is a sharp drop in uptake capacity.  
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Table 2. Uptake, time, and power for pressure swing cycles (0-12 mbar) for 80% equilibrium sorption capacity 
 

Sample 
T 

(˚C)  
Dry wt 
(mg) 

winitial 

(g/g) 
wfinal 

(g/g) 
Δw0.8  
(g/g) 

τ0.8 

(min) 
W0.8 

(kW/kg) 
CaCl2-S15G 35 21.231 0.038 0.241 0.163 13.0 0.54 

Z02 35 19.358 0.036 0.274 0.190 12.5 0.60 
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Fig. 4. a) Water sorption as a function of time for a 12 mbar pressure swing for Z02 and CaCl2 – S15G 
(g/g total weight of composite). Test pressure and temperature conditions for b) CaCl2 – S15G and c) Z02  
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Fig. 5. Water sorption isobars at 12 mbar and the equilibrium adsorption time (dt 99%) for 0–12 mbar pressure 
swings at each temperature for a) CaCl2 – S15G (mass % based on the dry weight of sorbing ingredients, 

CaCl2, S15 and binder with the graphite flake weight excluded) and forb) ASQOA FAM-Z02 pellets  
 

The water sorption isosters for CaCl2 – S15 and Z02 are plotted in the ln(PH2O) versus 1/T form in 
Fig. 6 for various amounts of sorbed water, w (g/g).  
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Fig. 6. Isosters for a) CaCl2 – S15 and b) Z02 and c) isosteric water sorption heat for CaCl2 – S15 and Z02  
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The isosteric heat of water sorption is determined as a function of the slope of the linear isosters, 
where ln(P) =  B(w)/T + C(w) and ΔHis(w) = B(w)R and R is the universal gas constant. The increase in 
ΔHis(w) to –63.7 kJ/mol as w approaches 0.09 (N = 2) is due to the formation of solid hydrates with more 
strongly bound water molecules, and is consistent with reports from Aristov et al. (62.3 kJ/mol isosteric 
desorption) for CaCl2 in mesoporous silica gel [21].  

 
 

CONCLUSIONS 
Water sorbent composites of CaCl2 supported by mesoporous silica gels were prepared and 

characterized. The water isotherms of CaCl2 in silica gels with 4 nm and 16 nm average pore sizes were 
compared. The pore volume filled by solid CaCl2 and concentrated aqueous CaCl2 was measured and 
calculated for use in future diffusivity calculations through analysis small pressure step isotherms. Water 
uptake capacity of the CaCl2/silica gel sorbent was up to 0.33 g per gram of dry sorbent at 12 mbar and 
35 °C, and sample performance was consistent through 200 wetting-drying cycles. The isobars, isosters and 
isosteric enthalpy of water sorption of CaCl2 – S15 and silicoalumuninophospate desiccant, Z02 were 
measured and compared.  
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Abstract  
The use prospects of the heat use water-ammonia absorption refrigeration machines (WARM) in systems that 

obtain water from the air are shown. The energy efficient modes (by the thermal coefficient maximum numerical value)  
of WARM with regenerative heat-exchanger solutions in the according to the cooling environment temperature, the 
cooling object temperature, the heating source temperature were determined. The new scheme of the WARM with a 
biasing booster compressor in front of the condenser for solar collectors work with water as heat transfer agent were 
designed. Its energy advantage over the vapor compression refrigeration machine working with a heat energy source at 
temperature above 80 °C were displayed.  

 
KEYWORDS 

Water-ammonia absorption refrigeration machines, systems that obtain water from the air, solar 
collector with water as a heat transfer agent. 

 
 
INTRODUCTION 

Water resources struggle in the world is one of the factors in modern armed conflicts and this trend 
will only grow in the foreseeable future. For cooperation in solving this problem, in December 2003, the 
United Nations General Assembly declared years from 2005 to 2015 the International Decade for "Water for 
Life" actions.  

About 70 percent of the earth surface is covered with water, but at about 97.5 % it consists of salt 
water. The remaining 2.5 percent is freshwater, almost two-thirds of that is frozen in ice. Meanwhile, most of 
the fresh water is in 1 km atmosphere lay. According to [1], the mean absolute humidity near the Earth's 
surface is 11 г/м3 and in the tropical regions it reaches 25 г/м3 or even higher. A large number of tropical 
countries suffer from a lack of fresh water, although there is a lot of it in the atmosphere.  

Therefore, one of the most important tasks is the development of technology allows to obtain water 
from the air, especially on the spot where it is needed.  

Since ancient times, the fresh water in very limited quantities was obtained by collecting the 
condensed droplets from the air by natural day radiation cooling of the earth's surface (night cooling porous 
stones with dew formation). When the temperature is lowered by 10–15 °C, from each cubic meter 10–14 g 
of water can be isolated. To improve the water condensation efficiency in these conditions the intensifier 
elements were used, such as: cold accumulators (gravel), heat pipes that providing heat transfer over long 
distances and sorbents system working in cycle "charge-discharge" [2].  

As practice shows, the greatest prospects have methods associated with artificial cold generators – 
refrigerators that are guaranteed to provide airflow temperature below the dew point.  

Currently, the main equipment market point to obtain water from the air falls on the system that 
having in its composition compression refrigeration machine with electric drive. However, the use of 
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compression systems promising performance only up to 3–4 liters per hour. With increased performance 
there is a significant increase in the machine size. 

A necessary condition for compression refrigeration machine working is the electricity availability. At 
the same time, the number of countries affected by water scarcity have limited energy resources. The sun is 
almost the only available energy for them. 

Thus obtaining water from the air is actual scientific and practical problem that has not yet been 
solved, and most of the technical proposals remain at the patents level. 

In this regard, absorption refrigeration machines (ARM), working from the low heat source – solar 
energy, were considered by the authors as a promising development directions. One of the most promising 
such development directions is the ability to use the existing solar water heaters infrastructure, which have 
total collector area volume in the world more than 110 million m2. 

Analysis of ARM traditional patterns and cycles showed that the main problems that need to be sold 
for their adaptation of obtaining water from air on a base of solar collectors (SC) are connected, first, with 
the development of air-cooled heat dissipating elements and secondly, with the creation of a loop that could 
be implemented in a tropical temperatures and traditional solar water collectors temperature level (80-100 
°C). 

In such conditions, the greatest prospects have water-ammonia absorption refrigeration machines 
(WARM), which allow to do the necessary cycle modification.   

WARM unlike analogue– lithium bromide absorption refrigeration machines and steam injector water 
refrigeration machines, refrigerant in which is water, have a wide range of applications, particularly in the 
area of negative temperatures down to minus 30 °C [3]. For their operation a variety of heat sources can be 
used: process steam, hot water, furnace exhaust gases, the exhaust gases of internal combustion engines [4]. 
WARM except air conditioning tasks can be used in refrigerators for long-term storage of frozen food and 
agricultural raw materials. 

 
BACIC THEORETICAL POSITINS AND ANALYSIS 

WARM cycles can be realized in a pump and pumpless scheme. Pumping schemes have higher energy 
efficiency, but have circulation pump and are not autonomous. Pumpless scheme autonomous, but not 
effective enough. 

The working fluid of pump WARM – water-ammonia solution (WAS), for pumpless – WAS with the 
addition of an inert gas (hydrogen). 

In this article, the pumping schemes of WARM are reviewed. 
One of the WARM features is interdependence of temperatures in the character cycle processes – the 

temperature of the heating environment ht , the temperature of the cooling environment Wt , the temperature 

of the cooling object obt . Only two from three temperatures can be arbitrarily given [5]. 

As practice shows, the refrigeration unit work must provide set cooling level ( obt ), and the unit itself 

should work in their respective climatic conditions at a given cooling environment temperature ( Wt ) [3]. 

Therefore, a parameter that can be changed during WARM operation is the temperature of the heating 
source. 

Modern calculation methods [6] do not take into account such temperatures interdependence in the 
absorption refrigeration cycle as it allows the thermal energy source presence with the required temperature 
potential. 

Analysis of the renewable and alternative heat energy sources characteristics shows that much of it 
cannot be used for traditional WARM cycles due to insufficient high temperature potential. 

To work with low-grade heat sources the WARM cycles of pump type algorhythm calculation were 
developed. 

Initial data for calculation are: 

a) temperature of cooling environment Wt ; 

b) the temperature of the cooling object obt ; 
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c) the temperature differences on the elements that are not explicitly take into account the conditions 
of heat exchange and non-regeneration of heat. 

Variable parameter is the temperature ht  of heating source. 

In the first research phase by our algorithm it was performed the search of the heating object 

temperature ranges ( ht ), which would satisfy the conditions of WARM work ( Wt ) and requirements to the 

cooling object ( obt ). 

Search algorithm of WARM modes was as follows. 
The obtained dependences are a minimum required value of heating environment temperature for the 

real WARM operating conditions. 
Analysis of these results indicates that WARM in a solar collector system with water as a heat transfer 

agent can be used only in air conditioning with a cooling environment temperature not higher than 36 ... 37 
°C. To work in cooling systems with temperatures down to minus 30 °C it is necessary to have 140 ... 150 °C 
of the heating environment. 

Analysis has shown that at low temperatures of the cooling environment and the heating source the 
degassing zone can have negative values and WARM cycle cannot be realized. 

An analytical study of the cycle of WARM with regenerative heat exchanger were conducted and 
there are dependences of the heating source temperature at different cooling object and environment 
temperatures that ensure maximum energy-efficiency in these conditions. 

There is an analytic interconnection between the environment temperature ( Wt ), cooling object 

temperature ( obt ) and the temperature of the heating source ( ht ), according to the maximum thermal 

efficiency factor conditions. 
The maximum error of the analytical dependence is 5,3 %. The average error is 1.1 %. 
Surface appearance, which describes the analytical dependence, is shown on Figure 1.  

 
Fig. 1. The interconnection between the heating source temperature ( ht ), the cooling object temperature 

( obt ) and the environment temperature ( Wt ) in accordance with a maximum numerical value of the 

WARM cycle heat coefficient 
ANALYSIS OF PROSPECTS FOR WARM WITH BOOSTER COMPRESSOR APPLICATION 

Based on our analysis of various absorption types refrigeration systems and analysis results of WARM 
cycles energy characteristics, as well as the simplicity of design and method for further development 
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implementation the WARM traditional option with a heat exchanger and a booster compressor to supply 
ammonia vapor line to the condenser was selected (Figure 2). 

Work of the WARM with booster compressor is as follows. 
To the steam generator 1 heat power is applied, for example, heat transfer agent heated in the SC. As 

the heat transfer agent we use water because it is widespread to do this.  
 

 
Fig. 2. The WARM with a biasing booster compressor in front of condenser scheme:1 – generator-boiler; 

2 – air condenser; 3 – liquid ammonia throttle; 4 – air cooler; 5 – absorber; 6 – air cooler of weak 
solution; 7 – pump of strong solution; 8 – weak liquor throttle; 9 – solution heat exchanger; 10 – the 

booster compressor 
 

The heated water is circulated through the heat exchanger inner pipes of the generator 2, gives heat to 
the "strong" water-ammonia solution (WAS). From liquid WAS at a pressure Рг  low-boiling component 
predominantly ammonia with some parts of water-absorbent are evaporated. Depleted by ammonia WAS – 
"weak" WAS – having a bigger density, moved to the bottom of the generator 1, and a steam water-ammonia 
mixture is raised to the upper part of the generator 1. At the top of the generator there is a cleaning of steam 
mixture by distillation and reflux due to the difference of water and ammonia normal boiling temperatures. 

Purified ammonia vapor is input to the booster compressor 10, is compressed and with a higher  
pressure Рк  comparison with a pressure in the generator (Рг ) flows into air condenser 2. In the condenser 2 
steam contracts with the remove of the evaporation heat to the surrounding air. Liquid ammonia after 
condenser 2 passing through the throttle 3 loses pressure from Рк to Ро and in a wet vapor form (a mixture of 
vapor and liquid) flows into an air cooler 4. In air cooler liquid ammonia boils at a low pressure Ро and 
temperature То with heat extraction from outdoor air. 

The constant pressure in the evaporator Ро maintaining by removing ammonia vapor into the absorber 
5 where it is absorbed by the weak WAS supplied from the generator 1 through a throttle 8. 

From absorber 5 ammoniated WAR using circulation pump 7 overcomes the pressure differential ΔР 
= Рг – Ро and flows into the generator 1 and the WARM cycle is repeated. 

To improve WARM work energy efficiency in its scheme solutions heat exchanger 9 is setting up, 
here the heated in generator 1 weak WAS exchanges heat with a strong WAS coming from the absorber 5. 

To improve the absorber work efficiency there is a special air weak WAS subcooler 6 in front of the 
absorber 5 entrance. 
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The scheme provided with an air cooling heat dissipating elements as the WARM work is planned in 
the water resources conditions shortage. 

An analysis of the WARM cycles with biasing booster compressor energy efficiency was held 
(Figure 3). 

There was an interest is the kind of "modified cooling coefficient" of WARM cycle (η), which is the 
ratio of useful effect (artificial cold) to spent in the circulation pump 7 and booster compressor electric 
power. The heating source thermal energy was supplied by non-electrical source so it was not considered in 
the analysis. 

It was shown that with increasing heating source temperature from 80 to 100 °C efficiency of WARM 
increases almost in two times.  

There is also interesting to compare the energy characteristics of WARM with biasing booster 
compressor cycle to the condenser and cycle of the vapor compression refrigeration machine (VCRM) 
operating in the same cooling object temperature range and the outside air temperature (Figure 3). 

 
 

  
 

Fig. 3. Influence of air temperature on the modified cooling coefficients of the cycle WARM with biasing 
booster compressor in front of the condenser and cooling coefficient of VCRM Carnot cycle: 1, 3 – 

AWRM cycle; 2 – VCRM cycle; the AWRM heating source temperature: 1 – 90 °C; 2 – 100 °C 
 
 

Analysis of given graph shows that there are energy advantages of WARM with biasing booster 
compressor in front of condenser, even in the ideal Carnot refrigeration cycle, starting from the heating 
source temperature level of 100 °C. Energy advantage in the considered range of temperature settings 
ranging from 11 to 24 %. 

 
 
 
 
 
 

CONCLUSIONS  
 

1. An original algorithm for searching of the minimum required heat source temperature depending on 
the cooling object temperature and the cooling environment for WARM temperature were developed. 
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2. As a result of calculations and analysis the scheme of WARM with biasing booster compressor in 
front of condenser is proposed. It can work in the system for obtaining water from the air with a heat source 
from the SC and water as a heat transfer fluid. These schemes, despite of the additional energy costs for 
compressor drive can provide WARM work with a heat source from 80 °C. With increasing temperature of 
the heating source from 80 100 °C WARM energy efficiency increased in 2 times.  

3. Comparative analysis of the energy characteristics of WARM with biasing booster compressor and 
VCRM cycle working on the ideal Carnot cycle, showed an advantage of WARM starting from the heating 
source temperature level of 100 °C.  
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Abstract 
The experimental characterization of a 104 turns pulsating heat pipe (PHP) cooler using R245fa and based on 

automotive heat exchanger technology for power electronics thermal management is presented in this article. The 
effects of fluid filling ratio, orientation and heat load up to 5.75 kW per PHP were investigated. Thermal resistances as 
low as 8.5 K/kW were measured at 2000 m3/h air flow. However, a thermal resistance increase of 19 and 25 % was 
measured in horizontal and inverted orientations respectively. Periodic pressure peaks were measured, but with different 
amplitudes depending on the orientation. The condenser was found to be subcooled at all fillings and all 
orientationswhile the evaporator was very close to the saturation temperature. There was superheating measured at the 
evaporator manifold only at very low fluid fillings. There was a minimum in thermal resistance located between 40% 
and 50% fluid filling, for all tested orientations and heat loads. The maximal thermal resistance depended very little on 
the heat load. For a given set of operating conditions, a high frequency combined with low amplitude pressure 
peaksyielded better cooling performances. 
 
KEYWORDS 

Pulsating heat pipe, Two-phase cooling, Power Electronics.  
 
 

INTRODUCTION 
Pulsating heat pipes have been introduced in the early 90s by Akachi [1]. They take advantage ofself-

sustained oscillations that occur in a small channel (typically 1 mm diameter) due to the bi-directional 
expansion of vapour inside these channels. The adventages of a PHP compared to conventional 
thermosyphon technologies for electronics cooling are: PHPs work in any orientation, PHPs have a lower 
cost (no internal capillary structure needed in the evaporator) and there is no need for vapour riser and liquid 
down comer, hence more compact design or better performances for same volume. During operation, the 
liquid slugs and elongated bubbles oscillate between the cold and hot regions because of the hydrodynamic 
instabilities caused by the rapid expansion of the bubbles confined in the small channels, and this provides a 
fluid flow independent of gravity. As Karimi and Culham [2] state it: a PHP is essentially a non-equilibrium 
heat transfer device whose thermal success depends primarily on the continuous maintenance of these non-
equilibrium conditions within the system. Khandekar and Groll [3] conclude that classical thermodynamics 
based on quasi-equilibrium theory seems not to be sufficient for complete systemanalysis. Unlike 
conventional heat pipes, no steady-state pressure equilibrium is reached when operating a PHP. The 
mechanical/thermal design of a PHP depends on the influence of many parameters (number of turns, 
respective lengths of evaporator and condenser, diameter of the channels, the nature of the fluid and the flow 
patterns), which need to be modelled in order to thermally simulate the overall thermal performance. As 
Vasiliev [4] underlines, it is rare to find a combination of such events and mechanisms like bubble nucleation 
and collapse, bubble agglomeration and pumping action, flow regime changes, pressure/temperature 
perturbations, dynamic instabilities, metastable non-equilibrium conditions, flooding or bridging etc., all 
together contributing towards the thermal performance of a device. Currently, one of the most advanced 
physical model published is proposed by Nikolayev [5]. His theoretical analysis reveals the role of the heat 
exchange between the gas and the dried out portion of the evaporator walls, which turns out to be the source 
of energy dissipation in the system. For Nikolayev [5] this means that the fluids with low gas heat 
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conductivity are to be chosen for use in the PHP. Various experimental investigations have been carried out 
with the aim of characterizing the operation of a PHP and there are multiple variables that simultaneously 
influence the hydraulic operation and thermal performance of PHPs, as shown by Khandekar [6]. More 
recently, the PHP mutual dependence of the thermal resistance on orientation and filling ratio was measured 
by Mameli et al. [7], showing a derating with orientation dependant on heat load and fluid filling. Indeed, 
Spinato et al. [8] observed that in a single turn PHP, four distinct flow regimes were observed: low and high 
amplitude oscillation, oscillation with circulation and flow reversals, stable circulation, depending on heat 
load and filling. However, Maydanik et al.[9] affirms that PHPs will never be able to attain as high thermal 
efficiency, with comparable dimensions, as that of heat-transfer devices whose operation is fully based on 
the use of the latent heat of vaporization. Nevertheless, Mameli et al. [10] has measured local heat transfer 
coefficient of 4600 W/m2 K at the evaporator of a 4 turns PHP, suggesting in our opinion that sensible heat 
transfer inside the PHP does not limit its performances. Thanks to a PHP numerical model Mameli et al. [11] 
predicts that local pressure losses due to bends and turns affect the device operation especially in the 
horizontal mode and for high heat input levels. Mehta and Khandekar [12] highlights that the higher the 
frequency of flow oscillations is, the higher will be the thermal performance of the PHPs, adding that higher 
operating flow frequencies will increase the bubble slip and enhance the mixing in the adjoining liquid slugs. 
Finally, there is for power electronics applications a particularly attractive feature of heat pipes that Karimi 
and Culham [2] highlights: when properly manufactured, heat pipes can reasonably be expected to operate 
for over 30 years, which is the expected lifetime of many power electronics devices. A first prototype of PHP 
cooler was presented by Agostini and Habert [13] and shown to perform horizontally only with a sizeable 
derating of 67 %. The purpose of the present study is to obtain better performances in horizontal orientation 
with a new design of turns.  
 

EXPERIMENTAL SETUP 
A picture of the prototype is shown on Fig. 1. This design is based on aPHP cooler developed by ABB 

[14], using 52 multiport extruded(MPE) tubes, with overall dimensions of 25.4×528×444 mm. The 
condenser side uses louvered fins with 8 mm height and 3 mm pitch. An aluminium baseplate is brazed to 
the evaporator side were the heaters are attached. The pulsating heat pipe configuration is achieved by 
having fluid distribution plates at the evaporator and condenser manifolds. As shown on Fig. 2, the plate at 
the condenser manifold will set the fluid distribution so that the fluid coming from a first group of channels 
from a given MPE tube will be directed towards another group of channels of the adjacent MPE tube, and so 
on. The insert at the evaporator manifold will simply direct the fluid coming from a first group of channels of 
a given MPE tube to another group of channels of the same MPE tube, while preventing this fluid from 
going into the channels of another adjacent MPE tube. This special design of the fluid distribution plates 
creates a serial flow connection between the MPE tubes. In the present prototype the design of these plate 
has been changed compared to a previous prototype [13], in order to decrease pressure losses when the fluid 
travels through these openings.  

 
 

Fig. 1. Prototype of the pulsating heat pipe cooler based on MPE tubes 
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Fig. 2. Close-up on the manifolds cut-out plates structure: condenser (left) and evaporator (right) 
 

A schematic of the test facility is shown in Fig. 3. It is composed of different elements:  
• two PHP coolers arranged in a back to back configuration and equipped each with the following 

instrumentation:  
a) 6 cylindrical heating cartridges inserted inside a heat spreading aluminium block,  
b) 1 absolute pressure sensor at the condenser manifold,  
c) 2 fluid thermocouples, 1 at the evaporator and 1 at the condenser manifold,  
d) 8 thermocouples inserted in 0.5×0.5 mm grooves in the surface of the baseplate;  

• 2 Epack-1ph/25A/500V Eurotherm power controllers (1 for each cooler);  
• an inlet air distribution cone equipped with 1 thermocouple and a pressure measurement port;  
• an outlet air collection cone equipped with 3 thermocouples and a pressure measurement port;  
• 3 equally spaced thermocouples for the air temperature in between the two coolers;  
• a differential air pressure sensor. 
All signals are acquired through a National Instruments SCXI box connected to a laptop running 

Labiew. For pressure measurements, the SCXI box is equipped with a1102C acquisition module able of 
recording signals at 10 kHz frequency. For temperature measurement a1102 module with a cut off frequency 
at 2 Hz is used. All the thermocouples were calibrated using an Omega DP97 precision thermometer with 
platinum probes to measure the reference temperature and a Lauda R207 chiller to control the temperature. 
The uncertainty of the calibrated thermocouples is ± 0.1 K (it is ± 2.5 K before calibration). The measuring 
devices and their accuracy are presented in Table 1.The test setup is inserted into a wind tunnel equipped 
with a centrifugal fan, a mass flowmeter, a pre-heater, and an air to water heat exchanger connected to a 
chiller in order to keep the air at a preset temperature. Refrigerant 245fa is used as working fluid.  
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Fig. 3. Schematics of the test facility. 

 
Table 1. Measuring devices and accuracy  

Measurement Device Measured range Accurace Unit 

Power Epack-1ph/25A/500V 0–5730 (W) ± 1.7 (%) 
Air temperature TC type K Φ = 1.5 mm 25–65 (°C) ± 0.1 (°C) 
Base temperature TC type K Φ = 0.5 mm 25–110 (°C) ± 0.1 (°C) 
Fluid temperature TC type K Φ = 1.0 mm 25–100 (°C) ± 0.1 (°C) 
Condenser pressure Omega PX409 0–3571 (Pa) ± 0.1 (%) 
Air pressure drop Sensirion SDP1000-L 0–500 (Pa) ± 2 (%) 
Air flow rate ABB Topaz 80–4000 (kg/h) ± 4 (kg/h) 

 TROX VMR-250 216–2214 (kg/h) ± 5 (%) 
 

DATA REDUCTION 
The total maximal thermal resistance has to be calculated to evaluate the performances of the PHP. 

The thermo physical properties of refrigerant R245fa are calculated with the software NIST REFPROP 9.0 
[15]. The filling ratio was obtained by measuring the mass of refrigerant inserted in the thermosyphon 
cooler. The total maximal thermal resistance Rth,max measured at the hotspot location on the baseplate is 
calculated as follows:  
 

Q
TT

R inairb
th

,max,
max,

−
=           (1) 

 
where Tb,max is the baseplate hotspot temperature, Tair,in is the inlet air temperature and Q the heat load. The 
time serie signals were analysed using Fast Fourier Transform to provide data in the frequency space.In order 
to calculate a representative pulsation frequency over the whole spectrum, it was decided after trials to 
calculate the pulsation frequency as the average of the first 10 harmonics, which is a compromise between 
avoiding discontinuities and still having the main harmonic with a dominant effect. This analysis also 
showed that 120 seconds recording time was preferable to have a FFT showing well defined harmonics. 
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RESULTS AND DISCUSSION 
 

Time series 
Fig. 4 shows typical time series of temperatures and pressure that were recorded during this 

measurement campaign. There are two measured temperature signals: at the evaporator manifold and at the 
condenser manifold, and one absolute pressure signal at the condenser manifold, for each of the two coolers. 
In addition, the saturation temperature calculated from the average of the pressure signals is shown in black. 
Only the measurements of the first cooler are shown in these plots, the second cooler yielding identical 
trends. Periodic pressure peaks were measured, but with different amplitudes, the largest pulsations occuring 
in antivertical orientation and the smallest pulsations in vertical orientaion (not shown here). On the right 
hand side of Fig. 4, the fluid temperatures are seen to oscillate with a frequency close to that of the pressure. 
Furthermore the condenser fluid temperature always shows a large degree of subcooling while the evaporator 
is very close to the saturation temperature. The time serie signal can also be analysed using Fast Fourier 
Transform to provide data in the frequency domain. Typical results are shown in Fig. 5. The trends are 
similar for all orientations: a main frequency around 1 Hz surrounded by a number of secondary frequencies 
of decreasing amplitudes. Note that in Fig. 5the FFT of the fluid pressure and evaporator temperature signals 
yield the same principal frequency around 1 Hz, showing that the pressure pulsations actually cause a change 
in the vapor temperature. 
 

Fluid filling 
The effect of fluid filling was performed on the first PHP in the air flow only. Fig. 6 showsan example 

of the measured thermal resistance versus filling ratio for heat loads from 1 to 5 kW, in horizontal 
orientation, for R245fa. All the curves show a minimum located between 40 and 50 % fluid filling, for all 
tested orientations and heat loads, which is a good feature for the practical use of this technology in a 
product.  
 

Orientation and heat load 
Fig. 7 shows the maximal thermal resistance calculated with Eq. (1) versus the applied heat load in 

vertical, horizontal and inverted orientations, for both PHP coolers (labeled COTHEX 1 and 2 in the figures) 
at a high air flow rate of 2000 m3/h. In vertical orientation, the thermal resistance curve is remarkably flat at 
8.5 K/kW, and only the second PHP in the air flow shows a +0.5 K/kW increase beyond 4.5 kW heat load, 
probably due to the onset of dry-out caused by a higher incoming air temperature. In horizontal orientation 
the thermal resistance is about 19 % higher at the highest heat load and the variation is also very low, –0.5 
K/kW, with a slight increasing trend beginning beyond 4.5 kW. In inverted orientation the thermal resistance 
is 25% higher and the variation is more pronounced, from 13.2 down to 11.8 K/kW, without any sign of 
increase beyond 4.5 kW. In any case, these variations are very low considering that the heat load variation is 
from 2.5 to 5.75 kW per PHP. Fig. 8 shows the amplitude of the pressure pulsations. They increase with both 
the heat load and the orientation angle. The increase with heat load is little in vertical orientation, with even a 
decrease for the second PHP, which coincides with the decrease of thermal resistance beyond 4.5 kW. Fig. 9 
shows the frequency of the pressure pulsations. Firstly, overall, the frequency decreases from vertical to 
inverted orientation. Concerning the first PHP in the air flow, the frequency is on average about 2 times 
higher in vertical orientation than in horizontal and inverted orientation. Secondly, in horizontal and inverted 
orientation, the frequency shows a slight increasing trend with the heat load. Considering the case of the 
second PHP, the frequency decreases sharply at 4.5 kW, which, like the pressure pulsations amplitude, 
coincides with the decrease of thermal resistance beyond 4.5 kW. Actually the different curves in Fig. 7 and 
Fig. 9 look correlated.  
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Fig. 4. Normalized pressure (left) and temperature (right) measurements in horizontal orientation 
(50% filling, 5 kW heat load, 2000 m3/h air flow and 40 °C inlet air temperature) 

 

 
Fig. 5. Typical FFT of fluid pressure (left) and temperature (right) signals in horizontal orientations 
at 2000 m3/h air flow, 5 kW heat load, 50 % filling and 40 °C inlet air temperature. 

 
 

 
Fig. 6. Thermal resistance versus fluid filling in 
horizontal position. 

 

 
Fig. 7. Thermal resistance versus heat load in vertical, 
horizontal and inverted orientations at 2000 m3/h flow 
rate. 
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Fig. 8. Pressure pulsations amplitude versus heat load 
in vertical, horizontal and inverted orientations at 2000 
m3/h flow rate. 

 
Fig. 9. Pressure pulsations frequency versus heat load 
in vertical, horizontal and inverted orientations at 2000 
m3/h flow rate.

 
 

These observations are in agreement with the operating fluid pressure curve, which is much higher in 
horizontal and inverted orientations than in vertical orientation. Therefore, the de-rating in horizontal and 
inverted orientations is explained by a higher operating pressure due to a higher subcooling. This could be 
caused by higher pressure losses in the evaporator manifold in horizontal and inverted orientations, which 
decrease the fluid velocity and prevent the vapor from travelling on all the condenser length. The higher 
pressure losses in the evaporator manifold in horizontal and inverted orientations is due to the higher amount 
of vapor in this manifold at these orientations because the gravity that forced subcooled liquid into the 
evaporator manifold in vertical orientation does not act anymore. A lower fluid velocity could also explain 
the low pressure pulsation frequency and higher amplitude. 
 
 
 

CONCLUSIONS 
The experimental characterization of a double back to back pulsating heat pipe cooler for power 

electronics based on automotive heat exchanger technology was performed. In summary, these 
measurements show that: 

1. periodic pressure peaks were measured, but with different amplitudes, the largest pulsations occuring 
in inverted orientation and the smallest pulsations in vertical orientation. Furthermore the condenser 
fluid temperature always shows a large degree of subcooling while the evaporator is very close to the 
saturation temperature,  

2. there is a minimum in thermal resistance located between 40% and 50% fluid filling, for all tested 
orientations and heat loads,  

3. the maximal thermal resistance depends very little on the heat load, in particular in vertical orientation, 
4. a performance derating of 19 and 25 % was measured in horizontal and inverted orientations 

respectively,  
5. the comparison of the different orientations shows that a higher pulsation frequency and a lower 

pulsation amplitude give a lower thermal resistance, as measured by Mehta and Khandekar [12],  
6. at the onset of dry-out, the increase of thermal resistance coincides with a drop in pressure pulsations 

frequency and an increase of pulsations amplitude, which confirms the preceding point.  
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Abstract  
The present work is devoted to the experimental studies of the thermal conditions for high-power electronic 

devices, containing new thermal means. Miniature heat pipes and unpackaged heat accumulators have been used as the 
new thermal means within the basic load-bearing structures. The goal of these studies was to increase the functionality 
and improve the existing basic load-bearing structures, operated as part of unpressurized compartments of spacecraft .  
 
KEYWORDS 

Electronic devices (ED), spacecraft (SC), thermal control systems (TCS), basic load-bearing structures 
(BLBS), miniature heat pipes (MHP), unpackaged heat accumulators (UHA), energy source (ES), thermal 
means (TM), multi-layer printed circuit board (MPCB), thermal vacuum chamber (TVC).  
 
 
INTRODUCTION 

The sharp increase in heat power dissipated by the electronic devices (ED), operated within the 
spacecraft (SC) unpressurized compartments, has prompted scientists to investigate more effective principles 
of building thermal control systems (TCS), especially the ones operated during session switching modes. It is 
necessary to consider that, as a rule, the existing basic load-bearing structures (BLBS) with the onboard 
electronics are cooled by means of thermostatically controlled panels ( thermal plates), which are part of the 
spacecraft thermal control system. 

Formerly, based on the results obtained from the scientific investigations the BLBS for onboard 
equipment were constructed. These BLBS presented T-shaped or I-shaped aluminum load-bearing structures 
with the miniature heat pipes (MHP), containing energy source (ES) with good thermal contact, mounted on 
one or both sides of the BLBS’s bottoms. Sets of such cassettes, fastened with pins, make the instrument, 
device or container [1], which are installed on thermostatically controlled panel (thermal plate) of the 
spacecraft. Typically, the heat power dissipated within one of the BLBS’s cassettes, varies from 10 to 30W.  
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Our team was given a task of generating new design and engineering solutions within the specified 
BLBS’s mass/size parameters that would allow increasing the heat transfer capacity of the traditional BLBS 
approximately two times. 

For solving this task the BLBS prototype with the integrated in its cassettes new thermal means (TM), 
i.e. the MHP and the unpackaged heat accumulators (UHA), was developed and built. The results of the 
carried out experimental studies of thermal conditions and other characteristics of the BLBS prototype have 
been presented in this report. 
 
1. OBJECT AND VACUUM TEST MODES  

Figure 1 illustrates the BLBS prototype with the integrated inside it new TM and consisting of six 
cassettes, mounted on the simulator of SC thermal plate.  
 

2

3

1

 
 

Fig. 1. Layout of the BLBS prototype equipment with the new integrated TM, where: 1 – cassettes 
with TM (cassette 1, cassette 2, cassette 3, cassette 4, cassette 5, cassette 6); 2 – spacecraft thermal 

plate; 3 - thermally conductive compound or paste. 
 
Two MHP structures were used within the ED basic constructions as the new TM. One of them 

presented L-shaped MHP with a total length of 152 mm (with knee length of 115 and 49 mm respectively) 
and a diameter of 5mm. Body of the MHP was made of copper; water acted as heat carrier, capillary 
structure was presented by sintered copper powder, the diameter of the steam channel was 2 mm. To install it 
on a 15 W chip it was required to complicate the design of the cassette and the PCB.  
A significant hydraulic resistance in vapor takes place in the lower area of the specified operating 
temperature range of the heat pipe. Therefore, the capillary structure was manufactured as a sequence of 
sections sintered from different fractions of the copper powder with a gradual decrease in pore size from 85 
to 25  μm in a direction from the condensation end to the evaporation end of the heat pipe. Length of the 
sections of the capillary structure was optimized by the developed technique to ensure maximum heat 
transfer capacity of the heat pipe configuration selected. The heat transfer capacity of the heat pipe with 
optimized capillary structure in the specified temperature range 2.5 times higher in comparison with a 
homogeneous capillary structure. The other MHT was a standard one of aluminum AGHP-10E type profile 
with shortened length, its heat carrier was technical liquid ammonia, its diameter was 10 mm. It was suitable 
for application in the basic structures of only maximum width, but did not require significant structural 
complications. Figure 2.1 illustrates the general view of the MHT applied in the BLBS prototype. 
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The VTA-55M TU1-595-28-916-2006 shape-stable phase-change composite heat accumulating 
material was used for the UHA. This material represents rubber-like one based on SKEPT synthetic rubber 
with a fusible filler and a vulcanizing group. To install the UHA into the cassette: at first, a half-finished 
product, matching the cassette’s cavity structure was produced; afterwards the volume of cassette’s cavity 
was filled with the half-finished product and the product was fixed in the cavity by means of vulcanization. 
Figure 2.2 illustrates the UHA, applied in the BLBS prototype.  

The energy sources in the UHA cassettes were simulated by distributed thermal load using two  
P1-12 – type cotton resistors, and in the MHP – using heaters with evaporated resistors, which simulated 
compact high-power chips. 
 

1

2

  
 

Fig. 2.1. Miniature heat pipes (MHP), applied in the BLBS prototype.  
1 –L-shaped  heat  pipe  of  d=5 mm,  produced  by the  SSI "Powder Metallurgy Institute", Minsk. 

2 - AGHP-10E- type heat pipes in lengths of 233mm and 125mm, d = 10mm, produced by OJSC "NIIEM", Istra town. 
 
 

1

2

 
 

Fig. 2.2. UHA structures, used for the BLBS prototype. 
1 - heat accumulator with milling  aluminum body, 2 - heat accumulator  with a  foamed  metal basis. 
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The heat accumulators were filled with the BTA TU-55M 1-595-28-916-2006 heat accumulating material. 
Тesting of the BLBS prototype was carried out in a thermal vacuum chamber (TVC), on the OJSC 

"Research Institute of Precision Instruments" test facilities. In the TVC reduced pressure was created and 
maintained between 10-5 and 10-6 torr (1,33 · 10-5 and 1,33 · 10-6 ) hPa. Testing was conducted under 
overcooling conditions (temperature on the SC thermal plate simulator -10°C, the temperature on the wall 
surface inside the TVC -50°C) and under overheating conditions (temperature on the SC thermal plate 
simulator +40°C, the temperature on the wall surface inside the TVC +50°C). The switching-on in 
accordance with the sequence diagram, presented in Fig. 3, was made after reaching the set temperatures. 
 

10 60 10 60 10 60 10 60

450

Р, W

τ, minute  
 

Fig. 3. Sequence diagram for switching the BLBS prototype  during  testing. 
 
 

Places for thermal plates installation in the BLBS prototype, on SC thermal plate simulator and screen 
walls, placed inside  the TVC, are presented in  Table 1. 
 
 

Table 1. 
 

Serial number Places for thermal plates installation 

Point 1 Cassette 3. on cassette basis 

Point 2 Cassette 1. on bent MHP,  installed in vertical orientation 

Point 3 Cassette 6. on P1-12-type  resistor; MPCB hangs 

Point 4 Cassette 5. on P1-12 resistor, with UHA 

Point 6 Cassette 3. on P1-12 resistor 

Point 7 Cassette 4. on 10mm MHP,  installed in  horizontal orientation 

Point 8 Cassette 2. on  5mm MHP,  installed in  horizontal orientation 

Point 9 Cassette 3. on  10mm MHP,  installed in   vertical orientation 

Point 10 Cassette 5. on UHA 

Point 11 Inside the TVC, on wall 

Point 12 SC thermal plate simulator 

Point 13 Transition plate (basement) 

Point 14 On wall inside TVC 

Point 15 On wall inside TVC 

Point 16 In the upper part of a device 
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2. PERFORMANCE INVESTIGATION OF UHA AND MHP WITH ENERGY SOURCES 
WITHIN THE BLBS PROTOTYPE  

The main goal of testing was to verify the effectiveness of the application of UHA and MHP within 
the BLBS prototype for providing necessary thermal conditions for energy sources, used in spacecraft 
electronic devices during short-term sessions under conditions as compared to real nominal ones. The 
mechanical testing of the UHA and MHP was conducted as well. 

Tests were carried out under extreme operating thermal conditions of overcooling and overheating. 
The paper contains only measurement results under overheating conditions (Fig. 4 and Table 2). 

 

10 minutes 10 minutes

τ, seconds

cycle 1 cycle 2

т1

т2

т3

т4

т6

т7

т8

т9

т10

т11

т12

т13

т14

т15
т16

 
Fig. 4.  Test results for ED, tested under overheating conditions. 

 
Table 2 

 
Nos. thermal plate T1 T2 T3 T4 T6 T7 T8 T9 T10 T11 

Temperature 
before switching-
on, °C 

40.60 41.37 41.08 42.33 41.19 40.94 41.18 40.29 42.25 50.38 

Temperature at 
switching off, °C 

57.93 79.57 91.80 77.90 101.00 78.37 88.19 75.60 50.33 50.29 

Nr thermal plate T12 T13 T14 T15 T16      

Temperature 
before switching 
on, °C 

41.46 42.05 45.49 48.62 45.48      

Temperature at 
switching-off, °C 

41.43 46.05 45.68 49.52 60.97      
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In each of six cassettes the heat capacity of energy sources on the P1-12-type resistors, installed in 
cassettes bottom was 61.50 W . 

The heat capacity of energy sources on the evaporated resistors was 10.59 W, placed in the first four 
cassettes. 

The total heat capacity of energy sources in the BLBS prototype was 453.8W. 
As seen from Table 2, the temperature on MHP body of AGHP-10E type by the end of thermal 

loading was 78.37 °C (on thermocouple T7) and 75.6 °C (on thermocouple T9) at an acceptable value of 
85 °C. Since it was difficult to study temperature field throughout the whole length of the MHP of AGHP-
10E type, because of the influence of neighboring constructive elements, autonomous exploration for the 
MHP was conducted under thermal load of 35 W. This exploration showed that temperature difference along 
its length was (1–1.5) °C, i. e. it could conventionally be accepted isothermal along the full length. The 
temperature on the bent MHP was 79.57 °C (on thermocouple T2) by the end of thermal load switching and 
88.19 °C (on thermocouple T8) at an acceptable temperature of 100 °C. In this case their orientation relative 
to the coordinate axes practically didn't affect their temperature. 

Both MHP types demonstrated their high heat-transfer ability compared to other types of heat sinks.  
Application of the MHP with  water or ammonia as heat carrier will only be limited by vapour 

pressure inside the MHP. 
 
CONCLUSIONS 

1. Testing of the ED with integrated inside the BLBS new TM, i.e. MHP and UHA has showed that 
application of new more effective TM permitted increasing heat power dissipated by the individual cassettes 
from 30W up to 70-75W. It has also been shown that the ED, consisting of six cassettes with the new TM 
allowed increasing the heat power dissipation of up to 450W, while those without the integrated new thermal 
means, and also consisting of six cassettes, allowed removing heat on the spacecraft thermal plate of no more 
than 200 W. 

2. The BLBS prototype has successfully undergone mechanical impact testing. Structure resonances of 
up to 150 Hz weren’t found. At the same time the maximum amplitude of the vibration acceleration on the 
prototype didn’t exceed 44,47g. Shock acceleration didn’t exceed 150g. The BLBS prototype construction 
with the integrated new TM, i.e. MHP and UHA allowed devices to provide the necessary strength to ensure 
acceptable levels of mechanical stress during their operation as part of many types of spacecraft. 

3. The results of experimental research has shown that the new TM in forms of UHA containing VTA-
55M TU1-595-28-916-2006 shape-stable phase-change composite heat accumulating material and MHP, can 
be successfully applied in the electronic devices featuring increased dissipated heat power. 
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Abstract 
The present paper contains data on the effect of the hydrophilic nanoparticles coating on a heat pipe surface. 

Alumina nanoparticles are deposited from the nanoliquid (colloidal solution) on the wall.  This type of coating was 
selected after the investigation of pool and flow boiling on surfaces with alumina nanoparticles relief, where the 
significant increase of critical heat flux (CHF) was observed. The mechanism of CHF increase and enhancement of the 
transition boiling heat transfer can be explained by the wettability increase. The contact angle increase is also very 
desirable in horizontal heat pipes because it allows to obtain a uniform distribution of a liquid film along the perimeter 
of the heat pipe and a uniform temperature distribution as a result. Obtained results can be used in constructing of a 
thermal stabilizer and other thermal devices with enhanced heat transfer. 

 
KEYWORDS 

Nanoparticles, durability, layer, thermal stabilizer 
 
 
INTRODUCTION 

Nanoparticles coating of the heating surface is a simple and at the same time an effective method of 
CHF and wettability increase. The mechanism of CHF increase and enhancement of the transition boiling 
heat transfer can be explained by the wettability increase [1–3]. The contact angle increase is also very 
desirable in horizontal heat pipes because it allows to obtain a uniform distribution of a liquid film along the 
perimeter of the heat pipe and a uniform temperature distribution as a result. As shown on fig.1. CHF 
increases when the contact angle decreases. Repeated tests showed a good stability in CHF enhancement.  

 

 
Fig. 1. Relative CHF (relatively to CHF of 81 degree surface) as a function of contact 

angle. Water, atmospheric pressure, pool boiling. [1-3] 
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PROCESS OF SURFACE COATING 
The idea of this method is to deposit nanoparticles on the heating surface during boiling or 

evaporation of a special colloidal solution [4,5]. SEM images of Al2O3 coating on a Nickel plate are 
presented in fig. 2. The measured thickness of this coating is approximately 2μm, but some “bald” spots are 
observed where the coating thickness is no more than 200nm. fig.3 shows contact angle measurements on the 
surface during the coating process. The contact angle was measured after every coating action (evaporation 
of colloidal solution Al2O3 0.0001% mass concentration).  

 
 

 
Fig.2. Ni-plate with Al2O3 nanoparticles coating. 

 

 
 
 

Fig.3 Contact angle on a surface with nanoparticles layer 
 
The contact angle changes from the initial value to a new stabilized value during the deposition of 

nanoparticles. Rate of this change depends on nanoparticles concentration and amount of the solution. 
Let us discuss the process of nanoparticles deposition and aggregation. It’s well known that the so-

called double electrical layer appears on interfaces of two contacting phases, such as Al2O3 and water. For 
example, the surface of solid particles has a positive charge and negative-charged ions in water are 
surrounding it [6]. The identical charge on surfaces of two particles makes them to push off each other. The 
DLFO-theory says that particles can agglomerate when the repulsion force (which is caused by the double 

 

Number of coating action 

θ 
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layer) is lower than the attractive force (Van-der-Waals force). Potentials of these forces can be calculated by 
equations (1) and (2) [6]. 
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where R – radius of the particle, n – ion concentration in a solution, T – temperature, k – Boltzmann 
constant, χ – Debye radius, h – distance between particles, γ – dimensionless surface potential. 
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where A – Hamaker constant, R – particle radius, h – distance between particles. 

The relative potential of interaction calculated by equations (1) and (2) for 100 nm particles of Al2O3 
in water is shown in Fig.4. The potential barrier can be observed for the case of pure water with 
concentration of ions below 10-3 mol/l. Existing of the potential barrier makes the agglomeration impossible 
in colloidal systems with low ion concentration, but results of [3,4] suggest otherwise. Authors of [7,8] offer 
the solution of this question: according to the idea, nanoparticles deposit on the surface under the vapor 
bubble near the three-phase line. The microlayer of liquid under the vapor bubble can be the most probable 
area of nanoparticles deposition because the ion concentration there can be higher than in bulk liquid, thus, 
the potential barrier becomes lower and the double layer can even disappear when liquid evaporates. 

 

 
 

Fig.4. Nanoparticles coating durability 
 
EFFECT OF CAPILLARY FORCES 

Let us describe two types of meniscus which can appear for two contacting spheres of hydrophilic 
material (fig.5). 
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Fig.5. The scheme of possible meniscus between spherical particles. 

 
The capillary force can be calculated using equation (3): 
 

         (3) 
 

where the capillary pressure is calculated by Laplace equation (4): 
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In a case of scheme on fig.5a r1 and r2 are of different sign. In the first extreme case pressure inside the 

drop is less than the atmospheric pressure and maximum Pcap=Patmospheric=105Pa. Thus the ratio of the Van-
der-Waalse force to the capillary force is equal to 16 (at r2=R=50nm) and these forces are codirectional. This 
scheme will be stable.  

Another extreme case will take place when r1 is equal to infinity and pressure inside the drop is more 
than the atmospheric. In this case the ration of forces is equal to 1.4 (r2=R=50nm) and these forces are 
oppositely directed. This scheme is still stable, but the attraction force is negligible more than the force of 
repulsion. 

For the scheme in fig. 5b the meniscus radiuses are related as (6): 
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where θ – contact  angle, R – particle radius. 

The ratio of Van-der-Waals force and the capillary force is shown on fig.6. 
 

capcap PrF 2
2π=
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Fig.6. Attraction force to capillary force ratio for the scheme 6b. Nanoparticles Al2O3 100 nm, water, T=100OC. 

 
In this case the capillary force is directed opposite to the Van-der-Waals force and in some cases it can 

be twice higher. It is possible to say that this structure is unstable in some configurations. But the real 
nanoparticles coating is a 3D structure with many allocations of particles. These allocations can increase the 
durability of the coating significantly.  

The meniscus scheme in fig. 5 is an extreme case. In systems where particles are smaller than 100nm, 
the meniscus main radiuses can differ from values, calculated using eq. (5) and (6). This, however, should 
not influence the capillary force and the attraction force ratio much, due to model suggestions.  

 
 

EXPERIMENTAL SETUP  
Experimental setup for investigation of heat transfer in a heat pipe is shown on fig.7. The heat flux 

measure by the heat flux meter 5. Temperature distribution is measured by the IR-camera. The test section 
evapotarion zone is made of steel, d=38 mm, L=2 m, heat pipe is filled with R-22. 

 
 

 
 
 

Fig.7. Experimental setup. 1- condensation zone of the test section, 2 -3 evaporation part of the test section. 
4- Peltier based refrigeration machine, 5-heat flux meter, 6- regulating valve of the cooling system, 7,10- cooling 

system,  8- flowmeter, 9-pump 
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Test results of different Peltier modules are shown on fig.8 (results are shown for one module of the 

cooling system). This figure allows to determine the module with optimal parameters. 

 
Fig.8. Calibration of refrigeration power per one module Peltier. Air temperature Tair=+10OC. 1- 

ICE71, 2-CHILL, 3-TEC1, 4- Frost-74, 5- TTC-45, 6- TTC-65 
 

 
EXPERIMENTAL RESULTS 

Test results for a cooling system with a clean tube and a tube with a twisted wire are shown on fig.9. 
Temperature difference between top and bottom sides of the horizontal oriented tube increase with heat flux 
grow. Temperature difference is lower in a tube with wire insert due to the cappilary effect. 

 
 

 
Fig.9. Temperature difference (top/bottom) for a horizontal oriented 

tube. 1-clean surface, 2- twisted wire insert 
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CONCLUSIONS 
1) Nanoparticles can deposit on the heating surface during boiling of colloidal solutions. If the material 

of nanoparticles is hydrophilic, the contact angle decreases and CHF increases. 
2) The contact angle changes from the initial value to a new stabilized value during the deposition of 

nanoparticles. Rate of this change depends on nanoparticles concentration and amount of the 
solution. 

3) According to the proposed scheme, nanoparticles deposit under the vapor bubble in the microlayer 
near the three-phase line, because the potential barrier between nanoparticles reduces there. 

4) It is shown that the capillary force has no significant influence on the nanoparticles coating of Al2O3 

under rewetting. 
5) Temperature difference between top and bottom sides of the horizontal oriented tube increase with 

heat flux grow. 
 

Nomenclature 
A – Hamaker contant 
F - force 
h – distance between particles 
k - Boltzmann constant 
M(F) – moment of the force F 
n - ion concentration in the solution, 
P - pressure 

R - particle radius 
r – meniscus radius, radius of contact spot 
T - temperature,  
θ -  contact angle 
χ - Debye radius, 
γ - unitless surface potential 
σ – surface tension 
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Abstract  
Heat pipe is a best known passive device which is excellent in heat transfer and low thermal resistance.  

Basically, heat pipe is a two-phase heat transfer device which consists of an evacuated and sealed metal 
container charged with a small quantity of working fluid.  In operation, one end of the container (the 
evaporator) is heated causing the liquid to vaporize, the vapor moves to the cold end (the condenser) and 
condenses.  The condensate is pump back to the evaporator via the wick which attached along the container, 
by the capillary force present in the wick, and the cycle repeats.  As the latent heat of evaporation is large, a 
considerable quantity of heat can be transported with a very small temperature difference from one end to the 
other end of the heat pipe.  Thus, heat pipe is a device of very high thermal conductance.  Its equivalent 
thermal conductivity can be several hundred times higher than that of a solid copper rod of the same 
dimensions. Currently, the largest use of heat pipes is in the cooling of computers and electronics products.  
Authors believed that approximately 15 million pieces of heat pipes produced per month worldwide for these 
applications. 

There are many applications for heat pipes in computer and electronics, automotive, aviation, healthcare, 
energy saving, global warming, and environmental protection.  Fast development in computing technology 
and the trend towards miniature architecture has created a more challenging task for cooling high-powered 
electronics components in less space.  Thermal solution providers are required to develop higher 
performance and thinner heat pipes for their cooling devices.  In this paper contains latest heat pipe 
development in thermal performance enhancement; ultra-thin heat pipe like 0.4mm thick and its application 
in portable tablet and handheld devices such as smart phones.  With the increase of desire sophisticate 
control systems and features in vehicle means more heat dissipation and less space available for cooling, it is 
seems that heat pipe becoming a necessity for use in automotive for cooling components such as - cooling of 
head lamps, navigation electronic devices, power drive unit, battery, and fuel, to name a few present in this 
paper. 

 
KEY WORDS 

Heat pipe, Vapor chamber, Computer cooling, Fan heat sink, Energy conservation 
 
 
1. INTRODUCTION 

Figure 1 shows a snap shot of examples of various applications for heat pipes in computer and 
electronics, automotive, aviation and healthcare; energy saving and global warming and environmental 
protection.  For the computer, the processor’s die surface producing heat is usually small, and for effective 
cooling will require the least temperature gradient between the heat source and the cooling source.  The 
principle is to use the heat pipe or vapor chamber for effectively transfer and spread the heat to a larger 
surface for cooling.  A vapor chamber is similar to a heat pipe, which is a two-phase heat transfer device.  A 
heat pipe is made of a round pipe, and after sealing the ends, it can be bent and flattened to the required 
shape.  Whereas the vapor chamber is a planar container which is made by stamping, cold forging, or 
machining processes, and that the shape is fixed and not appropriate for bent or flattened.  In the vapor 
chamber the heat flow is two-dimensional as compared with one-dimensional flow in the heat pipe, thus the 
former has a higher heat transfer capability, lower thermal resistance and higher heat flux capability of over 
50 W/cm2. Figure 2 shows photographs of heat pipes and vapor chambers of various sizes and shapes for 
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visual perception.  In this paper mainly discuss on the latest heat pipe development and application.  Vapor 
chamber development and application had been described in many previous papers listed in the references.  

 

 
 

Fig. 1 Heat pipe industrial application fields 
 

 
Fig. 2 Heat pipe (top view), 
Vapor chamber (bottom view) 

 
2. LATEST HEAT PIPE DEVELOPMENT 

 
Note that due to confidentiality and pending patent protection, some descriptions in this paper will not be 

disclosed in detail.  Figure 3 shows the common heat pipe wick structures.  The groove wick in (a), in general 
has relatively small capillary force, and that resulting in poor thermal performance when heat pipe operates 
against gravity, that is the evaporator of the heat pipe is above the condenser.  In order to increase the capillary 
force in groove wick, the screen mesh or fiber wick is added as shown in (b).  Among the heat pipe wick 
structures, the sintered powder wick shown in (c) has the highest capillary force.  The ideal design criteria for the 
heat pipe are maximum capillary forces and maximum liquid permeability.  However, since higher capillary 
force cause more restriction of liquid flow resulting in lower permeability, thus in heat pipe design require the 
balance of these two parameters to achieve the optimum condition.   

For a thin heat pipe, the common wick structures mention above may have a problem of vapor space 
deficiency, and thus may cause blocking or choking the vapor flow, and when this happens, heat pipe thermal 
performance would degrade significantly.  To avoid this problem, a new wick design had been developed as 
show in Figure 4.  The wick consists of a bundle of loose copper fibers of diameter 0.05mm sinter to the center 
and on the bottom wall of the copper pipe, where the heat source is located.  The merits of this new wick 
structure are (i) larger vapor space is available on both sides of the wick and also on top of the fiber wick 
structure; (ii) higher liquid permeability due to larger pore gaps in between the fibers; (iii) wider area to cover 
and cool the heat source hot spots more effectively; and (iv) lower liquid pressure drop in comparison to the 
conventional sinter powder wick structure of the same size and shape [Mohammad et al., 2011]. 

 

 
 

Fig. 3 Heat pipe wick structures  
Fig. 4 Heat pipe innovative wick structures 
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Table 1 shows a summary of heat pipe expect maximum heat transfer for thin flatten heat pipe with thickness 
1-2 mm from original heat pipe diameter 4-6 mm.  The data show that the maximum heat transfer decreases with 
thinner and longer length heat pipe.  Most of these type of heat pipe thickness are mainly for use in notebook 
computer and large form factor tablet computer.  In response to the demand of thinner heat pipe for application 
in mobile device such as smart phone, we have developed ultra-thin heat pipe with thickness 0.4-0.65 mm as 
shown in table 2.  For these ultra-thin heat pipe we have to make improvement on the heat pipe performance to 
compensate for the reduction of heat pipe internal space.  Some of the improvement are (1) thinner pipe wall 
thickness; (2) smaller fiber wick diameter; (3) surface treatment to enhance wettability. 

 
Table 1:  Summary of thin heat pipe maximum heat transfer rate (thickness 1-2mm) 
 

 
 

Table 2:  Summary of Ultra-thin heat pipe maximum heat transfer rate (thickness 0.4-0.65mm) 
 

 
 
 

 
Fig. 5 Heat transfer rate and heat transfer coefficient for 1mm thick heat pipe of various width sizes 

 
Figure 5 shows an example of max heat transfer rate (Qmax), and heat transfer coefficient of evaporation (he) 

and condensation (hc) for 1 mm thick heat pipe of various width sizes.  Obviously, larger heat pipe width gives 
higher heat transfer rate.  The heat transfer coefficient for the new wick structure is between 12-20 kW/m2.K. 
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One of the key for improvement on heat pipe thermal performance is the surface treatment of the heat pipe 
internal surface.  The main objectives of the surface treatment are (1) increase surface wettability; (2) increase 
surface area and nucleation pores to enhance the initiation of bubble formation and thus increase boiling heat 
transfer.  Figure 6 shows the morphology of copper surfaces subject to different surface treatment techniques.  
Photograph (a) is normal copper surface; Photograph (b) shows the copper surface subject to heat treatment at 
elevate temperatures and inert gases for some hours.  The heat treatment creates copper (I,II) oxides 
nanostructures.  As shown from the picture, the copper surface is rough and porous, and thus it would 
significantly increase the bubble nucleation sites.  Initial evaluation shows that the water-surface contact angle 
for normal copper and heat treatment surfaces are 62 degrees and 22 degrees respectively.  The lower the surface 
contact angle the higher surface wettability.  An example of heat pipe thermal performance improvement is 
shown in figure 7.  Heat pipe maximum heat transfer increases approximate 10%, while thermal resistance 
reduces about 20% for heat treatment heat pipe.  Photograph (c) shows the copper surface coated with nano 
Alumina powder.  Initial test results of heat pipe thermal performance is shown in figure 8.  Result indicates that 
the nano alumina deposition surface performs better than the heat treatment surface.  More samples test is 
require to justify the results.  Photograph (d) shows the copper surface subject to thermal peel-off method.  When 
the copper surface heat at a certain temperature, the copper (I,II) oxides start to peel-off.  At this stage it is only 
investigation, therefore no data available. 

 
Fig. 6 Morphology of copper surface for various surface treatment methods 

 
 

Fig. 7 Heat pipe thermal performance (original 
diameter 8 mm; flattened to 4 mm thickness and 200 
mm length; wick is center fiber wick) 
 

Fig. 8 Heat pipe thermal performance (original 
diameter 8 mm; flattened to 4 mm thickness and 200 
mm length; wick is circumference fiber wick) 
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3. APPLICATION EXAMPLES 
 

3.1 Notebook, Tablet PC, Mobile Devices 
 

Figure 9 shows an example of thin heat pipe application in low profile convertible notebook and tablet 
computer.  Two of flatten 1.4 mm thick heat pipes (original heat pipe diameter 6 mm) to transfer 35 watts to 
stack fin heat exchangers where fans are installed for heat removal to ambient.  Another example in figure 10 
shows heat pipe use in a large 20 inches tablet, but low profile of only 12.5 mm thick.  This is a high end 
performance 4K graphics tablet computer.  The cooling module consists of 4 pieces flatten 1.5 mm thick heat 
pipe (original heat pipe diameter 6mm) with total heat transfer capability of at least 55W. 

 

 
 
Fig. 9 Heat pipe application in low profile convertible 
notebook/tablet computer 
 

 
 
Fig. 10 Heat pipe application high performance large 
tablet computer 

Figure 11 shows traditional cooling method for a smart phone.  The heat generation is transfer by heat 
spreading and heat conduction via graphite sheet and metal plate to the back side of the smart phone for heat 
dissipation to ambient. 

 
 

Fig. 11 Traditional cooling method for smart phone (front face remove) 
 
In the current demand for higher and faster performance and as well as thinner smart phone, has created a 

very challenging thermal management to keep the phone operating at acceptable temperature level.  The thermal 
issue can cause the phone to operate at slower speed, malfunction or shut down.  In serious case burn-out may 
happen and damage the phone.  Traditional cooling method as mentioned in figure 11 maybe no longer able to 
suffice the cooling requirement.  In the past 1 year or so, a few phone manufacturers have been applying heat 
pipe in their products, and currently many others showing strong interest and explore the potential of heat pipe 
application in their smart phone products.  Figure 12 shows a typical heat pipe application in smart phone.  The 
basic design  is to use heat pipe for effectively spreading the heat to a larger surface for better heat dissipation.  
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Figure 13 shows thermal test comparison between graphite sheet which has 700 W/m.K in-plane thermal 
conductivity, and heat pipe with aluminum plate for spreading heat.  Results indicate that the heat pipe module is 
significantly more effective to reduce the heat source temperature and spreading the heat more uniformly. 
 

Fig. 12  Heat pipe application in smart phone 
 

 
Fig. 13  Thermal performance comparison between carbon graphite sheet and heat pipe module 

 
 3.2 Automotive 

 
Heat pipe is increasingly becoming a necessity for use in automotive for cooling and heating of components 

in cars as shown in figure 14 [Nguyen et al., 2011].  Application ranging from cooling of head lamps, navigation 
electronic devices, power drive unit, battery, and for preheated of intake air. 
 

 
Fig. 14  Heat pipe application in automotive 
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Some examples of latest use of heat pipe in vehicle are described as follows.  Figure 15 shows heat pipe in 
use for cooling of HUD (Head Up Display) which is for display of information such as navigation, audio, air 
conditioning and so on.  For this particular HUD, it uses LEDs light and concave mirror for projection of 
information onto the display screen.  There are 5 LEDs of total heat dissipation about 12.6W.    The total thermal 
resistance requirement is approximately 2 K/W for natural convection cooling.  There is no space available 
inside the unit for heat exchanger, therefore heat pipe is a necessity for use to transfer the heat from inside of the 
unit to outside for cooling.  

 

 
Fig. 15  Heat pipe cooling for HUD 

 
Camera and sensor in vehicle are becoming popular as they provide useful information, security and comfort 

to driver and passenger.  For examples – provide all surrounding view to uncover any blind spot; multi-angle 
rear view for assist in reversing and parking; lane keep assist emits an audible warning if vehicle starts to drift; 
collision warning and automatic braking assist if sensor detect the vehicle is too close to other vehicle; and many 
more other features.  Example of cooling rear view camera is show in figure 16.  The heat dissipation is about 2 
W and natural convection cooling.  Heat pipe is 3 mm diameter, and the heat sink volume is width 45 mm x 
length 38 mm and height 9 mm.  There is no space available inside the camera for cooling its IC chip, therefore 
heat pipe is use to transfer the heat out. 

 
Fig. 16  Heat pipe cooling for camera 

 
Hybrid vehicle use fuel and battery for driving.  In the current practice the battery is either cool by forced air 

or water or vehicle existing refrigeration system.  In this example is for air cooling.  Figure 17 shows the current 
design in (a), and proposal of heat pipe cooling system in (b).  In the current design air is blow through the 
battery pack to remove the heat dissipation from the battery cells.  An alternative design which is more efficient 
is to use heat pipe with spreader plate and stacked fin as shown in figure 18.  This heat pipe module is 
sandwiched between the battery cells and transfer the heat to an air flow stream for more efficient air convection 
cooling.  Based on our internal study and tests for the same configuration of battery pack show that the cooling 
capacity is approximately 3W per cell for air cooling without heat pipe, and about 6W per cell for air cooling 
with heat pipe module. 

Figure 19 show an example of a diesel fuel cooling module.  The proposal is to use heat pipe to transfer the 
heat to a heat exchanger in a remote location where larger space is available.  The fuel is flow through an 
enclosed annular jacket at one end of the heat pipe, which transfer the heat to the heat exchanger.  Results show 
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that with the heat pipe design the fuel temperature is about 70 oC in comparison to 90 oC for air-radiator cooling 
type. 

The last example is for cooling of IGBT (insulated-gate bipolar transistor) inverter for power control unit in 
hybrid vehicle.  The existing cooling method of IGBT is liquid cooling.  If air cooling can be used, the power 
consumption of running the fan for air cooling would be much smaller compare to the liquid pump.  The 
proposal is to use heat pipe heat exchanger air cooling as show in figure 20.  The design consists of 6 identical 
heat pipe modules (left image and the right image shows a single heat pipe module).  The specification is the 
total thermal resistance is about 0.18 K/W at an air flow of 0.4 m3/min and heat dissipation of 1.4 kW.  There 
are 18 heat pipes of diameter 8 mm. 

 

 
Fig. 17  Heat pipe cooling for battery 

 
 

 
Fig. 18  Heat pipe module 

 

 
Fig. 19  Heat pipe cooling for diesel fuel 

 
 
 
 
 

 
 
 
 
 

 
 
 
Fig. 20  Heat pipe cooling for IGBT inverter 

 
 
 
The volume of the stack fin heat exchanger is approximately 180 mm x 180 mm x 80 mm.  The fin is a 

special design called louver fin.  The principle of the louver fin is reducing the fin surface air boundary layer 
thickness, promoting mix flow and thus enhancing the air heat transfer coefficient.  As the result of the heat 
transfer enhancement, the fin length reduces from 300 mm to 180 mm for the same cooling capability. 
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4. CONCLUSIONS 
 
- It is a high expectation that thin heat pipe will be widely use in portable devices such as smart phone for 
thermal management due to the increase of heat dissipation of the computer processor, chipset and graphic 
card, and the shrinking in size available for cooling. 
- With the increase of desire sophisticate control systems and features in vehicle means more heat dissipation 
and less space available for cooling.  Traditional cooling method maybe no longer appropriate.  Therefore, 
heat pipe cooling system is an attractive alternative technology - that can provide very efficient heat transfer 
due to its 2-phase heat transfer; reliable due to no moving part; robust design and low weight. 
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Abstract 
The critical heat flux (CHF) during saturated pool boiling of water was investigated experimentally using a 

honeycomb porous plate attached to a heated surface. In a previous study, the CHF was shown experimentally to be 
enhanced to more than twice that for a plain surface. According to the proposed capillary limit model, the CHF can be 
increased by decreasing the thickness of the honeycomb porous plate. However, the CHF could not be greatly enhanced 
when the thickness of the honeycomb porous plate was comparable to the thickness of the thin liquid film (the macro-
layer thickness) formed beneath coalescent vapor bubbles. The results of the previous study showed that honeycomb 
porous plates for CHF enhancement in saturated pool boiling should be constructed by the superposition of two kinds of 
porous materials and that each of the honeycomb porous plates must fulfill two conditions. First, a honeycomb porous 
plate simply attached to a heated surface should have very fine pores to supply water to the heated surface due to strong 
capillary action, and the honeycomb porous plates should be as thin as possible to decrease the pressure drop caused by 
internal water flow. Second, the other honeycomb porous plate, stacked on top of the thin honeycomb porous plate, 
needs to be structured to hold a sufficient amount of water in order to prevent the inside of the honeycomb porous plate 
from drying out during the bubble hovering period on the plate. 
 

KEYWORDS 
CHF Enhancement, Pool Boiling, Porous Material 

 
 
INTRODUCTION 
 Surface modifications of a heated surface using a porous coating produced by welding, sintering or 
brazing of particles, electrolytic deposition, flame spraying, bonding of particles by plating, galvanizing, 
plasma spraying of a polymer, or metallic coating of a foam substrate and deposition of nanofluids, have 
been proven to effectively enhance the heat transfer coefficient and the critical heat flux (CHF) in saturated 
pool boiling[1–10].  
  Lienhard et al. (1973) [11] used an egg-crate solid structure to enhance the CHF and showed CHF 
augmentation up to approximately 2.36 times (up to approximately 0.49 MW/m2) as compared to a plain 
surface using acetone. In addition, the following hydrodynamic limit model for CHF prediction has been 
suggested: 

 

2,

14.1

d

H

j

zCHF

CHF

A
N

q
q

λ

=
             (1) 

( )gf
d g ρ−ρ

σπ=λ 3
2             (2) 

 

( )425.0
, 24 gffggzCHF ghq ρ−ρσρπ≡         (3) 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources,”  
Minsk, Belarus, 07-10 September, 2015 

346 
S. Mori et al. 

where CHFq  is the CHF, zCHFq ,  is Zuber’s prediction for the CHF of the plain surface, HA is the area of the 

heater, jN  is the number of escaping vapor jets on a heater of area HA , dλ is the most susceptible Taylor 

unstable wavelength in a horizontal liquid-vapor interface, fgh  is the latent heat of vaporization, σ  is the 

surface tension between a liquid and its vapor, fρ  is the density of the saturated liquid, and gρ  is the density 

of the saturated vapor. 
A coating of a thin porous layer of uniform thickness on boiling surfaces can increase the CHF and 

reduce the surface superheat for a given surface heat flux in comparison with a plain surface. In general, the 
CHF of a surface with a thin uniform porous coating is enhanced to approximately twice that of a plain surface 
[12]. Boiling heat transfer on porous layer coated surfaces can be augmented due to nucleation from 
numerous sites, evaporation inside the pore structure, vapor ejection, and liquid suction from the top surface 
of the porous layer. With the increase in the surface heat flux, the flow rates of liquid and vapor through the 
porous layer increase. The increased flow resistance inside the porous layer may cause the formation and 
extension of a vapor layer near the heated surface, which may result in the transition from nucleate boiling to 
film boiling.  
 Several researchers have presented novel structures for porous media in which the liquid and vapor 
flow paths are separate. Such separation of the flow paths may reduce flow resistance and, as a result, 
increase the CHF.  

Malyshenko (1991) [13] was the first to experimentally investigate the boiling curves for a surface 
on which a porous layer with vapor escape channels was coated. Stubos and Buchlin (1999) [14] analytically 
examined the effect of vapor channels traversing the porous layer on the CHF. Wu et al. (2002) [15] 
experimentally showed the effects of the size and density of vapor channels on pool boiling heat transfer. 
The CHF, however, has not been enhanced to a degree greater than that achieved by extending the surface 
area. 
 Liter and Kaviany (2001) [12] showed that a modulated (periodically non-uniform thickness) porous 
layer coating enhances the pool boiling critical heat flux of pentane by nearly three times (0.76 MW/m2) 
compared to a plain surface (0.25 MW/m2). Two possible liquid choking limits, i. e., the hydrodynamic limit 
and the viscous drag limit, were proposed as mechanisms by which to determine the CHF. For the tested 
surface coating and fluid system, the measured CHFs were in good agreement with the predicted CHFs based 
on the hydrodynamic limit, where Zuber’s hydrodynamic theory is modified to account for the effect of the 
coating modulation wavelength on the development of the stable vapor layer above the coated surface. In 
addition, the hydrodynamic limit model for the CHF prediction has also been suggested to be as follows: 
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where mλ  is the modulation wavelength. 
 There are several interesting approaches for extremely high heat flux removal in passive thermal 

device such as the vapor chamber of high-power electronic devices—except pool boiling  
[16–18]. In these studies, water was selected as a test fluid because its surface tension is high and its latent 
heat of vaporization is large. The reason for the much higher heat flux removal compared with the saturated 
pool boiling CHF of a plain surface (approximately 100 W/cm2) [19] is that these vapor chambers eliminate 
the effect of large bubbles formed on the heated surface near the CHF conditions in pool boiling [20]. 
However, the heat-removal performance in these techniques with a vapor chamber depends significantly on 
the characteristic length of the heated surface because liquid is pumped toward the center of the heated 
surface by capillary suction [21]. Accordingly, it is important for pool boiling not only to remove high heat 
flux, but also to be applicable to large heated surface.  
   Therefore, we proposed CHF enhancement for a large heated surface using a honeycomb porous 
plate in saturated pool boiling [22–24]. The CHF has been enhanced experimentally up to more than twice 
that of a plain surface (approximately 2.0 to 2.5 MW/m2) with a diameter of 30 mm.  
 Figure 1 shows a schematic diagram of the steam and water flows in a honeycomb porous plate. As 
shown in the figure, liquid is transported toward the heated surface within the porous medium by capillary 
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force, and vapor generated in close vicinity to the heated surface escapes upward through the vapor channels. 
It is assumed that dry-out inside the porous material close to the heated surface does not occur, that is, the 
inside of the porous material is completely filled with water, in order to simplify the model. 
 The CHF is considered to be achieved under conditions in which the maximum capillary pressure 

max,cpΔ  is equal to the sum of the pressure losses along the vapor-liquid path as follows: 

avlc pppp Δ+Δ+Δ=Δ max,             (5) 

where lpΔ  and vpΔ  are the frictional pressure drops caused by the liquid flow in the porous medium and 

the vapor flow through the channels, respectively, and apΔ  is the accelerational pressure drop caused by a 

phase change from liquid to vapor.  
 
 According to a previous study we conducted [23], the second and third terms on the right-hand side 
of Eq. (5) are negligible when the size in the vapor escape channels is a millimeter order, and the equation to 
predict the CHF can be simplified as: 
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where the permeability K and the effective pore radius reff were determined by experimental measurements 

( 214 m104.2 −×=K , reff = 1.6 μm).  
 Figure 2 shows the relationship between the CHF and the heights of honeycomb porous plates [23]. The 

solid line and the dotted line in this figure indicate the capillary limit predicted by Eq. (6) and the hydrodynamic 
limit calculated by the model proposed by Liter and Kaviany (2001) [12], respectively. As can be seen, the CHF 
increases with decreasing height of the honeycomb porous plates. The CHF values predicted by a one-
dimensional capillary-limit model agree qualitatively with the measured values. 
 According to Eq. (6) and the obtained experimental results, the CHF is enhanced greatly with 
decreasing thickness of the honeycomb porous plate. However, difficulties were encountered when the 
thickness of the honeycomb porous plates used in previous studies [22–24] was reduced to less than 1 mm 
because such alumina plates are fragile. Therefore, we selected a new honeycomb porous film that is very 
thin (150 μm) and has fine pores for further CHF enhancement, and experimentally investigated the CHF in 
saturated pool boiling.  
 The results obtained showed that honeycomb porous plates for CHF enhancement in saturated pool 
boiling should be constructed by the superposition of two kinds of porous materials. 

Fig. 1 Schematic view of steam and water flows in a 
honeycomb porous plate on a heated surface. 

Fig. 2 Relationship between qCHF and height of 
the honeycomb porous plate. 
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EXPERIMENTAL APPARATUS AND PROCEDURE  

  
 Experimental Apparatus 
 A schematic diagram of the pool boiling test facility is shown in Fig. 3. The main vessel, which was 

made of Pyrex glass, had an inner diameter of 87 mm and a height of 500 mm. The pool container was filled 
with distilled water to a height above the heated surface of approximately 60 mm. The heat flux was supplied 
to the boiling surface through a copper cylinder using a cartridge electric heater, which was inserted into the 
copper cylinder and controlled by an AC voltage regulator. The heat loss from the sides and bottom of the 
copper cylinder was reduced using a ceramic fiber insulation material. 
 The top horizontal surface of the 30-mm copper cylinder was smooth and was used as the heat-
transfer surface in the experiments. Two sheathed thermocouples with outer diameters of 0.5 mm were 
inserted horizontally along the center line of the copper cylinder. The thermocouples (TC1 and TC2 in the 
insert in Fig. 3) in the copper cylinder were separated axially by 6.0 mm. The closest thermocouple to the 
surface was located 5.4 mm below the boiling surface. The thermocouples were calibrated using a platinum 
resistance thermometer. The wall temperature and the wall heat flux were calculated by applying Fourier’s 
Law, where the thermal conductivity of the copper was evaluated at the arithmetic averaged temperature 
between TC1 and TC2.  
 Experimental Procedure 
 Experiments were carried out using distilled water as a working fluid under saturated conditions at 
atmospheric pressure. A sheathed heater was installed near the heated surface in the liquid bath in order to 
maintain the liquid temperature at the saturation temperature. For each run, the heat flux was increased in 
increments of approximately 0.1 MW/m2 until burnout occurred. All of the measurements were performed in 
the steady state, which was regarded as being reached when the temperatures did not change by more than 
0.25 K for at least 10 minutes. When burnout occurred, the heating was immediately stopped in order to 
prevent damage to the heater and/or thermocouples. The final quasi-steady state heat flux was then measured 
before the transition to film boiling, and was taken as the CHF. All of the measurements were taken only for 
increasing heat flux, and the effects of hysteresis were not considered.  
 

Fig. 3 Schematic diagram of experimental apparatus. 
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Honeycomb Porous Plates 

 Figure 4 shows the two types of the honeycomb porous plates used in this study, and a micrograph of 
the structure of each is shown on the right-hand side of the figure. The honeycomb porous media shown in 
Fig. 4 were produced from a porous film (MF-Millipore ™ Membrane Filters) and a metal porous plate 
(SUS316L, Taisei Kogyo Co., Ltd). Taking the capillary limit model [23] into consideration, the diameter 
and pitch of the vapor escape channels were determined. The two types of honeycomb porous media stated 
above are hereinafter referred to as MFM and MPP, respectively. The parameter of the vapor escape channel 
diameter dV, the pitch of vapor escape channel δS, the aperture rate, the height of the honeycomb porous plate 
δh, the diameter of the honeycomb porous plate, and porosity, pore diameter, permeability are shown in 
Table 1. The MFM was attached to the top of the boiling surface by adhesive (Aremco-Bond 525), while the 
MPP was installed by pushing the honeycomb porous plate against the MFM using a stainless steel wire 0.3 
mm in diameter.  
 Uncertainty Analysis 

 The individual standard uncertainties are combined to obtain the estimated standard deviation of the 
results, which is calculated using the law of propagation of uncertainty [25] . 

 The uncertainties of heat flux q, superheat satTΔ , and heat-transfer coefficient h are evaluated using 

the following equations: 
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where T1 and T2 are the temperatures at TC1 and TC2, respectively, λ  is the thermal conductivity of the 
copper evaluated at the arithmetic mean value of T1 and T2, δ 1 is the distance between TC1 and TC2, and δ 2 
is the distance between TC1 and the boiling surface. 

 Table 1 shows an example of the results for the relative uncertainties calculated from Eqs. (7) 
through (9). As shown in the table, relative uncertainties depend on the experimental conditions, and the 
relative uncertainties tend to become smaller with increasing heat flux. 

 
 

Fig.4 Test porous plates. 

Table 1 Characteristics and geometric values of test 
porous plates. 

MF-millipore Metal HP

r eff [μm] 0.40 18

K ×1014 [m2] 6.9 66

ε  [-] 0.82 0.70

d g  [mm] 1.9 1.9

δ s  [mm] 0.50 0.50

δ h [mm] 0.15 1.0

φ  [-] 0.57 0.57
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EXPERIMENTAL RESULTS AND DISCUSSION 
 Figure 5 shows the boiling curves for (a) MFM, (b) MFM with MPP, and (c) a plain surface, 
respectively. The arrows in Fig. 5 correspond to the CHF condition. As seen in Fig. 5, the CHF for (a) MFM 
is 132 W/cm2, which is approximately 1.3 times that of the plain surface. In contrast, the CHF for (b) MFM 
with MPP was enhanced up to 206 W/cm2, which is approximately 2 times that of the plain surface. 
 This result cannot be explained by the capillary limit model [23] shown in Fig. 1. This is because the 
frictional pressure drops caused by liquid flow in a porous medium in the case of (a) should be smaller than 
in the case of (b). Namely, the CHF in (a) must be larger than the case of (b) according to the capillary limit 
model. Therefore, a mechanism other than the capillary limit may be required to explain the CHF 
enhancement in this situation. Therefore, we focused on the boiling configuration just above the honeycomb 
porous plate.  

 Haramura and Katto [20] proposed a CHF model for the case of saturated pool boiling. A coalesced 
large bubble forms on a thin liquid film (macrolayer) and restrict the feed of liquid from the bulk liquid to 
the film, and it is considered that CHF occurs when the thin liquid film is dried out during the bubble 
hovering period on the heated surface. 
 In this model, the hovering period on the heated surface is given in the following by utilizing the 
theory of Davidson and others [26] [27] for the periodic formation of bubbles due to the flow of gas into a 
liquid.  
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Here, ξ , the volumetric ratio of the accompanying liquid to the moving bubble, can be assumed to be 11/16. 
The volumetric growth rate of bubble v1 in Eq. (10) is given as: 
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 Considering energy conservation in the evaporation of thin liquid film during the bubble hovering 
period, the following equation is obtained: 
 

 fglldCHF hVAq ρτ =           (13) 

 

q
[MW/m2]

ΔT sat

[K]

h
[kW/(m2

・K)]

Δq /q
[%]

Δ (ΔT sat )/ΔT sat

[%]

Δh /h
[%]

1.2 16 77 2.7 2.7 3.8
1.5 18 83 2.3 2.3 3.2
1.8 20 91 1.9 2.0 2.8
2.0 21 95 1.8 1.8 2.5

Table 2 Relative uncertainties of measured quantities. 
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Here, Vl is the volume of the liquid film evaporated during the bubble hovering period. Note that for the case 
of 1 MW/m2, 1,dτ  and the liquid film thickness (macrolayer thickness) are calculated as 78 ms and 37 μm, 

respectively.  
 Our experimental results were inconsistent with the proposed capillary limit model as pointed out 

before. It is possible that the CHF mechanism is not the capillary limit but a dry-out phenomena in the 
porous medium during the bubble hovering period. Therefore, in order to clarify the CHF mechanism for the 
present experiment, it is worth considering whether the water inside the porous material is dried out during 
the bubble hovering period.  
 The maximum volume of water contained in the MFM, Vp, is estimated by the following equation: 
 

hwp AV δε=                    (14) 

 
 Assuming Vl = Vp, Eq. (14) is substituted in Eq. (13), and the following equation to estimate the time 
for dry out inside porous material can be obtained: 

Aq
hA

CHF

fglhw
d

ρδε
τ =2,

                             (15) 

Table 3 shows 1,dτ , 2,dτ , and qCHF, respectively, for the (a) MFM, (b) MFM with MPP. τd,1 is almost the 

same with τd,2 for the case of the (a) MFM. This signifies that the CHF occurred when water contained in 
porous material is disappeared due to evaporation during the bubble hovering period. While for the case of 
the (b) MFM with MPP, τd,1 is clearly smaller than τd,2. This means that the CHF mechanism is not related to 
the dry-out inside the porous material. Namely, the CHF is enhanced greatly because the MPP supplies water 
to the MFM during the bubble hovering period. Note that the permeability of the MPP should be much larger 
than that of the MFM as used in the present study. 

 In summary, the frictional pressure drops caused by liquid flow in a porous medium decreases with 
decreasing thickness of the honeycomb porous plate. However, the disappearance of liquid in a porous 
medium during the bubble hovering period occurs when the honeycomb porous plate is too thin. In order to 
prevent dry-out in a porous medium during the bubble hovering period, a honeycomb porous plate (MPP) 
that has large porosity (large permeability) can be stacked on another honeycomb porous plate (MFM) 
having a small pore diameter (large capillary action). That is why the CHF for (b) (MFM+MPP) is higher 
than that for (a) (MFM).  
 
  

Fig. 5 Boiling curves for (a) MF-millipore, (b) MF-millipore with metal honeycomb porous plate and (c) plain surface. 
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CONCLUSIONS 

 
Enhancement of the critical heat flux in pool boiling by attaching a honeycomb-structured porous 

plate to a heated surface was experimentally investigated using water under saturated boiling conditions. The 
following conclusions were obtained: 
1. The CHF is affected due to the disappearance of liquid in the porous medium during the bubble hovering 

period when the thickness of the honeycomb porous plate is very thin (150 μm), resulting in a smaller 
CHF compared with the CHF predicted by the capillary limit model. 

2.  Honeycomb porous plates for CHF enhancement in saturated pool boiling should be constructed by the 
superposition of two kinds of porous materials, and each of the honeycomb porous plates must fulfill two 
conditions. First, a honeycomb porous plate simply attached to a heated surface should have very fine 
pores to supply water to the heated surface due to strong capillary action, and the plate should be as thin 
as possible to decrease the frictional pressure drop caused by internal water flow. Second, the other 
honeycomb porous plate, stacked on top of the thin honeycomb porous plate, needs to be structured to 
hold a sufficient amount of water in order to prevent the inside of the honeycomb porous plate from 
drying out during the bubble hovering period on the plate. 
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Abstract 
Thermosyphon heat exchangers are efficient equipment used in many industrial applications, such as 

petrochemical plants. To be employed in offshore petroleum exploration platforms, these equipments must be as 
compact and as light as possible. The main objective of the present paper is to calibrate thermosyphon shell and shell 
heat exchanger designing tools used for proposing efficient compact equipment. A selected heat exchanger (for 
petroleum platform exploration) was taken as the “study case”. A computational algorithm, developed at the Heat Pipe 
Laboratory (Labtucal), at Federal University of Santa Catarina (UFSC), was employed in this study. This tool couples 
the Bell-Delaware method and the equivalent two-phase thermosyphon thermal resistance model for the heat exchanger 
design. The external fluid flow numerical simulations were performed for the shell and shell heat exchanger condenser 
and evaporator. Baffle cuts of different sizes were proposed and the thermal performance of the resulting equipment 
were compared, and the best configuration was identified. The comparison of the resulting data shows that both 
methods, literature and numerical, present similar outcomes. As a major conclusion, one can say that the software 
developed at Labtucal can be considered precise for the design of thermosyphon heat exchangers.  

 
KEYWORDS 

Thermosyphon heat exchangers, two-phase thermosyphon, Bell-Delaware method, external fluid flow 
numerical simulations, Baffle cut. 

 
 

INTRODUCTION 
Shell-and-tube heat exchangers are widely used in petrochemical plants for waste heat recovery due to 

their reliable operation and accessible maintenance [1]. The heat transferred per tube length in long shell-
and-tube heat exchangers is higher than that observed on short and large ones. On the other hand, for 
offshore platforms, shorter and lighter heat exchangers are preferable, even if they are more expensive [2].  

Master et al. [3] stated that more than 35% of the heat exchangers used in industrial plants are of shell-
and-tube type. The segmental baffles are often used in shell-and-tube heat exchangers, as they increase the 
velocities in the crossflow direction of the tube bundle, improving the convection heat transfer. However, 
there exist some drawbacks associated with the use of segmental baffles [4, 5], some of them are treated in 
the present paper.  

Bhutta et. al. [6] made an extended literature review of CFD use in the thermal and hydrodynamic 
analysis of several heat exchangers. They concluded that CFD has emerged as a cost effective alternative to 
conventional methods (which are tedious and expensive), providing speedy tools for heat exchanger design 
and optimization. They also concluded that the reliability of CFD is so high that it has been considered an 
integral part of all design processes, eliminating the need of prototyping. 

In the present research, a shell-and-shell two-phase thermosyphon reduced scale heat exchanger, 
which operates with thermal oil and water was selected as the “study case”. Several geometries of baffle cuts 
were considered and the thermal performance of the resulting heat exchanger was determined, so that the 
best configuration could be selected. A computational algorithm, developed at the Heat Pipe Laboratory 
(Labtucal), at Federal University of Santa Catarina (UFSC), using Engineering Equation Solver®, was 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

355 
J.M. Moreira Júnior et al. 

employed and validated in this study. This tool couples the Bell-Delaware method and the equivalent thermal 
resistance model (for a two-phase thermosyphon) for designing heat exchangers.  
 
STUDIED CASE  

Two-phase thermosyphons can be applied in several heat transfer equipment, including heat 
exchangers. However, traditional heat exchangers designing tools (usually developed for shell-and-tube heat 
exchangers) do not include thermosyphon technologies. As already pointed out, one of the objectives of the 
present work is to validate a software developed in Labtucal for the design of these equipment. A shell-and-
shell thermosyphon heat exchanger is basically composed of an array of parallel thermosyphons, where hot 
streams pass through the external surfaces of the thermosyphon evaporators and the cold streams pass 
through their condensers. The heat absorbed from the hot stream is conducted to the cold stream by the 
thermosyphon bunch. These equipment are also known as “shell-and-shell” heat exchangers because both 
cold and hot streams exchange heat with the external faces of the thermosyphon tubes, in a similar 
configuration of the shell fluid in traditional shell-and-tube heat exchangers. The evaporators should always 
be in an inferior position relative to the condensers so that gravity can push the condensate working fluid 
from the condenser to the evaporator regions. In the present work, the heat exchanger is considered to be in 
vertical position as illustrated in Fig. 1. The orientation of the device is the first adaptation to be done in the 
traditional design software, as the usual shell and tube heat exchangers work in the horizontal position. As 
the evaporator and the condenser work independently, in this study, the equipment studied is considered 
divided in two smaller heat exchangers: one for the thermosyphon evaporator region (“hot” heat exchanger) 
and the other for the condenser (cold heat exchanger).  

One of the main applications of the shell-and-shell heat exchanger assisted by two-phase 
thermosyphons is the recovery of residual heat available in hot fluid streams. The shell-and-shell heat 
exchanger selected as the “study case” in the present work, typical for offshore platform applications, is 
designed to remove heat from a thermal oil Lubrax UTILE OT100 hot stream and use it to preheat 
demineralized water (cold fluid stream), which is used to generate vapor in a steam boiler. It is composed of 
21 two-phase thermosyphons of 880 mm of length, where 360 mm corresponds to the condenser, 510 mm to 
the evaporator and 10 mm to the adiabatic section. The external diameter of the thermosyphon tubes (t) is 
38.1 mm, with a thickness of 1.2 mm. Fig. 1 (a) shows a schematic of the “cold” heat exchanger, with the 
condenser region of one of the thermosyphons from the array highlighted, Fig. 1 (b) shows an equivalent 
schematic, but for the “hot” heat exchanger. Four baffles were considered for the “cold” and seven baffles 
for the “hot” heat exchanger. According to [7], baffles are one of the most important components of this 
equipment. They are used to fasten the tubes in the correct position during the assemblage, helping to prevent 
vibrations caused by the fluid flow. In addition, baffles guide the stream flows, so that the velocity in 
crossflow direction is increased, raising the convection heat transfer (and so, its heat transfer coefficient). In 
the present work, the most common baffles (segmental baffles) are used. A single segmental baffle is 
represented in Fig. 1 (c), where the baffle cut Bc is set as the percentage ratio of the baffle window height X, 
to the shell diameter Ds (Bc=100X/Ds %). 
 
ANALYTICAL MODELS 

The analogy between electrical and thermal circuits can be applied to model thermosyphons operating 
in steady state conditions [8, 9]. Fig. 2 shows the schematic diagram to the equivalent thermal circuit adopted 
in this work, which corresponds to a simplification model of the scheme presented by Mantelli [9]. The 
thermal resistances showed in Fig. 2 are defined as following: R1 and R9 are related to external heat transfer 
phenomena; R2 and R8 are related to the heat conduction through the tube wall in axial direction (evaporator 
and condenser regions); R3 is related to the liquid evaporation (its calculation involves the use of 
evaporation coefficient of heat transfer, obtained from literature correlations for vaporization in pools and 
films) and finally, R7 is related to the process of vapor condensation in tube walls (condenser region) and it 
is also determined using literature correlations for condensation in walls [10, 11]. This model shows that it is 
possible to model the thermal behavior of the evaporator and condenser of the thermosyphon separately, 
what is very useful for the project of shell-and-shell heat exchangers.  
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A computational algorithm was developed in the Heat Pipe Laboratory (Labtucal), at Federal 
University of Santa Catarina (UFSC), using the commercial software Engineering Equation Solver® (EES). 
This tool solves, by means of an iterative process, the equivalent resistance model, which predicts the 
thermal behavior of the two-phase thermosyphons. Bell-Delaware method [2] was used to determine the 
external heat exchanger heat transfer coefficients necessary for the determination of resistances R1, R9 and 
the pressure drop as well.   
 

                                
                              (a)                                                              (b)  

(c) 
Fig. 1. Geometrical characteristics: (a) Condenser. (b) Evaporator, (c) Single segmental baffle 

 

R1R2

R3

R9R8

R7

Tv

Tw;c

T∞;

e

Tw;e

T∞;

c 

qe

qc

Ev
ap

or
at

or

C
on

de
ns

er

R1

R2

R3
R9

R8

R7

Tw;c

T∞;e

Tw;e

T∞;c 

qe

qc

Tv

Tv

 
Fig. 2. Thermosyphon thermal circuits adopted in the present work 

 
The parameters used in the present model are shown schematically in Fig. 3 and includes: shell inside 

diameter (Ds), bundle-to-shell clearance (Lbb), number of tubes (Nt), number of baffles (Nb), diametral 
clearance between tube outside diameter and baffle hole (Ltb), the diameter clearance between the shell 
diameter and the baffle diameter (Lsb), tube pitch (Ltp), effective tube row distance perpendicular to the flow 
direction (Lpp), angle of the triangle formed between the center of two adjacent tubes and the horizontal 
position (θtp), central baffle spacing (Lbc), inlet baffle spacing (Lbi), outlet baffle spacing (Lbo), shell side cold 
fluid mass flow rate ( cm ), shell side hot fluid mass flow rate ( hm ), cold fluid inlet temperature (Tc,in) and hot 

fluid inlet temperature (Th,in). The flowchart of this algorithm is presented in Fig. 4. For the first iteration, the 
following parameters had to be estimated: cold fluid outlet temperature (Tc,out), hot fluid outlet temperature 
(Th,out), steam temperature inside the two-phase thermosyphons which is considered the same in all tubes of 
the heat exchanger (Tv) and the heat transferred by the two-phase thermosyphons (q). It is important to note 
that the thermal physical properties of the fluids were determined for each iteration for the logarithmic mean 
temperature, defined as: 
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where Tin e Tout correspond to the inlet and outlet temperatures of the heat exchanger for both the cold and 
hot fluids. 
 

 

  
Fig. 3. Basic geometric parameters for an arrangement of 45 ° [2]. 

 
 

The heat transfer coefficient for pure crossflow of an ideal tube bank was determined by the 
Zhukauskas correlation [12]. The Bell-Delaware method modifies this coefficient through different 
correction factors [2]. The equivalent thermal resistances for the condenser and the evaporator are calculated 
according to correlations in [10, 11]. Afterwards, the thermal powers transferred in the evaporator (qe) and in 
the condenser (qc) were calculated as: 
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The convergence criteria used in the algorithm is the equality between the heat imposed in the 

evaporator and the heat rejected in the condenser. If this criterion was not fulfilled then the values estimated 
in the beginning have to be updated until the condition is satisfied. These parameters are calculated as: 
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; ;c out c in
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q
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(6) 

 
It is important to note that the value of Lbb is higher than the recommendations. This affects mainly the 

pressure drop; however, it does have effect on the heat transfer coefficient. It is also necessary to highlight 
that the Prandlt number used on the calculus of the convection heat transfer coefficient on the evaporator 
(fluid thermal oil) is higher, out of the limits of the heat transfer coefficient correlations for pure crossflow of 
an ideal tube bank. 
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Fig. 4. Basic Flowchart of the algorithm developed by LABTUCAL 

 
 
NUMERICAL MODELS 

The commercial software ANSYS-CFX® was used in this work. In this software, the finite volume 
method for the discretization of the conservation equations is applied. The flow of the fluid inside the shell-
and-shell heat exchanger is extremely difficult to model, due to its turbulent nature. The turbulence was 
treated as the averaged space and temporal Navier-Stokes equations, denoted as RANS (Reynolds Averaged 
Navier-Stokes Equations) [13]. The turbulent model used in this work is the k-Ɛ, which is widely used in 
industry for the solution of problems that involve heat transfer in turbulent fluids due to its precision and 
lower computational power required during the simulations compared to other models described in the 
literature [14]. ANSYS Meshing software was used for mesh generation. The average number of finite 
volumes generated in the three cases studied was 2.9 and 3.8 million cells for the condenser and the 
evaporator respectively. All mesh generated presented good orthogonal quality near 0.87 (the best quality 
possible is 1). The boundary conditions adopted for the domain for the cases studies are the following: 
adiabatic wall conditions are applied for the external shell and the baffles, prescribed temperature and 
pressure are imposed at the inlet (simulating real flow conditions), on the other hand, the outlet condition is 
the prescribed mass flow rate. Prescribed temperatures are considered on the external walls of the 
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thermosyphons. These temperatures are obtained from the literature model applied in the algorithm of the 
previous section. No slip was considered over the walls and the gravitational field was neglected. 

In both numerical and analytical models, the clearances between the tubes and the baffles and between 
the baffles and the shell were zero. Gravity effects are not considered on the simulations because they were 
also not considered on the analytical model. 
 
RESULTS AND DISCUSSION 

In this section, numerical and literature model results for the shell-and-shell heat exchanger are 
compared for different values of baffle cuts. Fig. 5 (a) presents the behavior of the convection heat transfer 
coefficient as a function of the baffle cut, for the condenser and the evaporator. In both cases, the maximum 
heat transfer coefficient was obtained when the baffle cut is 15 % and the minimum for 25 %. The difference 
between these two values was of approximately 15 %. 

Table 1 shows the difference between the results obtained through the numerical and literature models, 
in percentage (see equation 7). Numerical simulation values for the condenser are about 16 % higher than the 
analytical solutions. For the evaporator, the numerical results are 19 % lower than the analytical solution 
results. Fig. 6 exposes the velocity distribution of the cross section in the middle of the shell for the 
condenser and the evaporator. For both cases, the lower the baffle cut the higher the velocity of the fluid 
flow in the tube bundle and therefore the greater the heat transfer coefficient. Fig. 7 (a) end (d) points out the 
streamlines in the cross section of the heat exchanger entry plane of the condenser and the evaporator 
respectively. It is possible to detect that the center and the sides of the shell were the preferable fluid flow 
passes. This is mainly due to the disposition of the entrance and to the big spacing between tube bundle and 
the shell inner diameter (above the recommendation for the design of shell-and-tube heat exchangers, 
because the geometry of the heat exchangers was already designed). This generates a big heterogeneity of the 
heat transfer coefficient along the walls of the thermosyphons, principally in the region where the fluid 
reaches the first thermosyphons, as it is recognized in Fig. 7 (b) and (e). 

 

(  ) 

 

Analytical result CFX result

CFX result

−
 

 
(7) 

 
The distribution of the total heat transferred in the condenser and evaporator, as a function of the 

baffle cut, is presented in Fig. 5 (b). The higher heat transfer rate occurred with 15 % baffle cut while the 
lower heat transfer rate happened with 25 % baffle cut and the difference between these values is 12 %.  This 
result matches the values obtained using literature the heat transfer coefficient correlations. is important to 
note that the theory adopted for the heat transfer rate couples the two-phase thermal behavior of 
thermosyphons with the condenser and evaporator shell heat exchanger models. Steady state was considered, 
so that all the heat inserted through the shell evaporator heat exchanger is captured by the thermosyphon 
array and transferred to the shell condenser heat exchanger. The heat transfer rate numerical simulations 
were executed separately for the condenser and evaporator. These results were compared separately with the 
analytical model results. Table 1 shows the percentage difference between the simulation and analytical heat 
transferred results, for different baffle cuts. The results gathered for the condenser were about 10% superior 
to the analytical solution. For the evaporator, the numerical results were 16% inferior to the results obtained 
in the literature model solution. The variation between the heat transfer rate in the condenser and evaporator 
are in agreement with the difference between the analytical and numerical model obtained for the heat 
transfer coefficient. 

Fig. 5 (c) shows the results of pressure drop in the condenser and evaporator obtained from the 
analytical and numerical models, for different baffle cuts. In both cases, it is possible to observe that, as the 
baffle cut decreases, the pressure drop raises. A reduction in the baffle cut from 25 to 15 % doubles the 
pressure drop for both the condenser and evaporator. 
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Fig. 5. (a)Convection heat transfer coefficient, (b) Heat transfer, and (c) Pressure drop in the condenser 
and evaporator collected with the analytical and numerical models for different baffle cuts. 

 
Table 1.  

Percentage difference between the results obtained through the numerical and literature model results 

 Condenser Evaporator 
  BC 15% BC 20% BC 25% BC 15% BC 20% BC 25% 
h [W/m2K] 20,6 14,0 13,9 -13,8 -23,3 -19,9 
q [W] 13,0 7,7 9,3 -13,6 -19,9 -15,2 
ΔP[Pa] 46,0 47,3 61,5 45,3 42,6 55,3 
 
 

Fig. 7 (c) and (f) presents the pressure distributions within the condenser and evaporator respectively. 
The higher-pressure values are found in the region where the impingent spray collides with the first 
thermosyphon, in the interior of the shell heat exchanger. The pressure over the equipment is practically 
uniform: the biggest pressure drops are found in the exit of the shellside flow, when the mass of fluid needs 
to contract to exit the heat exchanger. This contraction is not considered in the analytical model neither in the 
numerical simulations presented in Fig. 5 (c). In table 2 it is possible to observe the pressure drop 
considering the inlets and outlets pressure drops in the heat exchanger (ΔPcfx,2). The comparison between the 
analytical and numerical results shows that the pressure drop can be higher in the entry and exit regions of 
the evaporator shell side (around 25–45 times for the condenser and 15–25 times for the evaporator).  

Although an experimental study is necessary to define the actual pressure drop in the condenser and 
evaporator, it seems appropriate to choose the 15% baffle cut configuration as the most appropriate for the 
problem studied, as this configuration presents higher heat transfer rate and heat transfer coefficient from 
those studied. The present numerical results show that the effect of the baffle cut in the pressure drop is not 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

361 
J.M. Moreira Júnior et al. 

significant and that high-pressure drops occur on the entry and exit of the shellside fluid flow. Hence, as the 
pressure drop is not so important parameter, the configuration that exchanges more heat is the best choice. 

In order to improve the flow conditions, it is suggested to decrease the bundle-to-shell spacing, to 
include a deflector plate on the entry of the shell and to incorporate sealing strips on the sides of each void 
space between baffles, to generate more turbulence and so to force the fluid to move to the interior of the 
bundle. These procedures would homogenize the flux and improve the heat transfer coefficient on the walls 
of the thermosyphons. One should note that, in the current layout, the thermosyphon in front of the shell 
entrance, which receives directly the liquid flux would probably need a better fixation in the construction of 
the heat exchanger (mid region of the heat exchanger). In addition, the vapor inside this thermosyphon would 
also reach higher temperatures than the others from the array.  

 
Table 2.  

Pressure drop considering the inlets and outlets pressure drops in the heat exchanger 
 Condenser Evaporator 
 BC ΔP cfx,1 ΔP cfx,2 ΔP analítico ΔP cfx,1 ΔP cfx,2 ΔP analítico 
15% 50 2 296 27 480 11 745 263 
20% 60 2 322 32 540 11 839 310 
25% 100 2 339 39 850 12 218 380 

 
 

 
(a) (b) (c) 

 
(d) (e) (f) 

Fig. 6. Velocity distribution of the cross section in the middle of the shell for the condenser: (a) BC 15 %, 
(b) BC 20 % and (c) BC 25 %, and the evaporator: (d) BC 15 %, (e) BC 20 % end (f) BC 25 %. 
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(a) (b) (c) 

 
(d) (e) (f) 

Fig. 7. Streamlines in the cross section of the entrance of the heat exchanger: (a) condenser; (d) evaporator; 
Heat transfer coefficient along the walls of thermosyphons: (b) condenser; (e) evaporator; end Pressure 
distribution in the interior of the condenser (c) and evaporator (f)  

 
 

CONCLUSION 
In this work, a comparison between the analytical and numerical models was performed aiming the 

characterization of a shell-and-shell heat exchanger assisted by baffles with different cuts. The main 
achievements are the following. The maximum heat transfer coefficient for the heat exchanger was obtained 
when the baffle cut is 15% and the minimum for baffle cut of 25%. The difference in these value is about 
15%. It was observed that the lower the baffle cut, the higher the flow velocity and consequently the higher 
the heat transfer coefficient. The results of the numeric simulations for the heat transfer coefficient in the 
condenser were about 16% higher than the results obtained for the analytical solution. For the evaporator, the 
numeric results were 19% lower than the results generated by the analytical solution. The higher heat transfer 
rate occurs with baffle cut of 15% and the lower with 25% of baffle cut. This matches the results obtained for 
the heat transfer coefficient. The results of the numerical and analytical solution for the pressure drop 
showed that the pressure drop raises when the baffle cut decreases. Thus, a reduction in the baffle cut from 
25% to 15% doubles the pressure drop in both the condenser and evaporator. The pressure drop is practically 
negligible in the interior of the shell compared to the pressure drop accounting the entrance and exit of the 
heat exchanger. For the condenser, the pressure drop can be around 25 - 45 times higher considering the 
pressure drop at the entrance and exit than the pressure drop in the interior of the heat exchanger according to 
the CFX results. For the evaporator, the pressure drop can be around 15 - 25 times higher considering the 
pressure drop at the entrance and exit than the pressure drop in the interior of the heat exchanger according to 
the CFX results. The 15% baffle cut configuration showed to be the most appropriate for the case studied, 
due to its higher heat transfer rate and heat transfer coefficients. These results demonstrate that the effect of 
baffle cut size in the pressure drop is not significant and that the largest pressure drops are observed in the 
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entry and exit regions of the heat exchanger. Therefore, the selection of the appropriate baffle cut must be 
based on the configuration that exchanges more heat. The algorithm developed in Labtucal presented a high 
agreement with the results obtained in the numeric simulation, showing that this algorithm can be used as a 
tool for the design of shell-and-shell heat exchangers assisted by two-phase thermosyphons.  
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Abstract 
In order to develop a cooling system for a LED lighting, a pulsating heat pipe (PHP) has been built and tested. The 

PHP was composed of a copper capillary tube 1.25 mm inside diameter with 16 branches 200 mm long. The tube was 
filled with acetone with a 50% filling ratio. Tests have been performed injecting an electrical power of 10 to 100 W 
with imposed cooling temperature 40, 60 and 80°C. The inclination was varied form vertical to horizontal position. The 
influence of the open or closed loop was tested. Temperatures, inside pressure, electrical power and inclination were 
recorded and results in term of thermal resistance established. A classical configuration with the heating section at one 
end of the PHP and the cooling section at the other end was tested.  For design and better operation purpose, another 
configuration with the heating section located in the central region of the PHP was tested successfully, it is less 
sensitive to orientation and to the open loop configuration.  
 
KEYWORDS 

Pulsating Heat Pipe , LED cooling, experiment 
 
THE LED COOLING APPLICATION 

Light Emitting Diodes (LED) lighting has been developing industrially these years due to the better 
energetic efficiency and life expectancy of LEDs compared to other types of lightings. Even if the electric 
power is low, LED cooling is a big challenge because the power is dissipated on a small surface and the LED 
is relatively cool and doesn’t radiate heat which is the main evacuation for other types of lamps.  

Like other electronic components, life expectancy decrease with temperature following Arrhenius law, 
so it is mandatory to have efficient (and passive) cooling for these devices to benefit from a long life. 
Thermosiphon or heat pipe cooling for LEDs are already being used commercially (see as an example the 
product from Neobulb [1] in Figure 1 or only projected as in patents as the one from Foxconn [2] in Figure 2.  

In our knowledge no pulsating heat pipes (PHP) have been used for this application.  

  
 

Fig. 1. LED High Bay lamp cooled by thermosiphon (Neobulb) 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

365 
J.-A. Gruss et al. 

 
 

Fig. 2. LED lighting cooled by heat pipes (Foxconn) 
 
Pulsating heat pipe (PHP) design using standard aluminum multi-port tubes as shown in Figure 3. 

 

 
 

Fig. 3. Multi port tubes 
 

Multiport tubes have been curved in serpentine shape with a plate supporting the LEDs brazed at one 
extremity or as shown in Figure 4 in central position of the serpentine multiport. 

The cold side of the PHP is directly made by the vertical sides of the multiport in natural convection.  
 

 
 

Fig. 4. Views of the LED lamp with multiport tube (centered position) 
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The PHP is formed using one or several channels of the multiport tube, ports being connected together 
at extremities of the ports. An example of fluidic connection is shown in Figure 5. 
 

 
 

Fig. 5. PHP fluidic circuit 
 

This design has advantages compared to thermosiphons: it may work against gravity, the fabrication is 
simple and costless (it needs only 2 parts to be assembled).  
 
EXPERIMENTAL STUDY 

In order to test the performances of the PHP LED lamp, firstly we need to verify the thermal 
performance of the PHP itself. To do so, we have developed a PHP prototype composed of 2x 8 branches of 
copper capillary tubes 1.25 mm ID, 2.45 mm OD, total length is 200 mm (see Figure 6).  

Two miniature valves permit the filling process and a bypass valve a closed or open loop 
configuration.  
 

 
 

Fig. 6. PHP test circuit  
 
 

Hot side of the PHP is composed of an aluminum plate 35x95x10 mm heated by an electric planar 
element MINCO powered by a DC power supply 45V – 140 A. 

Cold sides are made with aluminum plates 70x95x10 mm cooled by standard Swiftech Apogee 
waterblocks. To control the heat sink ,the waterblocks are cooled by a water circuit coming from a Julabo 
F32 thermostat. 
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Fig. 7. Test section 
 
 

The test section (see Figure 8) can be inclined from horizontal to vertical position both sides. 
 

Instrumentation and accuracies 
All measurements are monitored using a logging system Agilent 3458A connected to a PC.  
Hot and cold side temperatures measured using 3 type K 1 mm thermocouples in each zone, the 

measuring chain is calibrated using a Pt100 giving a ±0.2 C° accuracy, however due to imperfect thermal 
contacts the temperature accuracy is estimated at ±1°C.  

The absolute pressure in the PHP is measured with a miniature Kulite XT190 pressure (0–7bar). 
The thermal power Pth is estimated from the DC electric power Pelec injected in the heating element 

calculated from voltage and current measured with the Agilent system, corrected from thermal losses 
evaluated by calculation. 

 
Filling procedure 

The copper capillaries are vacuum filled with 50% volume of acetone using filling valves and a 
syringe, and purged several times. Pressure sensor controls the absence of non-condensable gases. 
 
Test program 

We have varied several parameters : 
• Position of evaporator : central or at one extremity of the PHP  
• Temperature of condenser : 40, 60 and 80°C  
• Electric power Pelec injected 10 to 100 W 
• Inclination from horizontal to vertical θ   

 
For each test, the mean temperatures at evaporator and condenser have been recorded and the thermal 

resistance thermal resistance computed : 
 
Rth =(tevap –tcond)/Pth  With Pth = Pelec –Plosses 
 
 

EXPERIMENTAL RESULTS 
Tests with hot and cold sources at each end of the PHP have been performed and results 

shown in Figures 8, 9 and 10 for 40, 60 et 80°C condenser temperature s.  Results from tests with a 
centered evaporator are shown in Figures 11, 12 and 13. Thermal resistance Rth of the PHP are 
given at various thermal power Pth (corrected for losses) and inclinations θ. 

Reference tests with empty capillaries are given too in the figures.  

Copper capillaries 
Polycarbonate back plate 

Heating element 

Aluminum plate

Waterblock 
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Fig. 8. Thermal performances for evaporator at one end (tcond = 40 °C) 
 
 

 
 

Fig. 9. Thermal performances for evaporator at one end (tcond = 60 °C) 
 

Inclination θ 

Inclination θ 
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Fig. 10. Thermal performances for evaporator at one end (tcond = 80 °C) 
 
 

 
 

Fig. 11. Thermal performances for centered evaporator (tcond = 40 °C) 
 
 

Inclination θ 

Inclination θ 
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Fig. 12. Thermal performances for centered evaporator (tcond=60°C) 
 
 

 
 

Fig. 13. Thermal performances for centered evaporator (tcond=80°C) 

Inclination θ 

Inclination θ 
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CONCLUSIONS 
We can see from the curves that the thermal performances of the centered evaporator is better than 

with the evaporator at one extremity due to a shorter distance between hot and cold locations. Moreover it is 
less sensitive to orientation because there is always one condenser with gravity help. In the centered 
configuration, closing the loop gives a marginal improvement (not shown in the paper). 

Tests with the multiport tubes with natural convection cooling have to be made later on. 
 
 

Nomenclature 
 
Pelec  Electric power (W) 
Plosses Thermal losses (W)  
Pth  Thermal power  exchanged (W) 
Rth  Thermal resistance (°C/W) 
 
Greeks 
 
θ Ιnclination from horizontal position  
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Abstract  
A method of calculating the non-uniformity of the current density along the air electrodes of chemical current 

sources is proposed and experimentally verified. The mathematical model and the analysis results of several types and 
constructions of power sources with air gas-diffusion electrodes: a flat air-metal cells with convection or diffusion of 
oxygen to the electrode, disc air-metal cells, air-hydrogen electrochemical generators, etc. are following. 
 
KEYWORDS 
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INTRODUCTION 

In chemical power sources that are using the most available oxidizer – oxygen contained in ambient 
air, it is necessary to organize the supply of oxygen to the air electrode and the removal of inert component 
nitrogen. This can be achieved through forced or free convection of air in the channels along the air 
electrodes, and diffusion. As shown in the calculated and experimental researches, in any case along the air 
electrodes there is an uneven distribution of oxygen concentration. This causes unevenness of current 
density, unevenness of the anode material operation, unevenness of heat, unevenness of water evaporation. 
All this can have a significant influence on the general characteristics of the current source.  

There are contradictory requirements to the intensity of mass transfer between the surface of the air 
electrode and the environment: on the one hand, it should be most intense for the supply of oxygen to ensure 
the best electrical characteristics, on the other hand it must be limited to prevent excessive evaporation of 
water and drying of the cell. 

To predict the characteristics and search for optimal designs of current sources and their geometrical 
parameters, we need a mathematical model. This model should take into account the interrelation of heat-
mass transfer processes and electric current generation processes. 

 
DEPENDENCE OF THE AIR ELECTRODE ELECTRICAL CHARACTERISTICS FROM 
THE OXYGEN CONCENTRATION 

Due to the complexity of direct calculation of the air electrode polarization characteristic, we will 
calculate only the relative change of this characteristic due to the change of oxygen concentration. In [1] we 
have a theoretically and experimentally proved relationship between the current density and oxygen 
concentration on the electrode surface in the form of a ratio 
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1 ,                                                                (1) 

 
This equation is valid when we have a constant voltage value. Fig. 1 (2.2) is representing the results of 

experimental investigation of different electrode electrical characteristics dependence on the concentration of 
oxygen. As can be seen, equation (1) describes this dependence acceptably.  
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Fig. 1. The influence of oxygen concentration SK on the electrical characteristics of different 
air electrodes:1 – k = 0.35; k = 0.55; k = 0.69; k = 0.95. The calculations by formula (1). 

 
A MATHEMATICAL MODEL OF THE INTERRELATED PROCESSES OF MASS 
TRANSFER AND ELECTRIC CURRENT GENERATION 

Consider a one-dimensional model of oxygen mass transfer in a flat channel with a length of l , width 
b , height h , one wall of which is an air electrode. We will assume that air consists of two components, 
oxygen and nitrogen, diffusion coefficient, temperature, pressure and air density does not change along the 
channel. The equation for stationary convection-diffusion mass transfer of oxygen in the channel looks like 
this: 
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According to Faraday's law and taking into account equation (1)  
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In case of two-sided air entry into the air channel of the current source, the boundary conditions will 

be: ( ) ( ) KBXKXK ccc == == 10 . In case of one-sided air entry – ( ) KBXK cc ==0 ;  0
1

=







=X
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dX
dc
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The value KBY  is definitely connected with polarization of the air electrode and is its dimensionless 

equivalent. A potential along the electrode is usually almost constant due to low ohmic resistance of the air 
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electrode collector. Bi  is also constant when the electrode is homogeneous. In this case KBY  is a constant 

parameter for specific conditions. 

The value dX
c
cYY

KB

K
KBK  








=

1

0

 can be interpreted as dimensionless average electrode current density. 

Then the dependence )( KBK YfY =  is a dimensionless polarization characteristic of the air electrode. This 

characteristic feature can be determined by solving equation (4) with appropriate boundary conditions. In 
case of unlimited access of air to the electrode KBK YY = . With the existence of mass transfer limitations 

KBK YY < . Knowing of the dimensional polarization characteristic for unlimited access of air and with a use 

of obtained generalized polarization dependence )( KBK YfY =  we can determine the dimension of the 

polarization characteristic in each case.  
 

MODELING AND EXPERIMENTATION RESULTS  
Experimental studies of unevenness of the current density along the air electrode were performed 

according to the methods described in [2]. The results are shown in Fig. 2 and Fig. 3. There is a good 
accordance between the results of calculations and experiments. Studies show that due to the reduction of 
oxygen concentration along the current source may be considerable unevenness of the current density, which 
is the cause of the deterioration of the electrical characteristics of the source. 

 
MODELING CHARACTERISTICS OF SOME OF THE FUEL CELLS 
 

 
Fig.2. Experimental and calculated current 

distribution data along the element with different air 
consumption values in the channel. Lines - 

calculation by the model, points - experimental data. 

Fig. 3. Polarization characteristics of the experimental 
element under different conditions: 1, 2, 3 - in air, without 
oxygen-electrode transfer limitation; 4, 5 - bilateral air 
access; 6, 7- unilateral access; 8, 9 - calculation results  for 
the conditions of the experiment 

 
FLAT AIR-METAL CHEMICAL ELEMENT  

Due to the electrochemical oxidation of the anode material when air-metal element is working, 
concentration of non-oxidized metal is decreasing over time, and therefore, polarization is increasing. Owing 
to unequal availability of oxygen to various areas of the air electrode current is distributed unevenly. 
Therefore, there will be unevenness in oxidization of the metal anode. Uneven concentration of metal at the 
anode, in its turn, should affect an uneven distribution of current. The concentration of metal is changed over 
time, on different parts at different speed, therefore, there must be redistribution of current along the element. 

Consider a flat element with a porous metal anode and an air cathode to which oxygen is supplied 
from the ambient air through the side vent in the housing element and the air channel so that the movement 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

384 
V.N. Buz 

of oxygen can be considered one-dimensional. Let us assume the following assumptions: 1=+ AK cc ,  

BAK MMM ≈≈ ,  KA DD = ,  0=
dx
dp

,  an ideal gas, the mass-transfer limitations in the electrolyte is 

negligible, and there is an even electrochemical oxidation of the metal in the anode. 
        The dimensionless equations of unsteady mass transfer of oxygen in the air duct element in the absence 
of forced convection, as well as the equation of oxidation of the metal at the anode are as follows: 
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where  2Dl
SYT KB τ=  – dimensionless time equal to the current time to the time of full discharge at a current 

equal to the original (unrestricted air access to the cathode and the initial concentration at the anode), 

δρ
ρ=
MOB

BM

M
hMS  – the parameter characterizing the ratio of the response time of the oxygen which is directly 

in the air duct element at a current equal to the starting time of actuation of the anode material at the same 
current. 

Taking into account the accepted assumptions from the continuity equation will follow: 
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Together with the initial conditions – KBK cc = ,  MOM cc = , when 0=T , boundary conditions –  
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  equations (5) – (7) constitute the mathematical model of the discharge 

element. 
An example of the obtained calculation results of the distributions of oxygen concentrations, metal and 

current distribution at various time points is shown in Fig. 4. In the beginning of the discharge the decrease 
of oxygen concentration is observed to be sharp, and on most of the element is uniform. The concentration of 

metal at the same time due to the very small T  remains almost constant, Bii /  varies similarly Kc . 310−≈T  

sets the distribution of Kc  close to stationary. Further changes of this distribution is caused by a 

redistribution of current due to changes in the concentration of metal that becomes significant when 1,0>T . 

Mc  decreases faster near breathing holes because of the higher current density, which leads to the decrease i  

and an increase Kc . The increasing Kc  on the areas of the element where Mc  is still quite high, that leads to 

an increase of i .  
The change of  i  will be complex, if the element Kc  during the entire discharge period always 

decreases and Mc  increases. For a long time period the distribution of i  has a maximum, which is gradually 

shifted along the element. To the left of this maximum it is affected by the lack of anode material, to the right 
– of oxygen.  
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Fig. 4. The distribution along the element oxygen concentration сК , the relative 
concentration of the metal сМ/сМ0, the relative density of the current i/iB when YB = 2, at 

different points of time Т 
 
AIR-HYDROGEN FUEL CELL WITH A FREE CONVECTION AIR FLOW IN THE 
CHANNEL 

Consider a vertically disposed flat rectangular air-hydrogen fuel cell. When air moves in a vertical 
channel oxygen reacts. One of the walls of this channel is the air electrode of the fuel cell. Air movement is 
provided by free convection in a channel due to heating of the working fuel cell. In addition to the absorption 
of oxygen in the air duct evaporates the resulting reaction water. The heat generated in the fuel cell goes to 
the evaporation of water, the heat sink along the side edges in the environment and is carried away by 
convective air flow in the channel. The air density in the channel decreases for three reasons: the temperature 
rise due to the heat in the element, care of oxygen – heavy components of the air and adding water vapor – 
lightweight components. Occurs the lifting force caused by the density difference of the air in the channel 
and the environment. This leads to the free convection flow movement of air in the channel. The air flow rate 
is usually not great, and does not provide access necessary amount of oxygen to the air electrode. This leads 
to deterioration of the electrical characteristics and irregularity of the work item. Excessive increase of flow 
rate leads to the entrainment of a significant amount of evaporating water, drying and failure of the fuel cell. 
The heat and mass transfer processes must be organized to provide the following basic conditions: 

1. The flow rate of water resulting from the reaction must be equal to or slightly greater than the flow 
rate of evaporating water.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

386 
V.N. Buz 

2. The element temperature should not be excessively high to avoid loss of hydrophobicity of the air 
electrode.  

3. Limited access of air to the air electrode should not significantly degrade the current-voltage 
characteristics.  

In the basis of modeling of the fuel element there is the heat balance equation:  

PKOHС QQQQ ++= ,                                                       (8) 

where  Q ,   СQ ,   KOHQ ,   PQ   –  correspondently, the heat flux generated in the element that is going to the 

evaporation of the water, diverted by convective air flow in the channel and disposed along edges in the 
environment. Due to the smallness of the expense of air we assume that temperature in the duct is equal to 
the element temperature, and the vapor pressure equals the saturation pressure. Then each of the summands 
of equation (8) can be calculated by known equations of heat and mass transfer. 

Fig. 5 shows an example of calculated dependencies of the main characteristics of the considered fuel 
cell from the electrical load resistance. As can be seen, with HR < 0.75 Ohm flow rate of evaporating water 

exceeds the flow generated and increases sharply with decreasing HR . This can lead to failure of the fuel 

element. In such conditions you should either work with HR > 0.75 Ohm, or change the geometrical 

parameters of the element. 

 

 
Fig. 5. The simulation results of air-hydrogen fuel cell. The dependence of the voltage U, current I, temperature 

t, flow rate of the generating water GО and evaporating water GИ from the electrical load resistance RН. 
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Fig. 5. The simulation results of air-hydrogen fuel cell. The dependence of the voltage U, 
current I, temperature t, flow rate of the generating water GО and evaporating water GИ 

from the electrical load resistance RН 
 
CONCLUSION 

The proposed method of modeling characteristics of chemical sources that use ambient air as an 
oxidizer got a good experimental confirmation. On the basis of developed models a computer program was 
created. This program enables the modeling of characteristics of chemical current sources of different types 
and designs. 
 

Nomenclature 
b – width; c – concentration; D – diffusion coefficient;  F – Faraday number; G – mass flow rate; h – height; 
I – electrical current; i – current density;  M – molecular mass; p – pressure; Q – heat flux; RН – electrical 
resistance of the load;  R – universal gas constant; T – temperature; dimensionless time; U – voltage;  u – 
velocity;  x – coordinate; ρ  – density  

Indexes: a – nitrogen; в – air; к – oxygen; m – metal. 

Dimensionless complexes:  
D
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Abstract 
Analysis of existing challenges in the heating facilities in Ukraine and achievements of the modern global heat 

pump engineering suggest the expediency of implementation of heat pump installations at the Ukrainian housing and 
communal facilities to solve the pressing energetic, economic, environmental and social issues. Since Ukraine has no 
own production of heat pumps meeting modern performance, reliability and design requirements, the problem of 
rational choice of equipment, circuit design and calculation of optimal operation modes of heat pump installations 
emerges in order to adjust their performance to the specific climatic conditions and requirements of domestic 
consumers, as well as improving the competitiveness as compared to traditional heat generators. This problem can be 
solved using exergoeconomic (thermoeconomic) method which is based on exergy analysis and naturally combines 
both thermodynamic and economic performance. The technique and software was developed to calculate the extreme 
values of the optimized variables and to implement rational choice of the installed heating capacity of the heat pump 
installation which is part of a bivalent heating circuit while providing the highest possible values of the thermodynamic 
perfection degree of the installation and the minimum level of reduced costs. 
 
KEYWORDS 

Heat pump installation, bivalent heating circuit, thermoeconomic model, optimization. 
 
 
INTRODUCTION  

At a today's price and tariffs advance in Ukraine on a scarce hydrocarbon fuel the use of energy-saving 
technologies for the generation of communal heat becomes not only actual but also vitally necessary. 
Energy-saving heat pump technology in that for the receipt of the heat unconventional renewable energy 
sources are used found a wideuse in the heating facilities of the most developed countries of the world. 

Ukraine only proceeds to the accumulation of experience of planning and introduction of the heat 
generation heat pump systems. The own production of heat pumps, answering modern world requirements on 
efficiency, reliability and design, is absent in a country. The direct circulating of foreign projects without 
taking into account economic and climatic terms of Ukraine can not only result in inefficient application of 
heat pumps but also in a number of cases in general to discredit the idea of heat pump technique 
introduction. The problem of rational choice of equipment, circuit design and calculation of optimal 
operation modes of heat pump installations emerges in order to adjust their performance to the specific 
climatic conditions and requirements of consumer, to minimization of time of recovery of outlay and 
improving the competitiveness as compared to traditional heat generators. 

At planning of the heat pump heating circuit for the increase of heat pump installation exploitation 
power efficiency it is expedient to aspire to reduction of losses from irreversibility of thermodynamics 
processes. However in practice it often results in a rise in prices of installation [1]. Therefore at the choice of 
optimal conditions of the heat pump exploitation it is necessary to take into account the row of economic 
factors, such, as mass of heat exchangers, qualificatory them cost, cost of compressor, pumps, ventilators etc. 
Thus obviously, that to choose a heat pump on coverage of the maximal heat load inefficiently from the 
economic point of view, as time of standing of minimum ambient temperature during a heating season is 
relatively small. There is an additional problem of rational choice of the installed heating capacity of the heat 
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pump installation which is part of a bivalent heating circuit, consisting of two heat generators, when the base 
heat load is covered by a heat pump, and heat peak load is covered by a heat booster (less expensive heat 
generator working on a traditional fuel). 

Here for help comes the eksergoeconomic (other name - thermoeconomic) method of one-time account 
of thermodynamics and economic factors during realization of optimization calculations. This method based 
on the calculation of losses of eksergy from external and internal irreversibility in separate processes and 
cycle of the thermodynamics system allows to optimize internal power processes in the heat pump 
installation with the purpose of increase of degree of her thermodynamics perfection and to produce the 
expedient choice of those compromise decisions that provide the receipt of technical and economic optimum. 
This method was worked out in 1960th of XX of century by M. Tribus [2] and applied by V.V. Onosovsky 
for optimization of refrigerating units exploitation regime parameters [3]. 

On the base of this method was work out technique and software, giving an opportunity to carry out 
the rational choice of the installed heating capacity of the heat pump installation which is part of a bivalent 
heating circuit. The maximally high value of degree of installation thermodynamics perfection and the 
minimum level of resulted cost on her creation and exploitation are thus provided. Possibilities of this 
technique were considered on the example of eksergoeconomic optimization of the bivalent heat pump 
heating circuit of communal object in Kharkov, was for what built and analysed her thermoeconomic model. 

 
THERMOECONOMIC MODEL OF BIVALENT HEAT PUMP HEATING CIRCUIT 

A model includes adequate real process flow diagram schematic diagram of bivalent heat pump 
heating circuit, where mark all her basic elements incorporated by a conditional control border. Through the 
last the included comes true in the system and exit from it eksergy and heat streams (fig. 1). As a heat 
booster an electric boiler was chosen. 

 

 
  

Fig. 1. Thermoeconomic model of bivalent heat pump heating circuit: 1) heated apartment; 2) heater; 3) condenser; 4) 
compressor; 5) pump of low-potential hеаt-transfer agent; 6) vaporizer; 7) throttling valve; 8) pump of high 
temperature intermediate hеаt-transfer agent; 9) electric boiler (heat booster); 10) ventilator of the heated air 

 
On a fig. 1 mark: ea,ht – exergy that must be brought to air in heater; eit,ht 

– exergy that must be brought 
by the stream of intermediate hеаt-transfer agent to heater; eit,cn – exergy that must be brought to the 
intermediate hеаt-transfer agent in condenser; erf,cn – exergy that must be brought to condenser by a 
refrigerant; erf,vp 

– exergy that must be brought to the refrigerant in vaporizer; elt,vp – exergy that the stream of 
low-potential hеаt-transfer agent must possess in vaporizer; Qht, Qcn, Qvp and Qeb – accordingly heating 
capacity of heater, condenser, vaporizer and electric boiler. 

Through a conditional control border to the different elements of thermoeconomic model the streams 
of exergy ecm, ep,lt, ep,it, ev,a и eeb are tricked into for the drive of compressor, pumps, ventilator and work of 
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electric boiler. The cost of these exergies tricked into from the electric outsourcing is numeral equal to the 
cost of expended electric energy on a tariff see because of equality of electric energy and exergy of this 
energy [4, 5]. Through the conditional control border a heat stream is also tricked into from the low-potential 
hеаt-transfer agent with a consumption Vlt and temperature Тlt, having a corresponding exergy. The cost of 
low-potential hеаt-transfer agent slt equals a zero in most cases. 

At the analysis of thermoeconomic model are examined and taken into account losses of exergy 
arising up at a transmission and transformation of energy in the separate elements of installation, and also the 
economic expenses related to creation and exploitation of these elements are their cost, the annual total 
withholdings from this cost and tariffs on energy carriers. The losses of exergy and economic expenses result 
in the increase of exergy unit cost as far as moving of basic stream of exergy through the key elements of 
installation from the point of input of exergy in the system to the receipt of eventual useful effect for a 
consumer that is estimated by the set reduced exergy output of the heat pump installation Ehp. 

Realization of optimization calculations is ordinary implies the primordial choice of some fixed 
calculation ambient temperature and, accordingly, the fixed heat load on the heated apartment, qualificatory 
the installed heating capacity of the heat pump installation. Coming from the values of these chosen 
calculation parameters the optimal (from position of reduced costs minimizations) characteristics of the heat 
pump installation operations mode are determined. In this case expression for Ehp looks like [5] 
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where Qhp is heating capacity of the heat pump installation, i.e. the quantity of heat tricked into to the heated 
object in time unit, kW; Tam is ambient temperature, K; Тha is temperature in the heated apartment, K. 

However an ambient temperature Tam is subject to the seasonal fluctuations resulting in the periodic 
changes of the heat load on the heated apartment, and, consequently, of the heat pump installation operations 
mode. Not taking into account of this factor does not allow to carry out the rational choice of the installed 
heating capacity of the heat pump installation. 

The heat load on the heated apartment is related to the ambient temperature Tam by linear dependence [6] 
 

am.calcha

amha
ha.calcha TT

TTQQ
−

−= ,                                                           (2) 

 
where Qha.calc is calculation heat load on the heated apartment, kW; Tam.calc is calculation ambient temperature, 
K. 

Reduced exergy output of the heat pump installation Ehp was presented taking into account expressions 
(1) and (2) as a function from Tam 
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where Qhp.calc is calculation heating capacity of the heat pump installation, equal to the calculation heat load 
on the heated apartment Qha.calc and calculated at a calculation ambient temperature Tam.calc for this region. 

On expression (2) a line diagram Qha = f(Tam) is built (fig. 2). Also from climatic data for this 
region [7] the dependence diagram of the heat load on the heated apartment from time of ambient 
temperatures level standing during a heating season Qha = f(τ) is built (fig. 2). 

On a fig. 2 the diagram of dependence of the heat pump installation heating capacity from an ambient 
temperature Qhp = f(Tam) and time of her level standing in a heating season Qhp = f(τ) are also presented. 

An ambient temperature Tam corresponding to equality of the heat load on the heated apartment and the 
heating capacity of the heat pump installation is named the temperature of bivalency Tbv. Presented on a fig. 
2 a diagram Qhp = f(Tam) intersects with a curve Qha = f(Tam) in a point projection of that on an axis Tam 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

391 
Yu.M. Matsevity et al. 

correspond to the temperature of bivalency Tbv for this heat pump installation. A certain temporal 
coordinate τbv corresponds the value of Tbv (see a fig. 2). If to examine the chart of the successive including 
of electric boiler and heat pump installation, this coordinate allows on a time-scale τ to distinguish the period 
of electric boiler work Δτeb and period of heat pump installation work Δτhp in a heating season. 

 

 
 

Fig. 2. Dependence of the heat load on the heated apartment and the heat pump installation heating 
capacity from an ambient temperature and time of standing of her level during a heating season: 

1) Qhp = f(Tam); 2) Qha = f(Tam); 3) Qeb = f(τ); 4) Qhp = f(τ); 5) Qha = f(τ) 
  

For determination of values of segments Δτeb and Δτhp must be built the diagram of dependence of 
temporal coordinate τbv, lying on a time-scale τ, from an ambient temperature τbv = f(Tam), that is described 
by a corresponding interpolation function τbv(Tam). 

Values of segments Δτeb and Δτhp determined from expressions: 
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where τcalc and τmax – temporal coordinates corresponds to the calculation Tam.calc and maximal Tam.max ambient 
temperatures in a heating season, hr.  

The optimal value of function τbv(Tam) corresponds to the optimal (from position of the reduced costs 
minimization) value of temperature of bivalency of heat pump installation Tbv and determines the rational 
choice of the installed heating capacity of the heat pump installation which is part of a bivalent heating 
circuit. Therefore, and also as at functioning of heat pump installation a basic place is occupied by thermal 
processes, at the decision of optimization task as the optimized variables were chosen: thermal heads 
between interchanging energy hеаt-transfers in a vaporizer δΤvp, in a condenser δΤcn and heating device δΤht, 
changes of temperature of low-potential hеаt-transfer agent in a vaporizer ∆Tlt, intermediate hеаt-transfer 
agent in a condenser ∆Tit and air in a heater ∆Ta, and also value of ambient temperature Tam, equal to the 
temperature of bivalency of heat pump installation Tbv. 

The quantity of electrical energy, expended by an electric boiler for period of his work Δτeb, was taken 
into account in a model. As a coefficient of transformation of electric boiler can be taken for 1, that quantity 
of heat expended by an electric boiler on coverage of the set heat load on an object during the period of his 
work Δτeb, equals the quantity of electrical energy expended by an electric boiler for the same time period. 
On this basis, the quantity of electrical energy expended by an electric boiler for period of his work Δτeb was 
estimated by expression 
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where Qeb(τ) – function, describing a diagram Qeb = f(τ) on a segment Δτeb (see a fig. 2). 
The costs of equipment elements, the annual total withholdings from these costs, exergy tricked into to 

every element from outsourcing, and also the volume consumption of low-potential hеаt-transfer agent, were 
expressed as functional dependences from the set reduced exergy output of the heat pump installation Ehp and 
from the affecting on examined element optimized variables: 
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Symbols Cv,a, Cht, Cp,it, Ccn, Ccm, Cvp and Cp,lt presented in expression (3) designate a cost of ventilator 

of the heated air, heater, pump of intermediate hеаt-transfer agent, condenser, compressor, vaporizer and 
pump of low-potential hеаt-transfer agent accordingly, and zv,a, zht, zp,it, zcn, zcm, zvp and zp,lt are the annual 
total withholdings from these costs. 

Because the installed heating capacity of electric boiler sneaks up from consideration of coverage of 
heat peak load on the heated apartment (or a calculation heat load Qha.calc), then his cost, as well as 
withholdings from his cost, in future are considered unchanging and not examined as not influencing on the 
decision of optimization task. 

Because the value of the heating capacity for the examined bivalent heating circuit is set in number, 
then for optimization of her exploitation regime parameters and rational choice of the heating capacity of the 
heat pump installation in her composition it is necessary to define terms, providing the receipt of minimum 
cost of the system productivity unit. 

Therefore for the analysis of thermoeconomic model as an objective function were accepted the 
reduced costs RC, being a sum, both operating and capital costs on introduction and exploitation of heat 
pump installation that settled accounts on a formula 
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where nhs – amount of heating seasons. 

Expense of electric energy on the drive of engines of compressor and pumps, consumption of low-
potential hеаt-transfer agent, qualificatory the operating costs of the heat pump installation, also as values of 
sizes of hеаt-trапsfеr surface of heat-exchangers and productivity of compressor and pumps, qualificatory 
their cost, depend on the installation operations mode, and from temperature pressures in heat-exchangers 
and from the change of temperatures of low-potential hеаt-transfer agent and heated environments [3]. 
Therefore an objective function of reduced costs is the function of the chosen optimized variables. 

For the decision of optimization task present in an objective function of reduced costs (4) functional 
expressions (3) were presented as the unfolded analytical dependences, describing power processes what be 
going on in the separate elements of the examined heating circuit. Thus heat transfer coefficients of heat-
exchangers, included in expressions Cht, Ccn, Cvp and zht, zcn, zvp (3), were presented as functional 
dependences kht = f(Ehp, ∆Ta, δΤht, ∆Tit, Tam) and kcn, kvp = f(Ehp, ∆Ta, δΤht, ∆Tit, δΤcn, ∆Tlt, δΤvp, Tam) through 
the well-known calculation formulas described in [8, 9]. 

 
CALCULATION OF THE OPTIMIZED VARIABLES AND RESULTS 

Application of exergoeconomic method allowed to simplify the construction of analytical expressions, 
describing intercommunication between all optimized variables, and to take the task of the system 
optimization to determination of absolute extremum of objective function of reduced costs. For this partial 
derivatives from a function of reduced costs (4) on all optimized variables are equated to the zero:  
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The got system (5) consists of transcendent nonlinear equalizations the decision of that formulates the 

necessary terms of a minimum of function RC and maybe through the modern computing engineering. 
The working ability of the worked out thermoeconomic model is tested during modernisation of the 

bivalent heat pump heating circuit of communal object are apartments of model kindergarten in Kharkov 
with the heated area 748.3 m2 and the calculation heat load Qha = 100 kW.  

This system was projected on the basis of the refrigeration equipment produced by domestic industry 
and equipped by a piston compressor, shell-and-tube-type vaporizer and condenser, tubular-ribbed heater, 
axial ventilator and piston pumps. As a low-potential and intermediate hеаt-transfer agents water is used. As a 
refrigerant of the heat pump installation freon R22 is used. 

At the decision of the system of equalizations (5) the preliminary values of the optimized parameters 
were set for authentication of thermophysical properties of refrigerant and hеаt-transfers in expressions (3). On 
the temperatures got as a result of decision divergences in the values of thermophysical properties were 
estimated, whereupon they were specified and a calculation recurred. If in the examined area an objective 
function has only one extreme point and, in addition, objective function does not have breaks, and existence 
of extremum is stipulated by physical pre-conditions, then with the conducted analysis and got necessary 
terms of existence of extremum it is possible to be satisfied [3]. 

At the decision of the system of equalizations (5) the next extreme values of the optimized variables 
were got at the minimum value of the objective function of reduced costs: δΤvp = 6.20 K; ∆Tlt = 2.53 K; 
δΤcn = 3.28 K; ∆Tit = 3.34 K; δΤht = 4.30 K; ∆Ta = 7.83 K; Tam.opt = Tbv.opt = 264.04 K (-9.11 °С). 

By found value of heat pump installation optimal temperature of bivalency Tam.opt = Tbv.opt = -9.11 °С 
the rational choice of the installed heating capacity of the heat pump installation Qhp = 65.8 kW was carried 
out. Thus the expected optimal values of cycle parameters allowed to define the rational values of heat-
exchangers areas sizes and compressor installed power of the heat pump installation. 

For verification of the got results and worked out technique adequacy this task was decided at a few 
calculation ambient temperatures Tam = Tam.calc = const, each of that is equal to the temperature Tbv of heat 
pump installation and determines the value of the installed heating capacity of the heat pump installation 
which is part of a bivalent heating circuit (see a fig. 2). The got results are presented in a Table 1. 
 
 

Table 1. Extreme values of the optimized variables and objective function at different Tam (Tbv) 
 

Ambient temperature 
Τam (temperature of 
bivalency Tbv), °С 

∆Ta, 
K 

δΤht, 
K 

∆Tit, 
K 

δΤcn, 
K 

∆Tlt, 
K 

δΤvp, 
K 

Installed heating capacity 
of the heat pump 

installation Qhp, kW 

Reduced 
costs RC, 

UAH 

-23 7.84 3.46 3.88 2.81 2.60 5.80 100.0 1384875 
-14 7.80 3.87 3.55 3.02 2.56 5.97 78.0 1199906 
-11 7.81 4.10 3.45 3.15 2.54 6.09 70.7 1174630 

-9.11 7.83 4.30 3.34 3.28 2.53 6.20 65.8 1164805 
-7 7.89 4.56 3.25 3.44 2.52 6.35 61.0 1168426 
-5 8.00 4.94 3.15 3.67 2.51 6.61 56.1 1191201 
-3 8.22 5.55 3.07 4.06 2.50 7.00 51.2 1237392 
-1 8.70 6.64 3.02 4.76 2.49 7.70 46.3 1308882 

 
Diagrams of dependence of objective function of reduced costs from each of the optimized variables 

(at a substitution in expression (4) of the found optimal values of other optimized variables) at different 
temperatures Tос, including expected optimal, presented on a fig. 3. 

It ensues from the data presented in a Table 1 and on a fig. 3 that the values of the reduced costs, 
expected for all variants Tam, arrive at a minimum at the got higher value Tam.opt. It testifies to adequacy of the 
got results and worked out technique. 
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Fig. 3. Dependence of the reduced costs from optimized variables values: 

1) at Τam = −3 °С; 2) at Τam = −14 °С; 3) at Τam  = −9,11 °С 
 
CONCLUSIONS 

The worked out technique and software allow to decide the task of optimization of exploitation regime 
parameters and rational choice of the installed heating capacity of the heat pump installation which is part of 
a bivalent heating circuit taking into account intercommunications between the parameters of all basic 
subsystems and variable heat load on the system during a heating season. 

Numeral decision of this task for the model bivalent heat pump heating circuit of communal facilities 
object in Kharkov with the calculation heat load Qha = 100 kW allowed to find the optimal partition of heat 
load between the heat pump installation and heat booster and carry out the rational choice of the installed 
heating capacity of the heat pump installation (Qhp = 65.8 kW) while providing the highest possible values of 
the thermodynamic perfection degree of the installation and, simultaneously, the minimum level of reduced 
costs. The unambiguous analytical decision of the system of equalizations (5) is suitable for any bivalent heat 
pump heating circuit, working on the examined chart and with the similar type of equipment. 
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Nomenclature 
 
C  
E  
e  
k  
n 
P  
Q  
RC  
s  
T  
V  
z  
 
Greek letters 
∆T  
Δτ  
δΤ  
τ  
 

 
 
cost, UAH 
reduced exergy output, kW  
eksergy stream, kW  
heat transfer coefficient, W/(m2·K)  
amount  
quantity of electrical energy, kW·hr 
heating capacity, heat load, kW 
reduced costs, UAH  
tariff, UAH/(kW·hr) or UAH/m3 
temperature, K or °С  
consumption, m3/s  
annual total withholdings, UAH/hr  
 
 
changes of temperature, K  
period of work, hr  
thermal head, K  
amount of clock, temporal 
coordinate, hr 

 
Subscripts 
a  
am  
bv  
calc  
cm  
cn 
eb  
ee  
ha  
hp  
hs 
ht  
it  
lt  
opt  
p  
rf  
v  
vp  

 
 
air  
ambient  
bivalency  
calculation 
compressor 
condenser  
electric boiler 
electric energy 
heated apartment  
heat pump  
heating seasons 
heater  
intermediate hеаt-transfer agent  
low-potential hеаt-transfer agent 
optimal  
pump 
refrigerant  
ventilator  
vaporizer 
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Abstract 
Thermally driven adsorption cooling systems can reduce the primary energy demand for air conditioning and 

refrigeration systems. Major challenges facing coated adsorption cooling systems include: low thermal conductivity, 
limited durability, control of coating thickness, and maintaining high adsorbate uptake. The overall performance of 
adsorption cooling systems can be improved by new composite materials and coatings developed to improve heat and 
mass transfer. In this study, silica gels with surface areas (SBET) of 494 m2·g-1 were soaked with a salt and 
bindersolutions to produce adsorbent coatings. The properties of the coated materialswere evaluated by porosimetry and 
transient plane source thermal properties analysis. The thermal conductivity of the composite adsorbent coating was 
improved by adding graphite flakes with varying weight percentages. Thermal conductivity of the composite coating 
increased from 0.1 W·m-1·K-1(0 wt%graphite flakes) to 0.3W·m-1·K-1 (20 wt% graphite flakes); up to 230% 
enhancement in thermal conductivity of graphite-doped samples were obsrerved. Such significant enhancement in 
thermal conductivity can lead to considerable improvement in heat transfer in sorption bed, which in turn can lead to 
more compact sorption bed design and improved overal effeiciency and specific cooling capacity of any adsorption 
cooling system. Water uptake and multi-cycle performancestudies of the composite coating material were performed 
under adsorption cooling cycle conditions using a thermogravimetric vapour sorption analyser.  

 
KEYWORDS 

Adsorption cooling,adsorbent coating,surface characterisation, water vapour sorption, thermal 
conductivity 

 
 

INTRODUCTION 
In the early 1900s,ammonia/CaCl2 and methanol/activated carbon adsorption cooling systems were 

developed and commercialized for industrial and residential use[1][2], including mobile systems such as a 
SO2/silica gel system for the transportation of frozen fish by rail [3]. Shortly thereafter, cheap vapour-
compression cycle refrigeration systems using toxic refrigerants and electrical motors conqueredthe 
commercial marketand sorption cooling systems disappeared for over 60 years[4]. 
Thisdevelopmentstagnation lasteduntil concerns over ozone layer depletion, the energy consumption of 
compressors, and the role ofgreenhouse gas emissions, including hydrofluorocarbon refrigerants and CO2, in 
climate changebecame a concern[4].Sorption-cooling systems utilize environmentally friendly refrigerants 
such as water,lack moving parts, which leave the system silent and low maintenance, and cangenerate 
cooling power from low grade industrial waste heat or solar thermal energy. 

Most adsorption cooling systems use a granular adsorbent in a packed bed design.These systems have 
high mass transfer rates, however high thermal resistance between granules and the heat exchanger surface 
remains a major challenge. Different methods to improve heat transfer have been investigated such as 
binding or synthesizing [5]adsorbentonto the heat exchanger surface[6], using consolidated bed techniques 
whereby sorbents and thermally conductive materials are compacted into a solid matrix [7], and coating a 
heat exchanger surface with a composite adsorbent. The first twomethods improve heat transfer performance, 
but decrease water uptake rate [8]. For coatings with composite adsorbents, the main issue is choosing a 
proper binder composition and concentration. Listed below in Table 1 are groups that are developing 
adsorption coatings using organic or inorganic binders. 
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It has been shown thathygroscopic salts confined in mesoporous silica gels have high adsorption rates 
with a regeneration temperature below 100°C[9][10]. Ponomarenko et al. prepared CaCl2 confined in SBA-
15 silica gel with water sorption capacity of 0.47 g/g at 50°C andwater vapor P/P0< 0.3[12]. In most cases, 
hygroscopic salts improve sorption performance but the physical properties of a prospective host matrix 
cannot be neglected [9]. Confinement of salt to a porous matrix with narrow pore size distribution has been 
reported with an improvement inwater uptake from 0.06 g/g for Fuji silica gel of type RD to 0.15 g/g for 
CaCl2/SBA (11.8 nm) at a temperature drop from 60 to 35°C and a pressure of 1.23 kPa[13]. 

The thermal conductivity of sorbentshas a great impact on the dynamic performance of the sorption 
systems. Yu et al. showed that with increasing sorbed water content the thermal conductivity of CaCl2-KSK 
increased from 0.13 W·m-1·K-1 to 0.5 W·m-1·K-1[14]. Heat transfer enhancement can be also achieved by 
binding or synthesising adsorbent on the surface of the adsorber bed [15][16] or by physically mixing 
adsorbent material with high thermal conductivity materials such as metal powders, metallic foams, 
graphite,or carbon fiber[17]. Istituto et al. observed that zeolite with aluminum hydroxide had greater 
thermal conductivity than zeolite with graphite or PTFE(polythetrafluoroethylene) [17]. Thermal 
conductivity of composite adsorbents made using a sol-gel process with copper nano-powder were measured 
by the transient plane source (TPS) method and showed 20% enhancement in thermal conductivity compared 
to composites without additives [18]. Effective thermal conductivity of unconsolidated adsorbent improved 
from 0.106 W·m-1·K-1 to 0.363 W·m-1·K-1 by adding 15 wt% shaved aluminum [19].  

Major challenges faced in coated adsorption cooling systems include material durability, coated 
material thickness, adsorption uptake and effective thermal conductivity. The overall performance of 
adsorption cooling systems can be improved by the development of new composite materials with high 
adsorbent uptake and increased heat and mass transfer properties. Tothis end, in this study several 
CaCl2/silica gel composites were prepared with organic binders and thermally conductive additives. The 
surface area and pore size distribution were examined.Water uptake and multi-cycle performance of our 
samples at different temperatures were measured andthe thermal conductivity of the composite adsorbents 
and a loose grainsample with different thermally conductive additive concentrationswerestudied. 

 
EXPERIMENT 
Sample Preparation 

Composite adsorbents were prepared utilizing chromatography-grade commercial silica gel Silicycle, 

 
Table 1. Composite coating adsorbent reported in literature 

 

Composite Coating technique 
Water 

sorption tests 
Results Ref 

SAPO34 (Zeolite 
adsorbent) and 10% 
binder (N-propyl-
trimethoxy-silane) 

Dip coating 
30-150°C 

11 mbar 

• S-shape isotherm 
• SAPO34: ~27 wt% water uptake 

at 30 °C, ~25 wt% uptake for 10 
wt%  binder sample 

5 

Mitsubishi AQOA-Z02 
and 15 wt% clay based 

binder 

1. MPI coating (by 
Mitsubishi Plastics) 
2. ITAE coating by 

CNR-ITAE) 

20-160°C 

10, 25 mbar 

• S-shape isotherm 
• Uptake at 20 °C, 10 mbar: 

AQOA-Z02 ~26 wt%, MPI 
coating ~24 wt%, ITAE coating 
~24 wt% 

23 

Silica gel and 0.5-1 vol.% 
tetraethyl-orthosilicate 

binder 

Electrophoretic 
deposition (EPD) 

25°C 

P/P0=0-1 
(31 mbar) 

Uptake at P/P0~1:  
• Silica gel:~ 0.5 g/g 
• TEOS free silica gel:~0.48 g/g 
• 0.5 v% TEOS silica: ~0.48 g/g 
• 0.1 v% TEOS silica:~ 0.4 g/g 

24 

Aluminiumphosphate(AI
PO-18) and 6 wt% binder 

(polyvinyl alcohol) 

Coating suspensions 
deposited by pipette 

on substrate 

9-15°C 

11.5, 17 mbar 
• Mass flow decreases with 

increasing adsorbent thickness 
25 
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Inc (Quebec, Canada) with irregular shaped grains with average particle diameters of 0.2-0.5 mm and 
average pore diameters of 6 nm. In batches of 100 g, the dry mesoporous silica was wetted with ethanol.  An 
aqueous solution of CaCl2 andpolyvinylpyrrolidone (PVP)(PVP-10, 10,000 MW, Sigma Aldrich and PVP-
40, 40,000 MW, Amresco) binder(Table 2) was added andthe slurrywas placed on open trays in a fume hood 
to dry for 24 hours. The damp materials were then baked at 180°C for over 2 hours. The composition and 
volume of solution added to the silica was such that complete deposition of the salt and binder into the 
mesoporous silica produced a product with 28 wt% CaCl2and 15 wt% PVP.  Dry silica particles in 4 g 
batches were used to prepare a range of composites by combining silica with binder (15 wt% product) and 
thermally conductive graphite flakes (150 μm, Sigma Aldrich).   These composites were prepared both with 
and without CaCl2.  The slurrieswere baked for one hour at 50°C until damp or dry, and then heated to180°C 
for one hour to cross-link the binder. 
 
Characterization 

To determine the specific surface area (SBET), average pore diameter (D) and pore volume (V),of 
thesilica gel and silica gel composite samples, nitrogen sorption isotherms at -196˚C were collected with 
avolumetric physisorption analyser (ASAP2020, Micromeritics Instruments).Prior to testing, the samples 
weredried under vacuum at 150˚C for 1 hour, followed by 2 hours at 200˚C.  The SBET was calculated from 
the Brunauer, Emmett and Teller (BET) model while the Barrett, Joyner and Halenda (BJH) model was used 
to calculate the incremental pore volume from the adsorption curves[20][21].The composite microstructure 
wasimaged with a scanning electron microscope (FEI/Aspex-Explorer) at room temperature with beam 
energy of 10KeV. 

Thermal conductivity, thermal diffusivity and specific heat of the samples were measured at room 
temperature with a transient plane source (TPS)thermal constants analyser, Fig.2a (TPS 2500S, 
ThermtestThermophysical Instruments). The2 mm radiusdouble spiral “hot disk” nickel sensor, Fig.2b was 
placed between two identical samples,and1 kgfwas applied to ensure good contact. Each composite sample 
was tested fivetimes at each of three positions and the results wereaveraged. 

(a) (b)  
(c) 

Fig.2. a) TPS thermal constants analyzer.  b) Double spiral “hot disk” nickel sensor.  c) 
Thermogravimetric sorption analyzer schematic. 

 

Table 2. Composites prepared with SiliaFlash B60silica gel matrix 
 

CaCl₂ wt.% Additive Binder Designation 
0 - - S6 

28 - - S6-CaCl2 
28 - PVP10 S6-CaCl2-PVP10 
28 - PVP40 S6-CaCl2-PVP40 
0 Graphite flakes - S6-G 
0 Graphite flakes PVP40 S6-PVP40-G 

28 Graphite flakes PVP40 S6-CaCl2-PVP40-G 
 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7-10 September, 2015 

399 
K. Fayazmanesh et al. 

Water sorption isotherms (0-27 mbar) for the composite adsorbents were measured using 
athermogravimetricanalyzer, a schematic is shown inFig.2c,(IGA-002, HidenIsochema)at 25, 35 and 78°C. 
Prior to water sorption tests, the samples were dried under vacuumfor 6 hours at 90°C and the dry masses 
wererecorded.  

 
RESULTS AND DISCUSSION 

 
Pore-size distribution 

The differential pore volume distribution of the silica and composite samples were obtained through 
analysis of the adsorption branch of the N2 isotherms and is shown in Fig.3a.As summarised in Table 4, the 
28 wt% CaCl2was distributed within the silica gel pores, decreasing the SBET and V, and increasing the 
average pore diameter from 4.8 to 7 nm. Comparing samples S6-CaCl2-PVP10 and S6-CaCl2-PVP40, the 
surface area and pore volume decreased significantly for the sample containing PVP-10, the lower molecular 
weight binder.The SEM images of loose grain silica gel, S6, and S6-CaCl2-PVP40 composite shown in 
Figure 2b-c, indicate that the binder does not fill the voids between silica gel particles. 
 
Water Vapour Sorption 

The water sorption properties of sorbents with PVP-10 and PVP-40 binders were measured at 25, 35 
and 78°C, as shown in Figure 3.For S6-CaCl2-PVP40,the water uptake at 34.7°C and 24 mbar was0.41 g/g 
while for S6-CaCl2-PVP10 it wasonly 0.32 g/g. The greater infiltration of the pore structure by the lower 
molecular weight PVP-10 (Table 3) has a negative impact on adsorption. 

The difference in equilibrium water content of the samples under operational cycle conditions for 
adsorption (12 mbar, 35°C) and desorption (27 mbar, 80°C) are summarized in Table 4.There was no loss in 
the water uptake capacity of the active materials in the sorbents containing 15 wt%binder. This reduction 
observed is consistent with the binder content only.  PVP is a hygroscopic binder with water uptake of up to 
6.6 wt% at 12 mbar, 35°Cfor the bulk material.  The 35°Cwater sorption isotherms for the samples are 

Fig.3. a) Pore size distribution plots for silica gel and composites from N2 
adsorption isotherms fit with BJH model utilizing Hasley: FAAS statistical 
thickness curves.  SEM images of (b) loose grain S6 (c) S6-CaCl2-PVP40 

Table 3. Surface characteristics of silica gel and silica-supported CaCl2 composites 
 

Sample 
SBET 

(m2/g) 
V 

(cm3/g) 
D 

(nm) 
Product Specifications 
SBET, V, particle size 

S6 494 0.77 4.8 514 m2/g, 0.75 cm3/g, 0.2-0.5mm 
S6-CaCl2 134 0.31 7.0 — 

S6-CaCl2-PVP10 91 0.15 4.8 — 
S6-CaCl2-PVP40 102 0.21 6.1 — 
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plotted in Figure 4 in grams per gram of composite material including the non-adsorbing thermally 
conductive graphite flake additive. The water uptake of samples with thermally conductive additives reduced 
while by considering the amount of active material the water uptake remain the same and no loss can be seen 
in the performance.    

 
 

 
Fig.3. Water uptake with respect to pressure in shown for (a) S6-CaCl2-PVP10 and (b) S6-CaCl2-PVP40 

 
Table 4. Sorption cycle equilibrium uptake. 

 
H2O uptake capacity (mass%) 

Sample 
35 °C, 12 mbar 80 °C, 27 mbar 

Δw 
(mass%) 

S6 5.4 2.0 3.4 

S6-CaCl2 33.4 10.8 22.6 

S6-CaCl2-PVP10 20.5 4.3 16.2 

S6-CaCl2-PVP40 23.0 3.3 19.7 
 

Fig.4. Effect of addtives (binder and thermal condutive material) on water sorption capacity. 
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Multi-cycle Performance 
The adsorbent compositeS6-CaCl2-PVP40 was selected for durability testing.The sample was dried for 

6 hours at 90 °C under vacuum at the beginning of the test. The thermogravimetric analyzer was then 
programmed to run pressure swing cycles, exposing the sample to 12 mbar H2O for 40 minutes and then 
drying the sample under vacuum for 40 minutes.  The sample weight was monitored for 150of these sorption 
cycles at 25°C,followed by 150 at 35°C. Fig.5shows thepressure and water uptake for fivesorption cycles for 
S6-CaCl2-PVP40. In Table 5, the adsorption capacity of samples at both temperatures is shown to be 
consistent for 150 cycles. 
 
Thermal conductivity 

The thermal conductivity of the composite adsorbent material is increased with the addition of 
graphite flakes as shown in Fig. 6. Graphite flakes could be seen to have dispersed evenly in the composite 
adsorbent. The thermal conductivity of composite material improved from 0.13 W·m-1·K-1 (0 wt% graphite 
flakes) to 0.3 W·m-1·K-1 (20 wt% graphite flakes), approximately a 230% enhancement. The addition of 
hydroscopic salt and binder to the composite adsorbent also increased the thermal conductivity.  
 
CONCLUSION 

Composite adsorbent coatings were prepared from binders with different molecular weights,and their 
water uptake capacities were measured. The water uptake of the composites with the lower molecular weight 

Table 5. Multi-cycle performance of 
S6-CaCl2-PVP40  

T Cycle 
number 

H20 uptake 
(mass%) 

25°C 

1 
10 
20 

150 

28.1 
28.5 
29.0 
29.2 

35°C 
160 
300 

18.4 
18.1 

 

Fig.5. Five pressure swing adsorption-
desorption cycles of S6-CaCl2-PVP40 at 35°C 

 

 

Fig.6. Thermal condutivity comparison of composite adsorbent coatings with different addtives 
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binder was 32.7 g/g (26 mbar, 34.7°C) while for composite with higher molecular weight binder under the 
same conditionsit was 37.6 g/g.Water uptake and thermal conductivity of composites with and without CaCl2 
and thermally conductive additives were measured.A huge 230% enhancement in thermal conductivity can 
lead to significant improvement of sorption bed design and reduction of the size and foot print of sorption 
cooling systems. 
 

Nomenclature 
BET Brunauer, Emmett and Teller model 
BJH Barrett, Joyner and Halenda model 
TPS  Transient plane source 
D average pore diameter (nm) 
S specific surface area (m2/g) 
V pore volume (cm3/g) 
W water uptake (g/g of sorbent) 
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Abstract 
In this study, the effect ofgeometrical parameters of a rectangular bed which are the length, height, diameter of 

adsorbent particle, minimum and maximum temperatures of adsorption cycle on the performance of an adsorbent bed 
are numericallyinvestigated to find a proper adsorbent bed design for the Highest Specific Cooling Power (SCP). The 
governing equations which are mass conservation, motion and energy equations for the adsorbent bed and mass transfer 
equations for the adsorbent particle with appropriate initial and boundary conditions are solved and the distributions of 
temperature, concentration and pressure for entire bed are found and then  the values of SCPare calculated. Based on the 
Taguchi method, L9 orthogonal array is chosen to reduce the numerical runs from 81 to 9. Three different level for each 
investigated parameter are considered and the best adsorbent bed design with SCP of 229.15 W/kg is found. The results 
showed that the adsorbent particle radius and the maximum and minimum temperature difference in the cycle have the 
most and the least effect on the performance of an adsorbent bed. 
 
KEYWORDS 

Adsorption hat pump, rectangular adsorbent bed, optimization 
 
 
INTRODUCTION 

Heating and cooling systems are widely used in industry and comfort applications. The improvement 
of these systems is one of important research areas due to the growing need of comfort conditions. The 
limitation of fossil energy sources has increased attentions on the use of renewable and waste heat energy 
sources. Heat pumps are one of the most common devices used for saving of energy. Heat pumps are 
classified into two groups as mechanically and thermally driven heat pumps. Adsorption heat pump (AHP) 
which a kind of thermally heat pump is a promising system due to its ability for recovering heat from the 
thermal source at low temperature level and providing cooling and/or heating effects. It has advantages such 
as being environmental friendly, having no vibration and lower operation costs.  

A reason of the low cooling power of an adsorption heat pump is the slow heat and mass transfer in 
adsorbent bed. Many researchers focus on the accelerating heat and mass transfer in the adsorbent bed [1, 2]. 
There are many parameters that have to be considered during design of an adsorbent bed. The effects of 
parameters such as bed thickness, porosity, particle size, mass diffusivity and the operating temperature on 
the heat and mass rate have to be studied[3- 6]. Practically, it is difficult to consider all geometrical and 
operational parameters to find out the best design for an adsorbent bed. Sometimes the affected parameters 
are coupled and the increase of one parameter reduces the effect of another parameter. That’s why some 
statistics methods may be employed to consider all affected parameters and find out a proper design. One of 
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popular method is Taguchi method that reduces number of runs and saves time. In Taguchi method, based on 
the number of parameters and their levels, an orthogonal array is selected and runs or experiments are 
performed only for the levels of the orthogonal array. The methods were used by some researchers in order 
to find a proper design for heat exchangers. For instance, Jamshidi et al. [7] used Taguchi method tofind a 
proper helical coil design in which nano-fluid flows, theoretically.Tzu-Chen Hung et al [8] studied on 
optimal design of a concentric heat exchanger for high-temperature systems using CFD simulations by using 
Taguchi method.  

In this study, the effectsof four parameters of an adsorbent bed of adsorption heat pump on the 
performance of adsorption heat pump are numerically studied and a proper design is found. The height and 
length of the rectangular adsorbent bed, the granule size, and the operating temperatures are changed and the 
optimum bed design is concluded for the problem. The conservation of mass and energy equations and Darcy 
Law equations are solved to find temperature, water concentration in the adsorbent bed for entire cycle. The 
ideal gas equation is used to relate the water vapor pressure with its density and temperature. The equations 
are solved for the rectangular bed by using Comsol Software. The Taguchi method is applied to the 
considered problem in order to reduce the numerical run and find a proper design.  

 
THE CONSIDERED PROBLEM 

Figure 1 shows the schematic view of the analyzed rectangular adsorbent bed filled with Fuji RD silica 
gel granules. As can be seen, there are many horizontal parallel heating plates and the adsorbent particles are 
located in between (Figure 1(a)). The adsorbent bed is cooled from the right side and the adsorptive (water 
vapor) enters from the left side of the bed (Figure 1(b)). A representative section is analyzed and there is no 
doubt that the analyzed section resemble the entire bed. The porosity of the adsorbent bed is assumed as 
0.45. 

In order to optimize the adsorbent bed design, the length and width of the bed are changed from 5 to 
15 mm, the adsorbent granule particle radius is considered from 0.25 to 1 mm, and the maximum and 
minimum temperature difference of the bed varies between 30 to 50oC. The values of considered parameter 
are given in Table 1. As seen, there are four main parameters and each parameter has three levels. The 
thermo-physical properties of the considered silica gel–water pair are given in Table 2. All these parameters 
are constant for entire present study. 

 

 
 

Fig. 1. Schematic view of the adsorbent bed a) the adsorbent bed, b) the two dimensional representative domain. 
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Table 1. The considered parameters of the bed and their levels. 
 

 
 

 
 
 
 
 

 
 

Table 2.Thermophysical properties of adsorbent granule, adsorbate and the additive 
aluminum considered in the present study. 

 
Parameter Symbol Value 

Molecular weight of water, kg/mol    M 18 
Density of adsorbent, kg/m3  670 
Specific heats of adsorbate at 303 K, kJ/kgK  4.178 
Specific heats of adsorbate at 360 K, kJ/kgK  4.203 
Specific heats of adsorptive at 303 K, kJ/kgK  1.895 
Specific heats of adsorptive e at 330 K, kJ/kgK  1.911 
Specific heats of adsorptive at 360 K, kJ/kgK  1.983 
Thermal conductivity of adsorbent, kW/mK  0.198x10-3 
Thermal conductivity of adsorbate, kW/mK  1.96x10-5 
Heat of adsorption for water on silica gel, kJ/kg  2693 
Reference diffusivity, m2/s  2.9x10-4 
Collision diameter for Lennard-Jones Potential, A  2.641 
Collision integral  2.236 
Boltzmann’s constant, J/K molecule  1.38x10-23 
Tortuosity  3 
Viscosity of water vapor, kN s /m2 at 303 K  9.09x10-9 
Viscosity of water vapor, kN s /m2 at 360 K  11.49x10-9 

 
GOVERNING EQUATIONS 

The mechanisms of heat and mass transfer in a granular adsorbent bed are coupled and complicated; 
hence some assumptions have to be made to pose the governing equations. The made assumptions are; 1) the 
adsorbent bed consists of uniform size spherical adsorbent particles, 2) the bed porosity is constant, 3) the 
adsorptive and adsorbent particle are in thermal equilibrium, 4) the thermal resistance within the adsorbent 
particle is neglected, 5) thermal properties of the adsorbent, adsorptive and adsorbate are constant, 6) wall 
thermal resistance between the bed surface and particle is not considered, 7) the heat of adsorption is 
assumed constant. 

Figure 2 shows the entire cycle on Clapeyron diagram. The adsorption process can be started when the 
adsorbate concentration in the adsorbent bed is Wd and bed temperature is at Td. The adsorption process 
continues until the concentration value reaches to the W2 while the bed temperature is Ta. Then, the bed 
temperature and pressure are increased to the condenser pressure and temperature. When the pressure value 
attains to the condenser pressure, desorption process is started. Desorption process is finished when the 
adsorbate concentration reaches to W1 while the bed temperature is Tc. The cooling process continues to 
return to the evaporator pressure again. 

Parameter Symbol Levels 
  1 2 3 

A, Length      L 5 mm 10 mm 15 mm 
B, Height  5 mm 10 mm 15 mm 
C, Radius of the granular adsorbent  0.25 mm 0.5 mm 1 mm 
D, Temperature difference  
of the bed and the ambient   30oC 40oC 50oC 
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Fig. 2. A schematic view of the adsorption-desorption process on Clapeyron diagram. 

 
The governing equations of the problem used in the analysis of the heat and mass transfer in the 

adsorbent bed are separately presented in this section. The continuity equation based on conservation of mass 
for water vapor flow through the adsorbent bed can be written as: 

 

         (1) 
 

whereϕ is the porosity. The heat transfer equation for the adsorbent bed, water vapor and adsorbed water can 
be written as: 

 

 

             (2) 
 

where effpC )(ρ  the effective thermal capacitance can be calculated by using the following relation: 

 

       (3)  
 

is the density and  is the thermal capacitance of the silica gel and effλ  are the effective thermal 

conductivity of the adsorbent bed can be calculated from this relation: 
 

vseff ϕλλϕλ +−= )1(           (4) 

 
where sλ  is the thermal conductivity of adsorbent which is the silica gel. 

Linear Drive Force (LDF) model is used to determine the change of mean adsorbate concentration in 
the adsorbent particle with time;  
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where effD and pr represent effective diffusivity and radius of the adsorbent particle. effD can be found 

from Arrhenius equation [6]: 
 

RTE
oeff eDD /−=            (6) 

 
where Do is the reference diffusivity and E is the diffusion activation energy (Table 1). In order to solve 
mass transfer equation for the particle (Eq. (5)), a relation for equilibrium state (i.e. ∞W ) must be known. 
The following isotherm equation which called as Toth’s equation can be used to determine adsorbate 
equilibrium concentration in the silica gel particle for a given pressure and temperature [7].  
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where oK , b, and mW are the constants for the specific adsorbent-adsorbate pair. The values of oK , b, and 

mW are 7.3x10-10, 12, and 0.45, respectively. The symbol P  represents water vapor pressure at the 

considered temperature.  
 

In Eqns. (1) and (2), xv and yv  are facial water vapor velocities and can be calculated by Darcy law. 

Darcy’s law is a simple proportional relationship among the fluid flow rate through a porous medium, the 
fluid viscosity and the pressure drop for a given distance. For the present problem, it can be written as: 
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where appK and μ are apparent permeability of the silica gel bed and the water vapor viscosity. The ideal 

gas relation is used to calculate the pressure change of the water vapor in the silica gel bed. The apparent 
permeability of the silica gel bed, appK can be calculated by the following relation [8]: 

 

bedinhapp D
P

KK
τ
ϕμ+=          (9) 

 
where inhK  is the inherent permeability and bedD  is the mass diffusivity of the bed. The inherent 

permeability can be obtained by using Blake–Kozeny relation which is valid for void fractions less than 
φ=0.5 [9]: 
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The water vapor can also be diffused in the voids between silica gel particles. Two diffusion 

mechanisms which are Knudsen and molecular diffusions should be taken into account. As known, when the 
collisions between a molecule and pore walls occur more frequently than collisions between diffusing 
molecules, the diffusion is called as Knudsen diffusion, and it can be calculated from the following equation:  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

409 
G.G. Ilis et al. 

M
TrD porek 97=           (11) 

 
when the pore diameter is larger than the average distance between molecular collisions and the collisions 
between diffusing molecules occur more frequently than collisions between molecules and the pores wall, 
the diffusion mechanism is called as molecular diffusion. The molecular diffusivity can be obtained from Eq. 
(12).  
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The effect of overall diffusion in the voids between the particles in the adsorbent bed can be obtained 

by considering both effects of Knudsen and molecular diffusion [10]: 
 

kmbed DDD
111 +=          (13) 

 
The specific cooling power of the intermittent adsorption heat pump can be calculated by the 

following equations. 
 

          (15) 
 

The initial and boundary conditions of the considered problem is illustrated in Table 3. Table 4 
represents the initial temperatures and the concentrations at the beginning of the adsorption and desorption 
processes.    

 
Table 3. The initial and boundary conditions of the considered problem 

 

Processes 
Depend. 
Variable 

Bound. 
Cond. at 
Bottom 
Side 

Bound. 
Cond. at 
Upper Side 

Bound. 
Cond. at 
Left Side 

Bound. 
Cond. at 
Right Side 

Initial Cond. 

Temperature 
(K)    

Adsorbate 
pressure (kPa)   P=775 Pa P=775 Pa  

Adsorbate 
density (kg/m3) 
Amount of 
adsorbate 
(kgw/kgs) 

Isobaric 
adsorp. 
process 
(start-up) 

Adsorbate 
velocity (m/s)   

 

 

 

 
Temperature 
(K)  
Adsorbate 
pressure (kPa)    

Adsorbate 
density (kg/m3) 
Amount of 
adsorbate 
(kgw/kgs) 

Isosteric 
heating 
process 

Adsorbate 
velocity (m/s) 

 
 

 
  

 
 

Last values of isobaric 
adsorption process 
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Temperature 
(K)  
Adsorbate 
pressure (kPa)   

P= 3250 
Pa 

P= 3250 Pa 

Adsorbate 
density (kg/m3) 
Amount of 
adsorbate 
(kgw/kgs) 

Isobaric 
desorp. 
process 

Adsorbate 
velocity (m/s)   

 

 

Last values of isosteric 
heating process 

Temperature 
(K)   
Adsorbate 
pressure(kPa)    

Adsorbate 
density (kg/m3) 
Amount of 
adsorbate 
(kgw/kgs) 

Isosteric 
cooling 
process 

Adsorbate 
velocity (m/s) 

 
 

 
  

 
 

Last values of isobaric 
desorption process 

 
Table 4. The initial temperature and concentration values for runs. 

 
Ta(

oC) Td (
oC) Wd(kgv/kgs) Wa (kgv/kgs) 

25 75 0.045 0.177 
30 70 0.057 0.128 
35 65 0.073 0.094 

 
TAGUCHI METHOD FOR PRESENT PROBLEM 

Taguchi method is widely used in science and industry to reduce number of experiments for achieving 
sufficient data in order to understand the effects of relevant parameters. It uses a mathematical tool named as 
orthogonal arrays and signal to noise ratio (S/N)to consider large number process variables with small 
number of experiments [11]. Following steps should be considered to use Taguchi method as an optimization 
technique: 
-Target (or targets) for the considered problem should be specified. The aim of this study is to have a design 
to provide maximum cooling power with minimum amount of adsorbent. That’s why SCP is selected as the 
quality character for the problem. 
- The parameters influence the target should be specified. In this study, as presented in Table 1, four 
independent parameters which are the length and height of adsorbent bed, radius of the particle and the 
temperature difference ( )  are considered and their effects on SCP are investigated. For each independent 
parameter 3 values are considered. 
- The orthogonal array should be selected. Since there are four dependent parameters and each dependent 
parameters have three level, L9 array is chosen based on the Taguchi method. This means that for the 
considered parameters with three levels 34=81 runs is required but Taguchi method reduces it to 9 runs. 
-Signal to Noise analysis should be performed. The S/N ratio is a quality metric linked to the loss function. 
The loss related with the process can be minimized by maximizing the S/N ratio. The S/N ratio can be 
divided into three categories:  
 

Smaller is better:           (16) 
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Nominal is better:           (17) 
 

Larger is better:           (18) 
 
where  is the average of observed data,  is the variation of y, n is the number of observations, and y is the 
observed data. In this study, the Signal-to-Noise (S/N) ratios determined by using Minitab 17.0 software. 
Larger is better characteristicused for our problem since the maximum value for SCP is required. 

The experimental plan described above is used and by considering Table 1, the found results of SCP 
by numerical runs are given in Table 5. 
 

Table 5. Experimental plan of L9 orthogonal array for SCP values. 
 

Runs A 
(bed length) 

         B 
(bed height) 

           C 
 (particle radius) 

       D                
(Temp. diff.) 

SCP  
(W/kg) 

 
1 A1         B1   C1  D1 229.15 
2 A1         B2   C2  D2 100.44 
3 A1         B3   C3  D3 33.51 
4 A2         B1   C2  D3 81.20 
5 A2         B2   C3  D1 25.92 
6 A2         B3   C1  D2 100.08 
7 A3         B1   C3  D2 52.98 
8 A3         B2   C1  D3 64.43 
9 A3         B3   C2  D1 33.56 

 
RESULTS 

The effects on specific cooling performance of four parameters such as the length, the height of the 
bed, the adsorbent granule particle radius, and the maximum and minimum temperature difference of the 
adsorbent bed are concluded in this section. In order to understand the effect of these parameters on the 
optimum adsorbent bed design, Figure 3 should be evaluated. The effects of four design parameters on SCP 
are plotted in Figure 3. 

If the first curve from left side of the Figure 3 is considered, it is seen that the SCP value 
takesoptimum value at the first level ( L = 5 mm )  and then decreases and takes its minimum value at the 
third level for the parameter A (Length). If Figure 1 is considered, it is clearly seen that the distance for 
water vapor to move to the end of plate and the heat which should transferred to the surrounding during the 
adsorption increases by increase of L. This causes the period of the cycle increases and consequently the 
SCP value will decrease. The second curve of Figure 3 relates to parameterB which is height. The SCP 
decreases by increase of height value from 5 to 15 mm. By increasing of H, the heat which should be 
transferred from the plate to the center of channel takes a long time and consequently desorption period 
increases. The third curve of Figure 3 refers to the effect of particle size.The SCP value tends to decrease 
with the increase of parameter C (adsorbent particle radius) from first level (0.25 mm) to its third level (1 
mm). By reducing of particle size, the intraparticle mass transfer resistance decreases and this causes the 
water content in the silica gel is released faster and consequently SCP increases. The effect of maximum and 
minimum temperature of the cycle on the SCP is interesting. This study shows that there is an optimum 
temperature difference. By increasing of the temperature difference the SCP value increases, then takes a 
maximum value at 40 C and finally it decreases when the temperature difference becomes 50 oC. The reason 
of this behavior of SCP with the temperature difference may be the adsorbate concentration difference. For 
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low values of the maximum and minimum temperature difference of the cycle, the cycle period is low but the 
amount of adsorbate evaporation is also very low and this causes the SCP value decreases. For high values of 
temperature difference, the amount of the evaporated adsorbate is high however the period of the cycle is 
also increased and consequently the SCP value drops. Then it should be an optimum maximum and 
minimum temperature difference for the cycle. For the present problem, the temperature difference is 40 C is 
the best if Figure 3 is considered.The analysis of the obtained results yields thatthe highest SCP value 
belongs to the bed and cycle when L=5 mm (A1), H=5 mm (B1), rp=0.25 mm (C1), =40oC (D2). In 
conclusion, A1B1C1D2 can be defined as the optimum design with SCP of229.15 W/kg. 

 

 
 

Fig. 3. The effects of design parameters of A, B, C, and D on SCP of the adsorbent bed. 
 
Response table for S/N ratios for SCP is illustrated in Table 6. The delta values are calculated by using 

maximum and minimum S/N ratios of all parameters. The contribution ratio is the ratio of delta values of 
each parameter to the total delta values of all parameters as presented Table 6.  The results of Table 6 is 
shown graphically in Figure 4. It is seen that the radius of the adsorbent particles contributes by 35.2 % of 
the total effect on SCP. This means that the parameter C is the most effective one on the performance of the 
bed. The parameter A which is the bed length has less effect on SCP with ratio of 26.5%, comparing to the 
parameter A. The contribution ratios of parameters B which is the height of the bed and D which is the 
maximum and minimum temperature difference are 24.6 and 13.7 %, respectively. As seen clearly, the 
difference between the maximum and minimum working temperatures of the adsorbent bed has the lowest 
effect on the cooling performance of the considered adsorbent bed.  

 

Table 6. Response table of S/N ratios. 
 

Level L (mm) H (mm) rp (mm) ∆T (oC) 
1 121.04 121.11 131.22 59.72 
2 69.07 63.60 71.73 84.50 
3 50.33 55.72 37.47 96.21 

Delta 70.71 65.40 93.75 36.49 
Rank 2 3 1 4 

Contribution ratio (%) 26.5% 24.6% 35.2% 13.7% 
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Fig. 4. The contribution ratio of each parameter on SCP of the adsorbent bed. 
 
CONCLUSION 

In this study, the optimum parameters have been investigated to get optimum design for the proposed 
adsorbent bed by using Taguchi method. Four parameters with three different levels are selected in order to 
search the optimum design of the adsorbent bed for the optimal SCP. The computational study and the 
Taguchi method calculation are performed with Comsol and Minitab 17.0 software, respectively. The results 
of the study can be concluded as follows: 

It seems that Taguchi method is appropriate for design of adsorbent beds. Finding the best design for 
adsorption heat pump is not easy since many parameters should be included. The analysis of all parameters is 
very difficult, however Taguchi method can make it easier. 

By using the Taguchi method, the number of runs reduced from 81 to 9 runs. In order to optimize 
parameters for the adsorbent be and there is no need to perform many runs. Taguchi method was successfully 
applied to the present study with limited numerical experiment in a very short time. 

The optimum design parameters for the considered bed is found as A1B1C1D2 that corresponding to the 
adsorbent bed and cycle with L=5 mm (A1), H=5 mm (B1), rp=0.25 mm (C1), =40oC (D2). 

The contribution analysis showed that, the most effective parameter on the performance of the 
adsorbent bed is the radius of the adsorbent particle with 35.2%, the second effective parameter is the length 
of the bed with 26.5% contribution ratio. The difference between maximum and minimum working 
temperatureof the adsorbent bed has minimum effect on the performance of the adsorbent bed with the 
contribution ratio of 13.7%. 

The study can be extended to include other parameter such as the temperature difference between the 
cycle and heat sources and metal additives may be used for acceleration of heat transfer. 
 

Nomenclature 
Cp specific heat of adsorbent, Jkg−1K−1 
Deff effective mass transfer diffusivity, m2s−1 
Dk Knudsen diffusivity, m2s−1 
Dm molecular diffusivity, m2s−1 
Dbed effective diffusivity of adsorptive in adsorbent bed, m2s−1 
Do reference diffusivity, m2s−1 
E diffusional activation energy, J mol−1 
Kinh inherent permeability of adsorbent bed, m2 
Kapp apparent permeability of adsorbent bed, m2 
M molecular weight of adsorptive, kg mol−1 
P pressure, Pa 
rp radius of adsorbent granule, m 
R radius of bed, m; ideal gas constant, J mol−1 K−1 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

414 
G.G. Ilis et al. 

T temperature, K 
t time, sec 
v adsorptive velocity, m s−1 
W  average adsorbate concentration, kgv/kgs 
W∞ local adsorbate concent.,kgv/kgs  
Qevap   energy transfer from evaporation, kJ 
Greek symbols: 
ρ density, kg m−3 
ΔHads heat of adsorption, J kg−1 
φ  porosity 
β   volume fraction 
λ  thermal conductivity, W m−1 K−1 

μ  adsorptive viscosity, Ns m−2 
σ collision diameter for Lennard–Jones 

potential, A0 
Ω  collision integral 
τ  tortuosity 
 

Subscriptions: 
a, d  final and initial conditions of adsorption 
add  additive 
eff  effective 
i  inner 
l  adsorptive 
madd mass of additive aluminum 
mb  mass of bed 
ms  mass of silica gel 
o  outer 
s  adsorbent 
sat  saturation 
v  adsorbate 
∞   equilibrium 
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Abstract 
In this study, two novel ideas for the expansion valve and control valves of an adsorption cooling system (ACS) 

for vehicle air conditioning applications are suggestedto reduce the weight and parasitic power consumption of the 
system. A check valve with cracking pressure of 3.5-7 kPa is proposed for the expansion valve and a combination of 
low-cracking pressure check valves and solenoid valves with an innovative arrangement is proposed for the control 
valves to heat up and cool down the adsorber beds. The proposed innovative designs can reduce the total mass of the 
ACS up to 10.5 kg (12%) and the parasitic power consumption of the control valves by 50%. The operating range of 
these new designs is investigated on a two-adsorber bed silica gel/CaCl2-water ACS. The results show that the 
expansion valve and control valves operate effectively under heating and cooling fluid inlet temperatures of 70-100°C 
and 30-40°C, respectively, and coolant and chilled water inlet temperatures of 30-40°C and 15-20°C, respectively. 

 
KEYWORDS 

Expansion valve, control valve, adsorption cooling system, vehicle air conditioning. 
 
 

INTRODUCTION 
Waste heat-driven adsorption cooling systems (ACSs) are potential energy efficient replacements for 

vapor compression refrigeration cycles (VCRC) in vehicle’s air conditioning (A/C) applications. 
Approximately 70% of the total fuel energy released in an internal combustion engine (ICE) is wasted as 
heat that is dissipated through the engine coolant and exhaust gas [1]. An ACS can use this waste heat to 
provide cooling in vehicles and drastically reduce their fuel consumption and carbon-footprint. 

An ACS uses an adsorbent-adsorbate working pair, where an adsorbate, such as water or methanol, is 
adsorbed and desorbed from the surface of an adsorbent, such as zeolite, silica gel, or activated carbon, in a 
thermally driven cycle. Most of these materials are non-toxic, non-corrosive, and inexpensive [2]makingan 
ACS a safe and environmentally friendly technology. This system operates more quietly than a VCRC and is 
easier to maintain because its only moving parts are valves [3]. However, current ACSsare not commercially 
available for vehicle applications, specifically light-duty vehicles, because of their large foot-print and heavy 
weight which are due to the low thermal conductivity of adsorbent materials and low mass diffusivity of 
adsorbent-adsorbate pairs. These properties result in a low coefficient of performance (COP = cooling energy 
/ input energy) and low specific cooling power (SCP = cooling energy / (adsorbent mass × cycle time)). In 
mobile applications, the mass of the system is crucial, which makes the SCP and the adsorber bed to 
adsorbent mass ratio (AAMR), i.e., the dead to active mass ratio, the two most important parameters in 
amobile ACS design. 

There are several successful ACSs installed in mobile applications where the weight and footprint of 
the ACS were not problematic such as the ones reported in Refs.[4–6]. For light-duty vehicle A/C 
applications, de Boer et al.[7] built and installed a two-adsorber bed silica gel-water ACS with 2-kW cooling 
power for a compact car. In their setup, each adsorber bed was filled with 3 kg of silica gel with the AAMR 
of 4.2 kg metal/kgadsorbent. The 86 kg total mass of their system exceeded the 35 kg limit set by the car 
manufacturer [7]. From the data reported in Ref. [7], one can conclude that the mass of the two adsorber beds 
loaded with adsorbent material was 31.2 kg which makes only 36% of the total mass of the system. The 
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condenser, evaporator, expansion valve, piping and control valves made up the remaining 64% of the ACS 
total mass.In the present study, two ideas are proposed for the expansion and control valves of an ACS for 
vehicle A/C applications to simplify the control system, and reduce the total mass and its parasitic power 
consumption.As a proof-of-concept demonstration, a two-adsorber bed silica gel/CaCl2-water ACS was 
designed and builtto investigate the operating ranges of the expansion and control valves under different 
operating conditions. 
 
EXPERIMENTAL STUDY 

A two-adsorber-bed ACS equipped with four temperature control systems (TCS) to control the 
adsorption, desorption, condensation, and evaporation temperatures was designed and built. A schematic of 
our ACS system along with photos of the system components are shown in Fig.1a-c. Valves V1-V4 shown in 
Fig.1awere installed before and after the adsorber beds to control the adsorption and desorption processes, 
and eight valves (V5-V12) were installed on the TCSHF and TCSCF to intermittently heat up and cool down 
adsorber beds 1 and 2. Silica gel/CaCl2 adsorbent material was prepared with chromatography-grade 
commercial silica gel with irregular-shaped grains (0.5–1.0 mm) and average pore diameter of 5.7 nm 
(SiliaFlash N60, Silicycle Inc.) with 30 wt% CaCl2. Two heat exchangers, as shown in Fig.1d, were designed 
and built based on the results of Sharafian et al.[8] to be packed with the silica gel/CaCl2 adsorbent. Type T 
thermocouples (Omega, model #5SRTC-TT-T-36-36) with accuracy of ±0.1°C and pressure transducers with 
0-34.5 kPa operating range (Omega, model #PX309-005AI) and ±0.4 kPa accuracy were used to monitor and 
record the temperature and pressure variations in each component of the ACS versus time. 
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Fig.1. (a) Schematic of a two-adsorber bed ACS, (b) and (c) ACS components: 1- adsorber beds, 2-condenser, 
and 3-evaporator, and (d) custom-built heat exchanger located inside the adsorber beds.  

 
 
 
Four check valves, V1-V4, installed between the adsorber beds and the condenser, and adsorber beds 

and the evaporator must have a low-cracking pressure. The ACS uses water as the refrigerant and operates 
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between 1 and 8 kPa, therefore any pressure drop above 0.5 kPa between the adsorber beds and the 
condenser or theadsorber beds and the evaporator reduces the system performance. In this study, the check 
valves have a cracking pressure of less than 250 Pa (Generant, model #DCV-375B-S), have no power 
consumption, and are durable and inexpensive. To control the heating and cooling of the adsorber beds, eight 
solenoid valves, V5-V12 with a maximum operating temperature of 120°C (StcValve, model #2W160-1/2-3-
V with 14 W power consumption and #2WO160-1/2-3-V with 30 W power consumption) and a total power 
consumption of 176 W were installed. The solenoid valve arrangements for the heat transfer fluid header and 
collector are displayed in Fig.2. 

 
 

From TCSCF

From TCSHF

To Bed1

To Bed2

Header

V5 V6

V9 V10

 

To TCSCF

To TCSHF

From Bed1

From Bed2

Collector

V8V7

V12V11

 
(a) (b) 

Fig.2. Solenoid valve arrangements in (a) the header and (b) collector of the two-adsorber bed ACS. 
: normally opened, : normally closed. 

 
As shown in Fig.2, solenoid valves V5, V7, V10, and V12 are normally closed and solenoid valves 

V6, V8, V9, and V11 are normally open. To desorb adsorber bed 1, heating fluid comes from TCSHF, enters 
the header, passes through valve V6, and goes to adsorber bed 1, as shown in Fig.2a, and then returns from 
adsorber bed 1, passes through valve V8, and returns to TCSHF, as shown in Fig.2b. For the adsorption 
process in adsorber bed 2, cooling fluid comes from TCSCF, passes through valve V9, and enters adsorber 
bed 2. Then, it returns from adsorber bed 2, passes through valve V11, and returns to TCSCF. When the 
solenoid valves are not energized, TCSHF and TCSCF are connected to adsorber beds 1 and 2, respectively. 
When the solenoid valves are energized, the flows of heating and cooling fluid are switched, and TCSHF and 
TCSCF are connected to adsorber bed 2 and 1, respectively. With this design, valves V1-V8 are controlled 
with onlya relay switch, which in turn is controlled automatically using a LabVIEW program, and the power 
consumption of valves V1-V8 for one cycle reduces by 50% from 176 W to 88 W. Also, check valves V1-
V4 operate automatically, without power consumption, actuated by the pressure gradients between the 
adsorber beds, and the condenser and evaporator. The total mass of the eight solenoid valves and four check 
valves is about 7 kg (8 × 0.815 kg + 4 × 0.115 kg). If electrically or pneumatically actuated ball valves were 
used, the total mass of eight valves and four check valves would be 17.5 kg (8 × 2.130 kg + 4 × 0.115 kg) 
which is 10.5 kg (2.5 times) heavier than the design in this study. 

The expansion valve of a refrigeration system prevents the vaporous refrigerant in the condenser from 
flowing to the evaporator, and creates a pressure difference between the condenser and evaporator thatis set 
by the refrigerant saturation pressure. Therefore, the expansion valve of an ACS that uses water as the 
refrigerant differs from those of designed for conventional VCRCs that use commercial refrigerants such as 
chlorofluorocarbons (CFCs), hydrochlorofluorocarbons (HCFCs), and hydrofluorocarbons (HFCs). Among 
ACS experiments for stationary applications, a reverse U-bend tube was often used as the expansion valve 
such as the one reported in Ref. [9]. The problem associated with a reverse U-bend tube in an ACS thatuses 
water as the refrigerant is its fixed height. To create a pressure drop of 5 kPa between the condenser and 
evaporator, the height of such a reverse U-bend should be about 50 cm which is not practical for light-duty 
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vehicle A/C applications and limits the operating range of the ACS. To resolve the issue of U-bend tube for 
mobile applications and design an expansion valve for a wide range of operating conditions, in this study, a 
check valve (Generant, model #CV-250B-S-1) with a cracking pressure of 3.4-6.9 kPa is proposed.Fig.3 
shows the positions of the condenser and evaporator, and the expansion valve located between them. 
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h

 
Fig.3. Schematic of the expansion valve for the mobile ACS. 

 
The condensed refrigerant is accumulated at the outlet of the condenser and before the expansion 

valve. As such, the hydrostatic pressure balance for the liquid refrigerantbetween the condenser and 
evaporator can be used to relate Pcond and Pevap to Pcrackingas follows: 

 

cond evap evap crackingP P gh gh Pρ ρ− − + >  (1)
 

Equation (1) shows that the expansion valve connects the condenser to the evaporator only if the sum 
of the left-side terms become larger than the cracking pressure of the check valve,Pcracking. As such, the term 
ρghin Eq. (1), created by the accumulation of liquid refrigerant at the outlet of the condenser,guarantees that 
no vaporous refrigerant passes through the expansion valve. Such a compact expansion valve can effectively 
operate in a vehicle where operating conditions vary significantly and vibrations are abundant. The other 
specifications of the designed ACS and the operating conditions are summarized in  

 
 
Table 1. 

 
DATA ANALYSIS 
 

By measuring the chilled water inlet and outlet temperatures and mass flow rate, given in  
 
 
Table 1, the evaporation heat transfer rate is calculated as follows: 

 
 (2)

 
The total evaporation rate is calculated by time averaging the heat flow given in Eq. (2): 

 

 (3)

where cycleτ  is the cycle time. 
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Table 1. Specifications and operating conditions of the ACS built in this study. 
Parameter Changed values 
Working pairs Silica gel/CaCl2-water 
Mass of adsorbent per bed (kg) 1.15 
Metal mass of adsorber bed (kg) 2.8 
Adsorber bed heat transfer surface area, Abed, (m

2) 0.235 
Adsorber bed heat transfer coefficient, Ubed, (W/m2K) 20.0 
Heating fluid mass flow rate to adsorber bed (kg/s) 0.06 (4.1 L/min of silicone oil) 
Cooling fluid mass flow rate to adsorber bed (kg/s) 0.06 (4.1 L/min of silicone oil) 
Heat capacity of silicone oil (kJ/kgK) 1.8 
Metal mass of condenser (kg) 1.9 
Condenser heat transfer surface area, Acond, (m

2) 0.1444 
Condenser heat transfer coefficient, Ucond, (W/m2K) 250 
Coolant water mass flow rate to condenser (kg/s) 0.036 (2.16 L/min of water) 
Metal mass of evaporator (kg) 1.9 
Evaporator heat transfer surface area, Aevap, (m

2) 0.072 
Evaporator heat transfer coefficient, Uevap, (W/m2K) 250 
Chilled water mass flow rate to evaporator (kg/s) 0.02 (1.2 L/min of water) 
Heating fluid inlet temperature (°C) 90 
Cooling fluid inlet temperature (°C) 30 
Coolant fluid inlet temperature (°C) 30 
Chilled water inlet temperature (°C) 15 
Cycle time, τcycle, (min) 30 

 
Equation(4) gives theSCP of ACS: 

 

SCP(W / kg) =
Qevap

madsorbentτ cycle

 (4)

 
where adsorbentm is the total mass of adsorbent material in two adsorber beds. 

 
RESULTS AND DISCUSSION 
Base-case operating condition 

Fig.4 shows the performance of the ACS with the new expansion valve and control valves at the base-
case operating conditions summarized in  

 
 
Table 1. Fig.4a shows the temperatures of the heating and cooling fluids before and after adsorber beds 

1 and 2 as they are alternately heated and cooled fordesorption and adsorption, respectively. The pressures of 
the adsorber beds, Pbed,1 and Pbed,2, corresponding to desorption and adsorption are shown in Fig.4b. Also 
shown in Fig.4b are the pressuresinthe adsorber beds as they vary between the condenser and evaporator 
pressures, PcondandPevap. It can also be seen from Fig.4b that whenever one of the adsorber beds undergoes 
the adsorption process, it is automatically connected to the evaporator via valves V1 or V3, seeFig.1a, and 
the chilled water outlet temperature, Tchilled,o, reduces because of refrigerant evaporation inside the 
evaporator. It can also be seen in Fig.4b that the expansion valve creates the required pressure difference 
between the condenser and evaporator under the base-case operating conditions. 
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Fig.4. ACS performance under the base-case operating conditions summarized in  
 
 

Table 1. (a) Inlet and outlet temperatures of heating and cooling fluids pumped to the adsorber beds, and (b) 
operating pressures of the adsorber beds, condenser and evaporator, and chilled water inlet and outlet temperatures 

in the evaporator. 
 
Parametric study 

Fig.5 shows the effects of heating and cooling fluid inlet temperatures on the SCP of the ACS. As 
shown in Fig.5a: 
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Fig.5. Effects of (a) heating and (b) cooling fluids inlet temperatures to the adsorber beds on the SCP of the ACS. 
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• Increasing the heating fluid inlet temperature to the adsorber beds from 70°C to 100°C increases 
the SCP from 0.7 W/kg to 14.8 W/kg. 

• Increasing the temperature of the heating fluid to the adsorber beds during desorption increases 
the heat transfer rate to the adsorbent material and, consequently, the rate of desorption of the 
refrigerant (adsorbate) from the adsorbent material increases, and more refrigerant is desorbed.  

• Accordingly, the drier adsorbent material adsorbs more adsorbate from the evaporator 
during the adsorption process. Thus, higher cooling power (or SCP) is generated.  

• In contrast, Fig.5b shows that by increasing the cooling fluid inlet temperature from 30°C to 
40°C, the SCP reduces from 9.2 W/kg to 4.0 W/kg because the higher adsorbent temperature 
during the adsorption process reduces the uptake capacity of the adsorbent. This clearly shows a 
competing trend which should be considered in the design of ACS. 

The effects of the coolant fluid inlet temperature circulated in the condenser on the SCP of the ACS 
are shown in Fig.6a. The SCP of ACS decreases when the coolant fluid inlet temperature increases because 
of the increase in the condenser pressure which results in a lower refrigerant condensation rate. Therefore, 
within a constant cycle time, lower refrigerant is desorbed from the adsorbent material and the adsorption 
capability of the adsorbent material during the adsorption process reduces. 

Fig.6b demonstrates the effects of the chilled water inlet temperature flowing through the evaporator 
on the SCP of the ACS. Increasing the chilled water inlet temperature from 15°C to 20°C, increases theSCP 
of the ACS from 9.2 W/kg to 14.2 W/kg, i.e., a 54% increase, because the adsorbate uptake capability of the 
adsorbent material increases with theincreasing the pressure during the adsorption process. 
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Fig.6. Effects of (a) coolant fluid and (b) chilled water inlet temperatures on the SCP of ACS. 
 

From Fig.5 and Fig.6, it can be concluded that the expansion valve and control valves proposed for the 
mobile ACS can operate reliably within a wide range of operating conditions. 
 
CONCLUSION 

In this study, a new design for the expansion valve and control valves of a mobile ACS were proposed 
and tested on a two-adsorber-bed silica gel/CaCl2-water ACS. The performance of system was 
experimentally investigated under different operating conditions. The results showed that the expansion 
valve and control valves operated effectively in the system while the weigh of the system was reduced up to 
10.5 kg (12%) and the parasitic power consumption of the control valves was reduced by 50%. 
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Nomenclature 

pc  heat capacity at constant pressure (J/(kg.K)) 
 mass flow rate (kg/s) 

totalQ  total heat transfer (J) 
 heat transfer rate (W) 

 ρ density (kg/m3) 
SCP specific cooling power (W/kg dry adsorbent) 
T temperature (K) 

cycleτ  cycle time (s) 

Subscripts 
chilled chilled water 
cf cooling fluid 
cond condenser 
coolant coolant fluid 
cooling cooling process 
evap evaporator 
heating heating process 
hf heating fluid 
i in 
o out 
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Abstract 
The primary goal of the spacecraft system of thermal regulation is maintenance of the set temperature of 

thermoregulation object. Using system of thermal regulation with loop heat pipes is a perspective way for 
thermoregulation of onboard equipment devices. Results of researches of such system by different thermal influences 
which were received in vacuum tests are represented in this article. Influence of electric heating unit capacity, which 
was placed on compensation chamber of loop heat pipe, on blocking of loop heat pipe. Startup and blocking of loop 
heat pipe in different capacity, applied to loop heat pipe compensation chamber, and in different temperature of loop 
heat pipe evaporator. 

 
KEYWORDS  

Thermoregulation system, axial heat pipes, loop heat pipes, experimental research, thermovacuum 
reseach. 

 
 

INTRODUCTION  
Nowadays in space technology for providing thermal mode of onboard equipment loop heat pipes 

(LHP) are widely used. This article describes some results of experimental researches of thermal regulation 
system with two loop heat pipes. One object of tests was to investigate the influence of heat flux parameters, 
applied to evaporator and compensation chamber, on startup and blocking of loop heat pipes in the system of 
thermal regulation. Investigated system of thermal regulation with LHP is the analog of the regular 
spacecraft thermal control system of optical devices. 

 
I. THE MAIN PART 

Investigated system of thermal regulation consists of following parts: imitator of the screen (I), 
radiator (IV), axial (II) and loop heat pipes (III), theirs layout view is represented on picture 1.  

Imitator of the screen looks like a plate, which is made from aluminum alloy. Film electric heating 
unit (EHU) were placed on the plate. They are intended for supplying of base heat load. Imitator of the 
screen was placed using fluoroplastic uprights on technological plate. Radiator was placed on four glass-
cloth-base laminate brackets which were fixed to technological plate. Outside surface of the imitator of the 
screen was closed by multilayer insulation (MLI).  
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Picture 1. General view of regular system of thermal regulation. I – imitator of the screen; II – 

axial heat pipe; III – loop heat pipe; IV - radiator, 1-24 - thermometers. 
 

Evaporators of two axial heat pipes are connected to the imitator of the screen. These pipes pass heat 
flux from imitator of the screen to evaporators of loop heat pipes, which are connected to condenser of axial 
heat pipes. LHP condensers are placed on the radiator, which disperse derived heat energy to nitrogen screen 
by way of heat radiation. Backside of the radiator and outside surface of axial and loop heat pipes are closed 
by MLI for decreasing of heat leakage from the environment.  

Radiator is made on basis of honeycomb, inside which there are six identical panel axial heat pipes. 
Axial heat pipes have external diameter of 13 mm and are filled with the ammonia. Loop heat pipes have 
external diameter of 12,3 mm and are filled with the propylene. LHP condenser is made as a coaxial gap, 
inside which fluid canal is passed.  These allow to reduce supercooling of the condensate and to decrease the 
capacity of the electric heating unit, which is necessary for the regulation. In loop heat pipe compensation 
chamber is combined with condenser, which must provide its “self-triggering”.  Electric heating unit is 
established on the case of LHP compensation chamber. It’s switching on and off allow to control heat flux, 
which is transmitted from the imitator of the screen to radiator by LHP. On external side of LHP condenser 
there are six flanges-condensers, which are disposed over six panel heat pipes of the radiator. 

Loop heat pipe must be blocked in the time of free value of heat flux, which flow on LHP, and of 
incorporated EHU on the compensation chamber. In the time of tripped electric heating unit LHP must be 
opened. 

For the imitation of the space technological screen with liquid nitrogen (TSLN) was used. Its external 
surface was heat-insulated from the walls of the vacuum chamber by MLI, absorbed surface of the screen is 
coated by thermoregulating black cover. In tests radiator was inside of the perimeter of TSLN at distance 
which was not more than 2 cm from absorbed surface of TSLN. Temperature of the absorbing surface of 
TSLN was supported in limits from 78 to 80 K during all the experiment. 

Cooper resistance thermometers were placed on the surface of the devices of investigated thermal 
regulation system. They were connected with device of control and information processing using three-wire 
scheme. Device transmitted data from temperature transmitters to the personal computer. 

 
 II. DESCRIPTION OF THE EXPERIMENT 

Researches of the system of thermal regulation were carrying out in vacuum chamber, inside which 
vacuum was kept in the range from 5⋅10-5 to 3⋅10-6 torr. Temperature in the room with vacuum chamber was 
supported constant and had a value 23±2º C. 

During experimental researches different working modes of LHP in system of thermal regulation, 
including startup and blocking of LHP individually and together, were modeled. General view of the 
experiment, scattered inside of the vacuum chamber is shown in picture 2. 
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In the course of the tests on the imitator of the screen necessary capacity of EHU was set. In this case 
quasi-stationary state of the thermal regulation system by included LHP was reached. After this blocking of 
LHP and their startup in different electric capacities until the achievement to the next quasi-stationary 
thermal condition were realized. 

During the tests startup of loop heat pipes after their blocking realized by two ways: by increasing of 
the temperature on the imitator of the screen up to the temperature over 290 K or by increasing the 
temperature of LHP evaporator using EHU, which is placed on compensation chamber.  

For the regulation of the EHU capacity, which is placed on the compensation chamber of LHP, 
resistance switch was used. During the tests EHU capacity, which were placed on the imitator of the screen, 
chanced their value from 0 W to 150 W. Capacity of EHU, which were placed on the compensation chamber, 
changed their value from 0 W to 15 W. 

 

 
Picture 2. General view of tested object, which is placed inside the vacuum chamber. 

 
III. RESULTS OF EXPERIMENTAL RESEARCHES 

Results of LHP tests in thermal regulation system are shown in diagrams (picture 3-5). 
Picture 3 shows startup of LHP №2 when LHP№1 was shutdown. Startup of LHP №2, which was 

placed on the imitator of the screen, was realized, when the temperature of evaporator, was 290 K and 
capacity was 95 W. 

During the tests of thermal regulation system it was found that conditions, when each LHP startup, are 
different from each other. As opposed to LHP №2 startup of LHP №1 can be realized at less electric 
capacity, which is set on the imitator of the screen. When the heat fluxes applied to LHP are equal, startup of 
LHP № 1 can be realized, when the value of the temperature is over 310 K. Startup of LHP № 2 can be 
realized, when the value of the temperature is over 290 K. 
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Picture 3. Startup of LHP. Startup of LHP by heat flux 95 W and inactive LHP № 1. 

 
After the analysis of test’s results it was detected that, the higher value of heat flux leaded to the 

evaporator of LHP, by the smaller temperature of LHP evaporator startup of LHP take place. 
During the tests of different modes of thermal regulation system work it was detected that it is 

impossible to realize synchronous startup of two LHP. It happens because the differences of their thermal 
characteristics.  In the case of startup of one LHP heat flux, applied to both LHP, begins to flow mainly only 
through LHP, which was started up. For the realization of startup for another LHP it is necessary to raise 
temperature of LHP evaporator (picture 4). 

As shown on picture 4 synchronous startup of two LHP didn’t happen, startup was only for LHP № 1. 
Differences of temperatures between evaporator and condenser of LHP № 1 after startup decreased to the 
value of 7.5 K. At the same time differences of temperatures between evaporator and condenser of LHP № 2 
got value more than 30 K.  Repeated heating of evaporator for LHP № 2 until the temperature 320 K allowed 
to startup LHP № 2. As a result differences of temperatures on evaporator and condenser got the value less 
than 3 K.  
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Picture 4. Attempt of synchronous startup for each LHP. 

 
It is known that, blocking of LHP depends on the value of heat flux, applied to LHP, and the capacity 

of EHU, which realize its blocking. 
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Picture 5 shows unsuccessful attempt to block LHP using EHU with the capacity of 12 W, and using 
heater, which was placed on the imitator of the screen, with the capacity of 150 W. 
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Picture 5.Unsuccessful attempt to block LHP using the capacity of 12 W 

 
On the basis of realized experimental researches of LHP in thermal regulation system regularity was 

detected. This regularity between flowing on LHP heat flux and the capacity of EHU, which is necessary for 
blocking LHP, is shown in the table. 

Table - Necessary capacity of EHU for LHP blocking 
Capacity of EHU, W 

On the imitator of the 
screen 

To block LHP 

60 8 
100 12 
150 15 

 
As follows from the table for the heat flux flowing on LHP, which has the value less than 80 W, it is 

enough to have the capacity of LHP 8 W to block LHP. For the heat flux flowing on LHP, which has the 
value 150 W, it is necessary to have the capacity 15 W. For such heat flux the capacity of EHU 12 W is not 
enough for blocking LHP (picture 5). 

IV. RESUME 
As a result of thermal vacuum experiments effect of heat flux, flowing on LHP, and the capacity of 

EHU, which were placed on compensation chamber of LHP, on modes of startup and blocking of loop heat 
pipes in thermal regulation system was researched. 

Derived results were used for practicing of algorithm to control EHU of regular thermal regulation 
system. 
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Abstract  
In this study, a novel method is presented for the microfabrication and sealing of a microfluidic device to 

perform the role of a micro-reactor for biodiesel synthesis, built on a brass metal base and sealed with either a metal 
cover or a glass cover for easy microscopic observation of the two-phase flow patterns. The microfluidic device 
contains a Y-junction squared microchannel architecture with width and depth of 400 µm. Microchannels were 
engraved using a micro-milling technique and sealed either by welding, with tin as an addition material, in the case of 
the all metal device or by using an epoxy glue, which served as an adhesive to seal the metal-glass device. The quality 
of the metal-on-metal seal was examined using microscopic analysis of multiple cross-sections of the device, whereas 
the quality of the metal-on-glass seal was analyzed via direct visual inspection of flows within the device using an 
optical microscope to verify the existence or absence of  leaks. This method provides a quick, simple, and economic 
way to fabricate microfluidic devices for use in industrial applications, such as in the production of biodiesel, which 
require high temperatures, high pressures, relatively high chemical resistance, and in addition, in the case of the metal-
glass device, the ability to directly visualize flow processes.  

 
KEYWORDS  

Microfabrication, Micro-reactors, Biodiesel synthesis, Microscopic characterization, Reactive flow.  
 
 

INTRODUCTION  
In recent years, microfluidic devices have been of great interest to various industries including the 

pharmaceutical [1], petrochemical [2], cosmetic, and food industries [3], as well as to various academic 
fields, including biomedical research, because of their versatility and ability to serve as effective platforms 
for studying different applications and phenomena, such as controlled drug delivery [4], DNA analysis [5], 
novel interfacial and flow phenomena [6], and the development of micro unit operations such as micro heat 
exchangers, among several other purposes, to cool high concentration photovoltaic cells [7,8].  

Microfluidic devices are characterized by having one or more channels with dimensions typically 
smaller than 1mm. Fluids moving through these channels exhibit laminar flow with Reynolds numbers most 
frequently ranging from 0.1 to 100 [9]. The use of these devices can provide several significant advantages in 
both chemical and physical processes including increased process efficiency, consumption of smaller 
amounts of fluid and material, better-controlled and safer conditions for chemical reactions, and lower power 
consumption. 

Another key advantage of using microfluidic devices is their often low development and material cost, 
especially when compared to full scale high-volume unit operation devices. However, the materials used and 
microfabrication  processes employed to develop these microfluidic tools greatly affect the manner in which 
flow occurs within the device, and both the materials and the complexity of the microfabrication process can 
determine whether a particular microfluidic device is viable for large scale processes. 
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A variety of materials have been used to manufacture microfluidic devices, such as silicon, metals, 
ceramics, glasses and polymers with silicon being one of the most popular materials used in recent decades 
[10]. Metals such as brass are of great interest for the development of microfluidic devices for industrial 
applications in which durability and heat transfer requirements are high, since metals possess both durability 
and high thermal conductivity. Common manufacturing techniques for etching microchannels in metals 
include micro-machining, electrical discharge [10] and laser ablation [11]. Microfluidic devices can be 
constructed entirely from metal in which microchannel patterns are etched onto a metal plate, and another 
metal plate composed of the same material is used to seal the device together. There are numerous examples 
in the literature describing different microfabrication methods used to develop these types of all-metal 
microfluidic devices, as well as their successful application towards various chemical processes. [10] 
compared two different microfabrication processes, micro end milling and micro electrical discharge, for 
microfluidic devices composed entirely of metal or entirely of a polymer, and concluded that the end milling 
procedure resulted in the formation of burrs on metallic surfaces whereas the micro electrical discharge 
process was capable of producing high aspect ratio microchannels on metals without forming any burrs. [12] 
developed a biodiesel micro-reactor made of stainless steel with zig-zag patterned microchannels etched on 
the surface using an electric discharge process. The reactor was sealed by diffusion bonding. [8] built a 
microchannel heat exchanger to study the cooling and waste heat recovery from high concentration 
photovoltaic cells. The microchannels were engraved onto a copper chip, using a micro-milling technique 
and physically sealed with another copper plate using tightening screws.  

A significant disadvantage of devices composed entirely of metal, however, is the inability to directly 
visualize flows within these devices. Thus, a hybrid device, in which microfluidic channels are etched into a 
metal substrate and then sealed with a glass plate is desirable for visualization and direct observation of 
flows. For instance, [13] built a metal-glass hybrid heat sink device to evaluate experimentally the flow of 
boiling R134a in microchannels. The microchannels were etched into a copper plate using a disk saw end 
mill and the device was sealed with a glass plate with clamping screws.  

The sealing of a microfluidic device is an important step in the fabrication process and for all-metal 
devices this step is usually accomplished by welding, for example diffusion bonding [14], or via physical 
pressure through the use of screws or clamps [8].The sealing of microfluidic devices composed of two 
entirely different materials, like glass and metal, is less common and often more difficult to achieve. 
However, several methods including anodic bonding [14] have been successfully used to seal silicon-glass 
microfluidic devices. 

In this work, we describe in detail a process for fabricating metal-metal microfluidic devices or metal-
glass hybrid devices using a micromachining technique and either a welding or epoxy adhesion sealing 
method. The advantages of the fabrication method and sealing processes described here are that they involve 
1) a simpler process with fewer steps, 2) it is inexpensive, and 3) in the case of the metal-glass sealing 
method, it does not require the high temperatures used for other common metal-glass sealing methods. 
Finally, we demonstrate that the final products are suitable for use as Y-junction micro-reactor devices, 
through results from microscopic characterization and flow and visualization testing experiments. 

 
1. DESIGN OF THE MICROFLUIDIC DEVICE 

In this paper, Y-junction microfluidic devices were constructed to demonstrate the fabrication process 
proposed in this work. The devices were composed of a base plate on which the microchannel structure was 
etched and a cover plate used to hermetically seal the device. Here, the devices were all built with a brass 
metal base plate and either a metal or glass cover plate. Both the base and cover plates of all devices were 
rectangular in shape, 20 mm wide, 40mm long and 3 mm thick. 

The microdevices were designed with a Y-junction microchannel architecture consisting of two 
entrance channels which converge into a single mixing channel with a length of 395.35 mm. All channels 
possessed a square cross-section of 0.4×0.4 mm.The two inlet and single outlet connections to the exterior 
were made on the back side of the base plate. Figure 1a shows a schematic drawing of the microfluidic 
device and Figure 1b shows the position of the inlet and outlet connections on the external surface of the 
base plate. 
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Fig. 1. (a) Schematic drawing of the micro-reactor; (b) Connections to the outside.  
 

2. MICRO-FABRICATION 
Micromilling is a flexible machining process that allows the fabrication of high quality microfluidics 

device [15]. In this work, all microchannels were constructed using a computer numerically controlled 
(CNC) micromilling device (Micro CNC Minitech Machinery), with a maximum drill rotational speed of 
60,000 rpm and a displacement accuracy of 1μm. 

For both materials cases (metal-metal and metal-glass devices) the fabrication procedure started with 
the facing step, where a thin layer of material was removed from all surfaces of each plate to ensure the 
plane’s perpendicularity to the rotating axis of the workpiece and uniformity of all substrate surfaces. The 
layout of the microchannel pattern was designed using AutoCAD 2012 (AutoDesk®) software which could 
then be directly imported into the device’s software MecSoft VisualCAD 2012. The software then uses this 
design to automatically generate a code (GCODE), that contains the specific sequence of cuts and 
movements necessary to etch the pattern into the material substrate. The details of the fabrication and sealing 
process for both cases, metal and metal-glass, are detailed in the following section. 
 
2.1 Metal–metal microfluidic devices  

Fabrication of the metal-metal microfluidic devices consisted of four basic steps: 1.preparation of the 
base and cover plate surfaces, 2.deposition of a thin layer of tin, 3.etching the microchannel pattern on the 
base plate using micro-machining, and 4.finally sealing the two plates together. Figure 2 schematically 
illustrates these four stages of the fabrication process. 

In the first stage of the process, preparation of the surfaces, any imperfections on the base and cover 
plate surfaces were removed in a facing step, using a 3mm diameter tool bit (Figure 3a). Although this step 
could be accomplished through conventional facing tools not dedicated to micro-fabrication, this choice in 
fact aided in a more adequate deposition of the tin layer. 
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Fig. 2. Schematic representation of the micro-fabrication process for the metal-metal micro-
devices (1 – surface preparation; 2 – tin deposition on the surface; 3 – engraving of the 

microchannel pattern; 4 – sealing of the micro-system) 
 

In the next step, second stage, the plates were heated up to 200 ºC and a thin layer of liquid tin was 
deposited evenly along the inner surfaces of the plates and allowed to dry. In the third stage, the inlet and 
outlet holes were drilled and the microchannel pattern was engraved onto the tin surface through a milling 
process using a 0.4 mm tool bit (Figure 3b). Finally, to hermetically seal the device, fourth stage, base and 
cover plates were aligned and pressed against each other inside a pneumatic heat press (PLS 150 by 
Metalnox) set at 85 psi and 230 °C for approximately 75 min (Figure 3c). The plates were then allowed to 
cool at room temperature while maintaining a pressure of 85 psi. The two plates were effectively sealed due 
to the annealing of the two thin layers of tin on each of the plates. 

 

  

 
Fig. 3. Machining operations used in the manufacturing of the microfluidic device (a) 

Facing; (b) milling operation; (c) sealing. 
 

Figure 4 shows a single plate (bottom plate) in its various stages of the manufacturing process, as 
described in Figure 2. Figure 4.a illustrates the metal plate just after the facing step, Fig. 4b illustrates the 
metal plate after the tin deposition across one of its surfaces, Fig. 4.c shows the board after etching the 
microchannels, and Fig. 4.d shows the external face of the bottom plate and the details of its three 
communication holes. 
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Fig. 4. Fabrication steps for the microdevice: (a) metal plate after the facing procedure, (b) the 
surface of the plates with the tin layer, (c) the base plate with the microchannel machined onto 

the tin layer surface, and (d) the external face with three communication holes. 
 
2.2. Metal–glass microfluidic devices  

The metal-glass microdevice fabrication process was similar to that of the metal-metal devices and 
could be divided into three steps: 1.surface preparation of the base plates, 2.etching of the microchannel 
pattern onto the base plate surface, and 3.sealing the device. Figure 5 schematically illustrates the three steps 
of the metal-glass device manufacturing process. 

 

 
 

Fig. 5. Schematic representation of the fabrication process for metal-glass micro-devices (1 
– preparation of the base; 2 – engraving of the channels; 3 – sealing). 

 
Here, the base plate material was also brass, and the metal surface was first prepared in the same way 

as the plates used for the metal-metal devices (Figure 3a). After the base plate surface was prepared by 
facing, a 0.4 mm tool bit was used to etch the microchannels onto the surface. Figure 6 shows the base plate 
with the etched microchannel.  
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Fig. 6. Microchannels machined onto the surface of a brass base plate. 

 
The third and final step, the sealing of the device, involved using a two-component epoxy adhesive of 

polyamide and tertiary amine (POLY HOBBY – PULVITEC) with 2 hours cure, to seal the plates together. 
In this step, it was critical to ensure that the epoxy was spread between the two plates in a uniform manner, 
thus resulting in an uniform seal, and that no epoxy adhesive blocked the channel pathway. Thus, instead of 
spreading the epoxy directly onto the base plate, a layer of epoxy adhesive was first deposited on a small 
sheet of sandpaper (600 particles/cm2 with 25.8 µm average particle diameter), and the brass base was then 
placed in contact with the sandpaper.  The epoxy adhesive is deposited over the sandpaper and then 
transferred to the metal plate simply by direct contact. The rough surface of the sandpaper impairs the lateral 
movement of the epoxy, allowing for an uniform transfer of a thin adhesive layer over the brass surface, 
while avoiding an excess amount of epoxy in any position along the surface. Once the epoxy was transferred 
onto the brass base, the glass plate was aligned and placed in contact with the base and the epoxy adhesive 
was allowed to dry for a minimum of 2 hours. Figure 7 shows each of the individual steps in the metal-glass 
device sealing procedure. 

 

 

  
Fig. 7. Scheme of the sealing process for the metal-glass micro-device (1 – spreading of the epoxy 

adhesive on the surface of the sandpaper; 2 –base plate is placed in contact with the epoxy; 3 – 
adhesion of the epoxy to the base plate; 4 – sealing of the device with the glass cover plate). 
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Figures 8.a-e illustrate the process, first by showing the sandpaper fixed on a flat surface (8.a), the 
epoxy adhesive being spread onto the sandpaper (8.b), the base plate in contact with the epoxy (8.c), the 
surface of the sandpaper after removing the base plate (8.d), and the base plate with the glass cover plate 
sealed with epoxy (8.e). 

 

   

 
 

Fig. 8. Steps in the sealing of the metal–glass micro-devices (a – sandpaper fixed at uniform 
surface; b – epoxy being spread on the sandpaper; c – base plate of the micro-channels in 
contact with the epoxy; d – sandpaper after removing the base plate; e – sealed system). 

 
3. RESULTS AND DISCUSSION 

 
3.1. Metal-metal microdevice  

After the microchannel pattern was etched onto the tin covered base plate, microscopic images of 
various points of the surface were obtained with a 3D Hirox KH-8700 digital microscope for evaluating the 
machining quality and to quantify the dimensions of the microchannel. 

Figure 9a shows the etched microchannel on the surface of the microdevice’s base plate. An enlarged 
image of the region shown inside the rectangle in Figure 9a is shown in Figure 9b. The channel widths of 
this region were examined and measured, and an example of the 3D images generated, including a profile 
measurement across the width of the channel, is shown in Figure 9c. After 40 measurements the mean width 
of the microchannel was 401±4 μm, and the mean depth of the microchannel was 396.4± 1.42 μm. 
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Fig. 9. Microscopic images of microchannels after machining; (a) Region of micro-system where 

the dimensions were obtained; (b) Microscopic image of the square region indicated in (a); (c) 
Profile of the depth of the microchannel within the circled region indicated in (b). 

 
The quality of the seal and final product was verified by cutting the completed device along the dotted 

line shown in Figure 10a and examining the cross-section of the microchannel. Microscopic images of the 
cross section were taken to verify the quality of the sealing process and the final dimensions of the 
microchannels (Figure 10b). 

 

Fig. 10. (a) External image of the sealed device, indicating the region where the device was 
sectioned and the microscopic images were obtained; (b) Microscopic image of the cross section. 
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After 15 measurements the mean width of the microchannel was 377.8 ± 10.2 μm, and the mean height 
of the microchannel was 390.7 ± 44.3 μm. This reduction in dimensions is due to the manufacturing and 
sealing process. There were no observable obstructions blocking the channel and the seal appeared to be 
complete. In some regions, the height of the microchannel decreased due to excesses of tin (Figure 11). After 
four measurements, the mean height of the excess tin was estimated as 62.25 ± 5.68 μm. In the tin layer 
shown in Figure 12, four measurements were taken and the mean height of the tin layer was estimated as 
44.75 ± 10 μm. 

 

  
 

Fig. 11. Enlarged image of the second microchannel of 
Figure 10.b showing the excess tin inside the 

microchannel. 

 
Fig. 12. Detailed image of the tin layer. 

 

 
3.2. Metal-glass microdevice  

The quality of the machining process for the metal-glass microdevice was characterized similarly to 
that of the metal-metal device. After the microchannel pattern was etched onto the brass base plate, 
microscopic images were taken at different points along the channel, as selected in Figure 13a, in order to 
assess its dimensions and the quality of machining.  

Figures 13b and 13c show the microscopic images of the estimated mean width and depth, 
respectively, of the microchannel in the region indicated in Figure 13a. After 50 measurements, the mean 
width of the microchannel was 398 ± 11μm, and the mean depth of the microchannel was 401 ± 3.86μm, 
indicating that the channel possessed approximately a square section.  

 

   

 
Fig. 13. Microscopic images of the micro-channels after machining. (a) Region of micro-system 

where the dimensions were obtained; (b) Microscopic image of the square region indicated in (a); 
(c) Profile of the depth of the microchannel of the circled region indicated in (b). 
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Testing of the sealed microdevices were conducted by pumping a two phase liquid-liquid system 
through the microchannels pathway and visually inspecting for leaks and flow patterns. The experimental 
setup, shown in Figure 14, used for this analysis was composed of: (a) two syringe pumps (NE 1000), (b) the 
metal-glass fabricated microfluidic device, (c) a high-resolution CCD camera (PixelinkPL-H96YACG) 
connected to (d) a microscope (Navitar High Magnification Imaging - 12X Zoom lenses), and (e) a computer 
for data acquisition. The working fluids used for the two phase system were mineral oil (Sigma-Aldrich- 
330779) and deionized water with a red dye (Suvinil), wherein, 3.6 ml of dye was diluted with 20 ml of 
deionized water. 

 

 
Fig. 14 -Experimental setup for microdevices testing and flow visualization. 

 
The two liquid phases, mineral oil and water with dye, were pumped simultaneously into the device 

via separate inlets and brought into direct contact at the end of the Y-junction, marking the beginning of the 
reacting channel. All flow processes through the microfluidic devices were documented with high-resolution 
video. 

The quality of the device’s sealing was tested using two different volumetric flow rates, presented in 
Table 1. The flow rates were adjusted in order to produce different flow patterns, typical of the application as 
a microreactor for biodiesel production, that is often comprised of a two-phase flow of vegetable oil and 
alcohol + catalyst. In each case, the flow patterns were closely observed as well as any possibilities of 
leakage. 

 
Table 1 – Volumetric flow rates used in the visualization experiments. 

Experiment  
Water with dye  

(ml/min) 

Mineral oil  
(ml/min) 

 
1 0.024 0.050 
2 0.024 0.150 

 
Figures 15 and 16 show the behavior of the two-phase water-oil flow inside the microchannels for the 

two different flow rates shown in Table 1, respectively, for  experiments 1 and 2. In the images shown in 
both figures, the oil is the continuous phase while the water with dye is the dispersed phase. As expected, the 
size of the dispersed aqueous phase plugs (Fig. 15 – Experiment 1) and droplets (Fig. 16 – Experiment 2), 
decreased as the flow rate of the continuous oil phase increased, while stable monodispersed populations of 
plugs/droplets were produced. These images, as well as all on-line visual inspection conducted during the 
experiment, were possible only for the device which used a glass cover plate, hence its advantage over a 
device constructed entirely from metal. 
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Fig.15. Microscopic images of the two-phase water-oil flow for experiment 1. 
 
 

 

 
Fig. 16. Microscopic image of the two-phase water-oil flow for experiment 2. 

 
CONCLUSIONS 

In this paper we provide the detailed fabrication process of two types of metallic micro-reactors, one 
utilizing a metal cover and another utilizing a glass cover. Microscopic imaging was used to observe the quality 
of the machined microchannels, and demonstrated that the micro-milling process here presented is a suitable 
technique for microchannel fabrication on a metal substrate. 

The metal-metal micro-device was sealed via welding using tin as the additional metallic layer. 
Microscopic observation of cross-sections of the device showed that this technique can be used to make reliable 
metal-metal sealing of microfluidic devices with a small, manageable amount of distortion to the final channel 
size and shape. 

The sealing for the metal-glass microdevice was tested through visual inspection of on-line two phase 
liquid-liquid flows within the device. Two-phase flow experiments showed that the microfluidic device did not 
leak under the flow conditions selected and offered the advantage of on-line visual analysis of flows within the 
device. 

More recently, based on the presented successful design and microfabrication technique, research has 
been directed towards simulation of micro-reactors for biodiesel synthesis [16], accounting for both stratified 
and droplet flow patterns, so as to reach optimized configurations for the final assembly of a modular structure 
of multiple parallelized micro-reactors. 
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Abstract  
Outdoor cabinets containing power electronics components need to be cooled effectively and at the same time 

protected from outside air, which may contain moisture and various dirt that would reduce the reliability of the 
electronics. High power electronic devices need active cooling to transfer heat from the enclosure to the ambient. 
Sealing the cabinet from harsh industrial or outdoor environments helps to increase the lifetime and reliability of the 
components, but then thermal management solution needs to maintain high ingress protection of the enclosure by using 
an air to air heat exchanger to remove heat from inside the electronics cabinet. Air to air heat exchangers are widely 
used in the industry as they are cost-competitive, easy to install and maintain. On the other hand, they are inefficient 
and bulky. ABB has developed a cost-effective modular compact air to air heat exchanger for power electronics 
cabinets. These technologies uses numerous multiport extruded tubes with capillary sized channels disposed in parallel 
to achieve the desired compactness. A new concept, working as a pulsating heat pipe is investigated in the present 
study. The cooling unit is made of a stack of pulsating heat pipe heat exchangers to cope with the required heat loads. 
This new technology combines the respective advantages of compactness, design simplicity, modularity and freedom of 
the orientation. The performances of a single unit and stack of these pulsating air to air heat pipes using R134a were 
measured in a dedicated double loop air tunnel with controlled air flow conditions. Parameters like the fluid filling, 
orientation, temperature difference between hot and cold streams and number of pulsating heat pipes in the stack were 
varied. This novel technology was found to be 75% more compact than the standard air to air heat exchangers for the 
same performance and pressure drop and work in horizontal position with the same performances as vertically, at the 
optimal fluid filling. 
 
KEYWORDS 

Two-phase cooling, pulsating heat pipe, air to air heat exchanger, cabinet cooling.  
 
 

INTRODUCTION 
Typical power electronics enclosures can generate high heat loads from the kilowatt to the hundreds of 

kilowatts range. Air to air heat exchangers are widely used in the industry as they are cost-competitive, easy 
to install and maintain. On the other hand, they are inefficient and bulky. For high heat loads, the size of the 
air to air heat exchanger can be larger than the enclosure itself and the high air flow rate required leads to 
large fan noises and electrical consumption. 

ABB has developed a compact and low cost air to air thermosyphon heat exchanger based on 
automotive technology. This technology is modular so that several of these air to air thermosyphons can be 
arranged in series and/or in parallel to achieve the required performances. On one hand, this technology is 
65% more compact than finned heat-pipes or plate air to air heat exchangers for the same cooling 
performance and air pressure loss [1] but on the other hand it can only work in vertical orientation which 
limits the degree of freedom of the designer for its integration into products. 

Pulsating heat pipes (PHP) have been discovered in the early 90s by Akachi [2, 3]. In such device, the 
heat is transferred thanks to the oscillations of liquid slugs and elongated bubbles between the evaporator and 
the condenser areas. PHPs like thermosyphons are cheap (no wick structure), compact and entirely passive 
but have the advantage to operate independently from the orientation allowing higher flexibility on their 
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mechanical integration. Despite of the significant experimental and theoretical efforts made related to PHPs 
in the last decade, there are still unresolved issues on the mechanism of PHP operation [4]. 

PHPs emerged as interesting alternatives for modern heat exchangers with the above mentioned 
advantages compared to conventional heat pipe systems [5] but due to their complicated thermo-
hydrodynamic operation they are not yet well-spread technologies. Khandekar [6] tested a pulsating heat 
pipe fluid/fluid heat exchanger for a temperature control module. His PHP was formed by a continuous 
serpentine capillary copper tube with a stainless steel splitter plate between the hot and cold water streams 
and filled with ethanol. Tests were performed in both vertical and horizontal orientation for 25, 40 and 55°C 
temperature difference between hot and cold sources and 0, 40, 60 and 80% filling ratio. In vertical and 
horizontal orientations, the best performance were obtained for 40% filling ratio and 55°C temperature 
difference. A large performance de-rating was observed in horizontal orientation compared to vertical with 
70% decrease in heat transferred. Under gravity assisted mode, effectiveness between 0.25 and 0.45 were 
obtained. Another finding of the study is that the NTU- model for conventional heat exchanger gives good 
prediction for PHP heat exchanger in vertical orientation. 

This article presents a cost-effective modular compact pulsating heat pipe based air to air heat 
exchanger for power electronics enclosure. Optimization tests are performed on a single thermosyphon unit 
and on a thermosyphon stack. Measurement are compared to the NTU- model for conventional heat 
exchanger. 
 

ABB PULSATING HEAT PIPE TECHNOLOGY 
ABB hold a patent on a compact and low cost pulsating heat pipe air heat exchanger based on 

automotive technology [7]. This technology uses numerous aluminium MultiPort Extruded (MPE) tubes with 
capillary sized channels disposed in parallel. The sub-channels of the MPE tubes are connected in a 
serpentine manner by means of fluid distribution elements integrated in the evaporator and condenser 
manifolds.  
 

             
 

Figure 1: Exploded view of heat exchanger unit.   Figure 2: Photograph of stacked heat exchangers. 
 

Figure 1 shows a 3D exploded view of the heat exchanger unit. In the evaporator and condenser 
manifold, plates with rectangular openings will modify the fluid distribution so that the fluid coming from a 
first group of channels from a given MPE tube will be directed towards another group of channels of the 
adjacent MPE tube creating turns and a serial flow connection between the MPE tubes. For more details on 
the construction, please refer to [8]. The PHP was filled with refrigerant R-134a and the overall dimensions 
of the thermosyphon units were 0.865 m height, 0.385 m width and 30 mm depth. Each PHP was made of 34 
MPE tubes of 25.4 mm width having 13 channels connected in serpentine by 2 non-symmetrical manifolds 
leading to 65 turns. The tube pitch was 10 mm and the air fins were louvered type with 2.5 mm pitch. The 
manufacturing material was aluminium AW3003. In order to increase the heat load dissipated, it is possible 
to stack the PHP units in series, which makes the PHP air to air heat exchanger compact and modular. Figure 
2 shows a photograph of the tested heat exchanger made of 4 PHP units.  
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EXPERIMENTAL SETUP 
A schematics of the experimental test set-up and its instrumentation is shown on Figure 3. It is 

composed of the following elements: 
 A test section equipped with the following instrumentation: 

- 1 absolute pressure sensor connected to the condenser manifold of the first heat exchanger unit 
- Thermocouples at evaporator and condenser manifolds of each heat exchanger unit 

 2 inlet air distribution cones equipped with 1 thermocouple and an air pressure measurement port 
 2 outlet air distribution cones equipped with 1 thermocouples and an air pressure measurement port 
 1 axial fan mounted on the air distribution cone on the condenser side 
 1 radial fan connected to the air distribution cone on the evaporator side 
 1 electrical heater equipped with a PID controller  and placed between the radial fan and air distribution 

cone on the evaporator side 
 2 differential air pressure sensors 
 2 air flow meters 

 
 

   
 

Figure 3. Schematics of test set-up.       Figure 4. Photography of test set-up. 
 
 

Hot stream inlet temperature (evaporator section) is increased using electrical heating while the inlet 
temperature of the cold air (condenser section) is the ambient temperature (25 °C), as depicted in Figure 3. 
The air volumetric flow-rate of both hot and cold air streams could be controlled varying the rotational speed 
of two fans while the air volumetric flow-rate is measured by two thermal flow-meters placed at both inlet 
sections. The volumetric flow-rate varies within the range 100–2000 m3/h in the hot and cold sections. The 
test set-up is attached to the frame by a rotating fixation system to allow to perform tests in vertical (referred 
as 0 ° angle), horizontal (referred as 90° angle) orientations. Figure 4 shows a photograph of the 
experimental set-up.  

All signals are acquired through a National Instruments PXIe-1062Q system running Labiew. For 
temperature measurement a PXIe-4353 card equipped with a TB-4353 Isothermal Terminal Block was used. 
The pressure signals were acquired using a PXIe-6363 card equipped with a SCB-68A noise rejecting, 
shielded connector block allowing high frequency acquisition. 
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Table 1:  Measuring devices and accuracy  
Instrument Type Range Uncertainty 

Test facility 
Thermocouples Thermocoax, type K, 

shielded, class 2 
-40–1200 °C ± 0.1 K calibrated (all 

acquisition chain) 
Fluid pressure sensor Omega PX 409 0-17.5 bar ± 0.08 % 
Data acquisition National Instruments PXIe-

1062Q, PXIe-4353, TB-
4353, PXIe-6363, SCB-68A 

0-10 V ± 0.02 % 

Air pressure drop Sensirion SDP1000-L 0-500 Pa ± 2 % 
Air mass flow rate TROX VMR-400 

TROX VMR-250 
612-6048 kg/h 
216-2214 kg/h 

± 5 % 

Calibration material 
Refrigerated bath Lauda, R207 -40-200 °C ± 0.2 K 
Precision thermometer 
+ Platinum Probes 

Omega, DP97 -50-400 °C ± 0.04 K 

 
The measuring devices and their accuracy are presented in Table 1. All the thermocouples were 

calibrated using an Omega DP97 precision thermometer with platinum probes to measure the reference 
temperature and a Lauda R207 chiller to control the temperature. The uncertainty of the calibrated 
thermocouples is ± 0.1 K (it is ± 2.5 K if not calibrated). 
 
 

DATA REDUCTION 
The filling ratio Fr, defined as the ratio of the volume of fluid filled (the mass of fluid Mfill is 

measured) in the system divided by the internal volume Vunit of the pulsating heat pipe unit. 

unitfluid

fill

V

M
Fr





                                                  (1) 

The temperature difference T, defined as the maximum air temperature difference in the system 
between the evaporator and condenser inlet temperatures. 

)( ,, icih TTT                                                                      (2) 

The heat capacity ratio defined as the ratio between the cold and hot heat capacity respectively 
calculated at the condenser and evaporator side is defined as follow: 

hcr CCC                                                                              (3) 

where the heat capacities are calculated as the product of the specific heat capacity Cp estimated at the 
average air temperature and the air mass flowrate M: hphh CMC ,.  and cpcc CMC ,.  

The performance of the heat exchanger was characterized by the heat load transferred and the 
effectiveness. The heat load is defined as the heat absorbed by the pulsating heat pipe in the evaporator side. 
Heat load is obtained using the evaporator side heat capacity and the air temperature difference between inlet 
and outlet: 

 ohihhh TTCQ ,,                                                                       (3) 

The effectiveness  represents the ratio of the actual heat transfer rate to the maximum possible heat transfer 
rate achievable with an infinite heat exchanger. The effectiveness is a good indicator of the performance of 
the air to air heat exchanger.  was calculated from measurements as follows: 

 
 icih

ohihh

TTC

TTC

,,min

,,




                                                                       (4) 
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The classical method of error propagation was used to calculate uncertainties. Effectiveness has a 
mean absolute error of 16 % maximum and heat load of 8%. The heat balance between the cold and hot 
streams was better than 18 %, with 61 % of the heat balances below 10 % and 31 % below 5 %.  
 

SINGLE THERMOSYPHON CHARATERIZATION 
Measurement were performed for a heat capacity ratio Cr=1 (Mh=Mc=1000 m3/h) using ambient air for 

the condenser inlet (Tc,i ≈ 25 °C). Inlet evaporator temperature was controlled using the electrical heater to 
vary the temperature difference T = 5, 10, 15, 20 K. Figure 5 shows the effect of the filling ratio on the 
transferred heat load using R134a for different T respectively in vertical and horizontal orientation.  
 

 
Figure 5. Heat load versus filling ratio in vertical (left) and horizontal (right) orientation. 

 
In vertical orientation, for filling ratios between 20 and 90 % the transferred heat is practically 

constant. Below 20 % filling ratio, the vapor quality at the exit of the evaporator is high, there is not enough 
liquid to wet the evaporator wall constantly and consequently the boiling heat transfer coefficient decreases 
and the transferred heat drops significantly. In horizontal orientation, the range of optimum filling ratio is 
much more limited that in vertical orientation and this range is shrinking when increasing the temperature 
difference. At 20 K, the measured performance are de-rated compared to vertical orientation, probably due to 
partial dry-out in the evaporator. The amount of heat dissipated at the optimum filling ratio for T = 20 K is 
1550 W in vertical orientation and 1120 W in horizontal orientation. 

Figure 6 shows the effect of the filling ratio on the effectiveness using R134a for different T 
respectively in vertical and horizontal orientation. In vertical orientation, the effectiveness does not depend 
on the temperature difference T and reaches 0.5 for filling ratio between 20% and 90%. In vertical 
orientation, effectiveness values between 0.2 and 0.45 were obtained. When increasing the temperature 
difference, the effectiveness is degrading more rapidly with increasing fluid filling leading to a narrower 
optimal range of filling ratio.  
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Figure 6. Effectiveness versus filling ratio in vertical (left) and horizontal (right) orientation. 

 

 
(a) T = 5 K            (b) T = 10 K 

 
(c) T = 15 K           (d) T = 20 K 

 
Figure 7. Effect of orientation on heat load for different temperature difference 

 
Figure 7 shows the effect of the orientation on the transferred heat load using R134a for different DT. 

Up to 10 K temperature difference, the same performance can be obtained in vertical and horizontal 
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orientation but on a smaller range of filling ratio. For temperature difference of 15 and 20 K, long period 
oscillation of temperature and pressure could be observed, temperatures and pressures were oscillating which 
leads to the heat load and effectiveness variations observed on the graphs. On the whole filling range, on 
average the amount of heat transferred decreases with the inclination angle. At the same time, the optimum 
range of filling ratio is getting smaller when the inclination angle increases. There is a range of filling ratio 
where the performance of the pulsating heat pipe are very close in horizontal and vertical orientation for 
T = 5 K (60–85 %) and T = 10 K (55–65 %). When increasing the temperature difference T, the de-
rating between 0 and 90° inclination is 10 % at T = 15 K and 30 % at T = 20 K.  
 

THERMOSYPHON STACK CHARACTERIZATION 
One of the advantages of this technology is its modularity, i.e. the single thermosyphon heat 

exchangers can be stacked one behind the other until the desired cooling power is achieved. This 
configuration was tested experimentally with stacks comprising from 1 to 3 thermosyphons. The amount of 
fluid filled in each of the heat exchanger unit was identical and chosen as the average value of the optimum 
filling ratio measured for the 3 prototypes corresponding to 69%. Figure 8 and 9 show respectively the effect 
of the number of heat exchanger units on the heat load and effectiveness for stack temperature differences of 
T = 15 K and 20 K in vertical and horizontal orientation. 
 

 
Figure 8. Heat load vs. nb of heat exchanger units in vertical (left) and horizontal (right) orientation. 

 

 
Figure 9. Effectiveness vs. nb of heat exchanger units in vertical (left) and horizontal (right) orientation  
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In both orientation, the transferred heat load shows a typical effectiveness-NTU dependence. The 
effectiveness reaches ca. 70 % with 3 pulsating heat pipe units in the stack, independently of the temperature 
difference T and orientation. With 3 pulsating heat pipe units in the stack, the total transferred heat load 
was ca. 1650 W for T = 15 K and 2200 W for T = 20 K. The heat exchanger performance is similar in 
vertical and horizontal orientation. The measurement performed on the pulsating heat pipe air to air heat 
exchanger in vertical orientation were compared to the prediction given by the counter flow heat exchanger 
effectiveness-NTU relationship yielding a giving a good agreement within 5 % error.  
 

CONCLUSIONS 
The performances of a novel air to air heat exchanger based on pulsating heat pipe principle 

and automotive heat exchanger technology was investigated with refrigerant R134a as working 
fluids. This new technology combines the respective advantages of compactness, design simplicity 
and modularity of an air to air thermosyphon adding the design freedom of the orientation. The 
performances of a single unit and stack of these pulsating air to air heat exchanger were measured 
in a dedicated double loop air tunnel with controlled air flow conditions. At constant performance 
and pressure drop, this novel technology was found to be 75% more compact than the standard air 
to air heat exchangers. This pulsating heat pipe was also found to work in horizontal position with 
the same performances as vertically, at the optimal fluid filling for temperature difference up to 
10K. A pulsating air to air pulsating heat exchanger made of 3 units was found to be orientation-
free. Pulsating air to air heat pipe stack was found to be adequately predicted in vertical orientation 
by the classical heat exchanger theory, using the counter flow heat exchanger effectiveness-NTU 
relationship with a mean absolute error of 5 %. 
 

References  
1. Habert M., Agostini B. Air to air thermosyphon heat exchanger for cabinet cooling // 17th Int. Heat Pipe 

Conference, Kanpur, India, 2013.  
2. Akachi H., Polasvek F., Svtulc P. Pulsating heat pipes // 5th Int. Heat Pipe Symposium, Melbourne, 

Australia, 1996. 
3. Pat. 3229759 A, US. Structure of a heat pipe / Akachi H.; 1998.  
4. Zhang, Y., Faghri, A., Advances and Unsolved Issues in Pulsating Heat Pipes // Heat Transfer 

Engineering, 2008, vol. 29 (1), pp. 20-44. 
5. Vasiliev L. L. Heat pipes in modern heat exchangers // Applied Thermal Engineering. 2005. Vol. 25. 

Pp. 1–9.  
6. Khandekar S. Pulsating heat pipe based heat exchangers // 21th Int. Symposium on Transport 

Phenomena, Kaohsiung City, Taiwan, 2010.  
7. Pat. 2444770 A1, EP. Heat exchanger based on pulsating heat pipe principle / Agostini B., Fabbri M.; 

2012. 
8. Torresin D. et al., Experimental characterization of an open loop pulsating heat pipe cooler // 12th Int. 

Conf. on Nanochannels, Microchannels and Minichannels, Chicago, USA, 2014.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

12 
Y. Beliavski 

HEAT TRANSFER IN GASES  
BY PRESSURE GRADIENT ELASTIC WAVES 

 
Yan Beliavsky 

Super Fine Ltd. Israel 
e-mail: superfin@netvision.net.il 

 
 
 

Abstract 
A large amount of experimental data illustrating the influence of sound on temperature processes has 

accumulated in industry and technology research. None of these effects can be explained by conventional theories. The 
Ranque effect, the Hartmann–Sprenger effect and the temperature separation inside a short vortex chamber (performed 
by the author) also belong to this class of phenomena. In the report, the concept of Pressure Gradient Elastic Waves 
(PGEW) is proposed and proved. The concept gives a physical description of the heat transfer in these processes. A 
Pressure Gradient Elastic Waves is a special type of elastic wave arising in compressible media (gas) with a pressure 
gradient in the presence of density fluctuations (sound). The most important property of this kind of elastic wave is that 
it transfers energy from a low pressure zone to a high pressure one. 
 
KEYWORDS 

PGEW (Pressure Gradient Elastic Waves), temperature separation, Ranque effect, Hartmann–Sprenger 
effect, vortex chamber, heat transfer, heat pumps, low potential heat utilization. 

 
 

INTRODUCTION 
A large amount of experimental data illustrating the influence of sound on temperature processes in 

gases have accumulated in industry and technology research. For example: In the article [1] the results of the 
experiments on the influence of sound on the process of heat exchange between the air and the particulate 
material layer are published. In the article [2] the results of experiments on the effects of sound on the drying 
process are presented. In the article [3] the effect of sound on the cooling process was studied. 

A temporary lack of an adequate understanding of the physical basis of these processes is forcing us to 
refer these phenomena to a sequence of physical paradoxes. The temperature effects of Ranque [4] and 
Hartmann–Sprenger [5] should be attributed to the same class of phenomena.  

The gas rotating inside vortex tubes (Ranque effect) creates a pressure gradient with the maximum 
pressure at the periphery near the wall and with the minimum at the central area near the tube axis. The 
heating zone is located at the periphery, and a cooling zone in the centre. The temperature separation inside 
vortex tubes is always accompanied by a loud noise. Internationally known physicists H. Sprenger [6], M.A. 
Goldshtik [7], and M. Kurosaka [8] have emphasized that sound affects the temperature separation process 
inside vortex tubes. Their opinion can be summed up in Goldshtik’s words: “The self-oscillating and 
acoustic phenomena, always accompanying the operation of the vortex tube, should play a large role in the 
theory of the Ranque effect”.  

In the Hartmann–Sprenger tubes (the Hartmann sound generator) the pressure gradient is created by 
the gas jet impact. The bottom of the cavity mounted opposite to the nozzle is heated to significant 
temperatures. The pressure has maximal magnitude at this point (the kinetic energy of the jet transforms into 
potential energy). During the experiment [5], using a helium jet, the end cavity temperature reaches ~1100 
C. In this device, the minimum pressure area is the area between the nozzle and the cavity, where the jet 
velocity is maximal. It is possible to achieve a significant reduction of the gas temperature by removing heat 
from the outer wall of the cavity and by outputting the gas from the space between the nozzle and the cavity. 
The gas-dynamic generator of a cold [9] is arranged according to this principle. This device operates at 
cryogenic temperatures.  

Different concepts were proposed to explain these effects (the Ranque and Hartmann–Sprenger 
effects). The adiabatic pressure reduction during the acceleration of the jets in the nozzles was considered a 
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source of gas cooling in these devices. The heating process was explained by the viscous friction of gas jets 
or (in the Hartmann–Sprenger effect) by shock waves. The micro-refrigeration processes (or interaction of 
vortexes) were also considered. Hot and cold micro-volumes obtained from these processes were then 
separated. But, until now there were no theories that adequately described thermal processes occurring in 
these devices [9, 10]. 

The author discovered the temperature separation phenomenon in a short vortex chamber [11, 12]. The 
phenomenon includes all of the above features including the resonant character of the process (namely, the 
influence of the frequency of the sound fundamental tone on the temperature). Compressed air is pumped at 
room temperature from the side peripheral wall toward the centre of the vortex chamber. Experiments 
revealed that the highest temperature of the periphery was 465 C and the lowest temperature of the central 
zone was –45 C.  

The analysis performed showed that the results of these experiments cannot be fundamentally 
described based on the concepts mentioned above. 

The task of identifying the physical theory that adequately describes the thermal processes mentioned 
above is an important and is of current interest. On the basis of that theory, it is possible to explain the 
Ranque effect and the effect of the Hartmann-Sprenger as well as to improve the efficiency of devices using 
these effects. Furthermore, it is possible to create new devices, which would have the effectiveness 
significantly higher. 

It should be pointed out that in recent theoretical paper [13] (2015) there is have shown that the elastic 
waves exhibit the characteristics, which strongly differ from the conventional sound waves, when a pressure 
gradient presents inside gases. 

  The concept of Pressure Gradient Elastic Waves (PGEWs) is proposed and proved by the author 
[11, 12]. The PGEW is a special type of elastic wave arising in compressible fluids (gases) with a pressure 
gradient in the presence of the initial density fluctuations (in the presence of sound). The most important 
property of PGEWs is that they transfer energy from the low pressure zone to the region of high pressure. 
This heat transfer is not dependent on the temperature gradient; that is, the heat transfer can be carried out 
from cold to hot regions. 

This concept allows us to provide an adequate description of the physical processes of heat transfer 
taking place in the conditions described above. A new class of heat pumps (refrigerators, heaters, etc.) can be 
created on the basis of PGEW. The field of application of these devices is energy savings and low potential 
heat utilization, patent [14]. 

The field of research presented in this report (especially the project: Highly efficient generation of heat 
pumps, operating on the basis of the physical phenomenon "Pressure Gradient Elastic Wave) funded in 2015 
from the fund of research and development of Ministry of National Infrastructures, Energy and Water 
Resources of Israel.  
 
1. THE EXPERIMENTAL SUBSTANTIATION 

The concept PGEW is new and unexpected and meets with a skeptical approach. In addition, there is 
no the direct experimental evidence today of the PGEW existence. However, the accumulation of the 
experiments, which cannot be explained without involving the concept of PGEW, is the indirect evidences of 
that phenomenon.  

 
1.1. The Experimental Setup  

The author discovered and investigated the temperature separation phenomenon in a short vortex 
chamber, article [11] Fig. 1. The experimental installation used was described in detail, along with the 
characteristics of sensors and their accuracy in [11]. The pressure, measured by transmitters and expressed in 
bars, is a gauge pressure (atmospheric pressure = 0). 
1.2. Results And Discussion  

Fig. 2 shows the relationship between temperatures and inlet pressures. The temperatures measured by 
two thermocouples shown in Fig. 1. The “cold” thermocouple, 11, was attached to the end of the central rod. 
The “hot” thermocouple, 10, was mounted on the plugged end-cap of the branch pipe. The experiments were 
performed using different outlet diaphragm diameters. Compressed air is pumped at room temperature from 
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the side peripheral wall toward the centre of the vortex chamber. Experiments with diaphragm diameter d = 
30mm revealed the maximal temperature separation, when the highest temperature of the periphery was 465 
C and the lowest temperature of the central zone was –45 C. The temperature separation with higher and 
lower values of d also exists, but it is weaker. 

 

 
 

Fig. 1 Schematic overview of experimental vortex chamber. Top: cross-section 
front view; Bottom: cross-section top view. The experimental setup stands of the 
following components: 1—lower disc; 2—cylindrical side wall; 3—upper disc; 
4—outlet diaphragm; 5—discharge collector; 6—outlet connection; 7—
tangential nozzles; 8—central rod; 9—plugged branch pipe; 10—“hot” 
thermocouple; 11—“cold” thermocouple; D—vortex chamber diameter (140 
mm); H—vortex chamber height (25 mm); d—outlet diaphragm diameter; h—
distance between central rod and lower disc . 

 
Consider possible sources of a heat. 
a) The flow regime in the vortex chamber eliminates the possibility of shock wave formation. Indeed, 

when the inlet pressure was equal to 6 bar, the value of the pressure at the outlet of the nozzle was equal to 
3.6 bar. Clear to see that the ratio of the pressures 4.67 ≈ 0.66, that exceeds the critical value for the air. 
Furthermore, the unobvious result was identified during the experiments. The investigations show that the jet 
velocities are lower than the sound velocity at all operating modes for all diaphragm diameters. Therefore, 
the air flow inside the vortex chamber was not accompanied by shock wave propagation.  

b) The other processes (the friction, the interaction of vortexes and micro cooling cycles) are 
considered as sources of heating in vortex chamber. These processes are based on the heating a gas during 
some thermodynamic process. But if the "hot" micro-volumes are present inside the vortex chamber Fig. 1, 
they cannot heat the periphery because they cannot move to opposite direction to the powerful radial flow 
towards the center.  

The highest possible heating of a gas micro-volume can be estimated if we imagine that all the energy 
of the compressed gas which has accumulated in the compressor is transformed into heat. Since in the 
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compressor the temperature of the compressed gas is aligned with the ambient temperature, we will consider 
the process of isothermal compression. The work of the isothermal compression from state 1 to state 2 for a 
unit mass of an ideal gas is determined by the relation:  
 

1

2
21 ln

P

PRT
l


  , 

 
where P is a pressure; T is a temperature;  is a molar mass; R is the universal gas constant.  

 
 

 
 

Fig. 2 The temperature (C) as a function of the inlet pressure (bar): The experimental setup 
with outlet diaphragm d=30mm 

 
The compressor used in the experiments compresses air from the pressure 11 P  bar to 72 P  bar at the 

temperature T ~ 300 K. Using for the air the values  = 29 kg/kmol and R = 8314 J/(kmol K), we obtain 

21l = 167 kJ/kg. If all this energy (during a hypothetical process) is transformed into heat, the air 

temperature ( pc =1.006 kJ/kg K) will increase only by 166 K. In the experiments Fig.2 significantly higher 

temperatures were obtained. 
Consider possible sources of cooling. 
Only the adiabatic (polytropic) gas cooling during the pressure relief can be assumed as a source of 

cooling in a vortex chamber. The cooling during micro refrigeration cycles (considered for vortex tubes [10]) 
also basically comprises a hypothesis on pressure relief. 

a) It was pointed out above that when inlet pressure at the vortex chamber was equal to 6 bar, the 
value of the pressure at the outlet of the nozzle was equal to 3.6 bar. The maximal adiabatic cooling at such a 
pressure drop is 34 K. But real cooling that measured by cold thermocouple (Fig.2) was 65K??  

b) Fig. 3 schematically shows the modified vortex chamber. The chamber was different from the set 
(Fig. 1) in that the discharge collector was removed. 

The air comes out from the chamber directly to the premises. The central (axis) zone inside the vortex 
chamber (Fig. 3) is characterized by negative pressure in all flow modes, which creates a back flow. This 
flow has been well studied both theoretically and experimentally (see for example, the books [7, 15]). The 
axial velocity in this area is directed vertically downward into the vortex chamber. The radial velocity is 
negative and directed from the center to the periphery. Really at the central zone of the chamber, the pressure 
was negative and the air (~20°C) is sucked out from the outside of the chamber along the central rod. 
Nevertheless, the “cold” thermocouple 11 (Fig. 3) placed in the central area of the vortex chamber showed 
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stable cooling. Fig. 4 shows the cooling of the thermocouple as a function of input pressure. Neither 
conventional process can explain this cooling. 
 

  
 

Fig. 3 Schematic overview of modified experimental vortex chamber (cross-
section front view). 1-lower disc; 2-cylindrical side wall; 3-upper disc; 4-outlet 
diaphragm; 8-central rod; 9-plugged branch pipe; 10-“hot” thermocouple; 11-
“Cold” thermocouple; H-vortex chamber height (25 mm); d-outlet diaphragm 
diameter (30mm); h-distance between central rod and lower disc. The vortex 
chamber diameter was equal to 140mm. 

 
During maximal heating (d = 30 mm), large amounts of heat were released at the periphery of the 

vortex chamber. Not only the branch pipe was warmed up, but the entire massive side wall was heated. The 
polyethylene tubes connecting the pressure transducers with the side wall and lower disc were also broken by 
the heat and pressure. The tube fast connector was mounted on the outer surface of the side wall. The 
cylindrical canal inside the side wall and the closed part of the tube were oriented along the radius of the 
chamber.  

It is reasonable to assume that the tubes were broken by pressure at the points of maximum heating. If 
any process heats the air at the periphery of vortex chamber (Fig. 1), the point of plastic tube maximum 
heating should be right next to the outer surface of the side wall. It is very interesting that the broken holes 
were located not near the vortex chamber side wall but at a distance of 10–15 cm from it, at a place where 
the tube was flexed?? The results presented in this section and the analysis performed allow us to conclude: 
the currently existing "conventional" concepts cannot fundamentally explain the obtained experimental 
results.  
 

 
 

Fig. 4 The temperature measured by “cold” thermocouple (Fig. 3) as function of inlet pressure. 
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2. PRESSURE GRADIENT ELASTIC WAVE  
 
2.1. Fundamental principles 

The following fundamentals are justified in articles [11, 12]. Usually, they do not cause objections and 
are accepted as evidence. However, the important conclusions can be made on their basis.  
 Any effect on the gas, leading to the pressure gradient appearance, can be modeled by the field of mass 

forces acting on each of gas molecule.  
 The  
 zone of density fluctuation in a gas can be represented as micro-volume, on whose boundaries the 

pressure forces affect.  
 The pressure forces are “rapidly acting" forces having the velocity faster than the sound velocity.  
 Any disturbance associated with the gas density fluctuations generates an elastic wave (the Huygens' 

principle for gases).  
Consider the density fluctuations arising in a gas for any reason (sound, pulsation and turbulence). If, 

with presents of pressure gradient, in the zone of initial fluctuation, the density of the gas has changed from 
 rs  to    rs (  determine the amplitude of the fluctuations), the forces arise. These forces are 

the pressure forces. These forces are generated by the field of force, which creates a pressure gradient. In the 
article [11] the relation is obtained for the acceleration u(r), which determines the magnitude of additional 
force acting on the area of initial density fluctuation:  

 

u(r)= uf (r)    , 

 
where uf (r) is the acceleration, which characterizes the mass forces (for the rotation with constant angular 

velocity ,  uf (r) = ). The greater the value of the pressure gradient (defined by the acceleration uf 

(r)) and the greater the amplitude  of the initial density fluctuation, the greater the magnitude of this 

force. If the value of  is positive (fluctuation of compression), the force is directed in the direction of 
increasing pressure. This force is added to the pressure force, and further presses the zone of initial 
compression. If   is negative (the fluctuation of rarefaction), the force is directed toward the low pressure 
area. This force reduces the pressure generated by the field and further extends the zone of initial rarefaction. 
The pressure forces are “rapidly acting" forces. The initial fluctuation develops with the sound velocity. 
During the whole of this time, the rapidly acting pressure forces act on the zone of fluctuation, creating a 
secondary density disturbance. 

Based on the formulated above Huygens’ Principle, we can claim that the above-described secondary 
density disturbance in the zones of initial fluctuation must create a secondary elastic wave. This wave is 
described by the wave equation and propagates with the velocity of sound. 

The principle of wave superposition makes it possible to consider this wave separately. In addition to 
the above, the unique properties are revealed. This allows us to highlight this secondary wave in a separate 
type of elastic wave in gases – the Pressure Gradient Elastic Wave. 
 
2.2. Properties of Pressure Gradient Elastic Wave 

The PGEW properties listed below are derived from the relations published in articles [11, 12] and are 
based on both of the two necessary conditions: the existence of a starting density fluctuations and the 
existence of a pressure gradient. 

The PGEW properties listed below are derived from the above relations and are based on both of the 
two necessary conditions: the existence of a sound starting density fluctuations and the existence of a 
pressure gradient. 
• Regardless of the direction in which the initial sound wave propagates, the PGEW is always directed 

along the vector of the pressure gradient.  
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• In the PGEW the compression front and rarefaction front propagate in opposite directions: the 
compression front propagates to the direction of pressure increasing and the rarefaction front to the 
direction of pressure decreasing. 

• In a limited volume, PGEW cannot be reflected and move in the opposite direction when it reaches the 
wall. The forces that created this wave prevent the wave displacement in the opposite direction. 
Consequently, when PGEW reaches the walls, it transfers its own energy to the wall. For the same 
reason, the PGEW cannot pass through the zone of the extremum of the pressure gradient (for example, 
through the centre of rotation) and is dissipated in this region. 

• As the compression front and the rarefaction front of the PGEW move in opposite directions, the terms 
in the formula of the wave energy, which represent compression and rarefaction,  will not be 
compensated. Consequently, the compression front carries the real heat and the rarefaction front carries 
the real cold.  

• The most important property of the PGEW is that in a limited volume it cools the wall (or region) 
positioned in the low pressure zone and heats the wall positioned in the high pressure zone.  

The feeding of heat transfer agents to the respective zones allows us to realize the heat transfer, which 
is independent of the temperature gradient. That is, it will permit the creation of a new type of heat 
pumps [14]. 
 

CONCLUSIONS 

1. The investigation of the temperature separation phenomenon in the short vortex chamber [11] 
confirmed the conclusion that the adequate understanding of the physical basis of these processes is absent. 
The experimental results obtained cannot be explained by conventional heat transfer processes. 

2. The concept of Pressure Gradient Elastic Waves (PGEWs) is proposed and proved. A PGEW is a 
special type of elastic wave arising in compressible fluids (gases) with a pressure gradient in the presence of 
the initial density fluctuations (in the presence of sound). This concept allows us to provide an adequate 
description of the physical processes of heat transfer taking place in the conditions described above. 

3. The most important property of Pressure Gradient Elastic Waves is that they transfer energy from 
the low pressure zone to the region of high pressure. This heat transfer is not dependent on the temperature 
gradient; that is, the heat transfer can flow from cold to hot regions. A new class of heat pumps 
(refrigerators, heaters, etc.) can be created on the basis of PGEW. The field of application of these devices is 
energy savings and low potential heat utilization. 
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Abstract 
The processes of capillary transport and condensation occurring in irregular thin layers of capillary-porous 

powder materials have been analyzed. It has been shown that the irregularity of thin layers of capillary-porous powder 
materials (CPPM) causes considerably higher transport capacity than one might expect in the same layers with a regular 
structure. Due to insignificant thickness of the layers investigated, the heat transfer coefficient at evaporation 
significantly exceeds similar values for CPPM layers about 1 mm thick and more, and depends essentially on the 
interfacial pressure drop. 
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INTRODUCTION 

Miniaturization of electronic components is connected with the problem of increasing the densities of 
discharged heat flows and a corresponding increase in temperature fluctuations in the cooling system. 
Currently, the problem of developing a cooling system designed for heat flow outlet of 150 W from an area 
of 1 cm2 is being solved [1]. The used powder copper capillary structure with the thickness of 0.5 mm creates 
a temperature difference of about 20оС under these conditions, while the requested difference across the 
entire cooling system should not exceed 7оС. Attempts to use diamond substrates stretching the heat flow 
have not made it possible to achieve the desired characteristics. Therefore, solving the problem may only be 
based on reducing the thickness of capillary structure while improving its capillary transport capacity. 
 
REGULAR AND IRREGULAR PORE STRUCTURES 

The concept of irregular pore structure was introduced by Kostornov A.G. with respect to thin 
layers of porous filter materials [2-5]. Use of this characteristic for porous materials is connected 
with the fact that measuring the structural properties (porosity, average and maximum pore size) of 
a thin layer of porous material provides the results different from similar ones for larger volume of 
the porous material produced from the same starting powder with the same technological 
parameters. A schematic representation of regular and irregular pore structure is shown in Fig. 1 
[5]. The porous material is characterized by a very definite («equilibrium») maximum pore size in 
the area of regular structure I (fairly high thicknesses). When the thickness of the layer of porous 
material is reduced, there is a shift into the area of irregular structure where the measured maximum 
pore size (as well as the average pore size and porosity) appear higher in comparison with the 
regular area. Regularity coefficient C is used for quantitative characterization of the irregularity of 
the pore structure [2]:  

 ,
max

max

D

D
C

equil

  (1) 
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where equilDmax  is the equilibrium maximum pore size in the material with a layer thickness greater than 

critical, Dmax is the measured value of maximum pore size of the thin layer of the porous material. The 
maximum regularity coefficient value is equal to one at the structure of the materials corresponding to area I. 
In area II, regularity coefficient value С is less than one, and the smaller it is, the more irregular the pore 
structure is. 

It is underlined in the work [6] that regularity is an important quantitative characteristic of the pore 
structure. It largely determines such requirements for porous materials as high permeability at the required 
purification fineness and the uniformity of pore distribution across the filter surface. This work has also 
investigated the effect of the thickness of porous powder material on the regularity of the pore structure. It 
has been concluded that the regularity of the pore structure depends entirely on the granulometric 
composition of the powder and on the layer thickness. At the same time, the larger the powder is, the higher 
thickness provides complete regularity. It has been established that the regularity of the pore structure 
characterized by the parameters С close to one is achieved at the thickness of a sample consisting of 20-24 
powder particles for filtering powder material. 

If the properties of irregular thin layers of powder porous filter materials are investigated quite fully, 
then the influence of low layer thickness on the performance properties are still not emphasized in relation to 
capillary-porous powder materials. Meanwhile, the thickness of the powder capillary structure is less than 
the boundary values of the regular area in such an important field of use of powder porous materials as low 
temperature heat pipes in most cases (and always in miniature heat pipes). The thickness of the powder 
capillary structure in flat mini heat-pipes can make even 3-5 powder particles. 
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Fig. 1. Diagram of regularity (I) v (II) domains of the pore structure of the powder material. Π1 > Π 2 > Π 3. 

 
CAPILLARY TRANSPORT IN IRREGULAR THIN LAYERS OF CPPM 

Let us consider the process of capillary transport in an irregular CPPM layer saturated with liquid 
coolant. It represents a band with total length l, width s and thickness b and is referred hereinafter as 
«capillary structure» (CS). Heat is supplied to it evenly over the length le from one end of CS, whereby fluid 
evaporates. A uniform replenishment of CS with liquid, which moves to the evaporation zone through the 
transportation zone with the length of lt = l - lc - le by capillary action, is carried out over the length lc from 
the opposite end of CS due to vapor condensation. Such scheme of coolant circulation is implemented in heat 
pipes (HP). Liquid heat transfer fluid at the operating temperature (steam temperature) T has a density ρl, a 
surface tension σ, a dynamic viscosity μl, a specific heat of vaporization r; the wetting angle of the CS 
material with heat transfer fluid is Θ. 

The expression for the maximum heat flow Q0, which a thick enough regular CS with a cross sectional 
area S inclined at the angle φ to the horizon can transmit, has the following form [7]: 
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where ξ. ν are the constants for the given type of powder material characterizing the dependence of the 
permeability coefficient k on the average hydraulic pore size: 
 

  0dk  , (3) 

 
g is acceleration of gravity, lef =(lc + le)/2 is the effective length of CS, d0 is the equilibrium value of the 
average hydraulic pore size at CS thickness greater than the critical [2]. 

The value of the average hydraulic pore size d differs from the equilibrium one for the irregular CS 
considered by us and having a thickness less than the critical thickness b0, which is characterized by the 
coefficient of regular pore structure C defined by the expression [3]: 

 

  
d

d
C 0 . (4) 

 
In the work [2], the example of porous materials from bronze powder BrOF-10-1 made it possible to 

define the regression dependence of the regularity coefficient on the material layer thickness, which may be 
used to assess the transportation ability of irregular CS: 

 

  












0n

n
C , (5) 

 
where n =b/D is the number of powder particles over the layer thickness, D is the average particle size, γ is 
the exponent in this case equal to 0.282, n0 = b0/D. 

Using the expression for the number of powder particles over the layer thickness from the expression 
(5), one can obtain the expression for the average hydraulic pore size of an irregular structure of the 
following type: 
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Taking into account the expression (6), the expression (2) may be the source of a clear dependence of 

the maximum heat flow Q, which the irregular CS is able to transmit, on its thickness b: 
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In order to determine the constants ξ and ν, as well as to establish the dependence of the average 

hydraulic pore size on the CPPM particle size from bronze powder, corresponding experimental studies have 
been conducted. Powder BrOF-10-1 diffused in 9 fractions has been used for the production of samples. The 
samples in the form of discs with a diameter of 30 mm has been obtained by sintering of freely poured 
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powder in a continuous furnace in endogas medium at an optimum temperature for each fraction [8]. The 
average hydraulic pore size has been determined by Barus-Bechgold, and the coefficient of water 
permeability has been determined by water flowing under the influence of hydrostatic pressure. Fig. 2 shows 
the results for the dependence of permeability coefficient on the average hydraulic pore size, and Fig. 3 
shows the results for the dependence of the average hydraulic pore size on the average particle size of the 
powder calculated by the Anderson formula [7]. 

 

 
Fig. 2. Dependence of the permeability coefficient on the 
average pore size 
 

 
 
Fig. 3. Dependence of the average hydraulic pore size on 
the powder particle size 
 

 
The values for the constants characterizing the dependence of the permeability coefficient on the 

average hydraulic pore size have been obtained: ξ = 0.00212, ν = 1.87 (for SI units), and the expression for 
the dependence of the average hydraulic pore size d0 on the average powder particle size D (also SI units) is 
as follows: 

  23,1
0 51,1 Dd  . (8) 

 
The calculations of CS transportation capacity considering the impact of pore structure irregularity 

have been carried out using the obtained expressions. Fig. 4 shows the results of calculation in comparison 
with the results of calculation excluding the irregularity.  
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Fig. 4. The calculated dependence of CS transportation 
capacity on its thickness: 1 – considering the CS 
irregularity, 2 – excluding the CS irregularity 
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The calculations have been performed for CS with a total length of 15 cm, an evaporation zone length 
of 2 cm, a condensation zone of 5 cm, with a width of 1 cm; inclination angle 0, an average particle size of 
150 µm, water as the heat carrier at 60оС. Analysis of the dependencies leads to the conclusion that the 
irregularity of CPPM thin layers causes a considerably higher transportation capacity than one would expect 
from the same layers with a regular structure. 

 
EVAPORATION FROM IRREGULAR CPPM THIN LAYERS 

Main provisions of the physical model of evaporation process from a CS irregular thin layer of are as 
follows. A partial dewatering pore space is due to the presence of pore size distribution in the material. A 
flow of liquid heat carrier moves to the evaporation zone parallel to the layer по заполненным жидкостью 
порам, and a flow of steam from the heated surface moves by the drained pores facing the layer surface in a 
perpendicular direction. A stable mode of evaporation takes place within CS, i.e. the drained pore works 
similarly to the heat pipe evaporation zone. Heat transfer coefficient under evaporation may be represented 
as follows: 

 

 e= 
b

 + ,  (9) 

 
where b is the thickness,  is the CS thermal conductivity, + is the additional term caused by the 
evaporation process from the CS. 

The statistical model of a porous body of serial type [9, 10] has been used to estimate the contribution 
of the additional term. In this model, the porous body is represented as a set of parallel capillaries of circular 
cross section, each of which consists of a series of successively arranged cylindrical units. The diameter and 
the length of each unit are random variables independent of neighboring units and distributed with a given 
density of probability. Initially, all the capillaries are filled with liquid. With the increase in pressure 
difference between vapor and liquid p, there is the penetration of steam into the units with a diameter greater 
than ζp=4σcosΘ/p, where σ is liquid surface tension and Θ is wetting angle of the porous body material with 
fluid. 

Similar to the work [11], one may obtain the following equation within this model for the distribution 
function of the steam part of the pore P(x): 

 
 )(1)( 0  xPxP , (10) 

 

where  is the relative number of units having a diameter greater than ζp, ζ0 – average pore size, giving the 
solution 
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x
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Therefore, the number of capillaries Np(x) drained at the distance x from the surface of CS is equal to 

 0
00 ))(1()( 

x

p NxPNxN  , (12) 

 
where N0 is the total number of capillaries per CS surface area unit. 

The dried units form steam-allocating channels. Pressure drop p in the steam phase in a single unit 
with the length ζ0 and the diameter ζ is connected with the flow of steam through the unit Gζ by the relation: 

 pζ= 


0

4
4

00 






 d
d

d
G

N

k
, (13) 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

25 
V.V. Maziuk et al. 

 
where η is the viscosity of steam, k is the gas permeability of CS material. 

Thermal resistance of a single unit is equal to 
 

  Rζ =




Q

T
, (14) 

 
where Tζ is the temperature drop on the link, Qζ=rGζ is the heat flow through the unit,  is the steam 
density. 

Using the relation 

  , p
dp

dT
T   (15) 

 
one can obtain the following expression from (13) and (14) 
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Thermal resistance Rl of the unit in the form of a parallel CS layer surface with the thickness ζ0  and 

with the single base area located at the distance x from the CS surface determined by a combination of 
thermal resistances contained in the element of dried units: 

 

 Rl=
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, (17) 

 
and thermal resistance RS of CS element with the thickness b having the single base area is summed of layer 
thermal resistances: 
 

 
b

l
s dz
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0 0
. (18) 

 
Using the expressions (16)-(18), one can calculate the incremental part of the heat transfer coefficient 

during evaporation: 
 

 
sR

1
  . (19) 

 
Thus, the expressions (9), (12), (16)-(19) make it possible to calculate the heat transfer coefficient 

during evaporation for a thin layer of powder CS. 
Fig. 5 shows the calculated variation of the heat transfer coefficient at evaporation along the 

evaporation zone. CS thick is 0.2 mm. CS is obtained by sintering of copper powder with a particle size of 
0.05-0.063 mm. Zone lengths: evaporation – 20 mm, transportation – 80 mm, condensation –  
50 mm; inclination angle to the horizon 0, working fluid – water, vapor temperature 60С. 
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Fig. 5. Variation of the heat transfer coefficient at evaporation along the evaporation zone 

 
CONCLUSIONS 

The concept of irregularity of porous powder materials used previously for filter materials has been 
extended to the class of capillary-porous powder materials. The processes of evaporation and capillary 
transport occurring in irregular CPPM thin layers have been analyzed. It has been shown that the irregularity 
of CPPM thin layers causes considerably higher transport cpacity than one might expect in the same layers 
with a regular structure. Due to insignificant thickness of the layers investigated, the heat transfer coefficient 
during evaporation significantly exceeds similar values for CPPM layers about 1 mm thick and more, and 
depends essentially on the interfacial pressure drop. 
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Abstract 
The report reflects the results of the development of software - hardware system with TV-measuring system, 

operating in the infrared - range. The analysis of defects arising during the industrial production of aluminum ammonia 
heat pipes. To test the software - hardware complex samples made of heat pipes, reproducing hidden defects. 
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INTRODUCTION 
The modern development of electronic technology, in particular the miniaturization and increased 

density of heat flow requires the use of cooling systems that are able to transmit and scatter released heat 
energy. Traditional methods of thermal control are almost exhausted their possibilities and a number of 
parameters do not meet the requirements of new technology. The use of special cooling devices, particularly 
capillary heat pipes (HPs) in many cases allows  to solve the problem of heat removal, especially in systems, 
where the requirement for the layout does not permit to move the heat sources to the peripheral parts of the 
block, for example in high-frequency technology. At the same time, in series production of these HPs, 
adapted to the design of the product, an important problem is the detection of manufacturing defects at the 
stage of production, their analysis and removal of  the factors that caused the defect. As studies have shown, 
along with ultrasound and X-ray, scientific and practical interest are drawn to television methods for quality 
control of products in the containment, within which phase transitions occur with the absorption and release 
of heat [1,2]. 

 
Hardware-software complex "Plast" 

For the detection of defects at the manufacturing stage of heat pipes, that are used for the production of 
cooling systems CO and CO-1, there was developed a hardware - software complex (PAC) with television-
measuring system (TIS), operating in the infrared - wavelength range (8 ... 12 mcm) . All nodes of TIS are 
mounted in a special housing, that provides mechanical and thermal protection, as well as excluding the 
possibility of reflections of infrared rays from its walls. According to the proposed measurement technique 
[1,2], for the formation of non-stationary heat flow, in the central part of the studied heat pipe, there was 
installed a managed  pulse heater and there provided horizontal basing of the pipe. All TIS management, 
including pulsed mode of operation of the heater was performed by commands from a computer within the 
algorithms of the developed special software (Figure 1). When processing video recording from infrared TV 
camera there were used two techniques: 1) mode still images; 2) real-time mode. 

The application of software "Plast-1.0" also allowed to automate the process of calculating the 
asymmetry coefficient (Ai

S) using the proposed groups of morphological traits. To establish the connection 
between the quality of HPs and asymmetry factor was proposed the principle of "standard pipe" ASср average 
value which is taken as the criterion. Then, in a first approximation, grading of a particular type of CT was 
performed on the following condition:  1) ASср ≈ AЭSср - satisfactory;  2) ASср>> AЭSср - unsatisfactory.  



 
 

Fig. 1. The main window of the software "Plast-1.0". Photo Shoot. Example of symmetry calculation. 
 
 

To develop methods of control were made three groups of  HPs by type of defects and one group of 
standard HPs. 
Reference heat pipes: 

 HPs with a nominal amount of ammonia - a reference HP №1; 
 HPs with a nominal amount of ammonia, instead of plug installed a second filler neck, brewed 

before refueling - the reference HP №2. 
Heat pipes with mechanical manufacturing defects: 

 aluminium shavings inside the heat pipe, the volume of about 0.5 cm3, №.3; 
 aluminium shavings (wire) as length of the helix coil 100 ... 150 (mm), the cross section of 0.75 ... 

0.5 (mm), №.4; 
 aluminum sleeve in the steam channel, the outer diameter of the sleeve is equal to the diameter of 

the steam passage, the wall thickness of 0.5 ... 1 (mm), the length of the sleeve 5 ... 10 (mm), №.5; 
Heat pipes with defect profile 

 capillaries HPs rolled in with aluminum wire, the number of rolled in channels from 3 to 5 channels 
rolled in along the whole HPs, №.6; 

 capillaries HPs rolled in with aluminum wire, the number of rolled in channels from 3 to 5, the 
channels are rolled in from the middle to the HPs plugs, №.7; 
- at a distance equal to 1/3 of the length of the HPs plugs in the area of 5 ... 10 (mm) capillaries are 
removed, №8; 
Heat pipes with anomalies (defects) filling the coolant: 

- when filling HPs pumping air from the cavity of the heat pipe is not done №.9; 
- oil from the vacuum pump inside the HPs, the oil volume of about 0.5 cm3, №.10; 
- water is inside HPs, water volume of about 0.5 cm3, №.11; 
- undercharged  HPs, the volume of ammonia 25...50 (%) of the nominal amount, №.12; 
- HPs refilled, the amount of ammonia is 150 ... 200 (%) of the nominal amount, №.13. 

 
Along with the quantitative evaluation of the asymmetry coefficients in the above list of heat pipes, the 

method of field characteristics was used [3], which with the implementation modes of thermography, 
separated contours and based on the analysis of dynamic morphology of the temperature field in conjunction 



with X-ray methods, allowed reliably visualize the defective areas. Figure 2 shows an example of such 
studies. 

It should be noted that in the experiments on the diagnosis of the quality of the "standard" heat pipes 
№1 and №2, the average coefficient of asymmetry didn’t not exceed the value of 0.09, which is a typical 
result (according to our research) and for pipes made without specially created defects of other 
manufacturers, such as acetone (ASср 0,086) - Laboratory of the heat pipe of the National Technical 
University of Ukraine "Kyiv Polytechnic Institute".  

 

 
 

Fig. 2. Experimental study of the quality of heat pipes by field characteristics. Photo Shoot. 
Example: Mode thermography, Tmax. = 36 ͦ С, PO "Plast-1.0". The asymmetry coefficient (AL

S) is 
calculated by the distance from the center of the HP to the front of the isothermal lines (L). 

 
 

The average values of the asymmetry coefficient of heat pipes with mechanical manufacturing defects 
and defects of profile (№.3÷№.8) were significantly different from the "standard" and made ASср ≈ 0,1 ÷ 0,6. 
The role of these defects is obvious, even on the basis of a simple qualitative analysis, and mainly due to the 
partial or total disruption of vapor transport in the transport area of the pipe [3]. That ultimately causes a 
significant asymmetry of the isotherms towards the central axis of the source of thermal energy. 

An attempt to directly transfer the developed technique for the diagnosis of heat pipes (№9÷№.13) 
with anomalies (defects) of filling the coolant did not give a positive result. As shown by the experimental 
studies, carried out in the framework of the dynamic thermography, the created anomalies at "standard" 
conditions of launching the tube, basically block the normal development of start-up mode (Figure 3). 
 

 
 

Fig. 3. Experimental study of the quality of heat pipes with anomalies (defects) of refilling 
coolant. Example: The oil from the vacuum pump inside the HP (№.10). Thermography mode, 

Tmax. = 35 ͦ С, PO "Plast-1.0". The asymmetry coefficient, ALS = 0,08. 
 
 

After checking the HP with different kinds of defects in the software - hardware complex, there were 
assembled cooling systems [4] and checking of their performance by a thermocouple method in the standard 
setting used in production. Defects, identified by the software and hardware complex were confirmed when 
checking on a regular installation used in the production. 

 
 



CONCLUSIONS 
 
The software - hardware system has a high capacity of up to 30 ... 40 heat pipes per hour and the lack 

of influence of the operator on the measurement results. All measurements, including video from the 
isotherms, indicating the number of the heat pipe, inspection date, the name of the operator are archived and 
stored on electronic media. The audit report may be outputted as check of each of the heat pipes, as well as a 
common protocol for the batch. It is assumed a further development of the software - hardware system for 
detecting defects refueling HPs, for example, to reduce the rate of propagation speed of isotherm fronts. 
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Abstract 
The paper describes the work aimed at controllable loop heat pipe (CLHP) operation study when non-

condensable gases (NCGs) are injected. In this work, the effect of NCG on the operating performance of an ammonia–
stainless steel CLHP was experimentally investigated. Nitrogen was selected as NCG, and the steady-state operating 
characteristics of the CLHP with NCG was systematically studied for different NCG inventories. The performance 
history of the CLHP, as well as the change of CLHP conductance, is discussed in detail.  
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INTRODUCTION  

Loop heat pipe(LHP) is competitive two-phase thermal management device due to its ability to 
transfer high heat loads up to long distances and against gravitational field.  

The first flight experiment in conditions of microgravitation was conducted in 1989 aboard the 
Russian spacecraft “Gorizont” [1]. At present LHPs are finding ever widening use in space, where several 
tens of such devices are already successfully used [2, 3]. In particular, a unique thermoregulation system 
including six LHPs was installed aboard the Russian spacecraft “Mars-96” [4]. The same number of LHPs is 
use din the cooling system of nickel-cadmium batteries on a Chinese meteorological satellite FY-IC [3]. 
Sixty two ammonia LHPs are installed on six American satellites Hughes-702.  

Active control over the LHP operating temperature is an important feature of LHP. One can maintain 
the LHP operating temperature at a given level under changes of both the heat load and the condenser 
temperature with the help of a controllable thermal action on the compensation chamber (CC). Such a 
thermal action may be both positive and negative. We called this kind of heat pipe controllable loop heat 
pipe (CLHP). KU [5] and Michael [6] explained the control principle of LHP for the first time, they indicated 
that the LHP operating temperature is governed by the CC saturation temperature. Wolf [7] studied the active 
control method of LHP by providing heating or cooling to the CC. Jentung [8] did an experimental study to 
investigate the effectiveness of using thermoelectric converters (TECs) to control the operating temperature 
of LHP with two CCs and two evaporators. American spacecraft ICESar, launched in 2003, use is made of 
two propylene LHPs with active control for cooling the Geoscience Laser Altimetry System (GLAS) [9].  

Two main reasons which limit the life of the LHP can be discussed. The first is the generation NCG 
inside the sealed envelope of LHP, and the second is constant loss of working fluid during the life time. As 
the development of welding technology and leak detection technology, the second one has been basically 
solved. NCGs can be generated for a number of reasons, listed by Ku [5] and Baumann and Rawal [10]. 
According to Ku [5], the presence of gas in the compensation chamber increases the temperature difference 
across the wick and consequently, the loop operating temperature. An experimental study of NCG effects on 
the LHP operation has been conducted by Nikitkin et al. [6], using ammonia as the working fluid. Tests were 
performed by injecting various amounts of hydrogen gas into the loop. The results indicated that in large 
quantities, NCGs increase the start-up time and the operating temperature. The measured effects of NCGs 
were much smaller than expected, because the gas was absorbed by the working fluid, the envelope and wick 
materials.  
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So far, the issue of NCG for LHPs has been investigated by some researchers, but the effect of NCG 
on the CLHP was not studied yet. This paper describes the work aimed at CLHP operation study when NCG 
are injected.  
 
1. EXPERIMENTAL SYSTEM  
 
1.1. Experimental Setup  

Fig. 3 shows the practicality of the tested LHP in this paper, which is an ammonia-stainless steel type 
with ceramic wick. Table1presents the basic parameters of the LHP where CC represents the compensation 
chamber and Dout and Din represent the outer and inner diameters, respectively.  
 

Table 1.  
Basic parameters of the tested LHP  

Components Dimensions 

Dout/Din; length of evaporator, mm 19/16; 130 
Dout/Din; length of wick/mm 14/6; 120 
Dout/Din; length of liquid & vapor line/mm 3/2.2; 1000 
Volume of CC/ml 53.1 
Working fluid inventory/g 45 

 
We use a full-automatic and high precision charging system to charge the working fluid into LHP. The 

quality precision is better than ±0.5g, while the accuracy of purity is better than 99.9999%.  
In order to avoid the temperature fluctuations of condenser affect the result of the experiment, 

condenser was immersed in a constant temperature water tank throughout the experiment.  
An aluminum mass was attached to evaporator to simulate the instrument mass. Tow electric 

resistance heaters was attached to thermal mass to provide heat loads between 1 and 300 W.  
Fig 1 shows the temperature control of CC. The most commonly used state-of-the-art method to 

control the LHP operating temperature is to cold bias CC and use an electrical heater to maintain the CC at 
the desired set point temperature. The CC is fixed in an aluminum saddle which attached with an aluminum 
mass. The aluminum mass immersed in a constant temperature water tank so it’s temperature almost the 
same to the water. Two resistance electrical heaters were attached to the side wall of the aluminum saddle 
respectively. All the contact surfaces coated with thermal conductive grease. The CC was cold by the 
aluminum saddle and cold liquid returning from the condenser, at the same time was heated by the electrical 
heater. Thermostats had a set point from 0 to 30 °C were used for the heaters for over temperature protection. 
A Lab view program was used to regulate the reservoir temperature by using either the PID or on/off control 
scheme.  
 

Liquid Level

Aluminum Mass

Heater

Aluminum saddle

 
 

Fig. 1. Temperature control of CC  
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Ten type T thermocouples were used to monitor the temperatures of the LHP components and the test 
setup as shown in Fig. 2. All the components except condenser were covered with multilayer insulation 
materials. A data acquisition system consisting of a personal computer, an Agilent 34980A and Lab view 
software was used to display and store data every ten seconds.  
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Fig. 2. Thermocouple locations  
 

 
 

Fig. 3. Physical test system diagram 
 

1.2 NCG injection  
 
As one of the products of the ammonia decomposition, nitrogen does not react chemically with 

stainless steel or ammonia and is almost insoluble in liquid ammonia, so it was selected as NCG in this 
study. The NCG purging and injection system included three valves, one container, an absolute pressure 
gauge, a vacuum pump and a charging line lead to high purity nitrogen, as shown in Fig. 4. The total volume 
of the container and pipeline is about one over ten of the entire volume of the LHP and the purity of the 
nitrogen is higher than 99.9999%.  
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Four-way

Pressure Gauge

NCG Container

LHP

Vacuum Pump and Charging  Line 

Valve 1

P

Valve 2

Valve 3

 
 

Fig. 4. Schematic of NCG injection system  
 

The purging procedure was as follows: (1) only valve 2 was opened to establish the vacuum condition 
inside the container and pipeline; (2)Closes the vacuum pump and inject nitrogen pressure for  . 
(3)Immersed the LHP filled with working fluid in a water tank witch has a constant temperature of -
20℃。Four hours later, the pressure in the LHP  is the saturation pressure of the working fluid at the 
temperature of -20℃,and ＞ .(4)Open valve 2,final pressure will be stable in .Closevalve 2 after 30 
seconds. The container temperature was controlled at   .The amount of nitrogen injected into 
the LHP can be calculatedbased on the state equation of ideal gas: 

      (1) 
1.3 Test Program 

Researches show that the NCG engendered in LHP will be assembled in CC. The amount of NCG can 
be simply estimated by  under the condition of 20℃.In this test “k” is 0%，1%，2.3%，6% and 10%. 

All the components were covered with multilayer insulation materials except the condenser. The 
environment temperature is 15℃. In this test program the control temperature sensor was placed on the CC 
to maintain the evaporator at a constant temperature. The test itemsare show in table 2. 

Table 2. 
 Test items 

Setup  Set point temperature of 
CC （ ℃）  

temperature of 
water 

tank（ ℃）  

Power toevaporator（ W）  Test 
time（ mi

n）  
Steady state operating characteristics 18.5 13 100 ≥60 

Start-up with small power 18.5 13 10  ≥30 
Varying CC Temperature 8.5-12.5-15.5-19.5 5 60 ≥30 

Ladder power test 18.5 13 100-150-200-250-300 ≥30 
Power Cycle Test 18.5 13 120-60-120-60 ≥10 

 
2 EXPERIMENTAL RESULTS AND DISCUSSIONS 
 
2.1 Temperature control characteristic and start-up test 

Under perfect state, the interface temperature of evaporator is likely the temperature of liquid-vapor 
interface in the CC when working fluid in two-phase saturated state .The temperature difference can be 
expressed as: 

 
 

                                                                                               （ 1）  
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where 
s

dP
dT


 
 

 is thederivative that characterizes the slope of the vapor-pressure curve,  is the sum of 

thepressure losses in all the sections of the transportation linefor the working fluid, with the exception of the 
wick. 

As shown in Fig. 5, heat load applied to the evaporator is 100W.When there is no NCG,The 
temperature difference between evaporator and CC is 0.36℃.At the same time ,the LHP could maintain the 
temperatureof the evaporator at the level of 18.8℃ with an accuracy of ±0.1 ℃.So we can say that this LHP 
has high performance. Fig.5 also indicates that the operating temperature increasedwhen NCG was injected 
into the loop. This is due to the partial pressure of the NCG in the CC.Rearrangement of Eq. (1) as follow: 

 

      (2) 
 
From analysis of Eq. (2) it follows that the LHP has to operate at a higher temperature level. Because 

of the CC has been maintained at the set point temperature so only the rise of evaporator in external 
performance. At the same time the stability of temperature is also relatively lower. Specific data are shown in 
table 3.  
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Fig.5. Temperature Response of CLHP at 100W Startup for different NCG inventories 
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Fig.6. Temperature Response of CLHP at 10W 
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Figure 5 also indicates that the start-up time increases with NCG inventory. The main reason is the 
increasing superheat which is the necessary of start-up due to exist of NCG. This phenomenon is more 
obvious in low power. Figure 6 shows the start-up on 10 watt. Specific data are shown in table 3. 

As shown in table 3, the temperature difference between evaporator and CC exceed 8℃ when k is 
10%. At this time temperature control precision can’t be guaranteed, but the LHP can start-up successful 
with the operating temperature within ±0.6℃. So we can see that the LHP can tolerate a great lot of NCG. 
3.2 set point change test 

Fig. 7 depicts the loop temperatures during the CC set point change test for different NCG dozes. The 
CC temperatures were changed in steps: 8.5℃,12.5℃,15.5℃,19.5℃.As the CC set points were changed, 
temperature of evaporator followed the change smoothly without the transient instability phenomenon such 
as overshoot or temperature fluctuation. So the temperature of evaporator can be adjusted as required during 
LHP operation.The temperature increase aroused by NCG could get right by lowering the set point 
temperature. 
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Fig.7. CC Set Point Change Testfor different NCG Dozes 

 
For the LHP containing NCG, the temperature difference between evaporator and CC reduced 

graduallywith the increase of set point temperature. This is decided by the physical properties of the working 
fluid. For ammonia, the saturation pressure rise rapidly with the rise of temperature. On the contrary, NCG 
can be regarded as ideal gas, it’spressure change with temperature is very small. We can come to the 
conclusion by the Eq. (2), the partial pressure accounted for the proportion of the total pressure decreases in 
the state of high temperature. Take k=10% for example, the temperature difference between evaporator and 
CC from 10℃ to 8℃ when the temperature set point increments from 8.5℃ to 19.5℃.In conclusion, the 
NCG has a smaller affect to the temperature control precision of the LHP on higher temperature set point. 

Table3. 
 Thermal properties parameter  

k 0% 1% 2.3% 6% 10% 

 
）（ ℃）  

0.36 1.48 2.21 5.02 8.22 

（℃） ±0.095 ±0.127 ±0.130 ±0.237 ±0.639

Starting time (10w)（ s）  150 170 190 250 430 

temperature fluctuation of alternating power（ ℃）  0.98 0.97 0.96 0.91 0.53 

 
2.2 Heat load change test 

Heat source power is changing in most practical application. Due to the thermal resistance between the 
evaporator and CC, the temperature of evaporator will change with the heat load applied to the evaporator 
even the temperature of CC has been maintained at the set point temperature. 

According to Darcy’s law, the linear loss of working fluid flowing in pipe can be expressed as: 
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g
vh
2

2

δ=                                                                     (3) 

Where h is the linear loss,  is resistance coefficient, V is the flow velocity. The V increases with the 
rising of power, so the isbigger. According to the Eq.2,the  is increasing with power as shown 
in fig.8. 

The heat equipment performance can be evaluated by thermal conductance in engineering. The 
thermal conductance of LHP can be expressed as: 

   
ke TT

Q
T

QG
sin−

=
Δ

=                                                     (4)   

where Q is the he heat load applied to the evaporator,  is the temperature of evaporator and  is the 
temperature of the condenser. As shown in fig.9, the thermal conductance of LHP reduced with the increase 
of NCG under the same condition of power change. So we can say that the presence of NCG in LHP 
increases the heat transfer temperature difference and reduces the heat transfer capacity. 

There have two operating modes: the variableconductance mode (VCM) and the constant conductance 
mode(CCM)[11]. In the VCM, vapor phase working fluid exists in the CC, andthe condenser is not fully 
utilized. In this mode we can achieve precision temperature control by controlling the temperature of CC at a 
set point. In the CCM, the CC is completelyfilled with subcooledliquid, and the condenser is fully utilized. 
At this time, the operating temperature increases with the power applied to the evaporator nothing with the 
temperature of CC. 

As shown in fig.9, thermal conductance of LHPs with NCG increase with the heat load, indicating that 
the LHP was operating in the VCM. But we also see that the curves of LHP without NCG and low content 
(k=1%) gradually smooth,indicating that they are close to the CCM. At this time the CC isnearlyfull filled 

with subcooledliquid. While for the high content (k=6%、10%)，the curves have a near-linear shape. This 

is because of a large number of NCG exist in the CC make it impossible to completely filled with 
subcooledliquid. When the heat load comes to a pointwhere    only have subcooledliquid and NCG in the 

CC. At this time the NCG in CC can be calculatedbased on the state equation of ideal gas: .The 
pressure(P) in LHP rise with the heat load, the subcooledliquid was been push-in the CC from condenser, the 
temperature(T) of CC is constant so the volume of NCG will be compressed at the same time the condenser 
section become longer. If the heat load continues to increase, the LHP will repeat the above process. In 
conclusion, the existence of NCGevidently enlarged the heat load range in the VCM. 
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Fig.8. Evaporator temperature trends with respect to the heat load 
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 Fig.9.Heat load dependence of the thermal conductance 

 
For the LHP used to precision temperature control, the temperature fluctuation with the change of heat 

load is the smaller the better. The heat load applied to the evaporator change from 60W to 120W every 10 
minute in the test. As shown in figure 10 is one of the cycle. We can see that the temperature fluctuation of 
LHP with NCG is bigger than the LHP without NCG. Specific data are shown in table 3.The temperature 
fluctuation is caused by the extPΔ  which appear with the change of heat load. The total pressure of LHP with 

NCG ( ) and LHP without NCG ( ) have the relation that: , thus  ＜ .  

We can come to a conclusion, the temperature fluctuation with the change of heat load for the LHP 
with NCG is smaller compare to the LHP without NCG. 
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Fig.10. Evaporator temperature change with respect to the heat loadcycle 3.4 k-T curve 

 

According to Eq.2, the relationship between evaporator temperature and the amount of NCG is linear 
when the heat load is a fixed value and  has been maintain at a set point. We get three fitted curve through 
three fitting method base on the test data(k=0%，1%，6% and 10%)，and then take k=2.3% into the three 
fitting formula respectively. We can get the best fitting curve by comparing the fitting result with the test 
data. As shown in table 4, the polynomial fitting error is 1.5%, the linear fitting is 0.39% and the exponential 
fitting is 0.14%. So we can say that the exponential fitting values closer to the true value. The fitting formula 
as follow: 

                           (5) 
 
Using the above formula we can get  at any amount of NCG in the range of 0%-10%. But the LHP 

have different thermal characteristic in different structure and charging ratio, so this formula is only for this 
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experiment does not have universal applicability. Despite all this, it can illustrate the influence of NCG for 
the LHP is not linear and has a certain reference value for the engineering. 

 
Table 4. 

 Test data and curve-fitting 
 

 Measured value polynomial fitting Linear fitting Exponential fitting 

0% 18.7774 18.7774 18.95445 18.92076 

1% 19.90302 19.90301997 19.71114 19.71032782 
2.3% 20.77308 21.095 20.69484 20.74056 
6% 23.44308 23.4430798 23.41892 23.51833575 

10% 26.4294 26.42939967 26.44568 26.40354168 
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Fig.11. k-T curve 
 
 
3 CONCLUSIONS 

 
Extensive experiments have been conducted to investigate theeffect of NCG on the operating 

performance of a loop heat pipe, As a result of this effort, the following conclusions can be made: 
1. The presence of NCG increases startup time and operating temperature. It also reduces the 

temperature control precision, stability and the system thermal conductivity. 
2. The NCG has a smaller affect to the temperature control of the LHP on higher temperature set point. 
3. The temperature increase aroused by NCG could get right by lowering the set point temperature. 
4. LHP is good tolerance to large quantities of NCG, it is main reflected in two aspects: the LHP could 

start-up successfuland steady operating with large quantities of NCG; the temperature fluctuation 
with the change of heat load for the LHP with NCG is smaller compare to the LHP without NCG, at 
the same time the existence of NCG evidently enlarged the heat load range in the VCM. 

5. We get the k-T curve by contrasting analyzing and it has a certain reference value for the 
engineering. 
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Abstract 
Automotive are equipped with variant of electronic devices for human interaction & interfacing (display panel, 

touch panel), human comfort & entertainment (lightning, sound system, camera), proper system operation (electronic 
control unit), system safety (fuse-box, junction box) and so on. With the increase in performance and functionalities of 
these devices, cooling modules with high thermal performance and lighter weight have to be developed. LEDs (light 
emitting diodes) in headlamps, displays and internal lightning, and high power semiconductors in entertainment, 
information and control systems are most potential areas for cooling by heat pipe based passive thermal solution. The 
present investigation discusses heat pipe cooling modules developed for automotive electronics including headlamp, 
display panel, head-up display, sound system and camera. Heat output from these devices range from 1 to 50 W with 
natural convection cooling using air. Heat pipe heat sinks has been proposed and tested for cooling 10 W and 30 W 
LED light functions in two headlamps respectively. For front panel and head-up-display cooling, heat pipe system with 
3-10 W capacity was designed and tested. In addition to this, heat pipe solution for sound system and camera cooling 
was also evaluated. In summary, heat pipe based cooling modules outlined in this paper will provide energy efficient 
and thin thermal management solutions for space conservative high density electronics in automotive.  

 
KEYWORDS 
Heat pipe, Electronic cooling, Automotive thermal control, LED headlamp, Display, Sound system, Camera  
 
 
INTRODUCTION 

Automotive thermal management is becoming critical issue with the addition of new functionalities 
and design features in the vehicles. Trends are changing from low efficient halogens to LED (light emitting 
diode) lights [1] and from mechanical control to electronic control using semiconductor chips. Both LEDs 
and semiconductors need precise thermal control to maintain their efficiency and reliability. For automotive, 
most common cooling solution for electronics is passive cooled die cast heat sinks which have high thermal 
resistance and are quite bulky (heavy).   

Heat pipes due to their passive operation, reliable design, light weight and superior performance can 
be effectively used for the electronics thermal control [2 – 4] in automotive . When compared with the die 
cast heat sink, heat pipes with stacked fins provide lower spreading resistance for heat sink base, highly 
efficient fin stack (higher fin efficiency) and lighter weight (low material, thin fin heat sink).  

Capillary driven heat pipes have been investigated for range of thermal control applications in 
automotive including passenger cabin cooling [5] and catalytic converter temperature control [6]. For 
instances where the amount of heat load and extent of heat transfer distance is beyond the capability of 
capillary heat pipes, loop heat pipes (LHPs) [7 - 10] are potential alternatives. Automotive electronics 
cooling is most promising area for capillary driven heat pipes. For electronic devices like LED headlamp and 
LCD display, heat pipes can be invariably used to transfer, spread and dissipate heat by fully passive means. 
Heat pipes have high potential as local cooling systems in different areas in automotive as identified in 
Figure 1. LED Lightning, semiconductor electronic and lithium-ion batteries are the major areas in the 
automotive which can be significantly advantaged from heat pipe cooling systems in terms of performance 
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Abstract 
There are many experts, who are considering, that the known real effects of considerable influence on the film-

wise condensation on the micro-finned surfaces are connected with the surfaces tension forces action. The others are 
considering , that it is connected with main  size great decreasing. So, that was connected with right determination of 
the tension forces influence on the film-wise condensation on the micro-finned surfaces. The authors results, devoted 
the problem were presented in many scientific meetings. But, unfortunately, it wasn’t take into consideration by 
colleagues. So, the authors understand, that it is required to present again their key results, devoted the problem.  

 
KEYWORDS 

Heat exchange, film-wise condensation, liquid film, surface tension forces, mathematical modeling. 
 
 

INTRODUCTION 
The right determination of the real key influence the driving forces on the film-wise condensation 

intensity on the different geometry surfaces problem had very important meaning, as it follows from the wide 
review in [1]. There was proposed for the first time [2], that the surface tension forces are playing key role in 
many film-wise condensation on the finned surfaces heat transfer intensity cases. The suggestion was 
supported many experts. This view was especially important for the film condensation heat transfer intensity 
nature right understanding. There were discovered at many practical cases film condensation on the different 
forms of mini- and micro- finned surfaces investigations the heat transfer great enhancement results. Many 
experts were considering, that these results were connected with, first of all, on the surface tension forces 
action [2–4 etc.], the others were related it to the essential determined size decreasing [1, 5]. It is known, that 
Nusselt, at the first time, suggested model for the heat transfer film condensation with some assumptions, 
including pure saturated vapor condensation without vapor moving, the condensate physical properties 
dependency on the temperature and surface tension forces influence respect, in spite of it, he was succeeded 
in the final results. Though the real condensate flow from the cold surface was not corresponded it. It caused 
very important for analyzing different forms of the film condensation, such as using condensers tubes 
inclination as the process enhancement mean with the condensate flowing on the tube lower part length 
without condensate break away determination. There is special chapter in [1] devoted it. Besides it, it was 
observed in [1] numerous works experimentation results of film condensation on the surfaces with different 
forms fin, it was discovered a lot non satisfied cases, connected with condensate flooding the space between 
fins. Naturally, it was leading to the heat transfer intensity essential decreasing. There is important the 
problem is becoming for condensation at the space conditions, when the gravity forces are absent, though 
surface forces are existing. It caused, that the condensate removal from the cold surface is requiring some 
reliable means. One of it can be the condensate suction organization. The analysis the mentioned form of 
condensate removal from the cold surface shown authors, that the real influence on the film condensation the 
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surface tension forces has considerable more complex form, that it was imagined earlier different experts. 
They presented main results in many publications [6–9; 13–16]. Unfortunately, the authors discovered 
during oral discussion their results and imaginations with any known experts, that their opinion and position 
has rather doubtful cost. It was told them, that this position relating key role of the surface tension forces in 
the film condensation informed students, as exclusive right, and the views, based on the data [2–4] singular 
right.  

 
INITIAL THEORETICAL ANALYSIS POSITIONS AND CALCULATIONS RESULTS 

There are existing the next condensate film suction forms organization: 1. The condensate film suction 
take place over permeable cold surface, on what own condensation process is realizing. 2. The condensate 
film suction realized over any surface, which it isn’t condensate surface. 3These form different 
combinations. The every of these forms are corresponding different condensation surfaces geometry. The 
first form realizing is connected with the significant design of the condenser. It is following to the necessity 
to do any gap between condensation surface and cooling surface with goal to realize suction and condensate 
flow removal. It is leading to the appearance of the additional thermal resistance in the process. That is why, 
it seems this form doesn’t pay attention. So, the author main attention was connected with second form. The 
typical view of the  form is presented in Fig. 1.  
 

 
Fig. 1 Schematic of film condensing process in case of liquid pumping 

out: 1 – heat removing rib; 2 – porous structure; 3 – liquid film 
 

There were made in the theoretical model the next assumptions: the condensate flow one – 
dimensional; the condensate flow main direction is perpendicular to the cross section 1–1; the condensate 
overcooling is neglecting. It will be the next equations:  
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Equations (1) and (2) present the law of conservation of momentum along the x  and y  axis, 

correspondingly; equation (3) is a combined equation of energy, continuity and heat transfer; equation (4) 
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presents one – dimensional heat conductivity equation for the cooling surface wall heat transfer in the rib, K 
– non – dimensional temperature drop;  

The average heat transfer determined by the number: Nu. This value could be presented in the next 

view: 
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, here:   – the average heat transfer coefficient for 

whole heat transfer surface. The values with indexes 1 are relating to the cross section 1–1. The number Nu 
values can be determined from the common solution of the equations system (1–4).There is following from 
this equation system: the heat transfer intensity in the total case depends on the next five factors:  

– non-dimensional pressure drop – the source of the condensate suction 1P ;  
– non-dimensional temperature drop in the heat output place K ;  
– heat carrier properties non dimensional parameter A ;  
– condensation on the fin Bio criteria B ;  
– condensate and vapor densities ratio.  
 

 
Fig. 2.  Typical options for specifying the boundary conditions in film condensation with suction fluid. 1–1 –  the 

suction part; 2 – the heating wall; 3 – the liquid film; 4 – the non cooling wall. 
 
The detailed model prescription earlier was presented in many authors publications: [6–9, 15–16]. 

There were presented at [9] numerical calculations for the most typical condensation cases. The authors 
decided to present in the paper results for some more often important variants with different boundary 
conditions: 

1) Calculation case when the left side of condensing section adjoins the thermal isolated surface totally 
submerged by liquid (Fig. 2a): 

if X  0:      Re  0 ;     0 ; P  0 ;   0K                (5) 
if X  1:    P P 1  ;   1KK                                      (6) 

2) Calculation case when there is a symmetry at the left  border and at the right border, as a result of 
design peculiarities 1  is a fixed value and does not depend on P1 (Fig. 2b):  

 
if   X  0:    Re  0 ;     0 ;   0K                            (7) 

if    X  1:      1 ;   P P 1 ;   1KK                         (8) 
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3) Calculation case of symmetry or total submerging of perpendicular walls( 0B , Fig. 2c):  
 

if   X  0:    Re  0 ;       0                                    (9) 
if   X  1:      ;    P P 1                                  (10) 

 
4) Calculation case of condensing on the ribbed surface element( 0B , Fig. 2d):  
 

if   X  0 :  Re  0 ;         ,                                 (11) 
if X    1   :      tg( / / ) 2 2 ;  P P 1                 (12) 

 
For variant 1 the most important results can be presented in the next graphic forms on the Fig. 2 , 3. 

These results shown the next: 
1. The film-wise condensation on the strong suction values is connected with very high non – 

monotonous pressure gradient (Fig. 2b). The assumption the pressure gradient is constant (it is taken many 
authors) is wrong and it is leading to many errors in heat transfer analysis. 

2. The great gradient pressure changings is leading to great film thickness changing too (Fig. 2a.). 
3. It is possible to consider, that there is right to take the linear 1P  along X axis. The equations  system 

is becoming essentially simpler and it is possible to obtain analytical solution for isothermal problem.  It has 
the next view: 25.0

1904.0 PNu  . 
4. It is possible to consider by the small suction intensity: . 
5. It is seen from Fig. 4, that there is any condensation heat transfer intensity maximum on dependency 

on suction parameter value.   
 

 
 

Fig.2 The liquid film thickness  (a) and the suction gradient pressure dP/dX  
(b) dependencies for the different suction intensities 1P  (scheme 2a): 1 – 1000; 2 – 2000;  

3 – 5000; 4 – 10000; 5 – 20000; 6 – 50000; 7 – 100000; 8 – 200000. 
 

The author’s analysis and calculations next step was relating to the film condensation case with the 
boundary conditions for scheme Fig. 2b – (7), (8). The statement was connected with additional independent 
variable 1  appearance. The comparison Fig. 3 with previous results can give the next conclusion: the 
principal results the last statement and previous one are given base to conclude, that, in spite of some 
quantitative differences, these results from the qualitative point of view coincided. It was allowing to present 
the next: the suction intensity increasing by the any meaning 1  is leading to the film thickness increasing 
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by some suction intensity small values (lines 1–4), but this result essentially changed, when suction intensity 
becoming more (lines 5–8). Then, the strong non- uniformity at the pressure distribution appearance is 
leading to the corresponding strong non – uniformity in the film thickness distribution, when it is 
accompanied on the film thickness average value great increasing and correspondingly the heat transfer 
coefficient and Nusselt number are becoming to decrease very strong (Fig.4 line 2). It is connected with 
strong film thickness decreasing in one narrow place (directly near the suction place), but on the other hand, 
the most part of the condensation surface it is leading to the film thickness considerable increasing and 
finally to the average heat transfer intensity decreasing. So, it is appeared the maximum in number Nu. All 
these results are allowing to do the next total conclusion: The possibility of the film - wise condensation 
intensity to be increased, using suction, are quite limited.  

 
 

Fig. 3. The mathematical modeling results for the scheme 2b. with the different suction intensity 1P : 
1 – 2000; 2 – 5000; 3 – 10000; 4 – 20000; 5 – 50000; 6 – 100000; 7 – 200000; 8 – 500000. 

 
The discussed problem film - wise condensation under suction action can be used as the base of 

different film condensation complex practical tasks solution. The authors used it for analysis of some 
important practical problems solution, including such as the film condensation on the surface, covered by 
triangular fins; also by rectangular fin; inside long capillary tubes etc. Many of these problems were 
investigated by the authors and detailed presented in their many publications [6–9, 13–16 etc.]. Here the 
authors decided to attract the reader attention to the task of the first one from the mentioned above: the film 
condensation on the surface, covered by triangular fins. The problem was considering independently on the 
authors view in some publications prof. I. Schekriladze, including [11 etc.]. This approach and it’s key result 
were presented also in one of the textbook, as comfortable recommendation [10]. The main initial position of 
the pointed approach was based on the imagination, that the condensation heat transfer mechanism and 
evaporation on the surface, covered by triangular fins identical. The key formula based on the imagination 
have the next view:  

,                                                     (19) 

 
here:  – the average heat transfer coefficient; the triangular fin height; the heat 
conductivity coefficients of the fin material and liquid; the wettability angle sinus; the geometrical 
parameter. These positions, imaginations and following from them recommendations were undergone 
detailed analysis and discussion in [12]. It was noted, that the formula (13) very comfortable for engineering 
application, besides it were pointed the next it drawbacks:  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7-10 September, 2015  

54 
V.N. Buz et al. 

 
Fig. 4. Dependency of average heat exchange intensity parameter Nu, when film 

condensing on intensity of liquid pumping out, P1 , at B = 0, K = 0.001, A = 0.00002  and 
different boundary conditions: 1 – (5), (6) (scheme Fig. 2a); 2 – (7), (8) (scheme Fig. 2b);   

3 – (9), (10) (scheme Fig. 2c);  4 – (11), (12) (scheme Fig. 2d). 
 

The suggestion, that formula (13) can be used as for condensation both for evaporation absolutely 
don’t correspond physical reality for the next comments: when on the surface, covered triangular or 
rectangular fins take place condensation the whole this surface has to be covered condensate film, the 
condensate thickness will be depended on the forces removing the condensate from the surface it can be or 
gravity forces or suction sources, including capillary forces as them acting in the heat pipes; for the 
evaporation on the elements it has to be dried if not whole or at least partially.  

The extremely contradictive the angle  . From one side it is wettability angle, from the other side 
during evaporation inside especially triangular groove, it has to change essentially and it has to be equal zero 
for the wetting liquid, it was leading to the heat transfer value infinity. As soon as it is suggested, that  the 
parameter is constant, it means, that it is any empirical coefficient. It hasn’t any physical meaning.  

1. The model [11] didn’t take into consideration, that the equilibrium temperature above  the curved 
phase border more than the vapor temperature on the capillary pressure value. 

2. It is principally wrong to consider the phase border position and it’s curvature radius aren’t 
depended on the heat fluxes, the some heating (or cooling) surface geometrical parameters. All these 
comments were leading to the understanding, that the discussed formula (13) and it foundation can be used 
first of all for the flooded triangular surfaces. At the case (13) can be simplified to the next 

view:    The one author analysis shown, the formula rather correspond to the different film 

condensation on the triangular cooling surface. The detailed authors analysis, which was fulfilled earlier and 
their results presented in many publications, allowed to do the next conclusions. 
 
CONCLUSIONS 

1. There were observed different condensate flow pictures during film wise condensation on the finned 
and smooth surfaces when the suction used for condensate removal. 

2. There are observed for the most cases the essential heat transfer growth when suction intensity is 
limited by the small relative values of the suction. 

3. There are existing many different the condensate film flow forms, including some of them with 
different non – monotonous dependencies. The heat transfer intensity and Nu number have maximum by 
small suction scale after that these values strong decreasing. 

4. The right condensate film suction organization can give the process indexes essential improvement. 
It can be if the fin optimal parameters to predict. 
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Nomenclature 

l  – condensing section length, m ; pl  – pressure in liquid film, Pa; pv  – vapor pressure, Pa; r  – latent 
heat, J/kg; ts  – saturation temperature, o C ; tw  – wall temperature, o C; ul  – liquid rate, m/s; x  – lengthwise 
coordinate, m; y  – cross coordinate, m;   – heat transfer coefficient, W/(m 2 K); l  – liquid film  thickness, m ; 
w  – rib thickness, m ; l  – liquid heat conductivity coefficient, W/(m K); w  – wall heat conductivity 
coefficient, W/(m  K) ; l  – liquid cinematic viscosity coefficient, m 2 /s; l – liquid density, kg/m 3 ; v  – vapor 

density, kg/m 3 ;   – surface tension coefficient, N/m. Dimensionless numbers:  Nu
l
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Abstract 
Methods to optimize ingot jet cooling during continuous aluminum casting have been experimentally investigated. An 
aluminum sample with a height of 200 mm and thickness of 20 mm have been heated to 475oC and been cooled using 
two methods – continuous and pulse regimes. The cooling water flow rate and the duration of the pulsation phases have 
been changed in the tests. The temperature field along the sample length has been measured, and the heat-transfer 
coefficients on the aluminum surface have been determined. 
 
KEYWORDS 
aluminum casting process, heat transfer coefficient, inverse task, thermocouples 
 
 
INTRODUCTION 

Nowadays such industries as automobile manufacturing and aeronautics are developing rapidly. Due to 
the complexity of details configurations and an increase in safety requirements, metallurgical companies 
have been forced to improve the quality of manufactured products. Construction materials such as aluminum 
and its alloys are widely used for these industries. 

The aluminum casting process consists of three main stages: preparation of the aluminum melt, forming 
the ingot and ingot cooling. The main critical part in aluminum production is the ingot cooling process, 
because cooling conditions are the determining factor in obtaining a homogeneous and equilibrium 
aluminum structure without internal and surface defects. For this caseб the cooling process should be 
uniform and the intensity of cooling should be very precisely defined.  

Jet cooling is a typical method of ingot cooling. Cooling water flows into a mold, where it is distributed 
through a system of channels into holes that are spaced very closely together. For better homogenization, the 
water flows from the leading edge and then impacts the surface of an aluminum ingot [1]. 

The major influence on defect generation has a superheat extraction from the incoming liquid metal as 
water from the secondary water-cooling system contacts the ingot surface. The casting process has two 
distinct stages – start-up and steady state [2]. Considerable attention should be paid to the initial start-up 
stage, where defects are most likely to be initiated. To reduce the amount of forming surface defects it is 
necessary to find an optimal jet cooling scenario. 

In a frame of this work an experimental setup allowing for modeling of the jet cooling process, 
corresponding to real factory conditions, was designed. Two regimes of ingot cooling, continuous and pulse 
were investigated. 
 
DESCRIPTION OF THE EXPERIMENTAL DEVICE 

The experimental setup for investigating the jet cooling process is presented in Fig. 1. The water from a 
tank (1) equipped with a pump (2) was supplied to a mold (6), forming a flat coolant jet at the output. This 
mold-section was provided by a metallurgical factory and is used in real cooling processes for continuous 
aluminum casting. The cooling water temperature was measured at the inlet of the mold-section with the help 
of K-type thermocouple and in all tests was varied within the range of 18-20oC. Water from the cooling mold 
was supplied to the experimental sample surface (7). Waste water flowed down to a tank (10). Experimental 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

57 
E. Bartuli et al. 

data from thermocouples (T1-T10), inserted in the experimental sample, were registered with the help of a 
data acquisition unit (8). All readings of the thermocouples were input into a computer (9) for further data 
processing and analysis. 

            
 

Fig. 1. Scheme of the experimental setup. 
 
Experiments were carried out using two sample cooling regimes - continuous and pulse. A valve (3) was 

used to switch between cooling regimes. Tests in the continuous cooling regime were conducted at four 
values of cooling water flow rate G, defined and measured using a flow meter (5). All flow rate values for 
the tests are given in Table. 1. 

The pulse cooling regime was controlled by a valve (4): while the valve was in the ON-position the 
cooling liquid fell on the surface of the sample; while the valve was in the OFF-position cooling water 
flowed directly into the waste liquid tank. The duration of the valve ON and OFF positions was set by a 
computer. Nevertheless, the period of the pulse including the total duration of ON and OFF phases, and in all 
experiments was equal to 1.5 sec. 

Table 1. Experimental conditions 

Continuous cooling Pulse cooling 

Exp. # G, l/min G, % Exp. # G, l/min ON time, sec OFF time, sec 

E1 5.79 55% E5 5.94 0.6 0.9 

E2 6.42 80 E6 5.94 0.9 0.6 

E3 10.7 100 E7 6.42 0.9 0.6 

E4 14.98 120 E8 6.38 1.35 0.15 

 
The experimental sample was made as an aluminum alloy plate with a height of 200 mm and a thickness 

of 20 mm. It was equipped with 10 shielded K-type thermocouples with a diameter of 1 mm. Holes for 
thermocouples were drilled from the side surface of the sample parallel to the horizontal axis at a distance of 
3 mm from the cooling surface. The distance between thermocouples was equal to 10 mm. The first two 
thermocouples were placed above the impingement zone (IZ), the axis of the third thermocouple coincided 
with the IZ and the rest of the thermocouples were placed under the IZ (see Fig. 1). 

The experimental sample was mounted in a special holder (1), shown in Fig. 2. Two guide plates (3), 
which cut off the side of the falling jet, thus ensuring the creation of a directional perpendicular flow of 
cooling water, were placed at the side faces of the aluminum sample (4). Clamping flanges (2) were used to 
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fix the guide plates. 

                    
Fig. 2. Fastening of the experimental sample. 

 

TEST PROCEDURE 
A 3D-model of the experimental setup is shown on Fig. 3. The experimental sample and the holder (1) 

were attached to a rotating mechanism (3). The aluminum sample was placed into an oven (2) and was 
heated to 475oC. Next, data recording was started at the computer; the desired water flow rate was set (if 
pulse cooling was required, the periods of the pulses were set as well) and the sample was placed in the 
vertical cooling position. Then the deflector was taken away and a flat flow of cooling water was supplied to 
the upper part of the sample surface. 

  
Fig. 3. The experimental setup. 

 
 

TEST RESULTS AND ANALYSIS 
Three types of water boiling were observed during the aluminum sample cooling process – nucleate, 

transient and film boiling. When water is supplied to the ingot surface a vapor layer bouncing water from the 
sample surface appeared. This air and vapor layer prevents heat dissipation from the aluminum sample. 
Between areas with different types of boiling a clear boundary moving down along the sample over time was 
observed (Fig. 4).  
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During the aluminum sample cooling an array of data in the form of temperature values at a depth of 3 
mm from the surface over time was obtained. Fig. 5 shows typical profiles of thermocouple readings taken 
during continuous (left graph) and pulse (right graph) cooling regimes. 

 

  
Fig. 4. Evolution of the vapor film on the sample surface during the cooling process. 

 
It can be seen that the sample cooling process in a continuous regime occurred 5-6 times faster than in a 

pulse regime. The sample temperature in the IZ decreases sharply indicating the existence of intense nucleate 
boiling. Temperature curves for thermocouples 5-8 have a horizontal plateau, pointing to the presence of film 
boiling in this zone. A thin vapor layer prevents heat rejection from the sample surface.  

In the pulse cooling regime both types of boiling were also observed. However, the front separating zones 
with different boiling types moved non-uniformly, and during the OFF-phase the front lifted up. This fact 
explains the presence of fluctuations in the temperature curves. 

    
Fig. 5. Temperature dependence on time for continuous and pulse cooling of the sample. 

 
Calculation of the heat-transfer coefficients 

Measured data in the form of temperature dependence on time was taken as inputs for the calculation of 
the heat-transfer coefficient (HTC) dependent on the surface temperature. The inverse heat conduction 
problem (IHCP) based on a modified 2D method of Beck’s sequential approach was used for solving. The 
two-dimensional model was used because the high thermal conductivity of aluminum generates large lateral 
heat fluxes in the material during the cooling process which must be taken into account. The basic idea of the 
sequential approach was to solve the entire task step by step in time. [3, 4] First, the sum of squares error was 
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computed using f future time steps when the measured temperatures Ti
* are compared with the computed 

temperatures Ti at the current time m: 
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Temperatures Ti are temperatures calculated by direct calculation for a constant heat flux. Then, the 
surface heat flux q at time m was calculated by the minimizing equation (1) using the linear minimization 
theory 
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where  are the temperatures of the thermocouples, which have been embedded in the test sample, and 
computed from the forward solver using all previously computed heat fluxes without qm. ζi is the sensitivity 
coefficient at time index i to the heat flux pulse at time m. These sensitivity coefficients physically indicate 
an increase of the temperature in the thermocouple per unit of heat flux at the surface. The heat transfer 

coefficient can be computed when surface temperatures mT0  and surface heat fluxes qm are known. 
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mT  is ambient temperature. 

For a pulse cooling regime HTC curves were formed as a result of switching between time periods with and 
without cooling. During the ON-phase, HTC grows and the temperature of the sample surface decreases. But 
at the OFF-phase the heat is dissipated only by natural convection, HTC decreases and the sample 
temperature rises. Thus, loops showing the HTC dependence on the surface temperature appeared. These 
loops cannot be described by mathematical functions and therefore were averaged according to the following 
equation: 
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Heat-transfer coefficients 
Curves for heat-transfer coefficients on the sample surface obtained with the help of the described 

mathematical model are shown on Fig. 6. Graphs for ingot continuous cooling illustrating HTC values in the 
IZ and at the distance of 20, 30 and 50 mm from the IZ are given in the left column. The right column 
corresponds to a pulse cooling regime. 

Graphs for continuous cooling indicate that the coolant flow rate does not significantly affect the heat 
transfer intensity in the IZ. While increasing distance from the IZ, the smaller the coolant flow, the lower the 
heat- transfer coefficient on the sample surface. However, a decrease in the cooling water flow rate below a 
certain minimum value causes a breakdown of the water jet and the aluminum ingot cools non-uniformly. 
Therefore, a pulse regime of sample cooling was analyzed. 

As shown on the graphs for the pulse cooling regime can, the highest values of heat-transfer coefficients 
were observed in the IZ. The heat-transfer coefficients decrease as distance from the IZ increases. It is also 
seen that the least intense sample cooling was observed in the regime with the shortest ON-phase. On the 
graphs of heat-transfer coefficients, nearly horizontal sections corresponding to film boiling are also clearly 
visible. 

It was found that the use of pulse cooling with a duration of ON-phase equal to 0.6 s and OFF-phase 
equal to 0.9 s reduces the heat transfer intensity by 40-50% compared to the continuous cooling regime. 

a) 0 mm from IZ 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015 

61 
E. Bartuli et al. 

   
b) 20 mm from IZ 

   
c) 30 mm from IZ 

   
d) 50 mm from IZ 

   
Fig. 6. HTC curves for continuous (left) and pulse (right) cooling of the aluminum sample.  

CONCLUSION 
The process of aluminum sample jet cooling using continuous and pulse regimes for the water supply was 

experimentally studied. 
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It was established that in the continuous cooling regime the lower the coolant flow rate, the lower the 
heat-transfer coefficient on the sample surface.  

The use of a pulse regime instead of continuous sample cooling lowers the heat exchange intensity by 40-
50%. It was found that with a ratio of ON and OFF phase pulse durations of  0.6 / 0.9 sec the lowest values 
of heat transfer coefficients were achieved. 

At this cooling regime a homogeneous and equilibrium aluminum structure, without internal and surface 
defects, is most likely to be received. It is effective to use a pulse regime at the beginning of the ingot casting 
process, when the bottom end of the aluminum ingot is formed. 
 
NOMENCLATURE 
G – flow rate, l/min; 
HTC – heat-transfer coefficient; 
IHCP - inverse heat conduction problem; 
IZ - impingement zone. 
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Abstract 
We have solved the problem of cooling the electronics of the strapdown inertial navigation system with the help 

of planar heat pipes. The developed design of the heat transfer panel from the heat pipe assembly is built into the 
navigation system and provides a thermal resistance value of tenth fractions С/W. We have stated a quantitative 
relationship that makes it possible under conditions of accelerative g forces to define the maximum limiting power 
removed from the readout electronics to the housing. We have shown a possibility to realize a heat-removal device 
capable of operating under condition of short-duration accelerative g forces as much as up to 6g.  

 
KEYWORDS  

Planar heat pipe, strapdown inertial navigation systems (SINS), readout electronics, g forces 
 
INTRODUCTION 

The problem of increasing the competitiveness of strapdown inertial navigation systems (SINS) 
determines the quest for enhancement of their fidelity, and derating their overall - dimension characteristics 
[1]. SINS (Figure 1) consists of readout electronics 1 and an inertial measurement unit 2 with inertial sensor- 
gyroscopes 3 and accelerometers 4. The gyroscopes are set on three orthogonal sides of the unit, inside 
which the accelerometers and the power supply are contained. The readout electronics incorporates several 
plates bearing processors, which handle signals from inertial sensors and shape navigation information. 
Readout electronics elements 5 placed in the immediate vicinity of the inertial sensors afford their operation 
and primary processing of readings of linear acceleration and angular moves. To protect it from vibration and 
bumps the inertial sensor unit is suspended on shock-absorbers 7 inside the SINS housing. The housing 8 is 
made of coast aluminum alloy. 

In order to realize potential algorithms of data handling it is necessary to employ highly efficient 
processors [2]. As a consequence, the problem of rise in temperatures of SINS elements because of an 
increase in the speed and volume of the performed calculating operations becomes sharp [3]. In such a 
situation, the removal of the emitting power to the SINS housing through the natural heat transfer ceases to 
be efficient [4]. If the environment temperature exceeds 50 С the processors heat up to 110 С and more, 
which decreases their operating reliability. 

The aim of the work is to intensify the heat transfer between the plates of the readout electronics and 
the SINS housing under conditions of accelerative g forces and the changing position in the gravitational 
field. In the present study the objective is accomplished thought the employment of heat-removal devices on 
the basis of heat pipes answering the following requirements:  

 transfer of heat power up to several tens of watts with a temperature difference of no more 10 С; 
 steady heat transfer under changes of SINS position in the field of gravity force; 
 ability to automatically restore its serviceability after the cessation of the accelerative g force; 
 ability to increase density of element arrangement on the plates of the readout electronic. 
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a) 

 
b) 

 
Fig. 1. The SINS design on laser gyroscopes: a) SINS with two compartments [4], b) SINS HG9900 IMU 
of Honeywell (USA) manufacture with single compartment [5]; 1 – plate of readout electronics,  
2 – inertial measurement unit, 3 – laser gyros, 4 – accelerometers, 5 – primary transformer of sensor 
signals, 6 – high-voltage stabilized power supply, 7 – shock-absorber, 8 – housing. 
 

PECULIARITIES OF THE HEAT PIPE 
The planar heat pipe with a composite capillary structure of screen cloth (Figure 2) is capable of 

intensifying the heat transfer between plate elements of the readout electronics and SINS housing [6]. This 
solution makes it possible to provide transportation of the specified heat power in the «antigravity mode». A 
liquid-phase coolant moves through the capillary structure against the gravity direction in the case of such 
mode. To improve the efficiency of the heat pipe operation we used an additional capillary structure 3 made 
of the same mesh as the basic capillary structure.  

The ability of the heat pipe with an additional capillary structure to transfer heat power Q in the 
antigravity mode determines the balance of pressures [7]:  
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In accordance with the inequality (1), the limiting power Q transferred through the capillary structure 

depends on the diameter of its mesh dm: 
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Fig. 2. The design of the planar heat pipe for intensifying the heat transfer between plate elements of 
the readout electronics and the SINS housing: 1 is the housing; 2 is the homogeneous capillary 
structure; 3 is the additional capillary structure; 4 is the spacer spring for forcing the capillary 
structure, 5 is the end caps of the carrying elements, 6 is the exhaust tube. 

 
The dependences, given in Figure 3, calculated with the help of the ratio (2) have the maximum 

whose situation is determined by the temperature. The solution of the problem of one-dimensional 
optimization makes it possible to find the diameter of the capillary structure mesh dm,opt corresponding to the 
maximum limiting power that can be transferred at the given parameters of the heat pipe and coolant 
properties: 
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The substitution of the optimum mesh diameter for the ratio (2) makes it possible to state a limitation 

on the maximum power that a heat pipe is capable of transferring in the antigravity mode. Instead of the 
cumbersome analytical expression it is more convenient to use the approximation:  
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The results of the calculations with the use of ratio (4) at different temperatures and accelerative g 

forces are shown in Figure 4. under conditions of the antigravity mode with the accelerative g force equal to 
3g the heat pipe lhp = 155 mm in capable of transferring only 2 W, which corresponds to the power emitted 
just in one EPGA. However, reducing the length of the value of the accelerative g-force up to 6g, which is 
characteristic of the manoeuvres of the aircraft. 

In the case of accelerated movement it is possible to dehumidify the capillary structure. Therefore an 
important parameter of the heat pipe is the time of its return to service after the cessation of the accelerative g 
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force. The speed of change in the liquid coolant impulse rising against the gravity force is described by the 
equation [9]:  
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where y is the instantaneous value of liquid column height.  
 

 
Fig. 3. The dependence of the limiting power on the diameter of the capillary structure mesh. The temperature Т, оС: 1 – 

60, 2 – 70, 3 – 80. The length of the heat pipe is lhp = 155 mm; n = 1,  lic = 30 mm, Fm,d  = 20 mm2,  /22 abh = 9 mm. 

 
Under conditions of ductile friction the relaxation time  /mПKm for the velocity of the coolant is much less 

in comparison with the time th of liquid hosting along the capillary structure. Consequently, the process of filling the 
capillary structure is quasi-stationary, which makes it possible to lower the order of the differential equation (5): 
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and to calculate the time of return to service, during which the capillary structure is filled with the coolant:  
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The time of return to service depends on the temperature of the coolant, the diameter of the capillary 

structure wire, and the length of the heat pipe. Figure 5 presents the results of calculations in the antigravity 
mode carried out with the help of the ratio (7). Under conditions of heat transfer over a distance limited by 
the overall dimensions of the SINS housing the time of return to service amounts to about one minute. The 
non- linear dependence of time on the hoisting height makes it possible to reduce the time of return to service 
by 5 times only on a two-fold diminution of the distance lhp over which the coolant is transferred. To reduce 
the height of hoisting the coolant and to decrease the time of return to service in the design of the heat pipe 
we consider two areas of condensation in places of located thermal contacts of end cap carrying elements 
(positions 5 in Figure 2) with the side walls of the housing. 

In the arrangement scheme of the SINS readout electronics compartment (Figure 6) the electron plates 
constitute a number of vertically spaced modules. In each module the exchange of information and power 
supply are performed through the joint 4. Along the plate edges we set catches 3, which serve to fix modules 
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in the sleds of the side assembly 6. The fastening of the cassettes to the side walls 7 of the SINS housing was 
carried out through a screw connection. 

 
 

         a 
 

              b 

Fig. 4. The results of the calculations of the maximum limiting power transferred along the heat pipe with the use of the 
ratio (4). The parameters of the heat pipe are: lhp = 155 mm, lic = 30 mm, Fm,d = 20 mm2,  /22 abh =  9 mm; a) n = 
1;  b) Т, оС: 1 – 60, 2 – 70 , 3 – 80 with lhp = 155 mm, andТ, оС: 4 – 60, 5 – 70 , 6 – 80 with lhp= 77,5 mm. 

 

 
a 

 
b 

Fig. 5. The result of calculating the time of filling the heat coolant in accordance with the ratio (7): 
а) for the height lhp = 160 mm; b) for the temperatures Т, С: 1 – 60, 2 – 80. The parameters of the 
heat pipe are: lic = 30 mm,  Fm,d = 20 mm2,  /22 abh = 9 mm, 26md  μm. 

 
The way of placing the capillary structure provides a quasi-one-dimensional mode of heat transfer and 

return to service of the heat pipe its dehumidification in the case of the accelerative g force. The most 
efficient arrangement solution is the setting of planar heat pipes in the form of panels. The realization of this 
arrangement option requires the following condition: 

1. Most heat-loaded elements of the electron modules are located at equal heights. 
2. The geometrical sizes of the panel should not limit a free access to the neighboring modules. 

To confirm the result of simulation and analytical calculations we made breadboard models of 
160123 mm and the heat-transfer panel on the basis of two pipes of this kind. As a coolant we used 
acetone, the frame of the heat pipe and panels was made of copper, the capillary structure was mesh of 
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stainless steel. The choice of the coolant was determined by the pressure of its saturated vapours near the 
upper border of the specified temperature range, whereas the choice of the mesh structure materials and the 
heat pipe frame was conditioned by their chemical compatibility with the coolant. The designs of the 
breadboard model of the heat pipe and the heat transfer panel are illustrated in Figure 2 and Figure 6 
correspondingly. 

Figure 7 presents an experimentally registered relationship between the temperature difference and the 
power removed from the two heat pipes trough the panel. The obtained, results confirm the possibility to 
achieve an accept table value of thermal resistance of 0.07 С/W. A practical realization of the proposed 
version of heat removal to the housing makes it possible to reduce temperatures of thermo loaded elements 
of the readout electronics by 20 С even under conditions of operating in the antigravity mode. 

 

 

Fig. 6. The placement of the heat panel on the plate of the SINS readout electronics: 1 is the circuit plate; 2 is the heat 
pipe; 3 is the indexing mechanism; 4 is the connector; 5 is the indicator; 6 is the cassette; 7 is the side wall of the 
housing, 8 is the window for projecting elements, 9 is area with heat-loaded elements of the readout electronics. 

 

 

Fig. 7. The temperature difference on the heat panel of two heat pipes. 
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CONCLUSION 
 
The carried-out research creates the basis for an engineering calculation of devices with the use of 

planar heat pipes designed for efficient heat removal from the readout electronics elements to the housing of 
SINS operating under conditions of short-duration accelerative g forces and the varying orientation of the 
latter in the gravitational field.  

The analysis of version of designs of heat-removal devices meant for intensifying heat transfer with 
the SINS housing under specified external conditions is made possible because of the following results:  

1. The analytical expression (3) connecting the optimum diameter of the mesh capillary structure wire 
with the geometrical parameters of the heat pipe and the heat physical properties of the coolant. The 
employment of the corresponding capillary structure makes it possible to transfer through the heat pipe the 
maximum limiting power in the antigravity mode.  

2. The connection between the removed power and the maximum accelerative g force with parameters 
of the heat pipe defined by the ratio (4).  

3. The expression (7) for the time of return to service of the heat pipe after the cession of the 
accelerative g force.  

The performed calculations of the time of return to service of the heat pipe showed possibility to 
realize the heat-removal device capable of operating under conditions of the short-duration accelerative g 
force of the value up to 6g. The obtained results testify to the expediency of the use of heat pipes for 
intensifying heat removal from the readout electronics elements to the SINS housing.  

 
Nomenclature 

b – width of the contact heat exchange section of the heat pipe, dm – diameter of the wire forming the 
mesh structure, dm,opt – optimal of diameter of the wire forming the mesh structure, Fm,d – area additional 
capillary structure, G – acceleration of gravity, hic – the length of  the heat transfer, h2 – the thickness of the 
internal space of the heat pipe, Km  – permeability of mesh structure calculated by the Blake-Koseny 
equation, L – latent heat of vaporization, lhp – length of  heat pipe, n – value of the acceleration factor, Q – 
transferred heat power, th –the ascent of the coolant,  – dynamic viscosity of liquid, Пm –porosity of  mesh 
structure, –density of liquid,  – coefficient of surface tension τ – the relaxation time.  
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Abstract 
The paper presents approach to the design of aluminium profile thermosyphons (APT) for building façade 

integrated photovoltaic thermal solar collector of photovoltaic thermal module (PVT). The profiles for aluminium 
grooved heat pipes use as APT’s shells. In this case, APTs perform a complex role: they simultaneously serve as an 
absorbing surface, as highly thermal conductive device and as a cooling system for photovoltaic cells. Maximum heat 
transport capacity and thermal resistance of APTs intended for use in PVT collectors are showed. Researches were 
conducted for the APTs with outer diameters of 8,1 mm, 10 mm and 14 mm; tilt angles changed within the range 
5°...90° and the temperatures changed from 20°C up to 80°C. Also, in the work presents the results of research which 
showed that the efficiency of PVT based on APTs with parameter X = (0.02...0.06) K·m2/W is 0.35...0.60. Besides, the 
PVT can further produce electricity up to 135 W/m2 and maximum heat output up to 457 W/m2 at the incident solar 
radiation of 900 W/m2. Experimental test was carried out on the mock-up of facade PVT collector with dimension 1,340 
× 500 mm. Such design of the PVT collector could be easily integrated into building constructions. 

 
KEYWORDS 

Thermosyphon, aluminium grooved heat pipe, heat transfer, efficiency, photovoltaic thermal module, 
building façade integration, solar cells.  
 
 
INTRODUCTION 

Due to the increasing of energy prices and environmental degradation one of the most important tasks 
is to search for alternative energy sources that can replace expensive natural gas and petroleum products used 
in the residential sector. In recent times much attention has been given to the development of buildings with 
minimal energy consumption [1]. The most promising works are directed towards finding and researching 
new materials, components and structures of buildings that allow to reduce their energy consumption. 
Another area having great potential for energy saving is using of solar energy for heating and electrification 
of residential properties. At the moment it is mainly realized due to the use of flat plate solar collector (FPC) 
[2] and photovoltaic panel (PV) [3]. 

However, there are some restrictions on their effective integration into building facades. Most of them 
do not meet such requirements as: low weight, easy assembling and installation and design universality, 
which is especially important when implemented into building facades. Therefore, new ideas for designing 
of facade structures that serve as a part of the solar system [4] represent a growing interest. It is important to 
take proper account of the surface that may be used for the solar system installation. Usually this area is 
limited when installing FPC and PV. This problem can be solved by PVT using heat pipes (HP) [5, 6]. In 
addition, the design of the HP PVT can increase the effectiveness of PV due to their cooling. 

At present, most of the FPC use copper HP [8]. One of the main problems in using of copper HP for 
the FPC is to provide quality contact between the HP shell and the FPC heat-absorbing surface. When using 
traditional FPC design it is provided by additional technological operations such as: soldering, welding or 
pressing of the HP to the heat-absorbing surface. In addition, it is important to ensure effective heat transfer 
from the HP shell to the coolant of the FPC heat exchanger with minimum hydraulic resistance. Besides 
copper HP have several disadvantages such as: heavy weight and complexity of the capillary structure 
manufacturing. Selection of the capillary structure type is a factor that affects the HP performance. Salakh 
Agra [9] examined capillary structures made of powder and mesh. The HPs with powder structure have high 
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hydraulic resistance and are difficult for manufacturing and mesh structures provide weak contact between 
the mesh and the shell reducing efficiency. 

There is a lot of works which describe designing of pulsation HPs [10], which have no capillary 
structure. But ensuring of mass production of the pulsating HPs that show reliable and efficient operation has 
not yet been resolved. 

The authors propose the use of aluminium profile thermosyphons (APTs), which are based on profiles 
for aluminium grooved heat pipes (AGHPs) with grooved capillary structure [11]. Manufacturing technology 
of APTs and AGHPs can simultaneously receive both cylindrical shell and at the same time flat heat-
absorbing surface. So there is no need to solve additional problem of ensuring of thermal contact between 
APT and a flat surface. This gives us an opportunity to change the design of the FPC and PVT heat 
exchanger fundamentally. Such engineering solutions reduce the cost of the FPC and PVT and improve their 
hydraulic and thermal performance [12–14]. 

For more efficient APT use it was necessary to conduct experimental research and analyze the results 
to find out how various factors influence the APT performance (maximum heat transport capacity, thermal 
resistance and temperature field). This allowed selecting of the optimal APT diameter. According to the 
aspects of the APT using as a part of PVT, the APT must meet the following requirements: 

– maximum heat transport capacity should be at least 150 W at tilt angles from 10 to 90°;  
– the thermal resistance should be less than 0.04 K/W at tilt angles from 10 to 90°.  
Also been designed and constructed an experimental model of PVT module with APTs for thermal 

performance comparing it with other existing current models. The tests were made on a special experimental 
test bench with a solar radiation simulator. Finned aluminum profiles (alloy 6060) for AGHP were the basic 
element of the heat-absorbing surface. The use of the extrusion method enabled the construction of a 
cylindrical pipe (with a capillary structure) with a diameter of 10 mm and a fin with a width of 127 mm as an 
integral unit. 

 
1. LABORATORY TESTS 
 
1.2. Design and Investigation of Aluminium Profile Thermosyphons  

The objects of research are APT that are made of aluminum profile for AGHP (Fig. 1) of alloy 
6060/6061 with length 1300 mm. This profile has Ω-shaped grooved capillary structure, and it is a whole 
undivided construction of the APT body and a special flange for installation of photovoltaic cells. The APT 
were made on the basis of three types of aluminum profiles with outer diameters of 8.1, 10 and 14 mm. APTs 
were filled with Pentane-N. 

 
Do 

Di 

 
a 

 
b 

 
Fig. 1. Design of aluminum profile thermosyphon for PVT: a) general view of the APT 
profile: 1 – APT shell, 2 – Ω-shaped grooved capillary structure, 3 – flange for the solar 
cells installation; b) aluminum profile for the APT with a diameter of 10 mm. 

 
The scheme of experimental stand developed for researches is described in [13]. Investigated APTs 

were fixed on a base that allowed setting the required tilt angle, which was controlled by the angular gage 
DigiLevel Pro 30 with the error of ±0.2°. 
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1.2. Design and Investigation of Photovoltais Thermal Collector  
The PVT module (Fig. 2, a) was designed and manufactured in the National Technical University of 

Ukraine “KPI”. When designing it was considered that the construction of such PVT should ensure its easy 
installation in the facades of buildings (Fig. 2, b). In this case, each HP with solar system can be regarded as 
a single unit. When integrating this construction into building façade the solar system can be composed of a 
various number of such units having different lengths.  

The PVT module (Fig. 2) has the following characteristics:  
– dimensions of absorption surface with solar cells is 1,340×500 mm;  
– number of solar cells is 36;  
– total surface area of solar cell is 0.56 m2;  
– maximum electric power is 75 W;  
– dimensions of polycrystalline solar cell is 125×125 mm;  
– SC efficiency is 15 %;  
– a glass with light transmitting ability of 0.91 and 0.004 m thickness;  
– protective coating is silicone coating PC-68 (light transmitting ability of 0.96).  
 

 
a 

 

 

b 

 
Fig. 2. PVT for integration into the façade of the building: a) general view of PVT module: b) the PVT 
module at building façade integration; c) design of PVT module: 1 – APTs; 2 – SC; 3 – silicone coating; 
4 – electrical insulation; 5 – thermal insulation; 6 – heat exchanger; 7 – glass; 8-case; 9 – back cover. 

 
The PVT module is a basic design with maximum electrical output power of 75 W. The design 

includes four APTs with nine solar cells on each one. The design is constructed so that each APT represents 
a separate photovoltaic unit. This makes possible to create a system with different numbers of photovoltaic 
units, varying their length. Such construction is primarily designed for its integration into building facades. 
Experimental investigations of the PVT module efficiency have been carried out in Kiev-region at natural 
light. In addition, the special experimental stand with the sun simulator was used for it. The experimental 
stand was created in NTUU KPI and described in [14]. The halogen lamps with a colour temperature of 
5,500 K, which corresponds to the emission spectrum of the Sun, were used as the simulator of solar flow. 
The simulator was created in accordance with the normative document [15]. Test procedure for the PVT 
module was developed on the basis of regulations defining test methods of PVT [16] and solar collectors 
[17]. This procedure allowed to investigating the PVT thermal and electrical efficiency. 
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2. RESULTS AND DISCUSSION OF RESEARCH 
 

2.1. Tests Results of Aluminium Profile Thermosyphons 
One of the most important characteristics of the APTs is its effectiveness at different tilt angles. From 

the other side APT performance is one of the main structural factors influencing the effectiveness of HP-
based PVT. Thus, it is important to obtain dependence of the APTs performance on their tilt angle. Fig. 3 
presents graphical dependences of the APT maximum heat transport capacity on their tilt angle for different 
APT body outer diameters.  

As it can be seen in Fig. 3 the APT with a diameter of 14 mm has the highest maximum heat transport 
capacity. For example for angles over 20° this value is not less than 220 W, whereas comparing with the 
APT having diameter of 10 mm the same value is in the range of 150...160 W and for the APT with a 
diameter of 8.1 mm this value is in the range of 75...80 W.  

 

 
 

Fig. 3. Dependences of the APT maximum heat transport capacity on their tilt 
angle for different APT body outer diameters 

 
Analysis of the tilt angle influence on the APT maximum heat transport capacity showed that at APT 

inclination close to the horizon coolant returns to the evaporator by capillary forces. Increasing of the APT 
tilt angle strengthens gravitational force effect. Under capillary forces and gravity fluid returns to the 
evaporator more quickly. Influence of the tilt angle is well-noticeable up to 19,0°…21,5° when both forces 
take place. If the APTs tilt angle is more than 20° then it has little effect on the maximum heat transport 
capacity. But the literature analysis shows that maximum heat transport capacity of the smooth-wall 
thermosyphons has its maximum value at angles 40°...60° [18, 19]. Greater tilt angles can result in decrease 
of maximum heat transport capacity by 10% or more. This fact is also confirmed by numerous experiments 
of other researchers. The authors explain that fact as follows. Increasing the tilt angle (over 60°) decreases 
hydrostatic pressure that reduces the flow of fluid from the condenser to the evaporator. In addition, 
influence of gravity increases resulting in both movement of fluid from the upper to the lower thermosyphon 
wall, and reduce or disruption of the liquid film on the top wall. This leads to earlier drainage of the 
evaporation area and crisis onset. Talking about the APT there is no influence of gravity on fluid flow along 
the APT since grooved capillary structure holds the liquid. The fact that the thermosyphon geometry affects 
maximum heat transport ability is also important. Thus, reducing the diameter and increasing thermosyphon 
angle leads to decrease of the heat transport capacity due to the disruption and loss of the coolant by vapor 
flow. The visual studies have shown that supply of liquid from the condenser to the evaporator at different 
angles is almost constant within “Ω-shaped grooves”, because there is practically no interaction between the 
vapor and liquid. In such construction a crisis starts actually not because of the coolant taking away, but due 
to the heat exchange crisis at boiling in slotted channels. Increase in the thermosyphons diameter (when ratio 
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of the diameter to the thermosyphon evaporator length exceeds 0.2) leads to the fact that tilt angles greater 
than 60° has practically no influence on the maximum heat transport capacity, which is confirmed by the 
authors [18]. In this case the vapor flow velocity reduces as well as interaction between vapor and liquid. 
This was quantitatively confirmed by the authors during experiments with APTs of 8.1 mm diameter both 
having grooved capillary structure and without it, i.e. smooth-wall aluminium thermosyphon. The results 
showed that using the N-pentane as working liquid and under equal conditions the values of the heat 
transport capacity for the APT with grooved capillary structure exceeded the same for the smooth-wall 
aluminium thermosyphon by 24...26 %. 

Fig. 4 shows the dependence of the thermal resistance of each studied APT on the tilt angle at the 
input heat flux of 100 W. Analyzing the graph, we can conclude that the thermal resistance increases with 
decreasing of the APT diameter. Such dependence can be explained by the physics of the processes that 
occur inside the APT with tilt angle increasing. At the tilt angle of 5° thin layer of liquid is placed along the 
whole APT length, which creates an additional thermal resistance of this liquid layer, and so the thermal 
resistance has rather large value. For example, for APT with a diameter of 10 mm it can exceed 0.05 K/W. 
When tilt angle increases up to 20° due to the influence of gravitational forces the liquid starts to flow down 
from the condenser reducing the thickness of the heat carrier layer in this area, thus providing the thermal 
resistance decrease. Values of the thermal resistance are 0.03...0.035 K/W for the APT with a diameter of 10 
mm. With further increasing of the tilt angle the grooves don’t hold the heat carrier no more making a so 
called "puddle" in the evaporator that leads to increasing of the APT thermal resistance. In this case, the 
thermal resistance is 0.04 K/W for the APT with a diameter of 10 mm.  

 

  
 

Fig. 4. Dependence of the thermal resistance on the tilt angle at the input heat flux of 100 W 
 
Analysis of the results shown in Figs. 3, 4 shows that the APT with a diameter of 14 mm has the best 

performance, which is greater maximum heat transport capacity and lower thermal resistance relative to the 
other AGHTs. Taking into consideration that the APT with a diameter of 8.1 mm has sufficiently high value 
of thermal resistance (more than 0.07 K/W at tilt angles less than 10°), that exceeds the requirements of the 
initial data, its use is impractical. The main choice for PVT was conducted between the APT samples with 
diameters of 10 mm and 14 mm. The values of thermal resistance and maximum heat transport capacity for 
the AGHTs with diameters of 10 and 14 mm are rather close (the difference between them is less than 0.01 
K/W) and meet the requirements of the initial data. However, the requirements that apply to the PVT design 
over their mass and size characteristics determined the choice in favor of the APT with a diameter of 10 mm, 
since the mass of one meter of the 10 mm profile is almost 1.5 times less than the 14 mm mass. 

Thus the aluminum profile with a diameter of 10 mm was taken as basis for the body of the APT 
intended for use in the PVT. This APT with Pentane-N as a heat carrier provides heat transfer over 150 W 
and has thermal resistance less than 0.04 K/W at the PVT tilt angles from 10° up to 90°. 
 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

75 
S. Khairnasov et al. 

2.2. Tests Results of Photovoltais Thermal Collector Based on Aluminium Profile 
Thermosyphons 

As a result of experimental studies the PVT thermal efficiency curve was obtained. Comparison of 
PVT and FPC [14] operation (Fig. 5) shows that the thermal efficiency of PVT is about 10–15 % less. First 
of all it is the result of the fact that the part of the energy is converted into electrical energy by solar cells. 
Moreover, solar cells with adhesive layer serves as thermal insulation element and reduces the PVT thermal 
efficiency at low solar heat fluxes and at large temperature difference between the absorption surface and the 
environment. 

 
 

Fig. 5 Comparison of the PVT and standard FPC thermal efficiencies: 1 – 
FPC with APTs [14]; 2 – PVT with APTs. 

 
The following tendency was observed: lower initial temperature of the water in the tank causes more 

intensive water temperature growth. Thus, the obtained data confirmed that optimal performance of PVT unit 
takes place at temperatures of its absorption surface no more than 60°C, which corresponds to the 
temperature of solar cells. Rising of the cooling water temperature at the system outlet up to the temperature 
used in hot water supply (50оC…55оC) leads to increasing of the solar cells temperature up to 70 °C, and so 
it reduces the electric power output by 20 %. On the other hand, even when temperature of the PVT 
absorption surface comes up to 60°C, water temperature in the accumulation boiler will be no more than 
45°C.	This value is too small for heat water supply and even more so for the heating system. On the one hand 
increasing of water temperature in the boiler is good for the heat water supply system and on the other hand 
it results in performance decreasing for the system combined with the PVT. Therefore, the most effective is 
using of the PVT to preheat water for heat water supply systems with maximum additional power generation. 
This allows us to consider cooling water recycling only as an additional source of hot water supply that can 
be used with other heating systems (heat pump or industrial heat source). 

Current-voltage characteristic describes the electrical efficiency of the PVT. Studies have shown that 
due to the solar cells cooling of the PVT can improve the efficiency of electrical energy producing up to 
28 % at electric power of 135 W/m2 compared with conventional PV. In addition to the electricity, one can 
simultaneously obtain heat flux up to 457 W (Table 1) from the heat absorption surface of 1 m2 (for water 
heating). 

 
Table 1. Dependence of thermal and electric power PVT at E = 900 W/m2 

 
tout Qef, W/m2 Pm, W/m2 
25 457 135 
50 323 121 
75 243 106 
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Analyzing the results it can be argued that PVT saves surface on the facade or roof of the building. In 
the real-life environment, we can set 1 m2 PVT on a given surface area of 1 m2, but we can not install PV 
module and FPC with an area of 1 m2 each. So it’s possible to distribute this area between them, for example, 
0.5 m2 for each one. In this case we can increase efficiency by design features such as, for example, length of 
the APTs. Thus, when the length of the APTs is 1,340 mm the PVT provides up to 26 % more energy than 
separate PV and FPC, and at APTs length of 2,340 mm up to 30 % more energy. 

Another important feature of the PVT is the hydraulic resistance of its heat exchanger, which affects 
the efficiency of the PVT functioning as a part of the solar thermal system. The results showed that 
considered design of the PVT has a low value of hydraulic resistance. Thus, when the water flow is 2.2 
L/min the hydraulic resistance of the standard PVT without HPs is 460 Pa, while the hydraulic resistance of 
the PVT with the APTs is 2–2.4 times less. This fact is very important when using the PVT with area more 
than 10 m2 in the façade solar energy system, which requires installation of more powerful pump that 
increases energy consumption during use. 
 
CONCLUSION  

The experimental research was carried out to choose optimal aluminum profile thermosyphon (APT) 
to take account values of maximum heat transport capacity, thermal resistance and weight for its use as a part 
of the photovoltaic thermal solar collector (PVT). To achieve this goal the experimental stand was created 
that allowed testing of the APT experimental samples with diameters of 8.1 mm, 10 mm and 14 mm. 
Pentane-N used as a heat carrier. The most optimum design of the APT was determined in accordance with 
its use in the PVT. When selecting the optimal APT design the researches were carried out at different tilt 
angles (from 5 up to 90°). The analysis showed that the optimal APT design is the one, which is made of 
aluminum profile with a diameter of 10 mm. This APT provides transfer of heat flux over 150 W and 
thermal resistance less than 0.04 K/W at the PVT tilt angles from 10° up to 90°. Moreover, the 
manufacturing of the APT shells by extrusion makes it possible to obtain the optimum design of rolled 
profiles (aluminum profiles) and to produce cheap, light, wear-resistant and highly heat conductive shells 
that meet all the requirements of the AGHPs and APTs production. 

Technology of PVT that allows to convert solar energy simultaneously into electricity and heat is 
promising and saves surface on the facade or roof of the building. Additionally, this technology makes it 
possible to improve the electrical performance of solar cells due to the cooling of during their operation. 
Moreover, using of APTs allows to simplify the PVT integration into facades and roofs of buildings. 
Therefore, the proposed design of the PVT based on APTs has great potential. 
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Abstract 
The tests results of the aluminium grooved heat pipes characteristics are presented. Two aluminium grooved heat 

pipes were designed for a forced air cooling of high-power LED lighting device and used ammonia as a work fluid. 
Evaporated zone temperature of the heat pipe was in the range of 31.0 to 52.5 °C at the heat flux range of 50 to 100 W 
and upcoming flow speed range of 0.8 to 2.1 m/s. The temperature difference along the heat pipes was 0.9…1.7 °C at 
the heat flux 50 W and 1.7…3.1°C at the heat flux 100 W. The thermal resistance of heat pipes was in the range of 
0.012 to 0.044 °C/W. The main factors which influence of heat pipes performance are: the heat flux value, the speed of 
cooling air flux, heat pipe inclination angle relative to the horizon. 
 
KEYWORDS 

LED, lighting device, cooling system, heat pipe. 
 
 

INTRODUCTION 
The problem of energy conservation is a topic of current interest in the whole world. According to the 

data of International Energy Agency, about 19% of the all electrical energy produced worldwide is being 
spent for lightning purposes [1]. Development and implementation of energy-saving technical solutions in 
lightning area is a present day problem and its solution can save considerable amount of the produced 
electrical energy. To this end, in recent years active progress is observed in development and implementation 
of lightning devices with semiconductor-based light sources – light emitting diodes (LEDs) and LED 
modules (LMs) based on them, which along with producing an equal light flux consume considerably lower 
amount of energy as compared to incandescent lamps [2, 3]. At the same time, as the power of LED grows, 
the amount of heat produced in the active region of its semiconductor crystal grows as well. Increase in the 
temperature of LED crystal leads to the changes in its lightning and chromatic characteristics, decrease in 
durability life and reliability of the LED and the whole lightning device based on it. That is why the problem 
of LED cooling gets its high priority in the process of LED lightning devices development [4]. 

Analysis of existing LED lightning devices cooling systems shows that, the most typical are the 
systems for air cooling where heat sinks working under the conditions of free or forced convection are 
utilized. In order to transfer heat with minimal losses from powerful LED-based light sources (LEDs or 
LMs), which can be distributed in space at a distance, to a common heat sink which can be placed in a 
architectonically convenient part of the lightning device, the use of heat pipes (HPs) appears promising [5–
7]. The smallest mass and the simplicity of design are attributes of aluminum heat pipes with a groovy 
capillary structure [8]. 

The aim of this work is to develop a design of a powerful LED-based lightning device on the basis of 
aluminum HPs and to investigate the performance of such structures as aluminum HP, designed for the use 
as a heat transfer element of a powerful LED lighting products, for providing a given LMs temperature. 

 
THE DESIGN OF HIGH-POWER LED LIGHTING FIXTURE WITH HP 

 
Lighting fixture design’s features, in which the use of aluminum grooved heat pipes as a heat transfer 

elements is provided, is the location of the HP in the space in such a way, so that it’s condensation zone 
would be above the evaporation zone or at the same level with it. In this case, the force of gravity will not 

mailto:yunikola@ukr.net�
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prevent the return of condensed coolant on the grooves capillary structure of the condensation zone into the 
evaporation zone HP and will not disrupt the HP operation. As an example of this design in Fig. 1 the design 
of LED lighting products it is shown with powerful lighting modules mounted on five aluminum grooved 
heat pipes with Ω - shaped grooves [8].  

 

 

А-А

 

  (zoomed in) 

 

 
B-B 

               

 

 
Fig 1. Design of the lightning device with a heat pipe: 1, 10 – upper and lower heat sinks; 2, 12 
– needle edges; 3, 11 – vent holes; 4 – heat pipe; 5 – dome light; 6 – driver; 7 – leg; 8 – 
powerful LED; 9 – reflector; 13 – fan. 

 
A cooling zone of HP is located so as to ensure the thermal contact between upper and lower radiators 

with needle fins. At the bottom of the radiator between the needle ribs perforating venting holes are made. 
There is a fan provided in the fixture design in order to create a forced convection of the cooling air. 

 
THE HEAT SINK SYSTEM DESIGN 

 
Fabricated thermal layout that includes two aluminum grooved heat pipes was produced for the 

experimental investigation of performance of HP as a part of a lighting fixtures heat sink (see Fig. 2). 
The model heat sink system consists of:  

– two ammonia aluminum grooved heat pipes (HP No. 1 and HP No. 2) each having a length of 1018 mm, 
with eleven Ω-shaped grooves on an inner surface of the body HP, made of aluminum profile АС-КРА 3,5–
Р2 (width shelves 30 mm, the outer diameter and the distance between the support surfaces of shelves 7.5 
mm);  
– LEDs heat flux simulators designed as ohmic electric heaters, located in the heating zone of heat pipes with 
a maximum electric power 100 Watts for each HP; 
– two radiators with the dimensions of 122×38×330 mm each, based on aluminum profile, installed next to 
each other on the surfaces of the cooling zones HP, with the total area of the heat-transfer surface of the 
channels inside the radiator of 5828 cm2

– two fan «Вентс 125 ВКО пресс», providing the incident flow of cooling air.  

; (in total: 26 fins with dimensions 32×330 mm, 3mm thick fins at 
the base, 2mm fins at the tip edges; the distance between the axis of the ribs 10 mm);  

The insulating plate with formation 24 perforating trapezoidal cross section air channels inside the 
radiator adjoined tightly to the top of the cooling fins. Cross-section area of each channel is 240·10–6 m2

In order to decrease the contact thermal resistance between the contacting surfaces of the heating 
zones and the electric heaters HP, and between the HP cooling zone and the radiators the heat-conductive 
paste КПТ—8 was applied. The length of HP heating zone was 676 mm, the length of the cooling zone was 
244 mm. The heated surface of the heater, heating and transport zones of HP were covered with a layer 

.  
There are two suction nozzles in perforating channels and one nozzle in output in order to ensure uniform of 
cooling air speeds in the perforating channels of radiators and to ensure minimal hydraulic losses of air inlet.   
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insulation material based on basalt fiber in order to reduce the losses to the environment from them. 
Dimensions of thermal layout were 1018×330×38 mm. 

 

 
 

(a) 
 

(b) 
Fig. 2. General view of the layout of the heat sink system (a) and installation diagram of 
thermocouples (b):  1 – heat pipes (HP No. 1 and HP No. 2) with heater; 2 – radiators; 3 – 
the blowing fan; 4 – input nozzle; 5 – output nozzle;  6 – basalt insulation.  On Fig. b): 1, 
2, 3, 4, 5, 6, 8, 9 are the number of thermocouples 

 
EXPERIMENTAL INSTALLATION AND RESEARCH PROCEDURE 

 
Experimental setup for the study of HP heating characteristics and heat sink system consists of 

working surface (the above described model heat sink system), supply system, measurement and electric 
power control system, automated system for measuring temperature and processing measurement results on 
the basis of a personal computer (see Fig. 3). 

The goal of the study was to obtain HP heat characteristics and heat sink system and to determine its 
possibility to ensure acceptable temperature mode of LM with a given

As an imitator of the LED heat flux 6 resistive heaters were used, mounted on HP No. 1 and HP No. 2 
(with three heater on each HP). 

 input power. 

Electrical power to the heaters of each HP was regulated with the help of a laboratory autotransformer 
(LA) and monitored by the individual wattmeter W type Д502 accuracy class 0.1. During the experiments, 
the power supplied to each HP (excluding heat leaks through insulation) ranged from 50 to 100 Watts. 

Heat withdrawal from the surface of the radiator was carried out by the air blowing fan in through 

 

channels between the radiator fins. Cooling air flow rate was controlled by means of LA and controlled by an 
anemometer type Meterman TMA 10.  
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Fig. 3. The experimental setup 
 

 
Temperature field and thermal layout of the ambient air was measured by nine copper-constantan 

thermocouples with the wire diameter of 0.16 mm. The scheme of thermocouples installation is shown in 
Fig. 2 (the thermocouple 7 was used to measure the temperature of the ambient air and on Fig. 2, b is not 
shown). The thermocouples are connected to an automated system for measuring temperature on the basis of 
a personal computer (PC). PC has 24 measuring channels and provides five seconds response time for all 
thermocouples. Control signals for thermocouples polling were transferred from PC via the serial interface 
RS232. The main components of the system elements, except PC, are also: two Analog Input Module МВА8 
and interface converter OWEN AC4.

The methodology of experimental research was the following. The working section of the experimental 
setup was placed under one of three angles HP to the horizon (15°, 45° or 90°), all installation systems were 
included and certain velocity of the upcoming flow of cooling air was set (0.8 or 2.1 m/s). Then, with the 
help of LA the initial value of the electric heaters power was set –  55 Watts on each HP. At the same time, it 
was assumed that supplied to the HP heat flux was 50 W, and heat flow outgoing through the thermal 
insulation, based on previous experience in the laboratory heat pipes NTUU «KPI» was 5 Watts. 
Thermocouple signals were recorded every 2 minutes, as well as the rate of air flow was controlled to ensure 
a steady state. After the stationary temperature regime had been achieved during 5—7 minutes, indications of 
thermocouples and values of airflow were recorded, then the heaters power was increased to the next value 
and the experiment was repeated. Experimental studies were carried out at two values of the speed of 
upcoming air flow: 0.8 and 2.1 m/s. 

 Analog signals from the module МВА8 were transmitted to signal 
adapter АС4 via interface RS485. Temperature measurement error was ±0.5 ºС, error in determining the 
temperature difference ±0.5ºС, thermal resistance is ±0.01 ºС/W. 

According to the results of measurements, the main performance characteristics of HP and the heat 
sink systems were identified: temperature dependence in the heating zone Т each of the heat pipes on the 
supplied heat flux Q, thermal resistance of heat pipes R, the influence of the orientation HP (angle φ to the 
horizon) in the gravitation field on its performance. As the value of the heat flux Q the electrical power 
heaters in each HP was taken, determined by the wattmeter W, reduced by the amount of heat loss, estimated 
at 5 W.

 

 The thermal resistance of each heat pipe R was defined as the ratio of the temperature difference ∆Т 
between heating and cooling zones ТТ to a heat flux Q. The results of experimental data are presented in the 
form of graphical dependencies in Fig. 4–7.  
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THE RESULTS OF EXPERIMENTAL RESEARCH AND THEIR DISCUSSION 
 
Fig. 4 shows the dependence of the thermal resistance R heat pipes No. 1 and No. 2 on a heat flux Q 

at different angles of inclination φ of HP to the horizon and two values of the velocity of the incoming air 
flow: 0.8 and 2.1 m/s.  Fig. 4 shows that the in all investigated conditions a minimum thermal resistance HP 
occurs in the values of heat flux 75 W. At the same time, there is a clear difference in the values of thermal 
resistance between HPs No. 1 and No. 2: thermal resistant HP No. 1 exceeds thermal resistance HP No. 2, 
which is due to the different volume of the charged coolant. HP No. 1 had a larger filling volume so that its 
evaporation zone was flooded with more coolant, thus the heat transfer coefficient in the evaporation zone 
was reduced and, respectively, the thermal resistance HP was higher. Even so, the absolute values of thermal 
resistance of both HP (from 0.012 to 0.045 °С/W) are within the range typical for small-scale ammonia 
aluminum grooved heat pipes produced in a heat pipes NTUU «KPI» laboratory.  
 

  
а) b) 

  
c) d) 

 
 

e) f) 
 

Fig. 4.  The dependence of the HP thermal resistance from the supplied heat flow at angles  
of inclination φ: 15 ° (a, b), 45 ° (c, d) and 90 ° (e, f);  a, c, e – air velocity 0,8 m/s;  b, d, f –  
2,1 m/s.  1 – HP No. 1; 2 – HP No. 2 
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The results of the experiments confirmed the assumption that the change in conditions of external 
heat exchange (under other modes fixed) does not affect the thermal resistance of the heat pipes: as shown in 
Fig. 4, a change in velocity of the cooling air in 2.5 times resulted in virtually no change in the thermal 
resistance of the HP. 

Change the orientation of the HP in space affects the thermal resistance of the HP. Thus, at the 
maximum heat flux transmitted (Q = 100 W) the lowest value of thermal resistance of both HPs was 
observed at an angle of inclination to the horizon HP φ = 15°, and the largest - at an angle of inclination φ = 
45°. This can be explained by various condensate film draining conditions on the inner wall of the HP and its 
interaction with a countercurrent flow of steam at different HP tilt angles and, respectively, varying heat 
transfer coefficient in the condensation zone. The smallest value of thermal resistance  (0.012 °С/W) was 
obtained for HP No. 2 at the inclination angle to the horizon of 15°, and the largest (0.045 °С/W) – for HP 
No. 1 at the inclination angle to the horizon of 45°.  

The effect of the influence of the changes in the determining factors (a heat flux density, velocity of 
cooling air and the angle of inclination of HP with respect to the horizon) on the temperature in the HP 
heating zone (HP No. 1) is shows in Figs. 5 and 6. As can be seen from Fig. 5, temperature in HP heating 
zone increases linearly with increasing the supplied heat flux Q and ranges from 31.0 to 52.5 °С when Q 
changes in the range from 50 to 100 W. With the increase of the velocity of the cooling of air from 0.8 to 
2.1 m/s, the HP heating zone temperature decreased by 2–4  °С (or by 6—8 %), which is caused by the 
improvement of the heat transfer coefficient between the radiator and the cooling air and by reduction of the 
thermal resistance in the heating zone. Fig. 5 and 6 show the characteristic influence of the angle of 
inclination on the HP heating zone temperature, manifested in its decrease by 2–5 °С (or 6–9 %) in the 
vertical orientation of HP as compared to the angles of inclination 15° and 45°. 
 

 
а)  

b) 

 
c) 

Fig. 5. The dependence of the temperature T in the heating zone HP No. 1 on the supplied 
heat flux Q at different angles of inclination φ of HP to the horizon: а – φ = 15 °; b – 45 °;  
c – 90 °.   1 – cooling air velocity 0.8 m/s; 2 –  2,1 m/s  
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An important characteristic of the HP is the working temperature drop along the length of the heat 
pipe ∆Т, defined as the temperature difference between the heating and cooling zones. As a result of HPs No. 
1 and 2 investigation it has been found that the temperature drop along the length of the HP ranged from 
0.9…1.7 °С supplied at a minimum heat flux of 50 W up to 1.7…3.1°С – at the maximum heat flux of 
100 W. Fig. 7, as an example, shows the character of the influence of the thermal flux on  the temperature 
difference in HP No. 1 and HP No. 2  at the inclination angle 15 °. It can be seen that the temperature drop 
along the HP increases linearly with the increase in the supplied heat flux. Maximum  values of ∆Т  were 
2.6 °С  for HP No. 1 and 1.7 °С for HP No. 2 at maximum input heat flux of 100 W and cooling air velocity 
of 0.8 m/s.  

Thus, from the experimental results it is evident that in the range of a heat flux Q from 50 to 100 W 
and the cooling air flow velocity from 0.8 to 2.1 m/s the temperature Т  in the heating zone of HP ranged 
from 31.0 to 52.5 °С. The temperature difference ∆Т along the heat pipe is in the range of 0.9…1.7 °С at a 
minimum supplied heat flux of 50 W to 1.7…3.1°С – at the maximum heat flux of 100 W. The values of the 
thermal resistance of HPs is in the range from 0.012 to 0.044 °С/W. The main factors affecting the thermal 
performance of heat pipes are: input amount of heat flux, rate of the cooling air flow and the orientation of 
heat pipes in a field of gravity. 

 

  
 

Fig. 6. Influence of the angle φ for HP No. 1 on the 
temperature T in the HP heating zone at a flow rate  
of the cooling air 2 m/s: 1 –  φ = 15 °; 2 – 45 °; 3 – 90 
° 

 

 
Fig. 7. The dependence of the temperature difference 
∆Т between the HPs heating and cooling zones on the 
supplied heat flux Q at the inclination angle φ = 15 ° 
and cooling air velocity 0.8 m/s: 1 – for HP No. 1; 2 – 
for HP No. 2  

CONCLUSIONS 
1. The results of the experimental research indicate the possibility of practical application of 

ammonium aluminum grooved heat pipe as heat transfer elements of the frame of the powerful energy-
efficient lighting products based on LED modules. 

2. At the maximum value of the heat flux supplied from the LED modules mounted on one HP of 100 
W, in the investigated range of determining parameters (the geometric dimensions of the heat pipe zones, 
heated surface radiators, cooling air velocity, the angles of inclination of the HP to the horizon) the heat pipe 
surface temperature in the region of the LED modules installation does not exceed 52.5 °C, which is quite 
acceptable for the cooling conditions of LED light sources. 

3. By using five heat pipes within the powerful LED lightning device it is possible to achieve an 
elimination of the total heat flux from LED modules up to 500 W. At an efficiency factor of LEDs of about 
75% this is equivalent to a consumed power of 665 W. Taking into account that luminous efficiency of 
modern LEDs is about 10 times higher than for incandescent lamps, the proposed lightning device will 
produce a luminous flux which is equivalent to the luminous flux of a lightening device with incandescent 
lamps with a power of 6650 W, thus confirming prospectivity of the use of proposed design for saving 
energy resources. 

4. The proposed design of LED lighting products provides the normal thermal mode of LEDs working 
at the total power of 500 W exceeding the known constructions of LED lamps for industrial use with a 
radiator heat sink system without HP and fan, such as a lamp ДСП27У-150 produced by ООО «ОСП 
Корпорация «Ватра», the Ternopil-city, Ukraine, and having a total power of 150 W. 
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Abstract 
Nanofluids (NF), i.e. fluids embedded with nanostructured materials, have recently became a subject of growing 

scientific interest due to reports of greatly enhanced thermal properties.  The exploitation of NF phenomena will allow 
to create a new class of efficient working and heat transfer media for wide range of technological application and bring 
such benefits like energy efficiency (e.g., improving heat transfer, reducing pumping power), lower operating costs, 
smaller/ lighter systems (small heat exchangers) and cleaner environment (e.g., reducing heat transfer fluid inventory). 
Constructal theory and design proposed by A. Bejan in the context of optimizing the access to flow between a point and 
an area with application to cooling of electronics are discussed. Computational method for the evaluation of the 
transport processes with nanofluids in artificially designed media with desired extreme performances (so-called, 
constructal media) is developed. The results show that the effectiveness for the flow rates considered was 10 % greater 
than that of ideal cross flow heat exchanger.  
 
KEYWORDS 

Nanofluid, Heat transfer, Pressure, Constructal media, Thermodynamic properties 
 
 
INTRODUCTION  

Nanofluids (NF) are a new class of efficient working substances with such benefits as energy 
efficiency (e.g., improving heat transfer, reducing pumping power), lower operating costs, smaller/ lighter 
systems (small heat exchangers) and cleaner environment (e.g., reducing heat transfer fluid inventory) [1–6]. 
The heat transfer in nanofluids the Thomson Reuters rating agency associates with “Research Fronts 2013” 
100 top-ranked specialties in the sciences and social sciences [7].  

At present time, neither experimental data nor theoretical assessments about changes in the 
singularities of conventional fluids after nanoparticle doping are available in literature. The presence of 
nanostructured materials should displace the singularity allocation and change the phase behavior of 
mixtures due to critical point shift of components.  

The principal aim of this paper is to study the effect of nanoparticle doping on thermodynamic and 
hydrodynamic behavior of conventional working fluids in cooling systems.    

This work is organized as follows. In the first part, we study the influence of nanoparticle adding on 
critical point location in the one-component fluids. We suggest that regular and singular parts of 
thermodynamic surface of reference fluid and nanofluid with small nanoparticle volume concentration (<5 
%) are coincided in reduced form. The shift of critical point for СO2 doped with graphene genealogic tree 
nanoparticles (carbon nanotubes, fullerenes, graphene flakes) and metal oxides (TiO2) nanoparticles is 
theoretically predicted. In the second part, we consider heat disposal as important tool for the reliable 
operation of each successive generation of computers. With the increase of computational speed, higher chip 
densities are required to reduce the travel path of a signal.   The specific problem of electronics cooling is to 
resolve a conflict between contradicting goals: to maintain a maximum of heat generating electronics 
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components in a fixed volume, and to attain a target temperature tolerance to guarantee the electronic device 
life cycle. The present approach considers a constructal media like some heat-conducting environment in 
which the structural heterogeneity is generated due to the predetermined law of structure growth from locally 
equilibrium structure of the initial construct element. An algorithm of computational simulation of transport 
processes in the irregular heat-conducting environment includes two essential stages: generation of a 
computational cell, i.e. geometrical design of constructal medium structure (micro level), and evaluation of 
the temperature distribution in constructal media (macro level). 

 
INFLUENCE OF NANOPARTICLE ADDING ON CRITICAL POINT LOCATION 

Critical point identifies thermodynamic behavior of pure substance in wide range of parameters of 
state. Adding of nanoparticles changes the intermolecular interactions between fluid components embedded 
with nanostructured materials and shifts phase equilibria in the nanofluids. Here we suggest the fluids with 
small impurities obey the corresponding state principle. It is hypothesized that the regular and singular parts 
of thermodynamic surface of base fluid and nanofluid with small nanoparticle volume concentration are 
coincided in reduced form. The compressibility factor (Z) of nanofluid is defined via scaled pure reference 
fluid properties 
 

),(
Cnf

Cnf

T

T
ZZ

ρ

ρ
=

,
  (1) 

 
where critical parameters of nanofluid (ρCnf, TCnf 

 

) are calculated from available equation of state in vicinity 
of critical point. To estimate the critical parameters of reference fluid – nanoparticles system the fundamental 
equations of state in reduced form for industrial fluids [8] are used. To compute thermodynamic properties of 
nanofluids under this study in the range 0…5% volume concentrations of nanoparticles (np) the density of 
nanofluid (nf) calculated via reference fluid density (rf) by standard relation [9]: 

 nprfnf ϕρ+ρϕ−=ρ )1(    (2) 
 

The search algorithm of nanofluid critical parameters is as follows. From the fundamental EoS of 
given substance the p – ρ – T data are generated in vicinity of critical point to establish the power law 
equations [8]: 
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N

T

T
N       (3) 

 
where ρσ is the saturation density for the liquid or the vapor; Tσ  is the temperature along saturation 
curve; ρ  c Tc are critical density and temperature; N1, N2

This equation is valid only in the critical region. The critical pressures for each fluid are determined 
from calculations with the equation of state at the critical temperature and density. It is assumed that 
equation (3) is valid both reference substance and nanofluids. The application of universality to dissimilar 
critical points is based on the isomorphism principle, which formulates the conditions for expressing the 
theoretical scaling fields through physical field variables. The N

, β are fitting parameters. 

1, N2, β are calculated from the ρ  – 

Here we consider as an example the critical point shift for CO

T 
data set for pure substances and then used to estimate nanofluid critical parameters at different nanoparticle 
concentrations. The algorithm accuracy is checked at limit ϕ = 0  to reproduce the critical point data 
for pure components. The results of our calculations reproduce the EoS data from [8] within experimental 
accuracy of density measurements for given substance.  

2 embedded with different types of 
nanoparticles: graphene genealogic tree (CNT, fullerenes, and graphene flakes) and some oxides (TiO2, 
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SiO2, ZnO, CuO) which have bulk density ρCNT = 1330 kg/m3, ρC60 =1650 kg/m3, ρG = 2230 kg/m3, 
ρTiO2 = 3900  kg/m3, ρSiO2  = 2400 kg/m3, ρZnO = 5600 kg/m3, ρCuO = 5400  kg/m3

Thermodynamic behavior for selected fluids near critical point is generated via the fundamental 
equations of state from [9]. The predicted critical temperature shifts under adding of different nanoparticles 
are presented in Table 1 and Figs. 1, 2.  

 
correspondingly.  

Table 1 
Critical temperature )(

2COccnfc TTT −=∆  and density )(
2COccnfc ρ−ρ=ρ∆  shifts in carbon dioxide embedded 

with different nanoparticles  

Nanoparticle 
types 

Δρc,  kg/m
at φ = 1 % 

3 Δρc,  kg/m
at φ = 5 % 

3 ΔTc

at φ = 1 % 
, K ΔTc

at φ = 5 % 
, K 

CNT 5.74 22.6 0.01 0.11 
C 7.47 60 33.2 0.01 0.13 

Graphene 12.47 55.7 0.02 0.19 
SiO 12.93 2 58.0 0.02 0.20 
TiO 22.99 2 107.1 0.05 0.42 
ZnO 34.40 187.4 0.07 0.71 
CuO 39.69 162.0 0.08 0.64 
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Fig. 1. Saturation curve and critical point CO2

 
 shift under graphene genealogic tree nanoparticle doping  

The growth of volume nanoparticle concentration tends to increase slightly the CO2 nanofluid critical 
temperature. Changes that are more significant observed for critical density. The critical parameters for 
nanofluids also give an opportunity to calculate their thermodynamic properties from the reduced EoS (1). 
The shift of critical point parameters can change the landscape of phase behavior in binary mixtures and 
requires more detailed analysis which unavailable in literature.  
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Fig. 2. Saturation curve and critical point CO2

 
 shift under different oxides nanoparticle doping 

 
HYDRODYNAMIC AND THERMAL BEHAVIOR OF NANOFLUIDS  
IN CONSTRUCTAL MEDIA 

The concept of electronic chips miniaturization leads to increasingly larger heat dissipation rates and 
needs a new design of cooling systems integrated directly into functional unit. Constructal theory and design 
were first stated by A. Bejan in the context of optimizing the access to flow between a point and an area with 
application to traffic [10] and the cooling of electronics [11]. The flow path was constructed in an “atomistic” 
sequence of steps that started with the smallest building block and continued in time with larger building 
blocks (assemblies or constructs) [12]. The geometry of each building block was optimized for area-point or 
volume-point access, i.e., for a minimum global flow resistance. Afterward, a general model based on 
fundamental physical and biological principles of resource transport in organisms was proposed in [13]. West 
et al. [13, 14] showed that fractal-like networks with specific dimensions (“the forth dimension of life” [14]) 
maximize biological surface areas (lungs, roots, etc.) and minimize internal transport distances (circulation 
times). The aim of the present Section is to develop a computational method for the evaluation of the 
transport processes with nanofluids in artificially designed media with desired extreme performances (so-
called, constructal media).  

Here a constructal media like some heat-conducting environment in which the structural heterogeneity 
is generated due to the predetermined law of structure growth from locally equilibrium structure of the initial 
construct element. Depending on the used law of growth, trajectories of movement form such networks with 
geometric shapes that are qualitatively similar to the structures, which can be found in Nature. It was proven 
by the evolution that these structures have high efficiency. 

An algorithm of computational simulation of transport processes in the irregular heat-conducting 
environment comprises two stages:  

1. Generation of a computational cell, i.e. geometrical design of constructal medium structure (micro 
level); 

2. Evaluation of the temperature distribution in constructal media (macro level). 
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Design of Constructal Media  
The fabrication of any structure or material from elemental blocks (subunits) requires that the design 

strategy meet specific criteria. The great diversity of natural and artificial complex structures that emerges 
from simplest subunits is associated with multitude of objectives, both a global system and their embryo 
subsystems. Constructal theory and design of multi-objective systems consider the morphing of structure as 
result of interplay between the global objectives and the global constraints. It is assumed that the subunit 
should be engineered with an important function in the assembly process of a more complex structure. 
Combined “flow and strength” method [15] is an attempt to resolve a conflict between contradicting thermal 
and mechanical criteria. Attempts to construct only a single criterion narrow considerably an opportunity to 
find a sustainable decision. In general design practice, one faces the problem of uncertainties of various 
kinds and solution of multi-criteria problem is beyond mathematically rigorous algorithms. Here we consider 
stochastic and deterministic models of geometrical structure of constructal media designed from elemental 
blocks. To design a constructal media we need to formulate both appropriate rules for the generation of 
geometrical structure from subunits by the programmed way and holistic functionals that reflect the 
exogenous requirements for designed system in whole. 

Stochastic models of constructal media are based on rules of cluster growth from subunits using the 
Monte Carlo simulation technique. Resulted clusters simulate probable structures of constructal media. The 
choice of the holistic functional depends on the problem goals and usually it corresponds to minimum 
resistivity. The following models have been considered: a classical model of the percolation theory; a track 
percolation cluster; an aggregation with the limited diffusion. Each case was realized on the grid with a size 
of 50×50 nodes. In a model of the classical percolation theory, a subunit that is used to form a cluster is a 
cross made of a node and neighboring nodes that lie within one coordinate sphere. In a track percolation 
model, subunits are represented as tracks. Each track consists of several nodes lying on a line which direction 
deviates from a direction of percolation at some angle. Angles are generated randomly and lie within the 
specified range. In both these models, subunits are randomly cast in a domain until percolation path occurs 
between two opposite sides of the domain. In an aggregation model, a cluster is made of particles that 
randomly walk in a domain and join the cluster when they pass any part of the cluster within two coordinate 
spheres. The growth of a cluster is stopped when a cluster connects any two opposite sides of the domain. 

Dendritic geometric structures that maximize surface areas and minimize transport distances are 
considered as deterministic models of constructal media. The branching tree formation is a result of the self-
similarity mechanism and after a reiteration process, applying to the first subunit the emergent structure starts 
filling technological space, increasing the heat transfer cross-section area. To generate a dendritic structure in 
the silicon substrate, we consider an initiator channel of length L0 and diameter d0 which bifurcates at one 
end. The next channels of length L1 and diameter d1

The relationship between initial size of channel and arbitrary k-th branching level is given as  

 bifurcate at each end to form the second branching level 
of the network. The bifurcations at the ends of the newly formed channels may be continued until the holistic 
functional will achieve a desired value at the specified branching level. The size of channel heat transfer area 
affects rates of all transport processes in electronic devices. Chen and Cheng [16] found that the dendritic 
microchannel network improves both the thermal and hydrodynamic performance of the heat sink relative to 
the conventional parallel microchannel network. The effect of Reynolds number on the thermal and 
hydrodynamic characteristics of the flow in the tree-like microchannels has been studied in Ref. [17]. Self-
similar morphologies of these networks are hypothesized as a result of natural selection operating to 
maximize desired performances of the system as a whole.  

 
k

k LL γ= 0       (5) 
k

k dd β= 0        (6) 
 

for lengths and diameters of channels, correspondingly. Cross-section heat transfer area depends on scale 
factors β, γ and N. Number of branches is defined via fractal dimensions D or DL

 
 from [18]:  
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The scaling exponents play an important role in transport processes and reflect the structure, 

hydrodynamics, and thermodynamic property of both natural and artificial systems. For example, metabolic 
rates of entire organisms scales as 3/4M ; rates of cellular metabolism and heartbeat as 1/4−M ; branch radius 
of plant vascular systems as 3/8M  and times of blood circulation as 1/4M  [13, 14]. Equations (5)–(8) are 
used as the rules for generation of tree-like structures in constructal media. An example of channel network 
having 6 branching levels at fractal dimension 1.5 as it will show later (Fig. 4). 

Governing equations. The heat transfer equation used to compute the temperature distribution in the 
stochastic models  of constructal media is given by conventional form [19]: 
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To simulate fluid flows in constructal media (e.g., microchannel networks in silicon substrate) the 

time-averaged Navier-Stokes equations, for an incompressible, Newtonian fluid, with the eddy viscosity 
assumption applied to model the Reynolds stresses, are used, for mass, momentum and energy respectively: 
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where the Einstein summation convention is used (i, j = 1, 2, 3). The effective viscosity and effective 
coefficient of diffusion for energy are  

t

t
effteff PrPr

  ; µ
+

µ
=Γµ+µ=µ      (11) 

 
The functional relations between specific heat, thermal conductivity and viscosity with temperature for 

water with CNT were restored from relationships [9]. The thermal conductivity of the silicon is taken as 
150 W/(m⋅K). 

Boundary conditions. A two-dimensional computational domain shown in Fig. 3 for the stochastic 
model has adiabatic boundaries everywhere, except at 1.0=y , where nodes belong to a fractal.  

Boundary conditions for the computational domain with cluster formed using aggregation.  At these 
nodes, the constant heat flux is prescribed. The volumetric heat source is prescribed at the center of the 
domain  ( 060040060040 .y.,.x. ≤≤≤≤ ). The values of the heat flux at the boundary and the source heat 
flux are equal. 

 

 (10) 
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Fig. 3. A two-dimensional computational domain for the stochastic model  
 
 
RESULTS AND DISCUSSION 

Discretization of the computational domain, which consists of the developed irregular structure and 
surrounding media, is accomplished by replacing each point of the original domain with the element of 5×5 
nodes, so that final computational domain consists of 204×204 nodes. The thermal conductivity is prescribed 
at each node so that its value corresponds to the irregular structure or the surrounding media. The effect of 
nanoparticle adding is simulated via thermal conductivity variation. Then, the governing equation is solved 
using the two-step Runge–Kutta scheme. The described method is applied to a number of cases to compute 
the heat transfer in the constructal networks for the cooling of electronic chips. The constructal design 
concept was used to create a geometric structure of silicon substrate with implemented microchannel 
network and to simulate the temperature fields in cooling a multi-chip module. The substrate, 2×2 cm2, 
consists of 400 chips which each dissipate 2 Watts of heat. This requires that the entire chip dissipate 200 
W/cm2

A single-phase fluid flow through a tree-like microchannel heat sink involves using pumps to generate 
a flow that diffuses into the microchannels and gains heat before it is fed into a heat extractor and is returned 
to the pump. The flow configuration for the system is modeled similar to that of a counter flow heat 
exchanger, where fluid enters from opposite ends of the microchannel heat sink, and returns to the other side. 
This is done in order to prevent thermal gradients in the system that would induce high mechanical stresses 
due to thermal expansion. 

 of thermal energy that equates to a processor with a speed of approximately 5 GHz. 

The best case can be achieved when heat generating surface is covered by microchannel network 
completely. It corresponds to fractal dimension equals to DL → 2. Opposite worst case corresponds to fractal 
dimension DL

The results of the computed temperature contours for the tree-like structure of constructal medium are 
shown in Fig. 4. In this model the fluid dynamic problem is coupled with the heat transfer problem in a 
cooling substrate. The computational three-dimensional finite element grid was built using ICEM CFD 
software. In this grid, the fluid cells were mapped one-to-one to solid cells.  

 → 1 when heat removal is carried out by single microchannel. Resolving of contradiction 
between   technological practicability and theoretical limit is evidence an optimum decision with 
intermediate fractal dimension. This optimum fractal dimension defines constructal design of cooling 
system. 
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Fig. 4. Temperature fields in silicon substrate (working fluid: water + CNT )  
 
 

The results show that the effectiveness for the flow rates considered was 10 % greater than that of 
ideal cross flow heat exchanger.  
 
CONCLUSIONS  

 
Heat transfer modeling in the constructal media requires non-linear conductivity mechanism taking 

into account. This phenomenon is usually neglected in the conventional analysis of heat propagation in 
complex systems.  

Dendritic structure of microchannel networks is one of promising pathways to intensify transport 
processes in cooling of modern electronics. Resolving of conflict between technological practicability and 
theoretical limit is evidence of an optimum decision with intermediate fractal dimension. This optimum 
fractal dimension defines constructal design of cooling system for electronics. 
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Abstract 
The non-stationary one-dimensional mathematical model of vaporization in capillary-porous media (CPM) 

evaporators of loop heat pipes is presented. The model contains the equation of skeleton CPM thermal conductivity, the 
equation of working fluid stream energy, the equations of liquid and vapor filtration and can be used for CPM with 
various distribution of pores size. Examples of calculations results are presented, the basic mechanisms of heat transfer, 
revealed during the settlement analysis are described. It is shown, that in case of CPM with inverted meniscus near to 
section of heat input there are the pulsations of the working fluid accompanied by periodic CPM drying and filling up to 
full filling of section by liquid. The analysis of CPM thermal conductivity influence on heat and mass transfer processes 
is carried out. Features of processes are defined at the heat flux close to the maximum. 

 
KEYWORDS 

Loop heat pipe, capillary-porous media, vaporization, heat and mass transfer 
 
 

INTRODUCTION 
The technology of loop heat pipes (LHP) is well fulfilled for last twenty years. LHPs taken strongly 

place in the thermal control systems for spacecraft and for ground application. At the same time successful 
design decisions and successes of technology are combined with an insufficient level of studying of the 
physical phenomena occurring in the LHPs. It concerns first of all the vaporization processes inside 
evaporator’s porous structure. One of the main features is inverted meniscus in LHP evaporators – it’s mean 
the vaporization going when the heat input and vapor output are made on opposites directions from one site 
of structures (scheme is presented on fig. 1). 

LHPs peculiarity consists also that it is autonomous heat-transfer device which realized self-regulation 
processes. Separate LHP components cannot work independently. This condition complicates essentially 
correct carrying out of experimental researches and corrects determination of boundary conditions for 
numerical modeling.  

Publications uniform not anough approaches to mechanisms of vapor generating in the porous 
structure. Parts of authors assume existence of an interpenetrating of vapor and liquid pores [3, 4], others 
authors consider, that exists vapor-liquid front [5, 6], which position can change at change of heat loading. 
Firsts consider, that the internal surface of a vapor pores is covered by a liquid film, others consider this 
surface dry. There are no uniform views at what parts of porous structure have the defining role in vapor 
generating, what possible modes and mechanisms of heat and mass transfer. 

Steady state model of heat and mass transfer in CPM with inverted meniscus was presented in previous 
paper [7]. Received solution achieve that the output cross section for vapor should be completely filled by a 
liquid (at least – periodically). On these hypothesis basis was put forward thesis about pulsing character of 
working fluid movement near to section of a heat input accompanied by periodic drying of CPM. For checking 
of this hypothesis it is necessary to consider non-stationary model of vaporization in CPM.  

mailto:shatuni@yandex.ru�
mailto:tais@heatpipe.ru�
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MATHEMATICAL MODEL 
The presented model develops on the basis of the stationary model presented in [7]. It is accepted, that 

the porous structure is continuous, the sizes of pores are small in comparison with thickness of structure. The 
porous structure is non-uniform on pores radiuses, the law of pores distribution is known. 

The base of one-dimensional non-stationary model contain: the traditional form the heat conductivity 
equation in a skeleton of porous structure (1), the equation of vapor working fluid energy (2), the equations 
of a liquid (3) and vapor (4) filtration, the continuity equations (5) and (6).  
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The meniscus radius between liquid and vapor for any section x  is defined by the equation: 
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Let's traditionally believe, that a pores, which radius MRR <  are filled by a liquid, pores with 

MRR >  is filled by vapor. We will pass the normal law of distribution of radiuses pores:  











 −
−= 2

2
0

0 4
)1/(

exp
π2

1)(
S

RR

SR
Rf ,        

  (9) 
The permeability of porous structure are equal for liquid and vapor parts from the theory of a 

filtration: 

∫∫=
max

minmin

22 )()(
R

R

R

R

l dRRRfdRRRfKK
m

,    l

R

R

R

R

v KKdRRRfdRRRfKK
M

−== ∫∫
max

min

max
22 )()(

 

 

 (10) 
Separate and enough difficult task is definition of internal thermal transfer coefficient Vα . In the 

examples of calculations results, which are presented below, this value was accepted 810α =V  W/m3

fw tt >
/К, but 

for a part of two-phase area, where  and a part of an internal surface may be drying it was accepted 

ϕ= 810αV . 
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Boundary conditions : 
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Parameters of an equilibrium condition or results of the previous calculations results are accepting as 
initial data. 

 
EXPLANATION OF HEAT AND MASS TRANSFER MECHANISMS  
IN THE POROUS MEDIA 

For example we use of ammonia vaporization in porous structure by thickness δ = 3 mm, heat conductivity 
of 5 W/m. RK, with normal pores distribution by a radius, average pores radius  = 1 microns, maximum pores 
radius maxR = 1,25 microns, minimum pores radius minR = 0,75 µm. The calculations results presented on Figs. 1 
and 2. From showed results follows, that exists four consecutive zones with different heat and mass transfer 
mechanisms (Fig.1):  
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Fig. 1. 1-D layout. Modeling results temperature distribution inside CPM, q = 105 W/m2
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Fig. 2. Liquid-vapor quality distribution for different time moments inside CPM, q = 6⋅104W/m2

 
  

 
First zone content a single (liquid) phase of fluid only. In this zone there are not conditions for 

vaporization, such as ( )max2 Rptt lsf σ+< ; 
Second zone content the counter flow of vapor and liquid. In this zone there is vapor condensation on 

local points (at fw tt < ) and evaporation of liquid on other (at fw tt > ). The gradient of vapor pressure has 
positive value. This zone usually named a zone of "micro heat pipes" and for CPM with low heat 
conductivity this effect makes essential impact on heat transfer process. 

Third zone is zone of vapor and liquid quasi-statically direct-flow.  
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Forth zone is a zone with working fluid pulsating. Periodically drying and filling CPM is going in this 
zone.  
This zone is visible on Figure 2 close the extremely right section.4.  

Existing models of vaporization in CPM with inverted meniscus includes usually the first and third 
zone. The processes realized in the second zone are known for other CPM types, however in CPM with a 
inverted meniscus these processes were not described. Different models of vaporization in CPM includes 
usually dry layer of CPM absolutely without a liquid. The present model exclude possibility this mode 
except heat fluxes higher, then qmax

The fourth zone existing is received as a result of calculations by proposed model and earlier was not 
described in the literature. Considerable pressure losses in the fourth zone CPM reduce overall pressure 
difference between vapor and liquid line. Modeling results are showing, that the output cross section for vapor 
periodically is completely filled by liquid. After that pressure of vapor inside CPM increases very quickly, that 
leads to replacement of a liquid from output section to CPM inside. This conclusion correlated well with results 
of visual observation and photos of a liquid and vapor distribution in CPM, presented in [8].  

 (section 5 see), the mode of vaporization with full drying of upper layer 
CPM is impossible.  

 
DYNAMICS OF VAPOR REMOVAL 

Liquid-vapor quality distribution presented for different time moments inside CPM on Figure 2. For 
calculation was accept heat flux density q = 6⋅104W/m2

Main parameters of outer CPM layer are presented on Fig. 3.  

. Presented diagram demonstrate the main deviations 
in the extremely thin outer CPM layer (three percent of CPM thickness). The periodic filling and drying of 
this zone leads to formation of opposite’s flows of a liquid. Liquid pulsations flow in this zone may 
outnumber evaporating of liquid many times. Outer CPM layer wetting realize not by average liquid flow in 
CPM, but by liquid fluctuation, and it is visible on Figure 2.  
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Fig. 3. δϕ – liquid-vapor quality in outer CPM layer, ϕ  – average liquid-vapor quality in CPM,  
twδ  – wall temperatures, pvδ – vapor pressure, p lδ δ=x – liquid pressure. ;  =q 6⋅104 W/m2

 
  

You can see that frequency of liquid fluctuation is about 100 cycles per second. The vapor pressure 
increases well after filling by liquid of output CPM cross section. Main reason for vapor pressure increasing in 
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CPM is absence of vapor flow rate, so pressure losses are absence to. Liquid evaporation continues but vapor 
evacuation from CPM is stopped. Vapor pressure varies slightly outside CPM. Vapor pressure deviation influence 
on liquid pressure, but it varies much less, than vapor pressure. Vapor pressure deviation change also saturation 
temperature and leads wall temperature of CPM. Essential liquid-vapor quality deviations are going in outer 
CPM layer only ( δϕ ). Average liquid-vapor quality ( ϕ ) are accompanied by small pulsations in CPM volume. It 
is connected by that the essential changes of heat and mass transfer parameters is observed near to outer layer 
CPM only (3 % of tickness), in general CPM volume  processes are close to the stationary (see Fig. 2). Besides, 
outer CPM layer wetting realize not by average liquid flow in CPM, but by liquid fluctuation.  

 
INFLUENCE OF CPM THERMAL CONDUCTIVITY 

Well-known, that CPM thermal conductivity ( wλ ) is important parameter essentially influencing to the 
LHP performance. Requirements to this parameter are contradictions. First of all, wλ  should be high for low 
thermal resistance providing in the evaporation zone. On the other hand, wλ  should be low for decreasing 
parasitic heat flux through CPM from heat input to compensation chamber. Parasitic heat flux through CPM 
leads the increasing fluids subcooling in condenser and, finally, to increase overall thermal resistance of LHP. 

Figure 4 present temperatures distribution in thickness CPM for two essentially differing values wλ : 
10 and 0.1 W/(m⋅К).  

Considerable part of CPM thickness has practically constant temperature for wλ = 0.1 W/(m⋅К). It is 
area described above like a zone 2 which thermal transfer process provide mainly by fluid vaporization and 
condensation (micro heat pipes zone).  

Ratio micro heat pipe effect to conductive heat flow is showed in figure 5, where dependence Q  from 
co-ordinate x – relations of the heat flux transferred by micro heat pipe effect to conductive heat flux..

Temperature gradient on capillary structure (t

 From 
presented diagram is following, that thermal conductivity in CPM may be in times lower of two phase thermal 
transfer mechanisms. 

w0 and twδ) is defining thermal transfer processes inside 
CPM. Like showed in figure 6, CPM thermal conductivity changing in hundreds times involve the essentially 
smaller changing of temperature difference (tw0 – tf0) and (twδ – tfδ). These changing’s of temperature 
difference are not identical. If (tw0 – tf0) changes in 20 times, (twδ. – tfδ

 
) changes in 10 times only.  
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MAXIMUM HEAT FLOW 
Maximum heat flow represents a special interest between other LHP performances. It defined by 

achievement capillary pressure and the sum of pressure losses in the loop.  
It is generally agreed that position of the vapor-liquid front go down till full CPM drying after critical 

is generally agreed that position of the vapor-liquid front go down till full CPM drying after critical 
increasing of heat flux density. What showed our model in this case?  

Calculations are showing that the period of pulsations of the working fluid increases sharply 
(frequency is decrease) near to critical heat flux density (Figure 7). The process of drying and filling of 
output meniscus cross section occur for the same relativistic time period – about 0.01 second shares, but we 
are observing long enough process quasi-stationary fluid circulation (some seconds) between these critically 
modes. It is well visible from comparison Figure 9 and Figure 3. Slowly wetting (filling) of output meniscus 
cross section is connected with the increased hydraulic resistance of fluid circulation in the LHP. The vapor 
output CPM cross section can not be filling quickly because of a liquid deficit.  

The stationary mode without the drying-filling crisis was received in output meniscus cross section for 
short range of heat flux density only, q from 1.068.105 till 1.072.105 W/m2

 

. Outside this range was occurred 
or filling of output meniscus cross section or very fast drying of CPM accompanied by sharp temperature 
increasing. Dynamics of full drying CPM after critical heat flux density is presented on Figure 8.  
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Fig. 9. Fluctuation key CPM parameters near to critical heat flux density q = 1.065⋅105 W/m2.  
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CONCLUSIONS 
One dimensional dynamic model of CPM was developed for LHP evaporator. This model showed new 

point of view to the processes in CPM. In the proposed model were accepted the fixed values of fluid 
temperature and pressure inside the CPM. These values will variable in real conditions and must be defined by 
modeling results of all components of a loop. The equations accepted in proposed model for description of 
permeability and heat exchange inside the structure can essentially depend from CPM type. These 
dependences are subject of especially research and comparison with experimental data. 

One-dimensional model of CPM is crude model of LHP evaporator. Actually the zone of heat flow 
input contains complicated net of vapor grooves which essentially modify the fourth zone configuration. The 
modeling task in this area is obviously not one-dimensional. Besides, the lateral liquid movement is playing 
essential role at filling of output meniscus cross section. Additional pressure losses (hydraulics friction) 
depended from lateral fluid movement is not considered in the proposed one-dimensional model. Their 
account can increase value of the pulsations period. 

Despite the listed disadvantages, the presented dynamic model has allowed to determinate the basic 
mechanisms of thermal and mass transfer in LHP evaporators CPM. There is shown, that the essential role is 
played thus by dynamic processes of filling - drying of output meniscus cross section.  

The model has allowed investigating of effective CPM thermal conductivity and the contribution of 
different mechanisms of thermal transfer. The model has predict micro heat pipe zone and approve that decreasing 
of thermal conductivity of capillary structure not give us well effect opposite height conductivity structure.  

There were analyzed the processes thermal and mass transfer in LHP evaporators proceed at critical heat 
flow achievement.  

Proposed model can be including any law of pores size distribution in the CPM thickness.  
Proposed model allows not only to explain features of various capillary structures, but also to optimize 

parameters of LHP evaporators CPM. 
 

Nomenclature 
A – constant, Pa/W2

Vj;  c – specific heat capacity, J/(kg⋅К);  G – mass flow rate, kg/s;   – specific density 
of mass flow, kg/(s⋅m3);  K – permeability factor, m2;  p – pressure, Pa;  Q – heat flow, W;  q – heat flux density, 
W/m2

Vq;  – specific heat flux, W/m3;  R – radius of pore, m;  R0 – average radius of pores, m;  r – latent heat, 
J/kg;  S – relative root-mean-square deviation;  T – period, s;  t – temperature, °С;  u – velocity, m/s;  х – 
coordinate, m;  α – thermal transfer coefficient, W/(m2

Vα⋅К);  – specific thermal transfer coefficient, W/(m3⋅К);  
δ – thickness, m;  λ – thermal conductivity, W/(m К);   µ – dynamic viscosity, Pa⋅s;  ρ – density, kg/m3;  σ – 
surface tension, N/m;  φ – vapor quality;  τ – time, s;  ω – surface of cross-section, m2

Indexes: f – working fluid; l – liquid; s – saturation; v – vapor; w – wall; δ – section x = δ; 0 – section x = 0.  
. 
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Abstract 
Critical condition of reliable and stable operation of a loop heat pipe is complete condensation of working fluid 

in a condenser with following subcooling of liquid before entering in a compensation chamber. Usually, final part of the 
condenser operates as a subcooler. The design of the loop heat pipe with separated subcooler which also acts as a 
vapor/gas bubbles stopper (capillary blocker) is proposed. The subcooler-capillary blocker (SCB) is introduced after the 
condenser. Its purpose is to capture of the non-condensed vapor bubbles, subcooling of working fluid below the 
saturation temperature and the elimination of a countercurrent

 

 in the loop heat pipe. SCB model was developed and 
thermal-hydraulic calculations of efficiency of the proposed SCB in comparison with the smooth-wall subcooler 
(geometric efficiency coefficient) were performed. Influence of the mass flow rate (Reynolds number), diameter of the 
channel and porosity of a capillary structure on SCB efficiency has been investigated. Emission in a vacuum was used 
as the boundary condition (modeling of space environment). It was proposed to use aluminum or silver fibers as SCB 
capillary structure material to facilitate heat exchange (subcooling) and to minimize the pressure drop in SCB.  Typical 
for space application LHPs working fluid: ammonia was selected for analysis.  

KEYWORDS 
Loop heat pipe, subcooler-capillary blocker, effectiveness, radiation in a vacuum as the boundary 

condition. 
 
 

INTRODUCTION 
One of the important conditions of successful mission of a spacecraft (SC) is reliable and stable 

operation of temperature control system(s). Loop heat pipes (LHP) are already considered as a key element 
for many SC temperature control systems [1] and this tecnology is progressing rapidly. Reliable functioning 
of LHP depends on its stable operation and absence of reverse (backward) motion modes of heat carrying 
agent, including oscillations of vapor-liquid front in the condenser. Porous insert is proposed to be added to 
the condenser exit of LHP. Such insert should function both as condensed liquid subcooler and reverse valve 
(capillary blocker) that excludes or considerably decreases the possibilities of reverse flow operation modes.  

This paper is aimed at calculation of thermal- hydraulic and dimensional parameters of the porous 
insert-subcooler and comparison of geometric parameters of the insert with parameters of the similar 
smooth-wall subcooler.  
 
PROBLEM STATEMENT 

The operation characteristic of LHP of SC in general, and the subcooler, in particular, is heat rejection 
via radiation. There are no existing analytical solutions as for calculation of temperature fields of smooth-
wall heat exchangers and porous heat exchangers with single-phase flow of heat carrying agent and under 
boundary conditions of radiation to space. However, there is analytical solution of the similar task with 
second type boundary conditions for the constant liquid flow [2], [3]. The same approach is selected for the 
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current research: boundary conditions of the second type with heat rejection by radiation. The problem is 
characterized by the system of equations which describe temperature conditions of porous and smooth-wall 
cylindrical channels for single-phase flow of heat carrying agent and for second type boundary conditions 
[2], [3], and by equations for pressure drop calculating. 

Porous channel. The mode of local heat balance, wherein the temperature of liquid and porous insert 
can be considered equal ones.  

Temperature of liquid and wick 
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Porous channel. Accelerated mode, wherein difference of temperatures of liquid and wick are to be 

taken into consideration. 
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Temperature of the channel wall as for liquid (ζ=1/2) 
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Temperature of the channel wall as for wick 
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Pressure drop [2]:  
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Taking into consideration that Reynolds number calculated as for diameter of the channel is  
 

 Re(d)
μ

Gd= , and specific flow rate of liquid accordingly is G=
d

μ(d)Re
, we get the following equation from 

(7)  
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The following notations are accepted in equations (1)-(6): 
δ/λ

υ
q

tt
= 0−  is dimensionless temperature of 

liquid; 
δ/λ

θ
q

tT
= 0−  is dimensionless temperature of porous wick;  

Pe = (G·δ·C)/λp.m is modified Peclet number for the flow of liquid inside of the porous material in the 
channel; λpm is effective heat conductivity of wick, taking into account heat conductivity of the solid porous 
structure and heat conductivity of liquid. For metal felt the value of λp.m

Fm /
 is calculated by correlation proposed 

in [4], which in accordance with [5] has a good agreement with test data. G =  is mass flow rate of 
cooler, kg/ (m2s); F = πd2/4 is area of the channel cross section; С is heat capacity of heat carrying agent; ξ = 
x/δ is dimensionless longitudinal coordinate;  ζ = r/δ = dimensionless coordinate along the channel radius; δ 
= d is the channel diameter; I0 , I1 are first type Bessel functions of zero and first orders; μn are proper values 
which are roots of the characteristic equation I1 (0) = 0, in particular, μ1 = 3, 8317;  q is wall heat flux; γ2 
=(hvδ2)/λ is parameter characterizing intensity of intrapore heat exchange; hv is intensity of voluminous in-
porous heat exchange. Value hv

 

 is calculated as from characteristic equation, for example, for metal felt the 
following equation can be used [2]:  

Nu = 0,007Re1,2

 
                                                          (9) 

Nusselt number in this equation is calculated as from formula Nu=(hv

 

·(β/α)²)/λ, and  Reynolds number 
is Re=(G·(β/α))/μ, where λ is heat conductivity of heat carrying agent, μ is a coefficient of dynamic 
viscosity. Here α and β are viscous and inertial coefficients of porous material resistance. The following 
equations were used for calculating the parameters α and β for metal felt [5]: 

α  =  2,57·108·θ-3,91

 
                                                     (10) 

β  =  0,91·103·θ-5,33

 
                                                     (11) 

In the equation (7) μ and ρ are coefficient of dynamic viscosity and density of heat carrying agent 
accordingly;   is length of the channel (sector).  
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Smooth-wall channel. Boundary conditions of the second type, cylindrical channel. 

Temperature of the wall [3]: 
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Here Pe = (G·δ·C)/λ is Peclet number for liquid heat carrying agent in smooth-wall channel; λ is heat 

conductivity of liquid; εn , ψn , An are values, functions and constant values of the heat exchange in the 
circular pipe problem accordingly at qw = const. Table values of  εn , ψn , An

 

 can be found, for example, in 
[3]. 

Pressure drop [6]: 
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here w is average velocity of the flow along cross section at the channel inlet.  

Or if we take into consideration that  
μ

ρRe wd
=  , the (13) can be presented as: 
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Equation, characterizing the heat rejection by radiation to space, is determined by Stefan-Boltzmann law [7]: 
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where С0 = 5,6703 W/m2·K4

ε is emissivity factor of emitter (ε=0,9 is accepted in calculations); T
 is emission of black body; 

w, T0

 

 are  temperatures, К of  the body 
surface (wall) and environment (deep space) accordingly.  

METHOD OF CALCULATING THE TEMPERATURE CONDITION OF LHP 
SUBCOOLER 

The method of calculating the heat rejected in vacuum by porous and smooth-wall cylindrical channels 
is presented in this chapter. System of equations (2), (6), (9) with second type boundary conditions together 
with Stefan-Boltzmann law (15), and equation (12) was solved. 

1. Having the data of heat carrying agent (ammonia has been selected as an LHP working fluid), its 
mass flow rate, and the temperature at the inlet and outlet of capillary blocker-supercooler, the amount of 
heat that must be rejected in vacuum is:  

 
)( outin ttСmQ= p −                                                  (16) 

 
2.On calculating the distribution of  temperature along the channel at constant heat flux (q av = Q/π . d l 

, where l is length of the sector), and when using Stefan-Boltzmann law, we can obtain the amount of heat 
rejected into vacuum at specified channel length l and at known input parameters of the system (liquid flow 
rate, working fluid thermal-physical properties at average temperature lengthwise the channel, as well as 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

106 
A.P. Lukisha et al. 

diameter of the channel). For this purpose the temperatures in the specified quantity of the points equally 
distributed lengthwise the channel (the value of 700 was used at calculations) were calculated by equation 
for the temperature of the wall surface at constant heat flux qav = Q/π .

 

 d l. Then specific heat fluxes at each 
of these points were calculated from Stefan-Boltzmann equation. From known specific heat fluxes at two 
neighboring points, average specific heat flux at i-sector can be determined, and when for known area of 
lateral surface of this sector, total amount of heat rejected into space by this i-sector can be obtained: 

2dq=Q π
n
ξ

i iav  ,                                                     (17) 

 
where ξ=l/d;  n is quantity of the points lengthwise the channel, at which the calculations are made.   

By summing of all Qi we shall result in QΣ 100
Q

QQ
= ΣΔ −. Using this value relative difference  was 

calculated. If the value of Δ exceeds 1%, we shall set new value of qav, which is calculated from equation qav 
= (QΣ/Flat. surf), and then we shall continue iterations until the values QΣ(i) and QΣ(i+1)

3. In order to determine necessary length of subcooler that will allow rejecting the specified amount of 
heat, we assume random length of subcooler and calculate the heat quantity it rejects at specified input value 
of Q. If this quantity exceeds the value of Q calculated from equation (16), the specified channel length 
should be reduced; if this quantity is less than value of Q, the specified channel length should be increased. 
For this purpose use half-interval iterations method have been used. Iterations were continue, until result in 
that length value accurate to 1%, at which the heat quantity of the value Q will be rejected as calculated in 
accordance with equation 

 coincide with accuracy 
of 1%.  

)( outinp ttСm=Q − . 
 

THE CALCULATIONS RESULTS 
Thermal-hydraulic parameters of capillary blocker-subcooler were calculated as per above mentioned 

method for the range of performance and structural parameters as follows. 
The temperature of liquid at entrance to the blocker: Tent = 200C; the temperature of liquid at exit from 

the blocker: Texit = 40

m
C; mass rate of heat carrying agent and heat quantity rejected by the blocker in vacuum 

accordingly (as specified in the brackets) , kg/s; (Q,W) : 5·10-5 (3,785); 7·10-5 (5,298); 1·10-4 (7,569); 
1,4·10-4 (10,597); 2·10-4 (15,139); 3·10-4

 

 (22,708); diameter of the channel is d, mm: 3;4;5;6;7;8;9;10; 
porosity of the insert θ: 0,3; 0,4 ;0,5; 0,6; 0,7; 0,8; 0,9. Porous material of the insert is metal felt of silver or 
aluminum. Segment of calculation data of subcooler for the channel diameter d = 5mm with metal felt 
porous insert of silver is given in the tables 1 and 2. The results of calculations for silver and aluminum 
porous inserts are almost same.  

Table 1. Relative length (porous channel) 
 

Tent = 20.0 0C;    d = 0.005m;    Texit=   4.0 0

m
C. 

, kg/s 5.00·10 7.00·10-05 1.00·10-05 1.40·10-04 2.00·10-04 3.00·10-04 -04 
Q, W 3.784640 5.298496 7.569280 10.596990 15.13856 22.70784 
Re   55.78 78.10 111.57 156.20 223.14 334.71 

Relative length ξ = l / d 
θ = 0.3 141.560 200.194 286.121 399.388 571.241 860.268 
θ = 0.4 141.607 200.194 286.121 399.388 571.241 860.268 
θ = 0.5 141.607 200.194 286.121 399.388 571.241 860.268 
θ = 0.6 141.607 200.194 286.121 399.388 571.241 860.268 
θ = 0.7 141.607 200.194 286.121 399.388 571.241 860.268 
θ = 0.8 141.607 200.194 286.121 399.388 571.241 860.268 
θ = 0.9 141.607 200.194 286.121 399.388 571.241 860.268 
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Table 2. Pressure drop (porous channel) 
 

Tent = 20.0 0C;    d = 0.005m;    Texit=   4.0 0

m
C. 

, kg/s 5.00·10 7.00·10-05 1.00·10-05 1.40·10-04 2.00·10-04 3.00·10-04 -04 
Q, W 3.784640 5.298496 7.569280 10.596990 15.13856 22.70784 
Re   55.78 78.10 111.57 156.20 223.14 334.71 

Pressure drop ΔP, N/m2 
θ = 0.3 23215.8 48573.0 109124.2 239180.5 568177.8 1582664.0 
θ = 0.4 6988.9 14533.6 31821.4 67781.5 155646.0 416163.0 
θ = 0.5 2820.2 5795.2 12486.0 26103.8 58558.0 151934.7 
θ = 0.6 1352.4 2757.5 5877.4 12130.3 26761.1 67889.5 
θ = 0.7 729.2 1478.8 3128.1 6396.3 13938.2 34756.1 
θ = 0.8 428.0 864.6 1818.6 3693.1 7972.4 19614.3 
θ = 0.9 267.9 539.6 1130.2 2282.8 4892.1 11907.7 

 
Segment of calculation data of subcooler with smooth-wall channel for the channel diameter d  = 5mm 

is given in the tables 3 and 4.  
 

Table 3. Relative length (smooth channel) 
 

Tent = 20.0 0C;    d = 0.005m;    Texit=   4.0 0

m
C. 

, kg/s 5.00·10 7.00·10-05 1.00·10-05 1.40·10-04 2.00·10-04 3.00·10-04 -04 
Q, W 3.784640 5.298496 7.569280 10.59699 15.13856 22.70784 
Re   55.78 78.10 111.57 156.20 223.14 334.71 
Relative 
length ξ=l/d 

 

145.513 
 

204.1 
 

290.026 
 

407.199 
 

579.053 
 

860.268 

 
Table 4. Pressure drop (smooth channel) 

 
Tent = 20.0 0C;    d = 0.005m;    Texit=   4.0 0

m
C. 

, kg/s 5.00·10 7.0·10-05 1.00·10-05 1.40·10-04 2.00·10-04 3.00·10-04 -04 
Q, W 3.784640 5.298496 7.569280 10.596990 15.13856 22.70784 
Re   55.78 78.10 111.57 156.20 223.14 334.71 
Pressure drop 
ΔP, N/m

 

2 0.868 
 

1.705 
 

3.462 
 

6.804 
 

13.822 
 

30.802 

 
The Figure 1 shows dependence of the ratio of pressure drop in porous element-subcooler to the 

pressure drop in smooth-wall tube on the mass flow rate of working fluid and the channel diameter for 
porosity

 
 θ = 0,9. 

Clarification of obtained results 
If to look at calculations results of relative length of porous insert (Table 1), at first it seems 

contradictory that length of porous insert does not depends on its porosity. But it can be explained when 
referring to the paper of I. Benicio, V. Dussen and T. Irving [8]. This paper covers the task on heat exchange 
by radiation of circular smooth-wall pipe in vacuum at laminar single-phase flow though it. The result of the 
modeling were presented by the diagrams showing the distribution of relative heat flow rate along 
dimensionless length of the pipe, depending on the parameter α = εσT0

3r0/k, where Т0 is the liquid 
temperature at the entrance, r0 is radius of the channel, k is heat conductivity of the environment, ε and σ are 
emissivity factor and Stefan-Boltzmann number (see Figure 2). 
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Fig. 1. Dependence of the ratio of pressure drop in 
capillary blocker-subcooler to the pressure drop in 
smooth-wall subcooler on the mass flow rate of working 
fluid and the channel diameter for porosity
 

 θ = 0,9 

 
 
Fig. 2. Dependence of dimensionless heat flux Qx/Q0 on 
dimensionless distance x / Pe·r0, α = εσT0

3r0/k . Comparison 
of numerical and analytical approximate solutions.[8]. 

 
If we substitute performance and structural parameters of the blocker-subcooler considered in this 

paper, in the formula for α , we shall determine that for smooth-wall channel α ≈ (1,2÷1,3)·10 -2, i.e. 
according to the diagram, deviation of relative heat flow rate from its value at the inlet temperature Т0 is only 
1÷2 %. For porous material, which heat conductivity is approximately in two orders of magnitude higher, α 
will be approximately 2·10-5 ÷ 10-4 , i.e. heat flux will be almost the same throughout the length of the pipe 
and will be determined by temperature at inlet Т0

 

. That is why the calculations results in the Table 1 are the 
relevant ones. Thus, the external heat exchange (not internal) is the limiting factor in this situation. In that 
case radiative flanges on external surface of the blocker-subcooler can be proposed for improving the 
functional efficiency of the element.    

 
CONCLUSIONS 

Thermal-hydraulic modeling of LHP capillary blocker-subcooler showed that: 
1. The relative length of porous insert is almost independent on its porosity and is slightly different from 

length of the similar smooth-wall subcooler. It is explained by limiting influence of heat exchange on the 
external channel surface of the tube as compared with heat exchange inside the channel

2.  
. 

The ratio of pressure drop in the porous blocker-subcooler to the pressure drop in the smooth-wall 
subcooler is directly proportional to mass flow rate of working fluid and the channel diameter. The range 
of pressure drop varies from ~100 at minimum diameter of the channel d = 3mm and minimum mass 
flow rate of cooler m =5·10-5 kg/s to a ~1,500 at maximum considered values of the channel diameter 
d=10mm and mass flow rate of working fluid m  =3·10-4

3. 
 kg/s. 

Heat exchange via radiation on the surface of external tube is the limiting factor in the stated problem as 
compared with heat exchange inside the channel

4. Applying the porous insert of subcooler increases the pressure drop as compared with smooth-wall tube, 
but at the same time the porous insert can help to stabilize operation of LHP in certain conditions (to 
eliminate high frequence oscillations caused by interface front movement at the exit of the condenser). 

. 

5. To increase thermal-hydraulic efficiency of the capillary blocker-subcooler as a stabilizer of operation of 
LHP under conditions of the radiation into space, the increase of the external radiative surface can be 
recommended, for example, it can be realized by special fins or plates, attached to the tube. 
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Nomenclature 
Cp, J/kg·K- heat capacity. of a fluid; d, m - diameter of the channel; E, W - the energy emitted in a 

vacuum; F, m2 - cross-sectional area of the channel; G, kg/m2·s - specific mass rate of flux of a coolant; hv , 
W/m3·K- voluminous intensity of heat exchange inside of porous material; I0 , I1

ℓ
 - first type Bessel functions 

of zero and first orders; k, W/m·K - thermal conductivity of the medium; , m - length of the channel 
(sector); m , kg/s - Rate of flux of a fluid; Nu - Nusselt number; Pe - Peclet number; Pr - Prandtl number; P, 
N/m2 – pressure; ΔP, N/m2 – pressure drop; Q, W - quantity of heat that needs to be reset in a vacuum; q - 
specific heat flux, W/m2

Special characters: α, m

; Re - Reynolds number; t, K - temperature of a liquid; T, K - temperature of a 
porous insert; x, m - coordinate along an axis of the channel. 

-2-viscous coefficient of resistance of a porous material; β, m-1-inertial 
coefficient of resistance of a porous material; γ2 = hvd2/λp.m. - parameter, which characterizes intensity of 
heat exchange inside of porous material; δ, m - diameter of a channel; ε - emissivity factor of emitter; ζ = r/δ 
- dimensionless coordinate along radius of a channel; θ – porosity and dimensionless temperature of a porous 
wick; λ, W/m·K - thermal conductivity; μ, kg·m/s-coefficient of dynamic viscosity; ξ = x/δ - dimensionless 
coordinate along axis of a channel; ρ, kg/m3 ϑ – density; , – dimensionless temperature of a liquid. 

Subscripts: av – average; cs - cross section; ent – entrance ; exit – exit; in – inlet; lat. surf. – lateral 
surface; out – outlet; p, p.m. – porous material; sm - smooth-wall channel; w – wall; 0 – environment. 
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Abstract  
The report reflects the results of the development and serial production of systems based on air-

cooling core heat pipes. The cooling systems are used for the thermal control of powerful radio transmitters 
and divert the heat output of not less than 100 W at temperatures ranging from –60° C to +50° C. 

 
KEYWORDS 

Heat pipes, heat transfer, cooling system, heating system, evaporation, condensation. 
 
 

INTRODUCTION 
The requirements for the arrangement of the microwave device do not allow placing fuel rods in the 

outer wall to provide a heat sink unit. Typically the fuel rods are in the center of the block and the chassis 
units are used to dissipate heat, which does not provide effective heat transfer and leads to additional heating 
elements in the block. To provide thermal conditions for the transmitter unit it was needed without disturbing 
the existing layout of the microwave output to take away the heat generated within the block with minimal 
losses inside the unit. The lowering of the temperature inside the unit according to the calculations was to 
increase uptime block, while improving the efficiency of heat dissipation from the transmission of the unit 
was to reduce the temperature of the output transistors, which provided an increase in the coefficient of 
performance (COP) of the block. While conducting experiments with a radio transmitter unit, it was found 
that lowering the temperature of the output transistors from 50 to 40 °C resulted in an increase in efficiency 
of the block by 10 %. 

 
DEVELOPMENT OF COOLING 

To solve this problem there considered various options of cooling the unit: liquid, with the 
introduction of fluid into the chassis unit with quick hydraulic jacks; air, from the air supply into the unit; 
liquid and air cooling system condensation zones of heat pipe directs heat from the output of microwave 
transistors beyond the block. In the absence of on-site installation of liquid cooling systems, and the risk of 
contamination of the inner surface of the block incoming air, it was decided to develop a cooling system 
based on heat pipe with the conclusion of the condensation zone outside the block. On the reverse side of the 
block there were no cables or connectors, and at the back of the unit in the rack there was an air passage with 
conditioned air whose temperature during all modes of operation of the equipment didn't not exceed 35° C. 

With the consideration of the climatic construction of the installation object, mechanical stress and the 
resources available, such as the dimensions of the duct in the rack and the temperature of the cooling air, 
after a series of experiments there was formulated a requirement specification (RS) for the development of 
the cooling system using heat pipes. 

During OCD studies there was conducted a research of two types of heat pipes: copper with a powder 
wick and water as the working fluid, the heat pipes of aluminum profile with the wick in the form of V 
shaped grooves on the inner surface of the heat pipe with two types of working liquid ammonia and acetone. 

During the work there was carried out a computer simulation of the performance of heat pipes. The 
simulation results are shown in Table 1 below. The arrangements of temperature measuring points are shown 
in Figure 1. 

The modeling was unable to make a choice in favor of copper or aluminum heat pipes. According to 
[1, 2] the best pair with a minimal thermal resistance must be copper pipes with water as compared with heat 
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pipes of aluminum - ammonia, but the simulation has shown that the heat pipes of copper and aluminum-
water-ammonia in the temperature range from 20° C to + 70° C have almost the same characteristics. 

For the field tests there were manufactured experimental samples of heat pipes: copper-water with the 
diameter of 12 mm and 14 mm from the sintered wick with the copper powder, aluminum ammonia 12.5 mm 
in diameter with a wick in the form of V grooves and aluminum-acetone with a diameter of 12.5 mm with a 
wick in the shape of V grooves. The profile for aluminum heat pipes were made to order [3], the filling was 
carried out with ammonia of special refining [4]. The appearance of experimental cooling systems is shown 
in Figure 2 and Figure 3. For the test performance there has been established a stand measuring the 
parameters of cooling systems completely reproducing the thermal parameters of the radio transmission unit. 

 
Table 1. Results of modeling the thermal regime of heat pipes. 

 

 
Power, W 

Temperature, ° C 

A B C D E F 
Radiator and heat pipe are made of copper. Radiator fins are of standard length. 
50 36 37 37 39 40 41 

100 52 53 57 61 63 66 
Radiator and heat pipe are made of aluminum. Radiator fins are of standard length. 

50 36 37 37 40 41 44 
100 53 55 55 60 63 68 

 

 
Fig. 1. Location points for calculation and comparison of temperatures. 

 
The stand provides a smooth adjustment of thermal power transmitted to the flash zone of the heat 

pipe in the range of 50 to 200 W, the temperature of the evaporation zone, the condensation zone, the 
temperature difference between the evaporation zone and condensing zone, the environment temperature, air 
flow rate, blowing cooling radiator 3 m/s cooling unit at the angle of 3% to the horizon line. To ensure 
thermal contact there a heat-conductive silicone paste KPT-8 is used [5]. Later the stand was used to test the 
experimental batch and was transferred to production for the craft, acceptance, periodical and standardized 
testing of the cooling systems. 

 

 
 

Fig. 2. The appearance of the cooling system based on aluminum profile: aluminum 
ammonia and aluminum acetone. 
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Fig. 3. The appearance of the copper-water cooling system. 
 
As a result of the test of the experimental set of heat pipes, there determined that the best thermal 

parameters possessed aluminum-ammonia heat pipes. The aluminum-acetone heat pipes were less efficient in 
comparison with heat pipes of aluminum-ammonia, leading to a drop in efficiency of the radio transmission 
unit by 10%. The aluminum-acetone heat pipes were excluded of the further operation. The measurement 
results of overheating of the cooled element depending on the cooling system applied to the heat pipe are 
shown in Fig. 4. It was expected that the copper heat pipes will provide better cooling compared to ammonia 
pipes. The reason for the worse parameters of copper heat pipes as compared to the ammonia heat pipes is 
the low efficiency of the heat pipes of the copper-water at temperatures ranging up to 70° C. The highest 
efficiency of copper-water  heat pipes is in the temperature range from 150° C to 200° C, which is 
unacceptable for radio-electronic equipment. The copper-water cooling system heat pipes were also excluded 
of further work. The reason for excluding copper-water  heat pipes was also their design flaws - a bigger 
weight as compared to aluminum heat pipes, the outer cylindrical surface required to make the additional 
elements for attaching a heat pipe with flat radiating surface of the block and the unpredictability of the heat 
pipe copper-water at freeze of coolant, as some heat pipes deformed in the temperature cycling tests. 
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Fig. 4. Dependence of the cooled element, depending on the heat pipe used in cooling system 
and the operation time at the power of 100 W. 1 - Heat pipe №1 aluminum-ammonia; 2- Heat 

pipe №2 aluminum-ammonia; 3 - Copper heat pipe 12 mm; 4 - Copper pipe 14 mm. 
 
After the final selection of the type of heat pipe with the developers of the block there has been agreed 

upon cooling system design. 
In the course of the development activity there has been developed the design and technological 

documentation for the cooling system, design documentation and manufactured tooling and test equipment. 
There was done a theoretical calculation of the reliability of the heat pipe, which is part of the cooling 
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system, experimental and calculated data for the calculation were used [6]. The influence of water on the 
inner cavity of the heat pipe, the drain of the coolant and the impact of non-condensable gases in the thermal 
conductivity of the heat pipe has been examined. According to calculations the guaranteed time before 
failure is at least 60,000 hours. There were made two batches of cooling systems CO and CO-1, with 
identical features and differ only in the length of the heat pipe, depending on the performance of the radio 
transmission unit. Both  batchies have been successfully tested. As a result of the development activity there 
has been received a Russian Federation patent for the utility model [7]. 

 

 

Fig. 5. The appearance of cooling systems CO and CO-1. 

 

CONCLUSIONS 
Cooling systems CO and CO-1 provide a heat removal capacity of 100 W to the evaporation zone at a 

temperature not exceeding 55°C and the temperature difference between the center of the evaporation zone 
and the condensation zone at not more than 5°C at ambient temperature in the cooled member area not more 
than 50° C, cooling air flow rate of 3 m/s and the temperature of cooling air not more than 35°C. The 
operating temperature range of the designed cooling systems is from -60°C to +50°C. 

The cooling systems using aluminum profile tubes and ammonia as a coolant CO and CO-1 have been 
produced in large quantities since the beginning of 2012. In 2012 there was released and sent to the 
consumer about 3000 cooling systems. 
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Abstract 
Many problems remain for further improvement of the PEFC performance and popularization of 

PEFCs, although the polymer electrolyte fuel cells (PEFCs) have become commercially available. The 
control of water behaviors in PEFC is closely related to cell performance. In the range of high current 
density, water generated accumulates in gas diffusion layer (GDL) and in gas channels at cathode-side, and 
the excess water is resistant for oxygen transfer. The cell performance considerably decreases by blocking 
the oxygen transfer. To enhance the cell performance, it is necessary to remove effectively the water 
generated. In this study, in order to improve the water control in gas channels, novel gas channel with micro-
grooves, which are manufactured inside channel walls, is applied. The generated water from GDL is 
removed through the micro-grooves to facing-side of gas channel by the forces of capillary and shearing 
acted by air flow. The performance of the PEFC with and without micro-grooves was examined in various 
experimental conditions. Therefore, the cell performance was examined by changing the cell temperature, 
relative humidity of gas and air velocity. It was shown that the PEFC with micro-grooves showed higher 
performance than the conventional PEFC without grooves. In particular, value of current density increased 
by approximately 23% when the air velocity was 8.0 m/s. 

 
KEYWORDS 
Polymer electrolyte fuel cell, Micro-grooves, Water management, Flooding, Gas channel 
 
INTRODUCTION 

Moisture management is very important for improving the performance of polymer electrolyte fuel 
cells (PEFCs). In particular, at a high current density, the generated water increases and accumulates in the 
gas diffusion layer (GDL) and gas channel at the cathode side. The cell performance decreases significantly 
because of the generated water, which blocks the oxygen transport. To improve the cell performance, it is 
necessary to efficiently remove the generated water. 
Many attempts have been made to improve the moisture control and removal performance of water at the 
cathode side; that is, the application of a surface treatment or finish in the GDL or on the inner surface of the 
gas channel wall has been tested for water management in PEFCs. For example, studies concerning GDL and 
micro-porous layer (MPL) were investigated [1-3]. In addition to the hydrophobic treatment of the GDL and 
coating on the MPL, moisture control using the GDL perforated with laser-cut holes [4] and the multi-layer 
of hydrophobic and hydrophilic MPLs [5] have been examined. Moreover, to enhance oxygen gas diffusion, 
the control of water movement using the GDL with planar-distributed wettability has been proposed and 
examined [6, 7]. Furthermore, the effects of the gas channel and various flow channels, such as parallel, 
serpentine, interdigitated, and hybrid, have been investigated [8-11]. Considering the special configuration of 
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the flow channel, passive water removal by capillary droplet actuation [12] and the effect of channel wall 
wettability [13] have also been investigated. 
 
RESULTS OF PREVIOUS REPORT AND OBJECTIVE OF THIS STUDY 

To reduce the accumulation of water on the GDL surface, Okabe and Utaka [14] proposed a method in 
which thin micro-grooves, with an axis tilted at an angle with respect to the air flow, are arranged at both 
side walls and at the upper wall inside the gas channel composed of the GDL surface and separator walls, 
and excluded its effect. Figure 1 shows the schematic view of water distribution in the case of the proposed 
method. As shown in Fig. 1(a), in the case of a normal separator, a liquid–gas two-phase flow is formed. 
Water tends to accumulate on the GDL surface with a large amount of water generation. To reduce the 
accumulation of water on the GDL surface, the water on the GDL surface and from upstream of the gas 
channel moves through the opposing surface of the micro-grooves to the GDL owing to the capillary and 
shear forces of the air flow; that is, as shown in Fig. 1(b), micro-grooves with an axis tilted at an angle 
toward the gas flow direction were arranged inside the walls and the upper wall of the gas channel, which is 
composed of separator inner walls and the GDL surface. The experimental apparatus, which simulates water 
production by chemical reaction, is shown in Fig. 2. In this apparatus, micro-grooves, with a tilted axis, were 
arranged toward the gas flow direction on the side walls and the upper wall of the gas channel. The gas 
channels with a square cross section of 1.0 mm were prepared. The micro-grooves at both side and upper 
walls were used with a square cross section with a width and depth of 0.2 mm, respectively. The crossing 
angle between the micro-grooves and the gas flow direction were 3 patterns. Experiments were performed 
under inclination angles of 20, 30, and 45° The surface velocity of water flow in the micro-grooves was 
measured to clarify the water behavior in micro-grooves using the laser-induced fluorescence method (LIF). 
Figure 3 shows the surface velocity of the water in the micro-grooves. The positive velocity indicates that the 
water was removed from the GDL surface. The surface velocity of the water was measured at a total length 
of 200 mm at a tilt angle of 20° in the case of a water supply rate Q I = 2.0, which denotes that I is 2.0 A/cm2 
for PEFC power generation. Therefore, the arrangement of the micro-grooves was confirmed to be effective 
throughout the gas channel at a total length of 200 mm, which shows that it is possible for micro-grooves to 
be used for actual stack dimensions of PEFCs. 

However, because these investigations were focused on the effect of water movement, it is necessary to 
confirm the effectiveness of micro-grooves on the performance of an actual PEFC, in which various 
phenomena such as generation of water by an electrochemical reaction around the catalyst layer, water 
evaporation in air at the gas channel, and anode side reaction occur. Therefore, the objective of this study is 
to confirm the effectiveness of the microgroove arrangement on the enhancement of the power generation of 
an actual PEFC. 

 
 
 
 

Fig. 1 Schematic of water behavior through micro-grooves from GDL [14]. 
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EXPERIMENTAL APPARATUS AND METHOD 
 
Schematic of experimental system 

Figure 4 shows a schematic of the experimental system. Pure hydrogen gas and air (approximately 
79% nitrogen, approximately 21% oxygen, and approximately 1% argon) were supplied from each gas 
cylinder to the anode and cathode, respectively. The flow rates of hydrogen and air were controlled by a 
mass flow controller. Subsequently, they were humidified in a moisture chamber and flowed to the PEFC. To 
avoid condensation in the pipe between the moisture chamber and PEFC due to cooling, the pipe was heated 
and covered by an insulator. The temperatures of the separators at the anode and cathode were controlled by 
water circulated from a constant-temperature bath. For data acquisition of the PEFC performance, the cell 
voltage and cell resistance were measured by a data logger and an LCR meter, respectively, while the current 
loaded on the PEFC was kept constant and changed step by step using the electrical load. Finally, the current 
voltage characteristic and the cell resistance via the current density were obtained. 

Fig. 3 Variation of water velocity in micro-grooves against distance (I = 
2.0 and 4.0 A/cm2) [14]. 

Fig. 2 Details of micro-groovestructure [14]. 
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Figure 5 shows the components of the PEFC. In this study, to investigate the difference between PEFC 

performances with or without micro-grooves, separators with relatively long gas channels were 
manufactured, considering the application to an actual PEFC. The gas channel has a square cross section 
with a width and height of 1.0 mm and a length of 200 mm. 11 gas channels were arranged parallel to the 
reaction area of 42 cm2 (21 mm × 200 mm) in membrane electrode assembly (MEA). The carbon paper GDL 
(Toray Industries, Inc. TGP-H-060) with hydrophobic treatment and MPL application was used. The silicone 
rubber sheet was used at the anode side and the silicone sponge sheet was used at the cathode side as the 
gaskets. 

 
 
Configuration of gas channel with micro-grooves 

Figure 6 shows a schematic of the gas channel with micro-grooves. Micro-grooves, with a 20° axis of 
tilt angle to the air flow, were arranged on both side walls and the upper wall at 0.4 mm intervals 
perpendicular to the groove axis. Additionally, these micro-grooves were connected to the single groove 
axially arranged at the center of the upper wall. The width and depth of micro-grooves are the same: 0.2 mm. 
Considering that the water generated accumulates less upstream of the gas channel, the micro-grooves were 
arranged from 50 mm downstream of the gas channel. In addition, the gas channel with micro-grooves was 

Fig. 4 Schematic of experimental system. 

Fig. 5 Electrolyte fuel cell apparatus. 
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applied only to the cathode separator, and the gas channel without micro-grooves was used at the anode side. 
The separator is made from gold-plated brass with a hydrophilic surface. 
 

 
 
Experimental conditions 

Table 1 lists the experimental conditions. To evaluate the performance of PEFCs with micro-grooves, 
experiments were performed by changing the cell temperature, relative humidity of the supply gas (both the 
same for the anode and cathode), and air flow velocity of the supply gas (air). The standard conditions, as 
shown in boldface text in Table 1, are the cell temperature of 70°C, relative humidity of 70%, and air flow 
velocity of 6.0 m/s. The standard conditions were kept except for a varied parameter. Air velocity was 
calculated using the air flow rate before humidification. Furthermore, the rates of utilization and 
stoichiometry were calculated based on the flow rate of the supply gas at a current density of 2.0 A/cm2. 

 
 

 
Determination of clamping pressure 

Because the power generation of PEFCs depends remarkably on the clamping pressure [15], 
determination of the appropriate clamping pressure is essential for the purpose of this study. To investigate 
the effect of the clamping pressure on the characteristics of power generation, experiments were conducted 
by changing the clamping pressure under the standard conditions of the cell temperature of 70°C, relative 
humidity of 70%, and air flow velocity of 6.0 m/s for comparison. The effect of the clamping pressure on 
cell performance is shown in Figs. 7. Figures 7(a) and (b) show the relations between the current density and 
cell voltage and the power density curve. Figure 7 shows that the upper limit of the current density increases 
with increasing clamping pressure up to approximately 0.96 MPa and then decreases. The clamping pressure 

Flow design Parallel 
Gas channel width (mm) 1 
Gas channel depth (mm) 1 
Rib width (mm) 1 
Active electrode area (geometric) (cm2) 2.1 × 20 
Clamping pressure (MPa) 0.96 
Cell temperature (°C) 50, 70, 80, 90 
Relative humidity (%) 20, 50, 70, 100 
Gas velocity (flow rate)  

Hydrogen, m/s (mL/min) 1.1 (730) 
Hydrogen stoichiometry 1.15 

Air, m/s (mL/min) 5.0 (3300), 6.0 (3960), 7.0 (4620), 8.0 (5280) 
Air stoichiometry 5.0 m/s: 2.17, 6.0 m/s: 2.60 

 7.0 m/s: 3.04, 8.0 m/s: 3.47 

Fig. 6 Schematic of gas channel with micro-grooves. 

Table 1 Experimental conditions 
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of 0.96 MPa, at which maximum current density is obtained, was set as the standard condition to examine the 
effects of cell temperature, relative humidity, and air flow velocity. 

 

 
EXPERIMENTAL RESULTS AND DISCUSSION 
 
Effect of cell temperature on cell performance 

Experiments were performed after changing the cell temperature from 50 to 90°C. For comparison, 
two kinds of cathode-side separators, with and without micro-grooves, were used. Figures 8(a) and (b) show 
the variation of the current density against the cell voltage and the power density curve, respectively. 

 

 Fig. 8 Effect of cell temperature on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 

Fig. 7 Effect of clamping pressure on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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Figure 8 shows that the qualitative tendency was similar with or without micro-grooves, and the power 
density reached maximum at a cell temperature of 70°C. In addition, it was found that the limit of the current 
density increased and the effect of the concentrated overvoltage could be reduced by the addition of micro-
grooves. It was confirmed that the addition of micro-grooves inside the gas channel enhanced the removal 
performance of the water accumulated on the GDL surface, as shown in Okabe and Utaka [14]. 
 
Effect of relative humidity of supply gas on cell performance 

The effect of the relative humidity of the supply gases was investigated, as shown in Fig. 9. Two kinds 
of cathode-side separators with and without micro-grooves were used. Figures 9(a) and (b) show the 
relations between the current density and cell voltage and between the power density and current density, 
respectively. The qualitative tendencies were similar despite the arrangement of the micro-grooves, and there 
were appropriate conditions of relative humidity on the power density and current density. The power 
density increased with increasing relative humidity, and the maximum was reached at 70%; then, this 
decreased at 100% relative humidity because it was easily influenced by the concentrated overvoltage owing 
to lack of room for vaporization in the supplied saturated air. In the range of relatively lower humidity from 
20 to 50%, the maximum power densities with micro-grooves were slightly lower than those without micro-
grooves because it was likely that the proton conductivity was reduced by the enhancement of the drying 
PEM. 

 
 
Effect of air velocity in cathode-side gas channel on cell performance 

Figure 10 shows the effect of air velocity in cathode-side gas channels varying from 5.0 to 8.0 m/s on 
cell performance for two kinds of cathode separators, with and without micro-grooves. Figures 10(a) and (b) 
show the variations in current density and power density against the cell voltage, respectively. The maximum 
current density and power density increased with increase in air velocity for both cases. Additionally, it was 
found that in the case of a normal cell without micro-grooves, the variation of power density was relatively 
small with the variation of air velocity for the case without micro-grooves. In contrast, the effect of air 
velocity was significant, and the increasing rate of power density increased with increasing air velocity for 
the case with micro-grooves. Therefore, the water removal due to the arrangement of the micro-grooves was 
enhanced because increasing the air velocity augmented the movement of water by shearing force due to air 
flow. The addition of micro-grooves for an air velocity of 8.0 m/s improved the current density at cell 
voltage of 0.2 V by 18.5% from 1510 to 1790 mA/cm2 and increased the maximum power density by 7.1 % 
from 590 to 632 mW/cm2. 

Fig. 9 Effect of relative humidity on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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Effect of micro-grooves on fluctuation of cell voltage  

Because it is possible for micro-grooves to rapidly move water, they can be expected to reduce the 
fluctuation of power density, which is caused by unstable water behavior on the GDL. Experiments were 
conducted to validate the effect of micro-grooves. Figure 11 shows the variation in cell voltage when the 
stepwise change in current density was given for the cases with and without micro-grooves. Experiments 
were performed under the conditions of a clamping pressure of 0.96 MPa, a cell temperature of 70°C, 
relative humidity of 70%, hydrogen velocity of 1.1 m/s, and air flow velocity of 6.0 m/s, at which maximum 
power density was obtained. Figure 11 shows little difference in the fluctuations between the cell voltages 
with and without micro-grooves. However, the fluctuation of the cell voltage was suppressed drastically 
because of the addition of micro-grooves. Figure 12 shows the ratios of voltage fluctuation to those of the 
average value for the separators with and without micro-grooves shown by the error bars. The voltage 
fluctuations are defined as (Vmin − Vave)/Vave ×100 (%) and (Vmax − Vave)/Vave ×100 (%), where Vave is the 
average cell voltage, Vmin is the minimum cell voltage, and Vmax is the maximum cell voltage. It was 
confirmed that the addition of micro-grooves improved the reduction of voltage fluctuation and stabilized the 
output of cell voltage. Therefore, it is possible that the generated water can be rapidly stabilized by the liquid 
removal of micro-grooves from the GDL surface. 

 

Fig. 10 Effect of air velocity on cell performance. 

(a) Current density–versus–cell voltage curve. (b) Power density curve. 
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CONCLUSIONS 

To improve water management in gas channels, the configuration of a novel gas channel with micro-
grooves, which are manufactured inside the gas channel walls, was proposed. This structure was applied to 
the gas channel of an actual PEFC 200 mm in effective length, and improvement of the PEFC performance 
was examined experimentally. As a result, the following conclusions were obtained: 
[1] The maximum current density and the maximum power density improved because of the reduction in the 

concentrated overvoltage using the gas channel with micro-grooves. In particular, it was found that the 
increase in the air velocity was more effective for the improvement of water removal by micro-grooves. 
The densities of the maximum current and power increased by approximately 18.5% and 7.1%, 
respectively, when the air velocity was 8.0 m/s.  

[2] The voltage fluctuations caused by unstable water behaviors in the cell were reduced drastically and the 
stability of the cell output was improved because it was possible to quickly move water inside the gas 
channel by the addition of micro-grooves. 

 

Fig. 12 Variation of voltage fluctuation. 

Fig. 11 Time variation of cell voltage with variation of current density in 
unsteady state. 
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Abstract  
This document contains data related to the results of the numerical calculation of steady-state heat transfer in 

thermocontrol system based on gas-regulated heat pipe (GRHP).  The conjugate problem of heat exchange has been 
solved. A mathematical model which shows the GRHP with radiator in form of a solid body has been developed while 
the heat exchanging processes in GRHP are described by source members in reference differential equations. A check 
of model operation using test calculations has been performed. The results of the calculation for thermocontrol system 
are presented in operating mode pattern.  

 
INTRODUCTION 

The electronic module is located on the spacecraft’s instrument platform and is heat-insulated from it.  
The heating mode of the module is ensured by a gas-regulated heating pipe on which a radiator designed to 
release heat in open space is installed.  

In order to increase the radiator working surface efficiency and to reduce heat transfer to the non-
working surface, the radiator is designed as a narrow and long plate.  Ammonia is used in GRHP as heat 
carrier; the used non-condensable gas is nitrogen. The cylinder containing non-condensable gas provides a 
good thermal contact with the radiator end part. The cylinder internal surface is coated with a capillary 
structure which is connected with the respective heat pipe capillary structure.  

Based on the spacecraft orbit orientation, the radiator is subjected to external heat flows:  
• sun radiation reflected from Earth   qs=35÷102 W/m
• heat flow from Earth    q

2 
s=47÷56 W/m

• heat flow from solar panels  

2 
  qs=15 W/m

Orbital period: 90 minutes. 
2 

Maximum orbit operation time:  600 seconds. 
The electronic module provides two operational modes:    

• energized with heat release Q0

• deenergized – Q
=30 W. 

0
It is necessary to ensure that the electronic module is thermally conditioned within the temperature range 
from 8°С to 30°С with minimum temperature change in case the operation mode changes.  

=0 W. 

 

PHYSICAL MODEL OF THERMOCONTROL SYSTEM 
The physical model is shown in fig. 1. 

 
It is assumed that:  

• The heat pipe body and the cylinder are insulated from external heat flows.  
• the temperature though the heat pipe body section is distributed evenly in radial 

direction  
• the gas-vapor front is a flat one 
• the vapor phase temperature along the pipe is constant and equal to the temperature 

of the pipe body in the pipe extreme left point (as per fig. 1)  
• the temperature through the radiator thickness is evenly distributed 

mailto:otd25@niiem.ru�


IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

115 
A.V. Voronkevich 

• the cylinder temperature is equal to the radiator temperature measured in their 
connection point along the symmetry axis  

• the gas temperature value is equal to the cylinder temperature value 
 
 

 

Heat pipe  Radiator Cylinder 

 
Fig. 1 Physical model of the thermocontrol system 

 
The physical model of the thermocontrol system can be divided into several reference areas.  

 
I. Reference area L1 

Based on assumptions made the differential equation for thermal conductivity of the pipe body 
can be generally calculated as follows:  
 

ρρ
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      (1) 

 
It follows from (1) that the pipe body shall be considered as a solid bar of Sк

The equation (1) shall be solved by a finite-difference method. To solve it, the reference area 
shall be coated with a uniform grid with pitch 

 section containing 
volume heat sources.  

1х∆  – see fig. 2. The differential equation (1) can be 
replaced with a finite-difference equation which can be solved in relation to temperature at the 
subsequent time step.   
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Fig. 2. Reference area diagram. 
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Let’s take vq  as a source member for equation (2). If 0 < jx  ≤ XF, then the body part with 
width equal to 1x∆  is subjected to heat flow from the vapor phase:  
 

)( 11
n
j

n
тр TTxdQ −∆=∆ απ  

 
This flow is coming into the body the volume of which is calculated as follows 
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If XF < jx  < L1, then 0=vq  
 
II. Reference area L2 

The figure 3 shows the cross-section of the physical model for “radiator and heat pipe” 
assembly.  Due to axial symmetry, the half section is to be taken into consideration.  In the central 
part of the radiator there is a cradle for heat pipe installation. The cradle width L4 has been chosen 
based on design considerations. The model height H1 is chosen so that the section area L4хH1 will 
be equal to the sum of areas related to the radiator cradle and the cross section of the heat pipe 
body.  Therefore, the heat pipe and the radiator are regarded as a solid body containing volume heat 
sources.  

 
 

 
Fig. 3. Cross-section of the 'radiator-heat pipe’ assembly physical model 

 
Based on assumptions made, the temperature distribution in the reference area is determined 

by the following differential equation  
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The reference area diagram is shown in fig. 4.  The reference area is divided into two zones 
and coated with a grid of uniform pitch.  Grid pitch along Х axis is 2x∆ . Grid pitch along Y axis for 
the first zone at 0 < y < L4/2 is 1y∆ . Grid pitch along Y axis for the second zone at L4/2 < y < L3/2  
is 2y∆ . The differential equation (3) is replaced with a finite-difference equation which can be 
solved in relation to temperature at the next time step.   The equation (4) for the first zone and the 
equation (5) for the second zone are identical.  
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Fig. 4. Reference area diagram. 

 
 
Source members 

The radiator receives and absorbs external heat flow 
 

)( сбзрssвн qqqAq +⋅+⋅= ε  
 
The following heat flow is applied onto the reference unit coordinates of which are (i, j) at 

11 INi <<  via 12 yx ∆∆ surface element in the amount of 112 Hyx ∆∆   
 

4
,12012 jiрвн TyxyxqQ ∆∆−∆∆=′∆ εσ  
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Then 
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Referring to the reference unit coordinates of which are (i, j) at 21 INiIN <<  
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If the coordinate of the current gas-vapor front position is )21(1 LLXFL +<<  (see fig. 1) 

then the gas-vapor front is situated in the pipe body part which is located on the radiator. If 0 < 
)1(0 LXFx j −≤<  ≤ XF, then the pipe section with width equal to 2x∆ receives heat flow 
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This flow is released in the amount as follows 
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Then for i=1 
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If )1( LXFx j −>  or 1≠i  then 0=′′vq  
For equations (4) and (5) 
 

vvv qqq ′′+′=  
 
 
BOUNDARY CONDITIONS 
 
Reference area L1 

Boundary conditions of the first kind cannot be set as it doesn’t meet the process physics 
requirements.  

Х=0. 

Boundary conditions of the second kind cannot be set directly as in the model in question the 
temperature gradient for the pipe body should be determined. At the same time the pipe body in 
evaporating zone is practically isothermal.  Then the following procedure is recommended:  
A conditional source with heat release of Q0, mass of mэ and heating capacity of cэ 

nT1

shall be 
connected to the pipe end. The source temperature and the pipe temperature  at х=0 are the same. 
Heat flow вхQ  goes from the source to the pipe. Then the following formula is valid 
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Based on equation (6) we can determine the boundary condition for temperature 
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If the coordinate of the current gas-vapor front position is 10 LXF ≤<  or 10 LXF ≤<  then 

10 LXF ≤<  
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Reference area L2 

A cylinder containing non-condensable gas with mass of mб and heating capacity of сб

 

 is 
installed on the pipe end.  The cylinder temperature is equal to the radiator temperature measured at 
their connection point. If the radiator temperature changes  
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For i=IN1 boundary the temperature value is derived from the heat flows identity condition 
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The heat exchange absence condition is set for radiator ends: temperature gradient is 0.  
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DETERMINATION OF VAPOR-GAS FRONT POSITION 

Section of pipe vapor channel  
 

4/2
трp dS π=  

 
Volume of pipe vapor channel  
 

)21( LLSV pp +=  
 
Vapor-gas front is available only if relations (7) are fulfilled:  
 





+<
+=

бpG

G

VVV

PPNPN 21      (7) 

 
The figure 5 shows the flow diagram of an auxiliary program used for vapor-gas front 

position calculation.  Pressure of saturated vapor is determined by interpolation of table values.   
 

DETERMINATION OF RESULTING HEAT FLOW EMITTED BY RADIATOR  
The radiator emits the following heat flow 

 

∫ ∫=
2

0

2
3

0

4
0 ),(2

L
L

рр dxdyyxTQ εσ      (8) 

 
The resulting heat flow emitted by the radiator is 

 
32 LLqQQ внррез ⋅⋅−=      (9) 

 
The resulting heat flow is determined by a numerical equivalent of the formulations (8) and 

(9). When in steady-state heat mode, резQ  should be equal to Q0 where Q0 is the heat flow which is 
transferred to the pipe from the cooled electronic module. This procedure can be used to control the 
calculation application.   
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Fig. 5. Flow diagram of the auxiliary application used for vapor-gas front position calculation. 
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TEST CALCULATIONS 
The software application for heat mode calculation is written in FORTRAN. Equations (2), (4) 

and (5) in conjunction with boundary conditions are solved by an iterative method. During the 
software application debugging, the following test calculations have been performed.  

 
1. Equilibrium temperature test. 

The calculation has been made based on initial temperature value T0=298К; Q0=0 W; qs=35 
W/m2; qз=47 W/m2; qсб =15 W/m2

sA; =0.21; рε =0.9, α =0.  The heat flow in the pipe has been 
transmitted only by means of the body thermal conductivity.   

In absence of heat flows from the cooled pipe and radiator assembly, the equilibrium 
temperature determined by analytical ratio (10) should be taken into account  
 

K
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9.01067.5
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++⋅
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  (10) 

 
The results of calculation are shown in figures 6 and 7. The figure 6 shows the temperature 

change in the first 180 seconds. The figure 7 shows the temperature change from the initial value to 
the equilibrium one. The calculation results show that the equipment temperature value is 187.55К 
which is well suitable for relation (10). 
 
2. Thermal conductivity test  

For the pipe entry heat flow is set at Q0=5 W.  The calculation has been based on the 
temperature initial value T0=285К; q s=35 W/m2; qз=47 W/m2; qсб =15 W/m2

sA; =0.21; рε =0.9, 

α =0;    L1=0.5 m; λ =130 W/(m. 5104 −⋅=кSК); m2

 

. The heat flow in the pipe is transmitted only 
by means of the body thermal conductivity.  With initial conditions set, changes on the pipe section 
L1 are determined by the analytical relation.  

К
S
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T
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104130
5.051

5 =⋅⋅
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The results of numerical calculation are shown in fig. 8.  Based on the calculation results, the 

temperature value change for the section L1 is 480.76К as the temperature at this section is 
measured using a linear method.  With heat flow set at Q0

вхQ
=5 W, the calculated values are as 

follows: =5.0 W, резQ =5.1 W. 
 
3. Test for stable conditions. 

For the pipe entry, heat flow is set at Q0=30 W.  The calculation has been based on the 
temperature initial value T0=285К; q s=35 W/m2; qз=47 W/m22; qсб =15 W/m2

sA; =0.75; рε =0.88, 

α =10000; L1=0.5 m; L2=0.95 м; λ =130 W/(m. 5104 −⋅=кSК); m2

The results of calculation are show in fig. 9. With stable heat mode and heat flow set at Q

; IN1=16; IN2=40; JN1=50; 
JN2=51. 

0

вхQ
=30 

W, the calculated values are =29.5 W, резQ =32 W. 
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Fig. 6. Equilibrium temperature test. Temperature change on pipe axis τ =0÷180 sec. 

 

 
Fig. 7. Equilibrium temperature test. Temperature change on pipe axis τ =0÷140,000 sec. 
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Fig. 8. Thermal conductivity test. Temperature change on pipe axis τ =0÷140,000 sec. 

 

 
Fig. 9. Test for stable conditions. Temperature change on pipe axis τ =0÷18,000 sec. 
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OPERATIONAL MODE. CALCULATION RESULTS 
Main reference data for calculations:  

L1=0.5 m; L2=0.95 m; L3=0.06 m; L4=0.026 m; H=2 mm; H1=6 mm; рε =0.88; sA =0.75; dтр=6 
mm; mэ=1 kg; mб=0.1 kg; MG α=2.5 g; =10,000; τ∆ =0.008; IN1=16; IN2=40; JN1=50; JN2=51; 
(τ =0÷18,000, Q0 τ=3 W); ( =18,000÷18,600, Q0

The results of calculation are shown in fig. 10. 
=30 W); 

 

 
Fig. 10. Temperature change on pipe axis Q0 τ=30 W =18,000÷18,600 sec 

 
With the instrument off, Q0=3 W backup heater is operative which maintains the instrument 

temperature at 281.5К not allowing ammonia in heat pipe to freeze. With the instrument operative 
for 600 sec and heat release of Q0
 

=30 W, the instrument temperature rises from 4.1К to 285.6К. 

Nomenclature 
sA  – solar absorption factor 

с – specific heat capacity of the material from which pipe body and radiator are made 
cэ
с

 – specific heat capacity of electronic module  
б

d
 – specific heat capacity of cylinder 
тр

H – radiator plate thickness  
 – diameter of pipe vapor channel 

H1 – height of physical model cradle 
IN1 – number of points along Y axis of the section L4/2, including boundary ones 
IN2 – number of points along Y axis of the section L3/2, including boundary ones 
JN1 – number of points along X axis of the section L1, including boundary ones 
JN2 – number of points along X axis of the section L2, including boundary ones 
jXF
L1 – length of free section of pipe up to radiator 

 – number of vapor-gas front unit position in current reference area 

L2 – radiator length 
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L3 – radiator width 
L4 – radiator cradle width 
mэ
m

 – electronic module mass  
б

M
 – cylinder mass 

G

P
 – gas mass 

G

PN
 – gas pressure 
1

nT1 – saturated vapor pressure at temperature  
PN2

n
JNT 2,1 – saturated vapor pressure at temperature  

Q0

вхQ
 – electronic module heat release 
 - heat flow which goes to pipe from electronic module 

резQ  - resulting heat flow emitted by radiator  
qv

внq
 – source member 

 - external heat flow absorbed by radiator  
R – universal gas constant 
Sк
S

 – pipe body cross-section area 
p

S
 – pipe vapor channel section 

l

t – temperature 
 – radiator cradle area 

nT1  – vapor phase temperature 
n
jT  – pipe body temperature at section L1 for reference grid unit j for time step 11 JNj ≤≤  
n
jiT ,  – reference area unit temperature for section L2 with coordinates (i, j) at time step n. 

21 INi ≤≤  
Vp

V
 – volume of pipe vapor channel  
б

XF – coordinate of the current gas-vapor front position 
  – cylinder volume 

x – coordinate along Х axis 
jx  – coordinate for j unit 

y – coordinate along Y axis 
 
α  – heat transfer coefficient at vapor condensing 
рε  - radiator emissivity factor 

λ  -  specific heat capacity of the material from which pipe body and radiator are made 
µ - gas molecular mass 
ρ  -  density of the material from which pipe body and radiator are made 

0σ  – Stefan-Boltzmann constant 
τ  – time 
τ∆  – time step 
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Abstract 
Surveillance systems have presented to be important applications for high performance thermal control devices, 

especially passive ones using heat pipe technology. This is usually applied when the heat source is located far from the 
heat sink and the use of liquid cooling or any other active thermal control system is not possible. Design and 
application of pulsating heat pipes (PHPs) and heat pipes become an indicated solution especially for restricted areas 
for integration. This paper presents several applications using pulsating heat pipes responsible for the thermal control 
management of electronic components of a surveillance system using an open loop PHP with conventional heat pipes. 
Despite the relatively high temperature differences observed between the heat source and sink (up to 25 oC), the open 
loop PHP was able to transport the rejected heat from the electronic components to a remote heat dissipation area, 
while keeping their temperatures within the required range (below 80 oC) with relatively high thermal conductances 
(up to 1.6 W/o

 

C). The solution presented has demonstrated the capability of spreading the heat, resulting on a more 
homogeneous temperature distribution, therefore contributing to enhance the heat dissipation capability to the 
environment, proving to be a stable and reliable technology to be applied for heavy duty surveillance systems. 

KEYWORDS 
Thermal control, pulsating heat pipes, heat pipes, surveillance systems. 
 

INTRODUCTION 
Pulsating heat pipes (PHPs) are two-phase thermal control devices that consist of a meandering tube 

bent with several curves forming several parallel channels, without the presence of a wick structure. The 
channels are formed from capillary tubes and a working fluid is responsible for acquiring the heat from a 
source and dissipating it in a sink. This kind of device can be considered a special type of heat pipe and was 
introduced by Akachi [1]. PHPs can be applied in several thermal control problems, such as microelectronics, 
but only recently has gained interest in applications such as those for aerospace and surveillance systems used 
on the ground. 

As PHPs operate by means of slug/plug dynamics [2], several investigations have been performed in 
order to improve their efficiency, also focusing on working fluids with the presence of solid nanoparticles, 
which can act on the improvement of this dynamics as well as on the thermal conductivity of the fluid [3]. 
PHPs have been under investigation in the last years with great development regarding the phenomenon 
involved in their operation, but further investigations are still required. Delil [4] has presented a survey on 
pulsating/oscillating devices suitable to be used in space and microgravity environments where important 
contributions to understand such devices were given. Lin et al. [5] presents an experimental investigation on an 
open loop PHP, where the maximum heat transport capability was investigated, showing the great perspective 
of using PHP as a thermal control device. The first investigations regarding the operation of PHPs were 
important to guide the future studies and applications, focusing on the use of this technology where the big 
temperature difference between the heat source and sink was not an issue, as this is a characteristic of this 
device. Recently, PHPs have gained attention for their capability on performing the thermal control on a 
satellite payload with reliable operation [6]. 
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 Focusing on this important and promising application, this paper is intended to present results related to 
the application of open loop PHPs designed to meet the requirements for thermal control of electronics 
components used in surveillance systems. Considerations and analyses about the PHPs' operational conditions 
were performed once this application requires the proper heat transport to the heat sink and further heat 
rejection to the environment (usually air), in order to keep the electronics within the project’s limitations 
regarding their temperatures. Different projects have been equipped with this type of passive thermal control 
device used for heat transport and temperature homogenization. 
 

SYSTEM THERMAL CONTROL EQUIPMENT DESIGN 
A specific design for the surveillance equipment for defense applications has been conceived to operate in 

hostile environments where the ambient temperatures range from -20 to +50 °C and humidity levels up to 
95%, along with limited mass for the entire equipment to have. In this case, the solution has been designed 
presenting the open loop pulsating heat pipe (PHP) together with a finned surface area that presents the entire 
thermal control design, rejecting heat to the environment (air) by forced convection promoted by the clockwise 
rotating movement of the surveillance equipment, ranging from 15 to 60 rpm. A schematic of the arrangement 
showing a PHP designed for the thermal control of a so-called “Set-1” setup is presented by Fig. 1. 

 
Fig. 1. “Set-1” schematics of the thermal control setup. 

The details of the surveillance equipment and its architecture are considered proprietary information and 
cannot be disclosed at this time. For the sake of the necessary information to perform the adequate analysis, 
the above presented system’s characteristics are: 

 
• Heat rejection of up to 200 W to the environment; 
• The PHP is responsible to reject up to 200 W from the electronic components to the environment, 

being assembled in an array that is able to handle the entire heat rejection needed; 
• Maximum temperature of the electronics shall not exceed 80 o

 
C. 

A second open loop PHP was designed to promote the thermal control of another set of electronics called 
“Set-2” of the surveillance system, and its architecture is presented by Fig. 2. This PHP was designed to meet 
the following requirements: 

• Heat rejection of up to 50 W to the environment, acquiring heat from the electronics setup and 
transporting it to the finned surface; 

Clockwise 
Rotation 
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• Ability to operate at adverse conditions (evaporation section above the condensation section), within 
the required operation temperature range defined for the project 

• Maximum temperature of the electronic components shall not exceed 80 o

 
C. 

 
Fig. 2. “Set-2” schematics of the thermal control setup. 

 
Several other equipments were also implemented with PHPs to promote their thermal management 

properly. For all applications, the projects' requirements were mandatory on the operation (environment) 
temperature range that was from -20 to +50 o

 

C. Figure 3 presents the conceptual view of a high power 
equipment (450 W) using a PHP for its thermal management, Fig. 4 shows different applications for PHPs 
used on the thermal management of other PCBs and Fig. 5 presents both the conceptual and finished 
application of regular straight heat pipes applied on the thermal management of high heat dissipation 
electronics. 

 
 

Fig. 3. High power thermal management with PHPs. 
 
 All PHPs and heat pipes were manufactured using copper, operating with methanol as working fluid. For 
the case of heat pipes, a 316L-SS screen mesh #200 was used as wick structure. As for all passive thermal 
control devices, manufacturing followed the procedures to achieve a high reliable and long life units. The 
PHPs and heat pipes were integrated on their mechanical housing using high thermal conductivity epoxy.  
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Fig. 4. PHPs for thermal control of PCBs. 
 

     
 

Fig. 5. Conceptual and final application of heat pipes. 
 

RESULTS AND DISCUSSIONS 
Concerning the geometric characteristics of the PHPs and heat pipes used on this application, details shall 

not be disclosed at this moment due to their sensitive application. Overall, the PHPs were made with copper 
tubes with outer diameter of 3.0 mm with different lengths (depending on the application) and the straight heat 
pipes were manufactured with the same material and outer diameter, for a total length of 180 mm. 

The PHPs were filled with methanol according to their thermal management requirements. Most of all 
have a filling ratio between 50% and 80% of methanol (purity of 99.98%), which was selected considering the 
best startup conditions and continuous operation for the PHPs at any orientation [7]. Figure 6 presents some 
test results for the PHP with the same characteristics as shown by Fig. 1, and similar results were obtained for 
all other PHPs regarding their thermal behavior despite their orientation. 

The PHP presents its operation from the beginning of the administration of heat at its evaporation section. 
For this condition, low temperatures could be observed during all the test sequence. Intense pulsations were 
verified due to the generation of vapor plugs, as this is the characteristic of this thermal control device. During 
the entire test, the evaporator temperature was always kept below the 80 °C requirement, presenting fast 
responses to the heat load change and reliable operation, despite the temperature oscillations observed, which 
are a characteristic for this thermal control device. Even though a high temperature difference between the 
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evaporation and condensation sections could be observed during both PHPs tests, this does not represent an 
issue for the present application.  
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Fig. 6. PHP operation. 

 
The heat pipes were also operating with methanol as working fluid, and the test condition was performed 

at horizontal orientation and should be able to transport at least 15 W of heat without presenting a temperature 
above 50 °C. The thermal conductance observed during the PHPs operation was around 1.6 W/°C which is 
considerable high for such an application. For the heat pipes operating with a maximum power of 15 W, the 
thermal conductance was around 6.5 W/°C. 

Since the PHPs and heat pipes were designed to operate as functional thermal management devices, their 
real operation needed to be verified in order to evaluate their overall capability on absorbing the heat from the 
source, transporting it to the sink and dissipating the heat to the environment. The designs for all thermal 
management devices followed the concept of low thermal inertia, which relies on the action of removing the 
heat as quick as possible from the source. 

For the first case of application presented by Fig. 1, the PHP was tested with a surveillance system at its 
full operation (peak processing rates), at a rotation of 60 rpm. Figure 7 presents the thermal images of real 
operation data, which shows where the heat is more concentrated on this structure and how it is distributed 
along the entire surface, enhancing the heat transfer capability of the finned area. Figure 8 shows the real 
operation of the PHP on the "Set-2" configuration. 

 

 
Fig. 7. Thermal image of the surveillance system heat dissipation surface – “Set-1” setup (up to 200 W). 

  
On both cases, the PHPs were operating according to their designs, absorbing the heat quickly from 

their sources and transporting it to the sink, allowing a better temperature distribution on the heat source and 
sink surfaces, which enhances the overall thermal efficiency. 

Clockwise Rotation Clockwise Rotation Clockwise Rotation 
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Fig.8. Thermal image of the surveillance system heat dissipation surface – “Set-2” setup (up to 50 W). 

Following the same methodologies, other setups conceived for the PHPs thermal management were 
tested at their real application. Figure 9 presents some results for the configuration presented by Fig. 3. On 
this case, it is possible to visualize the heat transport promoted by the several parallel tubes of the PHP, which 
contributes to absorb the heat generated by their electronic components, transport it promptly to the heat sink 
thus enhancing the capability of the thermal management. 

 

 
Fig.9. Thermal image of the high power thermal management (up to 450 W). 

Figure 10 presents the operating of the PHPs used on the thermal management for their devices, where 
the thermal images are respective to their designs presented by Fig. 4, showing the temperature distribution 
obtained by the heat collected by each tube of the PHP, which is capable of dissipating the amount of heat 
according to their design prediction. Since the heat sources are far from the heat sinks, the PHPs were used as 
thermal transport devices instead of regular heat pipes due to their capability of operating at any orientation 
(adverse, horizontal and gravity assisted), which would not be possible using regular straight heat pipe, and 
also due to their reduced final costs. 

 

 
Fig.10. Thermal image of PCBs thermal management (up to 25 W). 
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However, for applications where the heat source and sink are located horizontally and there is a need 
of heat spreading along the surface, the use of heat pipes is possible. This is the case presented by Fig. 5 where 
2 straight copper-methanol heat pipes were used to remove the heat generated by several electronic 
components, spread it along the heat dissipation surface and then to the environment. Figure 11 presents the 
thermal images obtained from the tests with this configuration, showing the heat transport promoted by the 
heat pipes. For this test, skin heaters where used as heat sources where the objective was to observe how the 
heat was conducted along the heat pipes, which presented to be effective for the purpose of this application. 

 

 
Fig.11. Straight heat pipes thermal management. 

CONCLUDING REMARKS 
The application of PHPs and heat pipes for the thermal management of high power electronic devices used 

in surveillance systems has presented to be a promising technology, which enables high heat rejection with 
considerably low costs. Future projects where a more flexible solution is needed for the thermal control of 
electronics devices shall consider the presented results. Variations on the presented thermal designs have been 
applied either using only the PHP or the heat pipes for several setups where the thermal control was necessary, 
in order to promote their heat dissipation according to the projects' requirements. More flexibility on the design 
of such applications can be reached with the proposed solution, along with more compact equipments also 
resulting in less weighted devices, presenting reliable operation due to the use of well-known aerospace 
thermal control solutions. 
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Abstract 
With growing sophistication in infrared detection technology, the target temperature becomes lower. This paper 

mainly focuses on the design of the cooling system, which is used on the infrared space telescope. The primary 
temperature of optical system formed by Micro-crystal glass was reduced to110K±5K and the temperature of infrared 
detector was reduced to 60K±3K by using the Refrigerationry. And the experimental test was made for certifying the 
result of theoretical analysis. 
 
KEYWORDS 

Cooling system, lower temperature of optical system, experimental test  
 
 
INTRODUCTION 

With growing sophistication in infrared detection technology, the target temperature becomes lower. 
In extremely cold temperature of 4K, the infrared detector accepts less background noise. The radiation 
generated by the optical system is the main source of background noise. The detector sensitivity and the 
imaging quality could be improved effectively by cooling down the optical system[1,2]. 

The infrared space telescope designed previously usually uses the Infrared detector which is packaging 
in the Dewar structure [3]. This telescope is used for observing earth surface which doesn’t need the low 
temperature of optical system. There is little thermal resistance between detector and exterior environment , 
so the heat load of detector can be reduced effectively. 

This paper mainly focuses on the design of the cooling system, which is used on the infrared space 
telescope. The optical system temperature formed by Micro-crystal glass is reduced to110K±5K and the 
temperature of infrared detector is reduced to 60K±3K by using the Refrigerationry. 
 
DESIGN OF THE COOLING SYSTEM 

The optical system formed by microcrystalline glass consists of primary(Quartus) mirror, Secondary 
mirror, Tertiary mirror and structure among these mirrors[4]. All parts of the mirrors are bound by the DW-3 
epoxide-resin glue. Due to poor heat conductivity of microcrystalline glass, if refrigerating machine only 
links one point of the optical system, the temperature of the farthest point will be high and the temperature 
difference of optical system is hard to remain below 10K. If the refrigerating machine links to the optical 
system by using many copper heat conductors, the temperature difference can be reduced effectively, but the 
telescope system will be over weight. 

The design of low temperature system in optical system and infrared detector is proposed in this paper. 
The difficulty of designing cooling system of optical lens lies in its huge volume, heat capacity and intricate 
adjacent structures. Furthermore, the heat protective system can not be formed. Hence, the key to design of 
cooling system hinges on how to reduce the heat loss of the normal temperature structure to low temperature 
part, how to enhance the uniform distribution of temperature, and how to estimate the heat load of cooling 
system correctly. 
In view of the above questions, the author proposes the specific design plan through repeatedly tests and 
calculation for this scheme. The cold shield structure was created outside the optical system, which 
conducted  heat very well by using the material of alluminum alloy (LY12). The thickness of cold shield 
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structure was 4mm, and their interior surfaces were anodized to black, in order to keeping the surface 
emissivity higher than 0.8 (ε>0.8). The surface of optical mirrors was covered with a infrared reflection film 
having a reflectance of over 90%, and the rest of the surface were not processed by the special craft whose 
emissivity were higher than 0.8(ε>0.8). The strong radiative heat exchange was formed between the cold 
shield structure and the optical system, in order to keep the temperature difference remain within the range of 
the parameters requirements. The cold shield structure was designed by three parts for easy installation, all 
the parts were joined together by tightening bolts. The thermal contact resistance of joint faces was reduced 
through spreading high efficacy heat conduction grease. The refrigerating machine was linked to middle part 
of the cold shield structure, and the refrigerating effect was transferred to remainder parts. In order to assure 
the refrigerating machine of optical system provide sufficient cooling power at 110K temperature, the heat 
loss between normal temperature environment and optical system including heat conduction and radiation 
was reduced. The multi-layer insulation(25layers) outside the cold shield structure was wrapped up, the MLI 
was made up of (6μm) polyester films with both sides were aluminized, and the polyester screen existedin 
every two layers of polyester films. In vacuum, the effective thermal conductivity of this material was 
0.93×10-4

 

W/(m⋅K) which could effectively reduce the radiated heat loss between normal temperature 
environment and low temperature system. The energy loss of  heat conduction was due to supporting 
structure of optical system using the material of Glass-fiber Reinforced Composite (GRC) with high specific 
intensity of heat conduction (σ/λ) and high specific intensity of weight (σ/m). The light weight of GRC could 
not only reduce the inertia load of rotating device, but also reduce heat loss of conduction resulting from the 
temperature difference between the normal temperature part and the low temperature part. The thermal 
conductivity of GRC were 0.35W/(m⋅K). 

 
Fig. 1. Low temperature system 
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Fig. 2. Thermal insulation 

 
The focal plane of infrared telescope was made up of infrared detectors of long-wavelength and 

medium-wavelength being placed on fore-and-aft of the tube structure. The incident ray was separated by 
lens of germanium. The thickness of tube structure  formed by aluminum alloy (LY12) was 4mm, and their 
interior surfaces anodized to black, in order to keep the surface emissivity higher than 0.8 (ε>0.8). The 
refrigerating machine linked the tube structure directly by using the copper heat conductor could avoid the 
vibration from working refrigerator. One part of the cooling power generated from the refrigerator could 
transmit to the infrared detectors by the heat conduction of the tube structure, others transmited through 
radiation between the interior surfaces of tube structure and the exterior surfaces infrared detector. Due to its 
appliaction for open system, the focal plane was different from normal Dewar system. The method of 
reducing the heat loss of low temperature system was considered. Firstly, The multi-layer insulation (20 
layers) outside the tube structure was wrapped up.the form of MLI is the same as aboved mentioned. They 
could effectively reduce the radiated heat loss between optical system and focal plane of infrared telescope. 
Secondly, The Thermal insulation between optical system and tube structure  was designed by using the 
material of Glass-fiber Reinforced Composite (GRC). Three blocks of titanium alloys was designed between 
GRC structures and fixed by the bolt of titanium alloys. These structures could reduce the heat loss from 
back optical system to the focal plane. 
 
HEAT LOAD CALCULATION 

The heat load of optical system and infrared detector were calculated in this paper, in order to make 
sure the least cooling power should given by the refrigerator in thermal equilibrium. 
 
Heat load of optical system 

If the heat system was balanced, the cooling power given by the refrigerator was equal to the heat load 
of optical system. According the first law of thermodynamics: 

 
Qα=He+Hi+Hk+Hl                                                                                                                              

 
(1) 

Qα 
H

means the least cooling power given by the refrigerator;  
e 

H
means the orbital heat flux received by telescope; 

i 
H

means the radiated heat flux received by surface of low temperature system; 
k 

H
means the conductive heat received by supporting structure of low temperature parts; 

l 
H

means the conductive heat received by the wire of temperature sensor. 
e

The heat load absorbed by optical system comes from the radiation of earth surface. It was showed by 
following formula: 

 calculation 

 
He =(αsWr+εhWe)Fh-eAh                                                                                                     

 
(2) 

αs means the absorption rate of sunlight reflected by earth. 
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Fh-e
W

 means radiant factor between the earth surface and optical system. 
e

W
 means average infrared radiant intensity of earth surface. 

r
The infrared radiant intensity from earth surface was caculated according to the energy absorbed from 
sunlight which equaled to the energy emitted from earth surface. 

 means average sunlight radiant intensity reflected by earth surface. 

 
We=0.25S(1-α´

 
)                                                                            (3) 

S means the solar constant. 
α´ 

The sunlight radiant intensity of reflected by earth surface is: 
means the average albedo of earth surface, which is 0.36. 

 
Wr=Sα´cosβs

 
/π                                                                              (4)  

βs
 

By calculating (1)(2)(3)(4), if the telescope point to background of 4K extremely cold temperatures, the heat 
load from earth surface is 3.01W. If the telescope point to earth surface, the heat load from earth is 18.14W. 

means the angle between the sun direction and Orbit plane. 

Hi
The heat load of MLI came from the radiation between neighboring two layers, and the conduction 

between two layers and residual gas. It was a complex Heat transfer process, While it still can be solved 
through rough calculation which met the requirements  of engineering applications. Heat conduction was the 
main process of the heat transfer of MLI. 

 calculation 

 
Hi =Aiλi(Tf-Th)/d                                                                                                                     

 
(5) 

λi means  the effective thermal conductivity of MLI(25 layers), which is 0.93×10-4

d means the thickness of MLI (25 layers), which is 5.8mm. 
W/(m⋅K). 

Ai means the area of MLI, which is 1.12m2

By calculating (5), H
. 

i
H

 =3.11W. 
k

According to the heat transfer theory of the Fourier, the heat load from supporting structure of optical system 
was as follows: 

 calculation 

Hk=λAs(Tf-Th)n/h                                                                                                                  
 

(6) 

λ means the thermal conductivity of Glass-fiber Reinforced Composite (GRC), which is 0.35W/(m⋅K). 
As means the cross-section area of GRC  (The area of main supporting structure is 0.237×10-3 m2, and the 
area of assistant supporting structure is 0.123×10-3 m2

h means the length of GRC (The length of Main supporting structure is 65mm, and the length of Assistant 
supporting structure is 52 mm) 

). 

n means the number of GRC (The number of Main supporting structure is six, and the number of Assistant 
supporting structure is three). 
By calculating (6), Hk

H
 =1.75W. 

l
According to the heat transfer theory of the Fourier, the heat load from the wire of temperature sensor was as 
follows: 

 calculation 

Hl=λ iAi(Tf-Th)n/Li                                                                                                                  
 

(7) 

λi 

A

means  the thermal conductivity of the wire, which uses the material of  copper-nickel alloy, which is 
20.9W/(m⋅K). 

s means the cross-section area of the wire, which is 1.13×10-3 m2

L
. 

i
n means the number of the wire, which is 164. 

 means the length of the wire, which is 1m. 
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By calculating (7), Hl
By calculating (1), Q

=0.0067W. 
α

 
=7.88W. 

Heat load of the detectors 
If the heat system was balanced, the cooling power given by the refrigerator was equal to the heat load 

of the infrared detector. 
Qβ=He+Hi+Hk+Hl+Qz                                                                                                           

 
(8) 

Qβ 
H

means the least cooling power given by the refrigerator;  
e 

H
means the radiated heat flux received from the back of optical system; 

i 
H

means the radiated heat flux received by surface of low temperature system; 
k 

H
means the conductive heat received by supporting structure of low temperature system; 

l 
Q

means the conductive heat received by the wire of temperature sensor; 
z 

 
means heat load which generated by itself in work. 

He
The radiated heat load of the infrared detector from the back of optical system was as follows: 

 calculation 

 
He=σεhAhFh-f (Tf

4-Th
4)                                                                                                            

 
(9) 

σ means the constant of Boltzmann, which is 5.67×10-8

A
. 

h means the area of the infrared detector, which is 0.03 m2

ε
. 

h
F

 means the emissivity of the detector’s surface, which is 0.8. 
h-f

By calculating (9), H
 means radiant factor between the back of optical system and the infrared detector. 

e
H

 =0.206W. 
i

The heat load of MLI was as follows: 
 calculation 

Hi =Aiλi(Tf-Th)/d                                                                                                                     
 

(10) 

λi means  the effective thermal conductivity of MLI(20 layers), which is 2.51×10-4

d means the thickness of MLI (20 layers), which is 4.7mm. 
W/(m⋅K). 

Ai means the area of MLI, which is 0.034m2

By calculating (10), H
. 

i
H

 =0.109W. 
k

Through the numerical computation, the heat load of the supporting structure was  0.13W. 
 calculation 

Hl
The heat load of the wire of temperature sensor was as follows: 

 calculation 

 
Hl=λ iAi(Tf-Th)n/Li                                                                                                                 

 
(11) 

λi 
A

means the thermal conductivity of the wire, which uses the material of  copper, which is 400W/(m⋅K). 
s means the cross-section area of the wire, which is 5.7×10-8 m2

L
. 

i
n means the number of the wire, which is six. 

 means the length of the wire, which is 250mm. 

By calculating (11), Hl
 

=0.122W. 

Qz
The heat load of the infrared detector which generated by itself in work was 0.12W. 

 calculation 

By calculating (8), Qβ
 

=0.687W. 

Refrigerator selection 
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According to the heat load analysis, Two types of refrigerators were selected: 
 

Table 1 Refrigerator performance 
 

No. Refrigerator Weight 
(Kg) 

Power 
consumption(W) 

Refrigerating 
output 

1 Optical system Compressor 7.4 180 110K/10W 2 Expansion 3.2 
3 Infrared detector Compressor 6.2 80 60K/1W 4 Expansion 1.9 

 
REFRIGERATOR HEAT TRANSFER 

In order to enhance the efficiency of the refrigeration, the waste heat generated from working of 
Refrigeration was transmited to the radiator panel of the satellite and then discharged to cryogenic space. The 
refrigerating machine could generate 260W waste heat at work. Heat from the compressor and expansion 
machine was received to evaporator of loop heat pipe by eight heat pipes which is Ω type (Φ10mm×18mm). 
Then the heat was transmitted to the radiator panel of satellite by loop heat pipe. The heat transfer ability of 
loop heat pipe was designed greater than 300W and its evaporator was a cube (200mm×80mm×25mm). The 
diameter of gas line and liquid line were Φ3.5mm by using the material of stainless steel, and the length of 
these lines were about 10m. The radiator panel of the satellite was designed to rectangular structure 
(1.2m×1.5m) by using the material of aluminum honeycomb. 

Then a comparative analysis on technical characteristic was made with the sample of cryogenic loop 
heat pipe and ammonia loop heat pipe used in infrared space telescope. The results indicated that the 
ammonia loop heat pipe had much more superiority than the former  loop heat pipe applied in the space 
telescope which needed turn both directions. According to the above conclusion , the ammonia heat pipe and 
flexible loop heat pipe used in combination could generate heat transfer effectively from the surface of 
refrigerating machine to radiant panel of the satellite. 
 
EXPERIMENT 

Firstly, a vacuum tank that could provide the degree of vacuum 1×10-3

 

Pa was used . Secondly, the heat 
sink temperature in the vacuum tank was refrigerated to 10K by using the liquid helium that could simulate 
the background of 4K extremely cold temperature. 

 
 

Fig. 3. Test result 
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Table 2 Temperature of telescope 
 

No. Components Temperature(K) Index(K) 
1 113.03 Primary mirror 

110±5 2 114.5 Secondary mirror 
3 110.06 Tertiary mirror 
4 113.26 Quartus mirror 
5 116.12 Hood  6 114.47 Cold shield 
7 279.95 110K compressor 

248～303 8 272.72 110K expansion 
9 256.77 60K compressor 
10 266.33 60K expansion 
11 247.69 Evaporator of loop heat pipe  12 222.34 Radiator panel of the satellite 
13 289.01 Main frame 293±5 
14 61.78 Infrared detector of medium-wavelength 60±3 15 60.28 Infrared detector of long-wavelength 

 
According to the result of experiment, the optical system was refrigerated from room temperature to 

110K±5K and the infrared detector was refrigerated from room temperature to 60K±3K after 140 hours. 
The largest temperature difference of the optical system was less than 4.5K, and the largest 

temperature difference of the infrared detector was less than 1.8K. 
 
CONCLUSION 

In this paper, the author had successfully designed the low temperature system for infrared telescope. 
The temperature of optical system could reach 110K±5K and the temperature of the infrared detectors could 
reach 60K±3K by refrigeration for 140 hours. Then the above test  verified that all the temperature index 
could be carried out successfully through this design. 
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ABSTRACT 
Experimental natural circulation loop has been designed and put into operation to study heat transfer and 

hydrodynamics at boiling under low reduced pressures. The paper presents experimental data on wall temperature 
measurements at natural circulation of water under atmospheric pressure. Various heat and flow regimes in the flow up 
section of the loop have been studied: pure single-phase convection, pure flow boiling and mixed regimes. Low 
frequency flow instability has been observed in all mixed regimes. The instability led to temperature and flow rate 
fluctuations, which amplitudes were very high at some regimes. Wall temperature fluctuations have been also recorded. 
Joint analysis of flow rate and wall temperature fluctuations is presented. Experimental data on ensemble averaged wall 
temperature distributions along the heated section are compared with calculated ones according to the 1D and 2D 
numerical models. 

 
KEYWORDS 

Natural Circulation Loop, Experiment, Boiling, Low Pressures, Flow Instability 
 
 
INTRODUCTION 

Natural circulation systems, which work at atmospheric pressure meet highly wide practical use. As 
pressure decreases in vapour generating system a specific features of low pressure boiling begin display 
themselves [1]. Among them are high growth velocities and large departure diameters of vapour bubbles, 
high wall temperature overheating needed for boiling incipience, irregularity of vapour bubble generation 
process. Under these conditions the two-phase flow is characterized by instability and fluctuations of flow 
rate, pressure and temperature. At the same time heat and hydraulic calculations of natural circulation loops 
for low reduced pressures are accompanied by significant difficulties because at present these circulation 
regimes are remaining to be poorly studied. Today one still can say about the absence in full extent of 
knowledge both of theoretical and reliable empirical recommendations to predict integral thermohydraulic 
characteristics for these regimes. So it remains important to obtain new experimental data on various heat 
and flow characteristics which will help one to form an adequate insight into the physical processes which 
take place in natural circulation systems under above considered specific conditions. 

The aim of present work is laboratory study of natural circulation characteristic features under boiling 
conditions at low pressures. The results of flow and temperature measurements at water circulation under 
atmospheric pressure are presented. 

 
EXPERIMENTAL APPARATUS AND PROCEDURE 

The designed experimental loop is used as model apparatus to study thermophysical processes at low 
pressures natural circulation. A schematic diagram of the loop is presented in Figure 1. The flow up (heated) 
and flow down legs of the loop are joined to the separator-condenser at the top of the loop. One of the 
structural features of the loop is large aspect ratio between the down leg cross sectional area and that of the 
heated leg. This detail of construction made it possible to substantially reduce pressure losses in flow down 
line (down comer). Cooling heat exchanger and two electrical heaters are installed on the down comer. These 
members are used for maintaining a specified inlet temperature. 
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Fig. 1. Experimental apparatus: 

1 − heated section, 2 − separator, 3 − 
condenser, 4 − down comer, 5 − 

electrical heaters, 6 − cooling heat 
exchanger, 7 − level meter 

Present data have been obtained at water boiling under 
atmospheric pressure. Two test sections have been used in the 
experiments. Both were electrically heated stainless steel circular 
tubes 1300 mm long and differed by inner diameter (5.4 and 9.1 mm). 
Both test sections were heated along the whole length of the tubes.  

The wall temperature of the heated tube was measured by 
chromium-alumel thermocouples which hot junctions have been 
point-welded to the outer surface of the tube. The technique afforded 
to form thermocouple junctions less than 0.2 mm in dimension. 
Besides the wall thickness of the heated tubes did not exceed 0.45 
mm. Thus the thermal response time of the test section was rather 
small and we could record temperature fluctuations (which in some 
regimes were very intensive). 

Temperature recordings were realized with data acquisition 
system, which affords high-frequency sampling of measured 
quantities. The frequency of thermocouples sample was 100 Hz. It 
was enough to obtain practically simultaneous temperature records 
for the whole heated length. 

The flow rate in the loop was measured with ultrasonic flow 
meter FLUXUS F601 with the error of 0.01 m/s. The pressure 
transducer AIR of 0.2% accuracy class was used for pressure 
measuring in the separator-condenser chamber. Temperature 
measurements are in error by 0.2 o

Present data have been obtained for the loop fully filled with 
the working liquid up to outlet of flow up tube section in separator. 
Measurements have been made within the range of heat flux densities 
of (1.0−50.0) kWt/m

C, heat flux density measuring 
error is 2%.  

2

 
 for inlet liquid temperatures of (300−373) K. 

 
EXPERIMENTAL RESULTS 

Different heat transfer regimes have been realized in experiments, namely single phase convection 
(high liquid subcoolings at the inlet, low heat flux densities), mixed regimes when boiling took place at the 
part of heated zone and regimes with boiling along the whole heated zone (at inlet liquid subcooling less then 
5 K). Typical measured ensemble-averaged longitudinal wall temperature distributions are shown in 
Figure 2. It’s worth to note, that the length of single-phase zone can be significant even for not so high liquid 
subcoolings (see the curve for qw = 22.88 kW/m2

 
 in figure 2). 

 
 

Fig. 2. Measured ensemble-averaged wall temperature distributions along the heated section 
 

Mixed regimes with rather long single-phase zones are typical for low pressures boiling in natural 
circulation loops. As it is seen from Figure 2 boiling incipience is accompanied by rather sharp wall 
temperature decrease.  
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The change of heat transfer regimes along the heated section had an effect on the form of longitudinal 
temperature distribution curves. Boiling regimes were accompanied by the wall temperature fluctuations of 
significant amplitude. Temperature curves in Figure 2 are ensemble-averaged data for each cross-section. 

Temperature fluctuations were observed not only in boiling zones. Fluctuations were recorded at pure 
single-phase convection regimes. Typical oscillograms of wall temperature measured at three locations on 
the heated tube height at different wall heat flux densities for pure single-phase convection are shown in 
Figure 3,a. The time dependent liquid temperature records at the inlet to the heated zone are also plotted in 
Figure 3,a [(lines 1 at z/d = 0 in Figure 3 a i)− iii)] 

 
Fig. 3. Wall temperature fluctuations at single-phase regime (a) and at mixed circulation 

regimes (b) in the tube with 9.1 mm inner diameter. 
 

As it is seen from Figure 3,a) fluctuation amplitude increases with heat flux density increase. This fact 
displaces a complex changing of velocity profiles along the tube with vortex formation and occurrence of 
flow instability. As heat flux density increases the start section of fluctuation regime displaces towards the 
inlet of the heated section. 

Wall temperature fluctuations, which one can observe for qw = 10.1 kW/m2 and Tin = 24 oC at z/d = 
89.2 [(line 4 in Figure 3,a, i)], occurs because of the loss of stability of viscous-gravitation flow at this cross-
section. The value of z/d = 89.2 is close to the value of stability loss coordinate (z/d)*

*Χ
 estimated according to 

[2, 3] correlation. Indeed, according to [2, 3] the critical adjusted coordinate  of stability loss is 
 

                  
8.0

*
* Re

Gr9.12
Pe
1 −







=






=Χ

d

z      (1) 

 
Sibstituting into (1) the experimental values of Gr and Re numbers gives for conditions of Figure 

3,a, i) the value of (z/d)*
The adjusted length Χ

 = 93.  
* decreases as Gr/Re increase. The same tendency is observed for our 

experimental results: as qw
4 in Figure 3,a ii) and data curves 2, 3, 4 in Figure 3,a iii)]. 

 increases the boundary of flow stability loss displaces downstream [data curves 3,  

When it becomes impossible for single-phase natural circulation to remove heat from the wall, its 
temperature increases and reaches the level, which is enough for boiling incipience. Boiling starts at the 
outlet section of the heated zone as a rule. The existence of two-phase flow zone leads to circulation 
instability in the loop. Low-frequency oscillations of flow rate and wall temperature as well as liquid 
ejections from outlet channel opening into the separator are observed.  

Typical wall temperature oscillograms measured at three locations on the heated tube height at 
different wall heat flux densities for mixed single-phase-boiling circulation are shown in Figure 3,b. The 
time dependent liquid temperature records at the inlet to the heated zone are also plotted in Figure 3,b [(lines 
1 at z/d = 0 in Figure 3,b i) − iii)] 
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It follows from the analysis of “instantaneous” realizations of temperature time relations (as it was 
said above, the frequency of thermocouples sample was 100 Hz) that when heat flux density increases or 
inlet liquid subcooling decreases or both factors take place frequency of temperature and flow rate 
fluctuations increases and somewhat regularity of the process occurs. This phenomenon can be observed in 
Figure 4,a more clearly. Temperature regime of the heated zone for the conditions of Figure 3,b iii) is shown 
in Figure 4,a in large scale with more details. It is seen that a trend of temperature time records of 
thermocouple readings at different locations on the tube is the same. One can say that oscillograms of 
temperature fluctuations repeat each other but are shifted relative to each other by some time interval. 
Temperature records include alternating portions of sharp temperature time drops with following time 
intervals of more fair temperature increasing, the portions of sharp temperature drops and fair temperature 
increasing alternate quite regularly. Besides, in such regimes a temperature “spikes” are clearly observed on 
temperature time record of inlet temperature (curves 1 at z/d = 0 in Figures 3, 4,a). The appearance of these 
“spikes” corresponds to the time moments of the beginning of wall temperature increase. The time shift 
between the beginning of wall temperature increase and the appearance of the “spikes” on the inlet time 
temperature record for different portions of temperature time records is practically the same.  

 

 
Fig. 4. Time temperature records at different locations on the heated wall at qw = 43.2 kW/m2

 

 (a) and 
oscillogramm of circulation velocity fluctuations (b) in the tube with d = 9.1 mm inner diameter 

Figure 4,b shows oscillograms of circulation velocity in the loop at heat flux density of 
qw=25.8 kW/m2  and at inlet liquid subcooling of Тin=27 0

Periodic liquid ejections from the tube outlet have been visually observed. Some typical frames of 
videorecords of the heated tube outlet are shown in figures 5, 6. At mixed circulation regimes at relatively 
low heat flux densities two alternative processes take place. They are the outflow of liquid into the separator 
chamber (fig. 5,a) and the ejection of liquid plugs followed by their failure. Several consecutive frames of 
liquid plugs evolution are shown in fig. 5,b−h and in fig.6. Firstly a small liquid column appears in the outlet 
of the heated tube (fig. 5, b−d, fig.6, a). After growing for some time the column firstly starts to fail due to 
instability (fig5, e-g) and then bursting failure occurs due to ejection of vapour portion (fig. 5, h, fig. 6 b−e). 
Usually several similar to above described events following in succession took place and then a liquid 
outflow like shown in fig. 5,a started. As a whole the ejection process lasts (0.5 − 2) s. The time interval 
between liquid plugs appearance can last from 8 to 15 s. Its duration depends upon heat flux density. As q

С. This regime has been chosen to demonstrate the 
existence of reverse flows in the loop. Such a regimes have been usually observed at low heat flux densities 
and are characterized by rather long recurrence periods. 

w 
increases this time interval reduces and at high qw

 

 the continuous ejection of vapour-liquid mixture takes 
place.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

145 
O.N. Kaban’kov et al. 

 
 

Fig. 5. Videoframes of heated tube outlet for qw = 25.8 kW/m2 and Tin = 27.0 o

 
C 

 
 

Fig. 6. Videoframes of heated tube outlet for qw = 34.7 kW/m2 and Tin = 43.0 o
 

C 

The frequency of the phenomena observed at the tube outlet correlates with the flow rate and wall 
temperature oscillations measurements. Low frequency instability has been observed within the frequency 
range of (0.08 − 0.5) Hz at all realized mixed circulation regimes. The type of instability under observation is 
caused by boiling incipience and by flow regime change as a consequence. This change is a single-phase 
two-phase flow transition under the existence of rather long single-phase flow zone.  

Vapour bubbles generation at liquid boiling up leads to driving head increase in the loop. So flow rate 
and correspondently circulation velocity increases. When flow rate increases wall temperature decreases, 
boiling stops and flow becomes single-phase. This in turn leads to driving head and flow rate decrease. As a 
result wall temperature rises and liquid starts to boil again. Thus the process replicates itself. 
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COMPARISON WITH PREDICTING METHOD 
Our experimental data have been used for verification of some existing methods for predicting heat 

and flow regimes in natural circulation loops. First of all we have considered the widely used in engineering 
practice model based on 1D description of flow and heat transfer in channels. It is assumed according to this 
approach that flow velocity and temperature vary only in streamwise direction. Detailed mathematical 
formulation of the problem as applied to natural circulation loops one can find elsewhere (for example 
[4 − 6]). Substantial mathematical simplification of the problem at 1D approach is achieved by introduction 
of such quantities as heat transfer coefficients and hydraulic loss, which in complex way are connected with 
the real 3D flow and couldn’t be determined from 1D theory in principle. So one needs to get additional 
information from experimental data, 3D calculations or semiempirical theories to determine the values of 
heat transfer coefficients and hydraulic loss. As for natural circulation hydraulic loss calculations at flow 
boiling under low pressures is the most difficult problem. As it was already mentioned in introduction these 
circulation regimes are remaining to be poorly studied and both of theoretical and reliable empirical 
recommendations to predict integral thermohydraulic characteristics for these regimes have not been 
suggested yet. Physical modeling of vapour generating flows at low pressures will be the subject of future 
work. 

In present paper we shall limit ourselves to the analysis of single-phase convection regimes. The 
predicting friction factor correlations for fully developed isothermal flows are commonly used in literature 
for this case. These correlations are Re

64=ξ  for laminar flow regime and Blasius 25.0Re
3164.0=ξ  or 

Filonenko 2)64.1Relg82.1( −−=ξ  formula for turbulent flow. To our point of view this approach is not fully 
correct because the form of velocity profiles in real gravity driven natural circulation flows differs from fully 
developed isothermal velocity profiles. Besides the profile configuration can change along the heated zone 
and it will lead to additional increase of hydrodynamic drag. To our opinion predicting correlations for heat 
transfer and friction for flows with the same direction of forced and natural convection, suggested by 
B.S. Petukhov and A.F. Polyakov [2, 3] are more suitable. In present work we used this correlations for 
prediction of flow and heat transfer in single-phase circulation zones. Besides we took into consideration 
practically uniform velocity and temperature distribution in the inlet of heated section and concurrent 
formation of heat and hydrodynamic boundary layers in the entrance region. 

Analysis of the whole massive of temperature measurements showed that 1D model with above 
corrections underpredicts experimental data at low qw (that is the model overpredicts circulation velocity) 
but this discrepancy decreases with heat flux density increasing and in mixed regimes with boiling at the end 
of the heated zone experimental and calculated temperature curves are in good agreement. The velocity 
profiles deformation is probably more intensive at low qw

To refine this conclusion the numerical 2D simulation of single-phase natural circulation in circular 
tube for experimental conditions has been carried out. The simulated loop was a closed by liquid ensemble 
from annular and circular tube. Circular (heated) tube was placed coaxially inside the annular tube. Annular 
tube was the down comer of the simulated loop. The heated tube height was specified equal to the loop test 
section height, and cross-sectional area of annular gap was equal to cross sectional area of the experimental 
loop down leg. Thus the simulated circulation conditions were made more realistic in terms of the circulation 
in experimental loop. So the axially symmetric 2D problem has been formulated, and the problem was 
solved as unsteady one. 

 in our loop than under the [2, 3] conditions and 
hydraulic loss is higher. 

The expression for buoyancy force vector, which appears in the system of conservation equations and 
which is the driving force of motion can be written in general case as  FB(r,z) = g[ρ(r,z) − ρ r(z)], where g is 
vector of  gravity acceleration and ρ r is local reference density. For inner gravity flows (in closed space 
bounded by solid walls) the reference density is chosen according to the type of inner flow under 
consideration. In our calculations ρ r

Figure 7 shows typical calculated velocity profiles at different cross sections of the heated zone for 
tube diameters of 5.4 and 9.1 mm for laminar flow model. One can see that velocity profiles change along 
the whole heated zone, the profile deformation being more intensive with tube diameter increasing. For large 

(z) was considered as cross-section averaged density at local coordinate z 
in down leg of the loop. 
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tube diameters the reverse flows are quite probable [line 3 in Figure 8,b)]. The deformation of velocity 
profiles is accompanied by velocity gradient increase at near wall region and hence by the increase of surface 
tension at the wall. 

Corresponding to conditions of figure 7,c,d calculated temperature profiles for the tube of 9.1 mm in 
diameter are shown in Figure 8,a,b. Calculated and experimental longitudinal wall temperature distributions 
are shown in Figure 8,c. Longitudinal wall temperature distributions calculated numerically for the 
experiment conditions of Figure 8,c (in that experiments flow was laminar) are marked in Figure 8,c as 
curves 3 and 6. As it is seen from Figure 8,c numerical results much better agree with the experimental data. 

 

 
 

Fig. 7. Calculated velocity profiles at different distances from the inlet to the heated 
zone for d = 5.4 mm (a − b) and for d = 9.1 mm (c − d). 

 

 
 

Fig. 8. Calculated temperature profiles at different distances from the inlet to the heated zone 
[(a), (b)]; experimental(points: 1 − qw = 3.7 kW/m2, Tin = 23.0 oC, 4 − qw = 17.4 kW/m2, Ti

n = 
34.0 o

 

C)  and calculated(lines: 2 and 5 − 1D calculation, 3 and 6 − 2D numerical simulation)  
longitudinal wall temperature distributions at pure single-phase circulation regimes (c). 

Single phase convection heat transfer in mixed regimes are predicted with high degree of accuracy by 
the 1D calculation model based on the B.S. Petukhov and A.F. Polyakov predicting correlations for heat 
transfer and friction for flows with the same direction of forced and natural convection. In most cases the 
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single phase flows in test sections were laminar. These regimes are characterized by considerably higher 
hydrodynamic drag in comparison with purely forced convective flows.  

The numerical simulation made it possible to perform a parametric study of circulation regimes for 
arbitrary change of the loop geometry characteristics. 

 

CONCLUSIONS 
Temperature and flow measurements in model experimental natural circulation loop at water flow 

under atmospheric pressure have been carried out. Single-phase, mixed and boiling circulation regimes have 
been realized. Low frequency instability of 0.08 to 0.5 Hz was observed at transition from single phase to 
two-phase flow in mixed regimes. Oscillations frequency increased and its amplitude decreased with heat 
flux density increase. 

In single-phase convection regime 1D thermohydraulic calculations of the loop with the use of 
formulae [2, 3] for friction factors showed good agreement with the experimental data only for rather high 
heat flux densities when there is boiling at the upper part of the heated tube that is when circulation velocities 
are rather high. At lower heat fluxes there exists rather intensive deformation of velocity profiles and 
essentially higher hydrodynamic drag takes place. 
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Nomenclature 
 

d [mm] Inner diameter of the heated tube z [mm] Longitudinal coordinate 
Gr [-] Grasgoph number z/d [  ] Nondimensional longitudinal coordinate 
Pe [-] Peclet number  
Re [-] Reynolds number       Greek symbols 
P [kPa] Pressure τ [s] Time 
r [mm] Current radius ρ [kg/m3 Density ] 
r [mm] 0 Tube radius  
T [o Temperature C]       Subscripts 
w [m/s] Velocity in  Inlet 
w [m/s] z Longitudinal velocity component w  Wall 
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Abstract 
This paper mainly introduced the separated heat pipe system for heat dissipation in data center. The system uses 

chilled water as heat sink, in winter, cold ambient air is used to produce chilled water, while in summer, as the outside air 
temperature is higher than the room temperature, the chiller is open to get chilled water. In a word, chiller does not need to 
operate all year round, as a result, a lot of energy can be saved. Compared with traditional computer room air conditioning 
system, evaporator is installed inside the front and back plate of the racks, once heat is generated from IT equipment, it is 
soon dissipated. The separated heat pipe system has well air distribution so the problem of hot spots and cold and hot air 
mixing can be avoided. Tests were carried out in summer and winter to understand the operation performance of the 
separated heat pipe system. In the tests, thermal equilibrium and temperature distribution are tested, the results show that 
this system can provide a safe and reliable working condition for IT equipment. 

 
KEYWORD  

Separated heat pipe system, Data center, air distribution, energy saving 
 
 
INTRODUCTION 

Data center is the basis of IT industry, and has developed very fast in recent years. Meanwhile, the 
energy consumption in data center increases dramatically. There are some part of power consumption, such as 
IT equipment, cooling system, lighting and so on. As can be seen in Figure 1 [1, 2], cooling system makes up of 
nearly 45 % of the total energy consumption. As a result, it is important to improve the cooling system, and 
lower its energy consumption.  
 

 
 

Fig. 1. Energy consumption in an air cooled data center, adapted from [1] and [2]  
 

Traditional data center uses CRAC (computer room air conditioning) system as the cooling method 
[2–4].In computer room, raised floor is laid above the ground, supply air chilled by CRAC flows to computer 
room through raised floor. Server racks are placed face to face and back to back to create hot/cold aisles for 
airstreams. Supply air passes through the server racks and cools the IT equipment, then it comes out as hot air 
stream, and finally flows back to the CRAC system, where it is cooled by chilled water. 

mailto:lizh@tsinghua.edu.cn�
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However, there are many shortcomings for this cooling system [2]. Firstly, heat transfer ability of air is 
low, due to its low thermal conductivity (λ) and heat transfer coefficient (h). Secondly, the air stream 
organization is unreasonable. For example, hot air flows out of racks and cold air flows into the racks may mix 
at the entrance of racks, air mixing leads to irreversible loss of heat transfer ability. Besides, there may exist 
local hot spots, in order to avoid these two phenomena, the outlet temperature of CRAC needs to be set very 
low. Finally, the refrigeration system needs to operate all year round, even during the cold winter. In conclusion, 
bad cold air distribution and refrigeration system operating all year round waste a lot of energy.  

Heat pipe is developed since the 1960s [5]. Based on the physical principle of heat pipe, a new kind of 
system called separated heat pipe system is used in data center cooling [6, 7]. Compared with the traditional 
cooling system, this system has the advantages of long distance heat transfer ability [8], besides it can use free 
ambient cold air conveniently.  

In order to save energy, separated heat pipe based cooling is used in the computer room of school of 
aerospace, Tsinghua University. This system has mainly two advantages. First, it uses free ambient cold air in 
winter, so the air conditioning system does not need to operate all the year. Second, the system can absorb heat 
nearby and avoid hot and cold air mixing, which leads to well air stream organization. Heat exchanger 
(evaporator) is installed inside the racks, once heat is generated from IT equipment, it is soon dissipated.  
 
1. SCHEME OF COMPUTER ROOM AND COOLING SYSTEM 
 
1.1 Computer room introduction 

The computer room consist of 4 rows of racks, there are 4–5 racks in each row. There are 7 racks 
working in winter, while 9 racks working in summer. The total heat load is about 20 kW in winter, while about 
30.5kW in summer. 

 
1.2 Separated heat pipe cooling system  

Different from traditional heat pipe, separated heat pipe consists of 4 parts. Evaporator, condenser, gas 
pipe and liquid pipe. The scheme of separated heat pipe and air distribution are illustrated in Figure 2, 
evaporators are in the front and back plate of racks. Air with the room temperature flows pass through the front 
plate of rack where it is cooled by evaporator of heat pipe, then cold air flows through the IT equipment and 
cools them, finally, hot air flows pass through the evaporator in the back plate of the rack. When air flows out, 
its temperature nearly equals to the room temperature. In the evaporator, coolant absorbs heat and changes its 
phase from liquid to gas. The gas flows through gas pipe and then into the condenser (also called intermediate 
plate heat exchanger), where it is cooled by chilled water. In the condenser, the gas changes into liquid and 
flows back to the evaporator through liquid pipe motivated by gravity (condenser is higher than evaporator). 
Thus the coolant of the separated heat pipe system can cycle automatically without pump. 
 

 
 

Fig. 2. The internal structure of inside rack, where evaporators are in the front and back plates of the rack 
 

Separated heat pipe use chilled water as heat sink, heat generated from IT equipment is finally 
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transferred to chilled water. Suppose the data center room temperature is 25 °C, in winter, outdoor air 
temperature is far less than 25 °C, cold air is used to produce chilled water (by air cooled air-water heat 
exchanger), in summer, as the outdoor air temperature is higher than the data center room temperature, the 
chiller is turned on to produce chilled water. 

As is mentioned above, bad cold air distribution and refrigeration system operating all year round are the 
main reasons which cause the waste of energy. The separated heat pipe system has a well air distribution and 
organization, and for using free ambient cold air to produce chilled water in winter, the system don’t need 
refrigeration system (especially compressor). Thus, a lot of energy can be saved.  
 
2. MEASUREMENT RESULT AND DISCUSSION 
 
2.1 Experiment method 

The test consists of mainly three parts. The thermal equilibrium of the whole system, situation of 
temperature distribution and operation performance of the system. In the part of thermal equilibrium, total heat 
generation, heat transfer in the intermediate plate heat exchangers and heat generation of one rack (take B2 and 
B3 racks for example, B2 rack means the 2nd rack in the 2nd

The inlet and outlet air speed is measured by anemograph and the temperature is measured by thermal 
couple whose accuracy is 0.1 °C. The IT equipment’s heat generation is measured by electricity meter whose 
accuracy is 0.1 KWh. Temperature is collected by PAC system. The temperature sample interval is one second. 
And the total heat generation in a period of time can be calculated by integration (add heat in a second 
together).In order to verify thermal equilibrium, total cooling capacity by chilled water, total heat generation of 
IT equipment are measured. 

 row) and air cooled capacity of rack B2/B3 are 
measure and calculate are measure and calculated. 

1. Total cooling capacity by chilled water  
Chilled water is divided into four intermediate plate heat exchangers. Equation (1) calculates the total 

cooling capacity of these four heat exchangers. In (1) ∆T is the temperature difference of inlet and outlet 
chilled water temperature; t is the time interval, which equals to 1 s; cwater

1
1

n

water
i

tc m T
=

Φ = ∆∑

 is the specific capacity of water, 
which equals to 4180 J/(kg⋅K); m is the mass flow rate of water; n is the total time.  

 (1) 

2. Total heat generation of IT equipment 
Equation (2) shows the calculation of total heat generation of IT equipment, where ∆Q is the heat 

generation of each rack, which is measured by electricity meter. p is the amount number of racks, there are 6 
racks in winter, while 9 racks in summer. 

2
1

3600
p

i

Q
=

Φ = ×∆∑  (2) 

3. Air cooling capacity of one rack  
Air is cooled in both front and back plate heat exchanger (evaporators of separated heat pipe are inside 

the plate). The cooling capacity of back plate can be calculated by equation (3). The number 3 means there are 
three fans in the back plate, in order to calculate more accurately, the outlet area of each fan is divided into two 
parts(inside and outside), and calculate cooling capacity separately. Equation (4) calculates the cooling 
capacity of front plate. In equations (3) and (4), ρ is the density of air, which equals to 1.19 kg/m3，cair

3

41 , , , , , ,
1 1

( )
n

in j in j in j out j out j out j air
t i

t u A T u A T cρ ρ
= =

Φ = ∆ + ∆∑∑

 is the 
specific heat of air, which equals to 1.007 kJ/(kg⋅K), u is the wind speed, t is the time interval, which equals to 
1 s.  

 (3) 

42
1

n

air
t

tc uA Tρ
=

Φ = ∆∑  (4) 
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4. PUE  
PUE (power usage efficiency) is an important parameter used to evaluate the efficiency of energy 

utilization in data center. It equals to total energy consumed in data center (including IT equipment, lighting, 
cooling etc.) divides energy for IT equipment. The lower PUE means the higher efficiency of energy 
utilization. 

 
   

total energy in data cent
PUE

er

energy for IT equipment
=  (5) 

 
2.2 Result in winter  

There are 6 racks working in winter. As the outside air is cold enough, the system uses free ambient cold 
source only, and the chiller is closed.  

The stable outdoor temperature leads to a stable inlet chilled water temperature, which is about 12.7 °C, 
while chilled water’s outlet temperature is about 14.3 °C. The temperature difference is 1.6 °C. Temperature 
changes little with time, which means in winter, this system operates at a steady state. In winter, as there are 
only 6 racks working, only two of the intermediate heat exchangers are used, while in summer, 9 racks are 
working, all of the heat exchangers are used.  

In the experiment, average cooling capacity by chilled water, amount of the two intermediate plate heat 
exchanger, average heat generation of IT equipment, heat generation of one rack (take B2 for example) and air 
cooled capacity of rack B2 are measure and calculate are measured. Table 1 shows the thermal equilibrium 
results in winter. Most of the max relative error are within 15 %. Considering that the measurement accuracy of 
thermal couple is 0.1 °C, the temperature difference of inlet and outlet chilled water is about 1.7 °C, 0.1 °C can 
lead to 6–10 % relative error, so the result is reasonable.  
 

Table 1 
Thermal equilibrium results in winter (2014)  

Periods of Time 
Average cooling 

capacity by chilled 
water (kW)  

Amount of the 
two intermediate 

plate heat 
exchanger (kW)  

Average heat 
generation of IT 
equipment  kW)  

Max relative 
error 

3/3,18:32-19:35 18.5 21.0 20.9 11.9 % 
3/3,19:35-20:35 18.5 20.9 19.8 11.5 % 
3/3,20:35-21:35 18.1 20.6 20.3 12.1 % 
3/4,16:02-17:06 17.7 20.6 20.2 14.1 % 
3/4,21:04-21:59 16.9 20.0 18.9 15.5 % 
3/5,18:39-19:35 17.0 21.4 19.9 20.6 % 
3/5,19:35-20:41 18.5 21.3 20.8 13.1 % 
 

B2 rack is chosen to analyze the air cooling capacity of one rack. The results are listed in Table 2. The 
total heat generation power of B2 rack is about 4.0 kW. The relative error between total heat generation and air 
cooling capacity is about 5%. 
 

Table 2  
Thermal equilibrium results in winter air cooling capacity is considered (2014/3/12) 

Time period 20:12-21:12 21:12-22:07 22:07-23:14 
Air cooling capacity of B2

（kW） 3.65 3.87 3.76 

Heat generation of B2（kW） 3.80 4.03 4.03 
Relative error 3.82% 4.05% 6.77% 

 
Heat generation power is about 20 kW (calculated by equation 2), for different periods, the calculating 

rate of IT equipment is different, thus heat generation power changes with time. 
A further test is carried out to discuss the temperature distribution of B2 rack. Figure 3 shows the inside 

structure of B2 rack and temperature distribution at some typical points. The evaporators of separated heat pipe 
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are in the front and back plate of the rack. IT equipment is laid inside the rack, and the rack has 3 layers. There 
is a displayer on the top layer, and calculation servers on the middle and bottom layer. Compared with the heat 
generation power of calculation servers, there is nearly no heat generation from displayer. Temperature in 
figure 4 is the average temperature of half an hour. As can be seen from Figure 4, different layer has different 
outlet air temperature, the top layer is the lowest and the bottom layer is 4 °C higher than top layer. Such 
temperature difference is caused by heat generation difference in each layer, so it is important to organize IT 
server more reasonable to let heat generation power in three layers closer to each other. As the air flow rate is 
the same in each layer, the closer the heat generation of each layer, the closer the outlet temperature. If outlet 
temperature of each layer is just the same, there is no hot and cold mixing loss. 

 

  
 

Fig. 3. Temperature distribution of B2 rack in winter 
 

Figure 4 is the temperature distribution at some typical points. The meaning of curves are shown in the 
legend.In winter, the whole system operates at a stable state. The PUE of this system is 1.20.  

 

 
 

Fig. 4. Temperature-time diagram in different representative points in winter(The rack is B2 rack) 
 

2.3 Result in summer  
In summer, outdoor air temperature is much higher than that in winter, usually over 30 °C, which is 

higher than room temperature (usually about 25 °C). Thus, air cooled heat exchanger (free ambient cold) can’t 
be used. In summer, chiller needs to operate to produce chilled water. As the chiller’s cooling power is larger 
than IT equipment’s heat generation power and the compressor is in fixed frequency, so the chiller 
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operatesintermittentlyaccording to temperature of chilled water. When chiller is operating, inlet chilled water’s 
temperature comes down to about 12.5 °C, whenchiller is closed and the temperature increases, after it comes 
to 18.5 °C, chilleris opened, such cycle continues about 8–10 min.  

Heat generation power is about 30.5 kW in summer, and itchangeswith time. Most of the relative errors 
between total cooling capacity by chilled water and total heat generation of IT equipment are within 10 %. The 
thermal equilibrium results are shown in Table 3. 

 
Table 3  

Thermal equilibrium results in summer (2014) 

Periods of time 
Average cooling 

capacity by chilled 
water (kJ)  

Heat generation 
power 
(kJ)  

Max relative 
error 

6/7，17:10-18:07 29.9 29.8 0.3% 
6/7，18:07-20:05 30.1 30.6 1.6% 
6/7，20:05-21:09 30.4 30.8 1.3% 
6/8，14:14-15:10 35.2 30.5 13.4% 
6/8，18:33-20:20 31.4 29.8 5.1% 
6/12，15:49-16:51 32.6 30.5 6.4% 
6/12，16:51-17:45 32.1 30.6 4.7% 

 
Here, considering the air cooling capacity of B3 rack. The results are listed in Table 4. The total heat 

generation power of B3 is about 4 kW.  
 

Table 4  
Thermal equilibrium results of B3 rack in summer air cooling capacity is considered (2014)  

Time periods Air cooling capacity of 
B3 rack (kJ) 

Heat generation of B3 
rack (kJ) Relative error 

6/7，15:11-16:09 4.4 3.9 11.4% 
6/7，16:09-17:10 4.3 3.7 14.0% 
6/7，17:10-18:07 4.3 3.8 11.6% 
6/7，18:07-20:05 4.3 3.8 11.6% 
6/7，20:05-21:09 4.3 4.0 7.0% 

 
Figure 5 shows the temperature distribution of B3 (B3 rack means the 3rd rack in the 2nd

 

 row) rack in 
summer. As for the equal distribution for heat generation, outlet air temperature of B3 rack is approach to each 
other, thus, there is less mixing loss compared with Figure 3.  
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Fig.5.Temperature distribution of B3 rack in summer 

 
 

Fig. 6. Temperature-time diagram in different representative points in summer (The rack is B2 rack) 
 

Figure 6 is the temperature distribution at different points in summer. As can be seen in Figure 6, it 
shows the temperature change in 1800 seconds (0.5 hour), it can be clearly seen that temperature changes 
periodically over time. A cycle continues about 8–10 min. The PUE in summer (June) is 1.49.  

Data center room heat dissipation can be simplified as a heat transfer process, all of the heat generated 
by IT equipment needs to transfer to the heat sink. At a certain heat generation rate (e.g. 30 kW), the driving 
temperature is the temperature difference between IT equipment and heat sink. The less the temperature 
difference of IT equipment and heat sink, the better of heat dissipation system performance. Take the CRAC 
system for example, according to the experiment, IT equipment needs to operate at a specific temperature 
range, usually the room temperature needs to be 25 °C, as a result, the chiller air inlet temperature needs to be 
18 °C. The system’s chilled water supply and return temperature is about 7/12 °C. In order to produce chilled 
water of 7 °C, the evaporate temperature of chiller needs to be 5 °C.  

In summer, separated heat pipe system uses chiller to produce chilled water as heat sink, room 
temperature in data center is 25.1 °C (it equals to inlet temperature of front rack plate), chiller air comes into 
the IT equipment at 23.7 °C and flows out at 27.1 °C, supply and return temperature of the chilled water is  
15.6 /19.0 °C. Compared with CRAC, inlet temperature of chilled water raised from 7 to 15.6 °C, as a result, a 
large amount of energy for chiller can be saved. In fact, the organization of air stream of CRAC system is not as 
good as separated heat pipe, there are two problems, cold and hot air mixing and local hot spots. Such problems 
can increase the thermal resistance of heat transfer, which leads to larger temperature difference between IT 
equipment and heat sink. For separated heat pipe system, evaporator is located inside the racks, so heat 
generated by IT equipment can be dissipated nearby, thus the problem of local hot spots and air mixing can be 
solved. As a result, heat sink temperature (inlet chilled water) can be raised from 7 °C (CRAC system’s chilled 
water inlet temperature) to 15.6 °C (separated heat pipe system’s chilled water inlet temperature). 
 
CONCLUSION 

a. A test about computer room operating condition was carried out in school of aerospace, Tsinghua 
University, Beijing, China. Different from traditional CRAC cooling system, separated heat pipe system is 
used. This system uses chilled water as heat sink, in winter, the system only uses free ambient cold to produce 
chilled water, while in summer the chiller system is open. 

b. This system has two important advantages. First, it uses free ambient cold air in winter, so the air 
conditioning systemdoesn’t need to operate all over the year. Second, the system can absorb heat nearby and 
avoid hot and cold air mixing which leads to well air stream organization. Besides, problem of hot spots is also 
solved. Heat exchanger is installed inside the racks, once heat is generated from IT equipment, it is soon 
dissipated.  
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c. In winter, room temperature is about 19 °C and in summer, it is about 24 °C, IT equipment working 
condition is at the temperature range of 17–28 °C, The highest temperature is less than 29 °C. Such working 
condition is safe and reliable.  

d. Compared with CRAC system, separated heat pipe system can be more energy conservation. For its 
PUE is 1.2 in winter (considering the date is gathered in March, November, December and January’s PUE can 
be even lower than 1.2), while 1.49 in summer. 
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ABSTRACT  
In this study, a theoretical and experimental investigation is conducted to predict the thermal performance of a 

heat-pipe-embedded printed circuit board (PCB). A commercially available heat pipe is used under various 
experimental orientations. A theoretical study is done using commercial CFD software. Several heat-pipe models have 
been numerically developed for a heat pipe embedded plate. Numerical models are utilized to obtain on optimal 
temperature distribution due to effective heat spreading capabilities. A maximum heat flux of 76 W/cm2 has been 
applied at the evaporator while forced convection liquid cooling is applied at the condenser region. The results have 
been validated by comparing the predictions of the numerical model with available analytical correlations and 
experimental data. Thermal resistances for various cases have been obtained with conventional cooling method for PCB 
prototypes made up of plastic and Aluminum. 

 
KEYWORDS 

Heat pipe; embedded heat pipe; thermal conductivity; spreader; printed circuit board; electronics 
cooling. 

 
 

INTRODUCTION 
The dramatic energy consumption has caused many global problems and energy crisis at different 

place of the world.  Important part of the solution for the energy crisis depends on boosting efficiency. Light 
emitting diodes (LEDs) are an energy efficient lighting technology that is invented in early 1970s at General 
Electric Research Laboratories [1]. Recently and due to many advantages of LEDs, the LEDs have found 
many applications; despite that they suffer from elevated junction temperatures. The elevated junction 
temperature requires thermal management, since high junction temperature leads to lower light extraction 
and shorter lifetimes. Heat pipes are important thermal management technology, which have been used for 
decades in various applications. There are numerous commercially available heat pipes which is an important 
mechanism in electronics cooling. On the other hand, solid state lightings in general and LEDs in particular 
have proven to improve lighting efficiency in a number of lighting applications such as automotive, indoor 
and outdoor. Since output light is only a percentage of the input power to an LED (the rest of power is 
converted to heat), heat generated in a chip is growing abruptly, leading to high junction temperatures on the 
chip and hence, reducing its luminous efficiency as well as its lifetime. To prevent the junction from 
overheating and to raise LED rated power, heat transfer scientists are exploring different techniques to 
reduce the thermal resistance between the junction and the PCB. Heat pipe is potentially useful for avoiding 
the hot spots on the electronic package and the board levels since it decreases spreading resistance 
significantly. Since a heat pipe uses phase change mechanism, it can passively (without any extra power) 
remove high heat loads that make it suitable to be used in high-power lighting applications. 
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Various studies have investigated heat pipes and reported its performance. A sample heat pipe embedded 
research, there is a study which reports a concept as feasible for LEDs of high power. The concept is a heat 
pipe capable of high heat flux which is embedded in a metal core printed circuit board [1]. An experimental 
study about micro heat pipes was performed by Moon, et al. [2]. In this study, micro-heat pipes with polygon 
cross-section were built and tested for operating characteristics as long as heat transfer limits. In the 
experiment, a vacuum chamber was used and the operating temperatures were 60°C to 90°C. According to 
the results, the heat transfer limit of micro-heat pipes with triangular cross section was larger than those with 
rectangular cross section. In a study by Loh, et al. [3], of a comparison between performances of heat pipes 
in different orientations was presented. An experimental setup was prepared and three heat pipe wick 
structures (sintered powder metal, groove and mesh) for various orientations (-90° to +90°) were examined. 
The study analyzed effect of heat source orientation on sintered-powdered-metal heat pipes as well as gravity 
effects on them which were less than mesh or groove wick structures. The reason for this result was capillary 
action in sintered-powder-metal which is the strongest among all. In the investigation, groove-heat pipe was 
performing better than mesh and sintered-powder-metal when in rage of +90° to 0°. It was also shown that 
by increasing tilt angle of the evaporator, from horizontal to the vertical position, the thermal performance of 
all heat pipes decreased. 
Küçük [4] studied an analytical 1-D heat pipe model which was compared with a computer code to analyze 
parameters which effect on heat pipe’s heat transfer capacity. Water, Ammonia and Mercury are investigated 
as working fluids for different operating temperatures. As a conclusion, it was seen that the wire screen 
meshes used as wick structure provides maximum heat transfer capacities for all three heat pipe working 
fluids: water with maximumr capacity in 280 K and 373 K as temperature range. Therefore, water was 
performing better than Ammonia and Mercury for room temperature applications. Heat-pipe-embedded 
plates which are of aluminum silicon carbide were studied by Weyant, et al [5]. They made a comparison 
between three different plates AlSiC, copper and Aluminum thermal conductivity. The study concluded that 
when heat pipes are embedded in AlSiC plates, temperature gradient is reduced by more than 50% in 
comparison to the plate, which gives 492 W/m-K for thermal conductivity. 
In the current study, high power solid state lighting applications are thermally analyzed and discussed when 
heat pipe is embedded in a PCB. Thermal characteristics which include performance change in different 
orientations, effective conductivity and heat pipe’s thermal resistance  when embedded in a PCB were 
investigated both analytically and experimentally. The current study uses commercial heat pipes and 
investigates its performance in dissipating heat under various conditions. Thereafter, the same heat pipe is 
flattened and embedded inside two different PCBs which have different thermal conductivity. Under the 
modified heat pipe, the dissipation performance as well as temperature uniformity is experimentally 
compared with original design before modifications. In each case, a model was developed for the analytical 
problem and a parametric study was performed. To better understand the heat spreading, a heat pipe’s 
performance is analyzed by CFD tool (ANSYS Icepak). To clearly show the advantage of the heat pipe, the 
performance of an equivalent size simple copper rod is modeled and studied to further understand a heat 
pipe’s performance in a prototype system. 
 
NUMERICAL ANALYSIS 
 

According to physical phenomena occurring in a heat-pipe as shown in Figure 1, the heat pipe 
limitations are set as the most important factors affecting heat pipe operations. The heat pipe constrains are 
function of many parameters including heat rate and operating temperature. The maximum capillary 
pumping pressure, as shown in formula 1, must be greater than liquid, vapor, and gravitational pressure 
drops in total [6]. 

 

,maxcap l v normal axialp p p p p                  (1) 
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Fig. 1. Schematic view of a heat pipe [12]. 

 
Vapor pressure drop, vP   and is given by [7]: 
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The maximum heat flow due to boiling limit of a cylindrical heat pipe is given in equation (2)while the heat 
transfer limit based on entrainment limit is given in equation (4), [8]. 
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Rearranging and substıtutıng for  m  and maximum rate of heat transport in the heat pipe, one can obtain [9] 
the following relations: 
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The porosity and the permeability of sintered metal can be calculated using the following equations 
respectively [10]: 
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The effective conductivity of sintered porous wick can be calculated by [11], 
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THERMAL RESISTANCE NETWORK 
 

For a cylindrical heat-pipe with a wick-structure, radial conduction resistance at evaporator and 
condenser are given by [6]: 
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Hence, the overall or total thermal resistance and Total thermal conductivity of heat pipe, can be calculated 
from: 

, , , ,total hp e wi e wi c hp cR R R R R                           (14) 
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Correlation of natural convection from a heated or cooled cylinder that is horizontal with respect to gravity  
includes Rayleigh number and average Nusselt number which are based on the diameter of the cylinder [13]. 
Ra number and average Nu number should be based on the length of the vertical cylinder rather than its 
diameter [14]. The above sets of equations are formulated and solved using Engineering Equation Solver 
(EES). Different parametric studies are conducted and the results of these studies are given in Table (1).  
 
EXPERIMENTAL SYSTEM  

An experimental setup has been developed and manufactured for the current study. The experiment is 
designed to allow the collection of basic parameters to evaluate the heat pipe performance for different 
designs using temperature maps. Heat pipes are tested using the experimental setup illustrated in Figure 2-a.  
A set commercially available heat pipe has been evaluated by heating the evaporator section and cooling the 
condenser section while keeping the distance between the evaporator and the condenser insulated using 
insulation glass. The measurements are recorded using is a data acquisition, attached to seven T-type 
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thermocouples, interpreted by Agilent IO Libraries. T he heat-load is applied by cartridge heaters in the 
experimental setup, which are embedded symmetrically inside a small Aluminum cylinder along with heat 
pipe’s evaporator which is 6 mm in diameter, 150 mm in length and is positioned at center , placed inside an 
insulation cube while interfaces are filled by the thermal grease (RTV gasket). In order to measure the 
temperatures on the heat pipe, small grooves were opened on the surface in which the thermocouples were 
placed and fixed. Soldering was also tested for fixing on the wall but the wall material did not support 
fixation of solder. Placing of the thermocouples are as follows: two (T1–T2) on evaporator wall (with 1 inch 
spacing), two (T3–T4) on adiabatic pipe wall and two (T5–T6) on the condenser wall (also with 1 inch 
spacing); thermocouples T7 and T8 are placed on the insulation surface (to calculate heat loss) and inside the 
water as seen in Figure 2-b. The method used for calculating heat loss is as comes in equation 15. The rate of 
natural-convection heat transfer at uniform temperature of Ts from solid surface to the fluid is given using 
Newton’s law of cooling [13] 

 conv s sQ hA T T 
                                                                 (15a) 

 
Heat transfer in form of radiation from surface of temperature Ts which is surrounded by surfaces at Tsurr is 
given by the radiation formula: 

 4 4
rad s s surrQ A T T 

                                                              (15b) 
 
Total heat transfer rate is the sum of both heat transfer rates, 

 

tot conv radQ Q Q   
                                                                     (15c) 

 
Then, the heat loss is the difference between the electrical power input and the total rate of heat transfer 
 

loss elec totQ Q Q                                                                            (15d) 

 
 

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig. 2. (a) Test setup, (b) Thermocouple placement and the heat pipe test system 
 
 

The condenser is cooled using water inside a small tank. Having reached the steady state, the temperatures of 
the earlier mentioned points on surface of heat-pipe are recorded. The thermocouples are also attached on the 
insulation surface and other related positions by adhesive tapes and silicon, so that heat loss can be 
estimated. Each experiment is repeated three times and average values are reported. 

Wick 
region 

 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

162 
F.S. Khosroshahi et al. 

 

 
 

Fig. 3. Porous diameter measurement using a high-resolution microscopic system 
 
The heat pipe circulates vapor and liquid in a copper/water unit which is the same pipe line. Copper powder 
is the wick-structure in this case for which the porous diameter is measured ds = 64.8024 (µm) under the 
microscope as given in Fig. 3. Experimental results for different loading conditions are shown in Table 1. 
 

Table 1. Analytical and experimental results for heat pipe performance test 

 

  Experimental results Analytical results 
Qın  T P Rtotal Keff T P Rtotal Keff 
[W] [Degree] [C] [Pa] [C/W] [W/(mC] [C] [Pa] [C/W] [W/m.C] 

–90 5.1 1469 2.2 16311 3.6 1100 1.509 23435 
2.4 

90 3 717.3 1.3 27728 2.9 910,9 1.231 28740 
–90 7.1 2737 1.9 18257 5.5 2133 1.509 23441 

3.7 
90 4.6 1329 1.3 28179 4.5 1780 1.23 28748 

–90 9.3 4495 1.7 20422 8.1 4275 1.508 23449 
5.4 

90 6 2257 1.1 31654 6.6 3597 1.23 28756 
–90 11.7 8057 1.6 22134 11.0 8276 1.507 23466 

7.3 
90 7.6 3576 1.0 34074 9.0 7022 1.229 28768 

–90 14 11106 1.5 24010 14.3 12857 1.506 23488 
9.5 

90 8.1 4074 0.9 41498 11.7 11012 1.229 28776 
 

When enough amount of heat is supplied to the evaporator, the heat pipe acts as a super conductive rod. The 
numerical model (Figure 4) simulates the heat pipe system with blocks of the same properties as in 
experimental setup (heater block, heater container block, the rod as a copper cylinder, insulations and water 
tank). Therefore, when simulated in 3D, results are expected to show similarity to those experimental and 
analytical studies. Mesh sensitivity study shows that the results are independent of mesh size for mesh 
greater than 128,000 elements. When heat is applied as input power in the same ambient conditions, the 
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temperature contour shows similar results. In other words, when conductivity of the rod is set to be the same 
as effective conductivity of heat pipe which is calculated in experimental part, temperature difference 
between condenser and evaporator are in the same range. 
 
 

 
 
 
 
 
 

 
 
 

 
 
 
 
 
 
 
 
 
 

Fig. 4. (a) Simulation of a heat pipe equivalent in CFD model (b) IR thermal image 
 

 
HEAT PIPE EMBEDDED INSIDE BOARD 

In the current study, two plates of 200x100x7 (mm) are prepared and the previously tested heat pipes 
are flattened and embedded by gradual pressing inside a groove of the same perimeter as circular-heat-pipe’s 
cross-sectional perimeter. In order to avoid gaps between the groove and heat pipe, a thermal interface 
material is applied prior to embedding at the contact surfaces. Figure 4 shows the embedded boards as well 
as thermal fluids. Heat pipes were embedded inside two plates with different thermal conductivities. 
Aluminum plate with (210 W/m-K) conductivity when heat pipe embedded inside is on the right side of Fig. 
5 and polymer plate (conductivity of 0.25 W/m-K) with embedded heat pipe is on the left. A 17.8 ºC 
temperature span is observed in the Aluminum plate (on the right) in which the heat pipe performance is not 
observed much. But it is observed that in the polymer plate (left) a higher range of temperature exists and the 
heat pipe is obviously playing an important role in heat spread. When a heater is used to give input power in 
the evaporator region, with natural convection cooling the condenser region, infrared camera gives a 
temperature distribution as expected, while the contours are developed using MATLAb software (see Figures 6 
through 8).  

Figure 6 shows the temperature distribution for a heat pipe embedded Teflon plate. It is expected that 
substrate’s thermal conductivity is less than 0.5 W/m-K. Therefore, large distribution is expected without a 
heat pipe. It is found that even for a low heat removal condition a temperature gradient of 8 K is obtained. 

Figure 8 shows the infrared thermal experimental results for the baseline test without a heat-pipe and 
with a heat-pipe for a Teflon substrate. It is shown that heat pipe embedded plate experienced a much lower 
temperature than baseline case. 
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Fig. 5. (a) Embedded heat pipes in a plastic and a metal plate, (b) Temperature distribution 
 
 
 
 
 
 
 
 
 

 
 
 
 

Fig.ure 6. A Temperature gradient of 2 K is obtained even at an un-optimized manufacturing condition in a Teflon plate 
using (a) IR image and (b) contours extracted with MATLab for a similar case 
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Fig. 7. Aluminum based substrate with a single heat pipe at the same heat removal condition (a) IR image and (b) 
Temperature contours extracted with MATLAb . 

 
 

 

 
 

 
Fig. 8. Comparison between a heat pipe embedded in a plate using (a) IR image and (b) a plate with no heat pipe 

 
 
RESULTS AND DISCUSSION 

The temperature difference between condenser and evaporator, the thermal resistance and the effective 
conductivity under different heat load and orientation are plotted in Figures 9, 10 and 11, respectively. 
Results are comparable with what is reported in literature [3] of a 200 mm heat pipe (copper, water), 6 mm in 
diameter as can be seen in Figure (9).  

To show the validity of the experimental test, figure (9) is constructed to compare with published work 
by Loh et al. [3]. The results indicate that our test setup and measuring procedure are predicting similar 
performance as the one published in literature. The increase in temperature difference when heat load 
increases is due the increase in the amount of evaporated fluid which require higher pressure difference to 
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drive the vapor from evaporator to condenser. And since saturation temperature depends on saturation 
pressure, one can predict that the temperature difference will increase as shown in Figure 10.  

Figure 11  shows total thermal resistance’s variation with the orientation of heat-pipe with different 
input-power. The thermal resistance decreases with increasing the angle of orientation, also heat pipe 
resistance decreases with an incraese of input-power, because the relation is inversely propertational between 
them.  

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
Fig.ure 9. Comparison of results with literature [3] 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.ure 10. Variation of the temperature differance wıth different orientation of heat pipe  (a) analytical results (b) 
experimental results at different input power 

 
The deviation between models an experiments means that more details about the heat pipe is needed 

such as, degree of uniformity the wick structure, whether or not there are non-condensable gases inside heat-
pipe since this will reduce performance of the heat-pipe. These are explained in Figures 12 wıth the 
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relationship between the temperature difference and pressure difference for condenser and evaporator regions 
of heat-pipe. 
 
 

 
 

Fig.ure 11. Variation of the total thermal resistance with different orientation of heat pipe  (a) analytical results (b) 
experimental results at different input power 

 
 
 

 
 

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig. 12. Variation of the pressure differenc with the temperature difference  (a) analytical results  (b) experimental 
results at different orientation of heat pipe 

 
 
 
SUMMARY AND CONCLUSIONS 

In this study, an experimental and theoretical investigation of a heat-pipe-embedded printed circuit 
board technology has been achieved for its thermal performance. A commercially available heat pipe first 
considered and followed by a series of testing for different orientations. The experimental setup is built and 
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its results are then validated by analytical and numerical results. Due to effective heat spreading, when heat 
pipe is flattened and embedded inside plates of known conductivities, spreading resistance is significantly 
low so that temperature difference between minimum and maximum points on the surface decreased abruptly 
(when comparing with a non-embedded board). Thermal resistances in each case are compared with 
conventional cooling method for a plain PCB made up of polymer or Aluminum and results showed 
reduction of 50% in the overall resistance. 
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Abstract 

The results of experimental investigations of the film thickness of liquid condensate in the short low-
temperature range heat pipes depending on the heat load on the evaporator are presented. The results obtained using 
the well known method of registration of changes in the electrical capacitance ΔС of the capacitive sensor when  the 
film thickness  of liquid condensate on its surface changing. Due to the very small changes in capacitance of the test 
sensor in film condensation of vapor inside the HP, the determination of the thickness of the formed condensate film  
is carried out by measuring the changes in the frequency of high-frequency measuring generator with the test 
capacitive sensor relative to the capacitive sensor of same design, placed in a similar HP, but filled with non-
condensable dry air. Reference and measuring high-frequency generators are located directly on the flat top caps HP 
and placed in a vortex flow calorimeter with flowing water at constant temperature. 

 
KEYWORDS 

Capacitive sensors, condensation, heat pipe 
 
 

1. INTRODUCTION  
Improvement of the heat-transfer efficiency of short heat pipes (HP) is a complex task, concerning the 

device’s detailed mechanical design and gas dynamics. Flowing vapour, with microdrops of condensate, 
appears as a nonlinear flow, with attendant  internal processes, such as interphasic heat and mass exchange, 
and power dissipation [1]. The increase of the heat transfer coefficient in short linear open HP`s with capillary 
porous insert is achieved using inner vapour channel made as a nozzle, similar to the Laval nozzle. There is an 
availability to use a jet vapour nozzle, similar to the Laval nozzle, surrounded by a capillary-porous insert 
along the full length of the heat pipe, in case if the heat flow is axially directed, which is typical for short HP. 
The shape of this vapour channel made as the nozzle, is defined by the inner capillary porous insert. 

Static regain of supersaturated vapour flow in the condensation region of the heat pipe with turbulator, 
causes strong vorticity production near the condensation surface and reverse vapour flow. Near the 
condensation surface occurs vortex flow of the supersaturated vapour, which determines the intensity of 
condensation process and the thickness of the condensate film inside the short HP. 

The pulsatile flow regime in the vapour channel of short linear HP occurs when the working fluid in the 
evaporator starts to boil. Vapour density and pressure increase and boiling temperature of the working fluid 
goes up until it exceeds average temperature of the evaporator. Upon pressure increase the boiling in the 
evaporator stops (slows), and an overpressure wave spreads in the convergent-divergent vapour channel to the 
condensation zone of the HP, where the vapour becomes supersaturated, and condenses. 

These thermal load-related pressure pulsations impact and deform the vortex ring near the condensation 
surface and modulate film thickness of the condensate of the working fluid located under the vortex. The 
modulation effect of the film thickness of the condensate of working fluid causes a change in the capacitance 
of the capacitive sensor of condensation and allows us to determine the frequency of the pulsations and its 
dependence on the overheating of the evaporator relative to the boiling point of working fluid of short HP`

Furthermore, the use of capacitive sensors of condensation allows to determine the average time film 
thickness of the condensate of the working fluid. The experimental determination of the film thickness of the 

s [2-
3]. 
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condensate of working fluid depending on the overheating of the evaporator is a very important task with the 
applied value engineering and scientific importance. To measure the local thickness of the liquid film of the 
working fluid required capacitive sensor with high sensitivity and broadband, should be completely inserted 
inside the metal case in the field of condensation of low-temperature range HP. 

We applied a standard method of registration of changes in the electrical capacitance of the capacitive 
sensor when changing the film (layer) thickness of the condensate of the working fluid on the measuring 
surface of the sensor electrodes. The use of the capacitive method devoted many studies [4-14], the most 
accurate and reliable results are obtained when the difference of the dielectric permittivity of the liquid and 
vapor (gas) phase five times and more, εl / εvp  ≥ 5. In this case, even at small dimensions of the electrodes of 
the capacitive sensor has sufficient sensitivity at the level of 10-30 pF/m (0.01-0.03 pF/mm), which is usually 
sufficient when we  use the measuring equipment with an accuracy (sensitivity) of the measuring the 
capacitance 10-4 

When a small difference in dielectric permittivity of the liquid and vapor phases ε
pF and better. 

l /εvp 

Reference and measuring high-frequency generators are located directly on the flat top caps HP and 
placed in a vortex flow calorimeter with flowing water at a constant temperature.  

~1, sensitivity 
and broadband measurements using small-sized capacitive sensor increases due to the application of 
differential methods associated with the measurement of the resonance frequency change of the high frequency 
test generator relative to the same reference generator with installed in the resonant circuit capacitance sensor. 
Due to the very small changes in capacitance of the test sensor in the film condensation of vapor inside the HP, 
the determination the thickness of the formed condensate film  is carried out by measuring the changes in the 
frequency of high-frequency measuring generator with the test capacitive sensor relative to the capacitive 
sensor of same design, placed in a similar HP, but filled with non-condensable dry air.  

The most comprehensive today classification of different designs of capacitive sensors used to measure 
the thickness of the layers of working fluids in channels and pipes is given  by Alekseenko et all [14]. Our 
small outdoor capacitive sensor is a further development and improvement of one of the variants of these 
sensors, the design of which received a patent [2]. 

The study of processes of waves formation on the surface of a rotating and pulsating condensate film of 
the working fluid is an important objective of increasing the intensity of the condensation process in short 
HP`

 
s. 

2. MATERIALS AND METHODS 

Intensive development and implementation of low-temperature range short heat pipes (HP) raise 
problems of detailed research of internal flow processes and experimental determination of the thickness of the 
condensate film of working fluid when HP is operating. To solve these problems capacitive sensor with unique 
structure are developed,  which measuring surface is inserted inside and matches with condensing surface of 
short HP [2-3].  We have developed special HP with vapour channel, similar in form to the Laval nozzle. 
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Fig.1. HP diagram: 1 – top cover; 2 – cylinder body of the HP; 3 – cone-shaped turbulator; 4 – 

capillary-porous insert; 5 – bottom cover; 6 – capillary injector channels, 7 – bottom flat 
capillary-porous insert-evaporator. There are capacitive sensor 8 [2], additionally installed inside 

the top cover for thickness of the liquid condensate layer measuring.  
 

Fig.1 shows the HP circuit with flat evaporator, convergent-divergent vapour channel, turbulator and 
capacitive condensation sensors.  
In stainless steel HP`

The diethyl ether C

s with small diameter it is possible to use flat end-plates because of their moderate heat 
resistance and easy fabrication. 

4H10O is selected as the main working fluid, which has the boiling temperature 
under the atmospheric pressure of TB =308.55K  (35.4°C), dielectric constant ε=4.3 (298К), freezing 
temperature TF = 156.95K ( −116.2°C) and critical parameters T C = 466.55K (193.4°C), PC

The capillary-porous evaporator 7 is made of 43 circular layers of thin grid from stainless steel, 
according to GOST 3826-82, each 0.07 mm thick with cell size of 0.04 mm, total thickness 3 mm, all layers 
are welded to the lower flat cover 5 using spot welding. Outer diameters of circular layers reduce in sequence, 
thus side surface of the evaporator assembly forms pointed cone with full apical angle of 41°, which coincides 
with the angle of the converging channel of the capillary-porous insert. 

 =3.61MPa. 
Successful use of diethyl ether as the working fluid for Wilson chambers, on long liquid phase at 413.15K 
(140°C), shows its heat resistance, and allows its use as the HP working fluid. 

Evaporator assembly is additionally provided with injector vapour channels 1 mm in diameter, which 
are arranged with specific angle to longitudinal axis of the HP, and forming vapour flow swirl under low heat 
loads. The capillary-porous insert 4 is formed on specific profiled casing also made of layers of stainless steel 
grid according to GOST 3826-82. Each layer is 0.07 mm thick, with cell size of 0.04 mm, total thickness of 
the insert is 1.5 mm at the edge and и 7.5 mm at the area of critical diameter of the inner nozzle. All layers are 
radially attached and stitched with thin wire 0.05 mm in diameter with stitches of 5-7 mm in length, along the 
generant insert. Eight lines of wire stitches, which bind grid layers radially, are set with 45° angle to each other 
so to form rofid strucrure of capillary-porous insert with the inner vapour channel similar to the Laval nozzle. 
Multilayered evaporator with cone side surface is tightly set in rigid capillary-porous insert and welded with it 
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using spot welding. After the cooling performed at boiling temperature of liquid nitrogen 77.4К (-195.75°С), 
capillary-porous insert assembly together with the evaporator on the lower flat cover 5 is tightly set into 
cylinder course 2 of the HP. Porosity of insert and evaporator is 72%, and together they form united hydraulic 
system providing supply of the working fluid in the evaporator when the HP is operating. The HP is 100 mm 
in length, 20 mm in diameter, maximum diameter of the vapour nozzle is 16 mm, critical diameter of the 
nozzle is 4 mm, the converging section of the nozzle is 13 mm long, full angle of the converging section is 41°, 
diffusion section of the nozzle is 81 mm, full angle of the diffusion section is 8.5°, cylindrical section in the 
nozzle throat is 1 mm long [3]. 

The use of capacitive method for measuring the thickness of the film of liquid in the pipes is well-
known and used for a many years [4-14], the most detailed classification for capacitive sensors is given in 
[14]. Our capacitive sensor is a further development and improvement of one embodiment of the sensors [14], 
the design of which received a patent [2]. 

The sensor housing is made in the form of a circular flat flange with a diameter of 5 mm and a 
thickness of 1 mm, with two through cylindrical holes with a diameter of 1 mm each, spaced 2 mm from each 
other symmetrically relative to the longitudinal axis of the flange. 

The appearance of an open capacitive sensor is shown in Fig.2. 
Flange, measuring and ground electrodes of the capacitance sensor are made from kovar 29 NK with thermal 
coefficient of linear expansion of ~ 5·10-6 К-1 according to GOST 10994-74 , density of 8350 kg/m3,  thermal 
conductivity of 19 W/m·K. Sensor diameter is 5.5 mm, thickness is 1 mm.   Leak-tight glass-to-metal 
junctions are made from glass C48-2 with thermal coefficient of linear expansion of ~ 4.9·10-6 К-1, density of 
2550 kg/m3, thermal conductivity of 8.5 W/ m·K and  softening temperature of ~ 843 K (570°С). The 
dielectric permittivity of glass C48-2 is εgl = 5.2, the tangent of dielectric loss with frequency of 
electromagnetic oscillations 106Hz not exceed 28•10-4, electrical resistivity of glass is not less than1014

 

 
Ohm•m. 

 
Fig. 2. Miniature capacitance sensor diagram: 1- kovar flange; 2- glass 

isolators; 3- measuring electrodes; 4- ground electrode. 
 
Flat measuring surface of the sensor polished with a roughness of not more than 0.63 μm, including the 

surface of the measuring electrodes and glass-to-metal junctions. 
The resistance of the electrical insulation of the measuring electrodes is more than 2•1011

Vacuum-tight glass-to-metal junctions in the small-sized capacitive sensors of condensation characterized 
by high mechanical strength, to withstand the excess pressure up to 30 bar, and high tightness or a low value 

 Ohm, electrical 
resistance of the electrodes is not more than 0.7 Ohm, operating voltage is up to 500 V, the breakdown voltage 
of the sensor is about ~ 1500 V, application temperature of the sensor is in the range 77K÷473K ( -196°C ÷ 
+200°C). 
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of gas permeability (gas leak), not exceeding 10-9  mbar•l•s-1 (10-5Pa•m3•s-1

The result of absence in the construction of open compact capacitive sensors aging materials (plastics, 
adhesives, organic materials, etc.) is the high stability of its characteristics, as evidenced by the constancy of 
the values of insulation resistance and self-capacitance of the first instances of sensors manufactured since 
1990. 

). The value of tightness of the 
glass-to-metal junctions of the compact capacitive sensor was determined by a standard method for measuring 
the leakage rate of helium gas through exemplary vacuum chamber and the leak detector GTI-6. 

Capacitance sensors was calibrated using special experimental test installation, as a calibration fluid was 
used additionally clarified distilled water with high value of dielectric constant ε = 81 at 293К. Calibration 
results are provided in Fig. 3.  1- "Drowned" capacitance sensor, when fluid layer lies directly over the 
measuring surface of the sensor. 2 - "Dry" capacitance sensor in inverted position over the surface of the fluid 
layer, which is approaching to the measuring surface of the sensor.   The maximum sensitivity of sensor is 
over 0.125 pF/mm, and with an absolute accuracy of measurement of capacity 10-4 pF allows us to define the 
thickness of condensate film of the working fluid with error less then 10-3

Two identical HP with similar capacitive sensors were used, thereof the main pipe was filled with diethyl 
ether and additional one was filled with dehumidified air with dew point temperature lower than 233.15К (-
40°С). 

 mm. 

Evaporator's temperature is stabilized, and overheat value of the HP evaporator is set in the range of δТ = 
Т-ТB

 

 = 0÷20К. Upper parts of both HP were placed in the vortical continuous-flow calorimeter with stabilized 
water flow, in which the temperature and water flow rate at the input were stabilized with the adjustment 
thermostat.  For more accurate measurements, the water flow is swirled, the vortex value being fixed. The 
HP’s evaporator is heated using a resistance heater, and the temperature is maintained at δТ, K higher than the 
diethyl ether boiling temperature of 308.55K ( 35.4°C). However, the heating power of the heat pipe does not 
exceed 150 W.  

 
 

Fig. 3. Calibration results for miniature capacitance sensor. Direct scale from 0 to 8 mm is used for the 
“drowned“ (“flooded“)

 
 sensor, curve 1;  Reverse scale from 8 mm to 0 is used for the “dry“ sensor, curve 2. 
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Fig. 4. 1 - vortical flow calorimeter;  2 - mounting flange of heat pipes; 3 - glass cover; 4 - cover 

fixture; 5 - heat pipes; 6 - resistive heater; 7 - output water connection; 8 - input water connection 
with jet swirling thread; 9 - seal of sensing wires; 10 - capacitance sensors for  thickness measuring of 

condensate layer; 11 - measuring and reference generators; 12 - external generator; 13 - frequency 
detector; 14 - low-frequency filter; 15 - computer; 16 - commutator; 17 - voltmeter B7-34A; 18 - 

constant head of water vessel; 19 - air bubbles generator; 20 - water flowmeter; 21 - Dewar vessel. 
 

3. MEASUREMENT OF THE FILM THICKNESS OF LIQUID CONDENSATE 
To perform measurements of the thickness of the liquid condensate layer inside of the HP we used the 

method of detection of electrical capacity ΔС changes of capacitive sensor as the thickness of the liquid 
condensate on its surface changes. Due to small values of capacity changes of the sensor in case of film 
condensation of the vapour inside of the HP, the thickness of the appeared condensate was defined by 
measuring changes of the generator's frequency with the tested vessel with reference to the capacitive sensor of 
the same structure, placed in the similar HP, which was filled with dehumidified air. 

Changing sensor capacity of the main HP, filled with diethyl ether, is included in the oscillating counter 
of the measuring generator ~33 МHz, and changes its frequency. Identical capacitive sensor of the additional 
HP, filled with dehumidified air, is included in the oscillating counter of the reference generator.  

Measuring circuits of both generators are arranged on small printed-circuit boards   
directly on the external surface of upper covers of the main and additional HP at stabilized temperature in the 
continuous-flow calorimeter.  

At the present time the invention patent on electric circuit for measuring frequency difference, is being 
processed, therefore the detailed description will be provided later. 

Difference frequency (Δf ~100kHz) of reference and measuring generators was defined using phase 
detector and low-frequency filter, and was record using module, vibration frequency meter, with accuracy 
better than 0.35 kHz: 

         (1) 

 
А and RC

 
 - constants of measuring electrical circuit, which values are defined by means of a calibration. 
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Fig.5. The calibration curves of the frequency difference of measuring and reference generators 

depending on the thickness of the layer of working fluids: 1 – water H2O; 2- ethyl alcohol C2H5OH; 3- 
diethyl ether C4H10

 

O. The inaccuracy in the measuring the frequency difference does not exceed 0.35 
kHz. It is clearly seen that the sensitivity of the measuring circuit depends on the dielectric constant of 
the working fluids, and is maximum in the case of water, (dΔf/dh) ~ 160 kHz/mm, in the case of ethyl 

alcohol, (dΔf/dh) ~ 110 kHz/mm, in the case of diethyl ether, (dΔf/dh) ~90 kHz/mm. 

Dependence of the calibration curves of the frequency difference of the measuring and reference 
generators overlook the saturation, in the case of water it is ~248 kHz, ethyl alcohol ~157 kHz, diethyl ether 
~130 kHz.  The transition to the mode of the saturation in measurements is related to the fact that the 
thickness of the calibration fluid is exceeds the depth of penetration (depth of diffusion) of the electric field of 
the capacitive sensor, which is an important constructive parameter of the open-range capacitive sensor. The 
magnitude of these frequencies of saturation by using different working fluids are determined on the dielectric 
permittivity`s of these fluids, εH2O = 81; εС2H5OH = 26.8; εС4H10O

Using calibration curve of the capacitive sensor, Fig.3 and obtained functional dependence of the 
difference frequency Δf of reference and measuring generators - liquid layer thickness, Fig.5, measurements of 
time averaged thickness values of diethyl ether film on the condensing surface inside the HP depending on the 
heat load on the evaporator were performed.  

 = 4.3, T=293K. 

When carrying out the measurement of the frequency difference the measuring and the reference 
generators with an accuracy of 0.3 kHz , the measurement inaccuracy of the thickness of the layer of working 
fluid does not exceed 3.5·10-3

In Fig. 6 are shown the obtained results of measuring of film thickness of the working fluid  in a low 
temperature HP, depending on the overheat value of the evaporator δT=T

 mm. 

ev – TB

It is clearly seen, that starting from overheat δT ~ 11K, scatter on the curve of Fig.6 increases, what can 
be explained by the beginning of boiling in the capillary-porous evaporator and occurrence of two-phase 
vapour- microdrops flow. When microdrops of two-phase vapour condensate on the surface of the capacitance 
sensor, additional errors occurs while measuring the condensate layer thickness of the working fluid. 

 in reference to the boiling 
temperature of the working fluid. 
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Fig.6. Nonlinear decreasing dependence of the liquid condensate film thickness from HP evaporator 

overheating δT=Tev – TB. The liquid film thickness is presented in logarithmic scale. Absolute 
measurement error of the film thickness is better than  3.5·10-3

 

 mm. The decrease of the film thickness of 
the condensate of the working fluid at the condensing surface by increasing the heat load on the evaporator 

of HP correlates with the results of a study of the magnitude of the thermal resistance of operating HP. 

CONCLUSIONS 
Method of detection of electrical capacity ΔС changes of capacitive sensor as the thickness of the working 

fluid condensate on the condensation surface of  HP changes can be applied to measure the thickness of the 
film condensate of the working fluid. 

The film thickness of the working fluid condensate on the measuring surface of the capacitive sensor and 
condensation surface of short HP is reduced by increasing the overheat of the HP evaporator in relation to the 
boiling point of working fluid. 

 
Nomenclature 

 
ΔС- changes of capacitive sensor as the thickness of the liquid on its surface changes, pF; 
Cliq 

C
- capacitive sensor with a liquid film condensate on its surface, pF; 

vp

f - frequency of the output signal of the measuring generator with a fluid film, kHz; 
 - capacitive sensor as the thickness of the liquid condensate on its surface changes 

f0 

 
represents frequency of the output signal of the reference generator with 
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Abstract  
The results of the numerical simulation of pulsations in the vapour channel,  close to Laval nozzle, of short 

low-temperature range heat pipes (HP) are presented. The numerical results confirmed the experimentally obtained 
increase of the frequency of pulsations in the vapour channel of short HP with increasing overheat of the porous 
evaporator relative to the boiling point of the working fluid. Experimental determination of pulsation frequencies was 
carried out with the help of the installed in the cooled top covers of the heat pipes capacitive sensors, which were 
served electromagnetic pulses from an external generator. When heated the heat pipes evaporator, starting from a 
certain boundary value of the thermal power electromagnetic pulses became modulated. It is connected with the 
beginning of boiling in the evaporator, and the formation of a large amount of vapour that leads to a rapid increase in 
pressure and termination boiling in the evaporator, and the occurrence of the pulsations in the vapour channel.  

 
KEYWORDS 

Numerical simulation, Laval nozzle, pulsations in the vapour channel of heat pipes 
 
 
INTRODUCTION  

Intensive development and implementation of short low-temperature range HP with increased heat 
transfer characteristics raise problems of detailed research of internal flow processes and condensation in 
vapour channels. In the case when the vapour channel is made in the form of the nozzle, similar to the Laval 
nozzle, and surrounded by the capillary-porous insert along the full length of the short HP, leads to increase 
the velocity and frequency of pulsations of moist vapor flow [1–3], and heat transfer coefficient in compared 
with the HP with standard cylindrical vapour channel and equal overall dimensions.  

Occurrence of pulsations of the moist vapour flows inside the vapour channel made in the form of the 
nozzle, similar to the Laval nozzle, in short HP is a complex phenomenon, connected with the beginning of the 
boiling process in the capillary-porous evaporator and excess of vapour over it. Pulsation research is discussed 
in details in [4]. The present paper comprises the results of numerical simulation of the moist vapour flow in 
the vapour channel, similar to the Laval nozzle, with the experimental results of measuring the frequency of 
the pulsations, which were obtained in the following way.  

 
1. MATERIALS AND METHODS  

 
Specially designed HP`s for measuring the frequency of the pulsations is shown in Fig. 1.  
The HP is 100 mm in length, 20 mm in diameter, maximum diameter of the vapour nozzle is 16 mm, 

critical diameter of the nozzle is 4 mm, the converging section of the nozzle is 13 mm long, full angle of the 
converging section is 41°, diffusion section of the nozzle is 81 mm, full angle of the diffusion section is 8.5°, 
cylindrical section in the nozzle throat is 1 mm long [1–3]. The capillary-porous evaporator and insert 
assembly is made of thin grid from stainless steel 0.07 mm thick with cell size of 0.04 mm. Porosity of insert 
and evaporator is 72 %, and together they form united hydraulic system providing supply of the working fluid 
in the evaporator when the HP is operating. Along with complex HP with vapour channel in the form of the 
nozzle, HP with capillary porous inserts and standard cylindrical vapour channels were fabricated, and the 

mailto:seryakovav@yandex.ru�


IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

178 
A.V. Seryakov et al. 

capacitive sensor is also mounted in the top cover. The outer diameter of the HP is 20 mm, thickness of the 
capillary-porous evaporator is 3 mm, and thickness of the capillary-porous insert is 3 mm. 

Diethyl ether C4H10O is used as a working fluid, which has boiling temperature under atmospheric 
pressure of TB

 
 = 308.55 K (35.4 °C), and dielectric constant ε = 4.3 (298 К).  

 
Fig. 1 Heat pipe diagram: 1 – top cover; 2 – cylinder body of the HP; 3 – cone-shaped turbulator; 4 – 
capillary-porous insert; 5 – bottom cover; 6 – capillary injector channels, 7 – bottom flat capillary-
porous insert-evaporator. There are capacitive sensors 8, additionally installed inside the top cove. 

 
Condensation zones of the HP`

 

s with insulated thermocouples are set into the vortex continuous-flow 
calorimeter, shown in Fig. 2, with stabilized water flow. The HP’s evaporator, also equipped with 
thermocouples, is heated using a resistance heater, and the temperature is maintained at δТ °C higher than the 
diethyl ether boiling temperature of 308.55 K (35.4 °C) under atmospheric pressure. The heater temperature is 
stabilized and HP evaporator overheat value is set in the range of δТ = 0÷20 К.  



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

179 
A.V. Seryakov et al. 

 
 

Fig. 2. Condensation zone: 1 – vortical continuous-flow calorimeter; 2 – heat pipes bolting flange; 3 – 
glass cover; 4 – cover fastening; 5 – heat pipes; 6 – resistance heater; 7 – outlet stub tube for water flow; 

8 – inlet stub tube for water flow; 9 – silicone sealant of the sensing wire; 10 – capacitive sensors for 
measuring the thickness of the condensed layer of the working fluid; 11 – small printed circuit board 
with the measuring (first HP) and reference (second additional HP) generators; 12 – external digital 

generator; 13 – phase detector; 14 – low-frequency filter; 15 – computer; 16 – commutation switch; 17 – 
digital voltmeter; 18 – container for constant water head; 19 – source of air bubble; 20 – water flow 

meter; 21 – vacuum-jacketed container 
 

for zero point temperature 273.15 K (0 °C) 

2. EXPERIMENTAL RESULTS 
Pulsation characteristics of HP measured in the following way. Overheating of the evaporator δΤ 

relatively of the boiling point of diethyl ether at atmospheric pressure δΤ = Т – ТB

Electrical pulses of 10–100 kHz and amplitude 5 V are applied to the electrodes of the capacitive sensor 
10 (Fig. 2). The modulation rate is measured via a gain and filtering circuit 13, whereupon the signal goes to 
measuring input of digital oscilloscope 14. The oscilloscope is connected to the computer 15 via USB-
interface. Started from specific overheating δT

 with the aid of resistive 
heater 6 and high-precision temperature controller increased in discrete steps on size of 1 K. 

S = (Т – ТB

 

) of HP evaporator, electrical pulses become 
modulated. The modulation rate is measured using gain and filtering circuit 13, digital oscilloscope 14 and 
computer 15. Measuring inaccuracy of modulation rate does not exceed 3–5 Hz.  
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Fig. 3. Oscillograms of increase of modulation frequency depending on thermal load on heat pipe. Initial 
pulsed flows occur in HP with the nozzle, similar to the Laval nozzle, in event of overheating of the 
evaporator δT ~ 9 К, frequency (modulation frequency of electromagnetic pulsation) is f1 ~ 386 Hz, 

lower oscillogram; δT ~ 20 К, f1

 

 ~ 502 Hz, upper oscillogram The oscillograms without pulsations in 
the vapour channel of HP does not have a low-frequency (400–500 Hz) modulating features. 

 
Fig. 4. Test values of modulation frequency depending on overheating δТ = Т – ТB

 

  of HP’s evaporator, with 
reference to boiling temperature of diethyl ether 308.55 K (35.4 °С): 1 – a heat pipe with the vapour channel 

close to the Laval nozzle, 2 – a heat pipe with a standard cylindrical vapour channel 

Pulsation rate values (modulation rate), obtained in the HP with the vapour channel in the form close to 
the Laval nozzle, f1 and in the HP with standard cylindrical vapor channel, f2

 

, depending on overheating δT of 
evaporators are shown in Table 1.  
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Table 1 
Pulsation rate values (modulation rate)  

 
Overheating  

of the evaporator,  
δT, K 

Pulsation 
frequency  

f1

Pulsation 
frequency  

f, Hz 2, Hz 
9.05 386±5 – 
10.1 396±5 – 
11.03 426±5 406±5 
12.15 450±5 420±5 
13.0 456±5 437±5 
14.07 474±5 440±5 
15.03 474±5 454±5 
16.0 478±5 453±5 
17.1 490±5 460±5 
18.06 491±5 472±5 
19.02 495±5 473±5 
20.12 502±5 474±5 

 
Both HPs have equal outer diameters 20 mm and equal sectional areas of capillary-porous inserts near 

the condensation region.  
As the overheating of the evaporator increases, δT~ 20К, pulsation frequency in the nozzle goes up to ~ 

502 Hz, the derivative of changes of the pulsation frequency with temperature is approximately 10.5 Hz/K.  
While investigating HPs with standard cylindrical vapour channel and equal outer diameter 20 mm, 

length 100 mm and thickness of the evaporator and capillary-porous insert 3 mm, initial pulsed flows occur in 
event of overheating of the evaporator δT 0 ~11 К, frequency (modulation frequency of electromagnetic 
pulsation) f ~ 406 Hz.  

As the overheating of the evaporator increases δT ~ 20 К, pulsation frequency in the cylindrical vapour 
channel goes up to 474 Hz, derivative of changes of the pulsation frequency with temperature is approximately 
7.5 Hz/K.  

The insensitivity zone of the capacity sensors in the cylindrical channel, defined by the initial convective 
nature of the vapour flow, is greater than in the vapour channel, similar to the Laval nozzle. Dynamic range of 
pulsations in the HP’s vapour channel, similar to the Laval nozzle, is a little greater in frequency, in 
comparison to dynamic range of pulsations 406 Hz – 474 Hz in cylindrical vapour channel, and equals to 386 
Hz – 502 Hz.  

When the rate of heat supply into the thin evaporator is high, its average  temperature is greater than the 
boiling temperature of the working fluid during bubble boiling or vapourization. The hydrodynamic vapour 
flow at the converging region of the nozzle has no time to carry out heating capacity generated through boiling 
in the evaporator.  

Vapour density and pressure increase and boiling temperature of the working fluid goes up until it 
exceeds average temperature of the evaporator. Upon pressure increase the boiling in the evaporator stops 
(slows), and an overpressure wave spreads in the vapour channel to the condensation region of the HP, where 
the vapour becomes supersaturated, and condenses. The condensation process is not instant, and when the 
evaporator’s activity is slowed (stopped), condensation lasts until the pressure decreases to the vapour 
saturation pressure at the condensation temperature, thereafter the condensation process stops.  

The slow process of saturated vapour pressure decrease due to condensation feeds back through the 
vapour channel of the HP back to the evaporator, and the boiling process there is resumed. Pressure pulsations 
in the vapour channel of the HP result from boiling and intensive vapour generation in the evaporator, non-
instantaneous mass-transfer through the vapour channel to the condensation region of the HP, and the slow 
condensation process, which provides pressure decrease in the condensation region at first and then in the 
evaporator of the HP.  
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The analysis of the obtained measured data of heat transfer over the evaporator shows that the designed 
heat pipes work in the boiling mode. This fact is confirmed by influences of operating parameters of the 
vapourisation process (heat flow density q and pressure P(Tev

 

) on the heat transfer coefficient α. The influence 
of these parameters is related to the similar influence of heat flow density and pressure over the bubble boiling 
in the substantial volume.  

3. NUMERICAL RESULTS  
The vapour flow velocity calculation was carried out using finite element modeling in CFD Design 10.0. 

Navier-Stokes and heat-transfer equations with measured boundary conditions were solved, i.e. using fixed 
temperature values of heat source and heat outlet. The model was studied as a longitudinal section along the 
axes of the two injector channels, which helps to preserve all the specific features of whirling instability under 
the conditions of continuous circulation motion of the working fluid during liquid and vapor phases

In the construction of the design model about 502301 finite elements were used, with increased meshing 
at injection capillary channels sections, nozzle throat section and turbulence element. The model size is a 
compromise between available computer resources and computational investigation error. Is clearly visible 
transition from stationary convective flow regime in the vapour channel to pulsatile flow regime. Evaporation 
cycle in HPs exist at low heat load of the evaporator, up to 5–7 W/cm

.  

2, 

 

and is characterized by convective 
flow in the vapour channel.  

 
 

Fig.5. The results of flow simulation of compressible supersaturated vapour environment inside a vapour 
channel. The figure presents test values of the vapour flow pulsation in the vapour channel in the form 
of a nozzle close to the Laval nozzle,   as overheating of HP’s evaporator is increased in reference to 

boiling temperature of diethyl ether 308.55 K (35.4 °С) by 3; 5; 10 and 13 K. 
 

The results of the numerical calculations of the velocity of moist vapour inside the vapour channel is 
shown in Figs. 6 and 7. In a critical section of the nozzle the axial component of velocity reaches 85 m/s, and 
near the surface condensation of counter-flow reaches the velocity of 33 m/s.  
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Fig. 6. The distribution of the axial component of velocity of the moist vapour shows the presence of a counter 
current due to the formation of a ring vortex within the vapour channel near the surface of the condensation of 
the HP. It is clear seen the negative value of the velocity in the vortex near the condensation surface in the HP.  

 

 
Fig.7 . Jet stream of the flow of the moist vapour in the vapour channel and the formation 

of stable vortex flow near the surface of the condensation of HP 
 

Vortex flow near the condensation surface of the HP is a very complex three-dimensional flow, in the 
central part of which there is a large positive dynamic pressure and low static pressure, and at the peripheral 
portion of the vortex formation occurs the negative dynamic pressure and high static pressure.  

The numerical analysis of flow in the heat pipe condensation zone shows that the vortex structure has a 
spatial nature, at the same time the flow asymmetry becomes apparent being determined by non-linear friction 
against the underlying surface and turbulator and the two-dimensional vortex compressibility as well. Near the 
underlying surface of the HP condensation zone at the low Reynolds numbers a strongly pronounced boundary 
layer appears, in which a potential flow component is generated resulting in the circulation in the axial and 
radial directions. The boundary layer is found as instable. We can say that the evaporator of short HP with a 
vapour channel, made in the form of a nozzle works at low static backpressure, and near the surface of 
condensation occurs negative dynamic pressure or increased static pressure. The increased static pressure 
leads to intensification of condensation of moist vapour and as a consequence to a higher value of heat transfer 
coefficient. 

In addition to the previous calculations were carried out another one numerical simulations of the vortex 
flows inside a vapour channel similar to the Laval nozzle using the program ANSYS Multiphisics 14.5 
software package, under 3D formulation and double precision axi-symmetric conditions.  
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Fig. 8 shows the results of calculation of module of the axial flow velocity in successive steps through time. 
When boiling in the capillary-porous insert and the initial velocity of the flow of the two-phase vapour directly 
over the surface of the evaporator 0.5–1 m/s in the throat section of the nozzle the axial flow velocity reaches 

5 m/s and more.  Five steps of calculation of the moist vapour flow velocity, from up to down. Obvious 
occurrence of pulsations, pulsation frequency rises, what consistent with the experimental results [4]. 

 
4. VALIDATION OF NUMERICAL MODEL  

Evident conversion from convection mode to convection-vortex mode and then to pulsation mode of the 
vapour flow inside of the HP, is recorded at evaporator overheating value δT ~ 13 К. 

Maximum value of velocity of diethyl ether moist vapour flow, obtained using calculation method in the 
throat section of the vapour channel using by the colour indication of the software CFD Design 10.0, reaches 
100–110 m/s when pulsation occurs. This fact gives the opportunity to evaluate the Reynolds number of the 
vapour channel during pulsation, which is defined by the formula  
 

           (1) 

We substitute moist vapour density (vapour and drops) [5, 6] max
vpρ  ~ 10–2 kg/m3

maxη

, dynamic coefficient of 

viscosity of the moist vapour  ~ 8·10–6

vpu

 Pa⋅s; maximum value of the vapour flow velocity (colour 
indication) near the throat section of the vapor channel ~ (100–110) m/s; critical diameter of the vapour 

channel DC ~ 4⋅10–3

Duration of the pulsation period inside the divergent part of the HP vapour channel can be estimated 
using the formula  

 m, and obtain the value Re ~ 500–550, the Prandtl number Pr = 0.77.  

 
             (2) 

Then substitute values of distance between pulsation crests (maximums) obtained in Fig. 7  
Δl ~ (2–3)·10–2 m, moist vapour flow velocity in divergent part of the vapour channel obtained using colour 
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indication by the software CFD Design uvp ~ (20–30) m/s, and you will obtain numerical value of duration of 
the pulsation Δτ0num ~ (0.75–1.5)·10–3

Comparison of experimental measured results of pulsation period duration in the convergent-divergent 
vapour channel of short low temperature HPs  Δτ

 s.  

0 =  (2÷2.5)·10–3 s with the valued Δτ0 ~ (0.75–1.5)⋅10–3

The next step will be a detailed comparison of the pressure distribution in relative units along the 
vapour channel in the form of a nozzle and in the standard cylindrical form of the working HP

 s 
obtained using numerical method and the software CFD Design 10.0, shows that they have good fit values. 

`

 
s.  

5. CONCLUSIONS  
The pulsatile flow regime in the vapour channel of short linear HP occurs when the working fluid in the 

evaporator starts to boil. Vapour density and pressure increase and boiling temperature of the working fluid 
goes up until it exceeds average temperature of the evaporator. Upon pressure increase the boiling in the 
evaporator stops (slows), and an overpressure wave spreads in the convergent-divergent vapour channel to the 
condensation region of the HP, where the vapour becomes supersaturated, and condenses. 

Condensation of moist vapour results in pressure decrease in condensation region, and after arrival of 
the expansion wave at the HP evaporator, pressure over the evaporator also decreases, the boiling process in 
the evaporator proceeds and the pulsation cycle in the vapour channel is repeated. 

The frequency of pulsations in the vapour channel increases with increasing heat load on the evaporator. 
With all the operating parameters of heat pipes, two effects were observed: pulsating flow regime of two-phase 
vapour flow and film-type condensation. 
 

Nomenclature  
DC – critical diameter of the vapour channel of HP, m; Δl – distance between pulsation crests 

(maximums) obtained in Fig. 7, m; Pr – Prandtl number; Re – Reynolds number; uvp – average velocity of the 
vapour phase, m/s; ηmix – coefficient of dynamic viscosity of the moist vapour with microdrops, Pa·s; Δτ0

 

 – 
cycle pulse duration, s.  
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ABSTRACT 
The aim of this paper is to work a model for super atomization of hot water mini jet effect had been found 

experimentally in Joint Institute for High Temperatures of the Russian Academy of Sciences. The 0.3 mm water jet at 
240 °

 

C in atmosphere undergoes atomization to drops with the first peak above, the second below 1 µm spectra. This 
size is extremely small been compared with the main database, and so may be called super atomization. There is of 
interest what process causes the effect if not a mistake in experiment. We suppose atomization process enhanced by 
heat gives above micron peak and condensation after evaporation gives below micron peak. Quantitative model is 
developed. Classical nucleation theory both with intense evaporation approach are applied for condensation presenting. 
Atomization as jet instability result theory is used for liquid atomization description. Instability growth speed is 
summarized with bubble surface speed in superheated liquid to account for heat effect. Formulae are suggested for the 
drop size. Reasonable agreement between model and experimental data is observed. So the suppose gives a probable 
model of the effect. 

KEYWORDS 
Jet atomization, hot water, mini jet, drop spectra, micron size drops, condensation, modeling 

 
 
INTRODUCTION 

A high speed jet of liquid in a room breaks into drops. The correlation between the jet and the 
mean drop parameters is stable enough and is presented by plenty of handbook formulae. The liquid 
temperature factor contributes a lot for a drop size diminishing. This effect is observed for liquid 
temperature starting some tens degrees above saturation temperature at room pressure. There are the 
formulae for this case too. Electing the one to use, it is well to understand a mode of flow in the jet 
before. Various derivations from phase equilibrium level and phases distribution are probable and 
that influence dramatically on jet shape and droplet size. 

Unexpectedly fine drops were found in the recent experiment been carried in Joint Institute 
for High Temperatures of the Russian Academy of Sciences [1, 2]. The hot water jet (temperatures 
up to 140 oC over the saturation) was formed by the mini tube (0.3 mm diameter, 0.5 mm length). 
Mini tube was open to atmosphere in infinite room. The up flow history was a wide tube that came 
to the mini by the proper streamlined and smooth fitting. Atmosphere pressure was  0.1 MPa and    
8 MPa in the receiver. The saturation pressure that corresponds to 240 o

 

C temperature is 3.3 MPa. 
Drops spectra appears having two peaks: micron and submicron, of comparable power. What 
surprises are too fine drops size and two peaks spectra shape. This size is extremely small been 
compared with the main database, and so may be called super atomization. There is of interest what 
process causes the effect if not a mistake in experiment. 

1 STATE OF THE ART 
The saturation pressure corresponding to superheated water temperature is higher the outer 

space one wherein the jet penetrates. The pressure difference transforms to mechanical energy and 
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is spent to change jet shape, reaction force, drops and aerosol spectra. Process of superheat internal 
energy release is similar to chemical energy disengaging of explosives, so the first is called 
sometimes flashing or explosive expansion. Presented further are experimental observations and 
theoretical considerations over the water flow from receiver to an infinite room through the orifice 
or nozzle. The flow takes the jet form down the nozzle. The jet breaks down to ligaments and drops 
in the room.  

To some level of superheat there is no difference between superheated and cold liquid jet 
flows appearance. Than a few degrees step up the level gives the well visible changes [3], so a 
threshold effect exists. A lot of bubbles are born. The mean drop size decreases linearly with 
superheat increase. Several modes of jet breaking are observed. Process is found to depend on 
orifice shape. Drop characteristics are similar to those, obtained by other technologies, but 
superheat atomization requires no high operation pressures or flow velocities [3]. Surface boiling is 
though to assist jet disintegration too.  

Jet undergoes evolution to droplets due to various instabilities [4]. Length of instability 
structure and droplet size is well correlated. The main instabilities are capillary, dynamical, 
barocapillary and boiling. Superheated jet destruction is caused both by surface instability and 
volume boiling [5]. The last one starts for the temperatures when boiling seeds or nucleation centers 
concentration is more than one per jet diameter length unit. Said concentration depends on 
experimental condition, flow fluctuations and liquid purification. For 50–70 K superheats surface 
instability mode is predominant. The wave number of instability grows six times for 100 K 
superheat because of barocapillary effect. The author excludes the possibility of barocapillary 
instability for water in [6]. 

The source [7] introduces a way of decomposition of a jet due to vapor bubbles growth in the 
liquid volume. Three serial steps on this way are nucleation, bubble growth, atomizing to drops. 
The two-phase flow structure is considered to affect nozzle and jet flows. 

Superheated jet expansion starts at the nozzle outlet [8]. Drops are stripped out from the jet 
surface, jet’s core stays intact. Increased superheat level results in jet expansion enhance and the 
core length shortened. The core decomposition is followed by relatively big ligaments formation. 
Special visualization with back light and short exposure was used, the ordinary photography mask 
the core behind the smaller drops cloud.  Inner and outer boiling modes were proposed to exist. 
Outer boiling starts downward the nozzle, inner one runs inside it. Volume boiling is though 
doubtful, since said process shall corrupt the jet core. Experiments show the core still exists in        
1 mm water jet for operation pressure 100 MPa even [9]. 

Superheated liquid jets coming to atmosphere through variously shaped nozzles were studied 
in [10].  Superheat up to 30 ºC shows no effect. At 50–90 ºC superheats it plays a role, expansion 
angle increases, big vapor babbles collapse produces a new drop fraction. Barocapillarity is though 
significant. Expansion angle keeps increasing up to 110 ºC superheats. At 120–200 ºC the angle is 
near or equals 180º. Jet back force appears low or zero. If superheating is more than 210 ºC, jet 
shape becomes parabolic. Boiling regime is considered homogenous.  

Satisfactory results of numerical modeling of superheated jets may be obtained on the base of 
cold jet models modified according to the superheated jets experimental data [11]. 

Paper [2] reports significant drop size diminishing with superheating above 40 ºC. The drop 
spectra become bimodal. The process is supposed to combine flash boiling and dynamical 
decomposition at the nozzle outlet [12]. Turbulence and drops interaction are significant too [13].  

  Bubbles appear inside a jet and do it thicker, squared outward velocity is proportional to 
pressure related to liquid density [14] (pressure and temperature fit the saturation line). Critical 
superheat can be evaluated by Weber number.  
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For shot nozzles l/dN

Water flow trough 0.1 mm orifice with the shape edge made in the 0.5 mm plate was studied  
in [16].  Pressures were 10–15 MPa, temperatures were 310–335 ºС. Slight temperature increase 
was followed by jet shape change from a wide paraboloid to a short cone with initial intact part 
(pressure still constant). The same was for slight pressure decrease (temperature still constant).  
Explanation was that heterogenous nucleation had changed to homogenous.  

 < 3 liquid is metastable for any superheat if pressures less than 10 MPa, 
stable above 18.5 MPa and transient at 10–18.5 MPa [15], for long nozzles it is stable above         
14 MPa.  

The structures of the jet atomization process were visualized by shadow photography [17]. 
Outer jet contour was grey wide paraboloid, inner structure was a darker color cone. Intact to 
transformed mode transition of jet shape correlates with Jacob and Weber numbers. Transition 
looks like a flash or explosion. Jet expansion angle increases when transition.  

The main data for superheated jets was generalized in [18]. Typical jet appearances are 
expansion angle 150–170º and initial jet length diminishing for superheat levels of several tens of 
degrees. Considering steam bubbles growth after depressurizing causes the jet transformation, one 
fare under predicts the observed expansion angles.  

Superheat energy safely conserved in the molecular structure of the liquid, where the forces of 
attraction between molecules substantially higher than the forces associated with the thermal 
motion. For safe molecular structure superheated and not superheated liquids differ for only 
temperatures and temperature dependent properties. The structure defects are outer and inner 
boundaries and fluctuations. At some known conditions the structure defects become active boiling 
nuclei and form an opportunity for superheat energy release.  

Nuclei number and spacing information is important for superheated liquid modeling. 
Unfortunately, this information is missing in the description of many experimental studies as 
missing indirect aspects on which it could be restored. It causes difficulties in use of the 
recommended generalizing dependencies. What is good in [1, 2] experiment is the maximally non 
equilibrium flow and no nuclei question. Hydraulic characteristic of said flow is constant and equals 
to one for saturate liquid.  Small volume and residence time of liquid in the orifice leads to low 
probability of nuclei set formation. Jet flashes having passed the orifice. Surface effects are the 
main. 
 
2 THE ROLE OF CONDENSATION  

An interesting aspect of the problem is the observed fogging around the hot liquid jet. Steam 
after vaporization appears supersaturated, undergoes condensation and became a visible fog around 
the jet. Fog formation is pointed in [4, 9]. Drops, that forms the fog has its special spectrum. Size 
measuring devices gives the results no relevance with drops origin. Was it condensate drop or 
atomized drop we are not confident. The fog mass may be of order of steam mass enthalpy balance 
given by, the former may be tens percent of prime liquid quantity depending on superheat level. We 
don’t find in literature the problem (no formulation, no solution) how to differ drops of atomization 
and drops of condensation in mixture. 

Let consider the experimental data [1, 2]. Superheated water was sprayed with jet and vortex 
jet types of atomizers. The jet atomizer nozzle diameter was dN

The design of atomizers is usual, well known in many applications [9, 18, 19]. Operation 
pressure is 8 MPa, good acquainted. Impossible to explain the existence of a big submicron fracture 

 = 0.3 mm and 0.5 mm length. 
Drops were measured, spectrum – fraction size via fraction percentage was determined.  For 
superheating level over 100 ºС, the spectrum appears of bimodal form: two Gaussian-like hills with 
the valley between. The first hill is submicron the second is some microns. The valley is one micron 
around. The masses of said parts are comparable. 
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if one supposes it origin comes from dynamical stripping of liquid massive. Really, pressure 
addition due to superheat temperature 240 ºС is p s – pa ≈ 3.25 MPa, smaller than operation value 
pres–pa= 8 MPa, here p s – saturation pressure at liquid temperature; pa = 0.1 МПа – atmospheric 
pressure; pres – source pressure. Liquid fragment velocity induced by bubble growth seems not 
exceed the Rayleigh one VR = (2(ps – pa)/3ρ')1/2, and is lower the jet velocity  Vj = (2(pres – 
pa)/ρ')1/2

We suppose the submicron part of drops spectra is produced by steam condensation. Said 
steam appears and condenses when superheated liquid cooling down in the room atmosphere. 

, ρ' – liquid density. Ever diesel engine nozzles produce coarser drops. Spectrum peaks are 
of several microns, while operating pressure reaches 100 MPa [9, 18]. 

 
3 CONDENSATE DROP DIAMETER ESTIMATION  

The water steam mixture with steam part 0.27 at 100 ºС that is saturation temperature for 
atmospheric pressure or 0.38 mixture at 25 ºС correspond to 240 ºС superheated water by enthalpies 
balance. These parts are of the same order as the submicron part of drops spectra.  

To estimate the condensate drop size, we admit the two stages model. At first quick stage a 
thin layer of supersaturated steam appears around the jet, condensation seeds form in the layer. At 
the second slow stage jet atomizing and water evaporation go together. Steam condenses on the first 
stage seeds, this time the number of the seeds is constant. At last all the steam turns to condensate. 
The drop of condensate size is determined by steam total mass and the seeds number. 

Evaporation form hot jet surface runs with near sound speed V, until liquid heat conductivity 
keeps power. The energy source for evaporation is cooling of mass of superheated water. Saturated 
steam produces expansion work and comes to supersaturated state. According to balance equation, 
evaporation speed V  exists for the time τ 
 

ρ rlv V = (ρ′cp λ/πτ)1/2 (1) ∆t, 
 
where ρ   – steam density in the layer; rlv  – evaporation specific energy; cp  – water heat capacity;  
λ  – water heat conductivity; ∆t – temperature difference, ∆t = tres – ts(p). During the time τ the 
steam layer of thickness Vτ  with temperature T (T = 273 + t) and pressure p, forms around the jet. 
Supesaturation level S  is S = p/ps
 

(T). The seeds of condensation number I [20] is 

I = K exp(–A). (2) 
I is measured in (cm3s)–1 

 
units.  

K = 1026(p/T)2(µσ)1/2/ρк    (3) S; 
A = 17,6(µ/ρк)

2(σ/T)3/ln2

 
S;    (4) 

the dimensions in formulae (3) and (4) is not usual, pressure – mm Hg, surface tension – dyn/cm; ρк  
– density of  the drop, g/cm3; is taken ρк

Boltzmann’s  statistic based formula (2) has not been approbated for the considered mode, but 
it is promising to obtain correct assessment, as practical experience shows, it correctly describes 
“fast” condensation processes in adiabatic steam expansion [20]. 

 = 1; µ  – mole mass in grams, µ = 18 (water). 

As a time τ is of order 10–9–10–11

 

 s, for pressure on steam and atmosphere (air) contact 
surface we have, applying momentum conservation  

p – pa = ρaV
2 (5) , 

 
ρa – air density, ρa = 1.2 kg/m3. 
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For the process of intense evaporation V = j/ρ  [21] 
 

j/(ρrescs) = 0.6(ρ/ρres)0.5(1– ρ/ρres) for j/(ρrescs

else  j/(ρ
) < 0.226, 

rescs

(6) 
) = 0.226; 

 
(Tres–T)/Tres = 0.265 (ρres – ρ)/(ρρres)0.5 (7) ; 

 
p/ps(T res) = (ρ/ρres) (T/Tres (8) ); 

  
where cs

2 = 2RTres

Considering the balance, N

/µ,  R – is the universal gas constant. However, it is not known how accurate 
these expressions are at steam densities typical for power engineering applications [21]. 

1 seeds appear in 1 cm2 of the layer N1 = IV<τ2>= IVτ2/3. Water 
volume rate through the nozzle is πdN

2Vj/4 new surface is SF = πdNVj. Part of the volume 
undergoes evaporation and condensation VOL = xπdN

2Vj/4, steam ratio x is determined by 
enthalpies balance. Condensate drop size is dk = (6VOL/πN1SF)1/3

Calculation data using (1) – (8) equations for various water superheats are reported on   the 
table. The condensate droplet sizes given in the table are approximately a factor of 2 larger than 
those observed in the experiment [1, 2] (the smaller mode of the droplet bimodal spectrum). In view 
of the adopted assumptions, such accuracy should be regarded as satisfactory. 

. 

Table.  
The calculated characteristics of the steam condensation process 

Parameter Temperature tres, ºС 
140 160 180 200 220 240 260 

j/(ρrescs 0.202 ) 0.222 0.226 0.226 0.226 0.226 0.226 
V, m/s 230 312 351 359 367 374 381 
S 4.4 8.7 9.7 8.3 6.8 5.5 3.1 
dk 8 , mm 2.4 2.3 2 1.7 1.6 1.4 
α, deg 60 67 69 69 69 69 69 
 
4 SUPERHEATED WATER JET EXPANSION ANGLE  

Superheated liquid jet expansion angle is wider the one for cold or saturated jet. The 
noticeable parabolic superheated jet shape forms almost straight angle at the vertex. Theoretical 
description of the phenomena is difficult to do. Qualitative approach known in the art admits that 
vapor inflates and breaks the jet.  Applying this concept we find half expansion angle α  of the jet 
not more than 

 
α = arctg(VR/Vj (9) ), 

 
it gives α = arctg((1/3)1/2) = 30º for the condition pres = p s

Sometimes superheated jet touches and flies along the wall especially for the nozzles arranged 
in flanges [22]. The expansion angle becomes exactly straight. Jet attraction to the wall is a known 
effect [23]: due to a content ejection from the gap between the wall and the jet boundary, pressure 
in the gap diminishes, the gap collapses. Superheating just enhances the effect but not causes it. 

 that provides the maximal expanding 
level. Angle continuous growth with liquid superheating is impossible with no change of nozzle 
hydraulic characteristic. For a choking flow the growth may be up to 45º. A single step α increasing 
is reasonable due to volume boiling actuation. Intact core jets description is out of the coverage.  

If we account for vapor condensation the properties of superheated liquid jet expansion angle 
may be described both qualitatively and quantitatively. Condensate drops and drops from jet 
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decomposition (stripping,  atomizing) can’t be distinguished visually. Suppose the outer jet 
boundary is formed by a cloud of condensate, so 

 
α = arctg(V/Vj (10) ), 

and we obtain realistic jet expansion angles been put on table 1 for various superheating. 
 Calculated α values fit well the experiments [1, 2]. The steam boundary is transparent for 

liquid temperature 120–130 ºC because of condensation absence due to seeds deficit. From higher 
temperature 140–160 ºC condensation seeds number rushes up, appears and become visible 
condensate or fog. The small expansion angle grows up rapidly in short superheat increasing 
interval so the observer can interpret effect as flash, explosion or volume boiling blow. At 300–310 
ºC the cone expansion angle returns from (10) dependency to (9) with plenty of boiling nuclei 
appear due to the heat fluctuations.     
 
5 ATOMIZED DROP DIAMETER ESTIMATION 

Instability of tangential velocity break in liquid (Kelvin–Helmholtz’ instability) is widely 
used as a model for describing the jet disintegration process at the atomizer outlet and the behavior 
of free mixing layers [9, 24–26]. The jet boundary is represented as a tangential break. This break is 
unstable, and according to the dispersion equation, a disturbance wave with the most rapidly 
growing amplitude exists for liquid. The length of such wave specifies the linear scale of the 
process and is connected with the size of droplets emerging in the final phase of the jet 
disintegration process. Experience has shown that the calculated length scale remains adequate and 
representative under conditions that are far beyond the limits of assumptions adopted in the linear 
theory. However, the calculated scale coincides with that determined from a dimensionality analysis 
with an accuracy of up to a constant. 

The classic linear statement of the problem about the influence of evaporation on the 
development of disturbance in case of tangential break does not yield a solution with a noticeable 
increase of the wave number and decrease of droplet sizes in the atomization spectrum. For 
describing we can use approximate method [27, 28]. Theoretically, instability is expressed in a 
growth of disturbance amplitude with the intensity exp(τ/Σ1/2), where Σ = k2ρaU

2/ρ' – k3σ/ρ' and k is 
the wave number. With a stepped change of velocity at the tangential break U, the transverse 
disturbance velocity has the scale U(ρa/ρ')0.5 [21, 25]. Equation ∂ Σ/∂k = 0 determines the most 
quick disturbance kmax = 2ρaU

2

Taking evaporation into account, the transverse disturbance velocity should be replaced by the 
sum of velocities: ρ

/3σ. 

aU2/ρ' + W2, where W is the characteristic liquid motion velocity as a 
consequence of the vaporization process. According to the process development rate, we select     
W2 = CVR

2,  С is a constant. The most quick disturbance k1 = 2(ρaU
2/ρ' + CVR

2

Further we use the following empirical formula from [29] for calculating the Sauter mean 
diameter (SMD) of droplets produced in atomizing low-viscous liquids by means of a spray 
atomizer: SMD/d

)ρ'/3σ. 

N = 0.26(ρaσ/(ρ'∆pdN))1/4, where  ∆p is the pressure drop on the nozzle. As         
∆p = ρ'U2/2 = ρ'Vj

2/2, SMD formula may be rewritten in such the way SMD/dN = 
=0.26(4ρa

2/(3ρ'2dN kmax))1/4, and further, changing kmax by k
 

1 

  SMD/dN = 0.28(ρa
2/(ρ'2dN k1)) (11) 1/4 

 
The quantity  Ξ =  SMD(kmax)/SMD(k1) = (k1/k1max)1/4 determines the factor by which the Sauter 
diameter of superheated liquid droplet in the jet atomizer spray decreases in the atomization mode 
as compared with saturated (cold) liquid. Calculations according to formula (11) at C = 1 show that 
the droplet size decreases linearly as a function of liquid superheating temperature, which is 
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consistent with the results reported in [3, 11, 18, 30, 31]. With the size of cold liquid droplet equal 
to 40 µm, the size of water droplet superheated by 140°C calculated from formula (11) is 12.5 µm, 
which corresponds to the maximum in the bimodal spectrum (over micrometer part) according to 
the data of [2]. 
 
CONCLUSION 

Superheated jet boundary presentation as the fog or condensate boundary provides the way to 
estimate realistic jet expansion angles and to substantiate the presence of submicron fraction in 
bimodal drop size spectrum. Said fraction is a product of steam condensation but not liquid 
atomization due to jet surface instability.  

The coarser part of spectra is the product of stripping and is formed at the final stage of jet 
surface instability. Hot stripping differs from the cold stripping, that is a known process of 
atomization of a cold water. Heat enhances the atomization. Effect is introduced by scaling method 
as the sum of Rayleigh speed (mechanical limit speed of a vapor bubble growth in superheated 
liquid) and the instability grow speed (the jet speed multiplied by square root of vapor to liquid 
density ratio). The sum is substituted in the linear theory equation for the wave number. The final 
formula for the drop diameter fits well drop size on superheat level dependency. 

The proposed model considerations provide well qualitative and reasonable quantitative 
conformity to the experiment.  Small linear scale of mini system both with short residence time 
results in the lack of new phase seeds that, further provokes maximally non equilibrium phase 
states. 
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Abstract 
A large number of ground-coupled heat-pump systems have been used in residential and commercial buildings. 

Horizontal and vertical ground heat exchangers could be integrated into such systems. One of the types of vertical 
ground heat exchangers are energy piles. The numerical simulation results of pile vertical ground heat exchanger are 
given in this paper. The solution was obtained for one pile positioned in soil array. The transient temperature in the 
collector outlet and temperature field of soil mass is introduced.  

 
KEYWORDS 

Ground heat exchanger, heat transfer, pile, numerical simulation. 
 

 
INTRODUCTION 

Recently, low-potential natural heat sources usage for buildings heating has significantly increased. 
Horizontal or vertical ground heat exchangers could be integrated as an additional heat source. One of the 
types of these technologies is called "energy piles", which is a kind of the vertical ground heat exchanger, as a 
part of the building pile foundation for significant reduction of overall capital costs of setting up such system. 

In recent years, a large amount of research, both theoretical and experimental, is devoted to vertical 
ground heat exchangers [1–11]. A literature review of existing research and developments of the vertical-
borehole ground coupled heat pump technology is given in [4]. In [5], various types of ground heat exchangers 
are described. The paper [8, 11] is specifically devoted to energy piles. The transient heat conduction around 
the buried spiral coils, which could be applied in the ground-coupled heat pump systems with the pile 
foundation as a geothermal heat exchanger, is investigated in [11]. But in the research mentioned above the 
spiral coil buried in the pile is simplified to a number of separated rings on the cylindrical surface, which 
serves as the heat source. 

Benefits of vertically located ground heat exchanger include feasibility of using less land area for 
installation and reducing the weather influence on the thermal state of soil. 

Defining thermal capacity is considered to be a major problem in the design of such piles systems. Heat 
exchanger capacity depends significantly on various factors: hydrogeological conditions of the area, pile depth, 
numbers of heat exchangers, their location, etc. Most of the known engineering calculation methods use 
approximate values of specific linear thermal power, which can vary from 20 to 70 watts per meter of pile 
depth. This wide range of data makes problems with heat pumps selection. 

 
1. SYSTEMS DESCRIPTION AND SIMULATIONS SETUP 

The numerical simulation results of vertical ground heat exchanger, coiled in the energy pile in the 
helical form, is introduced in this research. The problem has been solved in a three-dimensional transient 
adjoint formulation. The scheme of computational domain is presented on Fig. 1.  
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а                                b 

 
Fig. 1. Scheme of computational domain (a) and view of vertical ground helical heat 
exchanger coiled in the pile (b): 1–6 – soil layers with different properties (Table 1) 

 
Table 1.  Thermal properties of the soil. 

No.  Layer 

Characteristics 
Layer 

thickness, 
m 

Density ρ, 
kg/m

Specific heat 
capacity с3 р

heat 
conductivity , 

kJ/(kg⋅K) coefficient λ, 
W/(m⋅K) 

1 Sandy loam 1860 1.92 2.40 1.9 
2 Sandy loam 1960 2.10 2.48 2.4 
3 Sandy loam 1940 1.985 2.46 2.1 
4 Sandy loam 2030 2.10 2.48 4.7 
5 Sandy loam 1900 2.120 2.65 1.5 
6 Loam 1920 2.220 2.67 7.6 
7 Dry sand  1520 0.80 0.38 – 

 
 

The solution was obtained for one pile positioned in soil array. Array dimension was determined by 
the nearby piles location. S  conditions for all of the array side surfaces were specified. At the bottom ymmetry

http://www.multitran.ru/c/m.exe?t=2142060_1_2&s1=%EE%EF%F0%E5%E4%E5%EB%FF%F2%FC%20%F3%F1%EB%EE%E2%E8%FF�
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of the boundary the ground temperature was assumed to be constant and equal to the corresponding average 
annual soil temperature. At the initial time, temperature of soil mass was assumed to be the average annual 
soil temperature, as well as the temperature of the liquid in the heat exchanger inlet. The liquid temperature in 
the heat exchanger inlet at each subsequent time step was assumed to be equal an outlet temperature minus 
2.0 °C. This condition corresponds to the real low-temperature circuit of heat pumps heating system. 

The calculation was made for transient operating conditions of a pile. The numerical modelling was 
carried out under laminar water flow conditions (as heat-transport medium, (Table 2) in the ground heat 
exchanger pipe. The calculation was performed on the basis of the system of angular momentum and energy 
equations. 

 
Table 2. Thermal properties of the heat-transport medium 

Heat-transport medium 

Characteristics 

Density ρ, 
kg/m

Specific heat 
capacity с3 р

Heat 
conductivity , 

kJ/(kg·K) coefficient λ, 
W/(m·K) 

Water 998,2 4182 0,6 
 

 
Such system of differential equations, characterizing the process of heat transfer and hydrodynamics in 

an energy pile, includes:  
 the continuity equation  
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the energy equation 
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the heat conduction equation for the i-th soil layer  
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where i, n denote different layers. 

The thermal properties of the soil layers materials used in the modelling are contained in Table 1. 
 
2. RESULTS AND DISCUSSION 

As a result, the transient temperature in the collector outlet and temperature field of soil mass was 
determined. 

Temperature field of pile and soil mass at different  timepoints have been presented in fig. 2. In this 
figure the simulation results of problem with mass flow rate G= 0,095 kg/s has been demonstrated. With such 
mass flow rate, fast heat extraction from soil mass, surrounding the pile, occurs. Internal pile temperature is 
significantly reduced, due to contact of half of the heat exchanger surface with concrete inside of a pile. The 
temperature of soil adjacent to pile do not recover owing to heat added through top and bottom surface of soil 
mass. In addition, available heat is extracted by nearby pile through array side surfaces.  

 

 
a                                     b                                     c   

 
Fig. 2. Temperature distribution simulated for pile and surrounding soil mass, at different 

timepoints: a – t = 3.6 days; а –t=  5.6 days; а –t = 10 days. 
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Temperature-time dependence in helical heat exchanger outlet is presented on Fig. 3. Different 
variations of heat extracting from soil mass are shown. Curve 1 (Fig. 3) describes hypothetic situation of heat 
extracting from dry sand soil with properties (line 7, Tabl.1) without dividing soil mass on layouts. As the 
figure 3 shows, internal energy pile temperature reach 1.0 °С on the eighth day of heat exchanger operation. 
Such condition is unacceptable for energy piles, in view of the fact that internal pile temperature must be 
higher than 0°С (higher than wet freezing point) for reasons of concrete strength. Curves 2, 3 (Fig. 3) describe 
simulation of thermal state of the soil mass divided into seven layouts, which thermal properties are described 
in the table 1. Curve 2 describes condition in ground heat exchanger outlet at a mass flow rate G = 0,095 м3

 

/с. 
As shown in the figure, temperature of heat-transport medium in heat exchanger outlet obtains 2 °С in 13 
days. If fluid mass flow rate is halved (curve 3, fig.3), the temperature of fluid in outlet of ground heat 
exchanger only decreased to 4 °C in 25 days.  

 
 

Fig. 3. Temperature-time relationship in helical heat exchanger outlet. 1 – dry sand soil 
G = 0.095 kg/s; 2 – layouts of wet soil, G = 0.095 kg/s; 3 – layouts of wet soil, G = 0.0475 kg/s 

 
To prevent pile freezing, heat pump equipment must be occasionally stopped for reaching more uniform 

heat extracting from soil. Besides that, the equality of input and output heat of soil mass can be obtained via 
changing of pile locations. 

 
Nomenclature 

a – thermal diffusivity, m2

λ –heat conductivity coefficient, W/(m·K); µ –dynamic viscosity coefficient, Pa·s; ρ –  density of the heat-
transport medium, kg/m

/s; d – helical winding diameter, m; l – height equivalent between helix coils, 
m; с –specific heat capacity, J/(kg·K); G –heat-transport medium flow rate, kg/s;  p –heat-transport medium 
pressure, Pa; Т – temperature, °C; t – time, s; u, v и w – velocity components of heat-transport medium on x, 
y, and z, respectively, m/s; x, y, z – x, y, and z, Cartesian coordinates of the system, m; 

3

Subscripts: i, n – different layers; p – thermal properties of material under isobaric condition. 
. 
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Abstract 
The results of experiments on the study of the fluid motion in the capillary systems and on the vibration effect 

are presented. The data on the meniscus shape and the height of capillary rise when the fluid is advancing or receding 
are obtained. The rate of capillaryriseis measured. Emissions of liquid droplets from the surface of the meniscus are 
visually observed at vibration. It is determined that vibration practically completely eliminates the ordinal hysteresis in 
capillaries. Mechanisms of collapsing of the capillary bridges between particles of the dispersed layer at vibrations are 
determined. It is shown that these mechanisms differ for low and high vibration frequencies.For horizontal and vertical 
capillary bridges the critical values of frequencies and acceleration of vibration, at which the capillary bridge becomes 
unstable and collapses, are identified. These values for short capillary bridges do not depend on their spatial orientation. 
For longer 

 
capillary bridges,difference is observed. 

KEYWORDS 
Capillary,meniscus, hysteresis, vibration,frequency,vibration acceleration

 
, capillary bridge, stability 

INTRODUCTION 
Capillary phenomena play an important role in many processes of heat and mass transfer in porous and 

dispersed media with the presence of phase surfaces. For example, in the heat pipes in the processes of 
extrusion or dehydration. Fluid can form separate clusters in dynamic processes. In such a case, the phase 
surfaces in the pores will have topologically complex shapes. Depending on the purpose of the study, a 
structural element in this form can be selected, which is amenable to experimental study. In particular, such a 
structural element is a capillary bridge between two particles of the porous layer. Capillary bridges (water 
liquid bridges between particles) play an important role in the heat and mass transfer in porous media, and in 
the strength of wet dispersed materials [1]. The residual mass of water in dehydration depends on their 
number and geometries. In [2], [3] it has been theoretically and experimentally determined that the capillary 
bridge is stable with respect to small perturbations at its relative length of l/R <π/2. If the relative distance 
between the particles is greater, the capillary bridge becomes absolutely unstable with respect to infinitesimal 
perturbations.This gives the best evaluation of the length of the capillary bridge from above. However, 
capillary bridge may collapse much earlier under the influence of finite perturbations. In [4] it has been 
demonstrated that in the dynamics of liquid lowering process, the liquid bridge formation occurs when the 
distance between the particles is approximately four times less in comparison with the data of the stability 
theory. 

At present, the impact of vibration on heat and mass transfer in capillary systems is not yet definitively 
known. Further theoretical and experimental studies are needed. Below are some results of an experimental 
study of the effect of vibrations on the behavior of the fluid in the simplest elements of capillary systems.  

 

 
FLUID MOTION INA CYLINDRICAL CAPILLARY 

Microscope with magnification of 3.3 ÷ 100 was used in the experiments. The working fluids were 
distilled water and ethanol. The process of the water moving in the capillary under the influence of created 

The shape of the meniscus at the capillary movement 
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pressure difference is shown in Fig. 1. Thecapillary is in horizontalposition. The photographs show the 
change of curvature of the meniscus on both sides of the liquid column. It should be noted that from the 
beginning the meniscus on the higher-pressure side stretched, while the meniscus on the opposite (the lower 
pressure) side becomes more flat. Only after reaching a certain degree of deformation of the meniscus, the 
movement of fluid volume started. For ethanol,no change of themeniscus shape was observed. Visually, the 
volume of ethanol was moving as a rigid body. 
 

 
Fig. 1. Changing the shape of the meniscus in the capillary R = 0.65 mm when water moves 

 
Height of capillaryrise 

The average heights of capillary rise of the liquid from the results of experiments and Jurin's law are 
given in the table below. 

 
Table 1. Height ofcapillary rise 

 
capillary radiusR 0.65∙10, m 0.225∙10-3 -3 

 advancing angle,  h, м 
water 

8∙10 33.4∙10-3 -3 
receding angle, h, м 17.4∙10 50.6∙10-3 -3 

Jurin's law (σ=0.073 N/m, θ=400 17∙10),   h, m 47∙10-3 -3 
 advancing angle, h, м 

ethanol 
7∙10 24∙10-3 -3 

receding angle, h, м 7∙10 24∙10-3 -3 
Jurin's law(σ=0.022 N/m, θ=00 7∙10)  h, m 21∙10-3 -3 

 
The table 1 shows that the experimental data for water confirm the existence of wetting hysteresis in 

capillary. On average the hysteresis was 9.4∙10 -3 m for capillary with R = 0.65∙10 -3 m and 17.2∙10 -3 m for 
capillary with R = 0.225∙10 -3 m. For ethanol, hysteresis was not observed. A similar effect was studied in 
more detail in [5], and for the planar capillaries of variable width, it was studied in [6]. 
 
Speed of meniscus at capillary rise 

The speed of the meniscus of liquid in the capillary was measured by a digital video camera to further 
processing. For water and the capillary of R = 0.65∙10 -3 m the results are shown in Fig. 2. Insignificant 
release and the subsequent lowering of the liquid level can be seen in the figure.  For capillary of 
R = 0.225∙10-3 m liquid rises smoothly, there is no pitch of the liquid. For ethanol the nature of the motion 
differed only by numerical values. 
 

1 
 

2 3 

4 5 6 
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Fig. 2. The change of the water rise height in the capillary of R = 0.65 mm: dots are experimental data 

 

 
INFLUENCE OF VIBRATION ON CAPILLARY PHENOMENA 

Influence of vibrations on motion of fluid in capillary 
The experimental setup is based on an industrial shaker(vibration table) VEDS-400A. The 

experiments simulated the operation of the capillary-porous structure of the heat pipe when the lateral 
vibration. The container with liquid and the capillary was mounted and fixed on the shaker table.Experiments 
were carried out for cylindrical capillaries R = 0.65∙10-3 m and R = 0.225∙10-3 m. The level of immersion 
of the capillary into the liquid could be varied. Distilled water was used as the working fluid. 

Various paradoxical physical effects were observed in the liquid in the container during the 
experiments (formation of different wave structures on the liquid surface, emission of liquid jets, immersing 
the gas bubbles from the surface to the bottom of the container, formation of a randomly moving within the 
liquid "swarm" of gas bubbles). Such effects are described in the literature, for example, [7], and therefore 
are not considered. 

The study 
was conducted for the frequency range of 10 - 2000 Hz.  Wherein, the frequency step for the range of 10 to 
200 Hz was equal to 10 Hz, for 200 Hz to 1000 Hz - 50 Hz, and for 1000 to 2000 Hz - 100 Hz. At each step 
the vibration amplitude was varied from zero to maximum value. 

Emission of small liquid jets from the surface of meniscus directly in the capillary was visually 
observed. Some increase in the rate of capillary rise of liquid at frequencies of 50-200 Hz was observed. It 
was not possible to measure it quantitatively due to the limited capacity of the equipment. The effect of 
vibrations on the static liquid level in capillary was determined. The increase in capillary rise was 
sufficiently appreciable. In some experiments, it reached more than 0.02 m. This effect was observed in the 
frequency range from tens to thousands of hertz. However, the height of the capillary rise of liquid under 
vibration was not more than receding level regardless of the frequency of vibration. This confirms the 
conclusion that vibration reduces wetting hysteresis, but does not lead to an abnormally high capillary rise 
[8]. 
 
Effect of vibration on mechanisms of collapsing of the capillary bridges between particles of 
the dispersed layer 

Vibration exposure is sufficiently strong perturbation, therefore of interest to study of the stability of 
capillary bridges, under the influence of vibration forces. The experimental unit consisted of two glass balls 
with a diameter of 12 mm, fixed in a special bracket installed on the shaker table.The bracket was 
positionedvertically and horizontally. The distance between the balls ranged from zero to 2.5 mm. Distilled 
water was used as working fluid. 

Experiments were conducted by two different methods. In the first case, the necessary specific 
frequency was set, at first. Then vibration acceleration was increased smoothly from zero to the acceleration 
at the point of collapsing of the capillary bridges. In the second case, first the vibration acceleration was set 

h,mm 

τ, s 
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close to the limit. Then, at constant vibrationacceleration, the frequency was gradually changed and fixed if 
the capillary bridge collapsed. This method had to be applied in successive approximations. 

The experiments showed that the patterns of oscillation and collapsing of the capillary bridges are very 
diverse. This applies especially to the vertically arranged capillary bridges. At a certain frequency and 
amplitude of vibration standing waves (Fig. 3) are formed, and then cell structure is formed on the surface of 
capillary bridge (Fig. 4). Subsequently, the border of the upper ball surface of the liquid partially detaches 
from the surface of the ball and forms a "patterned collar" (Fig. 5). At this time, it is observed, that the 
surface of the capillary bridge rotates in one or the other side. After that thin cumulative jets are formed, 
which significantly reduce the volume of the capillary bridge (Fig. 6). Simultaneously, the water runoff takes 
place over the lower ball surface. Such a pattern is observed with various variants, at frequencies above 100 
Hz. At lower frequencies, the picture is somewhat simpler, the cell structure coarsens, jets are formed less 
frequently. For the operating frequencies of 10-30 Hz,formation of the above mentioned structures are 
practically not observed, the capillary bridge erodes and runs down. 

For horizontally positioned balls, standing waves were not observed. At high frequencies, some small-
scale cells are produced, as it occurs "bubble boiling" (analogous to the vertical capillary bridges), after 
which the capillary,after which the capillary bridge spreads over two balls. For low operating frequencies, 
quite a strong sway of the whole volume of the capillary bridge is possible (Fig. 6), after which it moves 
beyond the area of connection with the balls.Thus, it can be noted that there are at least two mechanisms of 
collapsing of the capillary bridge: a low frequency (for horizontal capillary bridges) and high frequency 
("boiling" of the contact area with the formation of cumulative jets and droplets). These effects at high 
frequencies, as shown in [9], are well manifested in a droplet lying on a vibrating table. 

 

 
Fig. 3. Formation of standing waves                                   Fig. 4. Formation of cell structure 

 

 
Fig. 5. “Pattern collar” 

 
 

 
Fig. 6 Cumulative jets                                               Fig. 7. Collapse of horizontal capillary bridge 1·10-3 m long 

at a frequency of 15Hz (vibration acceleration of 20 m/s2

 
) 
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Critical frequencies and accelerations of vibration forces 
Determination of specific numerical values of frequencies and vibration acceleration, the excess of 

which leads to instability and collapse of the capillary bridges, was associated with certain difficulties. 
Firstly, there was a significant variation of the data for identical input parameters. Therefore, experiments 
were repeated several times and the data were averaged. Secondly, for different frequencies, the physical 
picture of the process under study differed significantly. In addition, at some frequencies when acceleration 
reached a certain level the capillary bridge began to disintegrate and completely collapsed in a relatively 
short period of time. At other frequencies the capillary bridge collapse took some time. It lost most of the 
liquid and continued for some time stably exist, despite the continuous growth of vibration acceleration. In 
such cases, for the limit value was assumed the value of the vibration acceleration at which the capillary 
bridge collapsed completely. 

Based on the above observations, consider the dependences of critical vibration acceleration on 
frequency that were built on the averaged data of identical experiments (Fig. 8, 9). Shown in these figures 
curves divide area of sustainable existence of capillary bridges (below curves) from the area of collapse 
(above curves). Fig. 8 shows the results of experiments with vertical and horizontal arrangement of capillary 
bridges 1 mm long. Comparison of curves in this figure shows that they are in good agreement with each 
other at all frequencies. This demonstrates that for a given length of the capillary bridge mechanisms of loss 
of stability do not depend on spatial orientation. 

 

 
Рис. 8. Dependence of critical acceleration on frequency of capillary bridge length 

of 1·10-3

 

 m: 1 - vertical capillary bridge, 2 - horizontal capillary bridge 
 

Рис. 9. Dependence of critical acceleration on frequency of capillary bridge length 
of 2·10-3 m: 1 - vertical capillary bridge, 2 - horizontal capillary bridge 
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Analogous comparison for capillary bridges with length of 2·10-3

From these results, it is clear that the process of collapsing of liquid bridges between the particles of 
dispersion medium is diverse and physically complex. Collapsing of capillary bridge requires certain energy 
of the external disturbance force. 

 m is shown in Fig. 8. This is the 
maximum possible length for the vertical capillary bridges. Here the convergence of data is much worse, but 
the shapes of the curves are similar. It is difficult to say what caused such a big difference, especially after 
such a good match in the previous case. Perhaps it begins to show the effect of gravity, and it happens in a 
quite a complex manner. But more likely, the discrepancies in the data for horizontal and vertical cases are a 
result of a complex interaction of all physical forces involved in the process. It is impossible to completely 
exclude the effect of random factors, although the points on the curves represent the averaged data of at least 
five experiments. To answer these questions, additional more subtle physical experiments are necessary. 
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Abstract 
In current paper a problem of nanotechnologies (NT) energy aspect is raised and being solved for the first time. 

It is shown that energy is not only a characteristic, a main result of technology, but an instrument of technology 
organization, a means of control of transfer processes in nanoscale elements of different systems kinetics.   
Development of technologies is to go by the way of directed, selective energy supply to those raw material elements 
that require energy action.  Special attention should be paid to raw material micro- and nanoscale structures.  These 
elements in conventional technologies practically are not being considered. It affords ground to consider that the 
analysis of transfer processes in nanoscale elements is an important task of NT. Meanwhile authors offer and develop 
new area – nanoenergotechnologies (NET) as independent one within the NT limits. The prospects of  NET are defined. 

 
KEYWORDS 

Nanotechnologies, nanoenergytechnologies, barodiffusion effects, selective energy action 
technologies, new drying and extraction technologies.  

 
 
 

INTRODUCTION  
One of classical NT considerable achievements is organization of particular constituents targeted 

delivery to necessary space point by special nanocontainers [1,2]. Authors have formulated a hypothesis 
about the possibility of analogous delivery of energy to food raw material particular elements [3]. Per se, it is 
talked about a new scientific area in food nanotechnologies – organization of control of transfer processes on 
phase boundary of nanometric structures. The instrument of such control can be an energy action. It is 
proposed to classify such approaches as nanoenergytechnologies, which enter a wider area – selective energy 
action (SEA) – technologies.  

SEA – technologies are technologies of directed, selective action on food raw material elements and 
biological objects. SEA-nanotechnologies are noted for that energy action direction are nanoscale objects, 
micro- and nanoscale structures. Both in first and second cases a task of selective energy action is fields 
control, summation of low fields force action directions, organization of flow from micro- and nanocapillary 
structure, forming the composition of these flows, directing force action on microbiological objects cell walls 
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etc. For food systems decrease of used energy quantity will not only increase process radiant efficiency and 
decrease product cost price, but also reduce the level of thermal action on product. That will result in saving 
biologically active constituents of food materials. For example, food products and ready-to-serve food, 
received by NET will answer the requirements of functional nutrition. 

 
1. FOOD NT PARADIGM  

The problems of food nanotechnologies (FNT) are not fully taken up in the world. With that, the use 
of nanotechnologies in food industry will allow to create basically new products which have no analogs in 
modern cooking [3]. Meanwhile the development of food NT must be carried out with deep assessment of 
risks and potential dangers for society.  The directions of nanotechnologies in food productions are 
determined [1]. The first direction (package, monitoring, marking) is quite often discussed in press. 
Information about the second (food products ingredients and additives for them) and the third (food products 
engineering, molecular food manufacturing) directions are limited mainly by processes of milling raw 
material and product to nanoscale particles. At the same time these are food nanotechnologies that have 
serious specificity which can predetermine their rapid development. 

The subjects of researches in FNT are microorganisms, nanopores and nanocapillaries of vegetable 
material, cell walls, protein, polysaccharides and water molecules. These are the objects which the main 
steps of food technologies are aimed at. That’s why biotechnology, sterilization, extraction, drying, juice 
otput processes etc. can be organized at nanoscale level. The principles that can be implemented when 
moving up food productions into nanotechnologies will allow to decrease the energy intensity, to decrease 
considerably the level of thermal influence upon raw materials and product, to create basically new products. 
According to the classification revolutionary FNT should be aimaed at transformation, synthesis of 
permolecular and supramolecular complexes based on, for example, proteins (10…100 nm), polysaccharides 
(1…10 nm), microorgaizms (from 7 nm), pores and capillaries (from 5 nm), biomembranes (5…10 nm), cell 
walls (7…30 nm). Creating the supramolecular systems for bioactive compounds is considered to be a 
promising direction [2]. 

FNT objects are already created by nature nanoscale structures. The task of FNT researcher consists 
not in the synthesis of new nanoscale structures, but in organization of conditions at which necessary transfer 
processes on interphase of food system and nanoscale object will be realized with ultimate efficiency. The 
research scheme in these conditions may look the following way: “raising the number of hypotheses – 
elaboration of their verification methods – organization of series of experiments – confirmation of the right 
hypothesis. Hereby the paradigm about the possibility of using the food material specificity for organization 
of targeted energy delivery to particular constituents is being formulated. The effect depends on coordination 
of raw material electrophysical properties and resources of electromagnetic field as an energy source. As a 
result a possibility to control the hydrodynamic flow from micro- and nanoscale objects of the material 
appears. And control not only the power of this flow, but also its structure. 

 
2. CLASSIFICATION OF SEA-TECHNOLOGIES 

Efficiency of food technologies (productivity, specific energy intensity, ready product quality, degree 
of valuable constituents extraction etc.) are determined substantially by capability of actions on cell walls, 
microorganisms, pores, capillaries etc.) A task to find effective principles, approaches for local actions, 
directed to intensive, low power-intensive operations with food material, and even with particular nanoscale 
elements of this material is set. It is important to develop fundamental bases of evolutional nanoscale 
phenomena and processes. One of the ways in this direction is SEA-technologies.  

Nanotechnological methods in water solutions cryoseparation will find an application in problems of 
low temperature concentration of juices, extracts, wine stock and other water solutions, in water 
demineralization (including in deep purificated water receiving), in wter and salt crystal growth [3,4]. Wave 
and mechanodiffusive technologies can become a basis for new effects in mass transfer problems [3 –5]. Let 
us consider barodiffusion effects in capillary systems at greater length. 
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3. BARODIFFUSION MECHANISM 
 
On the basis of nanoprocess thermodynamic scheme [5, 6] the mechanism of combined nano- and 

macrotransfer of moisture (and other components) from fibrous structure to the flow is explained by scheme 
(Fig. 1.).  

Let us consider the component (liquid volume) motion in capillary (fig.1) on basis of the balance of 
respective forces, which are formed inside the capillary. 

Resultant of these forces will determine the flow velocity. Subject to surface tension forces that are 
characteristical for microcapillaries, relation of pressure difference inside the capillary (ΔP) is determined by 
the velocity of liquid (w), its density (ρ), total local resistance (ξ), surface tension forces (σ) (1). 
 
 
 

 

 
Fig.1. The balance of forces, acting in capillary: A – forces of interaction with surface; S – 

viscosity forces, I – inertial forces of flow; G – gravitational forces 
 
 
 

2

2
w l

P gl
d d

ρ λ σξ ρ ∆ = + + +  
∑                                                       (1) 

 
 

Product of ΔP and moved liquid volume (V) gives the energy necessary for the process (E). This is a 
quantity of energy which is necessary in mechanic action on liquid in capillary, that is the filtration process. 

The value of ΔP is determined by the power of electromagnetic field (EMF) and electrophysical 
parameters of capillary contents. Exactly by the EMF power it is possible to control the barodiffusion flow. 

 
 
 

4. THE CLASSIFICATION OF REGIMES OF FLOW FROM NANOSCALE STRUCTURE 
For barodiffusion under energy action initiation it is required to overcome the canal resistance at the 

expense of transition of liquid into vapor phase. Subject to EMF power rgimes of laminar and turbulent 
barodiffusion are possible (Fig 2). 
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Fig. 2. Concentration diagram. 
 
Laminar barodiffusion is characterized by usual for classical mass transfer problem concept: inner and 

outer diffusion resistances (fig. 2). The task of barodiffusion is to intensify the process of inner diffusion 
mass transfer. As the energy action rises, the pressure in capillary structure will rise to. As a result a 
powerful ejection of liquid from solid phase may appear. This is the “turbulent barodiffusion” regime. The 
concentration field in this will differ from classical view. 

In turbulent diffusion regime such concepts as wall boundary layer and respective diffusion resistances 
are smoothed over. Solid phase is characterized by average value of concentration (CSOL) (fig.2). The flow 
with concentration (XSOL) goes into the volume (5), concentration in which is (XL

Let us consider the model of barodiffusion initiating 

). In comparison with 
classical diagram intensive contents (4) of capillaries travel is nited. The degree of process intensity is 
determined by the velocity of outflow from capillaries. While laminar barodiffusion intensifies only 
innerdiffusion mass transfer, turbulent barodiffusion intensifies both inner and outerdiffusion mass transfer.  

 
5. THE STATEMENT OF BARODIFFUSION MODELING TASK 

Non-stationary one-dimensional field of soluble substances concentrations is determined by the Fick’s 
convective diffusion equation (2):  

 

 

2

2
dX X X

D w
d xxτ

∂ ∂
= +

∂∂
                                             (2) 

 
The x coordinate coincides the capillary axis. In certain conditions the second summand in relation (2) 

can practically determine the intensity of transfer both soluble constituent and insoluble by extractant one. 
Per se it is a new phenomenon which is called “mechanodiffusion effect”[3]. It is this effect that explains 
many paradoxes which authors observed during experimental modeling. The mass transfer scheme is 
represented with electrodiffusion model (Fig. 3).  
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Fig. 3 Process electrodiffusion model 
 

Consecutive series of diffusion resistances consists of the sum: ΣR = RNC+RМC+RМО. The 
convectional mass output process from the product surface to the flow has the lowest diffusion resistance 
(RMO). Its value is determined by the velocity of extractant flow, its properties, geometry of phase contact 
surface. Further let us consider diffusion microcapillaries rasistance (RMC) and nanocapillaries (RNC) 
separately. Soluble substances move inside microcapillaries to the product surface. This is the convectional 
diffusion in straitened conditions. Nanocapillaries in which, the constraint of the diffusion processes is 
maximal, are, naturally, characterized by the highest diffusion resistance. These are the capillaries that 
determine the intensity of mass exchange processes in extraction and the degree of valuable constituents 
extraction from solid phase. The concentration of target constituents in solid phase after extraction is 
determined by diffusion resistances RMC and RNC

 
. 

6. MATHEMATICAL MODEL OF COMBINED BARODIFFUSION PROCESSES 
Joint consideration of fig. 3 and fig. 4 allows to explain the mechanism of mass transfer from solid 

phase to solution in extractors by SEA-technologies.  
Diffusion in solid phase obeys the Fick equation. Mass flow j depends on diffusion coefficient in solid 

phase: j = - D dcт 
Then soluble substances of concentration X

/ dδ. 
B move inside the capillary to exterior surface where 

concentration is XSURF. This is convective diffusion in straitened conditions, which intensity is determined by 
effective mass transfer coefficient βC. The same flow is given by convection diffusion process (which 
intensity is determined by mass transfer coefficient βK) to extractant flow centre with concentration XE
 

. 

                    j1 =   βC  ( XB -  XSURF)       j1 =   βC  ( XB -  XSURF)  =  βК ( XSURF - XE
 

 )                     (3) 

Parallel to the flow j1 in microwave field a flow j2

Mass flow j

 appears. Per se it is a barodiffusion which is 
determined by raised pressure in capillaries. That is particular capillaries, in which conditions for vapor 
phase are reached, start to eject the liquid from capillaries to the flow periodically. The frequency of 
ejections from capillaries and the number of functioning capillaries increases with the rise of microwave 
radiation power. The analogy with boiling liquid vaporization centers is offered [3,5].  

2 is determined by effective specific mass-transfer coefficient βP and pressure differential 
in capillary PC and flow PE

 
: 

                             j2   =   βР ( РC  - РE 

 
)                                            (4) 

General mass flow is: j  =   j1   +  j2
The mechanism is explained by scheme (fig.3) with the help of appropriate diffusion resistances. The 

flow j is determined by solid phase diffusion resistance. The j

. 

1 

At the same time more powerful transfer mechanism which determines j

flow overcomes resistances of mass transfer 
in capillary straitened conditions and convection diffusion sequentially. 

2 flow that may be several 
orders major then j1 is turned on. 
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The task of further analysis is the problem of concentration distribution on scheme fig.3. Let us 
identify the prospects of analytical methods for this purpose.  

On the first stage let us imagine solid phase as a plate, washed by laminar layer of liquid. Then 
representative cell of system will take on form, depicted on fig. 3. Thickness of boundary layer δ is 
considerably smaller than plate length L.  Longitudinal velocity w changes from 0 on the plate to wδ on the 
outer boundary of layer. “Plane” diffusion equation which determines concentration C allocation in time τ in 
one point, convective concentration change while transiting from point to point, which depends on velocity 
components wx and wy

 
 has the form [3]: 

                
2 2

2 2X Y
c c c c c

w w D
x y x y

∂ ∂ ∂ ∂ ∂
∂τ ∂ ∂ ∂ ∂


+ + = +  

 
                  (5) 

 
The first part of equation (5) characterizes molecular diffusion.  
Let us set a task to define c(τ,x,y) function in layer δ, considering that length and width of a plate 1 

(fig.3) rank over the thickness δ substantially. Using Fourier two-dimensional complex transform with 
infinite limits of integration [] with entry conditions с(τ,x,y)|τ=0=0 and appropriate boundary conditions it is 
possible to receive the solution under the assumption that velocity components wx and wy

 

 are set and do not 
depend on coordinates, diffusion process is plane-parallel and does not depend on Z coordinate.  Supposing 
that desired function с(τ,x,y) meets the Dirichlet conditions, after assigning two-dimensional transformant of 
desired function, performing double integration, changing the exponential expression with first terms of its 
decomposition on power series subject to problem symmetry (fig.3), the solution of boundary value problem 
is being found [3].  

[ ] [2
1 1( , , ) exp ( ) (| | | | .exp ( ) (| | | |)

(1 )

| | | |exp | | exp ( ) (| | )

X Y X Y

Y X
X Y

c x y w w x y D w w x y
DD

w y w x
D w x w y

D D D D

τ τ τ τ
ττ

τ τ τ
τ τ τ τ

= + − + + + − + −
− 

       − + − + + + − +              

(6) 

 
The solution (6) also supposes that diffusion coefficient D is known.  
On the second stage mass transfer while solution moving inside cylindric canal is considered. Cases 

with plane and parabolic velocity profile are analyzed. When plane velocity profile (velocity of solution 
motion is constant through whole pipe cut) and component A diffuses from canal surface to flow, it is more 
convenient to represent diffusion equation with coordinates on current radius r: 
 

                           0
1X X

w D r
Z r r r

∂ ∂ ∂
∂ ∂ ∂

 =   
                            (7) 

   
The quantity D(∂2 X / ∂ Z2) that characterizes diffusion lengthwise the canal is negligible as compared 

with convection component w0
Having written boundary conditions, using besselian first kind functions, for parabolic velocity profile 

according to Navier-Stokes equation solution the following has been received [3]: 

(∂X/∂Z). 

 
2

max
11

0,5
r X X

w D r
d Z r r r

∂ ∂ ∂
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  − =         
                             (8) 

 
Finally subject to boundary conditions relation (8) is reduced to the kind: 
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               2
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′′ ′−
= − −  ′−  

∑                  (9) 

 
where average flow velocity wCP = 0,5wmax and constants an  and   bn

On the third stage a model of diffusion from point source to flow is received. The model takes into 
account barodiffusion action. 

 have values, given in [3]. 

The result of microwave field action is growing pressure gradient inside open pore or capillary (PC) 
and in extractant flow (PE). At the condition PC > PE + PHD an ejection from capillary to liquid flow occurs. 
In the account capillary hydraulic resistance PHD

Let us consider diffusion flow j of extractive constituents A, ejected to extractant flow that moves in 
the direction Z with constant velocity w

 is included. 

0 (fig. 3). In this case the equation w0 ( ∂X / ∂Z )  =  D ∇2

In the case when flow velocity is constant (w

X is to be 
solved.  

О

 

) and regime is stabilized, the solution with edge 
conditions will be [3]: 

                      ( )exp
4 .

A OM w
X l z

Dl Dπ
 = − −    

                                             (10) 

 
It is obvious that even at so serious reductions of problem that are done above while its formulation, 

joint solutions (6), (9) and (10) are quite doubtful. Hydrodynamic situation in flow is determined by 
turbulent flow of extractant, complicated by vertical diffusion from solid phase canals. Probably, the 
promising way of research will be experimental modeling. It is known that scientific base of experiment is 
similarity theory and “dimensional analysis” method. 

 
7. THE NUMBER OF ENERGY ACTION 

When combining the extraction process with impulse electromagnetic field the extractant flow from 
capillaries is initiated. Extract from nanocapillaries ejects to microcapillaries. The frequency of these 
blowouts and the number of functioning capillaries increase with the radiation power (N) increase. The 
analogy of evaporation centers is proposed [4, 5]. 

Let us denote barodiffusion flows from nanocapillaries and microcapillaries as jNC and  jMC   
respectively. Reverse extractant flow to capillaries is written as jEThen under EMF action (flow I) the 
priority of flows will be the following: I→ jMC → jNC→jE 

The effectiveness of target constituents extraction from solid phase depends on harmonization of flow 
I impulses duration and power.  At little duration the flow j

→I. 

NC and even flow jMC

The number of energy action offered by author [3] Bu  =    N ( r w d

 may not have time to be 
formed. At long duration and large-scale power undesirable overheating of solid  phase is possible.  

2 ρ )-1 

This number generalized bases of experimental data in dehydration and extraction processes 
successfully. It is envisaged that Bu number can appropriately characterize energy specificity of all problems 
used in SEA-technologies. 

takes into account 
electromagnetic field action. Correlation between radiation energy ant energy, necessary for similar 
processes in conventional technologies, determines  both energy efficiency of equipment and mass transfer 
regime. Up to certain Bu number values laminar liquid motion regimes in solid phase canals take place. The 
Bu number can show the conditions of transition to more intensive mass transfer that is logically to be called 
turbulent barodiffusion regime. 

 
8.THE ACHIEVED APPLIED RESULT 

At present there are facts which can be explained only from the position of  nanosciences [3, 7, 8, 9]. 
Such facts, received at the Chair of Processes and Apparatuses of ONAFT are: changings and 
transformations of product flavouring and  aromatic complexes structure, products sterilization at low 
temperatures etc. The cause of these facts is common – electromagnetic field action. 
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It is envisaged that barodiffusion mechanisms can intensify the processes of material activation and 
microorganisms inactivation substantially [10]. Usage of nanotechnological approaches allowed to get clean 
water with salt content less than 4 mg/kg, ecological “liquid smoke” concentrate [9].  Intensification of  
extraction processes increased in cognac alcohols manufacture 103 – 104

 

 times, in oils production – 10-20 
times, coffee  –  3-5 times. Duration of drying processes was shortened by an order of magnitude. Other 
fundamental solutions in SEA-technologies implementation in microwave or high-frequency field conditions 
are possible.  

CONCLUSIONS 
Local action on nanoscale elements of food material allow to give new approaches to processes in 

agricultural sector. New scientific area in food nanotechnologies – the control of transfer processes on 
nanoscale food structures phase boundary is being developed.  Energetic action ay become the instrument of 
such control. This area is called “SEA-technologies” i.e. technologies of directed (selective) energy action on 
material elements. Subsection of the area are nanoenegdytechnologies – technologies of targeted energy 
supply to food material nanoscale elements. 
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Abstract 
The mathematical model of the processes, occurring in capillary structures of the evaporator of the capillary 

pump loop (CPL) at work in a mode of evaporation and in a mode of boiling is formed. It based on a two-phase mixture 
model of liquid flow developed by S. Beckerman, which received by transformation of separate flow model on the 
basis of the third condition of balance of phases, i.e. an invariance of quantity of substance at phase transition of a 
liquid in to a vapor. The important assumption of this model is equality of temperatures of a solid matrix of capillary - 
porous structure and liquid. However, from the analysis of the literary data we made a conclusion that this assumption 
is unacceptable if a capillary - porous structure is made of metal with high heat conductivity. Hence, as against S. 
Beckerman model, where processes in capillary - porous structure with low conductivity (sand) is investigated, the 
mathematical model takes into account process heat transfer from solid matrix to the heat-carrier. 

 
KEYWORDS 

Capillary pump loop, two-phase mixture model, mathematical model, heat pipes, capillary-porous 
structure 

 
 

INTRODUCTION 
The mathematical model of the processes, occurring in capillary structures of the evaporator of the 

capillary pump loop (CPL) as at work in a mode of evaporation and in a mode of boiling is formed. It based 
on a two-phase mixture model of liquid flow [1], which received by transformation of separate flow model 
[2] on the basis of the third condition of balance of phases, i.e. an invariance of quantity of substance at 
phase transition of a liquid in to a vapor. 

The important assumption of model [1] is equality of temperatures of a solid matrix of capillary - 
porous structure and a liquid. However, from the analysis of the literary data [3, 4] we made a conclusion 
that this assumption is unacceptable if a capillary - porous structure is made of metal with high heat 
conductivity. Hence, as against work [1], where processes in capillary - porous bodies with low conductivity 
(sand) is investigated, the mathematical model takes into account process heat transfer from solid matrix to 
the heat-carrier. 
 
FORMULATION OF THE MODEL 

The mathematical model of process of a heat exchange in capillary - porous structure presented by the 
following differential equations: energy; pressures equation; thermal conductivity of solid matrix of capillary 
structure. 

The equation of energy presented as: 
 

)()()γ( cV TTHuH
H





 ,     (1) 
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where  – porosity, which is defined as the ratio of pore volume to the total volume; u – Darcian velocity 
vector; where αV – volume coefficient of convective heat exchange; Тc – temperature of solid matrix of 
capillary structure. 

In the equation of energy the volumetric enthalpy is defined as  
 

)( vsatiiH  , 

 
where vsati – an enthalpy vapor on a saturated state; ρ – density of two-phase medium, which is function of 

saturation and is defined as 
 

 ss vl  1ρρρ , 

 
where vl ρ,ρ  – densities of a liquid and a vapor; s – saturation, which is defined as the ratio of the pore 

volume occupied by the fluid to the volume occupied by the vapor. 
The coefficient   is defined as 
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 )1( , 

 
where  sν – kinematic viscosity of two-phase medium;  skl – relative permeability. 

The coefficient   is defined as 
 

dH

dT
D ffe , 

 
where D – diffusion coefficient [1]. It depended on saturation s, porosities of material  and absolute 
permeability K.  

Effective thermal conductivity is determined as 
 

λeff = λls + λv  (1–s). 
 

The differential equation of energy will be transformed to the equation for single-phase (liquids or 
vapor) or two-phase medium, depending on temperature and saturation s which in turn depend on the 
volumetric enthalpy H, describing a phase condition of medium (tab. 1). In table 1 the following designations 
are accepted: r – a latent heat of liquid/vapor phase change; Тsat – temperature of liquid on a saturation line. 

 
Table 1. Formulas for definition of temperature and saturation of heat-transfer agent in dependence 

depending on its phase condition and enthalpy Н 

Phase condition of medium Temperature Т Saturation s 

rH l   (liquid phase) 
ll

vsatl

c

iH
T




  1s  

0 Hrl (two-phase 

heat-transfer agent) 
satTT   

r

H
s

l
  

H0  (vapor phase) 
vv

sat c

H
TT


  0s  
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The pressure equation is presented as  























ν(s)

ν(s)2 K
P

K
P

ρ
       (2)  

 
Temperature distribution of a solid matrix is by the solution of a regional problem of thermal 

conductivity in view of a heat exchange with the heat-transfer agent flowing through pores 
 

)(2 TTT
T

c ccc
c

cpc V





    (3) 

 
with boundary conditions. Where c, сpc density and specific heat of solid matrix of capillary structure. 

The Eq. 1 essentially is nonlinear, that represented the certain difficulties, which overcome due to 
introduction of suitable factors of relaxation for some variables. The traditional finite element method [5] is 
used for the solution of system of the Eqs. 1-3.  

The algorithm and corresponding software package on C++ programming language for analysis heat 
and mass transfer processes in capillary-porous metal structures of heat pipes is designed. 

 
EXPERIMENTAL INSTALLATION FOR THE STUDY OF HEAT AND MASS 
TRANSFER IN THE CAPILLARY PUMP LOOP 

To solve the problem in the joint production has to be determined from the volume coefficient of 
convective heat exchange between the fluid and solid matrix of capillary structure. 

For this we used the results obtained on the model plant of the National Aerospace University  
"KhAI". It is the capillary pump loop with a cylindrical evaporator. Capillary structure is made of sintered 
powder Ni. The working liquid ammonia was used at a system. 

Schematic diagram of the CPL is shown in Fig. 1. 
 

 
Fig. 1. Diagram of the capillary pump loop 

 
 
It consists of an evaporator 1, which includes the capillary structure 2 and the compensation cavity 3, 

vapor line 4, the condenser 5, liquid line 6 and hydro accumulator 7. Elements of CPL thermally insulated 
and placed horizontally. Measurements of temperature were carried out at selected points of the copper-
constantan thermocouple 8 [7]. 
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The main dimensions of CPL are given in Table 2. The volume filling of liquid ammonia was 
80.4 cm3. The saturation temperature of the working fluid is Tsat = 303.08 K, at a system pressure 
P = 1.2 MPa. 

 
Table 2. Technical characteristics of structural elements 

 
Elements of CPL Diameter, mm  Length, mm Volume, cm3 
Evaporator 231.0 190 72.18 
Compensation cavity 231.0 75 28.49 
Capillary structure 215.0 110 27.63 
Vapor line 40.5 2100 20.19 
Liquid line 40.5 1800 17.30 
Condenser: outer tube  

                 inner tube 
251.0 
211.0 

190 
190 

 
35.05 

Hydroaccumulator 351.5 105 92.50 
 
Evaporator of CPL consists of the case (stainless steel grade Kh18N10T) and a capillary structure 

made of nickel powder. The vapor and liquid line are made of copper pipe. Capillary structure is the inner 
radius of 5.5 mm. outer – 10.5 mm. It has a porosity equal to ε = 34.5 %. The permeability K= 8.4 10-14 m2/s. 
The average pore diameter Dav = 4.82 μm. Thermal conductivity of nickel at a temperature of 303 K 

50λNi   W/(m K). Thermal diffusivity а=2.1510-m2/s. According to [6] thermal conductivity of capillary 

structure   1,51λλ Nic , 125,24λc  W / (m·K). 
The ambient temperature during the experiments was controlled and varied in the range  

Tamb = 1921° С. 
Thermal load was applied to the evaporator using an electric heater. In the mode autoregulation were 

tested CPL. Operating temperature ammonia vapor is depend on the temperature of the cooling medium and 
ambient temperature. In the condenser heat from the coolant was transferred to the antifreeze. His flow rate is 
chosen so that the temperature remained almost constant. 

The design of the heater is a split-shell made of aluminum alloy D 16. On the outer surface of the shell 
wound fiberglass, which is on top of tightening collar through which an electric current. 

The heating element is a nichrome wire 0.5 mm in diameter with a common resistance of 35 ohm. 
Nichrome is wound on top of the fiberglass tape. 

To estimate the magnitude of heat transfer coefficient V from the capillary - porous structure to the 
coolant carried out numerical research with the use as input the physical characteristics of evaporator of CPL 
and the results of control experiments presented in [7]. 

 
IDENTIFICATION OF THE HEAT TRANSFER COEFFICIENT FROM THE FRAME TO 
THE LIQUID IN THE CAPILLARY-POROUS STRUCTURE BY THE RESULTS OF 
EXPERIMENTAL STUDY 

By the symmetry analysis of heat and mass transfer processes occurring in the evaporator can be 
performed without a loss of accuracy in the model elements (Fig. 2) of the capillary-porous structure CPL 
with the following dimensions: a = 2 mm, b = 4 mm, h = 5 mm, c1=c2 =1 mm. 

The heat transfer coefficient αV  from of the capillary structure of the solid matrix to the liquid has 
different values in the field of heating liquid to the saturation temperature (T < Tsat) and two-phase region 
(T = Tsat). 

For this we carried out a number of solutions to Eqs. 1 - 3. In this case variable parameters were 
volumetric heat transfer coefficients αV which were selected for each region. Coefficients αV considered 
identified if the temperature of the capillary structure of the frame and the steam temperature at the outlet of 
the evaporator coincided with the experimental data. 
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It was assumed that the temperature of the liquid at the inlet in the capillary structure is equal the 
temperature of liquid in the compensation cavity and in the feeding channel. Saturation temperature Tsat = 
30.5 C at a pressure of liquid P1 = 1.2 MPa. 

 
 

 

А Q 

R1 
R2 

Feeding channel 

Vapor -
channel 

R1 

R2 

А 

B2 

B1 

h 

B3 

a 

b 

c2 

c1 

 
Fig. 2. Scheme of the evaporator CPL: A– element of the capillary-porous structure 

 
 

The boundary conditions for the system of equations (1 - 3) were taken as follows: 
1. At the boundary B1 (Fig. 2): 
– T = T1, where T1 – temperature of the liquid in the compensation chamber, as obtained 

experimentally in [7];  
– P = P1, where P1 – the pressure of the liquid in the feeding channel; 
2. At the boundary B2 (Fig. 2): 
– for the Eq.1  q·ε·= const, where   LcnRQq  122/ , n–  the number of vapor-channels, L – length of 

capillary-porous structure; 
–for the Eq. 3 q·(1-ε)·= const. 
2. At the boundary B3 (Fig. 2): 
– for the Eq. 2 was given a mass flow rate of steam to be removed from the capillary-porous structure 

),( sqfu . 
As reference values were taken the temperature of the solid matrix of the capillary structure Tc2 

measured by thermocouples during the experiment. 
Shows (Table. 3) the results of experiments performed for different values of the heat flow Q, supplied 

from the electric heating element. 
 

Table 3. These measurements of the parameters of СPL 

Q, W 1Т ,С 
2vT ,С c2T , С G×106, kg/s 

12.2 20.8 36.3 52.2 9.7 
25.0 11.1 43.0 54.0 19.0 
35.4 13.5 41.9 57.3 28.0 
54.0 13.9 46.1 55.4 43.0 
85.0 12.6 49.0 60.0 66.0 

120.0 14.1 50.0 64.5 94.0 
168.0 14.0 49.6 70.1 132.0 
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In table 3 Tv2 – the temperature of the outlet vapor from vapor -channels; G – mass flow rate. 
We note that not all of the heat Q is used for evaporation of the liquid. Regardless of the applied 

power of 3 - 5% of its value expended on heating the fluid and vapor. This was taken into account in the 
calculations. 

As a result of the processing of the experimental data were obtained values of the coefficient V for the 
two-phase region (T = Tsat) (Fig. 3). 

In the study of depending V from Q noted that the nature of the process occurring in the capillary 
structure, can be associated with the regime of bubble boiling of liquid in conditions of free movement. For 
the calculation formula for the coefficient of proportionality V was accepted as a basis for an empirical 
calculation dependent for water in the pressure range from 1 to 40 bar [9] 

 
15.07,00.3 Pq  , 

 
resulting in V  was expressed as: 
 

,
ε
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 3     (4) 

 
where P –  absolute vapor pressure, bar; 

)ε( V − pore volume. m3. 
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Fig. 3. Dependence V  from Q: 1 - calculation values (s = 1); 2 - calculation values (s = 

0.5);  3 - calculation values (s = 1); 4 - dependence obtained from Eqv.4 
 

In the single-phase region (T <Tsat) following the recommendations of [10] volume factor V can be 
determined using an empirical relationship for the coefficient of heat transfer in the area of stabilized heat 
transfer in laminar flow in a circular tube with some additions arising from the translation in the unit  
(W/ m3 · K): 

ПV

F

D
l

V 



 por

av

66.3 , 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015  

220 
Yu. Matsevity et al. 

where 







 N

D
F

4

2
av

por  - cross sectional area of capillaries, N - the number of capillaries in the cross 

section. 
From Fig. 4 shows that the two-phase region at Q = 12.2 W located immediately adjacent the heater, 

i.e. evaporation occurs from the surface "capillary structure - of vapor-channel" (boundary B3 see the Fig. 2), 
while at a higher Q = 120.0 W phase region is deepened into capillary-porous structure element. 

 
 

 

а 

Т, єС      s   Т, єС       s  
 

b 
 

Fig. 4. The temperature change and saturation of ammonia change in the element of the 
evaporator CPL:  a- as Q = 12.2 W; b - as Q = 120.0 W (see. tab. 3) 

 
Fig. 5 shows the dependence from thermal conductivity of the capillary-porous material λc and 

difference between temperature of the solid matrix of capillary - porous structure Tc and temperature of the 
liquid (ammonia) T, which obtained by solving the system of Eqs. 1-3.  
 

 

λc, W/(m·K)  

 TTc  , K 

 
 

 
Fig. 5. Dependence ( TTc  ) from the λc 
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The figure shows that λc < 0.7 W / (m · K) temperature difference between the frame and the fluid 
decreases sharply. Thus, possible to accept equality TTc   for insulating materials, wood, glass, etc., 
whereas for metals is inappropriate. 

This conclusion allowed simplifying the system of equations (1-3). This allowed reduce the model of 
two-phase flow in the capillary-porous structure with a low coefficient of thermal conductivity to the 
equation of motion (2) and the equation of conservation of energy represented as follows: 

 

)()γ( HuH
t

H
h 




Ω . 

 
Influence from capillary-porous material on heat transfer process in this case will be carried out by 

introducing the thermal properties of the material in the following ratios: 
 

– coefficient  
dH

dT
cc ε1ε c  ; 

 

– coefficient 
dH

dT
D eff , where  λeff = λc·(1–ε) + λl·ε·s +λv·ε· (1–s). 

 
CONCLUSIONS 

1. The method of the joint decision of problems of transfer of heat and mass is offered by the two-
phase heat-carrier and a solid matrix of capillary - porous structure which raises accuracy of calculation of 
processes heat-mass transfer in CPL. 

2. Based on the analysis of experimental data on research work of capillary-porous heat pipes the 
dependence of the intensity of the heat exchange between the frame of capillary-porous structure and a 
single-phase and two-phase fluid. 

3. The algorithm and the corresponding software complex on C ++ programming language for the 
analysis of heat and mass transfer processes in metal capillary-porous structures of heat pipes, as well as for 
the simulation of drying wood and other materials. 
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Abstract 
A new method of settlement and experimental testing of the thermodynamic efficiency of the heat pump, which 

allows for a limited number of measured parameters to estimate the power consumption of the produced heat. Using 
entropy-statistical approach Gordon - Ng formed semi-empirical thermodynamic model, which allows to take into 
account the real value of the internal energy dissipation in the cycle and to evaluate the effectiveness of the heat pump 
at partial load. 

 

The program complex for processing the results of the monitoring system heat pump heating and cooling of the 
office building in real time. According to test results of the heat pump revealed that the model VMN430L used 
operated with incomplete load share (80%). This leads to an increase in irreversibility losses from at 7,3 ÷ 10 % 
compared to full load mode. Moreover, the model has VMN430L low efficiency in operation at ambient temperatures 
from -5 to 0 °C and humidity 80 – 85 %. 

KEYWORDS 
Heat pump, semi-empirical thermodynamic model, monitoring, exergy coefficient of performance 

 
 
INTRODUCTION 

Currently produced heat energy consumption in units over the life of the heat pump (HP) is not actually 
monitored. After installation HP on the subject matter of control of its parameters usually becomes the 
responsibility of the consumer of heat, not the manufacturer of heat pump, so information about its actual 
power consumption remains without analysis and synthesis. Meanwhile, the control of energy consumption in 
the HP should be the same mandatory procedure, as well as control of fuel in the car, if use a similar analogy 
[1]. The monitoring system of heat pump is carried out, as a rule, just watching for him work, including the 
registration of a small number of measured parameters. It should be noted that for a number of reasons, 
primarily due to consumers desire to "save on the monitoring system HP" and fears for his after-sales service, 
are not registration the parameters of the thermodynamic cycle. This, in turn, does not allow judging the full 
thermodynamic efficiency of HP. The accumulated experience of operating HP suggests that only through the 
creation of a system of effective monitoring of many problems associated with the influence of operational 
factors can be eliminated even before their critical accumulation that in the future will provide a significant 
energy saving effect.  

Coefficient of performance of heat pumps, to a certain extent, given the integral characteristic efficiency 
[2, 3] and do not allow to judge the quality setting. In some cases, it may even mislead (any old installation, 
has in its composition inefficient compressor, condenser or evaporator, but operated at much lower 
temperature limits of the thermodynamic cycle, may have a higher conversion rate than the new plant 
operating in high temperature limits). 

In our opinion, only the analysis of the real values of the loss of irreversibility will assess the actual 
energy consumption for heat generated and indicative of quality of the heat pump. These values must be 
obtained through the monitoring of existing facilities with HP. In this formulation, monitoring tasks HP seem 
to be much wider. This is not just an object and registration heat expended drive power HP, but also the 
analysis and diagnosis of thermodynamic efficiency. 
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1. STATEMENT OF THE PROBLEM  
In the early nineties of the twentieth century, was a number of pioneering works on the diagnosis of 

chillers and air-conditioning plants. They were mainly focused on identifying them for signs of faults in the 
plant and creation the so-called "matrix of symptoms". Each fault corresponds to an increase or decrease of 
specific measurable parameters (for example, temperature and pressure in the thermodynamic cycle) with 
respect to these parameters in reference condition setting [4, 5]. The main disadvantage of such a diagnosis 
was not possible to identify a number of malfunctions. In the past two decades, methods have been developed 
more accurate detection of malfunctions in the operation of the chillers and heat pumps [6 - 8]. They aim to 
identify factors that influence the decrease in efficiency plant, as well as providing opportunities for their rapid 
elimination. Developed online FDD technique [6] diagnostic of thermo-transformers allow determining the 
influence of several malfunctions on the changed regime parameters of the chiller. 

For fault detection these methods to use the virtual sensors and also mathematical models of thermo-
transformers. It should be added that the online FDD techniques ultimately may identify a specific fault, but 
they do not allow assessing a particular cause of the anomaly as "heavy" or "light" in terms of exergy-fuel 
consumption. To do this, is necessary an evaluation of the impact of exergy destruction in the element on the 
exergy-fuel consumption for entire installation. In order to quantify valuing the relationship between the 
destruction of exergy and exergy-fuel consumed drive the entire system is widely used techniques of modern 
applied thermodynamics. In recent years, has developed a new structural method of thermo-economic 
diagnosis [9]. Thermo-economic diagnostics can show a complete picture of the distribution of exergy 
destruction in the elements of the installation.  

Meanwhile, using these methods [4 - 9] without measuring the temperature and pressure of the 
refrigerant at all points of the heat pump thermodynamic cycles get detailed information about the 
effectiveness of the elements is not possible. In addition, there is another important aspect of the operation of 
HP, which is beyond the capabilities of these methods of analysis and diagnosis. This is operation mode of the 
heat pump at part load. As knows most of the time chillers and HP are working part-time load of less than 
60% of the design. 

Thermodynamic analysis of such a regime with help of "energy" traditional techniques made correctly is 
impossible for the following reason. According to the energy balance of the chiller or heat pump a theoretical 
change of the power consumption of the compressor must be a proportional to the change cooling capacity Q0. 
However, in the real operating at partial load, this condition is not met and the change in power consumption 
and cooling capacity occurs disproportionately. The reason for this is the internal dissipation of energy in 
thermodynamic cycle ∆Sint. Test data [10, 11] of vapor compression chillers and heat pumps showed that in 
real conditions of operation when changed Q0 the value internal dissipation in cycle remains approximately 
constant. There is an explanation. As is known [12], the internal dissipation ∆Sint

To account for this effect in the works [10-12] developed somewhat different compared to the above, 
the approach for analysis of chillers and heat pumps. It is based on the use of statistical information about the 
values ∆S

 includes: entropy generation 
per unit mass of refrigerant and entropy generation due to changes the mass flow rate of refrigerant. In real 
chillers and heat pumps when the mass flow rate of the refrigerant decreases, for example, by throttling in the 
intake pipe of the compressor piston, the entropy generation per unit mass an increased. This can be explained 
by the increasing influence of the internal friction between the molecules of the substance. For this reason, 
reducing the cooling capacity of the heat pump in the partial load mode, the value of internal dissipation in the 
cycle remains approximately constant. 

int

 

 in existing installations. This approach seems to us the most efficient for evaluation a part load 
mode of heat pump. 

2. THE PURPOSE OF THE STUDY 
The purpose of this research is to develop new method of numerical and experimental testing of heat 

pump, which allows estimating its the thermodynamic efficiency at limited number of measured parameters, 
including when operating at partial load. Monitoring of the bivalent heating system of administrative building. 
Collation and analysis of data of real operation of heat pump. 
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3. METHOD FOR MONITORING AND TESTING OF THE THERMODYNAMIC  
EFFICIENCE OF THE HEAT PUMP 

We illustrate the proposed method for monitoring of heat pump in the example of a specific object. The 
technique involves three stages: the first stage – monitoring of HP, assuming only gathering data and 
information on HP; the second stage – the processing of monitoring data; third stage – the analysis and 
diagnosis of the thermodynamic efficiency of HP. The building retail and office complex in Kharkov, 17580 
m3

The project installed two heat pump brand Vicot series VMN430L, used as a refrigerant R407C. 
Project operation of HP: heat output Q = 450 kW, the power consumption of the compressor N = 136.7 kW at 
an ambient temperature T

 of volume, total heat capacity of 924 kW, made a low-temperature water heating system on the basis of the 
heat pump "air - water". 

amb = 7 ° C and water temperatures at the inlet and outlet of the condenser  
Tw = 40/45 o

Fig. 1 is a mnemonic scheme of the heat pump heating system illustrating a first step - collecting 
information about the characteristics of the system. Monitoring system, the following parameters were 
recorded: the temperature and humidity of the outside air; water temperature in the "direct" and "reverse" main 
pipelines of the heating system; power consumption of compressors; Mass flow rate of the water in the 
condenser of the heat pump. For registration heat consumption for heating was used single-channel heat meter 
FORT-04. 

C. 

 

 
 

Fig. 1. Mnemonic scheme of heat pump heating system: E1, E2 – electric meters; НP1, НР2 – heat pumps; 
ST– storage tank; FORT-04 – heat meter; Tin, Tout

 
 – water temperatures at inlet and outlet of the HP 

Below accept water temperature at inlet the heat pump Tin equal temperature inlet the condenser Tw1 and 
Tout = Tw2

ii

ii
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−
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.In the second stage was processing of monitoring data. Coefficient of performance COP determined 
by the formula 

           (1) 

where Qi, Qi+1 and Wi, W i+1 – indications of heat and electricity in the earlier and later time points, 
respectively, kWh. 
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It should be noted that the value of the COP by the formula (1) is averaged over the period of time 
(from i to i + 1). For the correct analysis of the characteristics of the heat pump must go from the average for 
the relevant time parameters to second output. Knowing the power consumption of the compressor N, which is 
recorded every second of the installation, determine heating capacity: 

 
COPNQ ⋅= .          (2) 

 
Below in fig. 2 and 3 show the results of the monitoring data set of heat pump VMN430L. Analysis fig. 

2 and fig. 3 show that heat pump occurs switched off for different reasons. The first reason – heat pump is 
switched off when the water temperature in the storage tank reaches the desired level. The second reason 
switched off of heat pump - due to the freeze-up of the evaporator and the need for its subsequent defrosting. 
The third reason - the heat pump is switched off at outdoor temperatures below -1 °C, and then to generate 
heat in the heating system heat generator is connected. 

According to the results of the regression analysis of monitoring data of the heat pump VMN430L 
derive an equation to calculate the COP based on the following factors: ambient air humidity φ, its 
temperature Tamb, and the water temperature at the condenser inlet T

 
w1 

COP = 2.48063 + 0.00510952·φ + 0.11402·Tamb - 0.0150195·Tw1

 
   (3) 

The equation is valid for the following range of variation factors: φ = 69 ÷ 99 %; Tamb = -1÷ 6 ºС;  
Tw1
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Fig.2. Changes ambient air humidity φ and temperatures Tamb, water inlet Тw1  and outlet Тw2

 

 of the 
condenser in during operation of heat pump with 4.03. to 15.03. 2012 

The third stage of the proposed methodology − analysis and diagnosis efficiency of heat pump using 
semi-empirical thermodynamic models. At this stage, it turns out, whether the real value of energy efficiency 
of the heat pump the values that the manufacturer states as reference for this model. 

Semi-empirical thermodynamic models based on the equations of energy and entropy balances using 
statistical data on the values of the internal energy dissipation in actual installations. Simulation of energy 
efficiency, as such, they performed without using data on thermo-physical properties of refrigerants and 
structural characteristics of the heat pump equipment. Below is showing a semi-empirical thermodynamic 
model, we obtained using entropy-statistical approach J. Gordon and K.S. Ng [10 – 12]. Using the method of 
multiple regressions was processed according to the manufacturer catalog values of the energy efficiency of 
the heat pump VMN430L. 

Under appropriate water temperatures at the condenser inlet 1wT  and outlet air from the evaporator 2sТ , 
and a given value of Q0

 
 was obtained following regression equation  

( )2121100
2
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ε
1

sww
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−+ .      (3) 
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where ε – coefficient of refrigerating efficiency; A0, A1, A2

Thus, the coefficients A

 - the coefficients of the regression equation that 
characterize the effect of the irreversibility loss in the elements of the heat pump on energy efficiency. 

0 and A1 can be carried to the condenser, and A2 
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- to the evaporator. 

 
 

Fig. 3. Power consumption of the compressor N and heating capacity Q in the results of data monitoring 
 

It should be noted an important feature of entropy-statistical analysis of the heat pump. Upon receipt of 
the regression equation (3) the data processing is performed on the values Q0

NQQ += 0

 refrigeration capacity and 
refrigerating efficiency ε, rather than heating capacity Q and the coefficient of performance COP. This 
requires an explanation. According to the energy balance of the heat pump the compressor drive power N 
determines the amount of useful heat output , while the same power consumed also to overcome 
the thermal-hydraulic irreversibility in the cycle. In this connection to determine the influence of irreversible 
losses in the cycle by the conversion factor of the heat pump, while maintaining a predetermined calorific 
power consumed separately from the compressor impossible. For this reason in (3), the irreversibility losses 
must be attributed to cooling capacity, but not to its heating capacity. 

As a result statistical analysis of the data directory factory test model VMN430L obtained the following 
regression equation for the analysis of the loss of irreversibility that in the thermodynamic analysis of heat 
pump serves as the reference characteristics.  

 

( )2110
2

1 701,834836,7750825,311
sww

s

w ТTTQ
Т
T

−−⋅=⋅







−+

ε
.   (4) 

 

The accuracy of the regression equation was confirmed by evaluation of the main statistical indicators 
and benchmarks [13]. 

Fig. 4 shows the variation in the irreversible loss of function of the ratio 1wТ / 2sТ . Lines show the loss 
values obtained by regression equation as a result statistics of the data directory of manufacturers (right-hand 

side of expression 4). The values of irreversibility losses in real operation, calculated as 0
2

111
Q

Т
T

s

w ⋅







−+

ε
, 

the marked points. Region A in (fig. 4) refers to the time interval exploitation of the heat pump with 04.03 to 
08.03. 2012. Region B (fig. 4) in the corresponding period of HP exploitation with 13.03 to 15.03.2012 (see. 
fig. 3). Point C corresponds to the actual mode of operation of HP ( 1wТ = 313.5 К, Q0

From the analysis of fig. 4 it can be concluded that the actual operating conditions of HP did not lead to 
the appearance of additional irreversibility in the cycle associated with the wear of equipment (salt deposits, 
contamination lubrication-tube surface) and its breakdown. The difference in the value of irreversibility losses 
up to 5 kW (point C from Fig. 4) may be due to the influence of humidity on the intensity of heat transfer in 
the evaporator, and therefore to the irreversibility losses. Points shown in fig. 4 generally provide important 
information regarding changes irreversibility losses from temperatures in the cycle, but ultimately did not 

= 178 kW, ε = 1.46). 
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allow to fully assessing the impact of the scale factor (cooling capacity) on the irreversibility losses in heat 
pump. 
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Fig. 4. Changes in irreversible loss of cycle depending on the 1wТ / 2sТ  for heat pump VMN430L 

 
For in-depth analysis of the thermodynamic efficiency of the apparatus and in particular the effect on 

the irreversibility losses of the scale factor should be used exergy performance coefficient ЕРС [14], which is 
the ratio of the share of electric power consumption of the compressor cost of the transformation of heat to the 
share drive power required to overcome of the thermal-hydraulic in irreversibility cycle. 

 
( )
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1/ε
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w

w ,        (12) 

 
Fig. 5 shows the values of the coefficient of EPC obtained at different ratios 1wТ / 2sТ . Lines in the 

figure shows the reference values EPC, where ε calculation using the regression equation (3), points – values 
obtained from monitoring data in real operation at temperatures 1wТ  from 300 to 313 К.  
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Fig. 5. The EPC dependence from 1wТ / 2sТ  

 
The analysis of the EPC (Fig. 5) showed that the real value of its significantly smaller of the reference. 

This suggests that the capacity to overcome the thermal-hydraulic irreversibility in actual use is spent more. In 
our opinion, this may indicate a possible work of the installation in a part-loaded mode due to incorrect 
adjustment of performance. For this mode, known as characterized by an increase in the internal energy 
dissipation in cycle and, consequently, increased power consumption of the compressor drive. To confirm the 
assumption that the heat pump operated in a part-loaded mode, we conducted a comparison of static 
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characteristics ( )1,10 ws TTfQ =  and ( )1,1 ws TTfN =  in the reference and real-mode (Fig. 6). Markers in fig. 6 
show the actual characteristics, dashed lines - reference. Fig. 6 shows that for the same input parameters 1sT  
and 1wT  the actual values of the cooling capacity are significantly lower than those characteristics which 
should be at 100 % load, indicating that the part-loaded mode. 

Fig. 7 is a graph of energy consumption of the compressor drive in percentage ( ) %100⋅= NNN %  with 

different percentages cooling load of heat pump ( ) %10000 ⋅= QQQ %
0

. There %
0

Q , %N – cooling capacity and 
compressor drive when working with partial loads and 0Q , N  – for 100 % load. 
 

         
      a             b 

 
Fig. 6 Static characteristics of heat pumpVMN430L: а – ( )1,10 ws TTfQ = ; b – ( )1,1 ws TTfN =  

 

50

60

70

80

90

100

50 60 70 80 90 100

N , %

Q 0, %

1

2
3
T w 1=307 K

T w 1=313 K

 
Fig. 7. Dependence N  from 0Q  for heat pump VMN430L: 1- theoretical characteristics obtained by the 

method of calculation;static characteristics of HP [15]; 2- characteristics obtained by a regression 
equation (3); 3- actual characteristics obtained from monitoring data of HP (figures 2, 3) 

 
Analysis Fig. 7 shows that for the model VMN430L  the modes of operation with partial loads lead to 

increased power consumption, as evidenced by the significant discrepancy between the theoretical response 
(line 1) and actual values (line 2). 

 
CONCLUSIONS 

Proposed the methodology of monitoring of heat pump allows real-time to exercise thermodynamic 
testing of the heat pump for a limited amount of measured parameters, including operation at partial load. 

The essence of the technique is that on the basis of data thermodynamic efficiency statistics catalogs of 
manufacturers of chillers and heat pumps the regression equation is formed for determine the loss of 
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irreversibility in the cycle. This relationship serves as the reference characteristics of heat pump for his 
diagnosis in real time, with only available data on the coolant temperature at the inlet of the evaporator and 
condenser, as well as indications of heat and electricity. 

Monitoring of the heat pump VMN430L in the heating system of the office building showed that this 
model is mainly operated in partial load operation. This led to a substantial increase in the amount of internal 
energy dissipation in the cycle and as a result increased power consumption. While reducing the cooling 
capacity by 50 % with respect to full load the irreversibility losses varied by only in 1 %. In addition, while 
raising the temperature of ambient air and below 0 °C and increasing its humidity to 85 % significantly 
reduces the effectiveness of heat pump. 

Thus, our monitoring showed the ineffectiveness of this model. By the way, it should be noted that 
revealed by the settlement and pilot testing shortcomings are not typical for the current generation of chillers 
and heat pumps (for example, chillers Clivet, Trane). 
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Abstract  
It is proposed to implementation maximally adapted to work in harsh environments of Kazakhstan and Russia 

(up to –45 °C) application technology of heat pumps  (HP) of new generation, which works on triangular 
thermodynamic cycle of the Lorenz, with use of alternative(non-traditional) energy. Research of energetical, economic 
and environmental efficiency of modern HP has been conducted, with use of circulating water’s heat from turbine 
condensers, which is current at JSC “TPP-2” (Astana, Republic of Kazakhstan). It was found that application of HP of 
new generation in scheme of Thermal Power Plant (TPP) by using low-grade heatsource (LHS) of water from turbine 
condensers with temperature up to +35 °С, which is directed to the evaporators of HP instead of cooling towers, will 
provide scheme of TPP with water which has temperature up to +85 °С and higher, will provide sufficiently high 
efficiency (the average energy conversion efficiency ϕ = 8.3

 

). Research results are being used on developing feasibility 
study of the project application of HP of new generation on the TPP-2 Astana and on carrying out planned pilot tests HP 
(2015–2017).  

KEYWORDS  
Heat pumps, heat pumps technology, alternative source of energy, Lorentz cycle, cooling tower, TPP, 

 
conversion factor.  

 
One of the promising directions efficient use of heat pump technology in Republic of Kazakhstan is 

direction, which is connected with utilization of low-temperature heat waste of industrial processes (waste 
water, water from the water recycling system etc.) to reduce harmful emissions into the atmosphere and to 
simultaneously obtain higher heat settings.  

In Republic of Kazakhstan are presently operating 37 TPP and several large power stations, where in 
circulating water supply systems dropped from the cooling water of 45–55 % of the fuel energy. Sometimes 
the deciding factor in choosing a site for construction of TPP is the presence of natural water bodies capable 
to perceive significant amount of knockdown heat without much damage (for instance Power Plant of Aksu, 
Thermal power plant of Uskemen, Thermal power plant of Sogrinsky etc.) thereby performing thermal 
pollution of water bodies.  

Also industrial plants (metallurgy, petrochemicals, machinery, etc.) consume huge amounts of water in 
cooling towers for cooling machines and for working bodies in various technological processes. These 
"warm rivers" have year-round temperature of 20-40 ° C, practically does not allow heat directly, and cooled 
in the cooling towers, cooling pond and rivers giving to atmosphere with the heat part of the water.  

Over the years, by Kazakh and Russian scientists are working together to develop schemes technology 
and application of heat pumps using waste heat of recycling systems of industrial enterprises to improve 
efficiency of power equipment of these of enterprises (TPP, steel mills, refineries, etc.) [1–9]. 

mailto:Alimgazin_altai@mail.ru�
mailto:energy@risp.ru�
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As research shows the application of HP on thermal power plant is very promising 

According to 

namely at high 
energy conversion efficiency ϕ > 6 [7, 8]. 

global trends of fuel savings waste heat in cooling towers (cooling ponds, rivers, etc.) 
must be used. [3, 6, 7–11]. 

There are already some foreign experience in this area (China, Russia and others.) which demonstrated 
that the use of HP on TPP beneficial not only technologically (It improves the vacuum in the condenser and 
increases power generation)but likewise economically (real fuel economy or an increase in thermal power 
plant without additional fuel costs and excessive capital expenditures) [6, 7, 10].  

As follows from this, the use of cooling towers is a wasteful and unproductive since it is possible to 
utilize the heat, which is wasted from cooling towers and to generate hot water with required parameters by 
using heat pump installation. Energy Efficiency of applications of HP depends on amount of utilized heat 

Currently only on TPP RAO «EPP Russia» 
and on its share in consumption of high-grade heat.  

by industrial cooling water system discharged into the 
environment at least 140–150 million Gkal which is equivalently 24–26 million Wastage of fuel. Only in the 
system of JSC “Mosenergy” wastes to the environment on TPP of Moscow up to  
45–50 million Gkal year, which is equal 7.2–8 million ton of wasted fuel. he total amount of waste heat on 
urban and surrounding TPP to Moscow from November to March on heating season is up to 1600–2000 
Gkal/h. Technically possible recycling up to 45 % of low-grade heat (about 10 % of the amount of supplied 
heat).  

As you know, savings (substitution) of fossil fuels via HP is occurred due to the involvement of a 
useful low-grade heat emissions at thermal power plants. 

− by directly using cooling industrial water of TPP 
This is accomplished in two ways: 

− 

as a source of low-grade heat (LGH) for heat 
pumps (instead of reconstruction of cooling towers); 

by using as LGH for heat pumps return water, which returns to TPP with temperature  
20–25 °С.  

The direct use of service water’s heat, which cools capacitors of TPP as low-grade heat source for HP 
of new generation (by passing the cooling tower) allows you to return most of the waste heat  to the TPP 
(about 50–60 %).  

− 
Also: 

− it improves 
for  he production this of heat, it is not necessary to spend extra fuel heat;  

− 
environmental situation;  

by lowering the temperature of the circulating water in the turbine condenser vacuum will be 
significantly improved and to increases electric generation of 

− 
turbines;  

One of the first 
the cost of its pumping and loss of circulating water will be reduced.  

projects on the use of HP on TPP in Russia was implemented in 1999–2000 on  
TPP-28 CJSC “Mosenergy” [10] in terms of its real operation in a wide range of changes in the under lying 
parameters. In the development of thermal and technological scheme of HPI on HPP – 28 it was taken into 
account, that the greatest interest was on using waste heat of circulating water as low temperature heat source 
after the turbine condenser (in cooling tower) and its transfer to the heating system. During the test in actual 
operation of HPI on TPP CJSC “Mosenergy” the possibility of transferring waste heat of turbine condenser’s 
(Tcw = 25–30 °С) circulating water into reverse heating duct heating system with quite high conversion factor 
was confirmed (Chp = 4.5–6

Here the data on some objects in China, which is 
). 

well advanced on application HP on TPP:  
а) Power plant Shentu, which is located in city of Shuzu (northern Shanxi Province, CNR), equipped 

with 4 power units with a capacity of 500 MW each. The modernization of 4 turbines each generating units 
has been conducted to organize additional steam extraction for district heating through heat pumps. A key 
element of the heating system is a heat pump, which extracts the low-grade heat from the cooling water after 
the condenser. As a result of this work (2011–2014) the efficiency of the station has been greatly improved 
and the environmental situation in the city and region as a whole has been significantly improved.  

It has been calculated that for each 1 MWt allocated heat by the station, about 0.3 MWt is taken from 
the cooling water after condenser.  

b) another example on project with HPI:  
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In 2010 at the municipal TPP of the Yngjin city (China) 6 HPI Shuangliang was installed with 
capacity of 30 MW each. They utilize thermal energy of towers (temperature 30–40 °C), and generate hot 
water with parameters 70–90 °С for additional heating the whole area of the city, utilizing the heat which 
was previously reset able by cooling towers.  

− 
The introduction of heat pumps in the project will annually:  

− 

further sell thermal energy which worth more than $ 5 million (and the rate for thermal energy in 
this city is lower than in Russia);  

− 
save500,000 tons of water (it does not evaporate in the cooling towers);  

− 
save 49,300 tons of coal;  
reduce CO2 emissions by 98 600 tons

− 
;  

to reduce nitrogen oxide emissions by 730 tons.  
The payback period for the implementation of HPI and for the use of low-temperature waste heat for 

heating companies amounted to less than two years.  
Similar projects have been implemented in a number of other facilities: district TPP of Yangkvang, 

TPP of the city Shenyn.  
These examples prove that the use of heat pumps in the fuel and energy complex of the Republic of 

Kazakhstan allows full use of the widest, nobody realized possibilities of increase energy efficiency both in 
the manufacture and in the use of energy.  

However, all known types of HP in the world, which work on conventional cycle of Rankine [1, 4, 6, 
11], provide a heated coolant up to 65 °С, while an offered HP of new generation, which in terms of 
thermodynamic, work more efficiently on triangular cycles of Lorenz, make it possible to heat water in the 
system up to 80–85 °С, with higher conversion factor (ϕ > 4) and with other performance. The efficiency of 
such a Lorentz cycle significantly superior to traditional reverse Rankine cycle, by which currently all the 
vapor compression heat pumps in the world work [5, 7, 8]. 

However, the use of heat pumps in the Republic of Kazakhstan, in some northern regions of Russia 
has its own their distinctive points, which firstly associated with a longer heating period (up to 215–230 days 
per year), secondly with more severe climatic conditions (up to –45 °С). Therefore, heat pumps for harsh 
climatic conditions of both Kazakhstan and Russia should also vary from overseas and constructively again, 
because of the required high temperatures for heating [5, 7, 8].  

According to this development in 2013 an application for an innovative patent was filed (authors 
Alimgazin A. S., Petin Y. M., Alimgazina S. G., Bakhtiyarov A. E.) and a patent of Russian Federation for 
the invention of the "Method for hot water supply and heating method by using it” was received [8].  

The most important prerequisite for the application of HP of new generation is a huge emissions of 
low-grade heat (LGH), firstly with cooling process’s water at TPP, increasing in a period of decline heat load 
in the non-heating period.  

By agreement with JSC “Astana-energy” currently, research is conducted to draw up the feasibility 
report on the project for application of heat pumps using waste heat of circulation water at the  Heat Power 
Plant-2 (Astana City), which flows in to the cooling towers with the temperature up to 35 °

It is proposed the application of heat pumps of new generation in technological scheme of TPP using 
low-grade heat of water from 

С to cool (volume 
of the water cooled is up to 35 000 cubic meters per hour), which will allow to reduce heat air pollution 
significantly and to subsequently apply the thermal energy removed for heating various facilities [6, 7].  

turbine condensers with temperature up to +35 °С which is directed to the 
evaporators of HP instead of cooling towers (cooling ponds, rivers) 

− to provide a receipt up to 15 % more electricity during the heating season;  
as a source I will allow us:  

− to utilize low-grade heat (LGH) of cooling service water for heating make-up, treated water which 
comes to fill the loss of water mains;  

− to get a savings(substitution) of fossil fuel using HP, that, ultimately, is due to the efficiency of 
emission of LGH at TPP.  

As part of the memorandum of co-operation between ENU by L. N. Gumileva and CJSC “Energy” 
(city of Novosibirsk), in 2–4 quarters of 2014 continued further studies on the prospects of application of HP 
of new generation, which works on more efficient scheme in Lorentz cycle in contrast with Rankine cycle, in 
order to obtain high heat settings in plant by cooling the circulating water of JSC “TPP-2” of the Astana city.  
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According to the Protocol of the joint meeting with the leadership JSC “Astana-Energy” (14.08.2013) 
continued settlement-theoretical work on the possibility of using heat pump new generation technologies, 
using as a low temperature heat source circulating water of the TPP-2 (Astana c.)  

Рroduction and technical department JSC “TPP-2 Astana c.” all the necessary information has been 
provided: production figures of the station, including coolant parameters, data on a daily and monthly 
generation of steam, electricity, heat transfer balance on TPP-2 etc. 

The results of the research in the 2- 4 quarters of 2014 design study for a multi-stage heat pump station 
has been executed (HPS) for the hot water system (HWS) on object JSC “TPP-2” Astana city, consisting on 
5 vapor compression heat pump PKTN – 3000 with variable temperatures of and constant boiling 
condensation. The total heating capacity of 5 PKTN 3000 was 17.545 Gcal/h. For the first time on a real 
industrial facility new heat pumps (HP) of the new generation proposed for utilization of waste heat from 
cooling towers of Station. The above five-step calculation of the heat pump is unique, as the thermodynamic 
cycle, in which the five-stage of PKTN 3000 work (Nos. 1–5), is none other than the triangular modeled 
cycle of the Lorenz.  

The results of the calculation of five-step  PKTN 3000 confirm this statement. In particular, when 
calculating the resulting five-step PKTN-3000 (Nos. 1–5) conversion coefficient (φ = 8.3) is very high, 
which allows to achieve economic efficiency, superior efficiency of heat supply from TPP operating in 
cogeneration mode.  

To confirm the significant superiority of PKTN-3000 (Nos. 1–5), working on a cycle, which as close 
as possible to the triangular cycle of Lorenz in contrast with the work of PKTN-3000 and running a reverse 
Rankine cycle, in this work also carried out a comparative calculation of a single-stage PKTN with a equal 
capacity to the total capacity of 5 PKTN 3000. The calculation of determining the value of the resulting heat 
pump heat is conducted.  It was found that the cost of the resulting heat pump will heat 1.833 times lower 
than the cost of heat from the TPP The study of energy, economic and environmental effectiveness of HP of 
new generation  using heat of circulating water from turbine condensers which are current at JSC “2-TPP” 
Astana c.  

Thus, studies have confirmed that the use of a HP of new generation in the scheme of the TPP with 
use of the water  from the turbine condensers  with temperature up to +35 °С which is directed to the 
evaporator of the HP instead cooling towers  as a source of low-grade heat, will ensure the supply of water to 
the scheme of the station with temperature up to +85 °С and higher, likewise will provide sufficiently high 
efficiency (average energy conversion efficiency ϕ = 8.3).  

The results are used to develop a feasibility study of project, implementation of HP of new generation 
on largest operating 2-TPP of Astana c. And on the planned pilot tests HPP (2015–2017 years).  

Implementation of heat pump technology of the new generation at the existing and projected TPP and 
NPP of Republic of Kazakhstan will provide increase in thermal generation capacity without increasing in 
the consumption of primary fuels (coal, fuel oil) and reducing emissions.  

Of particular note is that due to the introduction of HP, enormous resources to improve energy 
efficiency can also be realized, which are available on the refining and petrochemical industries, machine-
building, metallurgical plants, enterprises building industry, agriculture, etc., namely  on those types of 
industries that are currently leading in the industrial sectors 
 

of the country.  
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Abstract  
The objective of research is study of the processes occurring in accumulating medium, in surrounding space, 

together with the analysis of heat pump systems efficiency coupled with low potential energy storage. Study of 
temperature (thermal) characteristics is carried out for thermal storages ant different boundary conditions. The 
modeling of thermal storage elements supports the design of effective heat pump systems. During the carryout of 
research there was approved an original scheme of thermal storage with ground heat exchanger, results of experimental 
and numerical study and detailed analysis were performed.  

 
KEYWORDS  

Heat pump, thermal storage, temperature distribution, 3d-model, ground heat exchanger. 
 
 

INTRODUCTION 
Renewable energy extensive consumption and accumulation is an definitely the problem in many 

economically developed countries. Belarus requirements for using the natural energy sources, including 
renewable should lead to wider exploitation of ground thermal energy countrywide. Today the using of low 
potential thermal energy grows very slowly both for needs of the individual consumers and large industrial 
applications. Literature review shows that the sources of high potential thermal energy concentrated in 
Kamchatka, area of the Caucasian mineral waters of Russian regions and in Hungary, Iceland and France of 
Europe  

Over the last ten years the quantity of the energy systems using low potential heat of soil by means of 
heat pumps significantly increased. A great number of such systems function in the USA, Canada and the 
countries of the Central and Northern Europe: Austria, Germany, Sweden and Switzerland.Detailed studying 
of methods of increasing the accumulation efficiency, including the processes of accumulation of thermal 
energy will allow to perform modernization of microclimate systems more effectively [1]. 

 
1. THERMAL STORAGE FOR HEAT PUMP 

It is necessary also to note, that the new accumulation systems and cooling and refrigeration principles 
continue to develop and needs detailed study as for new heat pump units and also for cooling and 
refrigeration units [2].  

The source and sink of thermal energy usually have tendency to significant fluctuations in heat pump 
units. Reliable systems are necessary for effective power systems and an effective utilization of renewed 
sources for short and also long-term accumulation. One of the important ways of thermal accumulation 
development is amplification the power efficiency and comfort of the building by means of reduce in a 
thermal gradient and temperature fluctuations [3].  

The artificial technologies for thermal storages include the soil accumulators of a thermal energy, the 
above ground liquid tanks, the underground tunnel in rocks with circulating air, the phase-change materials, 
thermochemical accumulation. The authors study the possibility of an effective use of ground heat 
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exchangers and tanks together with heat pumps in climatic conditions of Belarus. Main tasks of the research 
has been solved for heat pumps developed in Luikov heat and mass transfer institute [4, 5]. 
 
1.2. Actuality 

Thermal accumulation is the most effective when heat loads are cyclic and the period of load variation 
may be long-term within day, week or season or loads are short when the fluctuations lasts from 10 to 20 
minutes. If the object or the building has very flat load characteristic the thermal accumulation can be not 
applicable. Thermal accumulation is very attractive when new objects or buildings are constructed; at 
growing infrastructures; in cases of replacement and modernization of facilities.From the cost-effective point 
of view thermal accumulator is effective technology in capital costs and electric power economy. Ecological 
aspect of thermal accumulation is effective implementation of solar a wind technology. The end user of heat 
pump system is the building being located in urban region and chosen for performing specific heat pump 
experiments. The climatic region is moderately continental, with the minimum winter temperatures about 
minus 25 °C and maximum summer about 25.9 °C [3]. 

The preliminary analysis has shown, that in average density building city with lots of underground 
pipe connections and infrastructures the using of typical horizontal and vertical ground heat exchangers have 
significant limitations [6]. 

 
1.3. Efficiency of the accumulator using low potential energy of the ground 

The thermal condition of a ground is characterized by parameters of temperature of its natural 
horizons. Both the thermal characteristics of basic elements of the thermal accumulator and of the 
environment were analyzed during research. The thermal condition of a soil has been estimated on dynamics 
changes of its temperature. Annual temperature variations depend on local conditions; have the larger 
amplitude fluctuations, and most typical for deep soil levels then daily temperature fluctuations. The major 
annual temperature fluctuations occur beneath the superficial layers of the soil and reduced with depth. The 
area of active seasonal temperature variations is limited by 3 to 4 meter layers but on depth of six meters 
annual temperature fluctuates within one degree 1 °С. Figure 1 represents the diagram of temperatures 
variations for the ground on the depth of 8 m in Minsk region. 
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Fig. 1. Annual fluctuations of temperatures of a ground on various depth for Minsk  
 
 
 
Four temperature curves correspond to specific months that represent most significant changes in the 

soil. The diagram is the result of the experimental thermal tests for demonstration heat pump area and data 
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processing received from meteorological stations.In moderate climate regions the maximum of daily average 
surface temperature of a ground usually observed during July and August and the minimum temperature – 
during January and February. Due to heat transfer inertia in soil layers the stability of maximal temperature 
delays after a maximum of temperatures of air. Temperature fluctuation for depth of 3 м has some month of 
delay in comparison to surface temperature [7]. 

 
1.1. Use low potential thermal energy of the ground. 

The passive air-conditioning requires minimal expenses of the electric power. Such type of climatic 
systems can be used mostly with liquid-liquid heat pumps, and soil heat as most effective low potential heat 
source. 

Additional benefit of passive air-conditioning is the rapid regeneration of a soil and additional 
accumulation of heat in a ground before a heating period of cold seasons. Heat pump system efficiency 
during the heating period in such period moves toward theoretical coefficient of performance СОР and 
depends on characteristics of the pump and efficiency of heat exchangers. 

The passive conditioning cannot cover the full load of the required for cooling, however it is very 
economic since refrigerating factor EER (energy efficiency ratio) reaches the values 15–20. 

The period of maximum thermal load of the system  
 

                
max

max Q

Qannual ,                                         (1) 

 
where maxQ  – the maximum  heat capacity of the heat pump.  

The load factor of the system  
 

                
annual

loadK

 max ,                                               (2) 

 
where annual  – the annual duration of heating/cooling mode of heat pump. 

Coefficient of performance of heat pump   
 

                  
e

HP

P

Q
COP  ,                                   (3) 

 
where HPQ  – the thermal power of heat pump;  eP – the electric energy consumption.   

Cooling efficiency  
 

                   
e

o

P

Q
EER  ,                                   (4) 

 
where oQ  – the cooling (refrigerating) capacity heat pump.  

Detailed calculations of the main accumulating system parameters are made taking into account the 
peculiarity of real circle with refrigerant compression and most complex operating mode – cooling mode 
(Table 1).  
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Table 1. Efficiency parameters of the heat pump in two modes of operations 

Parameter Heating mode Cooling mode 

Qо, W 7700 20500 
Pе, W 4400 2000 

τmax, hours 1616 550 
τгод, hours 4848 1904 
Кload 0.333 0.278 

Qhp, W 12100 20500 
COP, EER 2.75 10.25 

Qghe, W 7700 22500 

 
For realization of passive cooling the heat pump should provide the possibility of installation the 

additional equipment: the three-running valve, high effective heat exchanger, circulation pumps. The 
principle schemes of such cooling have been developed for heat pumps with heating capacity up to 30 kW.  
It allows to use rather low temperatures of a ground (6–10 С) for building cooling [6]. 

 
2. ANALISIS OF LOW POTENTIAL THERMAL STORAGES  

For designing of horizontal earth heat exchanger, including energy baskets, the manufacturers and 
designers use standard accounting methods of spiral heat exchangers, thermostat coils and heat and cold 
storages [8].  

The heat power extracted from the ground depends on operation mode of heat exchanger and defined 
from the following equation:  

 
                    max gheg QQ ,                        (5) 

 
where gheQ  – the thermal capacity of the ground heat exchanger; max – period of heat exchanger  

exploitation at maximum heat power values.  
The environment conditions for heat exchanger and thermal accumulator and their thermal 

performance depend from soil type and soil properties. Taking into account the Minsk region and compact 
shape of heat exchanger there was calculated the thermal performance of one heat exchanger about 0.7 kW 
per 7.54 m2 of surface area. The working fluid in thermal accumulator has been chosen taking into account 
existing experience and the substances and blends widely presented in the market. Considering appropriate 
operational properties and cost, the water solution of 30 % of water solution of glycol have been 
accepted [9]. 

The ground heat exchanger consists of polyethylene pipe twirled in a spiral, with a conic arrangement 
of coils, which are fixed by several basic beams. The working fluid passing in evaporator coils cooled in and 
comes to ground heat exchanger where being heated up, and returns to the evaporator again. 

Since very specific shape of heat exchanger it is exist the peculiarities in hydraulic calculations of the 
system (Figure 2). Efficiency of hydronic units strongly depends on precision modeling of heat exchangers. 

The volumetric fluid flow for pipelines can be defined from the following equation:  
 

            Tc
QV  ,            (6) 

 
where c  – the capacity of working fluid; T – temperature difference of the pipeline network;   – the 

density of working fluid.  
 
Internal diameter of the cylindrical pipe can be defined from the following equation:  
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where V  – volumetric fluid flow; w  – velocity parameter of the system. 
 
 

 
 
Fig. 2. Planning the specific configuration of the thermal accumulator for particular 
building surrounding  

 
Several ways of efficiency increasing of accumulators of a low potential thermal energy in 

combination with systems of heat pump have been studied.  
The accumulator is discharging when cold water passes through it and extracts the heat from the  

ground. The rocks and clay are most suitable for such purpose, since there is no other way to take out a heat 
by underground water layers. The temperature of thermal accumulators in reservoirs is about 5 °С = 278К. 

Improvement of characteristics of the thermal accumulator is realized by enhancement of the heat-sink 
environment. For this purpose the opportunity of developing the underground tanks is analyzed. Frontal 
section of the underground water tank used for heat pump system is shown in Figure 3. 

 
 

 
 

Fig. 3. The underground water tank for ground heat exchangers 
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Underground thermal accumulators with horizontal channels have typical operation period from 2 to 4 
months. This period of accumulation is equated to the period with extreme temperatures of surrounding air 
May, June, July, August with average duration about 123 days. 

It is known from practice that during the system operation in heating mode the temperature profile in 
heat extraction region may drop off significantly [10]. During other periods when ground heat exchangers 
stop the function the ground should increase it potential and in theory  warm up to the reference temperatures 
of undisturbed condition. In practice returning to the undisturbed level not occur often,  and therefore at  the 
beginning of the next  heating period the ground has lower temperature potential. 

Both the incorrect choice of temperature modes for heat pump units and an intensive exploitation of its 
parts especially at initial stage, may lead to a rapid lowering the thermal energy in soil massive.  

Thus the providing stability of a temperature field of a ground at significant fluctuations heat source 
and heat sinks remains one of significant tasks of the heat pump system designing process. The analysis of 
soil ability to restore temperature to the undisturbed condition leads to define the optimum conditions of 
using heat pump system. Results of calculation and modeling have shown a satisfactory condition and 
stability of thermal characteristics in comparison with the data of experiment performed within a year. Data 
received from thermal measurements of water tank characteristics confirm the possibility to use it as 
alternative variant of thermal accumulator. 

 
1.3. Designing and 3D-modeling of the low potential of thermal accumulator. 

The analysis of existing systems (SolidWorks, SolidEdge, Cimatron, Form-Z, Autodesk Inventor, 
CAD SolidMaster and some other) for modeling and design have been performed and several models of 
thermal accumulators was created [11].  

For modeling and thermal analysis of ground heat exchanger the package COMSOL Multiphysics 
have been applied. The model of the ground heat exchanger has been created specific component of for 
specified modeling of streams in pipelines. It allows analyzing the flows, fluxes, mass transfer and hydraulic 
phenomena. Results of simulations in module Pipe Flow have been integrated with 3D-model of other 
components of a heat pump network [12].  

Model and results of thermal analysis of low potential energy accumulator are presented in Figures 4 
and 5 correspondently.  
 
 

  

Fig. 4. Shape of basic element of the thermal accumulator Fig. 5. Typical temperature field of a basic element 
of the thermal accumulator 

 
 
The results of model building show that correct boundary conditions definition that corresponds to to 

real physical process in soil massive is critical, in particular for deep or long heat exchangers. Thermal 
analysis of low potential energy accumulator in water tank is performed on similar algorithm with taking into 
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account temperature mode of the water heat-sink environment. The design and analysis methods is used for 
heat pump facilities  creation with heat power up to 30 kW. [5] 

 
СONCLUSIONS  

For heat pump the ways of improvement of efficiency were offered for long and short-term 
accumulation systems both with using ground infrastructures.  The three-dimensional model of the heat 
exchangers have been building that allows making optimum decisions when choosing different applications.  
The experimental research has been performed and temperature data have been analyzed. The practical 
importance of the received results consists in the following. The complex approach to designing of 
geothermal heat pump systems allows to find the appropriate thermal accumulator of low potential energy 
which allows to provide of the maximal efficiency; reduce of the period of returning to undisturbed 
temperature potential.  
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Abstract 
Due to high energy saving potential Adsorption Heat Transformers (AHTs) are gaining more and more interest 

during last years. A large advance in the enhancement of the AHT’s performance can be achieved with the development 
of new advanced adsorbents. We present the results of comprehensive study of equilibrium and dynamics of water 
adsorption on a novel adsorbent NH2-MIL-125 and evaluation of potential of the 4“NH2-MIL-125 – water” working 
pair for AHTs. NH2-MIL-125 exchanges 0.39 g H2O/g under typical conditions of adsorption chilling cycle which 
exceeds the uptake variation of common and innovative adsorbents for AHT. The isosteric heat of water adsorption 
varies in the range of 49.7 ± 1.0 kJ/mol to 54.8 ± 2.0 kJ/mol at uptake 0.03–0.40 g/g. The verification of NH2-MIL-125 
cycling stability demonstrates that both the adsorption capacity and porosity of NH2-MIL-125 change slightly during 
the first adsorption cycle and then remain near constant. Based on the data obtained, the Coefficient of Performance and 
Specific Cooling Power of the adsorption chilling cycle utilizing “NH2-MIL-125 – water” pair were assessed at 
regeneration temperature of 75–80 °C as 0.77–0.80 and 2.8 kJ/kg, respectively. That demonstrates its large potential for 
low temperature heat transformation.  

 
KEYWORDS 

Adsorption transformation of heat, heat storage, metal-organic frameworks, NH2

With increasing demands for heating and cooling, the effective usage of renewable and waste thermal 
energy becomes one of the most significant challenges facing mankind today. Thermally powered 
Adsorption Heat Transformers (AHTs) are considered as promising alternative to traditional compression 
systems for heat or/and cold production [

-MIL-125, water 
vapor adsorption, isosteric adsorption heat, Coefficient of Performance, Specific Cooling Power 

 
 

INTRODUCTION 

1]. Due to their energy saving potential and the usage of 
environment-friendly working fluids AHTs are gaining more and more interest during last three decades [2].  

A single bed AHT unit is composed of an adsorber, evaporator and condenser [3]. The working cycle 
of AHT consists of two isobaric and two isosteric stages. During the isobaric adsorption stage a working 
fluid evaporates in the evaporator consuming the heat Qev at low temperature and is absorbed by the dry 
adsorbent releasing the adsorption heat Qads. Then, the adsorbent is isosterically heated. During the isobaric 
desorption stage the working fluid is released from the adsorbent utilizing the desorption heat Qdes from an 
external heat source and condenses in the condenser releasing the heat Qcon. Then, the adsorber is 
isosterically cooled and the cycle is closed. Depending on the consumer needs, AHT can operate as a chiller 
(Qev is useful cold, Qads + Qcond are rejected), or as a heater (Qads + Qcond are useful heats, Qev

Despite significant progress achieved, more R&D is still necessary to raise the Coefficient of 
Performance (COP) and Specific Cooling Power (SCP) and to make the AHT technology competitive with 
common compression systems. A large advance in the AHTs can be achieved with the development of new 

 is absorbed 
from the environment).  
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efficient adsorbents. A concept of the optimal adsorbent specialized for particular AHT cycle was suggested 
in [4

4

], and step-wise adsorption isotherms were found to be optimal for adsorptive cooling/heating cycles. 
Besides, the position of the step has to match the operating conditions of the particular cycle. So far, a 
number of various cycles has been realized for air conditioning, ice making, deep freezing and thermal 
energy storage. Operating conditions of these cycles differ essentially, therefore adsorbents used should be 
properly different [ , 5

Metal-organic frameworks (MOFs) are a novel family of crystalline solids with permanent porosity in 
which the metal-oxygen units are bonded through the organic linkers [

]. Thus, a search of advanced adsorbents specialized for different AHT cycles is a 
challenging task.  

6]. Due to combination of both 
hydrophilic and hydrophobic moieties in the same structure MOFs possess unique adsorption properties [7]. 
In particular, adsorption of typical working fluids used for AHTs (water, methanol, ethanol) on a number of 
MOFs is characterized by rare step-wise (or more realistic “S” shaped) isotherms, which are very beneficial 
for AHTs. So far, several MOFs have been suggested as adsorbents for AHTs [8]. Among various MOFs, 
NH2-MIL-125 is one of the most promising for AHTs [9]. It is built up from cyclic octamers constructed 
from corner or edge sharing TiO5(OH) octahedrons, connected through 2-amino benzene dicarboxylic acid 
(NH2-BDC) linkers. Water adsorption on NH2-MIL-125 is characterized by “S” shaped isotherm with a 
sharp rise of adsorption at relative pressure of about 0.2 [10], that makes this MOF very attractive for air 
conditioning adsorption cycles driven by low-grade heat. However for assessment of the cycle efficiency a 
more detailed study of the equilibrium and dynamics of water adsorption on NH2-MIL-125 as well as its 
hydrothermal stability is prerequisite. Here we present the results of the comprehensive study of water 
adsorption on NH2-MIL-125. On the base of these data the COP and SCP achievable in the cycle is assessed 
and potential of NH2

Material synthesis and characterization: NH

-MIL-125 as adsorbent for AHT is evaluated.  
 

EXPERIMENTAL 
2

10
-MIL-125 was synthesized following the procedure 

reported in [ ]. The BET surface area, micropore and total pore volumes of synthesized NH2-MIL-125 
were determined with a Quantachrome Nova 1200 gas sorption analyzer. The phase composition of the NH2-
MIL-125 was studied by XRD analysis with a Bruker D8 diffractometer with reactor chamber XRK-900. IR-
spectra were recorded on a Varian 660 FT-IR spectrometer for 0.5−1.0 wt % samples in KBr pellets. Specific 
heat of the NH2

Adsorption measurements: Water adsorption isobars were measured by thermogravimetric method 
with a Rubotherm thermal balance over a temperature range of 20 to 110 °C and at the partial water pressure 
7 – 57 mbar. The uptake was calculated as w = m(P

-MIL-125 was measured over the temperature range 20 - 100 °C by DSC technique with a 
NETSCHZ DSC 404C apparatus at a constant heating rate (3 K/min) in dry argon flow.  

, T)/m0, where m(P, T) is the weight of water adsorbed. 
The water adsorption dynamics was studied by a Large Temperature Jump method that imitates typical 
conditions of AHT’s isobaric stages [11]. The experimental rig contained three main parts: a measuring cell, 
a buffering vessel and an evaporator with liquid water. Loose adsorbent grains of diameter Dgr ranging from 
0.1-0.2 to 0.8-0.9 mm were placed on the metal support in 1-4 layers. After evacuation of the experimental 
rig, the buffering vessel and the measuring cell were filled with water vapor up to the initial water pressure P 
= 1.23 and 4.24 kPa for adsorption and desorption runs, respectively. To start ad/desorption runs the 
temperature of the metal support was dropped/jumped from the initial to the final temperatures. The effects 
of adsorption and desorption temperatures were studied. The amount ∆w(t) = mw/m0 (g/g) of water 
ad/desorbed was calculated from the evolution of P(t) by using the ideal gas equation. The total pressure 
change did not exceed 150 Pa, hence, nearly isobaric conditions were maintained. The dimensionless uptake 
q(t) was calculated as  
 

q (t) = ∆w(t)/∆wt→∞ or q(t) = 1- ∆w(t)/∆wt→∞,    (12, 13) 
 

for ad- and desorption, where ∆wt→∞ is the final uptake variation. Accumulated error in the water uptake 
calculation was 10-3 gg-1 that led to an accuracy of the differential water loading equal to 3%. 
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RESULTS AND DISCUSSION 
 
Structure and porosity characterization 

The XRD pattern of synthesized NH2-MIL-125 matches well with that reported for NH2-MIL-125 
10

and 
MIL-125 in [ , 12]. The texture characteristics determined from the low temperature nitrogen adsorption 
(specific surface area Ssp = 1300 m2/g, total pore volume Vt  = 0.56 cm3/g, and micropore volume Vµ = 0.55 
cm3/g) are in a good agreement with the literature data 10[ , 12]. FT-IR spectra of NH2-MIL-125 (Figure 2 b, 
curve 1) are consistent with the literature data [13]. Thus, the carried out characterizations confirm the 
synthesis of genuine NH2-MIL-125 with high porosity and purity.     
    
Water adsorption equilibrium 

Water adsorption isobars (Fig. 1) for NH2-MIL-125 are “S” shaped curves showing a small uptake w 
at high temperature followed by a sharp rise of uptake from 0.05 to 0.40 gg–1

20 30 40 50 60 70 80
0.0

0.1

0.2

0.3

0.4
541 2 3

T, oC

w, g/g

 in a narrow temperature range 
that depends on the vapor pressure P. The adsorption and desorption branches near coincide, thus minor 
hysteresis is observed, which is advantageous for heat storage.  
 

 
Fig. 1. Isobars of water adsorption (solid symbols) and desorption (open symbols) on NH2

Such “S” shaped adsorption isotherms (type V according to the IUPAC classification) are rather 
characteristic for mesoporous, but not microporous solids, for which the isotherms of I (for hydrophilic 
solids) or III (for hydrophobic solids) types are typical. However, “S” shaped water adsorption isotherms 
were observed for a number of MOFs, both mesoporous (MIL-101) and microporous (DMOF-A, DMOF-
TM1 and DMOF-TM2, CAU-10 and functionalized CAU-10, MIL-53(Cr), etc. [

-MIL-125 at 
vapor pressure P = 7 (1), 12 (2), 24 (3), 39 (4) and 56 (5) mbar. 

 

8]). The “S” shaped isobars 
of water adsorption on NH2-MIL-125 are likely to stem from the ambivalent nature of its surface, where both 
hydrophilic (Ti-O octahedrons, carboxylate and amino groups) and hydrophobic (benzoic rings) centers are 
present. At low relative pressure of water vapor, water molecules are likely to adsorb on hydrophilic centers 
avoiding hydrophobic areas of the surface [14, 15]. At larger relative pressure, the water-water interactions 
becomes of increasing importance and further water molecules form H-bonds with pre-adsorbed water 
molecules creating small water clusters. Further pressure increase leads to the “cooperative” bonding of 
water molecules with both the surface centers and pre-adsorbed water molecules and a “bridging” between 
the clusters resulting in the pore filling with water and sharp rise in the adsorption. Actually, the water 
uptake along the step increases up to w = 0.40–0.42 g/g that is some smaller than the microspore volume of 
NH2-MIL-125 (Vµ = 0.55 cm3

14

/g). That is likely due to the fact that at these relative pressures some 
micropores space surrounding the hydrophobic surface regions (benzoic rings) remains depleted by water 
molecules [ ]. 
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The isosteric enthalpy ∆His of water adsorption is calculated from the adsorption isosters (Fig. 2 a) 
according to the Clausius-Clapeyron equation: 

 
lnP=∆His

The first portions of water (w = 0.03 g/g) adsorb with the heat Q

 /(RT)-∆S .      (1) 
 

ads

15

 = 50.5 ± 2.0 kJ/mol (Fig. 2 b) that 
is somewhat higher than the heat of water condensation 43.9 kJ/mol.  At increasing uptake w, the adsorption 
heat rises up to 54.9 ± 2.0 kJ/mol at w = 0.07 g/g that corresponds to the region of the adsorption isobars with 
increasing slope. The adsorption enthalpy augmentation probably stems from the “cooperative” effects that 
lead to realizing extra heat [ ]. Then, the adsorption heat gradually decreases and at w ≥ 0.25 g/g remains 
almost constant Qads = 49.7 ± 1.0  kJ/mol that slightly exceeds the water latent heat. This uptake corresponds 
to the region of volume filling of the NH2
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Fig. 2. Isosters of water adsorption on NH2-MIL-125 (a) and appropriate adsorption enthalpy (b). The 
bold dashed lines represent a typical air conditioning adsorption cycle that is analyzed further. 

 
Analysis of the typical cooling (air-conditioning) cycle. 

The obtained data on adsorption equilibrium of the “water - NH2-MIL-125” working pair allows detail 
analysis of the adsorption chilling cycle in the Clausius – Clapeyron diagram (Fig. 2 a) and direct evaluation 
of the amount of water exchanged in this cycle. Boundary conditions of a typical air-condition/chilling cycle 
are as follows: temperatures of evaporation Tev = 10 °C, adsorption and condensation Tads = Tcon  = 30 °C and 
regeneration Tdes  = 75–90 °C (Fig. 2 a).  

The water uptake corresponding to isobaric adsorption stage (4–1 in Fig. 2 a) reaches wads = 
0.42 g/g. During the isobaric desorption stage (2–3 in Fig. 2 a) the major part of water can be 
released at temperature as low as 75 °C so that the amount of water remaining adsorbed is wdes = 
0.03 g/g. Thus, for the considered cycle the water uptake variation ∆w = wads - wdes = 0.39 g/g that 
far exceeds the variation under similar conditions for the common and innovative adsorbents used 
for adsorptive cooling (Fig. 3): ∆w = 0.11–0.16 g/g for silica gel Fuji RD [16], 0.05 g/g for zeolite 
4A [17], 0.18–0.19 g/g for aluminophosphate AlPO-18 (or FAM-Z01), 0.20–0.25 g/g for SAPO-34 
(or FAM-Z02) [18] and 0.25 g/g for composite sorbent SWS-1L [19].The specific heat of adsorbent is 
an important parameter for assessing the efficiency of AHT cycles employing this adsorbent. According to 
our DSC data, the specific heat of dry NH2-MIL-125 rises near linearly from Cpads

To verify the hydrothermal stability of NH

 = 0.89 to 1.18 ± 0.01 
J(g⋅K) over the temperature range of 35 to 100 °C. 

2-MIL-125, it was subjected to multiple adsorptions/ 
desorption cycles (P = 2.36 kPa, Tads = 40 °C, Tdes = 110 °C) under conditions close to that in the adsorption 
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chillers. Fig. 5 demonstrates a small decrease in the uptake (from 0.42 to 0.40 g/g) during the first cycle, and 
then the uptake remains near constant (w = 0.39 g/g). The texture characteristics of the MIL after 10 cycles 
(NH2-MIL-125-10АС) changes slightly; the specific surface area Ssp falls from 1300 to 1230 m2/g and the 
pore volume Vt  decreases from 0.56 to 0.54 cm3

MIL-125-NH2 silica FujiRD zeolite 4A AlPO-18 SAPO-34 SWS-1L
0.00

0.05

0.10

0.15

0.20

0.25
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∆w, g/g

/g. 
 
 

 
Fig. 3. The amount of water exchanged in the chilling 

cycle at Tev = 10 °C, Tads = 30 °C, Tdes
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Fig. 4. Hydrothermal cycle testing. 

 
Dynamics of water adsorption 

The dynamics of water adsorption on NH2-MIL-125 was studied under conditions of isobaric stages of 
a typical chilling cycle. The total amount ∆w of water adsorbed/desorbed depends on the adsorption/ 
desorption temperature and varies from 0.35 to 0.40 g/g that agrees well with the equilibrium data. The 
kinetic curves of water adsorption and desorption obey well the exponential equations (Fig. 5) 

 
q = ∆w(t)/∆wt→∞ = 1 - exp(-t/τads)       (4) 

and   
q = ∆w(t)/∆wt→∞  = exp(-t/τdes)                 (5) 

 
respectively, where τ  ads and τdes
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Fig. 5. The kinetic curves of water adsorption (a) and desorption (b). Dgr=0.4-0.5 mm, N=1. 
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The time τads rises from 57 to 120 s with the increase in Tads from 20 to 30 °C. Contrary, the time τdes 

falls down from 44 to 19 s at Tdes increasing from 70 to 90 °C.  
Interestingly, that the initial ad/desorption rate W0=dw(t)/dtt→0=∆wt→∞

20 30 40 50 60 70 80 90
0.000

0.005

0.010

0.015

0.020

W0, g/(gs)

T, oC

T*(ads) T*(des)

/τ is a linear function of the 
adsorption/desorption temperatures (Fig. 6). That probably indicates that at short process times the ad-
/desorption rate are mainly affected by heat transfer between the metal support and the adsorbent bed.  
 

 
Fig. 6. The initial ad/desorption rates vs 

ad/desorption temperatures. 
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Fig. 7. Effect of the grain size and the number 
of the grain layers on the adsorption kinetics. 

 
The grain size and the numbers of the adsorbent layers are other factors affecting the ad/desorption 

dynamics (Fig. 7). For monolayers of the grains, at Tads = 30 °C the time τads increases from 70 to 173 s at the 
increase in the Dgr from 0.1–0.2 to 0.8–0.9 mm. The increase in the number N of the grains layers from 1 to 
2 (Dgr = 0.4–0.5 mm) results in the augmentation of τads from 120 to 360 s. That is anticipated since the grain 
size and the number N affect the adsorbent bed thickness; for thicker bed both mass and heat transfer become 
slower.   

 
Evaluation of COP and SCP 

The COP of an adsorption chilling cycle is the ratio of the vaporization heat Qev to the heat supplied 
during isosteric heating 1–2 (Qish) and isobaric desorption 2-3 (Qdes

( )desish

ev

QQ

Q
COP

+
=

) (Figure 2 a) 
 

.       (6) 

 
For the COP-estimating we have admitted the following assumptions: i) the equivalent specific heat 

Cpeq of NH2

)()()()( 2312max TTwCTTwCwH

wH
COP

avppad

vap

−⋅+−⋅+∆⋅∆

∆⋅∆
=

-MIL-125 saturated with water with the uptake w is calculated as a sum of the specific heats of 
the adsorbent and of liquid water; ii) the desorption enthalpy is calculated as a medium value of those 
for various uptakes. Then the COP of the cycle can be calculated as: 

 
.    (9) 

 
At desorption temperature T2 = 70-90 °C, the COP of 0.77 – 0.80 is obtained. Taking into account the 

literature values of COP ranging from 0.25 to 0.8 as reported in [20] for various working pairs both common 
and innovative, the studied pair “NH2-MIL-125 

Along with the COP, the dynamic characteristic of AC cycles, namely the Specific Cooling Power, is 
of primary importance as well. The SCP mainly depends on the rate of mass and heat transfer in the 

– water” is of high practical interest.  
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“adsorber – heat exchanger” unit, and can be evaluated on the base of the data on adsorption dynamics. The 
SCP realized in the chilling cycle restricted by conversion q=0.8 are estimated as  

 

      (10) 
 

where Mw is water molar weight, τ0.8ads and τ0.8ads are the adsorption and desorption times corresponding to 
the conversion q=0.8. The duration of adsorption and desorption stages t0.8ads and t0.8ads for monolayer 
configuration vary in the ranges 130–306 and 28–63 s, respectively, for different grains. Taking into account 
that the duration of isobaric stages 1–2 and 3–4 (Fig. 2 a) is usually minor, the complete time of the cooling 
cycle can be estimated as 158–369 s that demonstrates the feasibility of short time adsorption cooling cycles. 
At the grain size increasing from 0.1–0.2 to 0.8–0.9 mm, the SCP was estimated to be 2.1–5.4 kW/kg that is 
of high practical interest. The results obtained confirm the large potential of NH2-MIL-125 as adsorbent for 
realization of a compact adsorption chiller.  

The heat storage capacity CHS of NH2-MIL-125 evaluated as  
 

       (11) 
 

appears to be as high as 1.1 MJ/kg (or 350 MJ/m3). That is larger than CHS of zeolites (0.54-0.81 MJ/kg), 
which regeneration temperature is much higher (≥ 180 °C) [21]. The heat storage capacity of inorganic salts 
(MgSO4, Na2S, MgCl2, CaCl2

21

, etc.) forming crystalline hydrates with water varies in the range of 1.7–3.8 
MJ/kg at charging temperature 80–150 °C. However, taking into account their very slow sorption dynamics 
due to poor heat and mass transfer properties of bulk salts, they can hardly be used in practical storage 
systems [ ]. Thus, the "water - NH2-MIL-125" pair can be considered as very promising for the storage of 
low-temperature heat as well.  

 
CONCLUSIONS 

The comprehensive study of water adsorption equilibrium on a novel metal-organic framework NH2-
MIL-125 has been carried out to assess potential of this water adsorbent for adsorption chilling driven by low 
temperature heat. The results obtained show that NH2-MIL-125 adsorbs 0.42 g/g under conditions of the 
isobaric adsorption stage of the cooling cycle. At the desorption temperature of 75 °C, the most of the water 
adsorbed can be removed giving the uptake variation of 0.39 g/g per cycle. The isosteric enthalpy ∆Hads of 
water adsorption varies in the range of -49.7 ± 1.0 kJ/mol to -54.8 ± 2.0 kJ/mol at the uptake 0.03–0.40 g/g. 
The specific heat of NH2-MIL-125 measured by DSC method equals 0.88–1.18 J(g⋅K) at temperature range 
of 30 to 100 °C. The verification of the cycling stability demonstrates that under conditions of the adsorption 
cooling cycle both the adsorption capacity and porosity of NH2-MIL-125 change slightly during the first 
cycle and then remain near constant. Based on the data obtained, the COP of the adsorption chilling cycle 
utilizing the “NH2-MIL-125 – water” pair is estimated as 0.77–0.80 at desorption temperature 75–80 °C that 
demonstrates a large potential of  NH2-MIL-125 as water adsorbent for adsorption chilling driven by low 
temperature heat. The duration of the chilling cycle restricted by the conversion q = 0.8 is 245 s and the SCP 
= 2.8 kW/kg that shows possibility of short chilling cycles and a compact adsorption chiller. The heat storage 
capacity of NH2-MIL-125 is evaluated as 1.1 MJ/kg at charging temperature as low as 75-80 °C that makes 
it a promising material for storage of low-temperature heat.  
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Abstract 
Adsorption cooling systems (ACS) utilize waste heat or low-grade thermal energy to produce the cooling power 

required for air conditioning and refrigeration (A/C-R) in buildings and mobile applications. However, the bulkiness 
and heavy weight of ACS presently limit its commercialization. To minimize the footprint of ACS, different materials 
with high uptake rate have been developed. Thermogravimetric analysis (TGA) is a well-known techniquefor measuring 
the adsorbate uptake rate of an adsorbent material,. However, this method does not consider the effects of adsorber bed 
geometry, interparticle mass transfer resistances, and pressure drop. In a real ACS, adsorbent material is packed in an 
adsorber bed protected with metallic wire mesh. These geometrical constrains may limit the uptake rate of the adsorbent 
material. In this study, the water uptake rate of AQSOA FAM-Z02 packed in an adsorber bed was measured in-situ 
under the adsorption temperature of 30°Cand desorption temperature of 90°C while the water source temperature was 
held constant at 20°C. Two different heat exchanger designs were chosen and the water uptake rate was measured by 
monitoring the heat exchanger’s mass in real time. The results show that the adsorber with higher surface area and 10 
fins per inch (FPI) provides the specific cooling power (SCP) of as high as 110 W/kg at cycle time of 8 min and three 
times higher SCP than the adsorbed bed with 3 FPI under cycle time of 60 min. 
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In-situ mass measurement, FAM-Z02, adsorber bed, adsorption cooling system. 
 
 

INTRODUCTION 
Air conditioning and refrigeration (A/C-R) systems are responsible for using about 30% of  total 

worldwide energy [1] and the number of A/C-R units is expected to reach 78.8 million by 2015. The 
Supplemental Federate Test Procedure (SFTP) for emission test of A/C systems (SC03) in vehicles with 
gross weight of under 2608 kg (5750 lb) showed that A/C systems contribute to 37% of the total tailpipe 
emissions [2]. Furthermore, about 70% of total fuel energy released in an internal combustion engine (ICE) 
is wasted as heat that is dissipated through the engine coolant and exhaust gas [3]. To reduce the 
environmental impacts of A/C systems and reduce fuel consumption in mobile applications, waste heat-
driven adsorption cooling systems (ACSs) are potential energy efficient replacements for vapor compression 
refrigeration cycles (VCRC) where low-grade thermal energy is available. An ACS can use the waste heat of 
an ICE to provide cooling in vehicles and drastically reduce vehicles’ fuel consumption and carbon-footprint. 

A waste heat-driven ACS uses an adsorbate, such as water or methanol, which is adsorbed and 
desorbed from the surface of an adsorbent, such as zeolite, silica gel, or activated carbon. Most of these 
materials are non-toxic, non-corrosive, and inexpensive [4] making ACS a safe and environmentally friendly 
technology. An ACS operates more quietly than a VCRC and is easier to maintain because its only moving 
parts are valves [5]. However, current ACS are limited in their usefulness for commercial vehicle 
applications, specifically light-duty vehicles, because of their bulkiness and heavy weight. These properties 
result in a low coefficient of performance (COP = cooling energy / input energy) and low specific cooling 
power (SCP = cooling energy / (adsorbent mass × cycle time)). The origins of the low COP and SCP are the 
low thermal conductivity of adsorbent particles (~ 0.1 to 0.4 W/(m·K)) [6–8] and low mass diffusivity of 
adsorbent-adsorbate pairs (~ 10-8 to 10-14 m2/s) [7,9]. 
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To overcome these limitations, different adsorbent materials with high thermal conductivity and high 
adsorbate uptake have been developed such as the ones reported in Ref. [10,11]. AQSOA FAM-Z02 is one 
of these synthesized materials developed for A/C applications by Mitsubishi Chemical Ltd. [12]. FAM-Z02 
showed high durability of 60,000 cycles and low desorption temperature of 75-95°C [12] making it a good 
candidate for mobile applications. Thermogravimetric analysis (TGA) is a well-known techniqueto measure 
the adsorbate uptake of FAM-Z02. In A TGA, mass changes of a few milligrams of the adsorbent during an 
adsorption/desorption process are measured versus time under a controlled temperature and pressure. This 
information for FAM-Z02 can be found in Ref. [13,14]. In real applications, however, effects of ACS 
adsorber bed geometry, interparticle mass transfer resistances, and pressure drop as well as the effects of 
other component of ACS, e.g. condenser and evaporator, may reduce the performance of ACS. Therefore, 
these geometrical constrains limit the uptake rateof adsorbent material, e.g., FAM-Z02, within the short 
periods of adsorption and desorption. 

In this study, the water uptake rate of FAM-Z02 packed in two different adsorber beds is measured in-
situ under the adsorption and desorption temperatures of 30°C and 90°C while the water source temperature 
is kept at 20°C. Finally, the SCP of ACS is reported under different cycle times.  
 
EXPERIMENTAL TESTBED 

To measure the mass exchange of an adsorbent packed in an adsorber bed during the adsorption and 
desorption processes, a setup was designed and built as shown in  

Fig. 1. The adsober bed was placed on a scale (Setra, Supper II) with ±1 g accuracy and connected to 
heating and cooling fluid temperature control systems, TCSHF and TCSCF

 
, for intermittent desorption and 

adsorption. A water source at a constant temperature, as shown in 
Fig. 1, was connected to the adsorber bed using a vacuum rated flexible hose. This water source served 

as an evaporator or a condenser during the adsorption and desorption processes, respectively. 
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Fig. 1.Schematic of the experimental test setup. 
 

As shown in Fig.2, two heat exchangers with different geometries (#1 in Fig.2) were tested while they 
were connected to a controlled temperature water source (# 3 in Fig.2). The first heat exchanger (called 
Design I) was built based on the results of Sharafian et al. [15] and was placed inside a vacuum chamber, as 
shown in Fig.2a. The second adsorber bed (called Design II) which was an engine oil cooler manufactured 
by Hayden Automotive (model #1268) was placed in a custom-built vacuum chamber, as shown in Fig.2b. 
The heat exchangers in Designs I and II had 3 and 10 fins per inch (FPI), respectively. To measure the 
temperature and pressure of the adsorber beds and evaporator, and heating and cooling fluid flow rates, 
thermocouples type T (Omega, model #5SRTC-TT-T-36-36) with accuracy of ±0.1°C, a pressure transducer 
with 0-34.5 kPa operating range (Omega, model #PX309-005AI) and ±0.4 kPa accuracy, and a positive 
displacement flow meter (FLOMEC, Model # OM015S001-222) with accuracy of 0.5% of reading were 
installed on the systems. Further details on the adsorber beds and operating conditions are summarized in 
Table 1. 
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Fig.2. Details of the experimental setup for (a) Design I and (b) Design II. 1: adsorber bed, 
2: scale, 3: evaporator, 4: flexible hose, and 5: heating/cooling fluid ports. 

 
Table 1.Operating conditions for the experiments. 

 
Parameter Design I Design II 
Working pairs AQSOA FAM-Z02/water 
Adsorbent particles diameter (m)  0.002 
Mass of adsorbent (kg) 0.62 1.50 
Metal mass of adsorber bed (kg) 2.80 2.87 
Adsorber bed heat transfer surface area, Abed, (m2 0.235 ) 2.80 
Number of fins per inch (FPI) 3 10 
Fin dimensions 12.7 cm (5”) 

diameter 
43.18×30.48 cm 

(17”×12”) 
Heating fluid mass flow rate to adsorber bed (kg/s) 0.058 (4.1 L/min of silicone oil) 
Cooling fluid mass flow rate to adsorber bed (kg/s) 0.062 (4.1 L/min of silicone oil) 
Heat capacity of silicone oil (kJ/kgK) 1.8 
Heating fluid inlet temperature (°C) 90 
Cooling fluid inlet temperature (°C) 30 
Evaporation/condensation temperature (°C) 20 

 
As shown inTable 1, the amount of adsorbent material inside the adsober bed of Design II is more than 

that of Design I. To supply enough vapor during adsorption process, two evaporator of the same type was 
connected to the adsorber bed of Design II, as shown in Fig.2b.To run a set of measurements, the adsorber 
bed packed with FAM-Z02 was heated using a 90°C heating fluid and simultaneously evacuated for 8 hours 
to be completely dire out. The adsorber bed was placed on the scale and was connected to the evaporator. By 
opening the valve between the adsorber bed and evaporator, the mass change of the adsorber bed during 
adsorption and desorption processes was measured versus time.  

To heat up and cool down the adsober bed, a silicone oil heating fluid (Julabo, Thermal P60) was 
used. Due to the temperature difference between the heating and cooling fluids (90°C and 30°C), the silicone 
oil density was changed. To precisely measure the water uptake rate of FAM-Z02, the density change of the 
silicone oil should be de-convoluted from the mass change measured. To this end, the mass change of the 
adsober bed was measured separately when it was not connected to the evaporator. 
 
DATA ANALYSIS 

To evaluate the performance of adsober beds, the SCP of the ACS should be calculated. Equation 
(1)gives the ideal evaporation cooling energy calculated based on the in-situ water uptake rate measurement 
of FAM-Z02: 
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, ( )evap ideal adsorption adsorbent fgQ J m hω= ∆  (1) 

 
whereΔωadsorption is equal to Δmadsorbate update/madsorbent, i.e. the amount of water adsorbed during the adsorption 
process per mass of dry adsorbent, and h fg

(1)

 is the enthalpy of evaporation of water at the evaporator 
temperature. In this study, the ideal evaporation cooling effect refers to an evaporator with the effectiveness 
of one and thermal mass of zero in which there is no temperature drop between the refrigerant and the chilled 
water circulated inside the evaporator. This assumption is in agreement with the data measured using the 
TGA such as the ones reported in Ref. [14].Using Eq. , the ideal SCP of the ACS are calculated as: 

 
,( / ) evap ideal

ideal
adsorbent cycle

Q
SCP W kg

m τ
=  (2) 

 
where τcycle

Fig. 3

is the cycle time. 
 
RESULTS AND DISCUSSION 

shows the variations in heating and cooling fluid inlet and outlet temperatures, and the mass 
change of the adsorber beds in Designs I and II during adsorption and desorption at cycle time of 60 min.  
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Fig. 3.Heating and cooling fluid inlet and outlet temperatures and mass change of adsober bed and silicone oil 
during adsorption and desorption under cycle time of 60 min in (a)-(b) Design I and (c)-(d) Design II. 

 
It can be seen that the adsorber bed mass, shown in Fig. 3b and Fig. 3d, increases and decreases as the 

adsorbent is adsorbed and desorbed. The heat transfer fluid used for heating and cooling of the adsober beds 
was silicone oil that has a density change from 909 kg/m3 at 30°C to 854 kg/m3 (6.5%) at 90°C. The stiffness 
of flexible hosing connected to the adsorber beds also changed during heating and cooling process. To this 
end, the adsorber beds were disconnected from the evaporator, and heating and cooling processes were 
performed to measure the adsorber bed mass change caused only by the variation of heat transfer fluid 
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density and flexible hosing stiffness. Fig. 3b and Fig. 3c indicate that these phenomena have significant 
effect on the adsorber bed mass measurement. 

Comparing Fig. 3a and Fig. 3c also demonstrates that the adsorber bed inlet and outlet temperature 
difference in Design II is more than that in Design I because of the larger heat transfer surface area and 
smaller fin spacing. This temperature difference shows that the adsorber bed in Design II adsorbs/desorbs 
more adsorbate than that in Design I within a constant cycle time. Fig. 4shows the pressure of the 
evaporator/condenser chamber, Pevap/cond
Fig. 4

, in Designs I and II under the cycle time of 60 min. The red line in 
 shows the saturation pressure of water at 20°C (evaporator/condenser temperature). It can be seen than 

during adsorption, the adsorber beds create suction, evaporation happens inside the evaporator, and Pevap/cond
Fig. 4

 
reduces. also shows that Pevap/cond
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 is lower when the evaporator is connected to the adsorber bed in 
Design II than that in Design I because of higher suction created by the adsorber bed. Higher suction is a 
result of more adsorbate uptake by the adsorbent material. 
 

 
Fig. 4. Comparison of Pevap/cond

Table 1
 in Designs I and II during adsorption and desorption under cycle time of 

60 min. The red line demarcates the saturation pressure of water at 20°C, as shown in . 
 

Fig. 5a shows the in-situ water uptake difference measurement for FAM-Z02 during adsorption and 
desorption in Designs I and II. As shown in Fig. 5a, the adsober bed in Design II has higher water uptake 
difference than that in Design I. for example, under cycle time of 60 min, the adsorber bed in Design II has 
uptake difference of 10.8% while that in Design I has water uptake difference of 3.5%. Also, Fig. 5aindicates 
that the adsorber bed in Design II can operate in shorter cycle times (8-20 min) which are of interest for 
mobile applications. 
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Fig. 5. (a) In-situ water uptake difference measurement of adsober beds in Designs I and II, and (b) ideal SCP of the 
ACS vs. cycle time. 

 
The SCP of ACS corresponding to the water uptake difference measurements is shown in Fig. 5b. it 

can be seen that the adsorber bed in Design II provides ideal SCP of 110 W/kg at cycle time of 8 min. Also, 
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Fig. 5b shows that under a cycle time of 60 min, Design I has SCP of 24 W/kg which is three times less than 
that of Design II. Finally, it can be concluded from Fig. 5 that the adsorber bed in Design II provides higher 
uptake and SCP.  
 
CONCLUSION 

In this study, an experimental setup was designed to test the adsorbate uptake rate of adsorbent 
materials packed in an adsorber bed. Two heat exchangers with different heat transfer surface area and fin 
spacing were packed with FAM-Z02 and placed in an adsober bed to study their performances under 
different cycle times. The results showed under a constant cycle time the adsorber bed in Design II provided 
higher uptake rate than that in Design I. Also, the adsober bed in Design II could adsorb/desorb under shorter 
cycle times (8-20 min). The results also showed that the adsorber bed in Design II provided an SCP of 110 
W/kg at cycle time of 8 min. Moreover, the SCP achieved using Design II was three times higher than that 
using Design I under cycle time of 60 min. 
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Nomenclature 
 

A heat transfer surface area (m2

c
) 

 heat capacity of solid materials (J/kg.K) 
pc  heat capacity at constant pressure (J/kg.K) 

COP coefficient of performance 
fgh  enthalpy of evaporation (J/kg) 

m  mass (kg) 
 mass flow rate (kg/s) 

P Pressure (kPa) 
Q total heat transfer (J) total

 

SCP specific cooling power (W/kg dry adsorbent) 
ω adsorbate uptake (kg/kg dry adsorbent) 
T temperature (K) 
t time (s) 
τ cycle time (s) cycle

 

Subscripts 

adsorbate adsorbate 
adsorbent adsorbent particles 
cf cooling fluid 
cond condenser 
evap evaporator 
hf heating fluid 
i in 
o out 
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Abstract 
A modified lumped parameter model has been used to study transient conduction in phase change materials (PCM) in 

cylindrical coordinates. The two-point Hermite approximation is used to compute the average temperatures and the 
temperature gradient in each phase. The performance of PCM has been analyzed during the charging processin terms of 
energy storage and density. The effect of Stefan number on melting front dynamics is comprehensively studied. The results 
are verified with exact solutions as well as steady-state asymptotes and also show good agreement with existing 
experimental data. 
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Stefan problem; Lumped model; phase change material (PCM); Thermal energy storage; 
Solidification;Hermite approximation  
 
 
INTRODUCTION 

Thermal energy storage (TES) systems are a sustainable, energy efficient alternative to conventional 
heating and cooling methods. TES can play a pivotal role in synchronizing energy demand and supply, both on a 
short and long term basis.TES is divided into sensible, latent, and thermochemical mechanisms. Latent thermal 
storage using phase change materials(PCM) has a relatively constant melting/solidification temperature,higher 
energy storage density compared to sensible TES,and less complexity and lower manufacturing cost than the 
thermochemical TES [1]. 

Due to the non-linearity of phase change problems, analytical solutions to the analysis of phase change 
problem are limited by assumptions such as small Stefan number, specific boundary conditions, and simple 
geometries.  The Stefan number,Ste, represents the ratio of the sensible heat to the latent heat.  The assumption of 
small Stefan number limits such models to materials and operating temperature conditionswhere the sensible 
heat is much smaller than the latent heat. Stefan’s early study of the solidification front solution assumed the 
liquid is maintained at the melting temperature, simplifying the model to a single phase problem [2]. Neumann 
[3]developed a two-phase solution for asemi-infinite region at constant temperature greaterthan the temperature 
of fusion with the solid-liquidinterface at the temperature of fusion.Paterson [4]developed a simple exact 
solution incylindrical coordinates with supply or removal of heat by a continuous line source. For regions 
bounded internally or externally by a circular cylinder with constant surface temperature, the geometry 
considered in this paper, there are no analytical solutions available in the literature to the best of our 
knowledge.Moreover, there are no closed form solutions for the problem with volumetric heat generation or 
other boundary conditions such as constant heat flux or radiation. 

Phase change problems with complex geometry, turbulent flow, temperature dependent properties, liquid 
motion, radiation flux, and material with internal heat source or sink, are usually solved by using numerical 
methods [5,6]. Numerical solutions for phase change problems come in two classes: front-tracking methods and 
fixed-grid enthalpy methods[7]. In general, the front-tracking methods are accuratebut limited to simple 
geometries ascomplex geometries require massive parallel computing on a moving mesh. Sharp tracking 

mailto:mbahrami@sfu.ca�


IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 07-10 September, 2015 

258 
M. Rouhani et al. 

techniques are required to accurately capture the dynamics of the interface [8]. In a new front tracking method, 
Lattice-Boltzmann simulation is applied to treat the latent-heat source term by modifying the equilibrium 
distribution function for the temperature[9]. The fixed-grid approach is simpler and more practical. In this 
method, latent heat is usually absorbed into the enthalpyof the system, which is treated as a temperature 
dependent variable,and latent heat flow is constructed through volume integration [10].  

Approximation methods can also be applied to solve Stefan problem. Goodman [11] developed an integral 
equation thatexpresses the overall heat balance of the system by integrating the one-dimensional heat conduction 
equation with respect to the spatial variable and inserting boundary conditions. In this method, selecting a proper 
approximation ofthe temperature distribution is difficult; the use of a high-order polynomial complicates this 
approachand maynot improve the accuracy of the solution.Mitchell and Myers [12] have developed a combined 
integral method by combining the standard integral and refined integral methodsproposed by Sadoun and Si-
Ahmed [13,14].  A quasi-steady approximation was applied byJiji and Gaye [15]to study one-dimensional 
solidification and melting of a slab with uniform volumetric heat generation.In this common approximation, it is 
assumed that the transient term in the heat equation can be neglected for small Ste. 

Considering the complexity and cost of numerical solutions as well as the limiting assumptions made in 
the existing analytical and approximation methods, there is a need for a more general and easy-to-use solution 
that can predict the effects of important parameters on solidification and melting.Semi-analytical solutions are an 
alternative method to deal with the complexity of the phase-change problems. Mirzaeiet al.[16] proposed a one-
dimensional semi-analytical lumped model using a resistance-capacitance (RC) circuit concept containing 
variable capacities, where the nonlinear energy balance equations were solved by numerical approach [16]. The 
lumped parameter method is a practical solution for solving heat conduction problems, although it has a 
restriction for Biot number (i.e.,Bi<0.1). Asthe heat conduction coefficient in PCM is low, the classical lumped 
method is not well fitted to the phase change problem.Cotta and Mikhailov [17] proposed an improved lumped 
parameter method for steady and transient heat conduction problems based on Hermite approximation for 
integrals that define averaged temperature and heat fluxes.An and Su [18] used this improved method for the 
melting process in a slab. 

In the present study, an improved lumped parameter model is used to examine the phase change process 
using the Hermite two-point approximation in cylindrical coordinates. Unlike previous analytical models,this 
model has no limitation for Ste, temperature, or boundary conditions, and can be easily implemented for phase 
change processes.The goal of this study is to develop a general easy-to-use method thatcaptures the phase 
change process in cylindrical coordinates, which are widely used in the energy industry.  

 

MODEL DEVELOPMENT 
In the present work, the one-dimensional transient melting process in an annular pipe is considered. The 

two walls are maintained at a constant temperature and the temperature at the solid-liquid interface, S(t), isTm, 
the melting temperature.The schematic of the problem in cylindrical coordinates is shown in Fig. 1.The 
volumetric heat generation,q ̇, is considered in this model. Initially, the PCM is at a temperature lower than the 
melting temperature. Afterwards, the innerwall temperature increases toTb,i.e., higher than the melting 
temperature, and the melting front starts moving.The following assumptions are employed to the analysis of the 
melting process in PCMs: (1) the physical properties of both phases are constant; (2) the mushy melting front is 
assumed to be a line; (3) melting occurs at a constant temperature,Tm; (4) motion of liquid phase is negligible; 
(5) whenever heat generation rate is considered throughout the solid and liquid regions, it is assumed to be 
uniform and time-independent; (6) the changes in volume during phase change are negligible. 
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Fig. 1. The schematic of melting in annular pipes 

 
Using the above assumptions, heat conduction equations in liquid and solid can be written as follows: 
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where l and s represent properties of liquid and solid phase, respectively.The energy balance at the 
interface of solid and liquid phasesis: 
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The governing equations, boundary conditions, and initial conditions in dimensionless form are given in 
Table 1.  

 

Table 1. Dimensionless governing equations, boundary conditions, and initial conditions 
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The dependence of the interface velocity on the temperature gradient causes the phase change conduction 
equations to be non-linear. There are exact solutions for one-dimensional phase change in a semi-infinite region 
and small Ste. Therefore, approximate, numerical, or semi-analytical solutions should be usedfor analyzing the 
phase change process in a confined region[3].The present semi-analytical model is an improved lumped model 
using Hermite approximation. In the present lumped parameter model, the spatially averaged dimensionless 
temperature of the liquid and the solid are defined as follows 
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Spatial integrating of theenergy equations of each phase,and considering the averaged temperatures 
defined in Eqs. (3) and (4), the following are obtained 
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In an attempt to improve the approximation approach of the classical lumped model, some work has been 
done based on Hermite-type approximations for integrals [19,20]. In the present work, lumped transient heat 
conduction with melting in an annular pipe is solved using Hermite-type approximation. Using the general 
Hermite approximation makes it possible to write an integral of a function as a combination of the function and 
its derivatives at the integration limits in the following form[21] 
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whereCv

 

(α,β)=((α+1)!(α+β+1-v)!)/((v+1)!(α-v)!(α+β+2)!),andh=b-a. In the lumped model, a relation 
between boundary temperatures, averaged temperatures, and temperature gradient at two walls and the liquid-
solid interface is achievable by implementing the Hermite-type approximation. In the present model,H(0,0) is 
used for the product of length and temperature gradients, andH(1,1) is used for averaged temperatures, as 
follows: 
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The system of equations formed by Eqs. (5), (6), (8)-(11), and the interface energy balance can be solved 
analytically. After implementing the constant wall temperatures in these equations, a system of three ordinary 
differential equations for the location of interface, averaged temperatures of liquid and solidis obtained as 
follows: 
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The above system of equations was solved usinga stiff MATLAB ordinary differential equation 
(ODE)solver by assuming that initially the melting front was at the inner radius and both phases were at the 
same initial temperature. 
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RESULTS 
Melting of phase change materials in cylindrical coordinate is analyzed byimproved lumped-parameter 

model with Hermite approximation. For verification,the proposed model is comparedagainstavailable asymptotic 
analyticalsteady-state solution as well as experimental data. 

 

Case I. Solidification due to a line heat sink atthe center of a cylindrical pipe 
In this section, solidification in a cylinder with a central heat sink is studied. The present model is applied 

to this problem and the results are compared to the asymptotic solutions for long and short terms.A line heat sink 
(limξ→0(ξ∂θs/∂ξ)=Q/(2πks(Tm-Tb))=Q*)is placed in the center of the cylinder,while at outer radius constant 
temperatureθbis imposed. For the short time solution, when solidification penetration is much smaller than the 
radius of the cylinder, the phase change problem is equivalent to solidification by a line heat sink in an infinite 
medium with cylindrical symmetry. Paterson [4]reported the exact solution for this problem using an exponential 
integral function in the form ofEi(-r2

 

/4αt). Consequently, the dimensionless interface energybalance is as 
follows, 

( ) ( )( )
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2 i m m ref

Q
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Ste

λλ λ α− + − − − =  (15) 
 

where solidification interface can be obtained fromη(Fo) = (4λτ)1/2. For the long-term asymptote,the steady state 
solution is considered by setting the derivative of temperature with respect to time equal to zero.Figure2 shows 
the comparison of the present model with short and long-term asymptotes. In small Fourier numbers (early 
moments of solidification), the model well matches the short-term asymptote while for high Fo numbers, it is 
fitted to the steady-state solution asymptote. 

 
Fig. 2. Comparison between solidification frontsfromthe present model,the short term, and long term asymptotes 

 
Case II.Solidification in annular pipes with constant temperature at walls 

The model results were compared to the experimental study of Sparrow [22] in whicha test cell 
wassituated in a temperature-controlled water bath to maintain a constant outer wall temperature.Figure 3 (a) 
depicts a schematic of the experimental apparatus used in [22]. The phase change medium was paraffin, 99% 
pure n-eicosane, with a melting temperature of 36.4°C.The inner and outer walls werekept at constant 
temperatures of 8.6˚Cand 54.2˚C, respectively.The interface location was read to 0.01 mm (Vernier caliper) and 
thermocouple outputs were monitored by a voltmeter (± 0.1μV).The properties of paraffin wax (n-
eicosane),listed in Table 2,were used in the model.The thermal conductivity valueswere measured via steady-
state method [23] and by transient plane source (TPS) [24]. In latter study, the effect of three different methods 
of solidification on solid thermal conductivity was assessed; ambient solidification, ice-water bath solidification, 
and oven solidification.In all methods, thermal conductivity of n-eicosanevaried little from10 to 33˚C, and 
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sharply rose at temperatures from 33 to 35˚C because of the non-equilibrium state of n-eicosane near phase 
transition. Moreover, thermal conductivity obtained from the ambient solidification method was close to the 
experimental data in Ref. [23]. It was reported that in ice-water bath solidification, a fast process, the rapidly 
formed solid paraffin was porous which led to lower thermal conductivity compared to denser paraffin formed 
by slowersolidification methods.In the present study, the solid thermal conductivity at the minimum and 
maximum reported temperatures and ambient solidification methodare consideredin order to check the validity 
of the model and sensitivity of the results to the solid thermal conductivity. 

 
Table 2. Physical properties of n-eicosane 

Properties Solid Liquid 
Melting Point(°C) 36.4 [25] - 
Heat of fusion(kJ/kg) 247.3[25] - 
Density(kg/m3 778[25] ) 856[25] 
Thermal conductivity(W/(mK)) 0.42[23] , 0.4212-0.5503 [24] 0.150[25] 
Specific heat(kJ/(kgK)) 2.010[25] 2.210[25] 

 

Figure 3 (b)shows the comparison between Sparrow’s experimental data [22] and the results obtained 
from the present model forks=0.4212 andks=0.5503, which are the reported solid thermal conductivity at 
10°Cand 35°C in ref. [24]. The present model shows good agreementwith the experimental data.The maximum 
relative difference between the experimental data and the present results, which is forks=0.4212, is 
approximately 9.5%; this discrepency is due to the uncertainty of the experiment, the nature of whisker-like 
crystals at the interface, and the accuracy of the solid thermal conductivity.We noticed that the model’s results 
are very sensitive to the solid thermal conductivity. The maximum relative difference between the results 
forks=0.4212and ks

 
=0.5503is 7.7%. 

(a) 

 

(b) 

 
Fig. 3. (a) Experimental apparatus [22], and (b) Position of solid-liquid interface 

versus time for freezing in a non-superheated liquid 
 

Case III. Melting in anannularTES during charging process 
The results of melting in an annular TES system, simulated usingthis model,arecompared with the results 

from steady-state asymptote. An annular pipe similar to the geometry shown in Fig.1, with constant temperature 
at both walls is studied.Figure4 (a) shows the moving boundary location as a function of time for different Stefan 
numbers. The aspect ratio, ε, is equal to 0.5 and the difference between the dimensionless temperatures of the 
inner and outer walls is3. Other dimensionless parameters are:kP

*
P=0.8, αP

*
P=0.5, and qP

*
PRgenR=0. For allStefan 

numbers, the melting front starts from the inner pipe, ε=0.5, and the location of interface at equilibrium state is 
independent of the Stefan number. The steady-state location obtained from the present lumped parameter model 
is 0.7671, in good agreement with the steady-state exact solution, i.e., 0.7660.The slope of this graph (Fig. 4a), 
which represents the velocity of the interface, is related to the Stefan number. As the Stefan number increases, 
the melting process reaches the steady state condition faster.The dimensionless heat flux at the inner and outer 
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wall is shown in Fig. 4 (b).Again, the model results are in good agreement with the steady state exact solutions. 
The dimensionless heat flux at the outer pipe obtained from the present lumped parameter model is -6.1694while 
thevalue from the exact solution is -6.0593. The same agreement was achieved for the dimensionless heat flux at 
the inner wall: 12.3408 forlumped parameter model and 12.1186 from the exact solution. Thus, the results from 
the steady state region of the present model are validated with exact solutions and maximum relative difference 
of 1.8% has been observed. 

Having dimensionless heat fluxes at both walls, the rate of stored energy can be evaluated for a confined 
PCM by writing the energy balance, Estored=δE in-δEout=δEǀr=a-δEǀr=b

 

. The dimensionless rate of stored energy is 
derived as follows 

 (16) 

 

Figure4(c) shows the changes of dimensionless rate of stored energy over dimensionless time during 
melting, charging process. At small Fourier numbers, there is a rise in stored energy because of the rapid growth 
of the melted region in PCM, which then settles to zero, the steady state condition. The area below this curve 
represents the total energy stored in the PCM, which can be obtained by integrating the rate of stored energy 
over time. Charging is complete when the rate of energy storage reacheszero. The energy storage density (ESD) 
is defined as stored energy divided by volume of PCM, and is derived indimensionless form in equation (17). 
Fig. 4(d) shows the dimensionless energy storage density through the time. At each timeFo, ESD can be obtained 
from this graph. Considering the whole charging process, dimensionless ESD is equal to 1.2634. 
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(a) 

 

(b) 

 
(c) 

 

(d) 

 
Fig. 4. (a) Dimensionless interface location over dimensionless time with different Stefan numbers,(b) 

dimensionless heat flux predicted by the present model at the inner and outer walls, (c) dimensionless rate of 
stored energy, and (d) dimensionless energy storage density during the charging process 
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CONCLUSIONS 
The melting process wasanalyzed with an improved lumped parameter model using Hermite two-point 

approximation for averaged temperatures and heat fluxes. The model showedgood agreementwith exact 
solutions of the short- and long-term asymptotes for solidification due to a line heat sink in the center of a 
cylindrical pipe, as well as existing experimental data for solidification in annular pipes having constant 
temperatures at walls. Moreover, as a case study, melting in annular TESwasstudied.The effect of Stefan number, 
which is a key parameter in TES, on the location of the interface at equilibrium was found to be independent of 
the Stefan number, and as the Stefan number increases the melting process reaches the steady state condition 
much faster.Important parameters in assessing TES systems, the stored energy and charging/discharging 
timewere studied in the present modelstored energy can beobtained bythe dimensionless heat fluxes at inner and 
outer walls. The proposed model is applicable for a variety of boundary conditions such as constant temperature, 
adiabatic, constant heat flux and convective conditions.Moreover, thepresent easy-to-use model can be utilized 
to find storage efficiency and energy storage density to perform optimized design of latent TES systems. 
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Nomenclature 
c specific heat, (J/(kgK))  p t time (s) 
Ė reference rate of energy, Ėref ref = 2πksl (Tm-Tb Greek letters ) 
ESD dimensionless energy storage density,  ref α thermal diffusivity (m2/s)  
 ESDref =ks (Tm-Tb α) dimensionless thermal diffusivity, α* *=αl / αs 
Fo thermal Fourier number, Fo=αst/rb ε 2 aspect ratio of inner pipe to outer pipe, ε=ra /rb 
H Hermite approximation η dimensionless location of solid-liquid interface,  
k thermal conductivity (W/(mK))    η(Fo)=S(t) /rb 
k dimensionless thermal conductivity, k* *=kl / k θ s dimensionless temperature, θ=(T(r,t)-Tb) /(Tm-

Tb) 
L latent heat of melting (J/kg)  ξ dimensionless space coordinate, ξ=r/rb 
l length of the annular pipes (m)  ρ similarity parameter 
q̇ volumetric heat generation (W/m3 λ )  similarity parameter 
q* dimensionless volumetric heat generation,   gen Subscripts 
 q*

gen=r2
refq ̇gen/(ks(Tm-Tb a )) inner wall (ξ=ε) 

q̇’’ reference heat flux, q̇ref 
’’

ref =ks(Tm-Tb)/r b b outer wall (ξ=1) 
Q dimensionless heat sink strength,  * i initial 
 Q*=Q/(2πks(Tm-Tb l )) liquid 
r radial coordinate (m)  ref reference 
Ste Stefan number, Ste=cp,s (Tm-Tb s )/L solid 
S location of interface (m)  Superscripts 
T temperature (K) ¯ averaged value between ξ=ε and ξ=1 
T melting temperature (K)  m * dimensionless value 
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Abstract  
In the paper presented is the analysis of operation of ORC installation heated by means of the low-temperature 

heat source, in which condenser of the working fluid is cooled by the liquid having ultra-low temperature. For that 
purpose the process of re-gasification of liquid natural gas (LNG) has been considered. In the process the heat  
of condensation of the working fluid in ORC is taken up by the natural gas which subsequently evaporates (undergoes 
re-gasification). In the paper presented and discussed is the schematic of such installation, its application as well as 
presented are the results of calculations which formed the basis for the subsequent effectiveness analysis in terms  
of power and efficiency. In the analysis considered have been selected organic fluids used in the ORC as working 
fluids. 

 
KEYWORDS 

ORC power plant, LNG, LNG re-gasification plant 
 
 

INTRODUCTION 
Existing ORC plants operate under conditions of heat supply from the sources where temperature 

ranges from few tens up to about 300 degrees of Celsius. On the other hand temperature of the lower heat 
source is related to the process of condensation of working fluid vapour and is most often comparable  
with the ambient temperature. 

In the paper presented is the evaluation of the ORC installation under conditions where the condenser 
is cooled with the fluid featuring ultra-low temperature. An example of application of such installation is the 
process of re-gasification of liquid natural gas (LNG). Specific parameters of operation of re-gasification 
installation are related to the need of supplying to the process of large amounts of low-temperature heat  
for heating the gas to saturation conditions and subsequent evaporation. In such way a significant potential 
for decreasing of the temperature of working fluid in ORC system is available. In such installation the ORC 
condenser is at the same time the LNG evaporator. Apart from the increase of effectiveness of operation  
of the re-gasification installation such arrangement allows for additional production of electricity. 

 
1. THE LNG TERMINAL FOR  RE-GASIFICATION 

The terminal for re-gasification is the last element of the supply chain of LNG. Its principal elements 
are the unloading equipment, cryogenic storage tanks and the re-gasification installation, which enables  
to distinguish three principal technological operations, namely the unloading, storage and evaporation  
of LNG [3]. 

An important process here is re-gasification, which leads to obtaining the natural gas with required 
qualitative parameters, which is destined for supplying the distribution network or the technological devices 
operating with the use of that fuel. 

LNG composition can differ significantly from case to case, which results from the source  
of acquisition as well as the technology of extraction. That converts to the thermodynamic properties of the 
gas, which undergo a significant differentiation with respect to the qualitative and quantitative composition 
obtained by the producer (Table 1). Hence the condensed natural gas as a mixture is characterized by  
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a complex evaporation process. For that reason in the theoretical analyses there is very often a pure form  
of LNG assumed, consisting of merely methane, which is allowable for its dominating share. 

 
Table 1. Qualitative requirements for LNG at Świnoujście terminal [6] 

 
Component  (% mol) Light LNG Heavy LNG  

C1 95,40 87,00 
C2 3,20 8,37 
C3  - 3,00 
iC4 + nC4  - 1,20 
nC5  - 0,23 
N2 1,40 0,20 
Density at T = 159,8°C (kg/m3) 442,00 470,00 
Molecular mass 16,66 18,72 

 
Processes of LNG re-gasification are discussed in detail in [1,2,7] and can be carried out under 

subcritical and supercritical conditions. At the pressure corresponding to subcritical conditions the methane 
remains in the liquid phase until the boiling point is reached when it starts to evaporate at constant 
temperature and finally, as a gas, starts to be heated to the required temperature. Under supercritical 
conditions the conversion to the gas state is accomplished with the increase of temperature and the point 
separating two phases is undefined. 

A sample schematic of the LNG re-gasification installation is presented in Figure 1. The model  
is based on one of the methods of re-gasification (SCV) acquiring heat to the process by means  
of combustion of a portion of gas. Presented are there characteristic thermodynamic parameters of the fluid 
such as temperature, pressure, enthalpy and entropy, which permits to trace the stages of LNG conversion  
in the light of processes through which the gas follows. 

 

 
 

Fig. 1. Schematic of LNG evaporation process  in SCV configuration [9] 
 
LNG is stored in cryogenic tanks in temperature of -165oC at the absolute pressure of 1.3bar. The gas 

featuring such parameters is pumped to the re-gasification unit under the relevant pressure. Utilisation  
of arising vapours (so called BOG – boiling of gas) takes place by subcooling and re-condensation [9]. 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  
Minsk, Belarus, 7–10 September, 2015  

268 
R. Kaczmarek et al. 

The heat supplied in the evaporator enables to carry out the process of re-gasification and obtain  
the natural gas with specified parameters of pressure and temperature. Obtained gas is exposed to the 
processes of tailoring its parameters to the end-user  requirements (control of composition, Wobby number, 
contents of moisture, etc), and subsequently is sent to the distribution network.  

The major element of the re-gasification process are the LNG evaporators, which are the devices 
responsible for heat transfer necessary to accomplish a full re-gasification process of condensed gas [1,2,3]. 
With respect to the heat source these devices can be split to these supplied with sea water, combustion gases 
or the intermediate fluid heated by another specific way. At present the most popular are: 

- evaporators of SCV type (Submerged Combustion Vaporizer) utilising the heat of combustion gases 
forming as a result of combustion of 1.5-2.0% re-gasified LNG, which reduces the installation efficiency. 

- evaporators of ORV type  (Open Rack Vaporizer), in which the seawater serves as a heating fluid 
(river water can be taken optionally). The efficiency of these installations is related to water temperature. 

An interesting solution is a concept of evaporator utilising the low-temperature Clausius-Rankine 
cycle (ORC), which apart from permitting a complete process of re-gasification of LNG gives an additional 
effect in the form of electricity production. 

 
2. THE ORC SYSTEM  IN THE LNG RE-GASIFICATION INSTALLATION  

A schematic of ORC incorporated into the LNG re-gasification system jest presented in Figure 2.  
A system of the power plant consists of evaporator, turbogenerator, condenser-evaporator, circulation pump 
and the pre-heater. 

 

 
 

Fig. 2. Schematic of ORC power plant incorporated into the LPG re-gasification 
installation (description in the text) 

 
The source of heat for the power plant is the seawater supplied to the evaporator and pre-heater. 

Additionally, it is a source of heat providing the additional heat to the natural gas after the re-gasification 
process.  

A liquid gas (LPG) with parameters (g1) is supplied to the condenser, where it removes heat from  
the condensing working fluid in ORC as a result of which its heating and evaporation takes place to reach the 
gaseous phase (g3). Subsequently it flows to the heat exchanger HE which is supplied with the seawater 
where it final parameters are obtained by additional heating (g4). 
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The distribution of particular processes in ORC power plant and LPG re-gasification installation  
is presented in the form of temperature-enthalpy (T-h) diagram in Figure 3. The process of expansion  
of ORC working fluid takes place in the wet vapour region. 

 

 
 

Fig. 3. Temperature-enthalpy T-h distribution for the ORC working fluid (ethane, dashed 
line), re-gasified methane (solid line) and seawater (dashed line) at ethane condensation 

temperature of -70°C and methane evaporation temperature -85°C 
 
It results from the diagram that the considered installation consists of two isobars (heat supply and 

removal) and two isentropes (expansion and compression). The heat is supplied for the working fluid  
in order to heat it and evaporate (in some cases to superheat) during the isobaric process (4-1). Obtained 
vapour is directed to the turbine blades, where it undergoes expansion from pressure p1 to pressure p2 (1-2s), 
as a result of which the conversion of kinetic energy into mechanical energy takes place. The turbine drives 
the generator, producing in such way electricity. The vapour expanded in the turbine is directed to the 
condenser where in the isobaric process it gives away heat to the re-gasified liquid LPG which flows through 
the condenser (2s-3). The LNG is evaporated in the condenser utilizing the heat of condensation  
of working fluid. The condensate arising in the condenser is pumped by the circulation pump (3-4) to the 
heat exchanger where it undergoes subsequent evaporation. 

 
3. ASSUMPTIONS FOR CALCULATIONS 

Analysis of ORC operation has been accomplished at the assumption that the re-gasified LPG  
is a homogeneous substance, i.e. the pure methane undergoes the re-gasification process, which features  
the following parameters: normal boiling temperature -161,5°C, latent heat of evaporation 510,4 kJ/kg, 
critical pressure 4,5992 MPa and critical temperature 190,55K [4].  

Additionally, it ought to be mentioned that calculations have been referred to the unit mass flow rate 
of methane ṁg = 1 kg/s, and: 

- condensed methane temperature: Tg1 = -162°C, 
- temperature of methane after re-gasification: Tg4 = 1°C, 

The source of driving heat for the ORC plant is seawater with the average inlet temperature of: Tw1 = 6°C, 
average temperature at outlet from the installation: Tw2 = 1°C and mean specific heat: cw = 3,9 kJ/(kgK). 

Analysis of the power plant operations has been conducted for different types of working fluids (ethane, 
propane, butane, isobutene) at the assumption that the power plant operates in the subcritical range of 
parameters assuming that: 

- evaporation temperature of working fluid in ORC: Tevap = -4°C, 
- condensation temperature of working fluid in ORC: Tcond = -70; -80; -90; -100°C, 
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- temperature difference between condensation temperature of ORC working fluid and evaporation 
temperature of methane: ΔT = 15K. 

Parameters of methane undergoing re-gasification in characteristic points of the cycle, are presented in 
table 2. 

 
 

Table 2. Parameters of the gas undergoing re-gasification in characteristic points of the cycle (methane) 
 

Point 
T p h s  

Point
T p h s 

°C MPa kJ/kg kJ/kgK  °C MPa kJ/kg kJ/kgK 

g1 -162,0 4,265 4,34 -0,049  g1 -162,0 2,177 1,24 -0,033 
g2 -85,0 4,265 349,75 2,224  g2 -105,0 2,177 222,21 1,555 
g3 -85,0 4,265 488,81 2,963  g3 -105,0 2,177 553,29 3,524 
g4 1,0 4,265 807,41 4,420  g4 1,0 2,177 832,90 4,837 
g1 -162,0 3,090 2,59 -0,040  g1 -162,0 1,477 0,21 -0,027 
g2 -95,0 3,090 274,80 1,841  g2 -115,0 1,477 176,74 1,289 
g3 -95,0 3,090 537,86 3,317  g3 -115,0 1,477 557,19 3,695 
g4 1,0 3,090 821,90 4,626  g4 1,0 1,477 841,16 5,060 

 
 
4. METHODOLOGY OF CALCULATIONS 

With the view to conduct the theoretical assessment of operation of the considered power plant there 
ought to be conducted all C-R cycle characteristic quantities, i.e. the rate of supplied heat, rate of removed 
heat, obtained power and efficiency. The relations enabling determination of particular quantities have been 
presented below. 

Energy balance of evaporator of working fluid in ORC: 
 
    51211 ooowwww hhmTTcm    (1) 

 
Energy balance of preheater of working fluid: 

 
    sooowwww hhmTTcm 45212    (2) 

 
Energy balance of ORC condenser/ LNG evaporator: 

 
    3213 osooggg hhmhhm    (3) 

 
Energy balance of gas heater (LPG): 

 
    34213 gggwwww hhmTTcm    (4) 

 
Theoretical power of Clausius-Rankine cycle (referred to 1 kg of re-gasified LPG): 

 
     3421 ososoooCR hhhhmN   (5) 

 
Theoretical efficiency of Clausius-Rankine cycle: 
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Specific values of thermal and calorific values of the state parameters in characteristic points of the  
C-R cycle have been determined using the REFPROP 7.0 [5], whereas the values of enthalpy and entropy 
have been determined in the following way: enthalpy h1 in point  1 has been determined on the basis of 
evaporation pressure and vapour temperature. For the assumed parameters in the condenser (re-gasified 
LNG) determined has been condensation temperature and on that basis in relation to the type of circulation 
fluid determined was the condensation pressure. Enthalpy and entropy in point 2s can be determined on the 
basis of isentropic expansion (s1 = s2s) and condensation pressure. On the other hand enthalpy in point  
3 equal to enthalpy in point 4 (h3 = h4) can be determined for the condensation pressure and quality  x = 0. 
 
5. RESULTS OF CALCULATIONS AND CONCLUSIONS 

Sample results of calculations referred to different selected working fluids (ethane, propane, butane,  
i-butane) and different parameters of operations and in particular different parameters of the re-gasification 
process (temperature, pressure), are presented in the graphical form in Fig. 4 - 5. Additionally the results  
of calculations, for example for buten, are presented in Table 3. 

 

 
 

Fig. 4. Power of the Clausius-Rankine cycle for selected fluids at the assumed condensation temperature 
 

The results of calculations show that it is possible to incorporate the ORC power plant into the 
technological process of LPG re-gasification. Obtained in the analysis values of ORC power and efficiency 
are relatively high. Additionally it has been concluded that both the power of the system and its efficiency 
increase with the reduction of condensation temperature of working fluid. That is consistent with earlier 
analyses which showed that in the ORC cycle better is to reduce condensation temperature than to increase 
the evaporation temperature of working fluid. With respect to the assumed way of heat supply to the cycle 
from the source of constant temperature (seawater) the effect of the temperature of the upper heat source has 
not been considered. It has been proven however that the power and efficiency of the power plant depend on 
the type of applied ORC working fluid. 

The concept of incorporation of ORC power plant to the re-gasification installation is related primarily 
to the trend to increase the effectiveness of operation of the LNG evaporation system. That process most of 
all occurs through the supply to the evaporator of the heat from external source or through utilization of the 
part of heat from gas re-gasification (for example by means of SCV method). However each of these 
methods requires supplying of significant amounts of energy acquired in the combustion processes. At the 
same time the most energy efficient installations of the ORV type which base on the heat contained in 
seawater as well as AAV type (Ambient Air Vaporizer), which use atmospheric heat are restricted to the 
localization featuring adequate temperature of water or air. 
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Fig. 5. Efficiency of the Clausius-Rankine cycle for  selected fluids at the assumed condensation temperature 
 

Table 3. Parameters of buten as ORC working fluid in characteristic points of the 
cycle and the results of calculations 

 

Point 
T p h s xs ṁo ṁw1 ṁw2 ṁw3 ṁw NCR ηCR 

°C MPa kJ/kg kJ/kgK - kg/s kg/s kg/s kg/s kg/s kW % 

o1 -4,0 0,1108 395,04 1,468 

0,920 1,18 23,52 8,21 16,34 48,07 134,25 21,70
o2s -70,0 0,0033 280,72 1,468 
o3 -70,0 0,0033 -131,28 -0,560 
o4s -70,0 0,1108 -131,13 -0,560 
o5 -4,0 0,1108 5,01 0,019 
o1 -4,0 0,1108 395,04 1,468 

0,901 1,30 26,06 10,41 14,57 51,03 175,81 24,72
o2s -80,0 0,0015 259,95 1,468 
o3 -80,0 0,0015 -150,89 -0,659 
o4s -80,0 0,1108 -150,74 -0,659 
o5 -4,0 0,1108 5,01 0,019 
o1 -4,0 0,1108 395,04 1,468 

0,879 1,35 27,03 12,14 14,34 53,51 211,83 27,73
o2s -90,0 0,0006 238,16 1,468 
o3 -90,0 0,0006 -170,30 -0,762 
o4s -90,0 0,1108 -170,15 -0,762 
o5 -4,0 0,1108 5,01 0,019 
o1 -4,0 0,1108 395,04 1,468 

0,856 1,38 27,52 13,72 14,56 55,79 247,01 30,72
o2s -100,0 0,0002 215,33 1,468 
o3 -100,0 0,0002 -189,55 -0,870 
o4s -100,0 0,1108 -189,40 -0,870 
o5 -4,0 0,1108 5,01 0,019 

 
The process of LNG evaporation is related to production of a specified amount of energy in the form 

of cold, which can be used as a lower heat source in the classical Rankine cycle. Hence it is related with the 
trend to obtaining maximum cycle efficiency (Carnot cycle efficiency), which can be defined as [8]: 
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  (7) 
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where: 

1T - absolute temperature of heat source,  

2T - absolute temperature of cooling fluid. 
Implementation of a low-temperature LNG as a cooling fluid enables to increase the temperature 

difference (T1-T2), which results with a greater cycle efficiency. It is proportional to temperature difference 
at the constant heat source temperature. 

At the same time an important issue in operation of the power plant is adequate selection of the 
working fluid, which can be used in the range of low-temperatures and hence indicating, amongst the others, 
the ease of condensation in low temperatures without formation of the ice layer. 

Presented in the paper concept is based on the utilization of the low-temperature heat source for ORC 
operations such as seawater. Another solution can be the use of medium or high temperature waste energy 
such as for example combustion gases from gas turbines. In such case the selection of working fluid must 
consider the thermal stability. 
 

Nomenclature 

 wc  – specific heat, kJ/kgK Q   – heat flux, kJ/s 

h  – specific enthalpy of circulating fluid, kJ/kg s  – specific entropy, kJ/kgK 
m  – mass flowrate of circulating fluid, kg/s T – temperature, oC, K 
N  – power, kW   – efficiency 

 
Subscripts: 

CR – Clausius-Rankine cycle, o – low-boiling point fluid 
d – supplied heat w – water (sea water) 
g – gas (re-gasification LPG) 1,2s,. – characteristic points of the cycle  
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Abstract  
Abstract of the paper deals with the issues of using heat pumps in drying processes related to the preparation of 

drying agents in the chemical and related technologies. The authors described and characterized in the different 
possible options of drying systems. On this basis, presented as an alternative to the use of installation – use of combined 
drying systems consisting of heat pumps, heat recovery units, air heaters and auxiliary equipment. 
 
KEYWORDS  

Heat pump, energy saving, heat transformation, heat pump drying, combined drying systems.  
 
 
INTRODUCTION 

All over the world intensively explicate energy saving technologies.  
One of ways allowing effectively using power resources, including recovering secondary power 

resources application heat pump technologies.  
For today heat pumps are even more often applied to preparation of drying agent. Completed drying 

agent deleted of a dryer is used in the capacity of a source heats. Warmly completed drying agent after 
increase of its potential in the heat pump it is used for heating the inlet air fed to the drying chamber.  

The most known and widespread application of heat pump in the convective drying – drying of wood, 
also is a lot of publications after use of dryers with the heat pump for food, pharmaceutical products, 
biological products and others  materials [1–3]. 

 
APPLICATION FEATURES OF HEAT PUMP AT DRYING IN CHEMICAL AND 
RELATED TECHNOLOGIES.  

Characteristic of the majority of processes of drying in chemical and related industries are [4]:  
– high temperatures of air;  
– high efficiencies on an evaporated moisture;  
It results in many difficulties and problems in use of heat pumps:  
– selection possible cycles;  
– values of real heating coefficient;  
– selection of refrigerants, compressors, heat exchanger equipment, uses low-grade heat and heat 

accumulation; 
 

Refrigeration and heat pump types of cycles:  
– thermomechanical compression – vapor compression, air (gas);  
– sorption – absorption, adsorption;  
– jet compression – injector;  
– electromagnetic thermoelectric;  
– magnetocaloric;  
– thermomagnetic;  
– chemical.  
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Industrially promising are currently only vapor compression and absorption.  
The main types of working substances and requirements:  
– halogenated saturated hydrocarbons (“Freons”, predominantly “ozone-friendly”);  
– “natural” saturated hydrocarbons (methane, pentane);  
– ammonia NH3;  
– carbon dioxide CO2;  
– absorption working pair (volatile component an absorbent) – NH3–H2O, H2O–LiBr;  
– air;  
– superheated steam;  
– products of combustion of fuel.  
Principal demands are usability of working substance at required temperatures and profitability.  
For vapor compression machines it:  
– the critical temperature of refrigerant – it should be probably above temperature of heated air at not 

excessively tall critical pressure;  
– heat of a condensation – steam generation should be also probably above.  
For absorption machines of the demand and limitation for tall temperatures as a matter of fact are 

analogous [5–7]:  
– it first of all a complex of properties of system « volatile component an absorbent »: thermochemical 

durability, link "solubility – pressure", crystallizability with adjournment a upsetting, viscosity, corrosion 
properties;  

– capacitive thermal properties – the heat of phase transformations.  
 
Possible Coefficient of Performance (COP) of Heat in Heat Pump Schemes  

Will give a rough estimate of the maximum COP (heating coefficients) εh (in an inverse Carnot cycle) 
in a dryer with the heat pump from temperatures going into Тin and getting out Тout drying agent and from a 
temperature differential in dryer outin TTT  .  

Let's accept temperatures of drying agent in an evaporator and the condenser on their length 
conditionally fixed, and temperature differences «drying agent – refrigerant», necessary for realization of a 
heat exchange in an evaporator and in the condenser, equal on 10 C. Then we shall receive refrigerant 
temperatures in such cycle: 10101  inhpr TTT ; 10102  outha TTT .  

Accordingly we obtain expression for an estimation of limiting heating coefficient:  
 

          2010101010  TTTTT inoutininh , 

 
where outin TTT  , temperatures Т – in К.  

Results for obviousness are tabulated (in the table 1 of temperature – in C) 
The table of calculated values COP  

 
h = r+1 = Т1/(Т1 – Т2) 

 
is given over the range temperatures of going air Тin = 100–250 °C and the limiting temperature drops of air 
in dryer outin TTT   from 10 up to 160 °C.  

The heating coefficients εh and cycle efficiency is strongly dependent on the drying temperature: 1) if 
it increases from 50 to 250 °C (constant ΔT = 10 °C), εh increased from 11.1 to 17.8 (1.6 times is improved). 
It also greatly deteriorates with increasing temperature differences in the dryer (i. e., the desired increase in 
the use of heat of the drying agent) - drying at a temperature of 250 °C Tout decrease from 240 to 90 °C 
decreases from 17.8 to 2.96 quantities of εh (as in real cycle εh in 2–3 times lower than ideal).  

In fact, in the convective dryer temperature gives off heat the air in the evaporator of heat pump and 
perceive heat the air in the condenser of heat pump are variable. Then a few quantitative estimates vary, but 
the essence of the results is maintained. 
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Table 1The results of evaluation of heating coefficient εh 

 

ΔТ 

Тin 
50 100 150 200 250 

Тou

t 
εh Тou

t 
εh Тout εh Тout εh Тout εh 

10 
20 
30 
40 
50 
60 
70 
80 
90 
10
0 

11
0 

12
0 

13
0 

14
0 

15
0 

16
0 

40 
30 
- 

11,
1 
8,3
3 

- 

90 
80 
70 
60 
50 
40 
- 

12,
8 
9,5
8 
7,6
6 
6,3
8 
5,4
7 
4,7
9 
  - 
 

 

14
0 

13
0 

12
0 

11
0 

10
0 

90 
80 
70 
60 
50 
- 

14,
4 
10,
8 
8,6
6 
7,2
2 
6,1
9 
5,4
1 
4,8
1 
4,3
3 
3,9
4 
3,6
1 
   - 
 

19
0 

18
0 

17
0 

16
0 

15
0 

14
0 

13
0 

12
0 

11
0 

10
0 

90 
80 
70 
60 
- 

16,
1 
12,
1 
9,6
6 
8,0
5 
6,9
0 
6,0
4 
5,3
7 
4,8
3 
4,3
9 
4,0
2 
3,7
2 
3,4
5 
3,2
2 
3,0
2 
   - 
 

24
0 

23
0 

22
0 

21
0 

20
0 

19
0 

18
0 

17
0 

16
0 

15
0 

14
0 

13
0 

12
0 

11
0 

10
0 

90 

17,
8 
13,
3 
10,
7 
8,8
8 
7,6
1 
6,6
6 
5,9
2 
5,3
3 
4,8
5 
4,4
4 
4,1
0 
3,8
1 
3,5
5 

3,3
3 
3,1
4 
2,9
6 

 
From these ratings it is seen that the higher the drying temperature Tin, the more difficult the use of 

heat pumps: efficiency, it is desirable to maximize the use of heat of the drying agent, i. e. reduce the 
temperature of the exhaust air Tout, but necessary changes in temperature increase in heat pumps (T1 – T2), 
respectively, and increased energy consumption for compression  and reduced efficiency of εh.  

 
THE COMBINED SCHEMES OF DRYING WITH THE HEAT PUMP  

The best is the combination of heat pump to use of an off-heat in the recuperators which are not 
requiring a compression. Thus fractional additional or starting heating air in heaters is required, as in some 
cases (for example, persistences of temperature in a dryer) the additional heat supply in the drying chamber 
is required.  

The number of varieties of schemes of the convective drying is possible [4, 8]:  
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– On presence of recuperative heat exchangers « getting out air fresh going into air »: is not present // 
is // type; 

– On presence of hot-air heaters: is not present (but it is necessary to provide the way of start-up – an 
initial heat-up) // is // quantity and an arrangement, type; 

– On presence of an additional heat removal in a dryer: is not present // is // a way of a heat supply; 
– On presence additional heat removal from the heat pump: is not present // there is // presence and a 

way using of heat, the same –accumulation of heat;    
– On presence of a moisture condensation from getting out air: no, including is higher or up to a dew-

point // there is // up to what final moisture content, a way using of heat and dehumidifications; 
– On presence of an ejection of air from a dryer and accordingly input of fresh air: a full ejection, 

without a recycling // a fractional ejection, merging with fresh air and a recycling: the majority of known 
alternatives of schemes of the convective drying - with merging, with reheat, with an additional heat supply, 
on several zones // without an ejection (small target or unorganized ejection – suction through leaks is 
possible), with the closed circulation is possible: an aspect of drying agent (air, inert gas, a mix with products 
of combustion of fuel, the overheated water vapor from a moisture of an exsiccated product). 

Possible alternatives of the combined schemes of drying with heat pump, recuperators, heaters, 
additional heat exchanger devices of a heat supply in a dryer and heat removal from the heat pump presented 
further (Figs. 1, 2, Table 2).  

 
Fig. 1. The scheme № 5. The heat pump, the recuperator (heater of initial heating of air), without a stationary heater  

 

 
 

Fig. 2. The scheme № 8. The heat pump, the recuperator  
 

The carried out analysis of existing expedients of drying, heat treatment and other processes with the heat 
pump and the relevant instrument registration has allowed to estimate possible advantages and deficiencies 

Recuperator 

Evaporator 

Drying 
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Exit of air

Input of air 
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Drying 
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of other expedients, constructions or their combinations, to take into account errors and reachings of other 
contributors [4, 8]. 

 
 

Table 2 Possible alternatives of drying schemes with the heat pump 
 

N
o.

 s
ch

em
es

 

Presence Description of schemes 

H
ea

t p
um

p 
(H

P
) 

H
ea

te
r 

S
ta

rt
in

g 
he

at
er

 

R
ec

up
er

at
or

 

E
co

no
m

iz
er

  

1 
Without 
the HP 

+ – + – 
Without condensation of moisture from the air, without recirculation 
(full release coming out of the dryer air after the heat exchanger into 
the atmosphere). 

2 HP – + – – 
Without a moisture condensation, without a recycling of air (a full 
ejection of air getting out a dryer after an evaporator of the heat pump 
out). 

3 HP – + – – 
Full moisture condensation from getting out air up to the initial 
moisture content, a full recycling (closed loop air). 

4 HP + – + + 
Complete condensation of moisture from the air, exhaust air mixing 
with the fresh and recycle mixture, the release of the exhaust air and 
fresh leak 

5 HP – + + – The scheme is shown on Fig. 1 

6 
HP 

 
– + – – 

Air separation after a dryer on two streams, a full moisture 
condensation from getting out air up to an initial moisture content. 

7 HP – – – – 
Only the heat pump, without the additional devices, the closed air 
circuit 

8 HP – – + – The scheme is shown on Fig. 2 

9 HP + - + – Closed air circuit 
 

 
 

Fig. 3. The scheme of the experimental setup: 1 – fan; 2 – recuperative heat exchanger; 3 – 
drying chamber; 4 – balance; 5 – dried sample; 6 – heater; 7 – evaporator; 8 – compressor; 

9 – filter – drier; 10 – condenser; 11 – additional fan 
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In an assay value of possible alternatives of schemes with the heat pump the experimental installation 
consisting of the following devices has been created: the heat pump, the drying chamber, a hot-air heater for 
additional heat, and also the recuperative heat exchanger.  

Presented installation will allow to obtain datas on kinetics of drying, to pick up technological 
parameters of drying with the heat pump and to work out practical recommendations for application in the 
industry.  
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Abstract  
Sorption processes in packed beds are inherently transient and the maximum vapor removal occurs at the 

beginning of the adsorption cycle. Consequently, temperature swing adsorption (TSA), consisting of charging 
(adsorption) and regeneration (desorption), is required in order to frequently refresh the packed bed and provide 
sustainable dehumidification. In this study, the effectiveness of thin desiccant columns in controlling air humidity under 
periodic charge and regeneration cycles is analyzed. An experimental apparatus was designed to measure the rate of 
adsorption and desorption under different operating conditions. The TSA strategy is imposed by low and high 
temperature heat sources. Moreover, a numerical one-dimensional transient model is provided and validated by the 
experiments under different ambient conditions. Using this model, the effect of design factors such as cycle time, 
airflow, and regeneration temperature are investigated in order to optimize the performance of the desiccant 
dehumidifier. 

 
KEYWORDS 

Desiccant Dehumidification, Adsorption, Cyclic Condition, Experiments, Modeling 
 
 

INTRODUCTION 
Desiccants have received much attention for their industrial applications in purification processes, and 

in air conditioning and refrigeration systems [1,2]. State-of-the-art dehumidifiers exploit the high 
hydrophilicity of desiccants to adsorb water from the air. A desiccant dehumidifier reduces the latent heat 
load on a conventional air conditioning system by reducing the humidity of the air entering the evaporator 
coil so that water does not condense on the coil. Adsorption systems can operate using low-grade thermal 
energy sources like solar energy and waste heat [3,4], and they are rather simple in design. Milani et al. 
recently developed experimental models for solar assisted desiccant dehumidifiers [4]. The main purpose of 
their device was to extract the water vapor from the atmospheric air entering an air-conditioning system, to 
reduce the latent heat load in conditions with high relative humidity (80%) and lower the humidity to the 
human comfort level (≤60%).   

Desiccants can be categorized into two main groups, i) liquid desiccants, such as hygroscopic salts and 
glycols; and ii) solid desiccants like silica gel, zeolite, and activated carbon. Solid desiccants are usually used 
as adsorbate systems in porous packed columns [5], coated layers [6], and rotating discs (wheels) [7].  
Although rotary discs (wheels) are commonly used in recently developed dehumidifiers, desiccant columns 
are preferred in cases when moving parts are not desirable. One major application of desiccant columns is in 
mass storage of water vapor or specific gas components of mixtures [8]. 

Many researchers have reported the sorption properties of desiccant materials [9-11]. For 
dehumidification purposes, with an adsorption pair of humid air and silica gel, Pesaran [12] proposed using 
characteristics curves and came up with a useful closed form relation for the relative humidity with respect to 
temperature and water uptake of the packed bed. Pesaran and Mills proposed a comprehensive and widely 
used finite-difference model for the heat and mass transfer inside silica-gel desiccant columns [13,14]. 
Hamed [15] studied transient adsorption inside a packed bed with spherical particles impregnated with 
calcium chloride as an adsorbate. Recently, Ramzy et al. [16] developed a quasi-steady state numerical 

mailto:mbahrami@sfu.ca�
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model and studied the effect of thermal diffusion on characteristics of desiccant columns [17]. They also 
studied the performance of a two-bed adsorption with an intercooling unit [18] and showed that a multi-step 
sorption process helped the overall performance, even considering the extra complexity compared to the 
conventional system. 

Since the sorption process inside packed systems is a transient process, the highest dehumidification 
potential only can be expected at the very beginning of adsorption (charging), when the maximum 
concentration difference between the packed bed and the air stream occurs. Therefore, to have a continuous 
and acceptable rate of drying, the whole process time should be controlled in a periodic operation. One 
strategy is to utilize a temperature swing mechanism, which is widely used in gaseous mixture drying [2]. 
This mechanism uses heat as the input energy to break the bond between water molecules and desiccant 
surface and refresh the bed. In this paper, a test bed is designed to provide the targeted periodic operation by 
switching between hot and cold sources. These sources have been chosen as representatives of naturally 
available heat sources like solar or waste heat.  The technical issues regarding stabilization of the desiccant 
column, in terms of humidity and temperature when it interacts with different temperature sources are 
discussed and the performance of the desiccant system is presented for different climate conditions. 

 
1. THEORITICAL BACKGROUND 

The adsorption process is an exothermic phenomenon, which can affect the uptake rate inside 
desiccant pores if the heat is not removed quickly and efficiently. Moreover, desorption of the saturated 
medium requires a considerable energy from a heat source. Consequently, mass transfer during a 
dehumidification process is tightly coupled with heat transfer. This leads to a system of complicated transient 
nonlinear governing equations. There have been many attempts to solve the system of equations, such as the 
work of Ramzy [16] and Pesaran [12].  

The governing equations include moisture and heat transfer inside both the gas and solid phases. A 
non-homogeneous temperature condition is considered in which convective heat transfer connects the 
phases. The following equations are used to simulate the mass transfer in the gas and solid phases, 
respectively: 
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Equation (2) considers the gas-side mass transfer resistance for uptake in the solid phase [13]. In Eq. 

(2) as is the averaged area per unit of volume of the porous media [14] and hm represents the convective 
mass transfer coefficient. For an equilibrium isotherm (weq = f(Ts

Heat conduction is neglected in both phases. This is a reasonable assumption when the uptake rate is 
much faster than the rate of heat conduction [10], as is the case here because the thermal conductivity of 
sorption particles is low (<0.1 W/m∙K) [22].  Considering γ

, q)), the formula proposed by Pesaran [13] 
is used for silica gel with regular density, as is the silica gel used here.  

a = ρaca and γs = ρscs
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The first term at the right-hand-side of Eq. (4) is the heat released due to water condensation in the 

solid phase [10]. Moreover, the non-equilibrium thermal condition is modeled by the last terms in Eqs. (3) 
and (4), where a convective heat-transfer mechanism between the gas and solid phases is considered [16]. 
The spatial terms are discretized using a finite-difference method, following the work of Ramzy et al. [16], 
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while the whole system of equations marches through the time using a third-order Runge-Kutta scheme [21]. 
Radial heat and mass transfer within the bed are neglected, leaving a 1D model of the bed. 
 
2. EXPERIMENTAL SETUP 

To establish a series of cyclic experiments on a single adsorption bed, two different temperature 
sources are required, a cold source for adsorption (charging) and a hot source for desorption (regeneration). 
Two relative humidity sensors were installed to measure the temperature and relative humidity of the air at 
the inlet and outlet of the column. An anemometer was used to measure the velocity of the air at the outlet of 
the column. A pressure transducer was also installed at the inlet of the column and the outlet is to 
atmosphere, allowing the pressure drop of the column to be measured.  

Figure 1 schematically shows the switching strategy for adsorption and regeneration periods. For a 
specific amount of water in air, w, two chambers are set to provide low temperature (Tc, RHc) and high 
temperature (Th, RHh) conditions such that wc = wh

The desiccant column was insulated using three layers of polyester core with black polyethylene jacket 
insulation. The maximum temperature difference between the outer surface of the insulation and the 
environment was about 4°C with an environment temperature of 24°C and an inlet flow temperature of 80°C.  

. In another word, the system mimics the actual 
conditions for desiccant dehumidifiers where the ambient air is heated up to regenerate the bed.  

 

 
 
 

Fig. 1. Experimental setup: schematic of switching between two chambers in adsorption and regeneration processes 
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3. RESULTS AND DISCUSSIONS 
Table 1 shows the experiment details for the desiccant column. Three different climate conditions 

were imposed and designated as test cases 1 to 3 in Table 2. The test cases are typical of summer days in 1) 
Southern Florida, USA, 2) Vancouver, British Columbia, Canada, and 3) Winnipeg, Manitoba, Canada. 

Figure 2(a) and 2(b) show the changes in the temperature and relative humidity before and after a 250 
g silica gel desiccant column due to switching between the cold and hot sources. The maximum temperature 
differences occur near the beginnings of the adsorption and desorption steps.  During adsorption, water vapor 
binds to the desiccant pore surfaces and releases heat, which results in higher outlet air stream temperature. 
In contrast, desorption requires energy to detach water vapor from the desiccant, which cools down the 
supply air. The maximum temperature difference in adsorption and desorption are 10°C and 17°C, 
respectively. The sudden change in inlet air temperature at the beginning of each desorption period leads to a 
rapid increase in the relative humidity of the outlet air as the hot air picks up a considerable amount of water 
vapor from the desiccant.   

The time variation of the water content of the outlet air, w, as well as the total water uptake of the 
column, q, is shown Fig. 3.  The water content is calculated by 
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The water uptake is then calculated as 
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 is the initial uptake. 

Table 1. Characteristics of the desiccant column. 
 

Bed 
diameter 

(cm) 
Mass of dry 

silica-gel (kg) 
Inlet velocity 

(m/s) 
Bulk porosity 

 
Particle 

diameter (mm) 
Desiccant bulk 
density (kg/s) 

10.16 0.25 – 0.5  0.3 0.375 3.0 800 

 
 

Table 2. Test conditions for charging and regeneration of the desiccant bed at different ambient conditions. 
 

Test 

Condition 

Charging 

Temperature (°C) 

Charging 

Humidity (%) 

Regeneration 

Temperature (°C) 

Regeneration 

Humidity (%) 

Air 

Humidity 

(kgw/kga) 

Case 1 33 56 60 14 17.88 
Case 2 23 58 60 8 10.21 

Case 3 29 42 60 8.5 10.55 
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(a) (b) 
Fig. 2. (a) Air Temperature and (b) relative humidity versus as the inlet swings between the 

cold (25°C) and hot (60°C) sources 
 

 
Fig. 3. Absolute humidity at the outlet of the desiccant column and the water uptake in the column  

 
 
4. MODEL DEVELOMENT 

In order to validate the numerical analysis, the result of the Runge-Kutta scheme is compared with the 
experimental data for 500 g of silica gel. Figure 4 shows the uptake for both the experiment and the 
numerical analysis. A good agreement between the results of 1D model and experiments has been achieved. 

Figure 5(a) illustrates the effects of cycle time on the water uptake of the desiccant column. Increasing 
cycle time leads to a noticeable increase in water uptake and discharge from the desiccant column. Figure 
5(b) shows the effect of regeneration temperature on the water uptake. Increasing regeneration temperature 
results in greater desorption, which in turn leads to greater adsorption. Thus the system operates better with a 
higher desorption temperature. 

Figures 6(a) and 6(b) show the effect of air velocity on water uptake for two different regeneration 
temperatures. Both figures demonstrate the positive effect of a velocity increase on the effectiveness of the 
desiccant column, where the column effectiveness is defined as the uptake change from the beginning of the 
adsorption to the beginning of the desorption process. As can be seen in Figs. (6) a and b, by increasing the 
velocity from 0.3 to 0.6 m/s, the effectiveness is improved by 114% at regeneration temperature of 40°C and 
55% at 60°C. 
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Fig. 4 Water uptake for different test conditions in charging and regeneration processes. 
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Fig 5 (a) Effect of cycle time on water uptake at a regeneration temperature of 60°C, (b) 
Effect of regeneration temperature on water uptake at air velocity of 0.3 m/s. 

 
 

CONCLUSIONS 
The effectiveness of the desiccant dehumidification columns was investigated for periodic 

charging/regeneration. Two heat sources with constant temperature and humidity were used to impose 
temperature swing adsorption (TSA). A 1D-model was prepared and validated with the experimental data. 
The model suitably describes the dynamics of the system under the cyclic conditions. According to both 
experimental and numerical analysis, the regeneration temperature plays an important role in maintaining 
suitable performance. Moreover, increasing the inlet air velocity can be helpful to optimize the effectiveness 
of desiccant dehumidifiers.   
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Fig. 6. (a) Effect of air velocity on water uptake at regeneration temperature of 40°C, (b) 
Effect of air velocity on water uptake at regeneration temperature of 60°C. 

 
Nomenclature 

t time (s) Subscripts: 
x axial coordinate (m) s solid phase 
ρ density (kg/m3 a ) gas phase 
ε porosity  v water vapor 
w humidity ratio (kg/kg) eq equilibrium 
RH Relative humidity (%)   
q uptake (kg/kg)   
T temperature (°C)   
a surface area per volume (ms 

2/m3  )  
∆H enthalpy of adsorption (kJ) a   
c specific heat (kJ/kgK)   
P saturation pressure (Pa) s   
h convective heat transfer coefficient (W/mc 

2  K)  
h convective mass transfer coefficient (kg/mm 

2  s)  
P atmosphere pressure atm   
M mass of dry silica gel s   
q initial uptake 0   

am  air mass flowrate   
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Abstract  
In the report the method and algorithm of forecasting of a contamination zone under changing meteorological 

conditions during emission of the liquids boiling higher than an ambient temperature, compressed and liquefied gazes is 
described, and also the techniques and algorithms allowing to calculate more precisely emission of these substances 
during accident on a chemically hazardous object.  

 
KEYWORDS 

Contamination zone, meteorological conditions, contamination zone depth, linear sizes, HTS 
 
 
INTRODUCTION 

At the moment the Department on safe operation in the industry of the Ministry of Emergency 
Situations of Republic of Belarus supervises 87 business entities operating 112 ammoniac refrigeration units 
(ARU).  

According to the requirements of the Rules for the Construction and Safe Operation of ammoniac 
refrigeration units, ARU presenting a potential danger to adjacent public, residential and production 
buildings and incorporating more than one ton of ammonia, have to be additionally equipped with the 
specialized system for monitoring and notification of accidents (SSM) for objects that use highly toxic 
substances (HTS).  

The scientific and engineering republican unitary enterprise "Geoinformation systems" has developed 
the standard project of SSM. For the moment with SSMs are equipped not only practically all AHU, but also 
other chemically hazardous objects (CHO).  

At creation of the SSM the developing enterprise SERUE GIS was following the existing leading 
document [1]. Operation of SSM showed that systems have two essential shortcomings.  

First, the software of SSM realized according to this technique allows predicting the maximum 
possible zone of contamination for the meteorological conditions for the moment of an emergency. At the 
same time, experience of facilities operation, as well as publications [2], show that meteorological conditions 
often change significantly during an emergency. Therefore, it is necessary to account of the meteorological 
conditions not only at the beginning, but also during the emergency [2]. Thus, technical capabilities of SSM 
contradict with available software opportunities that are caused by the lack of methods and algorithms of 
forecasting and visualization of contamination zones in the changing meteorological conditions. In this 
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regard, an actual task is the development of a method and algorithm of formation dynamics of the maximum 
contamination zone in the changing meteorological conditions.  

Secondly, developed according to [1] SSM software predicts the maximum possible contamination 
zone accounting for the quantity of HTS in the maximum capacity. At the same time, investigations of 
accidents on CHO show that even if accident happens on the tank with maximal capacity of HTS, emission 
doesn’t happen instantly, and takes some time.  

During implementation of the projects of the Belarusian Republican Fund of Fundamental Researches 
(BRFFR) "Development of an express method of forecasting of lethal zones during accidents on the fire and 
explosion hazardous objects containing chemically hazardous substances" and "Development of Basic 
Elements of visualization technology of contamination zones with chemically hazardous substances during 
accidents on chemically hazardous objects in changing meteorological conditions" Belarusian State 
University (BSU) has developed theoretical basis of calculation and visualization of contamination zones for 
HTS in changing meteorological conditions.  

 
1. FORECASTING OF THE CONTAMINATION ZONEUNDER CHANGING 
METEOROLOGICAL CONDITIONS 

Calculation of depth of the maximum contamination zone for HTS, which are compressed gases, is 
conducted only on primary cloud; for the liquids boiling higher than an ambient temperature – on a 
secondary cloud; for the liquefied gases – both on primary and secondary cloud. The maximum 
contamination zone of HTS is characterized by the linear and angular sizes.  

 
1.1. Forecasting of the linear sizes of a contamination zone in changing meteorological 
conditions during emission of the compressed gases  

Let at the initial meteorological parameters the depth of a contamination zone is equal to Gm1

For the compressed gases depth of transfer of air masses depends on time passed from the moment of 
accident (G

 (km). It 
is calculated from meteorological parameters at the moment of accident according to [1] and doesn't depend 
on time passed from the moment of accident.  

pm1, km), which is defined by the transfer speed of the forward front of a cloud of the 
contaminated air (Vm1

For the initial meteorological conditions two cases of a ratio of a contamination zone depth and 
transfer of air masses depth can appear:  

, km/h) for the initial meteorological conditions.  

 
        ,     (1) 

 
        .     (2) 

 
Following [1], if the inequality (1) holds then the actual depth of the zone at initial meteorological 

conditions will be equal to Gm1. If the inequality (2) holds then the actual depth of the zone at initial 
meteorological conditions will be equal to Gpm1

The equivalent quantity of the substance in the primary cloud for compressed gazes is defined by the 
following formula [1]: 

. 

 
  ,    (3) 

 
where: K1
K

 is dimensionless coefficient, that depends on the conditions of the HTS storage. 
3

K

 is dimensionless coefficient, that is equal to the ratio of toxic doze of chlorine and the threshold toxic 
doze of the HTS; 

5
K

 is dimensionless coefficient, describing vertical stability of the air;  
7

Q
 is dimensionless coefficient, describing air temperature influence; 

0 is quantity in tonnes of the emissed HTS. 
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As seen from formula (3) coefficient is changing together with meteorological conditions, thus 
changing the equivalent quantity of the substance in the primary cloud and the depth of its contamination 
zone. 

Actual contamination zone for the second meteorological conditions will be defined as follows: 
 

,    (4) 
 
Where Gm2
G

 is the depth of contamination zone in kilometres for the second meteorological conditions;  
pm2 is the depth of the air mass transition in km, which is defined by the transition speed of the forward 

front of the cloud of contaminated air ( , km/h) for the second meteorological conditions. 
If the time passed from the moment of accident N is bigger than the lifetime of the first meteorological 

conditions, then the depth of transition of air masses for the second meteorological conditions could be 
calculated using following formula: 

 
.    (5) 

 
If inequality (4) is not held, then actual depth of the zone under first and second meteorological 

conditions will be Gpm1+ Gpm2. If the inequality is held, then the actual depth of the zone under first and 
second meteorological conditions will be Gpm2

 
, but only if the following condition fulfilled:  

         .     (6) 
 

If condition (6)is not fulfilled: 
 

        ,     (7) 
 
which means that the depth of the actual contamination zone under second meteorological conditions can't be 
less than under the first. 

 
1.2. Forecasting of the linear sizes of a contamination zone in the changing meteorological 
conditions at emission of the liquids boiling higher than an ambient temperature  

Generally, it is necessary for HTS which are the liquids boiling higher than an ambient temperature for 
the second meteorological conditions:  

– to calculate contamination zone depth for the second meteorological conditions for the moment of 
existence of the first meteorological conditions (G2m2tm1

– to calculate contamination zone depth for the second meteorological conditions for the time passed 
from the moment of accident (G

, km); 

2m2N

– to calculate a contamination depth increment during the second meteorological conditions 
(∆G

, km);  

2m2
 
, km), using the results of these calculations and the specified depths: 

,    (8) 
 
– to determine the transfer speed of the forward front of a cloud of the contaminated air for the second 

meteorological conditions and to calculate using formula (5) the depth of air masses transfer under the 
second meteorological conditions; 

– to compare a contamination depth increment during the second meteorological conditions with the 
depth of air masses transfer under the second meteorological conditions, and accept the smallest for the 
resultant. 

The calculation of depth of a contamination zone for the second meteorological conditions has some 
specifics. The essence of specifics is that for identical time under the first and second meteorological 
conditions the different thickness of HTS will evaporate. 

Let the inequality be carried out: 
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11 mm tT ≥ , 
 
where 1mT  is the HTS evaporation time, calculated for the first meteorological conditions (in hours), then the 
thickness if the HTS layer that evaporated under first meteorological conditions hm1t1

 

 (in meters) could be 
calculated as follows: 

d

KKКt
h mmм

tm
171421

11 = , 

 
whereK4m1 and K7m1

Using these data one can calculate the thickness of HTS layer at the beginning of the second 
meteorological conditions(h

 are dimensionless coefficients for the first meteorological conditions [1]. 

m2

 
, meters): 

1112 tmm hhh −= , 
 
where h1

Consequently, one could calculate the HTS layer thickness (h
 is the HTS layer thickness in meters at the beginning of the first meteorological conditions. 

m2t1

 

, m), which would have been 
evaporated if the second meteorological conditions existed for the period of time equal to the time of 
existence of the first meteorological conditions: 

d

KKКt
h mmм

tm
272421

12 = , 

 
whereK4m2 and K7m2

Based on these data it is possible to calculate the theoretical thickness of a HTS layer which has to be 
at the beginning of accident (h

. are dimensionless coefficients for the second meteorological conditions [1]. 

2, m), so that under the second meteorological conditions, the layer which 
provided the actual thickness of a HTS layer the same as at the beginning of the second meteorological 
conditions evaporated in a time period of tm1

1222 tмм hhh +=
: 

. 
 
Further calculation of contamination zone depth for the second meteorological conditions is conducted 

on the basis of the approaches given in [1] for the second meteorological conditions and thickness of a layer 
of h2

 
. 

1.3. Forecasting of the linear sizes of a zone of contamination in the changing meteorological 
conditions at emission of the liquefied gases  

Generally, for HTS, which are liquefied gases for the second meteorological conditions, it is 
necessary:  

– to calculate the contamination zone depth of a secondary cloud for the second meteorological 
conditions for the time of existence of the first meteorological conditions; 

– to calculate the contamination zone depth for a secondary cloud for the second meteorological 
conditions for the time which has passed from the moment of accident; 

– using the results of these calculations and the specified depths to calculate an increment of 
contamination depth for a secondary cloud during the second meteorological conditions given by the formula 
(8); 

–  to calculate the of contamination depth for a secondary cloud under the first and second 
meteorological conditions (G2m2

 
, km):  

; 
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– to calculate the full depth of contamination zone caused by primary and secondary cloud using the 
formula: 

, 
 
where  ↑

↓ 2mG ′ is the minimal and ↑
↓ 2mG ″ is the maximal of the sizes of the contamination zone depth 

produced by the first (G1m1, km) and second (G2m2
– to calculate an increment of full contamination depth during the second meteorological conditions 

(ΔГ

) clouds;  

m2
 
, km): 

; 
 
– to determine the transfer speed of the forward front of a cloud of the contaminated air for the second 

meteorological conditions and to calculate by formula (5) the depth of transfer of air masses under the 
second meteorological conditions; 

– to compare the increment of full depth of a contamination zone for the second meteorological 
conditions to the depth of transfer of air masses under the second meteorological conditions, and accept the 
smallest for the resultant. 

Calculation of depth of a contamination zone of a secondary cloud for the second meteorological 
conditions has the specifics consisting that it is necessary by analogy with ACTS which are the liquids 
boiling higher than an ambient temperature to calculate the theoretical thickness ofthe liquefied HTS layer, 
for the beginning of accident, so that under the second meteorological conditions, , the layer which provided 
the actual thickness of an ACTS layer same as at the beginning of the second meteorological conditions 
evaporated for the time period tm1

Further calculation of a contamination zone depth of a secondary cloud for the second meteorological 
conditions, is conducted on the basis of approaches [1], but for h

. 

2
 

 layer thickness. 

1.4. Forecasting of the angular sizes of a zone of contamination in the changing meteorological 
conditions  

The angular sizes of the maximum HTS contamination zones don't depend, on their aggregate state, 
and depend on the wind velocity. 

On topographic maps the maximum zone of possible contamination at wind speeds not exceeding 0.5 
m/s has a shape of a circle: the point O corresponds to a contamination source; radius of the first circle of 
Gm1 (km); radius of the second circle of Gm2

At wind speed more than 0.5 m/s the lethal zone represents a circle, and at a wind speed no less than 
0.6 m/s it represents a sector (Fig. 1): the point O corresponds to a contamination source; value phi for a 
circle is 360 deg., and phi for a sector is defined by [1]. Wind direction defines only the orientation of sector.  

 (km). The change of wind direction doesn't influence the 
formation of a contamination zone. 

Under two different meteorological conditions when in both cases wind speed is not less than 0.6 m/s 
the maximum contamination zone has an appearance of two or three sectors. In all cases the point O 
corresponds to a contamination source.  
 

 
Fig. 1. The scheme of possible contamination under two different weather conditions  

when in one case the wind speed is no more than 0.5 m/s, and in other not less than 0.6 m/s 
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If the following condition isn't satisfied:  
 

,    (9) 
 
where  are the angular sizes of a zone of possible contamination under the first meteorological 
conditions in degrees, are the angular sizes of a zone of possible contamination under the second 
meteorological conditions (deg.) which are defined according to [1], γ is an angle between the wind direction 
of the first and second meteorological conditions, in degrees.  

Then only two sectors of contamination are formed, for the first meteorological and second 
meteorological conditions correspondingly(Fig. 2).  
 

 
 

Fig. 2. The scheme of possible contamination in changing meteorological parameters, 
when wind speed exceeds 2 m/s. 

 
RadiusofthefirstsectorisequaltoGm1

Radius of the second sector is equal to G

. All parameters of the sector remain invariable during the time of 
existence of the second meteorological conditions. 

m2

If the condition (9) is satisfied, three sectors (Fig. 3) are formed. Two of which as it is described 
above. Angular sizes of the first and second sector areγ

 and changes with time. Angular parameters of the sector 
remain constant during the second meteorological conditions.  

1 (deg.) and γ2

The third sector is the sector formed under the first and the second meteorological conditions. Its 
radius is of G

 (deg.) correspondingly. 

m1+Gm2. Angular parameters of sector γ3 (deg.) remain constant during existence of the second 
meteorological conditions. Eventually only the radius of sector of Gm1+ Gm2

It is possible to derive formulas of angular parameters of the maximum contamination zone sunder 
two meteorological conditions which are characterized by different wind directions. Developing the given 
technique it is possible to derive formulas of angular parameters of the maximum zones of contamination 
under three and more meteorological conditions, which are characterized by different wind direction. At the 
same time the quantity of conditions and formulas will increase as avalanche. 

 changes.  

Therefore for finding of the linear and angular sizes of zones of contamination under various 
meteorological conditions, which are characterized by different wind direction the method of calculation and 
visualization of maximum contamination zones under changing meteorological conditions with use of 
matrices, is offered. 

According to the offered method of calculation and visualization of the maximum contamination 
zones in the changing meteorological conditions by means of the interface created on the basis of standard of 
standard GIS of technologies, on an electronic topographic map of CHO is displayed as the point O, a set of 
possible angular directions of the HTS distribution is considered.  
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Three matrixes in which designations of tables corresponds to degrees, lines – to minutes, and 
columns – to seconds are formed, all elements of three matrixes are initialized with zero values; for each 
direction contamination zone depth for the first meteorological conditions are calculated.  

 

A matrix of data of depth of a zone for the first meteorological conditions is formed, to do this in the 
first initial matrix the elements which got to an contamination zone are assigned with the value of depth of a 
contamination zone for the first meteorological conditions; for each direction contamination zone depth for 
the second meteorological conditions are calculated.  

  
a            b 

 
c            d 

 
Fig. 3.The scheme of sectors arrangement for conditions the following conditions: 

21 mm ϕ≤ϕ и
2
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+

ϕ
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ϕ
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2
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ϕ

 (b), 
2

 
22
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ϕ
−

ϕ
 (c) 

and 
22

0 12 mm ϕ
−

ϕ
<γ≤  (d) 

 
– a matrix of data of a zone depth for the second meteorological conditions is formed, for this purpose 

in the second initial matrix the elements which got to an contamination zone for the second meteorological 
conditions are assigned with a value of a contamination zone depth for the second meteorological conditions;  

– a matrix of data of a zone depth for the first and second meteorological conditions is formed, for this 
purpose the values of elements of the first and second matrix are summed up, and the result is assigned to the 
elements of the third matrix; by means of the created interface, the calculation results for all directions 
present in the third matrix are visualized on the electronic map in the form of a possible contamination zone;  

– the values of elements in the first initial matrix are nullified, and then assigned to a values of the 
third matrix containing data on contamination depth on the directions for the first and second meteorological 
conditions; values of elements in the second initial matrix are nullified and for each direction contamination 
zone depth for the next meteorological conditions is calculated;  

– a matrix of data of a zone depth for the next meteorological conditions is formed, for this purpose in 
the second matrix the elements which got to an contamination zone are assigned with the value of 
contamination zone depth for the next meteorological conditions;  
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– the values of elements in the third matrix are nullified, a matrix of data of a zone depth for several 
meteorological conditions is formed, for this purpose the values of elements of the first and second matrix 
are summed up and the result values are assigned the to elements of the third matrix;  

– by means of the created interface, the results of calculation for all directions present in the third 
matrix are visualized on the electronic map in the form of a possible contamination zone for several 
meteorological conditions; to forecast a contamination zone for the next meteorological conditions the 
iterative cycle described after the visualization on the electronic map of a possible contamination zone for 
the first two meteorological conditions is repeated once again. 

On the basis of the offered method the algorithms and software of forecasting of contamination zones 
in the changing meteorological conditions were developed. 

 
2. INCREASE OF RELIABILITY OF FORECASTING OF HTS EMISSION  

Within the BRFFR project "Development of Basic Elements of technology of calculation and 
visualization of risk of death of people during accidents on linearly extended hazardous industrial facilities" 
in BSU, following [3], the technique of emission dynamics of HTS, which are compressed and liquefied 
gases and liquids boiling higher than ambient temperature for destructions placed between the tank (the 
compressor (pump)) and shutoff valves and between two elements of shutoff valves when the pipeline is 
connected to the tank and with the compressor (pump) was developed. 

On the basis of the method algorithms and the software of calculation of HTS emission dynamics for 
various scenarios emergencies on pipelines were developed. This, on the one hand, allows increasing the 
accuracy of emission calculation and respectively an accuracy of maximum contamination zone forecasting 
under the changing meteorological conditions. On the other hand, this allows approaching the solution of a 
question raised by the organizations operating ARU at a meeting of chemical industry and processing of 
grain section of the scientific and technical council of the State Industry Control: "when reprocessing the 
Rules for the Construction and Safe Operation of the ammoniac refrigeration units approved by the 
resolution of the Ministry of Emergency Situations of Republic of Belarus on 05.06.2006 No. 26 provide a 
possibility to except the requirements of installation of the high-speed cutting devices in refrigerators 
(rooms) of "shock freezing" under presentation of the corresponding justifications confirmed with 
calculations for the "State Industry Control". 
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ABSTRACT This presentation attempts to give a historical review of heat pipe science and technology up 
to the present state. In a first part, a brief introduction is given into design, operation and performance limits 
of heat pipes and closed two-phase thermosyphons. In a second part, the historic development of closed two-
phase thermosyphons and heat pipes is highlighted. It includes the history of the International Heat Pipe 
Conference (IHPC) series, whose 40 years anniversary we are celebrating this year. A list of overview 
reports and textbooks is given. A large section of this second part deals with major inventions and 
developments from the origins to our time. Here one can see, rather compressed and certainly not fully 
complete, the multitude of heat pipe/thermosyphon designs which have been developed to solve a great 
variety of thermal control tasks. It has also been tried to classify the numerous members of the heat pipe 
family in the form of a table of passive liquid-vapour heat transfer devices. The third part of the presentation 
deals with applications. From five of the many application fields, some selected examples are given: 
thermosyphons for permafrost stabilization and de-icing; heat pipe/thermosyphon heat exchangers; cooling 
of electric and electronic devices and components; liquid metal heat pipes for temperature calibration, 
material treatment and solar applications; (open and closed) two-phase thermosyphons for passive nuclear 
safety systems. 

KEY WORDS: heat pipes, closed two-phase thermosyphons, design and operation, history of heat pipe conferences, 
development of heat pipe science and technology, examples of commercial applications. 

 
 

1. INTRODUCTION 

The history of heat pipes started in the mid-sixties. George M. Grover at the Los Alamos National 
Laboratory (LANL), at that time Los Alamos Scientific Laboratory (LASL), had the idea to employ the 
pumping action of surface tension forces for passive heat transport in an evaporation-condensation heat 
transfer device (which he named heat pipe) which could be of particular interest for application in space 
reactors, i.e. in a micro-gravity environment. He and his group built the first sodium and water heat pipes and 
also demonstrated for the first time the operation of water heat pipes on a satellite flight. In fact, Grover’s 
invention was a re-invention. Already in 1942, R. S. Gaugler of General Motors Comp. had filed a patent 
where he suggested the use of wick structures to transport liquid in a closed tube against gravity. The 
application he had in mind were refrigerators. The idea was never realized, and the patent was forgotten. In 
1962, the idea to employ surface tension pumping of liquids in space applications was elaborated in a rather 
comprehensive way by L. Trefethen from Tufts University in Medford, MA in an internal report for General 
Electric’s Missile and Space Vehicle Department. His ideas and suggestions were not followed up, and only 
in 1995 this report became known to the public; it was published as an appendix to the proceedings of the 9th 
IHPC, Albuquerque, NM. 

After publication of the first paper on heat pipes by G. M. Grover, T. P. Cotter and G. F. Ericson in the J. 
Appl. Phys. 35 (1964), the (re-)invention of the heat pipe became known worldwide and immediately an ever 
increasing interest in this topic started both in academia and industry. The emphasis was on nuclear reactors 
for space applications where thermionic energy conversion was the preferred electric power generation 
technology. Soon many terrestrial applications showed up where gravity-assisted heat pipes could be 

  
1 
 



 

2 
 

employed. In such cases, wick structures were not needed for capillary pumping, and some people talked 
about “wickless heat pipes” which are, in fact, closed two-phase thermosyphons. 

The history of these devices goes back more than another 100 years. The first closed two-phase 
thermosyphon, later called Perkins tube, was invented in the mid 1830’s by Jacob Perkins, the first in a row 
of four generations of ingenious engineers. His Perkins tube was widely used, e.g. in baking ovens. His 
great-grandson Ludlow Patton Perkins, together with W. E. Buck, filed a patent on a looped thermosyphon in 
1892, which was intended to be used for transference of heat over long distances and allowed to separate the 
vapour and liquid flows, thereby anticipating the concept of the “separate-type heat pipe” which was 
suggested in the 1980’s for heat exchanger applications. 

A detailed discussion of these developments is given in section 3. As an introduction to the topic, it may be 
appropriate to start with some comments on definitions of heat pipes and closed two-phase thermosyphons, 
their operation and performance (section 2). Section 4 of the presentation will then present some examples of 
heat pipes and thermosyphons used in five selected major application fields. 

 

2. HEAT PIPES AND CLOSED TWO-PHASE THERMOSYPHONS 

2.1 The Classical Heat Pipe 

Heat pipe performance and performance limits. The heat pipe (Fig. 1) is a surface tension driven liquid-
vapour phase change device, in which the condensate return is accomplished through a capillary structure. It 
possesses a number of advantageous features, as shown in Fig. 1, which make it a highly efficient, extremely 
versatile heat transport element. Figure 2 shows a variety of wick structures. The simple wick structures 
(screen wicks, felts, sintered powder structures, (axial) grooves of various cross sections) provide both the 
capillary pressure for fluid circulation and the flow path for the condenser flow; so, capillary pressure and 
liquid flow resistance are coupled. The composite wick structures (covered grooves, annuli, slab wicks in 
connection with circumferential grooves, various kinds of arterial wicks (also in connection with 
circumferential grooves)) allow a decoupling of capillary pressure and liquid flow resistance, and thus an 
improved performance. An overview on working fluids and compatible structural materials, along with 
operating temperature ranges is given in Fig. 3. 

The operation of a heat pipe is governed by the capillary pressure. At each location along the heat pipe there 
exists a mechanical equilibrium across the liquid-vapour interface. The respective capillary pressures at the 
heat pipe ends are given in Fig. 4 [1]. The difference of evaporator and condenser capillary pressures is the 
driving capillary pressure. For perfect wetting in the evaporator (Θe = 0) and flooded condenser (Θc= π/2), 
the maximum driving capillary pressure is also given in Fig. 4. Depending on the orientation of the heat pipe 
(operation against gravity or with gravity support), the driving pressure can be decreased or increased by the 
gravitational liquid pressure head. The fluid flows cause pressure drops which are given in Fig. 4. For the 
vapour flow, very often the radial Reynolds number is small. For Rev,rad << 1 and laminar flow, an analytical 
solution of the Navier-Stokes equation is possible and the Hagen-Poiseuille equation can be used with Leff as 
the effective length. For turbulent flow in the adiabatic section, a modification has to be made there, e.g. the 
Blasius equation can be used (see Fig. 4). For the other extreme case  (Rev,rad approaching infinite), which is 
not shown in Fig. 4, an analytical solution is also possible. The acceleration pressure is dominant in 
evaporator and condenser and the respective pressure drops in evaporator and condenser are independent of 
flow path length and proportional to Q2: 

ΔPv,e+c = 2 (1−4/π2) Q2/(ρvdv,.h
4
 hfg

2) 

In this case, there is a maximum pressure recovery in the condenser of nearly 40 % of the evaporator vapour 
pressure drop. 

For the liquid flow, the Hagen-Poiseuille equation can be employed to determine the pressure drop or one 
can use the Darcy representation by introducing the permeability of the wick structure. The respective 
correlations are given in Fig. 4. For axial groove heat pipes with relatively large free liquid surface exposed 
to the counter-current vapour flow, an additional pressure drop of the liquid can occur in case of high vapour 
velocities (relative velocities between vapour and liquid) which is induced by the shearing action of the 
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vapour flow [2, 3]. This vapour-liquid interaction must not be confused with the (droplet) entrainment from 
the liquid flow at high relative velocities which causes a reduction of the condensate flow to the evaporator. 
The shear stress induced liquid pressure drop is given in Fig. 4. 

Based on a mechanical balance of these pressure drops, one of the various performance limits, the capillary 
(or wicking) limit can be deduced: the driving pressure (difference) plus or minus the gravitational liquid 
pressure head must be equal or greater than the sum of all fluid pressure drops (Fig. 4). Once the pressure 
drops exceed the driving pressure, not enough condensate is pumped back to the evaporator which dries out. 
Depending on the operating conditions, there can be a slow dry-out or a rapid burn-out, which is 
characterized by a fast increase of the evaporator temperature. 

At very low temperatures, e.g. close to the melting point, and consequently very low vapour densities, 
viscous forces dominate the vapour flow. The axial heat flux is proportional to the vapour pressure difference 
between evaporator and condenser pv,e-pv,c and comes to a limit once pv,c approaches zero (viscous limit). 
Also at low temperatures (low vapour pressures), the sonic limit can occur. At the evaporator exit, the vapour 
flow velocity is highest and cannot exceed sonic velocity (analogy to converging-diverging nozzle with 
constant gas flow). At optimum operating temperatures/vapour pressures (well above 1 bar) of the working 
fluid, high axial heat fluxes are possible with related high relative velocities between the counter-current 
vapour and liquid flows. On the one hand, the shear stress induced in the liquid flow can retard the liquid 
flow (flooding effect), and thus reduce the liquid supply of the evaporator. This can be accounted for with an 
additional liquid-vapour pressure drop. On the other hand, liquid flow instability can occur (We ~ 1), liquid 
droplets can be entrained into the vapour flow and thus deplete the condensate flow to the evaporator. 
Especially in unprotected wick structures like axial grooves, the entrainment limit can become important. 
The boiling limit is associated with high radial heat fluxes which may cause nucleation. The formation of 
bubbles can be detrimental in wick structures from which the bubbles cannot be vented into the vapour 
space. This is especially the case with screen wick and arterial structures. Once an insulating vapour film 
forms in the evaporator, rapid overheating (burn-out) occurs. Bubble formation is tolerable in open grooves 
as long as the critical heat flux for pool boiling is not reached. 

Correlations for the capillary limit and other major performance limits are compiled in Fig. 5. The capillary 
limit has been presented first by Cotter [1]. In his correlation, the shear stress induced liquid pressure drop 
has not been considered; grooved heat pipes were not yet developed at that time. The viscous and sonic 
limits have been derived by Busse [4], and the boiling and entrainment limits have been presented by Marcus 
[5, 6]. These major performance limits are depicted qualitatively in Fig. 6 in dependence of operating 
temperature (Tm = melting temperature, Tcr = critical temperature). The region of stable heat pipe operation is 
within in the shaded area. 

There are additional performance limitations. The vapour continuum limitation is sometimes explicitly 
mentioned, but it is the same as the viscous limit. The frozen start-up limitation is another intrinsic limitation 
which can occur before running into the viscous or sonic limit. The heat pipe may burn out because frozen 
liquid does not melt fast enough (or is re-solidified) to supply the evaporator with sufficient cooling liquid. 
The condenser capacity (or heat transfer) limitation is an extrinsic limit; it is caused by a limited cooling 
capacity of the heat sink. In this case the heat pipe temperature will continuously rise for constant heat input. 

Comments on heat pipe modelling. In the previous section, basic equations for the various performance 
limits have been presented (more equations exist, especially for the entrainment and boiling limits). These 
equations are derived from physical analysis and have been validated through many experiments. They are a 
good and rather precise basis for rapid calculation of these limits. Besides knowledge of thermophysical 
properties of the fluids, various geometric data are needed, e.g. hydraulic diameters, permeabilities. In 
general there is a good data base available in textbooks and handbooks. 

The standard procedure to determine the relation of heat pipe temperature and heat input (throughput) is the 
thermal network model. Correlations for the needed thermal resistances, heat transfer coefficients 
(evaporation, condensation), saturated wick conductances and contact resistances have to be employed. The 
thermal network model is well established. It is a good design tool, easy to work with and very flexible. 

More sophisticated approaches may be needed for more detailed and multidimensional analyses. In these 
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cases, the Navier-Stokes equations have to be solved. This method requires considerable effort. It is 
successfully used, especially for analysis of mini/micro heat pipes and flat heat pipes. There have also been 
attempts to employ CFD codes (to avoid solving the Navier-Stokes equations), however with limited 
success. 

 

2.2 The Classical Closed Two-Phase Thermosyphon 

Thermosyphon performance and performance limits. The closed two-phase thermosyphon (TS) is a 
gravity-driven device without internal wick structure (Fig. 7). It cannot operate against gravity, and for 
reasonable operation requires a small positive tilt (i.e. evaporator somewhat above condenser), e.g. around 
5°. Depending on the liquid fill charge, there is pool boiling from the pool at the bottom of the TS and 
surface evaporation from the down flowing condensate film. 

There are three performance limitations [7]. The dry-out limitation is characterized by formation of dry 
patches at the evaporator wall at the lower part of the evaporator or above the liquid pool (if there is any), 
due to insufficient fill charge. This limit can be easily avoided by keeping the fill ratio high enough, e.g. > 
0.3 - 0.4. In Fig. 8, this “low-performance” limit is schematically depicted. Takuma et al. [8] showed that 
there is a minimum fill ratio required to accommodate a given heat input. The derived correlation between 
radial dry-out heat flux and fill ratio includes thermophysical fluid properties and the heated length as 
parameters (Fig. 9). 

Another limit, which occurs at high radial heat fluxes, is the boiling limit or burn-out limit. This limit is 
analogous to the critical heat flux in pool boiling. The TS operates in a nucleate boiling mode (plus 
evaporation from the condensate film); when the radial heat flux becomes too high, dry patches occur at the 
evaporator wall and ultimately a stable vapour film is formed and the wall temperature shoots up (burn-out). 
Correlations from pool boiling can be employed. A simple burn-out correlation from Lienhard and Dhir [9] 
which is derived for pool boiling is given in Fig. 9. This equation describes very well the lower part of the 
evaporator where pool boiling exists. For the evaporation from the condensate film this may be a rather 
rough assumption. 

The counter-current flow limitation (CCFL) is a limit for the axial heat transport (axial heat flux). This is the 
decisive limitation for higher fill ratios (>0.4) and for radial heat fluxes below the boiling limit, i.e. for large 
enough evaporator area. In Fig. 8, a typical picture for the occurrence of CCFL is shown. With increasing 
heat input, there is a change of flow pattern from pool boiling to churn flow to slug flow. The flow pattern 
strongly depends on fill ratio. In the churn flow regime there can also be non-steady (pulsating) operation by 
building up of a liquid plug at the condenser end which grows and after some time overcomes the holding 
force of surface tension and flows down as a film (e.g. in form of rivulets). Once the axial heat flux and 
consequently the vapour velocity is high enough, the shear stress induced in the condensate film can hold up 
the film and a hanging film can be formed at the evaporator exit. The liquid supply to the evaporator thus 
becomes insufficient or completely interrupted and burn-out occurs in the evaporator exit region. 

There is a great number of CCFL correlations in the literature [10-16]; a compilation from the textbook of 
Reay and Kew [10] is shown in Figs. 10, 11. All correlations, except that of Golobic and Gaspersic [17, 18] 
are based on the Kutateladze number and have the form qax,max = KL Ku with the latent heat parameter KL as 
a group of thermophysical fluid properties. They performed a comprehensive assessment of CCFL 
correlations and generated an own general correlation which includes, besides evaporator geometry (de,Le), 
only thermodynamic data of the fluid (Tc,pc), the Pitzner acentric factor ϖ and the molecular weight M, and 
which they claim can be used for all fluids. 

The properties group KL is plotted versus reduced temperature in Fig. 12 for a number of low and medium 
temperature working fluids. Based on experiments with water TS operated at low temperatures of 60 - 80 °C 
and R11 TS operated at 90 °C (Le/de about 30 - 50), a rule of thumb formula is shown which allows a first 
estimate of the maximum axial heat flux. Experimental data for water at these low temperatures showed 
rather high values of about 1.5 to 2 kW/cm2. If an extrapolation to higher temperatures were justified, very 
high axial heat fluxes would be possible, e.g. about 4.4 kW/cm2 at 180 °C and about 6.2 kW/cm2 at 245 °C 
(Fig. 12). 
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The ultimate performance limitation of TS is the CCFL (if the evaporator is large enough to avoid the boiling 
limit). Various designs have been developed to avoid the CCFL. One solution is the insertion of flow 
separators [19-21]. Performance improvements of 50 - 80 % could be obtained. Another solution is the 
looped TS (“separate type heat pipe”, see section 3.5). 

Comments on TS modelling. A number of empirical correlations are available to determine the performance 
limits. This holds especially for the CCFL. These correlations are good tools for order of magnitude 
calculations. One has to be careful when they are employed beyond the underlying experimental parameter 
range. 

The thermal network model is a good standard procedure for first design calculations. Suitable heat transfer 
correlations for the various thermal resistances (evaporator, condenser) have to be selected. The calculation 
precision strongly depends on the degree to which these correlations describe the physical situation. 

For more detailed and multidimensional calculations the Navier-Stokes equations are employed, along with 
models to describe special effects, like pulsations, geysering, hanging film. To my knowledge no 
comprehensive approach has been made so far. I am also not aware of any successful application of CFD 
codes. 

 

3. HISTORIC DEVELOPMENT 

3.1 History of Thermosyphons; Classical Patents 

The history of TS is closely related to the Perkins clan (Fig. 13, left). This was a family of great inventors of 
thermal devices, among them closed one- and two-phase thermosyphons. 

Jacobs Perkins (1766-1849) was born and lived in Massachusetts, USA. Among his 21 US and 19 UK 
patents was the vapour compression refrigerator (1834/35). Though the idea was older (Oliver Evans, 1805), 
he was the first to build one. He had many patents on generating steam for a number of processes, patents for 
furnaces, boilers, steam engines, apparatus for cooking, etc. He invented the closed two-phase 
thermosyphon, the “Perkins Tube”. The related patents of 1836 are mostly on single-phase loops for 
applications in cooling apparatus, steam engines, furnaces, boilers. In UK patent 7059 (1836) [22] the 
Perkins tube was explicitly included as a means to generate steam for steam engines for boilers (e.g. in 
locomotives, 1863 in France), for evaporation and boiling of fluids. One of the first major applications of the 
Perkins tube was in bread baking ovens. Fig. 13 (right, top) shows a gas-fired baking oven with 4 baking 
trays employing 4x20 Perkins tubes. Typically these Perkins tubes were made of thick-walled mild steel 
tubes and filled to about 1/3 of the total volume with water. 

Jacob Perkin’s son, Angier March Perkins (1799-1881) was born in Massachusetts, USA; he moved to 
London in 1827. He founded the company A. M. Perkins & Son. Among his 14 patents was the single-phase 
hermetic tube boiler (UK patent 6145 (1831), UK patent 8311 (1839)) [23, 24]. Fig. 13 (right, bottom) shows 
a Perkins hermetic tube boiler, consisting of a meandering wrought iron pipe, filled with water which had an 
operating pressure of up to 280 bar. Such boilers were employed to produce steam for locomotives in 
England already in 1836. 

His two sons Angier Greenleaf Perkins and Loftus Perkins were also engineers. The younger of the two sons 
of Loftus Perkins, Ludlow Patton Perkins (1873-1928), had various patents. The most important one in the 
context of heat pipes/thermosyphons is his patent, together with W. E. Buck, on “Improvement in Devices 
for the Diffusion or Transference of Heat” (UK patent 22272 (1892) [25]. There, as major new idea, the 
looped Perkins tube, was introduced. It was proposed to transport heat over long distances in relatively small 
tubes. The major improvement was to avoid CCFL. The looped Perkins tube is the predecessor of the 
“separate type heat heat pipe/thermosyphon” which found great attention in the 1980’s. The patent 
comprised a number of heating and heat removal applications of the straight (slightly elevated) Perkins tube 
and the looped Perkins tube (Figs. 14-16). Among others these were air heating by natural and forced 
convection, heating of a liquid tank, and space heating with a long looped Perkins tube. 

An extension and improvement of heat exchanger design with Perkins tubes was a finned Perkins tube heat 
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exchanger with a leak-tight separation wall between hot and cold gas streams and thus without cross 
contamination (Fig. 17, [26]). 

There is another old patent by S. W. E. Anderson on TS application for refrigeration [27]. However, this 
topic is related to an anti-gravity TS (see section 3.5). 

3.2 History of Heat Pipes; Classical Patents 

In the history of heat pipes there are three inventors. R. S. Gaugler of General Motors Comp. filed a patent in 
1942 (granted in 1944) on a heat transfer device which employed a capillary structure to suck liquid against 
gravity [28]. Fig. 18 shows a schematic of a refrigerator (Fig. 1 of the patent), where the refrigeration space 
is cooled by a heat pipe, which contains a thick wick (Figs. 3, 4, 5 of the patent) which is saturated with a 
refrigerant. The refrigerant is evaporated, the vapour flows down to an external cooling box with crushed ice, 
is condensed there, and the condensate is sucked back against gravity to be evaporated again. This potential 
heat pipe application was never realized, and the patent was forgotten. 

J. L. Trefethen of Tufts University, Medford, MA delivered in 1962 a technical report to General Electric’s 
Missile and Space Dept. “On the Surface-Tension Pumping of Liquids or, a Possible Role of the Candlewick 
in Space Exploration” (Fig. 19, [29]). His ideas and suggestions were not followed up and the report became 
public only in 1995 as an appendix to the proceedings of the 9th IHPC in Albuquerque, NM. 
 
In 1963, G. M. Grover of LANL (at that time LASL) independently invented the heat pipe [30]. It was only 
Grover and his team at LANL who built and tested for the first time heat pipes with sodium and water as 
working fluids, carried out the first satellite tests of water heat pipes and were at the front of liquid metal heat 
pipe r & d for the next decade. Fig. 20 shows part of Grover’s lab notebook where he stresses the heat 
transfer via capillary movement of fluids and the “pumping” action of surface tension, and a photo of Grover 
testing a sodium heat pipe. Grover’s patent (Fig. 21) shows a schematic of the operation principle of a heat 
pipe (Fig.1 of the patent) demonstrating the anti-g operation, along with experimental data from a sodium 
heat pipe (Fig. 2 of the patent). 
The first publication by Grover et al. on the heat pipe principle and experimental results with screen wick 
sodium heat pipes appeared in 1964 in J. Appl. Phys. [31] (Fig. 22). There the new heat transfer device is 
named “heat pipe” and is characterized by: “Within certain limitations on the manner of use, a heat pipe may 
be regarded as a synergistic engineering structure which is equivalent to a material having a thermal 
conductivity greatly exceeding that of any known material”. In Fig. 2 of the paper, we observe some excess 
liquid as a sump at the bottom of the vertical 30 cm long sodium heat pipe. Fig. 4 of the paper shows 
temperature profiles along the length of a 90 cm long slightly inclined (evaporator up) sodium heat pipe. We 
observe a non-condensable gas buffer (H2) at the condenser end. 
 
Grover was searching for an efficient heat transfer means for space applications, viz. heating and/or cooling 
of thermionic direct energy conversion devices in small spacecraft nuclear reactors. The temperature 
requirements were at a “high” level (~ 2000 K) for the cathodes and at a “low” level (~ 1000 K) for the 
anodes and the radiation heat sink, respectively. For the “low” temperature level, sodium was identified as 
suitable working fluid; for the “high” temperature level, which is beyond the range of lithium, lead and silver 
have been examined. In later thermionic reactor designs, heat pipe heating of thermionic converters was no 
longer considered. 

 
3.3 History of Heat Pipe Meetings and Conferences 

 
After the first heat pipe paper in 1964, this new idea was quickly taken up by various groups worldwide, and 
soon publications of these groups appeared in journals and at conferences. It is no surprise that heat pipe 
papers were first presented at thermionics conferences. Thermionic energy conversion was in the center of r 
& d for nuclear electric power generation for space vehicles. Thermionic converters had the prospect of 
higher efficiencies than thermoelectric converters (10 % vs. 5 %). The major conferences were the Int. Conf. 
on Electrical Power Generation and the IEEE Thermionic Specialist Conf. in the USA. As Peter Dunn 
recalls, it was at the 2nd Int. Conf. on Thermionic Electrical Power Generation in Stresa, 1968 where he, 
Grover, Busse and Groll discussed the necessity to establish an own heat pipe conference. It took 5 years till 
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that happened. In the years between, there was an enormous growth in publications, and various national and 
international meetings on heat pipes took place. At one of them, the European Round Table Discussion at 
Euratom Ispra in 1971, Busse, Dunn and Groll decided to finally start preparations for a first International 
Heat Pipe Conference which should be organized by IKE, University Stuttgart. In October 1973 this 
happened. 

 
The 1st IHPC started with 46 papers and 125 participants from 10 countries (Belgium, Czechoslovakia, 
France, Germany, Great Britain, Israel, Italy Netherlands USA, USSR) (Fig. 23). The IHPCs had a slow 
start, then after the 4th IHPC they took off and 1990, 1992 there were peaks in number of participants 
(Minsk, 1990: 205, Beijing, 1992: 210); the number of papers were also high: around 140 to 160 between 
1987 and 1995. The number of participating countries also rose, from 19/18 at Minsk/Beijing to 24 at the 
10th anniversary conference in Stuttgart, 1997. The number of participants, however, dropped and reached a 
low in Tokyo, 1999. Then there was an increase again both in number of participants and countries, with 
peak in Florianopolis, 2007 (270 participants from 25 countries). There was a sharp decline in Clemson, 
2010 with 115 participants from 17 countries. This was certainly a negative effect of the great crisis of the 
global capitalistic economy which hit many countries seriously in 2008/09. There was a significant recovery 
(concerning our IHPC, not of the worldwide economy) till the conference in Lyon, 2012 with 170 
participants from 27 countries. Now we celebrate the 17th IHPC, the 40 years Jubilee conference, with about 
130 participants from 20 countries (it is a pity that due to visa problems a few colleagues could not attend). 

 
Fig. 24 shows the cover page of the preprints of the 1st IHPC with the founding program committee 
members and a photo from the technical visit to IKE’s labs; it shows J. Kirkpatrick of NASA ARC 
discussing with the conference chairman M. Groll. NASA ARC was at that time and in the following couple 
of years the center of innovations for heat pipe thermal control techniques for satellite applications. There 
exists no photo of all five founding members, but in Fig. 25, there is a photo of G. M. Grover at the 2nd 
IHPC in Bologna. 

Besides the IHPCs, there are two other big international heat pipe oriented conferences. The International 
Heat Pipe Symposia which have been founded and are sponsored by the Japan Heat Pipe Association started 
in 1985 and had recently (July 2013) their 11th event. The IHPSs are fully dedicated to heat pipes. They are 
held in countries of the Pacific Rim Region. The Minsk International Seminars on Heat Pipes, Heat Pumps, 
Refrigerators, Power Sources started in 1993. They are organized by the Luikov Heat & Mass Transfer 
Institute of the Byelorussian Academy of Sciences. They are held in 2 to 3 year intervals in Minsk. The 8th 
event took place in 2011. 

3.4 Review Reports and Textbooks 

Besides a growing number of journal papers, there appeared soon after Grover et al.’s publication review 
reports and full-scale textbooks on heat pipes. Fig. 26 presents a list which is hopefully rather complete. 

3.5 History of Heat Pipe Science and Technology 

Major events and developments in heat pipe science and technology. Fig. 27 gives an overview on major 
events starting from J. Perkins’ single and two-phase TS till the latest major invention of the oscillating or 
pulsating heat pipes in 1990. Some major events in “modern” heat pipe development (after Grover’s 
invention) are discussed in more detail in this section. 

Temperature Control with Heat Pipes: Shortly after the invention of the heat pipe, first tests of water heat 
pipes with screen wicks were carried out onboard satellites [32, 33], and cryogenic fluids were employed in 
heat pipes [34]. In 1969, a patent was granted to Gray for a rotating heat pipe as hollow shaft of a gas turbine 
compressor (Fig. 28, left), [35, 36]. Other applications on cooling of electric rotors, turbine shafts, stators of 
electric motors, etc. followed [37-41]. Fig. 28 (right sight) shows another type of rotating heat pipe, as flat 
hollow disc for potential use to cool brakes [42]. 

A major area of r & d in the late 1960’s and 1970’s was the development of heat pipe temperature control 
techniques for satellite electronics cooling. The first gas-buffered VCHP was proposed by Wyatt in 1965 
[43]. Pioneer work was done by Turner [44], Bienert [45-47] and Marcus who wrote the first comprehensive 
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report on theory and design of VCPHs [48]. In the early and mid- 1970’s, there was an enormous 
development of novel designs and space testing of heat pipe temperature control elements, especially VCHPs 
and diode heat pipes. NASA ARC was pushing the development [49-51]. There were inhouse activities at 
NASA, but the main task was the support of ideas, mainly from companies, and the issuing and monitoring 
of respective r & d contracts. Major satellite experiments were the AHPE flown on the OAO-3 satellite in 
1972 [52, 53] and the ATFE flown on the ATS-F satellite in 1974 [54- 57]. 

Fig. 29 describes the principle of VCHPs. In a simple (non-feedback controlled) VCHP, the aim is to 
maintain the vapour temperature (and thereby essentially also the evaporator temperature) at a constant level, 
irrespective of heat input and boundary (heat sink) conditions. The standard technique is to add a non-
condensable gas (NCG) buffer to the heat pipe (Fig. 30). While the vapour temperature can to a high degree 
be kept constant, the more important heat source temperature (i.e. temperature of the component which has 
to be cooled) will inevitably rise with increasing heat input due to thermal conductance and resistance 
between component and heat pipe. To maintain the heat source temperature constant, the increasing 
temperature difference (for increasing heat load) between heat source and heat pipe has to be compensated 
by a respective reduction of the vapour (evaporator surface) temperature. To accomplish this, a feedback 
control system has to be employed (Fig. 31). The standard technique is again the employment of a NCG 
buffer. 

In Fig. 30, two examples of non-feedback controlled VCHPs with NCG buffer are shown. One is a gas 
controlled VCHP with cold wicked gas reservoir at the condenser end, with wick connection to the 
condenser. There are also VCHPs possible with non-wicked cold gas reservoir; their performance 
characteristics are inferior. The figure shows the vapour temperature profiles for various heat loads. 
Compared to an intermediate (reference) heat load, with a more or less steep vapour-gas front in the middle 
part of the condenser, for increasing heat load this front is pushed towards the reservoir, due to a slight 
increase in vapour temperature which causes an exponential increase in vapour pressure. Thereby the 
condenser is opened further, i.e. a larger condenser area becomes available for removing the higher heat load 
and thus the difference between vapour (condenser surface) temperature and sink temperature can be 
maintained. This means, for constant sink temperature, the vapour temperature will remain constant. On the 
other hand, when the heat load is decreased below the reference value, a minor vapour temperature drop and 
resulting vapour pressure drop allows the gas to expand towards the evaporator, thus blocking the condenser. 
The reduced condenser area will become just sufficient to maintain the same difference between vapour 
(condenser) temperature and sink temperature, and thus keep the vapour temperature constant. 

The other standard control technique employs a hot wickless reservoir inside the heat pipe evaporator. In Fig. 
30, a solution is shown where the gas reservoir is connected with the condenser end by a long thin 
connecting tube. The movement of the vapour-gas front with varying heat load is analogous to cold reservoir 
gas controlled VCHP. 

There are further techniques to achieve VCHP behaviour. In liquid controlled VCHPs [58], there can be a 
liquid reservoir in a bellows at the condenser end (variable volume of reservoir) which is controlled by 
external gas pressure. Or: the liquid reservoir (of constant volume) contains a NCG buffer for temperature 
control. Liquid control is also possible as (passive or active) feedback control. 

In Fig. 31, examples of active and passive feedback controlled VCHPs are shown. The most common design 
is the active (electrical) feedback control technique. By sensing the heat sink temperature, an electric heater 
at the wicked reservoir is activated for decreasing or deactivated for increasing heat input (shut down for 
maximum heat input). Thereby the NCG blocks the condenser to such a degree that the required vapour 
temperature is established to maintain the source temperature constant, viz. large temperature difference 
between heat source and vapour, ΔTHS-v, for high heat load and small temperature difference for low heat 
load. The shown passive (mechanical) feedback controlled VCHP employs a non-wicked NCG reservoir in a 
bellows. There is a capillary tube connection, filled with a thermal control fluid of high thermal expansion 
coefficient, between heat source and bellows, which allows to expand (maximum power condition, 
condenser wide open) or contract the bellows (minimum power condition, partly closed condenser) so that 
again ΔTHS-v is properly adjusted and THS remains constant. Other types of VCHPs are described in [59; 60-
64] and listed on Fig. 42. 
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Besides VCHPs, heat pipe thermal diodes are the most well known thermal control devices. Whereas a TS is 
by nature a thermal diode, in a wicked heat pipe, there will inevitably be a heat flow reversal once heat input 
(heat source) and output (heat sink) are interchanged. But a heat pipe can act quite similar like a TS, though 
with a smaller shut-down ratio. For different wick structures in evaporator (small capillary radius of the wick 
pores) and condenser (large capillary radius), the reverse heat flow can be quite small for horizontal and 
somewhat inclined heat pipe and become zero for vertical heat pipe of sufficient length (Fig. 32). 

Fig. 33 shows the two standard designs: liquid trap technique and liquid blockage technique [65, 66]. The 
liquid trap technique employs a wicked liquid reservoir (“trap”) at the evaporator end, without wick 
connection to the evaporator, but thermally well coupled to it. In the normal (forward mode) operation, the 
trap is empty; all liquid working fluid is in the operating heat pipe. Once heat source and heat sink are 
interchanged, i.e. heat input to condenser (condenser temperature above evaporator temperature), there will 
be at first a reverse heat pipe operation. The vapour will be condensed in both evaporator and trap. The 
condensate in the trap will remain there and after some time there is no longer sufficient liquid in the heat 
pipe and reverse heat pipe operation comes to a standstill. A minor reverse heat flow remains due to thermal 
conduction in heat pipe wall (and wick). 

The liquid blockage technique employs a wicked liquid reservoir at the condenser end of the heat pipe, 
without wick connection to the condenser, but thermally well coupled to it. In the normal (forward mode) 
operation, the liquid reservoir is filled with excess liquid. Upon interchange of heat source and heat sink, the 
liquid from the reservoir is evaporated and condensed in the evaporator, where it accumulates and ultimately 
blocks the evaporator (and part of the adiabatic section). Once the reservoir is dry, the only reverse heat flow 
is by thermal conduction in heat pipe wall and (partly) saturated wick and minor cycle of evaporation-
condensation between condenser and liquid plug surface. 

There are further diode designs [59], e.g. the blocking orifice diode [66, 67] (a modified liquid blockage 
technique) or gas controlled diodes [68, 69]. The efficiency of a thermal diode is characterized by shutdown 
time (time from start of shutdown till steady-state reverse flow is established), shutdown energy (thermal 
energy deposited in evaporator during shutdown period) and shutdown ratio (ratio of forward to reverse 
conductance). In a well designed diode, shutdown ratios well over 1000 can be obtained. 

Hybrid systems which combine VCHP and diode operation have also been developed [59; 68, 69]. Thermal 
diodes can also be operated as thermal switches [59; 70-73]. 

Two historic space applications of heat pipe thermal control techniques are shown in Fig. 34. The Ames Heat 
Pipe Experiment (AHPE) was flown onboard the OAO-3 satellite in 1972. It comprised a hot gas reservoir 
VCHP with slab wick (stainless steel-methanol). The Advanced Thermal Control Flight Experiment ATFE) 
was flown onboard the ATS-6 satellite in 1974. It comprised a combination of active feedback controlled 
VCHP, a PCM container (octadecane) as intermediate heat sink and a liquid blockage diode (axial groove 
heat pipe, stainless steel, ammonia). Under normal operation there is heat input to the system via the solar 
absorber and the diode to the PCM container as the heat sink, and the PCM melts. Once there is no solar 
irradiation, the VCHP extracts heat from the PCM container (the PCM solidifies) and transfers it to the 
VCHP condenser which is coupled to the radiator; from there the heat is radiated to space. The diode is shut 
down during this phase: the working fluid is evaporated from the reservoir and condensed in the diode 
evaporator which becomes then blocked by the condensate. With ATFE, all three thermal control elements 
could be successfully demonstrated. 

In the 1970’s, further innovative heat pipe designs were developed, mainly under NASA ARC contracts: the 
electro-hydrodynamic heat pipe [74-79], osmotic heat pipe [80, 81], various artery heat pipes and priming 
devices [82, 83], and the inverted meniscus heat pipe [84] the principle of which is employed in the 
evaporators of CPLs and LHPs (see below). 

Anti-gravity thermosyphons. In the first half of the 1970’s the idea of anti-gravity heat pipes (better: 
thermosyphons) for terrestrial applications found renewed interest (a first patent dates back to 1940 [27], 
especially in the UK and USA, later also in Italy and the USSR. Various designs have been proposed. Some 
of them are working intermittently (periodically), based on driving pressure differences (their operation is 
completely different from that of the also pressure gradient driven PHPs). Some are working continuously 
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with auxiliary power supply. In Fig. 35, one example of each design is shown. The intermittently operating 
anti-g TS with passive pumping module (PPM) [85-89] is provided with a liquid reservoir on top which is 
connected with the evaporator via a float valve and a check valve. In the operating phase, vapour is 
generated in the evaporator and the float valve is closed. The vapour flows down to the condenser where it is 
condensed and gives up its latent heat. The condensate is forced upwards back to the reservoir due to the 
high vapour pressure in the evaporator. The pressure difference pv(Te) pv(Tc) must overcome the hydrostatic 
pressure head ρl·g·(hres - hc). Once the evaporator is discharged (nearly empty), the float valve opens and the 
vapour pressures in evaporator and reservoir are equalized. Now the hydrostatic pressure head in the liquid 
line between reservoir and evaporator opens the check valve and the evaporator is refilled. Once the reservoir 
is empty and the check valve closed, the operating phase starts again [88]. A prototype system with R114 as 
working fluid was able to transport 1 kW over a height of 15 m with a temperature difference of 10 K and 
operating at a vapour pressure of 9 bar. 

The other system is a continuously operating anti-g TS with bubble pump (vapour lift pump) [90-92]. This 
vapour lift pump consists of a slender riser tube inside the TS, with its lower end immersed in the condensate 
pool, and with an aperture at the upper end which connects the tube with the annular evaporator. The vapour 
lift pump contains an electric heater in the riser tube which generates vapour bubbles. In the continuous 
operation, vapour generated in the evaporator flows down to the condenser, is condensed there, and the 
condensate is pumped back by the generated slug flow in the riser tube. The required heat input is small 
compared to the heat transferred through the TS. Typical performance data for water as working fluid in a 20 
mm diameter TS with riser tube diameter 10 mm are: axial heat fluxes of 1.2 kW/cm2 and 4 kW/cm2 for (lift 
height to pump length)-ratios a/b of 10 and 5, respectively. 

Capillary pumped loops (CPL) and loop heat pipes (LHP). These types of heat pipes have had a prominent 
position in recent IHPCs, also in the present one. Both employ high performance wicks (inverted meniscus 
principle) and have perfectly separated vapour and liquid flows, so no CCFL can occur. A liquid reservoir is 
provided to guarantee reliable start-up and power transients. In CPLs, the reservoir is separated from the 
evaporator. In LHPs, the reservoir is, in general, combined with the evaporator to form an integral evaporator 
compensation chamber unit (Fig. 35). For start-up, liquid has to be supplied to the evaporator. This can be 
accomplished by active heater control of the reservoir. While this is required for CPLs, it is not mandatory 
for LHPs. In terrestrial LHP applications, the compensation chamber can be separated from and arranged 
above the evaporator, thus improving the liquid supply to the evaporator. 

The concept of the CPL [93-96] is based on an idea of F. J. Stenger of NASA LeRC (1966) [93]. He 
introduced the concept and carried out first experimental investigations. The intention was to develop 
powerful heat transfer systems for space craft which would have a significantly higher performance than 
simple heat pipes and be a strong/superior competitor to mechanically pumped loops. Their operation would 
be passive, no rotary pumps would be required. In the 1970’s and 1980’s, an intense development took place, 
especially pushed by NASA GSFC and OAO company. First flight tests were carried out in the mid-1980’s: 
1985 and 1986 onboard Space Shuttle [94-96]. 

The LHP [97-102] was invented in 1972 by Yuri Gerasimov and Yuri Maydanik at the Ural Polytechnical 
Institute [97-99]. In a first period of development, the emphasis was on high performance evaporators which 
would allow to pump condensate against gravity (or in micro-gravity) for high heat loads. Both terrestrial 
and space applications were considered. In a second period in the mid-1980’s, space applications came into 
the main focus. First flight experiments took place in 1989 onboard spacecraft Horizont and Granat. The first 
operational LHPs were employed in 1994 onboard spacecraft Obzor and 1996 onboard spacecraft Mars 8. 
While the initial developments took place in the USSR and were not noticed outside, the situation changed 
drastically after the 7th IHPC in Minsk (1990) where a number of LHPs were presented in an exhibition. The 
interest of the international heat pipe community was enormous and immediately the LHP technology spread 
worldwide. In this third period of development, the applications were strictly space oriented. LHPs were 
developed in Europe, USA, Japan and, after the 8th IHPC in Beijing (1992) also in China. The first European 
flight experiments were in 1994 (TPX/G557) and in 1998 (TPX/G467), both onboard Space Station. In a 
fourth period of development, starting in the early 2000’s, the focus went to terrestrial applications. Mini 
LHP were developed for cooling of computer and other terrestrial electronics. Efficient and cheap prototypes 
are developed, and their commercial production seems to be coming soon [100-104]. 
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Typical performance data for high performance LHPs are: thermal resistance 0.05 K/W, heat transport 
capacity 1.5 kW/cm2, evaporator heat flux 1 kW/cm2, evaporator heat transfer coefficient 200 kW/m2K. 
Respective data for mini LHPs are: cylindrical evaporators with diameters < 8 mm, flat evaporators (disk-
shaped or rectangular) with thickness < 10 mm (diameters < 40 mm), vapour and liquid line diameters < 3 
mm, loop length 0.5 to 1 m, heat transport capability 50 Wm, thermal resistance 0.23 – 0.5 K/W [103]. Fig. 
37 [104] shows some high performance sintered metal wicks with different vapour groove arrangements. 
Especially fine wick structures with pore radii below 1 μm are obtained with nickel 

A figure of merit for CPLs and LHPs has been suggested by Dunbar and Cadell [105] to compare working 
fluids: FOM = σhfg

1.75ρv/μv
0.25. In addition, the gradient of the vapour pressure curve should be high, so that 

for a given difference between the temperature of the vapour in the evaporator and above the liquid-vapour 
interface in the reservoir or compensation chamber an appropriately high pressure difference is created to 
ensure displacement of the working fluid from the vapour line and condenser to the evaporator. 

Comments on CPL and LHP modelling. The modelling of CPL and LHP has improved over the years. 
Steady-state operation can well be simulated with lumped parameter models. Still a problem is the treatment 
of transient situations, like start-up and power transients. Simulation of start-up is especially complicated 
since there can be various (not known) starting conditions. Therefore, to guarantee proper start-up, one has to 
ensure that the evaporator is filled with liquid. For detailed analysis of the evaporator, a multi- dimensional 
approach is necessary: The treatment of start-up still seems to be a field where further research is required. 

Separate type heat pipes. For large-scale applications of TS in waste heat recovery systems, the “separate 
type heat pipe”, in fact a looped TS, has been developed and widely applied in Japan and China [106, 107] 
(Fig. 38). In this loop solution, the flows of vapour and liquid are completely separated, and thus CCFL is 
avoided. This system allows to arrange evaporator and condenser far apart from each other (condenser above 
evaporator), e.g. in industrial production halls. These systems are significantly more efficient than 
conventional heat pipe heat exchangers (see section 4.2). Different from the schematic shown in Fig. 38, 
large systems employ in reality not one but a number of vapour and liquid lines. Thereby a certain 
redundancy is obtained, which of course, cannot compete with the redundancy of conventional heat pipe heat 
exchangers with hundreds or thousands of independent heat transfer elements. The principle of the separate 
type heat pipe is already included in the patent of Perkins and Buck of 1892 [25]. 

Micro heat pipes. At the 5th IHPC in Tsukuba (1984), Cotter [108] presented the idea of a micro heat pipe 
which could find applications in micro electronics cooling, e.g. by directly etching micro channels into 
silicon chips. Cotter defined a micro heat pipe as “so small that the mean curvature of the liquid-vapour 
interface is comparable in magnitude to the reciprocal of the hydraulic radius of the total flow channel”, i.e. 
1/rc ~ 1/rh,v or rc ~ rh,v, in conventional heat pipes we have: rc << rh,v. Another definition is Bo <~ 2 [109] (Fig. 
39). Typical cross sections of micro heat pipes, as shown in Fig. 40, are circular, triangular or rectangular 
with sharp internal edges where, due to surface tension, liquid fillets can form and be pumped like in arteries. 

First experimental work was strongly supported by A. Itoh who built a number of metallic prototypes 
(Sterling silver, copper) which were tested in various labs [110-113]. Then a number of academic and 
industrial groups started to develop all kinds of small flat heat pipes, often as miniaturized grooved heat 
pipes where the individual grooves can be treated as micro heat pipes. Other designs employed micro-
machined or etched grooved surfaces in flat heat spreaders [114-116]. There have also been investigations of 
micro TS [117-119]. In vertically operating small diameter TS (diameter 1.5 mm), a slug flow pattern was 
observed with non-stationary operation and premature dry-out. By installing a small closed tube or wire 
inside the mini TS, the operation could be stabilized and a micro heat pipe operation with surface tension 
controlled condensate flow in the wedges could be established. 

Cotter presented an analytical model of micro heat pipe performance and obtained an expression for the 
maximum performance (capillary limit) of a micro heat pipe (Fig. 40). This model under-predicted the 
capillary limit. Other improved analytical models [109, 111, 120] provided reasonably well agreement with 
experimental data, as shown in Fig. 40. There have also been a number of further investigations where the 
Navier-Stokes equations were not only solved for the axial flows but also for the transverse liquid flow in the 
liquid wedges [121-127]. 
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Oscillating or pulsating heat pipes (OHP, PHP). The last big invention in heat pipe science and technology 
are the OHP or PHP which were invented by Akachi around 1990. His major patents are from 1990, 1993 
and 1996 [128-130]. These devices have found major research interest. They have opened the door to basic 
investigations on micro scale thermo-fluiddynamic phenomena of pulsating vapour bubble/liquid slug 
systems. A PHP is a most simple heat transfer device, however with very complex operational behaviour. It 
consists of a meandering capillary tube (or, in case of a flat plate PHP, a channel cut into the plate) and has 
no wick inside. It is partly filled with the working fluid. The near-optimum fill ratio is 50 % of the total 
volume. Due to the small diameter, the filled-in liquid distributes itself in a random way in liquid slugs and 
vapour plugs (elongated confined bubbles). The required diameter for surface tension dominated flow is dcr 
<~ 2 [σ/g (ρl-ρv)]0.5 or Bo <~ 2. The PHP can be designed either as an open loop (or closed end) system or as 
a closed loop (or open end) system: open loop PHP (OLPHP) or closed loop PHP (CLPHP). In the latter 
case, one or more check valves can be built in to guarantee a distinct flow direction (Fig. 41). Once there is 
heat input to the PHP, the generated temperature and pressure differences between evaporator and condenser 
induce oscillations of the liquid slug/vapour plug system. Frequency and amplitude depend on various 
parameters (PHP design, working fluid, orientation), notably on heat input. 

Many investigations on PHP performance have been carried out so far and there is still great interest in this 
topic [131-141]. CLPHPs show an especially interesting behaviour. In CLPHP, the operation mode can 
change significantly. With increasing heat input the slug/plug system is set into motion, as indicated by 
zones A, B in Fig. 41. The oscillations increase and change to circulatory slug flow which reverses direction 
in irregular intervals. Then the flow becomes unidirectional (zone C) and slug flow changes to semi-annular 
and annular flow in the hot branches and bubbly flow in the cold branches (zone D). Ultimately dry-out 
occurs (zone E). This change in flow pattern is accompanied by a drop of thermal resistance up till dry-out. 
The CLPHP performs best in a non-oscillating mode. Some photos in Fig. 41 illustrate the various flow 
patterns. 

A number of basic investigations on oscillating slug/plug flows have been carried out, with the aim to obtain 
an in-depth understanding of the complex thermo-fluiddynamics and to be able to predict PHP performance. 
More or less elaborate models have been established, but there is still no satisfying performance prediction 
possible [142-146]. A number of semi-empirical correlations have also been generated, however few have a 
solid physical basis. Moreover, their range of application is limited to the investigated experimental 
parameter range [137, 138]. The same limitations hold for the artificial neuronal network approach [147]. 
Some review articles have also been published over the years [148-152]. 

3.6 Systematic of Passive Liquid-Vapour Phase-Change Heat Transfer Devices 

In Fig. 42, a classification of passive liquid-vapour phase-change heat transfer devices is given based on the 
driving force field. A distinction is made between internal and external force field driven devices. External 
force field driven devices comprise the following. 

- Gravity driven devices are the open and closed two-phase TS, including supercritical TS and the anti-g 
TS with vapour lift pump. 

- Centrifugal field driven devices are the rotating heat pipes. 

- Electric field driven devices comprise electro-hydrodynamic and electro-osmotic heat pipes. 

- Magnetic field driven devices are the magnetic fluid heat pipes. In recent years, a number of 
investigations have been carried out with magnetic fluids in the frame of nanofluid heat pipes. Usually 
suspensions of water with added ferritic nanoparticles are employed, and the heat pipe is operated in a 
magnetic field which shall enhance the capillary action. 

- Internal force field driven devices comprise the following. 

- Surface tension driven devices comprise a number of different designs: constant and variable conductance 
heat pipes, heat pipe diodes, heat pipe thermal switches and heat pipe triodes. There are also the CPL and 
LHP which are provided with highly efficient wick structures, while the micro heat pipes possess no extra 
wick structure but are provided with a design-inherent capillary structure. 
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- Pressure gradient driven devices comprise the various types of PHP (OHP) and the intermittent/periodic 
operating anti-g TS. 

- Concentration field driven devices are the osmotic heat pipes. 

The terminology in this paper is not quite in agreement with this systematic. For reasons of simplicity and 
also because some terms have become common use, the word heat pipe is widely used, also in cases where 
closed two-phase TS would be correct. I hope on the leniency of heat pipe purists. 

 

4. HEAT PIPE / THERMOSYPHON APPLICATIONS 

Heat pipes have found a great variety of commercial application fields. Major fields are: 

- Permafrost stabilization in arctic zones, deicing of streets, snow removal from roofs in snow rich areas. 

- Heat exchangers for waste heat recovery comprise air conditioning, cooling of electronic cabinets of 
industrial production machines, heat recovery in industrial processes, power stations (combustion air pre-
heating, flue gas after-heating, etc.). 

- Cooling of electric and electronic components in terrestrial applications and aeronautic and satellite 
thermal control. 

- Isothermal inserts for tubular furnaces (furnace liners) are used for calibration of temperature sensors, for 
doping of semiconductor wafers and for annealing of small metallic parts. 

- Solar energy applications: heat pipes are used in solar collectors (usually copper/water heat pipes) and in 
or as solar receivers (usually sodium as working fluid). 

- Cooling of die-casting tools and injection moulds. 

- Thermal control of chemical reactors. 

- Passive emergency cooling of nuclear reactors under accident scenarios. 

Some examples from selected application fields are presented in the following sections. 

4.1 Permafrost Stabilization and Deicing of Streets [153-155] 

The Trans Alaska Oil Pipeline was built in 1975-1977 at a cost of 8 bio US$. It connects the oil fields of 
Proudhoe Bay with the ice-free port of Valdez, over a length of 1285 km (Fig. 43). It can transport about 35 
mio t/a in 1.22m diameter pipes. Part of the pipeline (~ 730 km) runs over permafrost soil which has to be 
stabilized to avoid pole jacking and possibly resulting cracks in the pipeline. For this purpose, over 130 000 
carbon steel/ammonia TS were employed. For this huge one-time heat pipe project, a manufacturing factory 
was established and disassembled after the job was done. Fig. 44 shows a stretch of installed TS, the pipeline 
resting on shoe slides which can move laterally on the support beam. The latter is attached to a pole on each 
side (steel cylinder with 0.46 m diameter and 9 to 23 m long). Inside each pole are two TS of similar length 
(51 mm and 38 mm outer and inner diameter, respectively) which are provided with a finned 4 to 8 ft long 
aluminum cooler on top. The ammonia fill charge forms a pool at the bottom of about 1 to 2 ft depth. The 
function of the TS is to subcool the permafrost in winter when the air temperature is much lower than the soil 
temperature. In summer, when air temperatures can be well above 20°C, there is no heat pipe action (TS acts 
as diode), so heat can only be transported by thermal conduction into the ground. The subcooled permafrost 
will not melt around the pole, so the pole will not sink into the ground and then be re-lifted in winter when 
the molten layer freezes again. Thus, pole jacking is avoided with no mechanical stresses on pipeline. 

Fig. 45 shows a rather recent similar application in China. The Qinghai-Tibet (Qingzang-Lhasa) rail-way has 
been built in two stretches. The first from Xining to Golmud was opened in 1984, the second from Golmud 
to Lhasa in 2006. This railway of 1956 km length is the highest in the world; maximum elevation is 5072 m. 
In some permafrost regions (length of about 500 km), two rows of mild steel/ammonia TS (total of about 10 
000) are embedded along each side of the track. 

Fig. 46 shows the installation of ice/snow melting TS systems on roads in the north of Japan, a snow-free 
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road and a snow-free parking lot where deicing TS systems have been installed. Various heat sources can be 
and are employed: geothermal energy from the relatively warm soil °C), hot springs and also fossil-fired 
water boilers. 

4.2 Heat Recovery 

Besides satellite thermal control, heat recovery became the first commercial application field. There are 
many different applications and a great variety of, mostly finned, TS are used (Fig. 47). In Fig. 47, the 
various advantageous features of TS heat exchangers (usually called heat pipe heat exchangers, HPHX) are 
also briefly described. One application field is the cooling of electronic and electrical controls of production 
machines which are sometimes operating in the vicinity of polluted air (dust, oil aerosols, etc.). To cool the 
air-tight electronics cabinet, HPHX are employed. HPHX for air conditioning in commercial or public 
buildings usually also employ aluminium/ refrigerant TS. For application in hospitals (surgery rooms), the 
gas-tight partition wall is especially favourable, because cross contamination between the air flows is 
prevented. The same is an important aspect when HPHX are employed in power stations in connection with 
flue gas cleaning (see below). In big HX for heat recovery in chemical, petrochemical, pharmaceutical and 
other industries and in power stations, usually 1.5 to 2 inch diameter carbon steel/water TS are employed. 
For higher hot side temperatures (around 380 °C or higher), organic fluids like toluene or diphenyl can be 
used. The development of HPHX has been mainly pushed by Q-dot Corp. [156,157]. 

Fig. 48 shows one of the early large scale HPHX applications [158]. It employs HPHX in an incineration 
plant in Vienna. The flue gas from two boilers undergoes first desulphurization. Then the cool gas has to be 
heated up to the operation temperature of the selective catalytic reactor (SCR) (~ 300 °C). To minimize the 
heating energy, a HPHX is installed in front of the SCR. There the cold flue gas is heated up from ~ 85 °C to 
~ 220 °C, then brought to ~ 300 °C via an afterburner. In the lower exit part of the HPHX the clean flue gas 
is cooled down from ~ 280 °C to ~ 150 °C, before entering another HX system where district heating water 
is heated up. Then the cold clean flue gas (~100 °C to 120 °C) enters the chimney. The HPHX contains 3000 
TS, each 10.5 m long. The TS are arranged in modules, as shown in Fig. 47. The gas streams from the two 
boilers are 240 000 Nm3/h, the heat duty is 19.2 MW. 

A blast furnace application is shown in Fig. 49. Both combustion air and combustion gas (low caloric value 
blast furnace gas) are preheated with flue gas from the cowper which then enters the chimney with about 120 
°C. In this application, the flow rates are about 145 000 Nm3/h for air preheating (heat duty 12.6 MW) and 
about 200 000 Nm3/h for gas preheating (heat duty 17.9 MW). 

4.3 Cooling of Electric Devices and Electronic Components 

A niche market for heat pipe technology is the cooling of electric motors. Among the various possibilities [7, 
10, 40, 159-162], rotor cooling via a hollow shaft (as in Gray’s 1969 patent) is one straight-forward solution. 
Fig. 50 shows two examples of rotor shaft cooling. The upper part shows the schematic of the rotor with heat 
pipe shaft of a 75 kW induction motor; the performance increase for same superheat of the insulation of the 
stator windings was 17 %. The lower part shows the photo of the rotor with heat pipe shaft of a 138 kW DC 
motor. In Fig. 51, a number of heat pipes for cooling of electronic components, e.g. CPUs in laptops are 
shown, partly with attached heat sinks. In general, such heat pipes are copper/water heat pipes of circular or 
flattened shape with outer diameters of 2 to 8 mm for micro electronics cooling and about 8 to 15 mm for 
power electronics cooling. Annually about 100 mio of these heat pipes are produced. In Fig. 52, an example 
of laptop CPU cooling is shown with two flattened heat pipes which are attached to the same fan-cooled heat 
sink. Another example shows the cooling of 8 transistors with one relatively big heat pipe. The other two 
examples show thyristor cooling. In one, two aluminium blocks with two copper/water heat pipes each are 
employed. A number of such thyristors are stacked in a rectifier pile for electric resistance brakes in electric 
locomotives. In the other example, two cooling blocks are employed with three heat pipes each which are 
provided with ceramic electric insulation parts. A dielectric working fluid (e.g. FC 72) is used in this case. 
Such electrically insulated heat pipe coolers are employed in traction drives. 

Flat mini/micro heat pipes are used in electronic packages. 3D electronic packages are attractive because 
they can be more densely packed than 2D packages. However there are some limitations. Existing 3D 
packages have no sufficient power dissipation capacity, they allow no flexible assembly technique (there is a 
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fix block sealed with epoxy). And consequently there is no modularity and interchangeability of slices. So 
the idea came up to develop in the frame of a multinational EU project a design characterized by following 
features: stacked structure with 3 layers, total thermal power dissipation 30 W (10 W per layer), possibility to 
integrate slices of different technologies, modularity and standardized interchangeability of slices, 
adaptability to liquid cooling, minimum possible volume and weight, and increase of reliability. The 
development was carried out by 5 companies (Thales (FR) as project coordinator, Alcatel/Space (FR), Nokia 
(FI), Electrovac (AT), Customs Interconnect (GB)) and 2 university institutes (INSA Lyon (FR) and IKE; 
University Stuttgart (DE)). The project was carried out from 2000 to 2003. Fig. 53 shows a summary of the 
results. Demonstrator slices were developed by Nokia for terrestrial, by Thales for avionics and by 
Alcatel/Space for space applications. The employed flat mini/micro heat pipe is made of AlSiC plates with 
overall dimensions 40x50x0.9 mm3. The capillary structure is made of two layered 325 mesh CuSn screens 
sintered to the heat pipe bottom plate. There is about 0.25 mm vapour space thickness left. Working fluid is 
water. The cross section of the package shows the solution with finned heat sink for convective air cooling. 
An option is to include one or two small heat pipes with 2 to 3 mm outer diameter in each of the 3 sections of 
the thermal path. The exploded view indicates that 2 sides of the stack are used for electric connection and 2 
sides for heat removal to the heat sink [163 - 165]. 

The present development of mini LHP for terrestrial electronics cooling of computers is characterized by 
copper/water or stainless steel/ammonia systems with powerful evaporator wicks. The designs presented in 
Fig. 54 are (clockwise): two Cu/H2O systems with flat evaporator (3 mm thick), power range 5-160 W; three 
StSt/NH3 systems with cylindrical evaporator (diameter 5 to 6 mm), power range 5-50 W; one StSt/NH3 
system with cylindrical evaporator (diameter 8 mm), power range 5-120 W, 2 m long flexible fluid line; 
three StSt/NH3 systems with flat evaporator (10 to 13 mm thick, diameter 30 mm), power range 10 to 100 W. 
Fluid lines have a diameter of 2 mm [104]. 

In another EU project (2005-2008), a LHP cooling system was developed for the seat electronic box (SEB) 
which is managing the in-flight entertainment (IFE) in long-distance commercial aircraft. The project 
companies were Thales (FR) as project coordinator, EHP (BE), Recaro (DE) and the academic institutions 
ITP, Ural Branch of Russian Academy of Sciences, INSA Lyon (FR) and IKE, University Stuttgart (DE) 
[166]. The cooling system comprised two mini LHP (Cu/R141b, power capacity 50 W per LHP). Fig. 55 
shows the two mini LHP, with the evaporators attached to two opposite sides of the SEB, and the condensers 
attached to the seat frame as heat sink [104]. 

Pulsating heat pipes have found applications in various electronic cooling tasks. Fig. 56 shows a number of 
examples: five forced convection air cooled Kenzan Fins with square base plates, one with a heat transport 
capability of 450 W, and one modified version, the Stereo-Type Heat Lane Heat Sink and a Kenzan Fin 
design as IGBT cooler. 

4.4 Liquid Metal Heat Pipes 

Liquid metals are used as working fluids in various niche applications. Fig. 57 shows two coaxial heat pipes 
with different black body cavities which are used as isothermal furnace liners for tubular furnaces. This 
combination of heat pipe with standard tubular furnace provides an excellent tool for calibration duties. 
Usual cavity emissivities are greater than 0.999. The heat pipe with the big cavity serves for pyrometer 
calibration; the small cavity contains a control thermometer. The multi-port black body is used for 
simultaneous calibration of different thermometers (thermistors, thermocouples) [167]. Such calibration 
devices can be employed in a wide temperature range, from about -50 °C (NH3 as working fluid) up to 1100 
°C (Na as working fluid). In the temperature range between, H2O and Cs are used. For even higher 
temperatures, up to about 1600 °C, Li is used. 

The Au-fixpoint black body is an excellent cost effective calibration device with very good isothermality (+- 
0.05 K) and temperature stability (+- 0.1 K). The photo shows the solidified chunk of gold with the aperture 
end of the graphite crucible. The latter is inserted in a super alloy/sodium coaxial heat pipe. In the photo of 
the complete system (upper part: box for black body, heating system and thermal insulation; lower part: box 
for electronics, heater control, etc.) one can see the end of the coaxial heat pipe protruding out of the upper 
box. 
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Besides calibration tasks, coaxial liquid metal heat pipes have also been developed for doping of Si wafers 
and annealing of small metallic parts. 

Liquid metals (mostly Na) have also been employed in high temperature solar power applications [167-169]. 
Fig. 58 shows a Na heat pipe receiver for the heater head of a V-type Stirling engine. The cavity receiver 
(inner diameter 180 mm, 270 mm length) consists of a coaxial heat pipe with a screen wick capillary 
structure; one end of the heat pipe is closed with a slightly conical ceramic part. The lower half of the outer 
heat pipe envelope is provided with helical grooves into which the He tubes of the Stirling engine heater 
head are fixed. The photo shows the complete Stirling engine-generator unit mounted in the focal spot of a 
10 kWel solar dish power station. About 950 hours of on-sun tests have been accumulated. The He 
temperatures were about 700 °C. Advantages of the heat pipe solution are more uniform heating of the He 
tubes and smoother operation of the Stirling engine, and improved system efficiency by about 10 %. 

4.5 Emergency Cooling of Nuclear Reactors 

In the context of the new generation of nuclear reactors (Gen 3 and 3+), inherently safe passive systems for 
emergency cooling, i.e. after reactor shutdown as a consequence of a severe accident (loss of coolant 
accident (LOCA) with brake of major coolant line) have become a high-priority topic, and such systems have 
been installed in all Gen 3/3+ reactors. All these passive devices operate automatically in case of a LOCA 
and allow to remove the decay heat from the shut down reactor without any auxiliary power. The idea of a 
heat pipe cooled core catcher is very old; it has already been discussed in the mid-1960’s. In the 1980’s, 
many studies have been performed worldwide [e.g. 170-172]. 

Fig. 59 shows a schematic of a pressurized water reactor with various heat removal systems which employ 
standard TS and looped TS (separate type heat pipes). The standard TS are employed for core catcher 
cooling and cooling of the wall of the reactor pit (system HP3 in Fig. 59, left side; elements 1a,b and 5,6 in 
Fig. 59, right side). These are carbon steel/water TS, the heat sink is an external water pond (18). For 
containment cooling a “loop heat pipe HX” (separate type heat pipe HX, closed two-phase TS) is employed 
(system HP1 in Fig. 59, left side). Two similar systems (HP2 and HP4) serve for internal cooling of the 
reactor pressure vessel and for cooling of the reactor cavity. Heat sink for HP1 is a roof top water reservoir 
(17). Flooding container and storage tank IRWST serve as heat sinks for HP2 and HP4. 

Two emergency cooling solutions for the ESBWR are shown in Figs. 60 and 61, viz. the passive containment 
cooling system (PCCS) and the isolation condenser system (ICS). The ESBWR is a further development of 
the ABWR, of which 11 systems have been built in Japan and two in the USA [173]. The ESBWR is in the 
final stage of certification. The pressurized water reactors AP 1000 and VVER 1000 have similar safety 
features. A number of VVER reactors are already operating in Russia and China, two have been built in 
India (the second one has been recently connected to the grid). The AP 1000 has been built in China, power 
stations are planned in USA and India. The two major emergency cooling systems (PCCS and ICS) have the 
following characteristics. 

ICS: After a steam line rupture, high pressure steam from the RPV is released to the isolation condensers 
inside the PCCS pool. The condensate flows back to the RPV and is re-evaporated. This system acts as 
closed looped two-phase TS. After the high pressure cooling phase, the steam relief valves (SRV) are 
automatically activated to depressurize the RPV. Then the released steam from the RPV is injected into the 
suppression pool via a direct connecting line and a nozzle system. In the following low pressure cooling 
phase, water from the GDCS pool flows into the RPV driven by gravity. 

PCCS: After steam line rupture, the released steam fills the containment. To avoid unacceptable pressure 
build-up, steam is guided to both the suppression pool and the PCCS HX inside the PCCS pool where it is 
condensed. The condensate flows into the GDCS pool. As soon as the RPV pressure is low enough (< 1 bar), 
water from the GDCS pool can flow into the RPV, driven by gravity, and is evaporated again. The 
PCCS/GDCS cycle acts as open two-phase TS. 



 

17 
 

5. SUMMARY AND CONCLUSIONS 

The gravity driven closed two-phase thermosyphons have been introduced and widely used already well over 
150 years ago (Perkins tubes). In our time, they are mainly employed in the field of heat exchange and heat 
recovery between/from gas and liquid flows. Open two-phase thermosyphons have found a small but 
important niche application in passive nuclear reactor safety of the new Generation 3/3+ reactors. The 
surface tension driven heat pipe has gained worldwide attention after its (re-)invention by Grover in 1963. 
From that time on the interest in the “new” heat pipe and “old” thermosyphon grew tremendously. It has 
been and is strongly supported by the soon established International Heat Pipe Conference series and other 
following international meetings. 

A multitude of heat pipe (also thermosyphon) designs have been developed for a great number of 
applications. But the good is sometimes the enemy of the better. There have been many cases (I know it from 
own experience) where superior heat transfer solutions with heat pipes have pushed engineers to improve 
and optimize existing systems so that the “better” heat pipe solution was put aside. However, heat pipes have 
conquered some application fields. This holds especially for thermal management duties in satellites. 
Satellite operation without heat pipes is no longer imaginable. The by far largest application (in numbers and 
money-wise) are copper/water heat pipes for cooling of (micro) electronic devices, especially in computers. 
These are mostly small cylindrical, flattened or thin flat plate heat pipes. For high performance applications, 
LHP and mini LHP are on the verge of becoming commercialized. 

One may think that after nearly 50 years of modern heat pipe science and technology the theoretical basis 
should be not only broad and solid, but there should also be widely applicable design tools available. This is, 
however, only partly the case. “Simple” heat pipes, including flat plate and mini/micro heat pipes, can be 
reasonably well calculated, though partly with substantial effort. It is not surprising that the more complex 
phenomena in CPL, LHP and especially PHP are not easy to handle. But even performance prediction of 
thermosyphons is still an open field. A lot of experimental data are available, and many (semi-)empirical 
correlations for heat transfer and for performance limits have been generated. However, they are in general 
only applicable in the narrow range of the underlying experimental conditions. A comprehensive critical 
assessment of the piled up knowledge would be a tedious but commendable task. 

For simulation of CPL and LHP performance, a lot of theoretical work has been performed. While models 
for steady state calculations seem to work well, the transient operation needs more attention. Here, as should 
be the usual case in engineering science, a close interaction of experimental and theoretical research is 
needed. 

The most challenging task in heat pipe theory is the treatment of the youngest child in the heat pipe family, 
the PHP or OHP. Though grown up by now, the PHP’s performance can still not be predicted. It seems that 
the extremely complex quasi-chaotic behaviour, coupled with various operation modes (especially in 
CLPHP) makes their modelling nearly impossible. Application of chaos theory and elementary use of 
conservation equations have largely failed. Some limited success could be attributed to semi-empirical 
correlations for the maximum heat transport capability which are well based on the physics of PHP. Their 
accuracy and range of application are however limited. Since a few years, activities are under way where the 
very basic phenomena in PHP are experimentally investigated, viz. pulsating flow of bubbles/bubble trains in 
adiabatic and heated micro/mini channels. Results from studies of flow boiling in micro/ mini channels can 
probably be adopted. In parallel refined theoretical modelling of the micro scale phenomena is carried out. 
But it will certainly be a long way till PHP performance can be well predicted. 

In summary one can say: There is for sure enough research and development work to be done in the future. 
This will certainly provide very valuable results and guarantee interesting coming IHPCs. 
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NOMENCLATURE 

A  cross section (m2) 

b  tortuosity factor (-) 

b*  width of axial groove ribs (m) 

D, d  diameter (m) 

Esd  shutdown energy (J) 

F  fill ratio, F = VL/VE (-) 

g  gravitational constant (m/s2) 

hfg, Δhlv latent heat of vaporization (J/kg) 

K  permeability (m2) 

K  thermal conductance (Fig. 32) (W/K) 

KL  latent heat parameter, (W/m2) 

KL  = hfg [ρv
2 (σ g (ρl - ρv)]0.25

k  thermal conductivity (W/(m*K)) 

L  length (m) 

L latent heat of vaporization (Figs.9, 12) 
 (J/kg) 

M  molecular weight (in Fig. 11) (kg/mol) 

P, p  pressure (Pa) 

pr  reduced pressure, pr = p/pcr (-) 

Q  heat flow, thermal power (W) 

q  heat flux (W/m2) 

R  radius (m) 

Rsd  shutdown ratio, Rsd = Kf /Kr      (-) 

R*  universal gas constant      (J/(mol*K) 

T  temperature (°C) 

Tr  reduced temperature, Tr = T/Tcr (-) 

t  time (s) 

V  volume (m3) 

v  velocity (m/s) 

w  groove width (m) 

Z  characteristic length (e.g. screen 

 mesh width, groove width) (m) 

z  axial coordinate (m) 
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Greek alphabets 

α  inclination angle (towards horizontal) (°) 

β  dimensionless geometry factor for micro heat pipes, β2 = Al/rcap(z)2 (-) 

γ  surface tension (Figs. 9, 12) (N/m) 

δ  groove depth, nucleation site radius (m) 

η  dynamic viscosity (Fig. 9) (Pa*s) 

μ   dynamic viscosity (Pa*s) 

ν kinematic viscosity, ν = μ/ρ (m2/s) 

ρ    density (kg/m3) 

σ    surface tension (N/m) 

τ  = 1 − Τr  (Fig. 10b) (-) 

ω   Pitzner acentric factor (Fig. 11), (-) 

ω = - lg(ps/pcr)Tr = 0.7

Θ  wetting angle (°) 

Subscripts 

ad  adiabatic 

ax  axial 

B  boiling limit 

c  condenser 

c  critical (Fig. 11) 

c  capillary limit (Fig. 5) 

cap  capillary 

cr  critical 

e, E  evaporator 

E  entrainment limit (Fig. 5) 

eff  effective 

f  forward (Fig. 32) 

gra  gravitational 

h, hyd hydraulic 

HS  heat source 

i  inner 

l, liq  liquid 

m  melting 

max  maximum 

o  evaporator exit (Fig. 5) 
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r  reverse (Fig. 32) 

rad  radial 

res  reservoir 

s, sat  saturation 

s  sonic limit (Fig. 5) 

sd  shutdown 

v  viscous limit (Fig. 5) 

v, vap  vapor 

Non-dimensional groups 

Bo Bond number, Bo=d[g(ρl-ρv)/σ]0.5 

Ku Kutateladze number, 

Ku   = hfg ρv
0.5[σg(ρl-ρv)]0.25 = qco/KL 

Re  Reynolds number, Re = ρvdh/μ 

We  Weber number, We = ρv v2 Z/(2πσ) 

Abbreviations 

ABWR: Advanced Boiling Water Reactor 

AHPE: Ames Heat Pipe Experiment 

AIAA: American Institute of Astronautics and Aeronautics 

ASME: American Society of Mechanical Engineers 

ATE: Applied Thermal Engineering 

ATFE: Advanced Thermal Control Flight Experiment 

ATS: Advanced Technology Satellite 

CCFL: Counter-Current Flow Limitation 

CPU: Central Processor Unit 

ESBWR: Economic Simplified Boiling Water Reactor 

EU: European Union 

GDCS: Gravity Driven Cooling System 

HPHX: Heat Pipe (Thermosyphon) Heat Exchanger 

HX: Heat Exchanger 

ICS: Isolation Condenser System 

ICTEPG: International Conference on Thermionic Electrical Power Generation 

IECEC: Intersociety Energy Conversion Engineering Conference 

IEEE TSC: IEEE Thermionic Specialist Conference 

IGBT: Insulated-Gate Bipolar Transistor 

IHPC: International Heat Pipe Conference 

IHPS: International Heat Pipe Symposium 

IJHMT: International Journal of Heat and Mass Transfer 

IKE: Institut fuer Kernenergetik & Energiesysteme (Institute for Nuclear Technology & Energy Systems), University Stuttgart 
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ITP: Institute of Thermal Physics, Ural Branch of Russian Academy of Sciences 

LANL: Los Alamos National Laboratory 

LASL: Los Alamos Scientific Laboratory 

NASA: National Aeronautics and Space Administration 

NASA ARC: NASA Ames Research Center 

NASA GSFC: NASA Goddard Space Flight Center 

NASA LeRC: NASA Lewis Research Center (now: NASA Glenn Research Center) 

NCG: Non-Condensable Gas 

OAO: Orbiting Astronomical Observatory 

OHP: Oscillating Heat Pipe 

PCCS: Passive Containment Cooling System 

PCM: Phase-Change Material 

PHP: Pulsating Heat Pipe 

RPV: Reactor Pressure Vessel 

SRV: Steam Relief Valve 
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FIG. 1: Heat pipe: schematic, operation principle, characteristics 

 

 
Fig. 2: Heat pipe: simple wick structures (1-3) and composite wick structures (4-13) 
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FIG. 3: Heat pipe: working fluids, operating temperature ranges, structural materials 

 

 
FIG. 4: Basic heat pipe equations 
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FIG. 5: Heat pipe performance limits: classical correlations 

 

 
FIG. 6: Heat pipe performance limits: qualitative graphical representation 
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FIG. 7: Closed two-phase TS: schematic, operation principle, heat transfer mechanisms 

 

 
FIG. 8: Closed two-phase TS: schematics of dry-out limitation (left) and CCFL (right) 
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FIG. 9: Closed two-phase TS: three performance limitations 

 
FIG. 10: Closed two-phase TS: CCFL correlations (from [10]) 
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FIG. 11: Closed two-phase TS: CCFL correlations (from [10]), continued 

 
FIG. 12: Closed two-phase TS: Maximum axial heat flux (CCFL); latent heat parameter KL of various 
working fluids 
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FIG. 13: The Perkins clan (left), baking oven with Perkins Tubes (right, top), Perkins Hermetic Tube Boiler 
(right, bottom) 

 
FIG. 14: Patent of L.P. Perkins and W.E. Buck: first page 
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FIG. 15: Patent of L.P. Perkins and W.E. Buck: air heating with bundle of Perkins Tubes 

 

 

 
FIG. 16: Patent of L.P. Perkins and W.E. Buck: heating of liquid tank with Perkins Tube (left); Looped 
Perkins Tube (right) 
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FIG. 17: Patent of F.W. Gay: “Heat pipe” heat exchanger with finned Perkins Tubes 

 

 
FIG. 18: Patent of R.S. Gaugler: schematic of refrigerator (FIG. 1); various wick designs (Figs. 3-5) 
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FIG. 19: Report of L. Trefethen: cover page and abstract 

 

 
FIG. 20: Lab notebook of G.M. Grover: page on heat pipe principle (left); Grover testing a Na heat pipe 
(right bottom) 
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FIG. 21: Patent of G.M. Grover: operation principle of heat pipe (FIG. 1); experimental results of Na heat 
pipe (FIG. 2) 

 

 
FIG. 22: First paper on heat pipes by G.M. Grover, T.P. Cotter and G.F. Erickson 
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FIG. 23: Statistics of IHPC 

 

 
FIG. 24: 1st IHPC in Stuttgart, 1973: cover page of preprints (left), photo of IKE lab visit (right) 
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FIG. 25: G.M. Grover at 2nd IHPC in Bologna, 1976 

 

 
FIG. 26: Review reports and textbooks on heat pipes 
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FIG. 27: Major events in heat pipe science and technology 

 

 

 
FIG. 28: Schematics of rotating heat pipes 
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FIG. 29: Principle of heat pipe temperature control 

 

 

 

 
FIG. 30: Non-feedback gas controlled VCHP: schematic and operation principle 
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FIG. 31: Feedback gas controlled VCHP: schematic and operation principle 

 

 
FIG. 32: Heat pipe thermal diodes: capillarity control (top) and gravity control (bottom) 
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FIG. 33: Heat pipe thermal diodes: liquid trap and liquid blockage technique 

 

 
FIG. 34: Temperature control experiments in space: AHPE (top), ATFE (bottom) 
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FIG. 35: Anti-g heat pipes: intermittent operation (left), vapour lift pump (right) 

 

 
 

FIG. 36: Schematics of CPL (left) and LHP (right) 
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FIG. 37: High performance wicks for LHP 

 

 
FIG. 38: Schematic of separate type heat pipe (loop TS) 
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FIG. 39: Micro heat pipe: definition, geometries 

 

 
FIG. 40: Micro heat pipe: performance data 
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FIG. 41: Pulsating heat pipes: operation principle, designs, thermo-hydraulic behaviour of CLPHP 

 

 
FIG. 42: Classification of passive liquid-vapour phase-change heat transfer devices 
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FIG. 43: Permafrost stabilization: Trans-Alaska oil pipeline 

 

 
FIG. 44: Permafrost stabilization: details of Trans-Alaska oil pipeline 
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FIG. 45: Permafrost stabilization: Qinghai-Tibet railway 

 

 
FIG. 46: Deicing of roads in Japan 
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FIG. 47: “Heat pipe” heat exchanger and samples of finned HPHX tubes; advantages of HPHX 

 
FIG. 48: HPHX system in incineration plant: schematic; heat pipe modules 
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FIG. 49: HPHX system in blast furnace plant. Schematic 

 

 

 
FIG. 50: Heat pipe cooled electric motors: view, schematic, performance increase 
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FIG. 51: Heat pipes for cooling of electronic components 

 

 
FIG. 52: Heat pipes for cooling of CPU, transistors, thyristors 
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FIG. 53: Heat pipe cooled modular 3D package (EU Project MCUBE) 

 

 
FIG. 54: Miniature LHP 
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FIG. 
FIG. 55: LHP for cooling of seat electronic box in commercial aircraft (EU Project COSEE) 

 

 
FIG. 56: PHP for electronics cooling 
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FIG. 57: Sodium heat pipe black bodies for calibration purposes 

 

 
FIG. 58: Sodium heat pipe receiver for solar dish power station 
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FIG. 59: Various heat pipe/thermosyphon systems for decay heat removal from a pressurized water reactor 

 

 
FIG. 60: Emergency cooling systems of ESBWR: PCCS/GDCS and ICS 
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FIG. 61: Emergency cooling systems of ESBWR: PCCS/GDCS and ICS 
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ABSRTACT 

An over review of adsorption-desoption cycles will be introduced. A non-equilibrium 
mathematical model to represent the dynamics of the coupled heat and mass transfer within the 
adsorption reactor of the adsorption cooling system will be detailed. The model is derived from 
the basic principles of the mass and energy balance relations for a differential element in the 
adsorption bed. This element includes the adsorbate phase, the adsorbent solid, and the 
refrigerant vapor phase. Moreover, the linear driving force (LDF) equation which represents the 
non-equilibrium adsorption kinetics is merged with the derived equations. The spatial variation 
of pressure in the bed is very small and can be neglected. Besides, the boundary interfaces 
equations are introduced as well. The presented mathematical equations are general and therefore 
can be used to simulate both the tubular and the flat bed reactor configurations. Furthermore, the 
real physical properties of the refrigerant can be used in the equations through the refrigerant 
equation of state or its tabulated thermodynamic properties. Therefore, any combination of the 
adsorbate and adsorbent pairs can be represented with the given model. 
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ABSTRACT 
The heat pipe performance not only depends on the geometry parameters such as pipe wall thickness, pipe material 

but also depends on the working fluid thermo properties such as viscosity, latent heat and vacuum pressure etc. This 

article is based on the capillary wick theory to develop a friendly user software for the simulation of the heat pipe 

performance (HPPS), the program include various setting of the heat pipe material geometry parameters, different 

working fluids, the vacuum pressure, filling ratio, operating temperature etc. An experimental maximum heat transfer 

measurements in vertical heat pipe at different vacuum pressure and filling ratio was taken. The experimental result is 

also compared with the simulation, the impact of those parameters on the heat pipe performance is also discussed. 

The experiment results shown for water working fluid, the maximum heat transfer is 150W while the optimal 

filling ratio is 25% . If the working fluid is methanol, the maximum heat transfer is 130W while ithe optimal filling ratio 

is 20%. the prediction error is within10%. Theoretically, in high vacuum pressure (Pvac<10
-2

 torr), when the NCG 

pressure increase ten times torr, the maximum heat transfer rate will decreased 20W. In low vacuum pressure (Pvac>10
-2

 

torr), when the NCG pressure increase ten times torr, the maximum heat transfer rate will decreased more than 

30W.The error between experimaental result and theoretical value are within 20%. The HPPS software designed is 

hopefully to provide the industry's a very friendly program to predict maximum heat transfer of the heat pipe. 

 

KEYWORDS 
Heat Pipe、Maximum heat transfer、Vacuum pressure、Filling ratio 

 

1. INTRODUCTION 
heat pipe design [1,2,3] depends on its vacuum pressure, filling ratio, and working fluid thermal 

properties etc., uptodate, except SINDA software, there is no auxillary heat pipe design program that is used 

in industry. Among them, the theory of the filling ratio as well as the effect of the vacuum pressure of the 

heat pipe are always eagerly want to find out from the researchers. Therefore, the current heat pipe design by 

industry are often using a large number of experimental data to build up a correction equation, and then 

obtain the maximum heat transfer rate, the process is very time-consuming and easy to result in big errors. 

To overcome this problem, we developed a heat pipe performance simulation software namely HPPS 

through a capillary wick theory, In the meantime, we measured the wick heat pipe's and thermosyphon heat 

pipe's maximum heat transfer rate at different filling ratio and different vacuum pressure [7,8]. The object of 

this study is trying to find out the optimal working fluid filling ratio and evaluate the feasibility and accuracy 

of the HPPS software. 

2. Theoretical Model 

2.1 Heat pipe capillary restrictions 
To avoid heat pipe dry out, the maximum capillary force (ΔPC) must overcome the following three 

pressure resistances: 

1. The pressure drop of the vapor fluid stream from  evaporator to condenser; ΔPv 

2. The pressure drop of the liquid fluid from condenser to evaporator; ΔPl  

3. The pressure drop caused from gravitational force, the value depends on the tilt angle of the heat pipe 

could be positive, negative or zero.。 

4. The mathematical expression is:  ∆𝑃𝐶 ≥ ∆𝑃𝑣 + ∆𝑃𝑙 + ∆𝑃𝑔. . . (𝐸2.1) 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  

Minsk, Belarus, 07-10 September, 2015  

2 

 

2.2 The effect of vacuum pressure on the heat pipe maximum heat transfer rate. 
Vacuum pressure means the non-condensable gas (NCG) remains in the heat pipe when the heat pipe was 

made. The larger the NCG, the more difficult for the liquid fluid vaporized. Therefore, considering the NCG 

exists in the pipe, the original equation need to add another NCG pressure resistance term; ΔPNCG: 

 Δ𝑃𝐶 ≥ ∆𝑃𝑣 + ∆𝑃𝑙 + ∆𝑃𝑔 + ∆𝑃𝑁𝐶𝐺 . . . (𝐸2.2)  

Rearrange (E2.2):  ∆𝑃𝐶 − ∆𝑃𝑔 − ∆𝑃𝑁𝐶𝐺 ≥ ∆𝑃𝑣 + ∆𝑃𝑙 . . . (𝐸2.3) 

2.3 Capillary wick theory:  

Capillary pressure drop of the heat pipeΔPC can be simplified represented by (E2.4) ∆P𝐶 =
2𝜎𝑙

𝑟𝑤
… (𝐸2.4) 

In (E2.3), ΔPl is the pressure drop due to the liquid flow, which is the sum of the pressure drop of ΔPl,w that 

is caused by the wick structure and the pressure drop of ΔPl,c that is caused by the liquid flow in the vapor 

column. ΔPl,w can be obtained from Darcy’s Law; (E2.5a): 

 ∆P𝑙,𝑤 = [ln (
𝐷𝐻𝑃,𝑖

𝐷𝑖
)] ×

𝑓𝑤×𝜇𝑙×�̇�𝑙

2𝜋𝜌𝑙𝐿𝐶𝐾𝑤
… (𝐸2.5𝑎) 

In there, fw is the liquid mass flow rate correction factor of Darcy’s Law; while ΔPl,c can be obtained from 

Hagen-Poisuille equation (E2.5b): 

∆𝑃𝑙,𝑐 = 𝑓𝑙 (
𝐿𝑒𝑓𝑓

R𝑖
) (

𝜌𝑙�̅�𝑙
2

2
) … (𝐸2.5𝑏)  

In (E2.5b), fl is the friction factor of the liquid flow in the vapor column of the heat pipe. The gravitational 

pressure drop can be represented by (E2.6), while the vapor pressure drop due to the vapor flow in the vapor 

column of the heat pipe can be represented by (E2.7): 

 ∆𝑃𝑔 = 𝜌𝑙𝑔𝐿𝑒𝑓𝑓𝑠𝑖𝑛𝜃 … (𝐸2.6)  

 ∆𝑃𝑣 = 𝑓𝑣(
𝐿𝑒𝑓𝑓

𝑅𝑖
)(

𝜌𝑣�̅�𝑣
2

2
) … (𝐸2.7)

 
In (E2.7), fv is the friction factor of the vapor flow in the vapor column of the heat pipe. Define the vapor 

Reynold number and the liquid Reynold number in the heat pipe as the (E2.8) and (E2.9): 

𝑅𝑒,𝑙 = (
𝜌𝑙�̅�𝑙𝐿𝐶

𝜇𝑙
) … (𝐸2.8) 𝑅𝑒,𝑣 = (

𝜌𝑣�̅�𝑣𝐿𝑒

𝜇𝑣
) … (𝐸2.9) 

The liquid mass flow rate and the vapor mass flow rate as the (E2.10) and (E2.11): 

 �̇�𝑙 =  ρ𝑙�̅�𝑙 𝐴𝑤 … (𝐸2.10); �̇�𝑣 =  ρ𝑣�̅�𝑣 𝐴𝑖 … (E2.11) 

Plug (E2.5a),(E2.5b),(E2.6),(E2.7),(E2.8),(E2.9) ,(E2.10),(E2.11) into (E2.3)and obtain (E2.12): 

2𝜎𝑙

𝑟𝑤
− 𝜌𝑙𝑔𝐿𝑒𝑓𝑓𝑠𝑖𝑛𝜃 − ∆𝑃𝑁𝐶𝐺 

= ln (
𝐷𝐻𝑃,𝑖

𝐷𝑖
) ×

𝑓𝑤 × 𝜇𝑙 × �̇�𝑙

2𝜋𝜌𝑙𝐿𝐶𝐾𝑤
+ 𝑓𝑙 (

𝐿𝑒𝑓𝑓𝜇𝑙𝑅𝑒,𝑙

D𝑖𝐿𝐶
) (

�̇�𝑙

𝜌𝑙𝐴𝑤
) + 𝑓𝑣 (

𝐿𝑒𝑓𝑓𝜇𝑣𝑅𝑒,𝑣

D𝑖𝐿𝑒
) (

�̇�𝑣

𝜌𝑣𝐴𝑖
) (E2.12) 

At the steady state flow, the mass flow rate of the vapor condensed must equal to that of the liquid vaporized 

mass flow rate, therefore, 

 �̇� = �̇�𝑙 = �̇�𝑣 =
Q̇𝑚𝑎𝑥,𝑇𝑜𝑝

ℎ𝑓𝑔,𝑇𝑜𝑝

… (E2.12a),  

in which, hfg,Top is the latent heat of the working fluid at operating temperature; Top. assume  

fl Re,l = fv Re,v = f...(E2.12b), f’= f /fw...(E2.12c), plug (E2.12a), (E2.12b), (E2.12c) into (E2.12), the 

maximumheat transfer rate of the heat pipe at operating temperature Top; �̇�𝑚𝑎𝑥,𝑇𝑜𝑝 is obtained:  
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�̇�𝑚𝑎𝑥,𝑇𝑜𝑝 =
(

1
𝑓𝑤

) × (
2𝜎𝑙

𝑟𝑤
− 𝜌𝑙𝑔𝐿𝑒𝑓𝑓𝑠𝑖𝑛𝜃 − ∆𝑃𝑁𝐶𝐺) × ℎ𝑓𝑔,𝑇𝑜𝑝

− ∆𝑃𝑁𝐶𝐺

𝜇𝑙 ln (
𝐷𝐻𝑃,𝑖

𝐷𝑖
)

2𝜋𝜌𝑙𝐿𝐶𝐾𝑤
+ 𝑓𝑙 (

𝐿𝑒𝑓𝑓

𝐿𝐶
) (

𝜇𝑙

𝜌𝑙
) (

1
D𝑖𝐴𝑤

) + 𝑓𝑣 (
𝐿𝑒𝑓𝑓

𝐿𝑒
) (

𝜇𝑣

𝜌𝑣
) (

1
D𝑖𝐴𝑖

)

… . (E2.13) 

Defin: 𝑡𝑒𝑟𝑚0 = 𝜌𝑙𝑔𝐿𝑒𝑓𝑓𝑠𝑖𝑛𝜃, term1 =
2𝜎𝑙

𝑟𝑤
, term2 =

𝜇𝑙 ln(
𝐷𝐻𝑃,𝑖

𝐷𝑖
)

2𝜋𝜌𝑙𝐿𝐶𝐾𝑤
, term3 = (

𝐿𝑒𝑓𝑓

𝐿𝐶
) (

𝜇𝑙

𝜌𝑙
) (

1

D𝑖𝐴𝑤
), 

term4 = (
𝐿𝑒𝑓𝑓

𝐿𝑒
) (

𝜇𝑣

𝜌𝑣
) (

1

D𝑖𝐴𝑖
), 𝑇𝑒𝑟𝑚_𝑛 =

1

𝑓𝑤
, ∆𝑃𝐶𝑔 = ∆𝑃𝐶 − ∆𝑃𝑔 =

2𝜎𝑙

𝑟𝑤
−𝜌𝑙𝑔𝐿𝑒𝑓𝑓𝑠𝑖𝑛𝜃 

𝑀_𝑡𝑒𝑟𝑚 = {𝑡𝑒𝑟𝑚2 + 𝑓′[𝑡𝑒𝑟𝑚3 + 𝑡𝑒𝑟𝑚4]} … (E2.14)  

Rearrange and considering without any NCG(ΔPNCG=0), the maximum heat tranfer rate; at Top is : �̇�𝑚𝑎𝑥,𝑇𝑜𝑝,0 

�̇�𝑚𝑎𝑥,𝑇𝑜𝑝,0 =
(𝑇𝑒𝑟𝑚_𝑛)×(∆𝑃𝐶𝑔)×ℎ𝑓𝑔,𝑇𝑜𝑝

(𝑀_𝑡𝑒𝑟𝑚)
… (𝐸2.15)  

If considering NCG, the maximum heat transfer equation turn to be (E2.16) 

�̇�𝑚𝑎𝑥,𝑇𝑜𝑝 =
(𝑇𝑒𝑟𝑚_𝑛)×(∆𝑃𝐶𝑔−∆𝑃𝑁𝐶𝐺)×ℎ𝑓𝑔,𝑇𝑜𝑝

(𝑀_𝑡𝑒𝑟𝑚)
… (𝐸2.16)  

Plug (E2.15) into (E2.16), the maximum heat transfer rate with NCGcan be represented by (E2.17): 

�̇�𝑚𝑎𝑥,𝑇𝑜𝑝
= �̇�𝑚𝑎𝑥,𝑇𝑜𝑝,0 (1 −

∆𝑃𝑁𝐶𝐺

∆𝑃𝐶𝑔
) … (𝐸2.17) 

However, (E2.17) is a very ideal condition, If taken into account when the interaction force between each of 

the non-condensable gas and vapor molecules of the working fluid,  (E2.17) can be revised to be: 

 �̇�𝑚𝑎𝑥,𝑇𝑜𝑝 = �̇�𝑚𝑎𝑥,𝑇𝑜𝑝,0 (1 −
𝑓𝑁𝐶𝐺∆𝑃𝑁𝐶𝐺

∆𝑃𝐶𝑔
) … (E2.18) 

In (E2.18), fNCG is the vacuum pressure correction factor, which is related with the working fluid, vapor 

specific volume and temperature. let x =
𝑓𝑁𝐶𝐺∆𝑃𝑁𝐶𝐺

∆𝑃𝐶𝑔
 , and throug Taylor series expansion: 𝑒−𝑥 = 1 + (−x) +

(−𝑥)2

2!
+ ⋯；hence 1 −  x = 1 − 𝑓𝑁𝐶𝐺

∆𝑃𝑁𝐶𝐺

∆𝑃𝐶𝑔
= 𝑒

−𝑓𝑁𝐶𝐺(
∆𝑃𝑁𝐶𝐺

∆𝑃𝐶𝑔
)

… (𝐸2.19) ，   

therefore, the maximum heat transfer rate with NCG equation can be represented by (E2.20): 

�̇�𝑚𝑎𝑥,𝑇𝑂𝑃
= �̇�𝑚𝑎𝑥,𝑇𝑂𝑃,0 × 𝑒

−𝑓𝑁𝐶𝐺(
∆𝑃𝑁𝐶𝐺
∆𝑃𝐶𝑔

)
… (𝐸2.20) 

2.4 Vacuum pressure correction factor's definition and its calculation 

By molecular dynamics theory, assuming fNCG is inversely proportional to the vapor specific volume and 

proportional to temperature. Water for example, when the water in the 0℃, the vapor number will be 

minimum, and frequency of collisions between vapor molecular and NCG is also the smallest, the force of 

their mutual pulling almost zero, so there is no need for any pressure amendment at this moment, the 

pressure correlation factor can be define as standard value; fNCG,1=1. When the temperature increases,  the 

vapor molecular number will increase as well.  At this moment, there must exist correlation factor  between 

water vapor molecular and NCG. the factor in this status is fNCG,2. The relation between correction factor 

fNCG,2 and the standard value fNCG,1 can be simplified shown as the following equation: 

𝑓𝑁𝐶𝐺 ,2 = 𝑓𝑁𝐶𝐺 ,1 (
𝑉𝑠𝑝,1

2

𝑉𝑠𝑝,2
2) (

𝑇2

𝑇1
 ) … (𝐸2.21) 

The specific volume of the water vapor at 0℃(T1=273K) is Vsp,1=206.13 m
3
/Kg. So, for any kind of the 

working fluid, as long as the operating temperature T2 and its specific volume Vsp, 2, are known, the 

corresponding fNCG,2 value can be calculated by (E.2.21). 
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2.5 Theoretically calculation of optimal filling ratio (OFR) of heat pipe 

Calculate the optimal filling ratio of heat pipe has long been plagued by industry. Theoretically, too low 

of inventory cannot let liquid back to the evaporator, while too high of inventory doesn't easily to make 

liquid vaporized. The filling ratio range of thermosyphon heat pipe could be range from 0.2 to 0.7. For the 

wick structure heat pipe, filling ratio normally exceeds the porosity volume of the wick be the best.  But how 

much of the filling ratio is the optimal for all kinds of heat pipe would be a very challenge topic.  The theory 

of this study is based on all the gases are ideal gas under a vacuum condition. Figure 1 is the calculation 

process. Assume the minimum filling ratio is 0.2, then calculate the inventory amount from (E2.22): 

minventory = Mf,max × 𝐹𝑅% … (𝐸2.22) 

Calculate the specific volume of the working fluid in the heat pipe by using the inventory and the total void 

volume of the heat pipe, the vapor quality is calculated by (E2.23): 

𝑉𝑡𝑜𝑡,𝑣𝑜𝑖𝑑

minventory
= 𝑉𝑠𝑝 = 𝑉𝑓 + 𝑋(𝑉𝑔 − 𝑉𝑓) … (𝐸2.23) 

Calculate real vapor mass of heat pipe; mv,exp (E2.24) and vapor occupied volume in the heat pipe (E2.25): 

m𝑣,𝑒𝑥𝑝 = minventory × 𝑋 … (𝐸2.24) 

𝑉𝑡𝑜𝑡,(𝑣𝑎𝑝𝑜𝑟) = 𝑉𝑡𝑜𝑡,𝑣𝑜𝑖𝑑 × (1 − 𝐹𝑅) … (𝐸2.25) 

Calculate the saturated vapor pressure of the working fluid at the operating temperature; Pv,sat and calculate 

the theoretical vapor mass from the ideal gas law; mv,theory: 

Pv,sat𝑉𝑡𝑜𝑡,(𝑣𝑎𝑝𝑜𝑟) =
𝑚𝑣,𝑡ℎ𝑒𝑜𝑟𝑦

𝑀
�̅�𝑇𝑜𝑝 … (𝐸2.26) 

Calculate the error between the theoretical vapor mass and the real vapor mass of the heat pipe:  

𝐸𝑅𝑅(%) =
𝑚𝑣,𝑡ℎ𝑒𝑜𝑟𝑦 − 𝑚𝑣,𝑒𝑥𝑝

𝑚𝑣,𝑡ℎ𝑒𝑜𝑟𝑦
× 100% … (𝐸2.27) 

(E2.26) is an important basis for the decision of the amount of the heat tube is filled. Different filling ratio 

caused different error, and therefore the optimum filling ratio must be present in the minimum of the error 

value. The calculation flow chart is shown as in Figure 1. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Select wick structure heat pipe or thermosyphon heat pipe 

 

Select operating temperature Top 

Set Filling ratio range; FR(initial)=0.2, FR(final)=0.7, and filling ratio increment ΔFR(step)= 

0.01,Calculate the filled working fluid mass of heat pipe; minventory by (E2.22) 

Calculate vapor quality X of heat pipe by  (E2.23) 

Calculate real vapor mass of heat pipe; mv,exp by (E2.24) 

Calculate theoretical vapor mass of heat pipe; mv,theory by (E2.26) 

Calculate ERR(%) by (E2.27); FR=FR+ΔFR 

Stop when FR(final) is reached;  

Select the minimum ERRvalue FR(%) be an optimal filling ratio (OFR);  

The optimal filling amount; Moptim is then be calculated by (E2.22) 

Figure1. Flow chart for calculation of the optimal filling ratio 
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2.6 Calculation of liquid mass flow rate correction factor Term_n in wick structure heat pipe 
According to (E2.13), the heat pipe maximum heat transfer rate is strongly related with its mass flow 

rate and the filling ratio of heat pipe, its impact factor shown as Term_n. Assuming optimum filling amount 

of the heat pipe has been calculated for Moptim, For the case of the wick structure heat pipe, Mpore is liquid 

mass filling in wick pore, while Mf,max is the total maximum liquid mass fill in the heat pipe. In accordance 

with how much the filling amount, the heat pipe is divided into three segments as following: 

 Term_n =
MASS(i)+Mpore

𝑀𝑜𝑝𝑡𝑖𝑚
  𝑓𝑜𝑟 𝑀𝐴𝑆𝑆(𝑖) ≤ 𝑀𝑝𝑜𝑟𝑒      

 Term_n =
MASS(i)

𝑀𝑜𝑝𝑡𝑖𝑚
  𝑓𝑜𝑟 𝑀𝑝𝑜𝑟𝑒 ≤  𝑀𝐴𝑆𝑆(𝑖) ≤ 𝑀𝑜𝑝𝑡𝑖𝑚  

 Term_n = ln (
𝑀𝑓,𝑚𝑎𝑥

𝑀𝐴𝑆𝑆(𝑖)
)  𝑓𝑜𝑟 𝑀𝑜𝑝𝑡𝑖𝑚 ≤ 𝑀𝐴𝑆𝑆(𝑖) ≤ 𝑀𝑓,𝑚𝑎𝑥 

Fig. 2 is the schematic diagram of Term_n  in each segment of wick heat pipe: 

 

 

 

 

 

 

2.7 Calculation of liquid mass flow rate correction factor Term_n in thermosyphon heat pipe 

The biggest difference for the thermosyphon heat pipe and wick structure heat pipe is that there is no pore 

exist the thermosyphon heat pipe. Therefore, Mpore=0, the heat pipe is divided into two segments as following: 

Term_n =
MASS(i)

𝑀𝑜𝑝𝑡𝑖𝑚

  𝑓𝑜𝑟 𝑀𝐴𝑆𝑆(𝑖) ≤ 𝑀𝑜𝑝𝑡𝑖𝑚 

Term_n =
M𝑓,𝑚𝑎𝑥−𝑀𝐴𝑆𝑆(𝑖)

𝑀𝐴𝑆𝑆(𝑖)
 𝑓𝑜𝑟 𝑀𝑜𝑝𝑡𝑖𝑚 ≤ 𝑀𝐴𝑆𝑆(𝑖) ≤ 𝑀𝑓,𝑚𝑎𝑥  

Fig. 3 is the schematic diagram of Term_n  in each segment of thermosyphon heat pipe: 

 

 

 

 

 

 

2.8 Calculation of heat pipe processing correction factor f'  
In (E2.14), there is a parameter, f', called heat pipe processing correction factor. f' is the most important 

parameter which affect the Qmax very much, the larger the f', the less the Qmax. The factors which affect f' 

include pipe friction coefficient, process methods, equipment efficiency etc.. Unfortunately, f' factor can not 

be predicted theoretically. This paper proposed a bold hypothesis: If the same manufacturer produce heat 

pipe with the same process, then f ' must be the same. It also indicating that this factor is experience value 

when manufacture the heat pipe. f'  can also be expressed as the quality of the indicators of the heat pipe, the 

smaller the f' value, the better the quality of heat pipe, and Qmax would be closer to the theoretical maximum 

value. Theoretically, the minimum value of f' is 1. During manufacturing process, as long as the acquisition 

of  any one set of data which include heat pipe geometry,  working fluid thermal parameters and Qmax, f' is 

then calculated from (E2.13).  This f' factor is accompanied with the manufacturing process, equipment, 

material etc.. In another word, f' will not change unless change of the process methods. Whenever the 

process is changed, the f' value need to re-calculate again. 

3. Experimental measurement and Equipment   

3.1 Experiment measuring equipment and instruments 

Term_n = MASS(i)/𝑀𝑜𝑝𝑡𝑖𝑚 

Fig.2. schematic diagram of Term_n  in each segment of wick heat pipe 
MASS=0 Mpore Moptim Mf,max 

Term_n = (MASS(i) + M𝑝𝑜𝑟𝑒)/𝑀𝑜𝑝𝑡𝑖𝑚  
Term_n = ln(M𝑓,𝑚𝑎𝑥/(𝑀𝐴𝑆𝑆(𝑖)) 

MASS=0 Moptim Mf,max 

Term_n = MASS(i)/𝑀𝑜𝑝𝑡𝑖𝑚  Term_n = (M𝑓,𝑚𝑎𝑥 − 𝑀𝐴𝑆𝑆(𝑖))/(𝑀𝐴𝑆𝑆(𝑖) 

Fig.3. schematic diagram of Term_n  in each segment of thermosyphon heat pipe 
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The heat pipe performance curve was measured at a constant adiabatic temperature (for instance: 50℃). 

The heat pipe performance curve measurement flow chart was shown as in Fig. 4. The schematic diagram of 

the test facility include a DC power supply, thermostat, flowmeter, heat pipe test platform and a PLC used to 

keep adiabatic temperature constant. Fig. 5 showed a tipical case for the maximum heat loading of the 

thermosyphon heat pipe occurred at 80W with operating temperature Top=50℃.   

 

 

 

 

 

 

 

 

 

 

4. Results and Discussion 

4-1 Comparison of experimental and theoretical maximum heat transfer rate of the 

thermosyphon heat pipe at different filling ratio 
Figure 6 is trend of heat transfer rate with respect to filling ratio of Al/H2O thermosyphon heat pipe. 

Table 1 is the relationship between Qmax and FR(%) for the Al/H2O thermosyphon heat pipe. Experimental 

results show that at  operating temperature Top=50℃, the optimum filling ratio is 0.2. theoretical calculation 

for fNCG=480.7, while optimal filling ratio OFR=0.2, f' =1797 for the case of ACL manufacture process. 

Table 1 also shows that all the errors are within 10% except at FR=0.35 which error is upto 21.2%. the error 

is defined as :  

 

 

 

 

 

 

 

 

 

 
Table 2 is the relationship between Qmax and FR(%) for the Al/CH3OH thermosyphon heat pipe. 

Experimental results show that at operating temperature Top=50℃ , the optimum filling ratio is 0.2. 

theoretical calculation for fNCG=416.2, while optimal filling ratio OFR=0.25, f' =6238. Table 2 also shows 

that all the errors are within 20% except at FR=0.30 which error is 36.2%. Figure 7 is trend of heat transfer 

rate with respect to filling ratio of Al/CH3OH thermosyphon heat pipe. 

 

 

 

 

 

 

 

 

 

Fig.4 Flow chart for heat pipe performance  measurement 

Table 1. Maximum heat transfer rate comparison  

between experimental and theoretical for Al/H2O 

thermosyphon heat pipe at different filling ratio, Top= 50

℃, fNCG =480.7, f’=1797, OFRtheory =0.2, △PNCG=10
-4 

torr 

Err(%) = [(Q𝑚𝑎𝑥,𝑒𝑥𝑝 − Q𝑚𝑎𝑥,𝑡ℎ𝑒𝑜𝑟𝑦) ⁄ Q𝑚𝑎𝑥,𝑒𝑥𝑝 ] × 100% 

 

Fig. 6 Trend of heat transfer rate with respect to filling 

ratio for Al/H2O thermosyphon heat pipe 

 

Q
m

ax
 (

W
) 

FR(%) 

Table 2. Maximum heat transfer rate comparison  

between experimental and theoretical for Al/CH3OH  

thermosyphon heat pipe at different filling ratio, Top= 50

℃,fNCG =416.2, f’=6238, OFRtheory =0.25, △PNCG=10
-4 

torr 

mInventory (g) 15 22 29.2 36.5 63.7 

FR(%) 10 15 20 25 30 

Qmax,exp(W) 80 100 130 110 80 

Qmax,theory (W) 66.5 97.8 130 126 109 

Err (%) 16.8 2.2 0 14.5 36.5 

 

Fig. 7 Trend of heat transfer rate with respect to filling 

ratio for Al/CH3OH thermosyphon heat pipe 

 
FR(%) 

Q
m

ax
 (

W
) 

mInventory (g) 27.3 36.4 45.5 54.6 63.7 

FR(%) 15 20 25 30 35 

Qmax,exp(W) 80 110 150 130 90 

Qmax,theory (W) 77.5 103.4 150 130.7 114 

Err (%) 3.2 6.2 0 0.5 21.2 

 

T
( ℃

) 

 

Q(W) 

Fig.5 Performance curve of thermosyphon 

heatpipe at Top=50℃ 
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4-2 Comparison of experimental and theoretical maximum heat transfer rate of the 

thermosyphon heat pipe at different vacuum pressure 
Table3 is maximum heat transfer rate comparison  between experimental and theoretical for Al/H2O 

thermosyphon heat pipe at different vacuum pressure, the operating condition is all the same as in table 1. 

The experimental results show that when the vacuum pressure higher than 10
-2

 torr, theoretically, when 

pressure increase 10 torr, Qmax will reduce 5W, however, the experiment result reduces 20W, the error value 

is within 10%; When at low vacuum pressure (Pvac< 10
-2

 torr), theoretically, vacuum pressure increase 10 torr, 

Qmax will reduce 65W, but the experiment shows decreased 30W, the error is around 20%. When the vacuum 

pressure is greater than 1 torr, the experiment can not successfully start, then it should rely on conduction of 

heat pipe wall transmission, rather than the latent heat of phase change. Figure 8 is the heat transfer rate at 

different vacuum pressure for an Al/H2O thermosyphon heat pipe. Table 3 and Figure 8 implying that  for an 

thermosyphon heat pipe, the vacuum pressure  should keep  as within 10
-2

 torr as possible, whenever the 

vacuum pressure is greater than this value will cause the heat pipe heat transfer rate sharply decline. 

1.  

2.  

 

 

 

 

 

 

 

Table 4 is maximum heat transfer rate comparison  between experimental and theoretical for Al/CH3OH 

thermosyphon heat pipe at different vacuum pressure, the operating condition is all the same as in table 2. 

The experimental results show that when the vacuum pressure higher than 10
-2

 torr, theoretically, when 

pressure increase 10 torr, Qmax will reduce 1W, however, the experiment result reduces 10W, the error value 

is within 10%; When at low vacuum pressure (Pvac< 10
-2

 torr), theoretically, vacuum pressure increase 10 torr, 

Qmax will reduce 60W, but the experiment shows decreased 40W, the error is around 15%. When the vacuum 

pressure is greater than 1 torr, the experiment can not successfully start. Figure 9 is the heat transfer rate at 

different vacuum pressure for an Al/CH3OH thermosyphon heat pipe. For an thermosyphon heat pipe, the 

vacuum pressure  should keep  as within 10
-2

 torr as possible too.  

 

 

 

 

 

 

 

 

 

5. Conclusion 

1. HPPS software use f' correction factor characteristic to calculate the heat transfer rate of heat pipe 

effectively and build up the relation between heat pipe geometry (length, radius, Kw, rw) and working 

fluid thermodynamic properties. The smaller f ' value, the larger heat transfer rate of the heat pipe. 

2. Optimum filling ratio of heat pipes (Moptim) has a great impact on the maximum heat transfer rate of heat 

pipe, hence, to calculate Qmax, one need to determine the optimum filling ratio in different working fluids 

and different operating temperatures. 

Pvac (torr) １ 10
-1

 10
-2

 10
-3

 10
-4

 

Qmax,exp (W) Fail to 

start 

80 110 130 150 

Qmax,theory (W) 0.03 70.4 134 145 150 

Err (%) - 12.2 20.8 11.2 0 

Pvac  (torr) 1 10
-1

 10
-2

 10
-3

 10
-4

 

Qmax,exp (W) Fail to 

start 

60 100 120 130 

Qmaxtheory (W) 0.01 55.3 117.4 129 130 

Err (%) - 8.34 14.8 6.9 0 

Table3 Maximum heat transfer rate comparison  

between experimental and theoretical for Al/H2O 

thermosyphon heat pipe at different vacuum pressure; 

TOP=50℃,fNCG =480.7, f’=1797,OFRtheory =0.2 

Fig. 8 Heat transfer rate at different vacuum pressure 

for an Al/H2O thermosyphon heat pipe 

 Vacuum pressure (Torr) 

Q
m

ax
 (

W
) 

10
-2 

torr 

Table 4 Maximum heat transfer rate comparison  

between experimental and theoretical for Al/CH3OH 

thermosyphon heat pipe at different vacuum pressure;  

Top=50℃, fNCG=416.2, f’=6238, OFRtheory=0.25,  

Fig.9 Heat transfer rate at different vacuum pressure 

for an Al/CH2OH thermosyphon heat pipe 

 Vacuum pressure (Torr) 

Q
m

ax
(W

) 

10
-2 

torr 



IX Minsk International Seminar “Heat Pipes, Heat Pumps, Refrigerators, Power Sources”,  

Minsk, Belarus, 07-10 September, 2015  

8 

 

3. The aluminum / water heat pipe (length 860mm) is made by ACL, the optimum filling rate is 25%, the 

maximum heat transfer rate is 150W; while for aluminum / methanol heat pipe (length 860mm), the 

optimum filling rate is 20%, and the maximum heat transfer rate is 130W. 

4. Vacuum pressure has a great influence on the maximum heat transfer rate of the heat pipe. If vacuum 

pressure is larger than 1 torr, the Al/H2O thermosyphon heat pipe will not start. In this study, we propose 

vacuum pressure of  thermosyphon heat pipe as less than 10-2 torr as possible, while for Wick heat pipe, 

vacuum pressure as less than 1 torr as possible. 
5. HPPS heat pipe simulation software can accurately estimate the optimum filling ratio of heat pipe theoretically. 

The error of the Qmax between experimental data and theoretical data are less than 20%. 

6. From the theoretical analysis, the methods of increasing heat transfer rate of heat pipe include: 

(a) To increase the inner diameter of heat pipe Di 

(b) To increase operating temperature Top 

(c) At the condition of constant heat pipe total length, increase length of condenser section, or increase length 

of evaporator section 

(d) Try to reduce heat pipe processing correction factor f’ by improve the manufacture processes. 

Nomenclature  
Symbol Description 

Aw Cross section area of the wick structure 

Ai Cross section area of vapor column, m
2
 

DHP,i Inner diameter of heat pipe, m  

Di Vapor column diameter of heat pipe, m 

f Fluid friction coefficient in heat pipe 

f’ Fluid correction friction factor (f’= f/fw) 

fl Liquid friction coefficient 

fNCG Vacuum pressure correction factor 

fv Vapor friction coefficient 

fw Liquid mass flow rate correction factor 

FR Filling Ratio,% 

g Acceleration of gravity, m/s
2
 

hfg,Top 
Latent heat of working fluid at operating 

temperature Top, KJ/Kg 

Kw Permeability of wick structure (m
2
) 

Lc Length of condenser section, m 

Le Length of evaporator section, m 

Leff Effective length of heat pipe, m 

M Molecular weight, g/mole 

Mf,max The maximum heat pipe liquid inventory  

minventory Fluid inventory in heat pipe, kg 

�̇�𝑙 Liquid mass flow rate in heat pipe, kg/s 

�̇�𝑣 Vapor mass flow rate in heat pipe, kg/s 

Mpore 
Fluid mass which filled cavities of the 

wick structure, kg 

Moptim Optimal filling inventory, kg 

Mv,exp Real vapor mass in heat pipe, kg 

mv,theory Theoretical vapor mass in heat pipe, Kg 

OFR Optimal Filling Ratio,% 

Q̇ Heat transfer rate, W 

Q̇𝑚𝑎𝑥  Maximum heat transfer rate, W 

Q̇𝑚𝑎𝑥,𝑇𝑜𝑝
 Maximum heat transfer rate at Top, W 

Q̇𝑚𝑎𝑥,𝑇𝑜𝑝,0
 Maximum heat transfer rate at Top and 

without any NCG, W  

Symbol Description 

Pv,sat Saturated vapor pressure at Top, kPa 

�̅� Gas constant, 8.314KJ/Kg,K 

Ri vapor column radius, m. 

Re,l Liquid Reynold number 

Re,v Vapor Reynold number 

rw Wick radius, m 

Te Evaporator temperature, ℃ 

Top Operating temperature,℃ 

Vf Saturated liquid specific volume, m
3
/Kg 

Vg Saturated vapor specific volume, m
3
/Kg 

Vsp Liquid specific volume, m
3
/kg 

Vtot,vapor 
The vapor occupy volume when heat pipe is at 

a certain FR, m
3
 

�̅�𝑙 Liquid velocity in heat pipe, m/s 

�̅�𝑣 Vapor velocity in heat pipe, m/s 

Vtot,void Total void volume of heat pipe, m
3
 

ΔPC Pressure drop due to capillary structure, kPa 

ΔPCg =ΔPC - ΔPg 

ΔPg Pressure drop due to gravitation, kPa 

ΔPl 
Pressure drop due to liquid flow from 

condenser to evaporator, kPa 

ΔPlw Pressure drop due to liquid flow in the wick  

ΔPl,c 
Pressure drop due to liquid flow in vapor 

column, kPa 

ΔPNCG Pressure drop due to non-condensable gas 

ΔPv 
Pressure drop due to vapor flow in vapor 

column, kPa 

ΔTop Temperature increased from Top, ℃ 

X Vapor quality 

σl Surface tension (N/m) 

θ Tilt angle of heat pipe  

μl Liquid viscosity, N·s/m
2
 

μv Vapor viscosity, N·s/m
2
 

ρl Liquid density, kg /m
3
 

ρv Vapor density, kg /m
3
 

ϕ Diameter, mm 
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